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Abstract

The design-related behaviour of structural dynamics for electric-assisted bicycle (e-bike)
drive units significantly influences the mechanical system—e.g., vibrations and durability,
stresses and loads, or functionality and comfort. Identifying the underlying mechanical
principles opens up optimisation possibilities, such as improved e-bike design and user
experience. Despite its potential to enhance the system, the structural dynamics of the drive
unit have received little research attention to date. To improve the current situation, this
paper uses a flexible multibody modelling approach, enabling new insights through virtual
trials and analyses that are not feasible solely from measurements. The incorporation of
the drive unit’s system-level topology regarding mass, moment of inertia, stiffness, and
damping enables the analysis of critical system states. Experiments accompany the analysis
and validate the model by demonstrating a load-dependent shift of the first torsional mode
around 35 Hz to 60 Hz, capturing comparable resonance frequency ranges up to 6 kHz, and
yielding qualitatively consistent peak positions in both steady-state and ramp-up analyses
(mean deviations of 0.03% and 0.06%, respectively). Theoretical considerations of the
multibody system highlight the effects, and the stated modelling restrictions make the
method’s limitations transparent. The key findings are that the drive unit’s structural
dynamic behaviour exhibits solely one structural mode until 0.5 kHz, and further 27 modes
up to 10 kHz, solely originating due to the multibody arrangement of the drivetrain. These
modes are also load-dependent and lead to resonances during operation. In summary,
the approach enables engineers, for the first time, to significantly improve the structural
dynamics of the e-bike drive unit using a full-scale system model.

Keywords: flexible multibody dynamics; e-bike drive unit; structural dynamics; modal
analysis; system-level approach; surrogate modelling

1. Introduction

By 2025, the e-bike drive is an indispensable and well-established means of trans-
portation, evident by a 53% share of bicycle sales in Germany in the previous year [1] and
globally increasing market trends [2]. Current peak variants are able to produce a torque of
at least 100 N m at 750 W with an increasing trend [3,4]. The e-bike drive unit consists of
a highly integrated design, including the electric motor, the gear stages, any freewheels,
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the sensors, and the electronics. Its housing is directly located within the bicycle frame,
which leads to a direct transmission of any forces or motions from the drive unit. As a con-
sequence, the structural dynamics of the drive unit have a decisive influence on the entire
bicycle system in terms of vibration and durability, stresses and loads, and functionality
and comfort. For instance, any excitation originating from the drive unit is transmitted
through the transfer path of the frame and perceived by the rider in the form of noise,
vibrations, or harshness [5], e.g., influencing the ride comfort. Similarly, a freewheel may
alter the system behaviour [6] such that the mechanical functionality may be influenced or
vibrations arise with all its consequences.

High-fidelity system simulations that consider structural dynamics are state of the
art in the automotive sector [7,8], but there is a lack of methods and tools in the bicycle
industry. For example, the testing procedures of current norms and regulations are solely
based on measurement techniques [9-11].

Currently, no validated and robust system model exists that represents these structural
dynamics for the e-bike drive unit—to the best of our knowledge. Current knowledge in
this field is predominantly based on personal experience and measurement techniques.
As a consequence, the internal mechanisms and structural dynamics of the e-bike drive
unit system remain insufficiently investigated. Either complex interactions are not known,
or analyses are not feasible solely by measurements. As a result, the manufactures face
challenges for determining comfort-related topics such as noise, vibration, and harshness,
for predicting the component durability related to dynamic stresses and loads, and for
evaluating requests related to innovative designs and functionalities. A computer-assisted
simulation analysis of the entire system allows us to gain these insights or—at least—to
significantly contribute to them.

Moreover, developing a system model and applying a highly-fidelity system simula-
tion enable virtual prototyping, which facilitates system analysis and accelerates product
development [12,13]. For instance, a design concept can be tested virtually, the influ-
ence of a single component or parameter can be identified, and the primary interactions
determined based on sensitivities. Flexible multibody simulation represents a key method-
ology for analysing the system-level dynamic behaviour. Next to analysing the dynamic
behaviour of automotive applications [7,8], it can be used to identify the system-level
response under electromagnetic excitation [14], to assess critical and undesired component
mode shapes [15], or to enable structural design optimisation [16] (to mention a few).

For clarity, Figure 1 introduces the referenced e-bike drive unit system, which is
developed as a simulation model in this work.

Gearstages (x2) Clutch ~ Dearings

Outputshaft Intermediate
(2 x shaft)

shaft

Housing

Chainring Rotor shaft

(@) (b) (0)
Figure 1. Holistic e-bike drive unit as a flexible multibody dynamic model. (a) Visible rotational

components of the drivetrain. (b) Subsystem declarations of the assembly indicated by different
colours. (c) Illustration of the total system.

The scope of this paper is to present a comprehensive system-level model of the e-bike
drive unit based on flexible multibody dynamic simulation (as indicated in Figure 1) and to
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report novel results regarding its structural dynamic behaviour. The methodology and
results are based upon previous work, which deals with the general methodology [5],
the freewheel mechanics [6], and the validation procedure [17]. In this paper, these aspects
are integrated and further developed, allowing us to complement the modelling and gain
new insights into the structural dynamics of e-bike drive units.

2. Materials and Methods

This work relies on the methodology presented in previous studies, which is based on
a flexible multibody dynamics (MBD) approach [5]. It is augmented by the latest modelling
and numerical considerations, the revealed topology, and the verification and validation
related to the e-bike drive unit.

2.1. Theory of Flexible Multibody Dynamics

From a methodological point of view, flexible MBD modelling enables a suitable
balance between high-fidelity model resolution and reduced computational effort. This
balance is necessary, since the consideration of transient dynamics entails a large number of
equations and limited parallelisation opportunities, so that computational operations must
be reduced to achieve efficient calculation. This is accomplished in a preprocessing step
based on the finite element method (FEM), in which the inherent structural flexibility of a
component is transformed into a modal reduced representation using component mode
synthesis (CMS), in particular, according to Craig-Bampton with subsequent orthonor-
malisation. Thereby, the associated reduction in degrees of freedom consequently reduces
the number of arithmetic operations to be performed. The exchange medium from FEM
to MBD is called the modal neutral file (MNF) and provides reduced modal data for the
flexible body in a unit-consistent form.

Based on the floating frame of reference formulation (FFRF), the representation in the
MBD is a superposition of the rigid motion and the relative (small) deformation resulting
in the actual position r, using global coordinates

1, = 10 + Ay, + Apu(tp) , 1)
~~ SN~ S——
rigid translation  rigid rotation relative elastic deformation

where 1 is the rigid translation, r, the undeformed body-referred position, and A, the
rotation matrix in the inertial system. To efficiently calculate the elastic deformation and
approximate a solution, the approach of the product method is applied. It allows us to
separate the relative deformation u into location-dependent (¥) and time-dependent (qy)
components [18], resulting in

N
u(ry) ~¥(r) qf = ) ;- (qp)i )
i=1

where ; denotes the i-th mode-shape vector. This decomposition constitutes a Rayleigh—
Ritz approximation to reduce the number of degrees of freedom N while retaining an
accurate description of the dynamic behaviour [19]. The Craig-Bampton method is then
used to obtain the location-dependent components. It partitions the basis as ¥ = [¥con ¥int],
with the generalised coordinates q = [qcon qint}T [19]. Here, ¥ on contains the constraint
(static) modes associated with the physical interface degrees of freedom qcon, While qint
contains the fixed-interface normal modes with modal coordinates qint. Equation (2)
inserted in (1) results in the following representation of r, with additional first and second
derivatives [20]
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rp, =rg + Ap (I‘b +Y qf> ®3)
Ip =ip + Ay - (I‘b +¥ qf> + ApY qf 4)
it =to+ Ap- (1o +¥as) + 2A0Y 45 + ALY 4y 5)

This allows us to consider a flexible representation for a single body. To scale the
formula to a namely multibody system, the generalised coordinates are used and also
separated into the rigid and flexible components [21]

q= [qr qf}T 6)

]" and

with, e.g., the rigid component of position and rotation angle u, = [x, v}, 2 ¢p Py 0
the change in shape represented through the modal coordinates us = [ gp,1 ... qb,N]T. The
equation of motion containing several coupled substructures, such as flexible bodies, can

be written in the following format [22]
Mq + Cq + Kq — Qext 4 Qil‘lt 4 QCODSt (7)

where the generalised representation Q% contains the external excitation forces, th the
Coriolis, centrifugal forces, and Qconst the constraint forces [22]. Considering a flexible
structure and using the FFRF formulation with the partition from Equation (6), Equation (7)
turns into the following block representation, which is derived from [21]

M M G 0 0 ) 0 0 .
rr rf qr] + qr |f]r ] — Oext int const
. @B ||. |+ (CB) =Q™"+Q"™+Q 8)
[Mfr Mff] qf 0 Cff qf 0 Kff ‘lf

where C}?B) and K}?B) are derived by the Craig-Bampton (CB) method. In contrast, rigid
bodies do not contain any body-related elastic degrees of freedom. Therefore, no stiffness or
damping is associated with them. The system’s ability to vibrate additionally results from
the nature of the coupling between the bodies. Considering a joint connection e modelled
by a bushing, the constraint forces are calculated by additional stiffness and damping terms
on the principle of virtual work in accordance with [23], yielding

-
Qeonst — 2 |}§i€ (Ke5e + Cesf) ©)

e

where the delta J, implies the relative displacement between the two bodies, exemplarily
named a and b, with 8, = 8@ — V). The stiffness and damping terms are transferred
by A, to the reference system through K, = A,KpunA,; and C, = A.CpuenA, . The
Jacobian elements related to the rigid and flexible components of the point motion r, from
Equation (1) are [23]
o1y orp
dqr oqy

This provides the relative representation between the two locations i and j on the

Jr (10)

connected parts by

o= 19 5 ve= D 0] o
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Augmenting Equation (8) by (9) and (11) and resorting enables the subdivided repre-
sentation of rigid, flexible, and mixed terms

. (bsh) (bsh) . (bsh) (bsh)
m 1\1\:’(] ol C@sh) <bsf>’f <CB>] lqr] + Kgnsm (bs;()r (cB) [qr] = Q™+ Q™ (12)
fro MEFILEL |G G G L] | Ky Ky K7 | 97

Neglecting the damping C and remaining forces Q allows us to transform it into the
formula (K — w?M) ¢ = 0 of an eigenvalue problem such that

‘?r] — wz [MVV Mrf‘| [?r] . (13)
qaf My M| |45

Building the Schur complement of Equation (13) according to [24] by solving for g

Ky K
Kp Kyr

through substituting g of the second row in the first row
(Kgr — w?Mgp) 4p = = (Kpy —w0?Mp) @ = 45 = —(Kgp — 0*Mgp) (K — 0?Mg,) 4y
provides

[Krr - W2Mrr - (Krf - szrf) (Kff - (’JZMff)il (Kfr - szfr):| : QV =0 . (14)

feedback through flexible shares

It represents the influence of the flexible shares on the stiffness and mass matrices
related to the rigid component §,. At very low frequencies, the inherent flexible term K?JP
of the structure (K¢ = K?JP + Ki’,jfh) contributes to a static flexibility, which impacts the
rigid behaviour, since

forw —0: Kot (w) ~ Krr — K f KJ:J} Kp . (15)

Thereby, the effective stiffness K¢ solely relates to the stiffness components.
In contrast, for very high frequencies, the inertia associated with the flexible deflections
can no longer follow the motion and acts as pure rigid mass inertia, since

forw — c0:  Kegg(w) ~ —cw? (Mw - MrfMJZfle,> : (16)
In this case, the effective stiffness is determined solely by the mass components.

2.2. Topology and Modelling

The methodology from our previous work—reported in [5]—applies a flexible MBD
approach to predict the structural dynamic behaviour of the e-bike drive unit. The yielding
topology and modelling assumptions are presented in the following.

The topology of the holistic model captures all interactions that are not explicitly
represented in the graphical user interface from the model assembly (compare Figure 1). It
reveals the considered components, the applied simplifications, and the defined boundaries
of the system (see Figure 2). The illustrated shapes and locations are derived from the
applied e-bike drive unit. The integrated legend explains the symbols, line styles, and
employed parameters.

The individual bodies predominantly contribute mass and mass moment of inertia
to the system (J), while the bearings, gear meshing, motor freewheel, rider freewheel
(clutch), slide bearings, and bicycle chain additionally provide stiffness (b, g, k) and damping
between the bodies. The damping is associated with the stiffness and is therefore not
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represented separately. This total arrangement enables rigid-body modes at the system level.
Additionally, the elasticity of flexibly implemented bodies superimposes with their rigid
motions, introducing a stiffness (s) and minor damping to the entire system. The structural
damping is less than 1% of the critical damping for steel or aluminium [25] and is therefore
generally adjusted. Regardless, if a flexible body mode is excited, its structural flexibility
has an influence on the interaction in the system, as evident by the coupling term Kjng from
Equation (14). Given both relatively thin material and high torque, the structural flexibility
must be considered in the model. For very low frequencies, its static stiffness dominates
the effective system stiffness (see Equation (15)), and for very high frequencies, its mass
moment of inertia dominates (see Equation (16)). In conjunction with the other given
stiffnesses that connect the individual rigid and flexible bodies (K;,, Kyf, K¢, Kjb}j(h), system
resonances or anti-resonances occur when the determinant of Equation (13) equals zero or,
respectively, the transfer function produces poles under forced excitation [26]. Therefore, it
is relevant to consider each stiffness influence in the system, which is of a similar dimension
to the one of the structural flexibility.

£+ 6 DOF stiffness, damping - Effective diameter
+ 1 DOF stiffness, damping —  Illustration w/o function
+ Contact stiffness, damping +8  Inertia, body stiffness kg tﬂ;v ks
> Ground (infinite stiffness) Bearing stiffness
— Flexible bodies, structural damping g Gear mesh stiffness
— Rigid bodies k' Bushing stiffness or spring force
E': S J7, 7
4 )
e Ja, 54 \
(vl | i o
- 'bgr 3 b7 ———Je/ S6 /'/
[ e / k5
- @% ;

Figure 2. Topology of the holistic multibody dynamic model revealing the interactions of shafts,
bearings, gears, freewheels, and housing.

The applied boundary conditions are the housing assembly fixation to the ground and
the dynamic constraint on which the chain stiffness is linked. Additionally, a given electric
motor force is applied, or torque, respectively. The dynamic constraint allows us to either
predetermine an angular acceleration or to apply a resistance torque, which requires us
to specify a resistance mass moment of inertia. Defining a specific angular acceleration
prevents the rotational motion from oscillating. This is considered legitimate for the brake
or system applied after the bicycle chain because the mass moment of inertia relative to the
drive is relatively high.

Table 1 summarises the approaches for parameter acquisition with respect to the
topology and the subsequent modelling procedure.

The approach employing Bearing AT (i) and Gear AT (ii) is based on the geometric
data, material density, and Young’s modulus. From these parameters, a Nastran routine
is generated, which determines the resulting elastic properties in a finite element (FE)
preprocessing step. The obtained elasticity information is subsequently transferred into
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a surrogate model, where it is represented as surrogate stiffness during the flexible MBD
simulation dependent on the location determination at the current time step.

Table 1. Parameter acquisition for the modelling process.

Component Captured DOF Reference Acquisition Method
i Ball bearing 5 (no torsion) MSC Adams, Bearing 1ntegrated FE prepro-
AT cessing

ii Gear (meshing) 6 MSC Adams, Gear AT 1ntegrated FE prepro-
cessing

iii Freewheel ! 4 (no radial) see Steinbach et al. [6]  Stiffness extraction

iv  Bicycle chain 1 (axial) see Appendix A.1 Stiffness extraction

v Clutch 2 1 (torsion) Abaqus, MSCSQP Cont'act stiffness cal-
culation

vi Slide bearings 2 (radial) Abaqus, MSCSQP Cont'act stiffness cal-
culation

vii Structural parts 6 Abaqus FE preprocessing

! Frictionally engaged. 2 Freewheel with claw clutch.

The clamping bodies of the frictionally engaged freewheel (iii) as well as the bicycle
chain (iv) are simplified and implemented as pure surrogate stiffness. Therefore, the ap-
proaches use measurements to determine the change under load for force and displacement,
or torque and angular displacement, respectively. For the freewheel, reference is made
to our previous work, Steinbach et al. [6], without further elaboration. The procedure for
the bicycle chain becomes evident from Appendix A.1. The resulting stiffness curves are
implemented and interpolated as Akima [27] spline elements in the flexible MBD.

The contact stiffness for both clutch (v) and slide bearings (vi) is determined using a
nonlinear FE preprocessing step, under which force and deformation are determined at
a specific reference point by applying a certain motion. With the yielding characteristic,
the same motion is applied at the reference point in a separate MBD optimisation. Therefore,
the sequential quadratic programming (SQP) method is used to approximate the stiffness
coefficient and the exponent of the contact force (Feontact = k - u?). The MSC Adams
specific routine used is called MSCSQP. For better calculation performance in the holistic
MBD model, these contacts are implemented on rigid geometries relative to each other.
An example illustration of this procedure is given in Appendix A.2.

The remaining structural parts (vii) are modal-reduced in an FE preprocessing step,
during which the interface nodes are defined, which are needed for the MBD coupling.
The modal reduction uses the component mode synthesis (CMS) principle. Therefore,
the Lanczos solver is used for frequency calculation in the FE. The yielding files are
converted to the MBD unit system and implemented as modal-neutral files (MNFs).

2.3. Dynamic System Relations

The transmission of the electromagnetic motor air gap forces predominantly arise
as torsional torque over the drivetrain. The gear ratios act in this direction of rotation
and increase the torque. This geometry-induced torsional characteristic has a significant
influence on the dynamic relations of the system, as shown in the following. For a typical
gear stage system, the total gear ratio is given as

n n

. . 2ok

il = [ [k = 1 (17)
k=1 k=1 %2k—1
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which results in our case of two gear stages to

. . . 2y Z4

1 = 11 -1 = —_— —, 18

total 142 z1 23 ( )
The tooth number z; acts at the rotor shaft, z4 at the output shaft, and z, z3 in between.
There is a gear reduction since z; > zy;_1 is referred to in Equation (17). The resulting
total mass moment of inertia acting for the rotation analysed at the rotor shaft is

n k 1 2
]total,zz = ]1,zz + Z (H ) Ik,zz (19)
k

2 \j=1%

with the index zz imposing the rotational axis. For the applied case of the topology from
Figure 1, this can be reduced for the gear stages to

1\? 1 \?
]total,zz = ]l,zz + () ]2,22 + < S > ]3,22- (20)
5] 1112

Noticeably, Jiota1 -, acts as resistance to the rotor shaft’s torsional motion. With a
gear reduction (i; > 1), the proportional impact of the resistance from the individual mass
moments of inertia (Ji .., k > 2) significantly reduces the higher the resulting ratio i is, since

1 2
()

This implies that the effective torsional mass moment of inertia is dominated by
the rotor shaft for the input. In the opposite direction, at the output, the behaviour is
reversed, since

]out,zz = ]3,zz + i22]2,zz + (iZ . il)zh,zz (22)
with
lim % = oo. (23)
i—00

As a consequence, the resistance caused by Jout., significantly increases and the
drivetrain is hard to rotate, for example, when using the bicycle without electric motor
support and no active freewheeling clutch. The torsional stiffness from any element within
the drivetrain decreases quadratically, referred from the output kout(A) to the input (rotor
shaft) ki, (AB), since

2

bin36) = ko (80) (- e
Ttotal

with increasing angular deflection of A = i, - Ax. This indicates that any torsional

stiffness referred to the input (rotor shaft) becomes significantly reduced the higher the

gear ratio is at its position. This likewise applies to any torsional stiffness at other positions,

for example, when considering the second shaft as output (iyota = 71 - i2).

The e-bike drive unit is typically tested under constant torque at a constant speed
or at a linearly increasing speed. In the modelling, this can be achieved by constraining
the angular acceleration, angular velocity, or angular displacement, which reduces the
corresponding degree of freedom. It may have a significant influence on the system
behaviour, depending on the specific system and its parametrisation. To leave this degree
of freedom unconstrained, the initial 7 and final 7. rotational speeds can be approximated
as follows to obtain the angular acceleration ()
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N 27 ne — s
P60 te—ts

with At = t, — ts the duration of the increase. The resistance torque can be determined as

(25)

follows, assuming a defined input torque of the rotor T, and negligible damping.

T
Tout = Qg ]total,zz + — (26)
1112

This output torque Toyt enables a linear ramp up equivalent to the required angular
acceleration a,. Since spur gears have high efficiencies (1 ~ 0.97...0.995 [28]), this
assumption is considered valid for a simplified analysis. It differs as damping increases,
but may serve as an initial indicator. This representation is required for a more precise
analysis in the modelling, particularly when the e-bike drive unit is to be investigated
without the bicycle chain. Control effects could also be incorporated, but this is outside the
scope of this work.

2.4. Test Environment

The test environment provides the framework for both the experimental measurement
and the numerical simulation. It defines the boundary conditions that need to be similar
to ensure a consistent comparison. Figure 3 presents the schematic measurement setup,
whose basic mechanical setup is also reproduced in the modelling.

Amplifier ::

Accelerometers

-
//,
/

LT T TP

Electric motor

Control signal

Energy supply

Figure 3. Schematic measurement setup including the mounted and controlled drive unit, the data
acquisition-related equipment, and the implementation of a brake to apply a resistance torque.

A computer performs the data analysis and controls the input parameters for the data
acquisition module, the drive unit, and the magnetic powder brake. The drive unit’s control
is internally governed. This is why an encoder is required to insert the input parameters,
such as speed over time, and to receive the drive unit’s output signals. The data acquisition
module captures the drive unit’s revolutions per minute (rpm) as a reference signal and has
an internal decoder. The acceleration sensors measure the drive unit’s dynamic (surface)
accelerations, whose signals are also recorded by the data acquisition module. The drive
unit’s electric motor is powered separately via an energy source. The magnetic powder
brake generates its braking torque through friction between a rotor and a stator using
ferromagnetic powder. The amplifier and the degree of resulting friction indirectly control
its torque magnitude. A bicycle chain connects the brake to the drive unit, which is mounted
on a test rig.

Figure 4 shows the test rig and the sensor positions in both the measurement and
simulation to evaluate the acceleration.
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Figure 4. Measurement setup (a) of the test rig assembly and the positions used for the acquisition of
acceleration signals in (b) the measurement and (c) the simulation. The numbers 2, 3, and 5 indicate
the used sensor positions.

Figure 4a shows the assembled test rig. The connection of the bicycle chain to the
brake is analogously represented in the modelling through a constraining motion by a
revolute velocity and a surrogate chain stiffness. Tri-axial piezo-electric sensors are applied
for measurement (see Figure 4b), whereas the simulation structure is preprocessed with
interface nodes at the same locations as the sensors. The motions of these interface nodes
are captured in the simulation. The indicated positions are clearly visible in Figure 4c by
numbering. The sensor positions on the housing are selected to be close to the locations of
the ball bearings within the e-bike drive unit. This allows us to capture the gear system’s
dynamic behaviour as accurately as possible.

The accelerometers are of type Kistler 8763B050BT05 (£10% accuracy 0.5 Hz-10,000 Hz,
+50g, 100mV/g, Kistler Group) with a data acquisition device from Head Acoustics.
The system is excited using the electromagnetic motor forces in both measurement and
simulation. The measurement control and communication is applied over a CAN bus.
The simulation is performed in MSC Adams with additional Bearing AT and Gear AT
plug-ins, yet without any internal or external controlling. The sampling frequency in the
measurement is at 48 kHz, and the output time resolution in the simulation is 20 kHz.
With regard to the given sensor bandwidth and accuracy, this ensures a reliable analysis
of up to ~5kHz without violating the Nyquist criterion. Higher frequencies may be
analysed for a relative comparison, but are affected by distortions in the absolute amplitude
and phase angle captured by the accelerometers. The measurements are performed at
room temperature of approximate 20° to 23°, and the sensors perceive regular calibration
intervals. As the measurements are repeated with the same sensor setup and are relatively
evaluated against the simulation (in terms of frequency), the measurement accuracy is
considered sufficient for the purposes of this study without further investigation.

No additional filtering is applied to the simulated raw data. For the experimental
measurements, a high-pass filter in the range of approximately 2Hz can be used due
to the sensor characteristics (lower limit at 0.5Hz). As this cutoff range lies below the
analysed frequency range, any impact of this filter on the results is expected to be negligible.
For the signal processing, the MATLAB Signal Processing Toolbox is used. To generate
the Campbell plot, the spectrogram function is used with a resolution of Fes = 25 Hz.
The orderspectrum function is applied to build the average order spectrum with an order
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resolution of 0.005. The spectrum is built upon the pspectrum function with F.es = 25 Hz
(Kaiser-window). As part of this, the internal default setups are used.

For the simulation, the Hilbert-Hughes-Taylor (HHT) solver is used, which shows the
best results and proven convergence for an error size of 1.0 x 10~7 with a maximum step size
of 5.0 x 107°. The reference system is a CPU @ 3.6 GHz, with 4 cores, 8 logical processors,
and 32 GB RAM, which is operated under Windows 10 with the Adams Version 2023.4.

3. Results and Discussion
3.1. Dynamics

This section examines the accuracy of the modelling approach to verify the correctness
of the numerical results and to validate the developed methodology. This is conducted by
comparing measured and simulated data under similar conditions. The used test rig and
setup is the one described in the previous Section 2.4.

In the first test, the speed is linearly ramped from zero to maximum under constant
torque (simulation details: simulated time 10's, step size 5.0 x 10~°, function evaluations
5.9 x 10°, cumulative steps 2.4 x 10°, order 2, elapsed time 19h 34 min). In the second
test, both the torque and the rotational speed per minute (rpm) are kept constant. As a
consequence of the dynamic transient behaviour and the system interactions, comparable
results are obtained for all applied sensor positions. Ps is selected because it is located close
to the output, and the dynamic quantities are amplified by the gear transmission. Figure 5
exemplarily presents the axial acceleration results designated as Ps ;, which are collinear
with the axis of rotation.

5000 Measurement 5000 Simulation _50

4000 4000 -60
¥ ¥ =
= 3000 < 3000 -70 3
%) %) b=
3 8 g
& 2000 & 2000 -80 5
IC ic

1000 1000 -90

0 0 -100
20 40 60 80 100 20 40 60 80 100
Rotor speed [%)] Rotor speed [%)]
(a) (b)
Average Order Spectrum Spectrum
1400 ~verage Drcer Speciiuy 35 0 P ~40
Mes.

1200} Sim (scaled) | 130 -60
= 1000+ 125 = —
3 83 -80 @
2 800f 1202 o ®
g g3 -100 3
< 6001 115 < (%“, é
@ 2= 1-120=
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Figure 5. Comparison between simulated and measured acceleration signals evaluated at the sensor
position Ps ;. (a) Measured ramp up. (b) Simulated ramp up. (c) Order-spectrum of ramp. (d) Steady
state at 1000 rpm (rotor).
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Figure 5a,b illustrates the Campbell plot from measurement and simulation. At a
similar speed and frequency scaling, the amplitude (power in dB) is significantly lower
in the simulation (approximately 5 dB compared to —60 dB for particular amplitudes).
This could indicate that the simulation model is too stiff, as a lower structural stiffness
would allow for larger vibration amplitudes due to increased displacements under the
same excitation forces. Since the housing and its fixation to the frame are not examined in
detail, this should be addressed in future investigations. In both cases, the orders increase,
and resonances are crossed. A detailed visual comparison is not possible at this resolution
using the Campbell plot. However, it proves that the simulation runs stably without
convergence issues since no numerical artifacts are apparent, which most likely appear in
the acceleration response.

To analyse the results more precisely, the averaged order-spectrum is used. It allows
us to compare the peak positions of the single orders, enabling a more precise comparison.
The order-spectrum refers to the rotational speed of the rotor as first order and indicates the
speed-dependent spectrum as root mean square (RMS) amplitude (see Figure 5¢). Using the
min-max normalised order amplitude (Anom (¥)= 45 "mtt)s), and comparing the positions
of corresponding order peaks, a mean order deviation of 0.03% with a maximum deviation
of 0.07% is observed relative to the order resolution. The normalised amplitude shows a
mean deviation of 9.1% and a maximum deviation of 0.38 when expressed as normalised
RMS amplitude. It should be noted that these values are approximations based solely on
matched peak positions and therefore depend on the selected analysis procedure. In total,
15 significant matching orders are identified, while five dominant orders do not reveal a
consistent matching behaviour.

Qualitatively, a major part of the orders’ peaks match the positions, while quantita-
tively, there is a clear deviation. This is also evident from the spectrum in steady state
(see Figure 5d), which is performed at a rotor speed of 1000 min~—!. The average frequency
deviation of similar resonance peaks is approximately 0.06%, with a standard deviation of
1.6 Hz. The normalised amplitude deviates with 17.3% and a maximum factor of 4.8. Con-
sequently, the overall trend of the resonance peaks can be considered to be well captured,
enabling a reliable qualitative assessment. However, it must be emphasised that further
model refinement is required before robust quantitative conclusions can be drawn.

3.2. Mode Shapes

Table 2 lists the first 30 modes, which are calculated in the flexible MBD system using a
modal analysis of a linearised load point under low torque and under consideration of the
fixation by the bicycle chain. This ensures that the contacts are interacting so that the true
system behaviour can be analysed. The influence of the housing is neglected in this analysis,
as it is assumed to be negligible (see Section 3.5). The given frequency is the damped natural
frequency fqamped, computed from the undamped natural frequency fundamped Using the
damping ratio dyati, relative to critical damping (fiamped=fundamped X V1~ dratio?). The defined
mode shapes approximately categorise their occurrence.

According to Section 2.1, there are three conditions of the system when considered in
the frequency domain: rigid body oscillations over the system, structural oscillations of
single components (fix—free, or fix-fix), and the combination of those. Due to the multitude
of modes (see Table 2), only the illustration of a few serves as examples below (see Figure 6).

In Figure 6, the modes (a)-(c) are predominantly rigid body oscillations at 24 Hz,
520Hz, and 1801 Hz with a damping ratio of 0.2%, 0.7%, and 1.3%, respectively. Thereby,
the shape (a) is a decisive torsional rotation of the rotor shaft, the shape (b) is a decisive axial
deflection of the output shaft, and the mode (c) is a tilting of the same one. The mode (d) is
at 3955 Hz with 2.8% damping. Its shape represents a rather pure elastic, structural mode
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of the rotor shaft. The mode (e) is at 5673 Hz with 9.0% damping and shows an interaction
of all components. The mode (f) at 7317 Hz serves as an example for an unrealistic numeric
mode, since its shape is rather implausible and the damping ratio with 96.7% is significantly
high. The overview of all frequencies at which some modes are present is listed in Table 2.

Table 2. Frequencies and damping ratios of the system modes from the gear stage.

Mode Frequency Damping | Mode Frequency Damping | Mode Frequency Damping
Shape [Hz] [%] Shape [Hz] [%] Shape [Hz] [%]
rigid 24 0.2 rigid 1801 1.3 combined 4506 14.2
rigid 520 0.7 combined 2050 4.6 damped 4704 50.5
rigid 546 3.2 combined 2342 2.6 combined 5673 9.0
rigid 547 0.7 rigid 2507 3.9 flexible 7250 19
rigid 614 9.5 rigid 2535 15.3 damped 7317 96.7
damped 735 99.5 combined 3339 3.4 flexible 7810 0.8
rigid 831 1.0 flexible 3934 4.3 flexible 8009 1.3
rigid 1103 0.4 flexible 3955 2.8 flexible 8742 8.1
rigid 1459 12.6 damped 4010 86.1 flexible 10,568 6.0
rigid 1661 1.8 damped 4152 41.3 combined 11,321 7.0

(d) (e) #)

Figure 6. Example of simulated system modes under low load with frequency and damping ratio of
(a) 24 Hz, 0.2%. (b) 520 Hz, 0.7%. (c) 1801 Hz, 1.3%. (d) 3955 Hz, 2.8%. (e) 5673 Hz, 9.0%. (f) 7317 Hz,
96.7%.

In total, the simulation proves that there is a multitude of modes present in the
drivetrain which acts as a dynamic multibody system even without (!) the structural
influence of the surrounding housing and mountings. Because of the relatively small
masses and mass moments of inertia, in combination with the high stiffness arising from
elastic material and contact properties as well as the low damping, the majority of the
modes occur at comparatively high frequencies >500Hz. However, there is the first
mode at around 24 Hz, which is in a structurally relevant frequency range and receives
the strongest excitation by the motor forces. Therefore, it shall be further analysed in
Section 3.3. Additionally, the modes show a load-dependent behaviour in terms of their
natural frequency (see Appendix A.3) with potentially changing shapes, which is not
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further analysed. The modes’ relevance arises primarily with their excitation, so Section 3.4
investigates the relevant frequency range under operating conditions.

3.3. Torsional Response Behaviour

Based on prior experience, the first torsional system mode from Table 2 is particularly
sensitive to the e-motor excitation due to potential torque ripples. On the one hand, it lies in
a specific relevant frequency range, since a rotational rotor speed of, e.g., up to 5000 min’l,
corresponds to a maximum frequency of 83 Hz, which crosses the natural frequency of
this mode (24 Hz). On the other hand, it is assumed that through the decisive transition
reduction in the gear system, none of the other modes (>520 Hz) are significantly excited
solely through the gears’ rotation frequencies, since their first few orders remain below the
rotor’s frequency.

Due to the given relevance for operating the system, and the fact that in this force-flow
direction all modelling assumptions comply with a full system, it is further analysed and
used for additional model validation. The boundary condition (clamping via chain to a
brake) is implemented in both the simulation and the experiment as illustrated in Figure 7a.
For the measurement, the CAN bus signals are evaluated to capture the torque or rpm
signal of the rotor shaft. Thereby, one trial is performed during a ramp up with low torque

and one at high torque (see Figure 7b).

——Mes. load 20%

8r " — — —Mes. load 70%
Sim. load 25%
Sim. load 75%

Magnitude [-]

Frequency [Hz]
(b)

Figure 7. Torsional resonance in the system. (a) MBD assembly illustration with schematic brake.

(b) Comparison of the response function for measurement and simulation.

When comparing the resonances in Figure 7b, it becomes evident that the proportional
relation between simulation and measurement is approximately similar. The wider shape of
the curve from the simulation is linked to the resolution of the time discretisation, but may
additionally come from further interference. Moreover, the load-dependent behaviour
is visible, since the resonance frequency increases with increasing load. This is due to
the load-dependent stiffness, which increases together with the applied load. Since the
resonances match qualitatively between simulation and measurement, this indicates the
validity of the simulation. Moreover, the pure presence of this mode covers the assumptions
by Section 2.3 referring to the system’s mass momentum of inertia in Equation (20) and
stiffness in Equation (24), which act on the rotor shaft on the system level.

3.4. Relevant Frequency Range

To identify which modes are of relevance, the frequency range under excitation is
analysed. The first trial considers an experimental modal analysis (EMA) of a unique test
rig, in which the e-bike drive unit housing is substituted by rigid plates (see Appendix A .4).
In this particular setup, the mode shapes would be of interest but are not accessible due to
the limited space. Nevertheless, they are used to identify a rough estimate of the resonance
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behaviour directly from the drivetrain without the influence of the housing. The EMA
uses a modal hammer and roofing sensors, which are directly placed on the shafts and
gears. The same type of e-bike drive unit is mounted in the previously mentioned test rig
of Section 2.4 but with a normal housing.

Figure 8a shows the comparison in the frequency domain from the EMA and the
frequency spectrum determined over a ramp-up under low torque. For the EMA, this
is carried out with the drivetrain rotationally constrained in order to enable a rough
comparison, as the contacts are thereby locked. Since this is associated with a low preload,
the ramp up is likewise considered at low torque. A similar comparison is conducted for
simulation and measurement, but at high torque and solely for a ramp-up, since an EMA
is not feasible in the given setup for high torque. The simulation takes the bearing forces
into account since these best possibly indicate the excitation of the structure, whereas the
acceleration amplitude is considered for the measurement (see Figure 8b).

160 10.02 30 . 10.05
—— EMA (FRF) Sim. bearing forces load 100%

1401 Mes. load 5% 251 Mes. load 100% 1008
'_‘12(), 70.015ﬁz .
> 1001 £3 0.03 E
3 s g
3 80 001 3 g— 15 3
= =< =
) S o 0.02 &
g e £¢ 10t E

40 10.005 W&

L 5t 10.01

20 \

L L " v " ‘ ‘\‘*‘n_'.h-.;: - 0 0 il 0
0 2000 4000 6000 8000 10,000 0 2000 4000 6000 8000 10,000
Frequency [Hz] Frequency [Hz]

(@) (b)

Figure 8. Present resonances and frequency range (a) Comparison of experimental modal analysis
(EMA) and spectrum of ramp up under low torque. (b) Comparison of simulation and measurement
under high torque.

The significant frequency range of the EMA ranges from 0 kHz to 6.1 kHz, whereas
the spectrum of the ramp-up measure under low torque ranges from 0kHz to 5kHz
(see Figure 8a). Under high torque, this frequency range reduces to 0 kHz to 3kHz (see
Figure 8b), while the amplitude increases, e.g., from 0.012ms~2 at 4kHz to 0.03ms ™2 at
3 kHz. This indicates two things: Firstly, the operating condition has great significance to
the resonance behaviour. Secondly, the resonances identified by the EMA clearly demon-
strate that a variety of modes exist which only arise when the gearbox is considered as a
multibody system. The simulation reveals an excitation via the bearing forces within an
approximately identical frequency range (see Figure 8b), which implies a valid modelling
approach. In particular, the bearing forces significantly indicate the excitation of the system
that is part of any insufficiently represented transfer paths to the housing structure where
the acceleration is measured. For completeness, the reaction forces of the stator additionally
excite the housing structure but are not further elaborated on in this study:.

3.5. Modelling Restrictions

The modelling restrictions are elaborated on the utilised e-bike drive unit model
to maintain clarity but can be transferred to comparable systems. The different com-
ponents are labelled by numbers in Figure 9, where each number represents a specific
modelling approach.
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Figure 9. Flexible multibody dynamic model of the e-bike drive unit. Each number represents a

different modelling approach.

1.

The chain is simplified by considering only its stiffness, which neglects both the reso-
nances from chain modes and the influence of the mass moment of inertia. The flexi-
bility of the two chainrings is disregarded as well as the precise dynamics of the brake,
which is simply constrained by a given rotational motion. This is assumed valid, since
the chain stiffness contributes to a decoupling from the drivetrain, while the dynamic
behaviour of the brake (and downstream systems) is of no interest.

The gear stage modelling approach substitutes the tooth geometry of the gear bodies
with rigid gear rims on which the surrogate models of the flexible teeth are employed.
By this, some degrees of freedom for the modal representation of the gear body may
be constrained by the artificially employed rigidity of the coupling interface nodes.
This is particularly relevant in the present modelling of the very thin-walled gear
bodies (see Appendix A.5), whereas the rigidity influence of the coupling nodes at
thicker gear bodies is negligible.

The ball bearings are based on a surrogate stiffness, which is quasi-statically exploited.
This approach simplifies the rolling behaviour of the balls and neglects elastohydrody-
namic contact. Since the dynamic system behaviour of the e-bike drive unit contains a
maximum revolution of 5000 min ! and the resulting fault is expected to be small, this
approach is considered valid. Moreover, due to simplified geometric representation
and available nominal values, the precise depiction of the inner geometry may differ,
leading to divergent stiffness curves (see Appendix A.6).

The clutch and slide bearings are considered as rigid bodies with contact stiffness.
This enhances the computational efficiency but neglects the influence of structural
deformations. This may distort the contact behaviour and the resulting stiffness,
e.g., visible as deviation in curves from the geometric elastic FEM to the geometric
rigid MBD (see Appendix A.2). Also, dry friction is applied, which in this particular
case is assumed valid, since the relative velocity of the clutch and slide bearing is zero
in theory, as long as the system is engaged. Otherwise, the maximum frequency at the
output shaft is very low, e.g., 2 Hz, which corresponds to an almost implausible high
rider cadency of 120 min~".

The frictionally engaged freewheel is substituted by a surrogate stiffness which rep-
resents the elasticity of the clamping bodies. The influence of the clamping bodies’
mass is expected to be negligibly low and, hence, attributed to the gear body. The
load-dependent stiffness behaviour reflects the actual state of the system, but does not
provide a precise representation of the geometric positions of the clamping bodies.
This is assumed valid, because the underlying measurement system is similar in geo-
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metric installation and operation to the applied system. However, it is conceivable
that the gradient of the stiffness curves differs in the spatial directions, dependent
on the clamping engagement. Moreover, this approach does not capture slip effects
caused by load switches.

6. Analogous to points number 2 and 7, the shaft assemblies consist of the modal reduced
structures using CMS, with a partially implemented surrogate model of the gear
tooth flexibility. Due to the geometric linear isotropic material behaviour, the CMS
method is well-suited for the shafts, except for the rotor. The rotor exhibits nonlinear
behaviour [29-31], so either linear-elastic models for each load point would be needed
or a nonlinear approach is needed. However, the workflow delivers approximate close
mode shapes and natural frequencies after the reduction and gear implementation
(see Appendix A.7), assuming it is valid.

7. The housing is simplified using the component mode synthesis (CMS) via Craig—
Bampton and orthonormalisation. The resulting modal representation is linearised at
one specific operating point. Hence, potential geometric nonlinearities arising from the
load influence are not captured, which might be present due to the complex geometry.
Moreover, in the modelling, the two housing segments, including the stator, are tied
to each other, neglecting any influence from contact points and joint damping. In the
scope of this work, the housing has minor relevance, which becomes evident when
comparing the spectrum of the system with rigid and flexible housing approaches (see
Appendix A.8), However, this should be taken into account in future work for more
precise modelling.

8.  The fixation of the housing to the ground is not mapped properly and substituted by an
approximated bushing stiffness. This needs to be further examined, as the rigidity of
the fixation significantly influences the possible motion of the entire e-bike drive unit.
Deviations towards measurements may result from this contribution.

In the future, high priority can be given to optimising both the housing structure
(restriction 7) and its fixation to the frame (restriction 8) since they contribute signifi-
cantly to the system rigidity. Furthermore, the nonlinear influence of rotor and stator
(restriction 6) should be optimised, since it has a direct impact on the excitation level of
the system.

Medium priority can be given to the fully flexible representation of the gear stages
(restriction 2), as their unmapped modes lie in a higher frequency range and are expected
to have minor relevance to the structural behaviour. However, the related representation
contributes to the system’s rigidity and therefore needs to be further investigated and
confirmed. The clutch and slide bearings (restriction 4) in combination with the frictionally
engaged freewheel (restriction 5) build one subsystem in this particular case. Hence, they
should be analysed and optimised as one package. Their combined interaction may result
in unwanted nonlinearities with unknown consequences towards modes’ shapes, resulting
resonances, and, logically, excitations through stiffness discontinuities.

Low priority can be given to the optimisation of the chain (restriction 1), since the
stiffness influence is considered and no further significant behaviour is expected. Like-
wise, the bearing optimisation (restriction 3) is of minor importance, since the stiffness
impact is known and the quasi-static modelling is sufficient due to the tendency towards
low speeds.

4. Conclusions

This work develops and validates a flexible multibody model of an e-bike drive
unit, providing new insights into its structural dynamics. Combined with measurements,
the simulations identify system-level vibrations and explain the underlying interactions
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via system topology and mathematical relations. It can be shown that, at the system level,
the gear ratio and topology impose high effective inertia and low stiffness on the input
shaft with the mounted rotor. Consequently, a torsional mode arises, dominated by a
rigid-body rotation of the rotor shaft. This mode is governed mainly by the elasticities
of the frictionally engaged clamping freewheel and the bicycle chain when the drivetrain
is braked or coupled to a high-inertia load. It is critical because its frequency lies within
the operating range (<100 Hz) and can become excited through the electromagnetic motor
forces. In the case of an unfavourable drive unit design and without countermeasures, this
may result in perceptible, unpleasant pedal vibrations.

Beyond the first mode, the drivetrain exhibits 27 additional system modes in this
configuration in the range of 0.5kHz to 10kHz. These arise solely from the multibody
couplings between the gear stages and their connected components, even without the
housing directly influencing them. The modes arise as rigid-body oscillations, single-
body structural modes, or combinations thereof, governed by diagonal stiffness terms and
off-diagonal couplings between rigid and flexible components. Because the stiffness is
load-dependent, their frequencies vary under load and mode veering may occur. Although
the behaviour is solely examined for one specific drive unit design, it is highly likely that
similar characteristics occur in comparable architectures. Thereby, these dynamic properties
are essential for the drive unit’s design layout and durability, especially of the electric motor
and the gear stages, the rider’s perceived comfort through noise and vibration, and the
bicycle frame integration.

Considered separately, the mentioned modes have no relevance without any excitation
forces, which is why the excited behaviour during operation is investigated on a test rig
environment. During operation, resonance amplitudes occur up to ~6 kHz at almost no
load, up to ~5kHz at low load, and up to ~3 kHz at high load. Their vibration amplitudes
increase with the operational load, while the resonance band narrows proportionally. The
mentioned frequencies are expected to shift with different drivetrain configurations. These
resonances excite the surrounding structure significantly over the bearing forces. In par-
ticular, it can lead to decisive vibrations of the bicycle frame, which the rider perceives
as uncomfortable noise. Hence, further investigations should minimise the present res-
onances through model-based optimisation of the bearing stiffness. In this context, one
should also consider the impact of the components” mass moment of inertia and elasticity.
The resonance information could also be used to optimise the bicycle frame’s mode shapes
to avoid dynamic excitation.

The results are based on a holistic system-level consideration of the e-bike drive unit
within a test rig environment, using both flexible multibody dynamic simulations and spe-
cific measurements. The Craig—-Bampton component mode synthesis and several obtained
surrogate stiffnesses, including contact, enable the flexible representation based on the
floating frame of reference. Consequently, the system representation is valid for structural
flexibility with linear-elastic behaviour under small perturbations around an equilibrium,
so the material nonlinearities of the rotor, stator, and potentially the housing are linearised
and not continuously mapped. The quasi-static determination of the surrogate stiffnesses
does not capture highly dynamic behaviour, such as frequency dependence and elastohy-
drodynamic contacts, and limits the results to low to medium dynamics. Also, a few rigid
representations are contained, which are expected to influence the results, and the housing
fixation needs further research attention.
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Despite the qualitative validation, a quantitative comparison would enhance the
accuracy and credibility of the results. Therefore, future research should consider dis-
placement measurements directly on the shafts and analyse the results as order-cuts to
analogous simulations. Thereby, the boundary condition of the fixation from the housing
to the test rig should be refined. The housing, rotor, and stator should be characterised
more precisely, e.g., using the modal assurance criterion for an alignment at representative
operating points and by adopting alternative formulations to capture joint damping and
nonlinear elasticity. A fully flexible modelling of the gear wheels, slide bearings, and clutch
should be analysed to quantify its influence and determine whether such a representation is
necessary. Finally, a modal analysis of the drivetrain without housing in a preloaded state,
to ensure that the contacts are engaged, would provide a suitable basis for comparison with
the simulation’s system-level modal analysis. In conclusion, this study reveals fundamental
insights into the structural dynamic behaviour of an e-bike drive unit. It provides a clear
baseline for future research, enabling more focused examinations of relevant effects.
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Nomenclature

The following nomenclature is used in this manuscript. Block subscripts (1), (f), (fr) and (ff)
refer to the corresponding matrix partitions with respect to rigid, rigid—flexible, flexible-rigid, and
flexible coordinates:

M Mass matrix

K Global stiffness matrix

K(CB) Craig-Bampton stiffness

K (bsh) Bushing stiffness

C Global damping matrix

c(CB) Craig-Bampton damping contribution

Ay Rotation matrix in the inertial frame

A, Transformation matrix of the bushing into the reference frame
C. Damping matrix of the bushing

S, Relative displacement in the bushing between bodies a and b
e Relative velocity between the two bodies

Jr Jacobian with respect to rigid coordinates

Jr Jacobian with respect to flexible coordinates
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Jre Relative rigid Jacobian of the bushing
Jfe Relative flexible Jacobian of the bushing
Keg(w) Frequency-dependent effective stiffness
K. Stiffness matrix of the bushing

q Generalised coordinates

qr Rigid-body generalised coordinates

qr Flexible generalised coordinates

qr Time derivative of rigid coordinates

qy Time derivative of flexible coordinates
gr Acceleration of rigid coordinates

qr Acceleration of flexible coordinates

q, Rigid part of an eigenvector

qy Flexible part of an eigenvector

Qext External forces

Qint Coriolis and centrifugal forces

Qeonst Constraint forces (e.g., from bushings)
Io Rigid-body translation

1} Body-fixed coordinates in the undeformed state
rp Global position of the considered point
fp Velocity of the point

tp Acceleration of the point

Y Mode matrix / spatial shape functions
¥eon Craig-Bampton constraint modes

Fint Craig-Bampton fixed-interface modes
P, Individual shape function in the Rayleigh—Ritz approximation
u(ry) Elastic displacement at position r;,

u, Rigid-body motion parameters

uy Flexible modal coordinates

w Circular frequency

Abbreviations

The following abbreviations are used in this manuscript:

Adams
AT
CAN
CMS
CB
EMA
FE
FEM
FFRF
FRF
HHT
MBD
MNEF
MSC
RMS
SQP

Automated dynamic analysis of mechanical systems
Advanced technology

Controller area network

Component mode synthesis
Craig-Bampton

Experimental modal analysis

Finite element

Finite element method

Floating frame of reference formulation
Frequency response function
Hilbert-Hughes-Taylor

Multibody dynamic

Modal neutral file
MacNeal-Schwendler corporation

Root means square

Sequential quadratic programming
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Appendix A
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Figure Al. Quasi-static tension measurement to characterise the chain stiffness. (a) Test arrangement.

(b) Stiffness curves.

Appendix A.2
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Figure A2. Example illustration of the contact stiffness analysis and implementation. (a) Rigid multi-
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Figure A3. Example illustration of the load dependency from any modes with possible mode veering.
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Appendix A.4

@) (b)

Figure A4. Modal analysis in special test rig with substituted housing. (a) Modal hammer used to
excite the structure on the shaft. (b) Position of the acceleration sensors on the inner structure of
shafts and gear body.

Appendix A.5
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Figure A5. Example illustration of modes’” shapes calculated in FEM, which are not present after
modal reduction when the outer ring is coupled to an interface node. (a) 4.1kHz. (b) 7.9kHz.
(c) 14.9kHz.

Appendix A.6
500 T Force per Tunit length T T
= 400 —— Mes.
o 300 Sim. v0 |
g 200 - Sim. v5 i
[T
100 - / 1
0 1 1 1
0 0.02 0.04 0.0 0.08 0.1 0.12
Displacement [mm]
«10% Stiffness per unit force
€
£
Z
[}
(%]
(0]
£
&
0 100 200 Force [N] 300 400 500

Figure A6. Bearing stiffness configurations compared to axial quasi-statical measurement. The
colourised simulation variants differ only in the used parameter magnitudes and serve as illustra-
tive examples, demonstrating the sensitivity about the adjustable parameters in Bearing AT under
consistent dimensions.
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Appendix A.7

(d) (e) ()

Figure A7. Exemplary comparison of the rotor shaft assembly’s natural modes between the full
FE model (a—c) and the flexible MBD model incorporating the reduced substructure (d—f). (a) First
bending mode in the FE. (b) First torsional mode in the FE. (¢) Second bending mode in the FE.
(d) First bending mode in the MBD. (e) First torsional mode in the MBD. (f) Second bending mode in

the MBD.
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Figure A8. Comparison of the spectra of the axial acceleration of the crankshaft for different model
configurations in order to analyse the modelling influences.
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