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Abstract

:

The development of hydrogen energetics is a possible way to reduce emissions of harmful substances into the atmosphere in the production of electricity. Its implementation requires the introduction of energy facilities capable of operating on environmentally safe fuel. At the same time, from a technological point of view, it is easier to implement a gradual shift to the use of hydrogen in power plants by burning methane–hydrogen blends. This paper presents the results of thermodynamic studies of the influence of the chemical composition of the methane–hydrogen blend on the performance of binary and trinary power units. It is shown that an increase in the hydrogen volume fraction in the fuel blend from 0 to 80% leads to a decrease in the Wobbe index by 16% and an increase in the power plant auxiliaries by almost 3.5 times. The use of a trinary CCGT unit with a single-circuit WHB and working fluid water condensation makes it possible to increase the net efficiency by 0.74% compared to a binary CCGT with a double-circuit WHB and a condensate gas heater.
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1. Introduction


Currently, one of the main global trends in the development of the energy industry is the shift to renewable energy resources (RES). Wind and solar power plants are widely used. At the moment, the total generation of electricity using RES in the world is only 3% [1,2]. However, in the next few decades, many European countries, Japan, the USA, Canada, and China are planning to significantly increase this number in order to reduce emissions of toxic substances and greenhouse gases in the production of electricity [3,4]. To implement such a large-scale ambitious task, it will be necessary to create storage systems that ensure the alignment of energy production and consumption schedules [5,6]. The structure of existing energy systems will be subject to significant transformation.



One of the possible scenarios for the energy industry development is the shift to hydrogen energetics [7,8,9]. A popular concept implies the production of hydrogen from renewable energy resources during off-peak loads, followed by effective utilization of the stored energy. It is possible to transport hydrogen from the place of production to the place of consumption through existing gas pipelines [10,11]: hydrogen will be mixed with natural gas. Further the fuel blend can be sent to thermal power plants for subsequent combustion to generate electricity.



Since the cost of hydrogen produced according to the technology described above will be significant, it is advisable to carry out its subsequent combustion at the most efficient CCGT units. There is a number of ways to improve CCGT unit efficiency. Most of the known ways provide an increase in the electrical network efficiency by 0.6–3.6%. Their implementation usually requires capital cost increases, and sometimes the maneuverability and reliability of the power facility suffers. Therefore, the implementation of various methods or their combinations is not always economically feasible.



The basic method for increasing CCGT efficiency is to increase the initial temperature of the gas turbine cycle. Thus, an increase in the temperature at the gas turbine inlet (TIT) by 100 °C leads to an increase in the power unit efficiency by 0.9–1.5% [12]. It is worth remarking that the available nickel alloys can operate at temperatures below 900 °C, and the cooling system efficiencies are close to their limits [13]. In this regard, a further increase in CCGT useful electrical efficiency by increasing the GTU initial temperature is problematic.



An alternative approach to increasing CCGT efficiency is to increase the degree of flue gas heat utilization. In particular, increasing the pressure of the heat carrier in the waste heat boiler increases the heat recovery efficiency and, thus, increases the net generation of electricity in the steam turbine plant [14]. In addition, it is possible to use superheating to improve energy efficiency [15]. Increasing the heat carrier pressure and introducing reheating can reduce heat carrier thermal potential loss.



The introduction of an additional pressure circuit in the waste heat boiler with lower parameters makes it possible to efficiently utilize supplementary heat [16]. The maximum amount of recuperated heat in this case is limited by the minimum flue gas temperature, which is determined by the condition of steam saturation and low-temperature corrosion of the rear heat recovery surfaces in the presence of sulfur in the fuel, as well as the waste heat boiler efficiency.



A promising way to reduce flue gas losses for CCGT is the transition to trinary cycles, which are combined cycle gas turbine units with integrated circuits on low-boiling heat carriers [17]. For example, CCGTs with ORC are considered in the study by [18]. Through the use of NK-36ST GTU with a single-circuit waste heat boiler, the utilization of low-grade heat in the ORC makes it possible to achieve net CCGT efficiency of more than 60% at a cooling water temperature in the low-grade cycle below 0 °C.



The use of trinary cycles was also considered in the article by [19]. It was found in the work that the shift from a single-circuit CCGT to a three-circuit plant allows for increases in the electric power from 213.4 MW to 222.7 MW and increases in the net efficiency by 2.14%. The net efficiency of a trinary single-circuit power plant is 0.45% higher than that of a CCGT with a double-circuit waste heat boiler.



With an increase in the hydrogen volume fraction in the fuel, the concentration of water vapor in the exhaust gases also increases, which will increase the energy released during H2O condensation. This energy can be usefully utilized in additional corrosion-resistant heating surfaces of the waste heat boiler, which will increase the plant efficiency.



The purpose of this work is to analyze the influence of the methane–hydrogen blend components ratio, as well as the structure of thermal circuits, on the main energy characteristics of binary and trinary units. To achieve this purpose, schematic solutions and mathematical models of CCGTs operating on a methane–hydrogen blend have been developed, with the use of which thermodynamic studies have also been carried out.




2. Materials and Methods


2.1. Binary and Trinary Thermal Schemes of CCGT on Methane–Hydrogen Blend


The object of this study was the thermal schemes of combined-cycle plants operating on a methane–hydrogen blend. To select the optimum alternative, three CCGT thermal schemes were considered:




	-

	
CCGT with a single-circuit waste heat boiler (Figure 1a),




	-

	
CCGT with a double-circuit waste heat boiler, and a superheating and condensate gas heater (CGH) (Figure 1b),




	-

	
CCGT with a single-circuit waste heat boiler, and an additional circuit on a low-boiling heat carrier (Figure 1c).
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Figure 1. Combined cycle plant. 






Figure 1. Combined cycle plant.
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The technical characteristics for modeling a methane–hydrogen turbine are taken similarly to the domestic gas turbine GT-160 with an initial temperature of the working fluid equal to 1060 °C. It is assumed that the fuel mixture is fed to the CCGT through a gas line at a pressure of 0.7 MPa and a temperature of 15 °C and then increases its pressure by 2.5 MPa in the booster compressor.



Scheme 1 is presented in Figure 1a. The air enters the air compressor (AC), where it is compressed to 1.1 MPa. A small part of the compressed air is sent to cool the elements of the hot gas path of the gas turbine. The main part of the air enters the combustion chamber (CC). The fuel is compressed in a fuel compressor (FC) and fed to the CC. The released heat during the combustion process heats the working fluid to 1060 °C, which then enters the gas turbine inlet. The potential energy of high-temperature gas is spent on the rotation of the gas turbine rotor. The rotor is mounted on the shaft together with the first electric generator (EG). The gas turbine exhaust gas enters the waste heat steam generator that produces steam for the STP. In the waste heat boiler, the gas sequentially passes the heating surfaces of the superheater (HSH), evaporator (HEP), and economizer (HEC). The waste heat boiler exhaust gas is released into the atmosphere. The produced steam is directed to the high-pressure turbine (HPT) of the STP. After the steam has done useful work, part of it is sent to the deaerator (D). Most of the steam is sent to the low-pressure turbine (LPT) of the STP, where its heat drops and enters the condenser. The resulting condensate is sent to the electric condensate pump (CP). Preheated water is sent to the deaerator, heated by steam to saturation, cleaned of harmful non-condensable gases, and fed to the feed water pump (FWP) driven by an electric motor. The high-pressure water is sent to the economizer where it is heated to a temperature close to the saturation temperature. The water is then directed to the natural circulation evaporator drum. Saturated water from the drum passes over the surface of the evaporator, and part of it turns into steam. Then the steam–water mixture enters the drum, where the steam is separated. Saturated steam from the evaporator drum enters the superheater. The second electric generator is installed on the shaft of the steam turbine and generates electricity.



Based on the first scheme, a heat flow diagram for a double-circuit CCGT was developed (Figure 1b). The double-circuit scheme of the CCGT differs from the basic configuration by the use of high- and low-pressure feed pumps (HPFPs and LPFPs), an additional superheater (LSH), an evaporator (LEV), an economizer (LEC), and a gas water heater (GWH).



The use of trinary combined-cycle CCGT with corrosion-resistant condensing heat exchangers is a promising technical solution as well. In [19], it was found that it is favorable to use the organic Rankine cycle (ORC) with developed heat recovery in trinary CCGT. Heating the working fluid above the saturation parameters reduces the risk of moisture formation in the turbine flow path. However, excessive overheating can cause overheating of the output working fluid, which increases the average integral temperature of the heat sink. This factor can reduce the cycle thermal efficiency, which is why it is better to use ORC without thermal energy recovery by deep cooling of exhaust gases to the dew point temperature.



To utilize the low-grade heat of the CCGT exhaust gases, it is possible to form a power plant with a condensing corrosion-resistant heat exchanger (Figure 2). The trinary power plant consists of a GT, an STP, and a low-grade ORC plant. The organic Rankine cycle consists of an organic turbine (OT), a pump (OP), and a condenser. The input data for modeling the considered thermal schemes are presented in Table 1.




2.2. Mathematical Model of a Cooled Gas Turbine


To develop a mathematical model of a gas turbine, the AspenOne Plus software package was chosen. To create the same simulation conditions, the following parameters were fixed: the ratio of coolant flow rates to each compartment of the gas turbine, and the relative internal efficiencies of the compressor and turbine for all GTU (Table 2), as well as the initial temperature at the gas turbine inlet and the exhaust gas flow rate out of it for each GTU individually. The scheme of the mathematical model of the cooled GTU, developed in AspenOne Plus, is shown in Figure 2.



A mathematical model of a cooled CCGT was developed using the AspenOne Plus software, which allows modeling of complex thermal schemes of power equipment. The model is represented by the following elements. The compressor is conditionally divided into 3 parts (COMP1, COMP2, COMP3), which is associated with the presence of cooling bleeds (BLEED1, BLEED2) of the gas turbine [20].



Two streams are supplied to the GTU combustion chamber (COMBCHAM)—air behind the compressor (AIR5) and fuel (FUEL). Pure methane is used as fuel.



The stoichiometric combustion of fuel occurs in the combustion chamber with subsequent chemical reactions shown in Formulas (1) and (2):


  C  H 4  + 2   ·    O 2  = 2   ·    H 2  O + C  O 2     



(1)






  2   ·    H 2  +  O 2  =  H 2  O  



(2)







The fuel pressure is assumed to be 30% higher than the pressure of the air entering the combustion chamber. After the combustion chamber, the gas is sent to the gas turbine, which, like the compressor, is conditionally divided into 3 parts (TURB1, TURB2, TURB3), where power is generated. COOLING1 and COOLING2 are coolant supplies, which were taken in the calculation in the ratio of 70:30 [21].



The developed mathematical model of a cooled gas turbine plant has the following assumptions:




	
air extraction from the compressor does not depend on the efficiency of the applied cooling scheme, which is conditioned by the AspenOne Plus software product capabilities;



	
the model does not take into account changes in the chemical composition of the working fluid;



	
the model does not take into account the supply of the cooling air after each cooled nozzle and blade of the gas turbine;



	
in the combustion chamber stoichiometric combustion of pure methane;



	
the relative internal efficiency of the compressor, gas turbine, and losses in the combustion chamber were assumed to be constant for all considered GTU.








However, for a generalized study of the effect of cooling air flow rate on the energy characteristics of various powerful GTU and confirmation of the mathematical model operation within acceptable accuracy, these assumptions are not serious.



The total amount of cooling flow changed in the individual range adopted for each GTU. The study was carried out in order to approximate to the cooling air flow rate that could be in the design of a real foreign GTU.



The study involved well-known GTU models of foreign companies (Table 3), which have different levels of GTU electric power and different initial temperatures at the gas turbine inlet [22,23].



The convergence of the results of mathematical modeling and the characteristics of real gas turbine plants was analyzed by superimposing the rated characteristics on the dependences of the change in the corresponding model characteristics on the relative coolant flow (Figure 3 and Figure 4).



Based on the intersection points of the GTU actual rated characteristics and the dependencies obtained by cooled GTU mathematical modeling, it becomes possible to determine the approximate cooling flow rates for each of the selected units.



However, a similar procedure for comparing the temperature of the GTU exhaust gases (Figure 5), which is also the rated characteristic of the unit, gives an ambiguous nature of the dependencies, which may be caused by some assumptions that were made when developing the mathematical model. In particular, one of these assumptions is the setting of the relative internal efficiency of the gas turbine (Table 2), which directly affects the used heat drop, and, ultimately, the exhaust temperature. In addition, the dependencies of some of the GTU studied with the help of the developed model did not allow us to establish the values of the cooling rates.



Comparing the dependencies shown in Figure 6, it is possible to identify some relationships between the relative coolant flow rate and the initial temperature before the gas turbine. This dependence was obtained as follows: In Figure 3 (dependence of the electrical efficiency on the relative coolant flow rate for GTUs with different levels of initial temperatures before the gas turbine), the points of intersection of the characteristics plotted using the mathematical model and the GTU’s rated characteristics were found (Table 3). Each intersection point had its own relative coolant flow rate, determined by projecting the intersection point onto the abscissa axis. Thus, for each GTU with its initial temperature, the corresponding value of the relative coolant flow rate by the GTU electrical efficiency was obtained, which is necessary for plotting an approximating dependence    ψ η   . = f(t0). The second dependence was plotted similarly—by the GTU electric power    ψ  c o o l N     = f(t0). Summarizing the dependence of the relative coolant flow rate on the initial temperature before the gas turbine, averaging and subsequent extrapolation were carried out to determine    ψ  c o o l     at higher levels of initial temperatures.



The relationship between the relative coolant flow rate and the initial temperature before the gas turbine obtained during the study can be represented by the following empirical expression (2):


   ψ  c o o l   =  0.022  ·  t 0     −   19 ,   



(3)




where    t 0   —temperature before the gas turbine, °C.




2.3. Mathematical Models of Thermal Schemes and Methods for Calculating the Power Plants Performance Indicators


Thermodynamic studies of oxy-fuel combustion energy cycles were carried out using the AspenONE code, created to develop mathematical models of thermal circuits. The NIST REFPROP database was used to determine the thermophysical properties of liquids. The CCGT simulation model is shown in Figure 7a [24].



During the simulation, the temperature and pressure at the inlet to the gas turbine and the air flow in the compressor were fixed. The input parameters for the ORC are presented in Table 2. A schematic diagram of the organic Rankine cycle utilizing low-grade heat is illustrated in Figure 7b.



The methodology for calculating the rest of the CCGT energy indicators was as follows. The lower heating value of the mixture is calculated by the formula:


  L H V =   N C  V    C H  4    ·  (  1 − x  )  ·    V    C H  4       V   H 2    +  V    C H  4      + N C  V   H 2    · x ·    V   H 2       V   H 2    +  V    C H  4         ρ    C H  4    ·    V    C H  4       V   H 2    +  V    C H  4      +  ρ   H 2    ·    V   H 2       V   H 2    +  V    C H  4          ,  



(4)




where   N C  V    C H  4     —nature gas net calorific value, MJ/kg;     N C V    H 2     —hydrogen net calorific value, MJ/kg; x—volume fraction H2; VCH4—volume flow of nature gas, m3/s;    V   H 2     —volume flow of hydrogen, m3/s;    ρ    C H  4     —hydrogen density, kg/m3;    ρ   H 2     —hydrogen density, kg/m3.



The Wobbe criterion was determined by the formula:


   W  i n d   =   L H V        (  1 − x  )  ·  ρ  n N G   + x ·  ρ  n  H 2       ρ  n A i r           ,  



(5)




where    ρ  n N G    —nature gas density under normal conditions, kg/nm3;    ρ  n  H 2     —hydrogen density under normal conditions, kg/nm3;    ρ  n A i r    —air density under normal conditions, kg/nm3.



Power spent for auxiliaries:


   N  O N   =  N  H P   +  N  L P   +  N  C E P   +  N  R P    



(6)




where    N  H P     and    N  L P    —power consumed to drive high- and low-pressure electric feed pumps, respectively;    N  C E P    —power spent on the drive of condensate electric pumps, MW; MW;    N  R P    —power consumed to drive the electric pumps for the condensate recirculation of the waste heat boiler, MW.



The net power output of GTU, STP, OCR, and CCGT was determined as


   N  G T U   n e t   =  (   N  G T   −  N C   )  ·  η  E G   −  N  F C   ,  



(7)






   N  S T U   n e t   =  N  S T   ·  η  E G   −  N  O N    



(8)






    N  O C R   n e t     =  N  O T   ·  η  E G   −  N  O P   ,   



(9)






   N  C C G T   n e t   =  N  G T U   n e t   +  N  S T P   n e t   +  N  O C R   n e t   ,  



(10)




where    N  G T     is the power generated by the gas turbine, MW; Nc is the power consumed to drive the compressor of a gas turbine plant, MW;    N  F C     is the power consumed to fuel compressors, MW;    η  E G     is the efficiency of the electric generator, %;    N  S T     is the power generated by the steam turbine, MW;    N  O T     is the power generated by the ORC turbine, MW; and    N  O P     is the power consumed by the ORC pump, MW.



The thermal power supplied to the combustion chamber of a gas turbine plant is calculated as follows:


   Q  C C   =  V F  · L H V  



(11)




where VF is the volumetric flow rate of fuel gas under normal conditions, nm3.



Thermal power of the waist heat boiler is determined as follows:


   Q b  =  G  e g   ·  (   I d  −  I e   )   



(12)




where Geg is the consumption of exhaust gases, kg/s; Id is the enthalpy of exhaust gases at the inlet of the waste heat boiler, kJ/kg; and Ie is the enthalpy of exhaust gases at the outlet of the waste heat boiler, kJ/kg.



Waste heat boiler efficiency is as follows:


   η b  =   (  I d  −  I e  )   (  I d  −  I  o u t a   )   ,  



(13)




where Iouta is the enthalpy of exhaust gases at an ambient air temperature of 15 °C, kJ/kg.



The net efficiencies of GTU, STP, and CCGT were determined by the formulas:


   η  G T U   n e t   =    N  G T U   n e t      Q  C C      



(14)






   η  S T P   n e t   =    N  S T P   n e t      Q b     



(15)






   η  C C G T   n e t   =    N  C C G T   n e t      Q  C C      



(16)









3. Results and Discussion


3.1. Analysis of the Energy Performance of a Methane–Hydrogen GTU


According to the simulation results, it was found that an increase in the hydrogen content in the fuel was accompanied by a decrease in the Wobbe index and the power unit’s auxiliaries (Figure 8). According to the graph (Figure 8a) it can be seen that under these conditions, without design changes, the operation of burners and nozzles in the combustion chamber can be carried out with a volume fraction of hydrogen in the fuel mixture not exceeding 80% (33% H2 in fuel mass flow). The Wobbe index at this concentration is 43.3. With a further increase in the proportion of H2 in the composition of the fuel, traditional burners may experience a problem with the distribution of the specific heat flow, which leads to the danger of separation and flashback of the flame at the mouth of the burner with further extinction of the torch [25]. In turn, the increase in the auxiliaries (Figure 8b) was due to an increase in the volumetric flow rate of the fuel blend, leading to an increase in the power of gas booster compressors by 2.8 MW.



The minimum of the Wobbe index curve is associated with the low density of hydrogen, due to which with an increase in the volume fraction of hydrogen above 80%, an intense hyperbolic increase in the volumetric thermal power occurs (Figure 9c) and a linear decrease in fuel density (Figure 9b).



It was found that with an increase in the volume content of hydrogen in the fuel mixture from 0 to 100%, the GTU output electric power increased from 315.7 to 324.8 MW (Figure 9a), and the total output power increased by 4.7 MW (Figure 9b), which was due to an increase in the heat capacity of the working fluid with an increase in the concentration of water vapor. At the same time, the net calorific value increased from 55 MW to 120 MW, and the flow rate decreased by 2.35 times, due to which the GTU net efficiency increased (Figure 9c).



The change in gas turbine power was due to an increase in the concentration of water vapor during the combustion of H2, which is illustrated in Figure 10a. It was found that with a change in the chemical composition from 55% to 100% of the volume fraction of hydrogen, the increase in the heat capacity of the working fluid at the gas turbine inlet was 2.5 times greater than at its outlet (Figure 10b).



Figure 11 illustrates the effect of the methane–hydrogen blend chemical composition on the amount of carbon dioxide in the combustion products. It was revealed that the shift to hydrogen fuel completely disposed the production of electricity from carbon dioxide emissions.




3.2. Comparative Analysis of Energy Performance of Binary and Trinary CCGTs Operating on Methane–Hydrogen Fuel


With an increase in the volume fraction of water vapor, the volume of combustion products increased by 2.9% due to the fact that the expansion process occurred with a constant difference in entropies, and the temperature of the working fluid at the turbine outlet dropped. Figure 12a shows that an increase in the hydrogen concentration in the fuel from 0% to 100% caused a decrease in the temperature of the working fluid at the inlet to the waste heat boiler by 3.4 °C.



When shifting from methane to hydrogen fuel, the amount of heat supplied to the waste heat boiler increased, due to which the consumption of water vapor and the power of the steam turbine increased by 0.8 MW (Figure 12b). It is worth noting that due to the presence of the second circuit and the condensate gas heater, the capacity of the binary CCGT unit was higher than that of the trinary unit by 7.5 MW.



The study showed (Figure 13) that the use of the organic Rankine cycle in a trinary cycle with a single-circuit waste heat boiler made it possible to generate an additional 6.3 MW of electrical energy when operating on clean natural gas. The use of hydrogen fuel increased electricity generation by 10.3 MW.



The sharp increase in electricity generation in the ORC cycle was associated with an increase in the concentration of water vapor (Figure 14a), due to which more thermal energy was released during the H2O phase transition, which was utilized in the low-boiling cycle. However, due to technical limitations of the utilized heat exchanger, the working fluid should not have a temperature below 41.8 °C, due to which the operation of the trinary cycle up to 75% of the content of the hydrogen volume fraction in the fuel is carried out outside the range of the water vapor condensation point (Figure 14b).



With a further increase in the hydrogen concentration in the fuel, the partial pressure of water vapor increased. Due to this, after the hydrogen volume fraction in the fuel exceeded 75%, the dew point temperature reached 42 °C. The specific humidity of the exhaust gases depending on the hydrogen volume fraction in the fuel is shown in Figure 14c.



An increase in the concentration of hydrogen in the fuel increased the volume fraction of water vapor in the working fluid, which caused an increase in the heat input to the ORC and, accordingly, the generation of electricity at the plant. When comparing the efficiency of three different thermal circuits of CCGT (Figure 15), it can be seen that the greatest increase in power was observed in the trinary cycle due to the previously described phenomenon, and with an increase in the utilized energy of water vapor, the efficiency of the plant also increased.





4. Conclusions


This article achieved the following results:




	
For GTU-160, operation without a change of burner and nozzle design can be carried out with no more than 80% of the hydrogen volume fraction in the methane–hydrogen blend (33% of hydrogen in the fuel mass flow rate). The Wobbe index at this concentration is 43.3.



	
It was found that an increase in the hydrogen volume fraction in the fuel blend from 55% to 100% is accompanied by an increase in the content of water vapor in the composition of the working fluid. At the same time, the increase in the heat capacity of the working fluid at the inlet to the gas turbine is 2.5 times greater than at the outlet from it, which causes an increase in the heat drop in the gas turbine and an increase in the efficiency of the CHP by 0.227% relative to the GTU operating on pure natural gas.



	
With an increase in heat capacity, with an increase in the volume molar fraction of water vapor, a larger heat drop is triggered, due to which the temperature of the working fluid at the outlet of the turbine decreases by 3.4 °C when shifting from natural gas to pure hydrogen.



	
The use of ORC with the working fluid water vapor condensation allows the net efficiency to be increased by 0.74%. At the same time, when 75% of the hydrogen volume fraction is reached, a sharp increase in electricity generation in the ORC cycle occurs. This is due to the fact that the dew temperature of water vapor exceeds 42 °C at a given concentration, which causes H2O condensation and utilization of the phase transition heat in the ORC.



	
An increase in the concentration of hydrogen in the fuel increases the mole fraction of water vapor in the working fluid, which causes an increase in the heat input to the ORC and, accordingly, the generation of electricity at the plant to 10.3 MW.
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Figure 2. The cooled GTU scheme. 
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Figure 3. Dependences of changes in the electrical efficiency of GTU with different levels of power and temperatures on the relative flow rate of the coolant. 
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Figure 4. Dependences of changes in the electrical efficiency of GTU with different levels of power and temperatures on the relative flow rate of the coolant. 
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Figure 5. Dependences of temperature changes in exhaust gases of GTU with different levels of power and temperatures on the relative flow rate of the coolant. 
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Figure 6. Dependences of temperature changes in exhaust gases of GTU with different levels of power and temperatures on the relative flow rate of the coolant. 
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Figure 7. Mathematical models of thermal circuits. 
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Figure 8. The influence of the volume fraction of hydrogen on the performance of gas turbines. 
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Figure 9. Dependence of GTU energy parameters on the volume fraction of hydrogen. 
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Figure 10. Influence of the volume fraction of hydrogen on the thermodynamic properties of the working fluid. 
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Figure 11. Effect of hydrogen volume fraction on carbon dioxide emissions. 
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Figure 12. Dependence of the temperature of the working fluid and the output power on the hydrogen volume fraction. 
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Figure 13. Dependence of the ORC output power on the hydrogen volume fraction. 
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Figure 14. Thermodynamic characteristics of the working fluid at the outlet from the OCR. 
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Figure 15. Comparison of energy efficiency when operating on methane–hydrogen fuel of a double-circuit and single-circuit CCGT. 
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Table 1. Initial data for modeling ORC and CCGT on methane–hydrogen blend.
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Parameter

	
Value






	
Initial data for modeling CCGT




	
GT flue gas massflow, kg/s

	
509




	
GT initial temperature, °C

	
1060




	
GT pressure ratio

	
10.9




	
Exhaust gas temperature, °C

	
523.3




	
Fuel compressor internal relative efficiency, %

	
88




	
Steam turbine internal relative efficiency, %

	
90




	
Superheater hot end temperature difference, °C

	
20




	
HRSG maximum exit steam temperature, °C

	
560




	
Evaporator cold end temperature difference, °C

	
10




	
Economizer outlet water subcooling, °C

	
10




	
Deaerator inlet water subcooling, °C

	
10




	
Condenser temperature difference, °C

	
5




	
Cooling water temperature after the condenser, °C

	
25




	
Minimal heat carrier temperature at the HRSG inlet, °C

	
60




	
Minimal flue gas temperature at the HRSG exit, °C

	
80




	
Deaerator pressure, MPa

	
0.12




	
Pressure loss in superheater, %

	
5




	
Excess of pressure in deaerator extraction relative to deaerator pressure, %

	
40




	
Pressure loss between the condensate pump and deaerator, %

	
40




	
Internal efficiency of feed water and condensate pumps, %

	
85




	
Vapor fraction at the steam turbine exit, %

	
90




	
Mechanical efficiency, %

	
99




	
Electric motor and power generator efficiencies, %

	
99




	
Initial data for modeling ORC




	
Minimal regenerator temperature difference, °C

	
5




	
Maximum temperature in the cycle, K

	
373.15




	
Minimum temperature in the cycle, K

	
303.15




	
Maximum pressure in the organic cycle, MPa

	
4.5




	
Minimum pressure in the organic cycle, MPa

	
1.43




	
Pump internal relative efficiency, %

	
85




	
Turbine internal relative efficiency, %

	
85




	
Power generator and electric motor efficiency, %

	
99




	
Mechanical efficiency, %

	
99
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Table 2. GT modeling input data.
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	Parameter
	Value





	Ambient air temperature, °C
	15



	Ambient air pressure, kPa
	101.3



	Fuel
	CH4 (methane)



	Compressor internal relative efficiency, %
	88



	Turbine internal relative efficiency, %
	89



	Combustion chamber pressure loss, %
	3



	Coolant flow distribution (COOLING1:COOLING2), %
	70:30



	Mechanical and power generator efficiency, %
	99
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Table 3. Nominal characteristics of the gas turbines.
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Parameter

	
GTU Model (Manufacturer), Parameter Value




	
GT11N2 (Alstom Power)

	
SGT-1000F (Siemens)






	
GT net power, MW

	
113.6

	
67.7




	
Pressure ratio

	
16

	
15,8




	
Turbine initial temperature, °C

	
1085

	
1187




	
Exhaust gas temperature, °C

	
525

	
537




	
GT net efficiency, %

	
33.3

	
35.1




	
GT flue gas massflow, kg/s

	
400

	
191




	

	
PG9351 (GE)

	
MW701G (MHI)




	
GT net power, MW

	
256.2

	
334




	
Pressure ratio

	
16.6

	
21




	
Turbine initial temperature, °C

	
1288

	
1410




	
Exhaust gas temperature, °C

	
600

	
587




	
GT net efficiency, %

	
37.0

	
39.5




	
GT flue gas massflow, kg/s

	
643

	
750
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