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Abstract

:

The inter-shaft graphite seal is a common structure in the dual-rotor system, and may generate nonlinear lateral excitation when there is large relative angular motion at the seal position. This paper represents the first attempt to study the nonlinear behaviors of a dual-rotor system with inter-shaft graphite seal excitations. First, an excitation model of the inter-shaft graphite seal is proposed by the analytical method. This model is then introduced into the beam finite element model of a dual rotor system, and the dynamic equations of the whole system are finally obtained. The vibration responses under the effect of the inter-shaft seal are clarified by analyzing 3D waterfall plots, rotor orbits, and time and frequency domain waveforms. The results show that the inter-shaft seal can lead to vibration coupling between HP and LP rotors. The axial spring stiffness and contact end face friction coefficient of the graphite seal have a significant effect on rotor vibration. When those two parameters are small, only coupling vibration phenomena can be observed, i.e., the rotation frequency of one rotor can be observed in another rotor vibration. With the increase in axial spring stiffness or contact end face friction coefficient, multiple modes of LP and HP rotors are excited, which dominates the vibration behaviors of the dual rotor system.
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1. Introduction


An aero-engine is a type of high-speed rotating thermodynamic machinery. It consists of rotor structures and rotor-static sub-structures that have numerous contact end faces. The gaps between these contact surfaces can lead to the loss of parts and components, as well as decrease the performance and efficiency of the engine [1,2]. To address these issues, sealing technology is used to improve engine performance, enhance component lifespans, and increase engine efficiency [3].



Mechanical sealing relies on elastic elements to tighten the contact surfaces [4,5] and prevent the flow of fluids through tiny gaps. The performance of the sealing structure plays a crucial role in aircraft engine performance. Scholars have conducted a series of studies on structural parameters, optimization design, and the mechanical behavior of mechanical seals. He developed a dynamic model to study the effect of dynamic parameters such as stiffness on the mechanical end-face seals [6]. Long analyzed the effect of parameters like sealing surface width on the characteristics of the end face of the contacting mechanical seals through simulation calculations [7]. Zhou investigated the radial gap sealing performance of graphite rings. The results show that the radial contact stress of graphite rings is linearly related to the axial load but unaffected by density [8]. The effect of spring pressure on the friction characteristics of balanced mechanical seals has also been explored [9]. Chen analyzed the nonlinear contact characteristics and sealing performance mechanisms of certain types of sealing rings by using the finite element method and found that contact stress steadily increases with pressure and friction coefficient [10]. Quantitative analysis of sealing performance has been conducted based on a multi-scale sealing contact model, such as contact area, contact pressure distribution, and contact state [11]. Zhang investigated the effects of pressure, friction coefficient, and other parameters on the mechanical behavior and sealing performance of a certain type of sealing device, and revealed its deformation and stress distribution characteristics [12].



The above research mostly focuses on the seal itself. However, in actual high-speed rotating machinery, the seal structure is used in conjunction with the rotor structure, static sub-structure, and so on. The excitation load produced by the seal structure on the rotor structure can lead to changes in the dynamic characteristics of the rotor system. And the issue has received attention from several scholars [13,14]. Wileman, J., investigated the dynamic behavior of two flexible rotors, and also studied the effects of rotor dynamics coefficients such as damping and stiffness [15,16,17]. In order to solve the steady-state response of the mechanical end seal of the flexible rotor, An Sung Lee used a complex extended transfer matrix method to analyze a complete dynamic analysis of the seal friction system, including the effects of shaft inertia, liquid film, secondary seal, and axial excursion of the rotor’s center of mass [18]. Shet calculated the dynamic response of the rotor system by considering the radial growth effect of the seals at different pressure ratios. His study also emphasized the effect of the seals on the whole rotor system [19]. In order to address the problem of friction caused by the seal between the shafts in the dual rotor structure, Ling [20] carried out a study on the rotor dynamics modeling and dynamics characteristics considering the friction of the seal between the shafts. The results showed that reducing the coefficient of friction and other parameters can significantly reduce vibration and improve the stability of rotor operation.



Although more exploration has been carried out on the dynamic characteristics of the rotor-sealing system, aero-engines involve various types of sealing structures with different working principles and impacts on rotor dynamics [21]. A grapghite-end-face seal, as a kind of contact sealing structure, mainly uses axial springs, such as the pressure of the compensating mechanism, to realize the seal. It is a more ideal sealing device for modern aero-engines and widely used in aero-engine bearing cavities and other structures [22,23,24]. However, the compression force may change and become uneven accompanying the rotor’s vibration, which produces the nonlinear excitation force and leads to the complicated behaviors of the rotor’s lateral vibration. To aim at this problem, Yu built the dynamical model of the rotor system with a graphite seal and analyzed the effect of this nonlinear excitation on the rotor’s vibration [25]. In addition to the rotor-stator structure, graphite seals are also used between the inner rotor and outer rotor of the dual-rotor system, as shown in Figure 1. Different from the rotor-stator structure, the graphite seal in a dual-rotor system can lead to the coupling of two rotors, which will bring about more complex dynamic characteristics. However, to the best of our knowledge, there is a lack of sufficient research in this area.



The main purpose of this paper is to reveal the influence of the inter-shaft graphite seal on the dynamic behavior of the dual-rotor system. Considering the structural characteristics of the inter-shaft seal, the nonlinear excitation of the inter-shaft seal is established based on the mechanical analysis. Then. the whole dynamical equation is obtained by introducing this excitation model into the beam finite element model of the dual rotor system. Finally, a comprehensive analysis is conducted on the vibration response characteristics of the dual-rotor system under various parameters.




2. Model Description of a Dual-Rotor System with an Inter-Shaft Graphite Seal


Figure 1 depicts a typical configuration of an aero-engine dual rotor, which has a graphite seal between the high-pressure (HP) and low-pressure (LP) rotor shafts. The LP rotor adopts a 0-2-1 support scheme, i.e., there is 0 support before the fan structure, 2 supports between the fan structure and the turbine structure, and 1 support after the turbine structure. The HP rotor adopts a 1-0-1 support scheme, i.e., there is 1 support before the compressor structure, 0 support between the compressor structure and the turbine structure, and 1 support after the turbine structure. To prevent gas flow between the front and rear cavities, the dual-rotor utilizes a graphite seal between the two shafts. The sealing structure comprises two sealing rings, two graphite rings, axial compression nuts, and axial springs. The two sealing rings are sequentially placed on top of the LP shaft and tightened by the nuts. The two graphite rings are axially placed in the grooves between the two sealing rings. The axial spring between the graphite rings provides the axial compression force between the end surfaces of the graphite ring and the sealing ring. The graphite ring is assembled onto the HP shaft by interference fit. When the HP rotor rotates, the graphite ring also rotates at the same speed under the effect of the friction force caused by the HP shaft.



2.1. Finite Element Modeling of a Dual-Rotor System


The dual-rotor system is modeled using the beam finite element method. The rotor possesses complicated structural characteristics, including the shaft system, drum, conical shell, blade disk, and so on. For the rotor shaft and drum structure, an equal cross-section beam element is employed in the modeling. For the conical shell structure, the variable cross-section beam element is utilized. The blade disk structure is simulated using the mass element, and the supporting structure is represented by the spring element. The cross-section parameters of each beam unit are derived from the dimensional parameters of the actual structure. The mass elements have the same mass and moment of inertia as the blade disk. The stiffness coefficients of the spring elements correspond to the static stiffness of the actual supporting structure. The simplified modeling process of the beam element for the complex dual rotor structure can be referred to in our previous work. The established beam element model of the dual-rotor is shown in Figure 2. The model consists of 59 beam elements, 21 mass elements, 5 spring elements, and 64 nodes. It should be noted that the beam element is a one-dimensional line element, and the purpose of Figure 2 is to visualize the cross-section of the beam, the location of the mass element, and the location of the spring element.




2.2. Nonlinear Modeling of Inter-Shaft Graphite Seal


For the inter-shaft graphite seal depicted in Figure 1, the left and right contact faces between the graphite ring and sealing ring have a similar mechanical behavior. Thus, we use one side of the contact face to illustrate how lateral excitation is generated during the rotor’s vibration process. When the rotor rotates, the relative motion occurs between the graphite ring and the sealing ring. In the absence of rotor vibration, the compression force between the graphite ring and sealing ring is uniform. In this case, the sum of friction forces is zero. When the rotor vibrates in the lateral direction, axial relative motion occurs between the graphite ring and sealing ring. This leads to an uneven distribution of the compression force, as illustrated in Figure 3. Specifically, the contact pressure of the upper half of the contact face is reduced while the contact pressure of the lower half of the contact face increases. The uneven distribution of the contact pressure results in the uneven distribution of the friction force at the contact face, which further generates a lateral excitation force, as presented in Figure 3. This lateral force is related to the sealing parameters (axial spring stiffness, friction coefficient, and compression force) and lateral vibration of two rotors and can lead to the vibration coupling of the LP rotor and the HP rotor.



Based on the aforementioned analysis, the mechanical model of the inter-shaft seal is built, as shown in Figure 4. The seal contact behavior is simulated by a spring-moving ring element. The spring element is evenly distributed along the circumference. The axial stiffness of the spring element is    k s   , whose value is twice the value of the spring axial stiffness shown in Figure 1. The stiffness of the spring element in other directions is not considered. One side of the spring element connects the HP rotor, while another side connects the graphite ring. An initial compression force    N 0    is applied to the spring element. Because of the initial compression force, the graphite ring connecting the HP rotor contacts the sealing ring connecting the LP rotor. To facilitate the analysis, the contact between the graphite ring and the sealing ring is assumed to be a line contact. The contact radius is    r s   , and the friction coefficient is  μ . The rotation speeds of the HP rotor and the LP rotor are    ω H    and    ω L   , respectively. In this model, we only model the contact on one side. The contact force on another side is approximately the same since those two contact faces are close in axial position and have the same contact behaviors.



If the dual-rotor system has no vibration, the contact pressure between the HP and LP sealing rings is evenly distributed. During this period, the lateral load at the contact face is zero. In this case, the compression displacement of the spring element is:


   z 0  =    N 0     k s     



(1)







When the dual-rotor system vibrates, the contact behaviors and contact positions of the LP sealing ring and the HP graphite ring will change. Simultaneously, the compression displacement of the spring element along the circumferential position also changes. Thus, the contact pressure between the HP and LP sealing rings exhibits non-uniform distribution characteristics, as shown in Figure 5. For any circumferential position  α , a very small contact region   d α   is chosen. The corresponding axial displacement due to the vibration of the dual-rotor is:


      Δ z = Δ  z L  + Δ  z H      Δ  z L  =  θ x L     r s  sin α −    y L  −  y H      −  θ y L     r s  cos α −    x L  −  x H          Δ  z H  = −  θ x H   r s  sin α +  θ y H   r s  cos α      



(2)




where   Δ  z L    and   Δ  z H    are the axial displacements at position α caused by the vibration of the LP rotor and the HP rotor, respectively.    x L   ,    y L   ,    θ x L   ,    θ y L    are the lateral-translational and the lateral-angular displacements of the LP rotor in the horizontal and vertical directions.    x H   ,    y H   ,    θ x H   ,    θ y H    the lateral-translational and the lateral-angular displacements of the HP rotor in the horizontal and vertical directions. Due to axial displacement, the contact pressure corresponding to the region   d α   at the circumferential position α is as follows:


  d N  α  =        k s    2 π      z 0  + Δ z   d α        z 0  + Δ z   ≥ 0     0      z 0  + Δ z   < 0      



(3)







As a result, the friction force at the contact surface corresponding to the region   d α   can be obtained based on Coulomb’s friction law:


  d   f  s  = μ d N  α   t   α   



(4)




where    t   α    is the unit direction vector whose direction is opposite to the direction of the relative motion velocity at the contact face. For the region   d α   at the circumferential position  α , the relative motion velocity can be obtained by the following expressions:


      △  v  =   v  L  −   v  H  = △  v x   i  + △  v y   j        v  L  =     x ˙  L  −  ω L     r s  sin α −    y L  −  y H         i  +     y ˙  L  +  ω L     r s  cos α −    x L  −  x H         j        v  H  =     x ˙  H  −  ω H   r s  sin α    i  +     y ˙  H  +  ω H   r s  cos α    j       



(5)




where   i   and   j   are unit vectors in the  x  and  y  directions, respectively. According to Equation (5),    t   α    can be obtained as follows:


       t   α  = −   △  v      △  v      =   − △  v x      △  v x 2  + △  v y 2       i  +   − △  v y      △  v x 2  + △  v y 2       j      △  v x  =   x ˙  L  −  ω L     r s  sin α −    y L  −  y H      −   x ˙  H  +  ω H   r s  sin α     △  v y  =   y ˙  L  +  ω L     r s  cos α −    x L  −  x H      −   y ˙  H  −  ω H   r s  cos α      



(6)







Substituting Equations (5) and (6) into Equation (4) and decomposing the friction force in  x  and  y  directions, one can obtain:


  d  f  s x L   = − μ   △  v x      △  v x 2  + △  v y 2      d N  α   



(7)






  d  f  s y L   = − μ   △  v y      △  v x 2  + △  v y 2      d N  α   



(8)




The above two expressions are the friction forces applying to the LP rotor. The friction force applying to the HP rotor can then be obtained as   d  f  s x H    = −  d  f  s x L    ,   d  f  s y H    = −  d  f  s y L     through Newton’s third law. In addition to the friction force, the non-uniform contact pressure produces a bending moment on the rotor. The expression of the bending moment produced by the small region dα at the circumferential position  α  is shown in Equation (9):


      d  M  s x L   = −    r s  sin α −    y L  −  y H      d N  α      d  M  s y L   =    r s  cos α −    x L  −  x H      d N  α      d  M  s x H   =  r s  sin α d N  α      d  M  s y H   = −  r s  cos α d N  α       



(9)




where   d  M  s x L     and   d  M  s y L     are the bending moments applying to the LP rotor.   d  M  s x H     and   d  M  s y H     are the bending moments applying to the HP rotor. Integrating Equations (7)–(9) along the circumferential direction, the total force and moment generated by the inter-shaft seal on the LP rotor and HP rotor are shown in Equations (10) and (11), respectively:


       F  s x L   =    ∫ s   d  f  s x L      =    ∫ s   − μ   △  v x      △  v x 2  + △  v y 2      d N  α          F  s y L   =    ∫ s   d  f  s y L   =    ∫ s   − μ   △  v y      △  v x 2  + △  v y 2      d N  α             M  s x L   =    ∫ s   d  M  s x L      =    ∫ s   −    r s  sin α −    y L  −  y H         d N  α       M  s y L   =    ∫ s   d  M  s y L      =    ∫ s      r s  cos α −    x L  −  x H         d N  α       



(10)






       F  s x H   =    ∫ s   d  f  s x H      =    ∫ s   μ   △  v x      △  v x 2  + △  v y 2      d N  α          F  s y H   =    ∫ s   d  f  s y H   =    ∫ s   μ   △  v y      △  v x 2  + △  v y 2      d N  α             M  s x H   =    ∫ s   d  M  s x H      =    ∫ s    r s  sin α    d N  α       M  s y H   =    ∫ s   d  M  s y H      =    ∫ s   −  r s  cos α    d N  α       



(11)








2.3. Governing Equation of the Whole System


By introducing the above nonlinear excitation model and the unbalance model into the finite element model of the dual-rotor system, the governing equations of the whole system are obtained, as shown in Equation (12). The position of the excitation is marked in Figure 2. The expression of unbalanced force can be found in many rotors’ dynamic textbooks22.


   M  q ¨   +    C  +  G      q ˙   +  K q  =   F   u n b   +   F   f r i    



(12)







In the above equations,   M  ,   C  ,   G  ,   K   and   q   denote the mass matrix, damping matrix, gyro matrix, stiffness matrix, and displacement vector, respectively. Additionally,     F   u n b     and     F   f r i     denote the unbalanced excitation vector and the seal excitation vector, respectively. The damping matrix is formulated using the proportional damping form    C  = α  M  + β  K   . The classical Newmark numerical integration method is employed to solve the dynamic equations in this paper.




2.4. Modal Characteristics of the Dual-Rotor System without External Excitation


When ignoring the inter-shaft seal, HP and LP rotors can be regarded as two independent rotors, and the modes of the LP and HP rotors can be determined separately, as shown in Figure 6. There are three-order and two-order critical speeds for the LP and HP rotors below the operating speed, respectively. The values of the critical speed are summarized in Figure 6. The corresponding modal shapes at the operating speed are presented in Figure 7. Because the forward whirl (FW) modal shapes are similar to the backward whirl (BW) modal shapes in the same order, only the FW modal shapes are presented.





3. 3D Waterfall Plot Analysis of the Dual Rotor System


3.1. Influence of Axial Spring Stiffness


For the parameters   μ = 0.3   and    N 0  = 50   N, the steady-state vibration responses of the 2# and 3# supports are respectively obtained for different axial spring stiffness    k s  =   10  7    N/m,   2 ×   10  7    N/m, and   5 ×   10  7    N/m. The results are depicted in Figure 8. When    k s  =   10  7    N/m, the frequency domain response of the 2# support only contains the LP rotational frequency component fL, which is similar to the result without the influence of the inter-shaft seal. However, the frequency domain response of the 3# support includes not only the HP rotational frequency component fH but also fL and the 1st FW modal frequency of the LP rotor fnL1+ over a wide range of rotational speeds. This indicates that the HP and LP rotors are vibration coupled under the influence of the end seal. When    k s  = 2 ×   10  7    N/m, the frequency domain response of the 2# support still mainly contains the fL component. However, the frequency domain contents of the 3# support include not only fH, fL, and fnL1+ components but also a significant 2nd FW modal frequency component of the HP rotor, fnH2+. Meanwhile, the HP rotor’s vibration in this case is primarily dominated by 2nd modes since the corresponding amplitude is highest. When    k s  = 5 ×   10  7    N/m, the effect of the inter-shaft seal on the responses of both the LP and HP rotors is more significant. In the whole speed range, the frequency domain contents of the 2# support contain multiple modal frequency components, including fnL1−, fnL5−, and fnH2+. Among them, the 5th BW mode dominates the LP rotor’s response. For 3# support, one can also observe multiple modal frequencies of both LP and HP rotors, among which the fnH2+ component has the largest amplitude. The above phenomena indicate that the dual-rotor system seems to suffer instability when axial spring stiffness is very high. A similar instable problem has been reported before in many single-rotor systems [26,27,28]. The reason is that the dry friction force generated by the seal structure does positive work on the rotor system and increases the rotor’s energy. When the work carried out by the friction force exceeds the dissipation of the rotor’s original damping, then the rotor system becomes instable, and multiple significant modal frequencies can be found in its response.



From the above analysis, we can summarize: when the axial stiffness of the seal is small, the dual-rotor vibration is primarily dominated by the unbalanced excitation. If the axial stiffness is large enough, the seal excitation will lead to multi-order modal frequencies in the rotor’s vibration. The amplitudes of those modal frequencies can be even higher than those of the rotation frequencies, which means the vibration responses will be dominated by the rotor’s modes. It is worth noting that the vibration responses of LP and HP rotors are affected by different modes. The LP rotor’s vibration is mainly affected by the 5th BW mode, which corresponds to the bending vibration of the LP shaft. The HP rotor’s vibration is mainly affected by the 2nd FW mode, which corresponds to the pitching vibration of the HP rotor. For these two modes, the lateral-angular displacements at the seal position are all very high; therefore, these two modes are more sensitive to the seal excitation.




3.2. Influence of Different Friction Coefficients


The influence of the friction coefficient is analyzed in this section. In the following calculation, the axial spring stiffness (   k s   ) is assumed to be 2 × 107 N/m and the compression force (   N 0   ) is set at 50 N. Two different values for the friction coefficient ( μ ), namely 0.05 and 0.5, are considered. The results under the above parameters are shown in Figure 9. The analysis of the figure reveals the following findings: When   μ = 0.05  , the steady-state response of the 2# support contains only LP rotational frequency components. For the 3# support, the steady state response contains significant fL and fH, as well as fnL1+. Additionally, one can observe the 3rd resonance excited by the LP imbalance and the 2nd resonance excited by the HP imbalance. When   μ = 0.5  , the responses of the 2# and 3# supports are all dominated by the modes of the HP and LP rotors. The 2# support contains fnL1−, fnL3+, and fnL3−, as well as fnH2+, along with other combining frequencies, among them, fnL1− has the largest amplitude. 3# support frequency-domain response is dominated by fnH2+, with smaller amplitude frequency components fnL1− and fnH1+. From the above analysis, it can be concluded that when the friction coefficient is small, the vibration of the dual rotor system is primarily affected by unbalanced excitation. When the friction coefficient is high, the dual-rotor system transitions into modal vibration caused by the excitation of the inter-shaft sealing friction.




3.3. Influence of Axial Compression Forces


This section analyzes the effect of the initial axial compression force    N 0   . In the following calculation,    k s  = 2 ×   10  7    N/m,   μ = 0.3  , and the initial compression force    N 0    are 10 N and 100 N, respectively. The steady-state vibration response of the dual-rotor system is shown in Figure 10. The results reveal that when    N 0  = 10   N, the steady-state response of the 2# support only contains fL, while the response of the 3# support includes both fL and fH, as well as fnL1+ and fnH2+. It is evident that the unbalanced excitation significantly affects both the HP and LP rotors. When    N 0  = 100   N, the response of the 2# support still contains fL, while the response of the 3# support contains fL and fH, fnH1+, and fnH2+. It is important to note that the amplitude of the fnH2+ experiences a significant increase when N0 increases to 100 N, which means the vibration response of the HP rotor is primarily dominated by the 2nd FW mode. Furthermore, a comparison between    N 0  = 100   N and    N 0  = 50   N (see Figure 8b) demonstrates that the vibration response of both the HP and LP rotors is the same under these two initial compression forces. When the axial force exceeds a certain value, the dual rotor vibration response remains unchanged for the increasing initial axial compression force. Only in the case of a small initial axial compression force does the vibration response of the HP rotor change with the varying initial compression force.





4. Typical Response Characteristics of the Dual Rotor System


The analysis in Section 3 demonstrates significant differences in the rotor’s vibration behavior when the inter-shaft seal has different mechanical parameters. This section focuses on the typical response characteristics of the dual-rotor system. Herein, the results under operating speed (LP rotation speed is 10,780 rpm and HP rotation speed is 1400 rpm) and different axial spring stiffness    k s    are chosen. Figure 11 shows the axis orbits, time domain responses, and frequency domain responses of the 2# and 3# supports when    k s  =   10  7    N/m. The red and green circles represent the whirl position at time    t 0    and    t 0  + 5 d t   respectively, from which one can observe the rotor’s whirl direction. Under the given seal parameter, the orbit of the 2# support exhibits an elliptical shape. The whirl direction is counterclockwise, which is the same as the rotor rotation direction, which indicates that the LP rotor is in a FW state. In the frequency response, only the LP rotational frequency fL can be observed. For the 3# support, its orbit is more complex and irregular. Meanwhile, it also exhibits a counterclockwise whirling direction, which means the HP rotor is also in a FW state. The corresponding frequency-domain response mainly includes fL and fH, as well as fnL1+.



When the spring stiffness is increased to    k s  = 2 ×   10  7    N/m, the vibration responses of the dual-rotor system are shown in Figure 12. In the frequency domain of the 2# support, one can observe the main components, fnH2+ and fL. The steady-state vibration amplitude in the time domain exhibits the fluctuation characteristics, and the orbit approximately contains three non-coincident ellipses. From the whirling direction, we can see that the LP rotor is still in a FW state. For the 3# support, the orbit displays numerous non-coincident elliptic characteristics, and it is a FW. The vibration response in the time domain is extremely complex, while in the domain, the responses contain fL and fH and multi-order HP and LP modal components. Among them, fnH2+ in the response of the 3# support has a significantly higher amplitude compared to other components. Consequently, the rotor is primarily dominated by fnH2+.



The spring axial stiffness is further increased to    k s  = 5 ×   10  7    N/m, and the vibration responses are depicted in Figure 13. It is evident that the vibration responses of both the 2# and 3# supports first diverge and then stabilize at a high vibration amplitude. At steady-state, the vibration exhibits the pseudo-periodic feature. For 2# support, the steady-state amplitude is approximately 0.6 mm. One can observe fnL5−, fnH2+, fnL3+, fnL4+, and some combining frequencies (427 Hz: 2 fnH2++ fnL5−, 495 Hz: fnH2++2 fnL5−). It should be noted that the LP rotor is dominated by fnL5−; thus, the orbit whirling is in the clockwise direction. That means the LP rotor becomes a BW state in this case. While for 3# support, the frequency contents are fnH2+, fnL5−, and some combining frequency (51 Hz: 2 fnH2+ − fnL5−). Unlike the LP rotor, the HP rotor in this case is still in the FW state.




5. Conclusions


The nonlinear dynamic behaviors of a dual-rotor system with inter-shaft graphite seal excitations are investigated for the first time. An excitation model of the inter-shaft seal is proposed based on the deformation and force analysis. By combining the excitation model and beam finite element model of a dual rotor system, the dynamic governing equations of the whole system are built, and the vibration characteristics are revealed by analyzing 3D waterfall plots, rotor orbits, time, and frequency domain waveforms. The main conclusions are summarized as follows:




	(1)

	
The lateral excitation caused by the inter-shaft seal is closely related to the relative angular motion between the HP and LP rotors. This relative angular motion results in non-uniform normal pressure and tangential friction pressure at the seal contact end face, which further generates a resultant force that can stimulate the lateral vibration of the rotor system.




	(2)

	
The inter-shaft seal leads to the vibration coupling between two rotors. The rotation frequency component of one rotor can be observed in the vibration response of another rotor. Compared to the LP rotor, the HP rotor is more sensitive to the inter-shaft seal excitation since the modal vibration of the HP rotor is easier to excite.




	(3)

	
Under the influence of the inter-shaft seal, the rotor may exhibit a complicated time-domain response. The frequency-domain response contains multi-order modal frequency components. In addition, the LP rotor consistently exhibits the FW state, while the HP rotor may transition from the FW to the BW state when the excitation of the inter-shaft is high.




	(4)

	
Through the analysis of key parameters, the axial spring stiffness and contact face friction coefficient significantly affect the rotor vibration response, while the influence of axial compression force is less. When both spring stiffness and friction coefficient are small, the dual rotor vibration is dominated by unbalanced excitation. If the spring stiffness or friction coefficient is large enough, multiple modal components can be induced and play a leading role in vibration responses. At that time, the 1st and 5th backward whirl modes mainly dominate the LP vibration, while the 2nd forward whirl mode dominates the HP vibration. These three-order modes have large relative angular motion at the inter-shaft seal position and are therefore more likely to be excited.
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Figure 1. The structure schematic of the dual-rotor system and inter-shaft graphite seal. 
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Figure 2. Schematic diagram of simplified beam elements for HP and LP rotors. 
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Figure 3. The lateral force of the inter-shaft seal when rotor vibrates. 
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Figure 4. Mechanical model of the inter-shaft seal in dual-rotor system. 






Figure 4. Mechanical model of the inter-shaft seal in dual-rotor system.



[image: Mathematics 12 00454 g004]







[image: Mathematics 12 00454 g005] 





Figure 5. Schematic diagram of relative motion and pressure distribution between LP sealing ring and graphite ring. 
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Figure 6. Campbell diagram of the (a) LP rotor and (b) HP rotor, respectively. 
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Figure 7. Modal shapes of (a) n = 1+, (b) n = 2+, (c) n = 3+ for the LP rotor, (d) n = 1+, and (e) n = 2+ for the HP rotor under the no inter-shaft rub-impact condition. 
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Figure 8. Waterfall diagram of dual rotor vibration with different axial stiffness of inter-shaft seal: (a) ks = 107 N/m, (b) ks = 2 × 107 N/m, and (c) ks = 5 × 107 N/m. 
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Figure 9. Waterfall of dual rotor vibration under the influence of different end-face friction coefficients: (a) μ = 0.05, (b) μ = 0.5. 
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Figure 10. Waterfall diagram of dual rotor vibration under different axial compression forces: (a) N0 = 10 N, (b) N0 = 100 N. 
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Figure 11. When ks = 107 N/m dual rotor vibration response at a given speed, (a) 2# support and (b) 3# support. 
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Figure 12. When ks = 2 × 107 N/m dual rotor vibration response at a given speed, (a) 2# support and (b) 3# support. 
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Figure 13. When ks = 5 × 107 N/m dual rotor vibration response at a given speed, (a) 2# support and (b) 3# support. 
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