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Abstract

:

High-pressure ratio centrifugal compressors’ diffusers face challenges from high-velocity, non-uniform flow at the impeller outlet, decreasing efficiency and stall margin. To address this, this paper presents a novel vaned diffuser passage design method that successfully improved the compressor’s performance. An optimization method using axisymmetric hub contours and NURBS curves was applied to modify the diffuser’s design. After optimization, centrifugal compressor peak efficiency increased by 0.78%, and stall margin expanded from 12.8% to 20.4%. Analysis at the peak efficiency point showed loss reduction mainly from decreased recirculation and mixing losses in the diffuser’s vaneless and semi-vaneless spaces. Furthermore, correlation analysis and Mach number distribution revealed that flow behavior at the diffuser’s leading edge significantly influences efficiency. Consequently, design principles emphasize satisfying specific Mach number distribution rules at the diffuser’s leading edge under certain inflow conditions for optimal performance.
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1. Introduction


Centrifugal compressors are extensively utilized across diverse industries due to their high single-stage pressure ratio, operational stability, and compact structure. These machines find extensive applications in metallurgy, chemical engineering, petrochemical engineering, refineries, natural gas and pipeline industries, refrigeration, armored vehicles, automotive power units, and small aviation engines [1,2]. Centrifugal compressors require improved aerodynamic performance and a broad operating range. Centrifugal compressors with a single-stage pressure ratio exceeding 5:1 have an impeller exit characterized by supersonic flow and high non-uniformity. Consequently, the diffusion section of these machines encounters significant challenges. Typically, the velocity of this non-uniform supersonic flow is reduced by a factor of 8 in the diffuser, leading to substantial losses. Hence, investigating the flow process in the diffuser is a crucial aspect of any research program focused on centrifugal compressors [3].



The initially utilized vaneless diffuser, due to its simplistic structural design, was extensively employed. Its diffusion capability depends on the diameter of its outlet. However, as the pressure ratio of the centrifugal compressor increases, vaneless diffusers with a radius ratio exceeding 2 are no longer favored due to significant frictional losses associated with elongated diffusers. Additionally, the increase in radial length results in only negligible enhancement in pressure recovery [4]. The introduction of vaned diffusers improves pressure recovery and reduces losses for radial diffusers with identical radius ratios, although it limits the operating range of the compressor. Consequently, researchers have dedicated considerable effort to enhancing compressor efficiency and broadening its operational envelope. Yoshinaga [5] conducted exhaustive experiments on 16 distinct vaned diffusers using a model compressor test rig, revealing a critical diffusion ratio that corresponded to a notable surge in diffuser pressure recovery. Abdelwahab [6] proposed a three-dimensional vaned diffuser characterized by varying solidity and stagger angles along the spanwise direction, combining the broad operating range of low-solidity diffusers with the high performance characteristics of high-solidity diffusers. Issac [7] systematically investigated the heights of diffuser vanes and conducted comparative studies by fixing partial vanes on the hub or shroud. Remarkably, fixing partial vanes at half spacing offset on the hub and casing resulted in significant improvements in compressor performance.



Early investigations into axisymmetric endwall contouring primarily focused on turbine applications, aiming to reduce secondary vortex size and intensity by locally contracting the flow area within the turbine. This contraction aimed to minimize losses associated with these vortices [8,9,10,11,12,13,14]. In compressors, axisymmetric endwall contouring serves two primary purposes. First, it aims to improve flow near the endwall during near-stall conditions, significantly enhancing the compressor’s stall margin [15]. Secondly, it seeks to enhance the flow structure by mitigating blade tip leakage flow [16,17], controlling boundary layer flow along the endwall [18], and reducing corner separation [19]. The ultimate goal is to minimize losses and enhance the overall performance of the compressor. Sun’s research [20] explored various axisymmetric endwall profiles for transonic rotors. These profiles were found to impact shock structures, subsequently altering the compressor’s loss distribution and operating range. However, research on the application of axisymmetric endwall contouring in radial diffusers is limited. The impact of axisymmetric endwall contouring on centrifugal compressor diffuser flow, and its potential to enhance performance and expand operating range, remains underexplored. Although design insights from axial compressors can provide some guidance, the non-uniform circumferential and axial heights at the impeller exit in high-pressure ratio centrifugal compressors present more challenging inflow conditions for the diffuser. Therefore, a more detailed discussion is necessary to elucidate axisymmetric endwall contouring’s impact on the internal flow of centrifugal compressors [21].



In recent years, the development of optimization methods has accelerated due to advances in computer technology. Numerous studies have utilized various optimization techniques to optimize compressor design parameters, such as meridional passage, blade shape, and casing treatment configuration [22,23,24,25,26,27,28,29]. These studies have significantly enhanced compressor performance and expanded its operational range. Consequently, this study used the multi-objective particle swarm optimization (MOPS) algorithm to optimize axisymmetric endwall contouring in the diffuser, aiming primarily to enhance compressor performance. Following the implementation of endwall contouring, a comprehensive analysis of the diffuser’s internal flow and a thorough examination of the underlying reasons for performance improvements were conducted. To understand the factors contributing to performance changes holistically, the diffuser was divided into smaller subsections. Internal flow losses were systematically categorized, followed by a quantitative assessment of loss variations in each subsection. Furthermore, this paper summarizes Mach number (Ma) variations in the diffuser, leading to the identification of design principles for endwall contouring suitable for specific inflow conditions, based on the radial distribution of Ma.




2. Research Model and Methodology


This study focuses on a high-pressure ratio centrifugal compressor with a compact structure, featuring a single impeller with splitter blades and a wedge diffuser, as shown in Figure 1. Table 1 presents an overview of the compressor’s essential parameters.



A non-uniform rational B-spline (NURBS) curve was used to shape the hub contour. This choice was motivated by its flexibility and the convenience of associated algorithms, facilitating implementation on computer systems. These characteristics perfectly align with the diffuser hub contour design requirements outlined in this paper. Initially, the baseline hub contour is depicted as a straight-line segment. To define the hub contour, 10 control points are strategically placed. In the R–Z coordinate system, a single degree of freedom is assigned, with the R coordinate constant and only the Z coordinate varying. Table 2 details the distribution of the R coordinates for these 10 control points. Specifically, the ratio of the radius at Control Point 1 (R1) to the impeller outlet radius is 1.025, while R10 matches the exit radius of the diffuser stage. Normalization was applied to standardize distances between control points 1 and 10. To ensure proper radial inflow and outflow in the diffuser, control points are densely concentrated near the inlet and outlet. Notably, the inlet region requires particular attention because its flow dynamics critically affect the overall compressor stage performance [30,31,32,33]. Therefore, control points in this area were deliberately placed at a higher density. Control points in the middle section of the diffuser are uniformly distributed. The resulting sculpted hub contour is shown in Figure 2.



Three-dimensional steady simulation calculations for a single-stage rotor and stator channel were conducted via NUMECA Fine Turbo, using the Spalart–Allmaras model. The computational domain included periodic boundary conditions circumferentially and no-slip wall conditions on the solid wall. Inlet conditions were set to a total temperature of 288.15 K and a total pressure of 101,325 Pa, with axial inflow. Outlet conditions were defined as average static pressure. NUMECA Auto Grid5 was used for grid generation. The first-layer cell size on the wall surface was set to 0.001 mm to ensure most Y+ values for the first-layer grids on the wall were below 2. Grid independence was verified, with results shown in Figure 3. The final grid cell count was 3.1 million, with 2.3 million mesh cells for the impeller and 0.8 million for the diffuser. Figure 4 presents detailed illustrations of the grid layout.



The experimental test rig used in this study was established by the Institute of Engineering Thermophysics, Chinese Academy of Sciences. The rig consists of two parts: the compressor cycle and the turbine cycle. Airflow enters the compressor through a trumpet mouth and a rectification section without pre-swirl and then discharges into the environment through a volute. The compressor’s operational conditions are precisely regulated by a downstream throttle valve, enabling precise control over the outlet static pressure. The rotor of the compressor is driven by the turbine. The turbine cycle includes an additional compressor for gas compression, a combustion chamber for energy generation, and a turbine for power output. This apparatus allows flexible modulation of rotational speeds within the range of 0–65,000 revolutions per minute (rpm), with a minimal speed deviation of approximately ±0.15%. Calibrated double-twist flowmeters, positioned strategically at the compressor inlet, accurately measure mass flow rate with a relative error margin of ±0.5%. Piezoelectric pressure sensors and thermocouples are used to collect comprehensive data on total pressure and total temperature, enabling performance calculations. At the compressor inlet, a radial three-point rake total pressure probe is placed at 120° circumferential location to measure the total pressure. The measurement points are located radially at 66 mm, 75.5 mm, and 83.9 mm, respectively. Additionally, a static pressure probe placed at 0°circumferential location gauges wall static pressure, and a radial three-point rake total temperature probe is placed at 240° circumferential location to measure the total temperature. The radial distribution of the temperature probe measurement points is the same as the total pressure probe. At the outlet, total pressure is measured by two axial three-point rake total pressure probes placed at 180° and 300°circumferential locations, respectively, and the measurement points are located radially at 130mm. Static pressure is measured by a static pressure probe near the shroud at 30°circumferential location. Total temperature is measured by two radial three-point rake total temperature probes which are placed at 120° and 240° circumferential locations respectively, and the measurement points are also located radially at 130mm. Crucially, error propagation analysis is applied to calculate the measurements, yielding a total pressure ratio error rate of approximately ±0.3% and an isentropic efficiency error margin of approximately ±1%. Furthermore, to represent the experiment’s performance characteristics, corrections to the speed and flow rate values have been made. Notably, at the specified inlet Reynolds number, the compressor’s performance consistently falls within the self-modelling region, as previous studies [34,35] have determined. Finally, Figure 5 shows the agreement between the experimental findings and the numerical simulations, demonstrating the efficacy and reliability of the numerical methodologies used in this research.



Multi-objective particle swarm optimization (MOPSO) optimizes calculations by mimicking the social behavior of animal groups, like flocks of birds or fish shoals. Finding an optimal design point resembles the food-foraging activity of these organisms. Particle swarm optimization is a population-based search procedure where individuals (called particles) continuously change position (called state) within the search area. In simpler terms, particles ‘fly’ through the design space to find the best position. The particle’s next position is determined by the best position it and its neighbors encounter, along with its current velocity and inertia. For this study, the “maximum iterations” was set to 30, and the “number of particles” at 10. A total of 10 control points were named Control Point 1 to Control Point 10. The first two control points had a z-coordinate fixed at 0 to align the diffuser inlet with the impeller outlet. The last control point’s z-value matched Control Point 9, creating a parallel hub and shroud at the diffuser outlet to facilitate radial outflow. Thus, a total of 7 variables are needed, as detailed in Table 2. The variables can vary by ±1.5 mm, accounting for about 35% of the diffuser’s vane height. The optimization objective is to achieve higher peak efficiency while maintaining flow rate, static pressure rise, and total pressure rise. This optimization aims to improve peak operating point efficiency with minimal changes to mass flow rate and the diffuser’s pressure recovery capacity. The baseline mass flow rate at the peak efficiency point was 1.513 kg/s, with an efficiency of 81.12% and a pressure ratio of 6.029.




3. Discussion of Numerical Results


3.1. Comparison of Performance


Figure 6 depicts the performance characteristics before and after optimization. Mass flow rate values have been normalized using their respective choke mass flow rates for dimensionless representation. After optimization, significant improvements in efficiency and pressure ratio at the peak operating point were observed. Specifically, efficiency improved notably by 0.78%. Furthermore, the stall margin of the baseline, initially 12.8%, expanded to 20.4% after optimization, a remarkable increase of 7.6%. The margin, indicative of operational stability, was calculated using Equation (1):


  SM =      π  stall   /  m  stall      π  design   /  m  design     − 1   × 100 %  



(1)







Compared with the baseline, the reduction in choke mass flow rate was about 0.5%, as shown by Equation (2). This decline is primarily due to the optimized diffuser’s throat area. In the centrifugal compressor stage’s original design, the throat was located at the diffuser’s narrowest region. As the static pressure at the compressor outlet gradually decreases to a threshold, a shock wave initially forms at the diffuser throat. Even with further reduction in outlet static pressure, downstream perturbations cannot propagate upstream across the diffuser throat, establishing a definitive choke. After optimization, the hub profile of the diffuser is elevated at the throat location, causing channel contraction and a consequent reduction in throat area compared with the baseline. Consequently, this reduced flow capacity leads to a lower flow rate at the choke point.


  MC =    m   Baseline , choke    −  m   Opt , choke       m   Baseline , choke      × 100 %  



(2)







As defined by Equation (3), compressor efficiency is the ratio of isentropic work to actual work performed. This relationship can be expressed through total temperature and total pressure values. Thus, compressor isentropic efficiency is mainly influenced by two factors: the total pressure ratio and the total temperature ratio at the inlet and outlet. Therefore, the total pressure ratio indicates isentropic work, and the total temperature ratio indicates actual work accomplished. At the peak efficiency point of the baseline case, the optimized compressor shows an increased total pressure ratio and a decreased total temperature ratio under identical flow conditions. This implies that the optimized compressor not only enhances its functional capabilities but also mitigates actual losses. For a compressor, these scenarios are desirable objectives for designers to pursue. Moreover, in a cyclic system like an aircraft engine, a higher total pressure ratio in the compressor improves overall system efficiency.
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The centrifugal compressor consists of three distinct components: the impeller, the vaneless space (VLS) region of the diffuser, and the vane space (VS) region of the diffuser. A thorough analysis before and after optimization elucidates each component’s impact on efficiency and total pressure ratio. Figure 7 shows significant performance improvements in all three components of the optimized compressor. The impeller, a work-generating component, has its performance gauged primarily by efficiency. After optimization, the impeller’s efficiency improves markedly across all conditions, especially at lower flow conditions with a 0.2% increase. Conversely, the vaneless and vane space regions of the diffuser are static components, with performance assessed via the total pressure loss coefficient, as outlined in Equation (4). After optimization, the vaneless space region of the diffuser shows a notable decline in total pressure loss across all mass flow conditions, particularly near lower flow operating points. For the vane space region of diffuser, the pre- and post-optimization change in total pressure loss is minor, showing decreased loss at lower and increased loss at higher mass flow operating points.



The static pressure recovery coefficient is a crucial metric for diffuser performance, representing the ratio of actual to theoretical maximum static pressure increase, as expressed by Equation (5). The main goal of diffuser design is to convert kinetic energy from the fluid at the impeller outlet into potential energy. Both vaneless space and vane space regions have diffusing capabilities, with the vane region notably outperforming the vaneless region. This discrepancy has led to the gradual replacement of vaneless diffusers with vane-type diffusers, especially as centrifugal compressors’ pressure ratios have increased over time.



After optimization, the vaneless space region’s static pressure recovery coefficient significantly improved, with its diffusing capacity increasing by approximately half, as shown in Figure 8. The vaneless passage expanded after optimization, enlarging the outlet area, as shown in Figure 2. This intensified fluid flow deceleration and subsequent pressure increase, enhancing diffusing capability. Conversely, the vane space region’s static pressure recovery coefficient slightly decreased after optimization. Nevertheless, the overall static pressure recovery coefficient of the diffuser, including both vane and vaneless regions, exceeded the original baseline. This indicates that optimization not only preserved the diffuser’s diffusing capability but also improved the compressor’s operational efficiency.
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3.2. Comparison Peak Efficiency Point


Optimizing the compressor with diffuser hub contouring significantly improved the peak efficiency point. Efficiency improvement is closely related to changes in losses due to the internal flow structure of the compressor. Discussing losses from various flow structures in the compressor is crucial for studying its aerodynamic and thermodynamic processes. According to the second law of thermodynamics, irreversible processes within a system result in a loss of available work and increased entropy production. Losses occur simultaneously with entropy production, so this paper uses entropy production to measure changes in losses. For a control volume, the difference in entropy between the outlet and inlet sections equals the entropy production within the volume. Therefore, the increase in entropy through the components quantitatively measures the losses during the flow process, as definition in Equation (6).



To identify the sources of loss variations in compressor components, the dissipation coefficient is introduced [36]. The dissipation coefficient formula, derived from the Reynolds-averaged Navier–Stokes equations, is as follows. The equation’s right-hand side terms represent entropy production from viscous dissipation and heat transfer under finite temperature gradients. The equation accounts for local velocity gradients, temperature gradients, and turbulence intensity, the main factors deviating the diffuser’s actual thermodynamic processes from isentropic processes. Introducing the dissipation coefficient allows quantitative analysis of losses in various flow structures.



The single-stage centrifugal compressor comprises five components: the inlet region, impeller, VLS, VS, and outlet region, as illustrated in Figure 1. However, the minor contribution of losses in the inlet and outlet regions means their impact on overall efficiency, both before and after optimization, is negligible. Therefore, a separate discussion on these regions is omitted. For loss analysis in this study, the inlet region and impeller are merged into one component, the impeller, and the outlet region and VS are combined as the VS. Thus, the original five components are reclassified and consolidated into three sections.



The diffuser’s flow structure is classified into six categories of losses. The first category is boundary layer loss (Lossbl), arising from the high-entropy region generated by the non-slip surfaces of hub, shroud, and vanes. Numerical calculations assume a fully turbulent boundary layer without considering its transition. Given the rapid drop in fluid velocity within the diffuser and the complexity of three-dimensional flow, determining core flow is challenging. Therefore, Y+ is used to identify the boundary layer, with areas where Y+ < 400 considered as such. Outside the boundary layer, the velocity gradient significantly decreases compared to near the wall. Although this method may introduce error, defining the boundary layer in the diffuser’s three-dimensional compressible flow is challenging. Furthermore, previous studies [37,38] have also used Y+ as a standard to differentiate the boundary layer. The second loss category is shock loss (Losssh), where shocks in transonic or supersonic compressors at the impeller and diffuser inlets cause discontinuities in velocity and density, creating a high-entropy region. Density and Mach number gradients classify the shock region. The shock region is defined as an area where both indicators exceed a set standard. The third loss category, recirculation loss (Lossre), refers to recirculation flow within the VLS and semi-vaneless space region (SVLS) of the diffuser. This results from large flow angles and inverse pressure gradient that prevent downstream flow, allowing only repetitive flow within this area and causing extra loss. Radial velocity (Vr) < 0 identifies the recirculation region. The fourth loss category, backflow loss (Lossbf), occurs when fluid flows in the opposite direction to the core flow within the diffuser channel. The flow direction of the core flow within the diffuser is defined as the mid-curve direction of the wedge vane. Areas where the core flow velocity (Vc) < 0 indicate backflow. The fifth category of loss, vortex loss (Lossvo), arises from vortices generated by the fluid’s shear force due to viscosity. However, this includes the recirculation and backflow areas, as their flow structures are clearer, as discussed separately. Liu’s Ω recognition criterion [39] differentiates the vortex loss region, with Ω = 0.52 as the critical value. The final loss category, mixing loss (Lossmi), includes all remaining areas, such as the core flow. Given the complexity of three-dimensional flow, these criteria assess only flow structures with clear characteristics, like Vc < 0 in the backflow area. However, even when the backflow area’s boundary velocity is 0, the significant speed difference with the core flow leads to mixing and heat transfer, causing loss. This is defined as mixing loss.



The analysis establishes that the compressor’s efficiency enhancement is influenced by three components: the impeller, VLS, and VS. Changes in losses for these compressor elements, before and after optimization, are depicted in Figure 9. Assuming the total loss reduction for the compressor is 100%, the VLS shows the largest decline, accounting for 50.2% of the reduction. The VS follows closely, contributing to a 33.6% reduction in losses. In contrast, the impeller shows the smallest change in loss, representing only 16.2% of the total reduction.



It is notable that during calculations, fluid intermixing occurs unavoidably at the rotor–stator interface. This intermixing, a numerical result, may lead to an overestimation of losses within the VLS. However, considering losses across the entire diffuser (both the VLS and VS), this deviation’s impact is negligible.
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Optimization of the hub contour of the diffuser significantly influences the flow behavior of the upstream impeller. This change primarily occurs in the impeller’s exit region, with the flow near the upstream portion remaining relatively unchanged. Figure 10 illustrates the entropy contour map and streamlines on the meridional plane, after circumferential averaging in a centrifugal compressor stage. Within the impeller, velocity distribution along the span is highly non-uniform, attributed to flow separation, secondary flow, and leakage through blade tip clearances. The baseline compressor shows backflow near the shroud at the impeller exit, coinciding with high-entropy regions within the impeller, as depicted in the figure. This area significantly contributes to loss generation. Optimization results in a more uniform flow field at the impeller outlet, effectively suppressing backflow. As shown in Figure 11, entropy distribution along the span at the optimized impeller outlet shows a significant decrease at over 60% of the span locations. Consequently, the reduction in backflow, more uniform velocity variation along the spanwise, and diminished velocity gradient at the impeller outlet collectively reduce losses. The primary reason for this reduction in losses is the weakened shear effect due to reduced velocity non-uniformity.



The vaneless region, lacking vanes, features a straightforward flow structure. First, with the expansion of the radius, the meridional channel widens, and the meridional fluid velocity component decreases. Second, without blade forces and frictional effects, the fluid’s angular momentum is conserved, reducing the tangential velocity component as the radius increases. Subsequently, when the hub and shroud of the VLS are parallel, the radial determines the achievable ideal pressure recovery. In this study, the VLS hub was redesigned to show an expanding trend in the optimization results, increasing the diffuser width with radius expansion. Consequently, the ideal pressure recovery of the VLS is jointly determined by the height and radius ratios at the inlet and outlet.



Figure 12 shows the spanwise distribution of entropy change and mass flow coefficients at the VLS inlet and outlet. The mass flow coefficient is defined in Equation (7). After optimization, the entropy change coefficient decreases at lower spanwise positions and increases at higher ones. This trend matches the flow coefficient variation, indicating a strong correlation between radial velocity and loss distribution along the span. Expansion of the hub profile results in an increased area ratio at the VLS inlet and outlet, enhancing its pressure recovery capability. Enhanced diffusion within the VLS leads to reduced high-speed flow velocity at lower spanwise positions compared with the baseline and increased radial velocity at higher positions. Additionally, suppression of the recirculation region near the shroud results in a more uniform flow distribution across the span.


  φ =   ρ  V r      (   ρ  V r   ¯  )   in      



(7)







Flow losses in the VLS are categorized into recirculation loss, boundary layer loss, and mixing loss, as shown in Figure 13. After optimization, all three types of losses decreased. For the baseline, recirculation flow constituted 16% of the total volume within the VLS, reduced to 15% after optimization. Optimizing the diffuser hub contour effectively suppressed recirculation flow in the vaneless region, reducing this type of loss. The reduction in boundary layer loss after optimization is primarily due to two factors. First, a decrease in core flow velocity led to a thinner boundary layer region. Second, flow passage expansion enhanced deceleration and pressure recovery at the hub, reducing the velocity gradient along the hub’s vertical surface and thereby decreasing boundary layer losses. Of the three loss types, mixing loss saw the most significant decrease, accounting for 64% of the total loss reduction in the VLS. The optimized VLS showed a more uniform flow distribution and a reduced recirculation region, leading to a significant decrease in mixing losses between the core flow and low-energy fluid.



The flow characteristics in the VS are intricate, requiring division into two regions: the SVLS and the vane passage (VP) region. Compressor operation stability is affected by SVLS flow dynamics, which will be detailed in subsequent sections. In the SVLS, losses are categorized into six components: backflow, recirculation, boundary layer, shock, vortex, and mixing loss. Changes in these loss components, before and after optimization, are visually depicted in Figure 14. Backflow loss mainly occurs in two regions where flow reveres from downstream to upstream, at the junction between the suction surface and shroud, as illustrated in Figure 15. The white streamlines in the diagram represent the leading edge vortex (A in Figure 15) generated by the vane, due to high incidence angles near the shroud endwall of the vane. The proximity to the shroud causes flow angles in the VLS to exceed 90°, leading to recirculation phenomena. As a result, the SVLS, immediately downstream of the VLS, shows a similar incidence angle phenomenon at a high spanwise location. This large incidence angle causes separation at the leading edge of the vane, worsened by significant losses in corner regions from adverse pressure gradients. Yellow streamline convergence forms throat vorticity (B in Figure 15) near the diffuser’s throat region, where the shroud and suction surface meet, with vorticity normal vectors perpendicular to the suction surface of the vane, extending outward. Flow separation in this region is attributed to shock waves, leading to extensive backflow regions along the chord length of the diffuser vane. After optimization, the scale of leading edge separation reduces, and throat vorticity significantly diminishes, as depicted in the diagram. This change is attributed to two main factors. First, reduced incidence angles at high spanwise locations of the diffuser after optimization enhance inlet conditions. Second, the optimized hub meridian line’s contraction configuration from the diffuser inlet to the throat reduces adverse pressure gradients in the SVLS, minimizing the likelihood of flow separation.



Optimization measures resulted in a significant reduction in recirculation losses in the SVLS, the second largest change in loss components, accounting for about 34% of the total changes in this region. Fluid recirculation mainly occurs near high spanwise locations, similar to the VLS recirculation, and depends on the flow angles at the impeller exit. Moreover, pressure variations in the SVLS significantly affect recirculation flow. Reduced diffusion capabilities from optimization increase flow capacity in this region, thereby reducing recirculation tendencies. Changes in boundary layer loss represent the largest reduction in the SVLS losses, amounting for about 44% of the total reduction. The non-uniform radial velocity distribution along the span at the impeller exit creates a significant discrepancy between high and low span positions, with the high-span region having a pronounced positive incidence angle and the low-span region a negative incidence angle at the diffuser inlet. As a result, a clockwise channel vortex forms in the diffuser from the inlet direction, as shown in the diagram. Optimization leads to more uniform flow angle distribution at the diffuser inlet, attenuating the channel vortex’s strength and reducing vortex loss. Conversely, changes in shock and mixing loss are negligible.



Losses within the VP are classified and analyzed as shown in Figure 16, excluding the negligible impact of shock waves, contributing only about 0.1% to total losses and not depicted in the figure. After optimization, significant changes result from the hub contour’s expansion configuration beyond the throat region, as illustrated in Figure 1. This configuration leads to a more pronounced channel expansion in the region compared with the baseline. The increase in adverse pressure gradient enlarges the existing backflow region (C in Figure 15), leading to increased backflow loss. Downstream flow development in the VP is accompanied by a gradual thickening of the boundary layer. Backflow regions always appear near the wall surface, with the boundary layer thickness becoming substantial, enough to envelop the entire backflow region. Consequently, a portion of the mixing loss associated with backflow is included within the boundary layer, leading to increased boundary layer loss. Furthermore, reduced flow angles in the VP after optimization contribute to the observed decrease in vortex loss, reflecting changes seen in the SVLS. A more uniform flow angle distribution in the VP attenuates channel vortices’ intensity, reducing vortex loss. Remarkably, variation in mixing loss is minimal, with negligible changes before and after optimization. Figure 17 visually represents changes in different loss types within the diffuser before and after optimization. Reductions in recirculation loss and mixing loss are significant, each accounting for about 30% of the total loss reduction in the diffuser. Additionally, reductions in boundary layer and vortex losses contribute about 20% to the diffuser’s total loss reduction. Conversely, backflow and shock loss show minimal or no discernible changes before and after optimization.



The optimized diffuser demonstrates enhanced efficiency and notable advancements in operating margin stability. Examining the near stall point of the baseline and comparing it to the same mass flow operating point after optimization successfully identified factors contributing to the operational range expansion.



As the compressor’s mass flow rate decreases, the incidence angle at the diffuser inlet, particularly at high spanwise positions, shows rapid growth at the leading edge of the vane. When the mass flow rate drops below a critical threshold, the diffuser is the first component in the compressor stage to stall. Figure 18 shows the spatial distribution of radial velocity and incidence angle along the span at the diffuser inlet. As the compressor flow rate diminishes, the region with Vr < 0 at the diffuser inlet expands at higher spanwise positions, leading to an increasingly unstable flow within the VLS. Furthermore, radial velocity influences the flow angle at the diffuser inlet. As the flow rate decreases, radial velocity diminishes concurrently. However, with the impeller’s constant rotational speed, changes in the tangential velocity component (Vt) are minimal, leading to an increased incidence angle at the diffuser inlet. This increased incidence angle induces flow separation at the leading edge of the diffuser, destabilizing the flow within the SVLS. Previous studies have shown that the VLS and SVLS are critical areas limiting the centrifugal compressor’s stability characteristics [33,40,41,42]. After optimization of the hub contour, the recirculation area at high spanwise positions and the incidence angle at the diffuser inlet significantly decrease, allowing the compressor to operate at a lower mass flow rate.



Statistical analysis was performed on the optimization cases. This investigation examined the correlation between seven design variables and the objective of isentropic efficiency. Spearman’s rank coefficient quantifies the relationship between pairs of variables, as expressed in Equation (8). Spearman’s rank coefficient ranges between −1 and 1, with values near these extremes indicating a stronger correlation. In the formula, xi and yi are the ranks of the two variables,     x  ¯    and     y  ¯    are the average ranks of the respective variables, and n is the total number of samples:


  r =     ∑  i = 1  n   (  x i  −  x ¯    ) (  y i  −  y ¯  )       ∑  i = 1  n   (  x i  −  x ¯     ) 2    ∑  i = 1  n   (  y i  −  y ¯     ) 2       



(8)







Figure 19 depicts Spearman’s rank coefficients between each variable and objective efficiency. All seven variables had coefficients below 0.5, indicating no significant correlation with efficiency. This suggests a complex interplay among design variables collectively influencing objective efficiency, rather than a single key variable impacting compressor efficiency. Comparing Spearman’s rank coefficients reveals that the first three variables have higher coefficients, indicating a closer association with the objective function and establishing them as key variables. Furthermore, the geometry of the hub, particularly near the diffuser’s upstream region, significantly influences compressor efficiency. Therefore, the design of the VLS and SVLS is critical for enhancing diffuser performance.



Based on this, a discussion was held about the samples used in the optimization process. In diffusion devices, converting kinetic energy to potential energy is crucial for high efficiency and minimizing work loss. Therefore, Ma is commonly used to measure kinetic energy. This research investigates Ma variations in the diffuser’s meridional passage to identify the optimal Ma distribution pattern. The geometric design of the diffuser passage is critical to ensure Ma changes within a reasonable range, preventing flow instabilities and maximizing the pressure recovery coefficient. Specifically, it is desirable for Ma to decrease rapidly within the diffuser, converting more kinetic energy into potential energy. However, if Ma decreases too rapidly, it can cause intense turning and squeezing of fluid within the passage, increasing adverse pressure gradients, and leading to flow separation or backflow, thus increasing flow losses. Therefore, careful geometric design of the diffuser passage is necessary to optimize Ma changes, thereby enhancing system efficiency.



The ideal variation of Ma in the VLS diffusion is a uniform decrease. A linear relationship between Ma and the radial position (R) with a constant slope is desirable for stable, uniform diffusion, reducing losses. Figure 20 shows several optimization cases, Case 1 to Case 4, with peak efficiencies ranging from 79.36% to 81.90%, compared with the baseline peak efficiency of 81.12%. The equation for the optimal Ma distribution in the diffuser’s VS is presented as Equation (9).



Here, y represents the nondimensionalized Ma at the diffuser inlet (using mass-averaged Ma), and x denotes the radial position normalized by the inlet radius. Equation (10) represents the partial derivative of the optimal Ma distribution regarding the meridional passage, indicating the Ma distribution slope and explaining the optimal velocity distribution trends. The optimal Ma distribution requires a rapid decrease at the VLS leading edge and a smooth decrease within the VP, aligning with previous findings [43]. However, near the upstream bladeless region, the velocity drop should not be overly rapid, with a slope not smaller than −6.1. As flow moves downstream, the slope gradually increases. Cases like the baseline, Case 4, and Case 5 show a rapid decrease in velocity at the diffuser inlet, leading to decreased efficiency. Case 5 deviates most from the optimal Ma distribution and has the lowest peak efficiency. These results, combined with correlation analysis, highlight the critical role of the diffuser inlet position in design optimization. The optimal Ma distribution patterns offer guidance for further diffuser design, but the equation from this study applies only to specific inflow conditions, like transonic and supersonic inflows. When inflow Ma varies, necessary adjustments and optimizations should be made.


  y = 46.653  x 4  − 246.025  x 3  + 485.685  x 2  − 425.986 x + 140.678   ( 1 < x < 1.49 )  



(9)









     ∂ y   ∂ x   = 186.612  x 3  − 738.075  x 2  + 971.370 x − 425.986   ( 1 < x < 1.49 )   



(10)









4. Conclusions


This study introduces an optimized diffuser hub contour design for a high-pressure ratio centrifugal compressor to enhance peak efficiency. A detailed analysis of losses at the peak efficiency point elucidates the reasons for reduced losses after optimization. Furthermore, flow conditions near the stall point were analyzed to determine the reasons for an expanded stall margin after optimization. Subsequently, a statistical analysis identified key design variables and proposes rules for optimal Mach number distribution in the diffuser. The findings are as follows:




	
The study confirms the feasibility of enhancing centrifugal compressor efficiency and operating range by optimizing the diffuser’s hub contour. The optimized centrifugal compressor showed a 0.78% increase in isentropic efficiency and a 7.6% enhancement in the stable operating margin, from 12.8% to 20.4%, compared with the baseline.



	
Optimizing the hub contour significantly affects the centrifugal compressor’s diffuser components. Diffuser loss reduction accounts for 83.8% of the compressor’s overall loss variation, with 50.2% from the vaneless space and 33.6% from the vane space region. Reductions in recirculation and mixing loss were especially notable in the loss classification.



	
After adopting the optimized hub contour, radial velocity flow distribution in the diffuser’s vaneless space becomes more uniform, with decreased flow angles at high spanwise locations. Consequently, recirculation flow suppression in the vaneless and semi-vaneless regions improves compressor stability and enables operation at lower mass flow conditions.



	
Analysis reveals that no individual variable determines the compressor’s isentropic efficiency, highlighting the interdependence of variables during optimization. However, the first three variables near the diffuser’s leading edge have a greater influence on the compressor’s isentropic efficiency.



	
An examination of the Mach number distribution in the diffuser indicates that the Mach number variation at the diffuser inlet significantly impacts efficiency. Under transonic or supersonic inflow conditions of the diffuser, adherence to the provided rules for Mach number distribution in this paper can minimize diffuser losses.
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Abbreviations




	
PS

	
pressure surface




	
SS

	
suction surface




	
VLS

	
vaneless space




	
SVLS

	
semi-vaneless space




	
VP

	
vaned passage




	
Var

	
variable




	
SM

	
stall margin




	
π

	
total pressure ratio




	
m

	
mass flow rate




	
MC

	
mass flow rate change in choke point




	
V

	
velocity




	
L

	
work




	
k

	
adiabatic coefficient




	
R

	
gas constant




	
η

	
efficiency




	
P

	
pressure




	
T

	
temperature




	
Cpt

	
total pressure loss coefficient




	
Cp

	
static pressure recovery coefficient




	
s

	
specific entropy




	
ρ

	
density




	
Φ

	
local dissipation coefficient




	
τ

	
friction stress tensor




	
u

	
velocity component in cartesian coordinate




	
λ

	
thermal conductivity coefficient




	
     T  ¯    

	
temperature after Reynold average




	
μ

	
dynamic viscosity




	
span

	
spanwise (from bottom to top of the blade)




	
r

	
Spearman rank coefficient




	
Subscripts




	
stall

	
stall condition




	
design

	
design condition




	
Opt

	
optimization case




	
t

	
total parameter




	
ideal

	
ideal condition




	
actual

	
actual condition




	
in

	
inlet




	
out

	
outlet




	
r

	
radial




	
c

	
core
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Figure 1. Schematic view of the object compressor. 






Figure 1. Schematic view of the object compressor.
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Figure 2. Schematic view of NURBS curves and diffuser hub contouring. 
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Figure 3. Results of the grid independence test. 
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Figure 4. Illustration of the grid and computational domain. 
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Figure 5. Comparison of the baseline compressor performance characteristic between the numerical calculations and experiments. 
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Figure 6. Comparison of the compressor performance characteristic between baseline and optimization. 
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Figure 7. Comparison of the component performance characteristic between baseline and optimization. 






Figure 7. Comparison of the component performance characteristic between baseline and optimization.



[image: Aerospace 11 00246 g007]







[image: Aerospace 11 00246 g008] 





Figure 8. Comparison of the component static pressure recovery coefficient between the baseline and optimization. 
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Figure 9. Loss change in different components after optimization at peak efficiency condition. 
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Figure 10. Entropy contour map and streamlines on the meridional plane for a centrifugal compressor stage at peak efficiency condition. 
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Figure 11. Comparison of entropy distribution spanwise at the impeller outlet between the baseline and the optimization at peak efficiency condition. 
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Figure 12. Comparison of entropy change (a) and mass coefficient (b) between baseline and optimization at peak efficiency condition. 
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Figure 13. Comparison of VLS entropy increase between baseline and optimization at peak efficiency condition. 
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Figure 14. Comparison of SVLS entropy increase between baseline and optimization at peak efficiency condition. 
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Figure 15. Comparison of flow details in diffuser between baseline and optimization at peak efficiency condition. 
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Figure 16. Comparison of VP entropy increase between baseline and optimization at peak efficiency condition. 
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Figure 17. Comparison of different losses in diffuser between baseline and optimization at peak efficiency condition. 
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Figure 18. Radial velocity and incidence in the diffuser inlet under different operating conditions. 
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Figure 19. Spearman rank coefficient between variables and isentropic efficiency. 
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Figure 20. Optimal Ma distribution and Ma distribution in different cases. 
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Table 1. Main compressor parameters.
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	Parameter
	Value





	Design mass flow rate
	1.51 kg/s



	Design total pressure ratio
	5.9



	Impeller
	



	Number of blades
	12 + 12



	Design rotating speed
	65,000 rpm



	Tip radial clearance
	0.15 mm



	Inlet diameter
	112 mm



	Outlet diameter
	162 mm



	Wedge diffuser
	



	Number of blades
	23



	Inlet diameter
	174 mm



	Outlet diameter
	242 mm



	Blade height
	8.5 mm










 





Table 2. Control point settings for hub contouring.
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	Control Point Number
	1
	2
	3
	4
	5
	6
	7
	8
	9
	10





	R
	0
	0.05
	0.1
	0.2
	0.35
	0.5
	0.65
	0.8
	0.95
	1



	Z
	0
	0
	Var1
	Var2
	Var3
	Var4
	Var5
	Var6
	Var7
	Var7
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