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Abstract: The static and dynamic performances of a machine tool structure are considered to consti-
tute the primary factors affecting the load-carrying capacity, geometric accuracy and surface precision
of the workpiece. The machining performance of a large machine tool under stable conditions is
effectively determined by its dynamic response to the cutting force at low-frequency excitation.
This study, therefore, investigated the static and dynamic characteristics of a large heavy-duty lathe
machine tool in which the headstock and tailstock comprised critical component modules supporting
a large workpiece during low-speed machining. Using a finite element model, the influences of the
structural modules on the static and dynamic characteristics of the lathe were analyzed, considering
the effects of the workpiece load. The results indicated that the fundamental vibration modes of the
lathe were primarily dominated by headstock, tailstock, and workpiece behaviors. The maximum
compliances of the lathe under the rated load were found to occur at relatively low frequencies
(22, 40.7, and 82.7 Hz) and increase with the reduction in workpiece weight. Notably, these modal
frequencies were significantly higher than the maximum rotational speed of the spindle (450 rpm). In
addition, the dynamic rigidity corresponding to the rated speed was higher than that induced at the
natural frequency. These results indicate that the subject lathe possesses sufficient capacity to sustain
the cutting load during stable turning machining. This study can, therefore, help designers improve
the performance of machine tools for future fabrication.

Keywords: dynamic rigidity; frequency response function; large heavy-duty lathe; five-axis turning-
milling machine

1. Introduction

In recent years, renewable energy power stations and offshore platforms have been
vigorously developed, the demand for offshore wind turbines has increased considerably,
and the capacity requirements for wind turbines have grown [1]. In response to this
trend, wind turbines are being designed in progressively larger sizes. However, this has
increased the demand for large structural components such as towers and rotor shafts, as
well as heavy lifting equipment, prompting the development of heavy-duty multitasking
turning machines in the manufacturing industry [2,3]. These heavy-duty machines can
hold workpieces as long as 10 m, weighing more than 40 tons [4]. Meeting the requirements
for processing quality, accuracy, and efficiency is an important task in the design of such
heavy-duty machine tools [1].

The static structural performance of a machine tool affects its load-carrying capacity
and the geometric accuracy of the machined workpiece. The dynamic characteristics
of the tool have a significant influence on its motion precision and stability, processing
quality, and machining efficiency. Machining performance can be expressed in terms of
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the material removal rate achieved while maintaining sufficiently high surface accuracy
and can be optimized by selecting chatter-free machining conditions for a specific tool [5,6]
based on the stability lobe diagram. According to machining mechanics, stability lobes
can be calculated using the frequency response function (FRF) assessed at the tool point
undercutting force excitation [7]. Essentially, the FRF of the tooling point can be considered
representative of the dynamic characteristics of the machine structure and tooling module,
which include the spindle tool with machine frame, workpiece and fixtures, lathe spindle
chuck, and tailstock. Therefore, the machining stability and performance of a machine tool
can be easily evaluated by measuring the frequency response of the tool point. For example,
to identify the machine design features limiting productivity, Urbikain et al. [8] proposed a
multimode analytical method for predicting the stability of a large horizontal lathe at a low
rotational speed. Furthermore, Hung et al. [9] reported that the machining stability of a
tool could be categorized into different ranges according to the FRF at the tool point, which
clearly exhibited lower- and higher-frequency modes dominated by the dynamic behaviors
of the machine structure and spindle tool, respectively.

However, heavy-duty machine tools are often designed using specifications defined
to meet custom requirements for specific parts and operating conditions [1]. To conduct
performance evaluations during the design stage, the structural characteristics of the ma-
chine can be characterized by static and dynamic behaviors under various loading modes,
respectively, thereby enabling further optimization [10–15]. Hong et al. [10] conducted
the static structural analysis of a five-axis turning–milling machine by using the computer
aided engineering (CAE) commercial software simulation module. The static stresses and
displacements of machine structure modules, such as primary and secondary shaft systems
under different load modes and clamp boundary conditions of machinery beds were stud-
ied. With the same method, the natural frequencies of the machine with different clamping
conditions were examined, which can provide a reference for the machine in safety con-
ditions to avoid resonance [11]. Wang et al. [12] employed finite element modeling to
analyze the dynamic performance of a precision machine tool and proposed structural
optimization schemes for the machine bed accordingly. Hung et al. [13] investigated the
dynamic characteristics of a milling machine with different headstocks using the finite
element method and acceptance coupling analysis; their results indicated that a milling
machine with a reformed headstock exhibited superior dynamic behavior compared to the
original design, with a 10% improvement in dynamic stiffness. Chen et al. [14] compared
the static and dynamic characteristics of a machine tool structure composed of different
materials using a finite element modeling approach to show that the dynamic rigidities
associated with granite machines were 50–100% larger than those associated with conven-
tional casting machines. Recently, Ahmad et al. [15] applied the finite element method to
investigate the dynamic characteristics of machine tool beds constructed using different
polymer concrete materials in terms of their natural frequencies and dynamic stiffness. In
order to enhance the damping capacity and rigidity, Chinnuraj et al. [16] proposed the
design of a machine tool composed of a steel-reinforced polymer concrete structure. The
structure rigidity and dynamic characteristics of different geometry designs were analyzed
and compared by finite element analysis, which finally showed that dynamic characteristics
were enhanced by 4–10% with improved stiffness and a mass reduction of 22%. Venugopal
et al. [17] optimized the structural performance of the vertical machining center column by
introducing various designs of steel reinforcement in the epoxy granite structure. Based on
finite element analysis, the static stiffness and natural frequencies of the steel-reinforced
epoxy granite column were proven to have about a 12–20% increment, higher than the
cast iron structure. In addition, machining stability was enhanced and achieved by ap-
propriately tuning the dynamic properties of the machine tool by using structure material
with high damping properties. Dunaj et al. [18] developed a vertical lathe structure with
a steel-polymer concrete composite, which was verified to show a significant increase in
the damping ability by 239% with a reduction in the amplitude of dominant resonance by
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81%. In a further application of steel-polymer concrete composite, the static stiffness of the
vertical lathe machine was significantly increased by 30% [19].

For a large or heavy-duty machine tool, the primary modes dominating machining
chatter often originate from low-frequency vibration [9], which is normally associated
with the machine frame or primary modules, such as the spindle headstock, rather than
the spindle tool or tool holder systems, which exhibit high-frequency vibration charac-
teristics [20,21]. Based on this concept, the effects of the spindle assembly and headstock
design on the dynamic characteristics of FRFs have been evaluated at different frequency
ranges [12,22]. Dounar et al. [23] proposed strategies for enhancing the dynamic rigidity
of a heavy precision lathe by analyzing the FRFs at the spindle headstock and tailstock
using finite element analyses; the results demonstrated that the rigidities of the reinforced
headstock and tailstock were appropriately increased compared to the original design.

In this study, a huge multi-axis milling turning machine was designed for the manu-
facturing of the large components used in the offshore wind power industry. The design
issue was focused on the load-carrying capacity, structure rigidity against the bending
deformation of the workpiece and the vibration response characteristics during low-speed
cutting. According to a study [24], the machine–tool–workpiece deformation caused by
cutting force in turning is one of the main errors affecting the machining precision. In
addition, currently, the finite element modeling approach is considered an effective tool
for modeling machine tools as it can accurately predict the dynamic behavior of proto-
type designs without requiring physical fabrication. Therefore, in this study, the finite
element method was employed to analyze the static and dynamic characteristics under
the rated loading. These characteristics were quantified in terms of the rigidities in static
and dynamic loading conditions, respectively. The effects of the structural modules on the
dynamic characteristics of the lathe were then evaluated. The results can help designers
realize the design strategies for enhancing the performance of machine tools in specific
fabrication scenarios.

2. Finite Element Modeling Approach
2.1. Description of Lathe Machinery

Figure 1 shows a geometrical model of the five-axis turning-milling lathe, which pri-
marily comprises a machine bed, spindle headstock with chuck, tailstock, horizontal milling
module, and turning saddle with a carriage feeding mechanism. The specifications of this
machine are listed in Table 1. To enhance the rigidity of the spindle, the rotating shaft was
supported by front bearings, rear bearings, and supporting bearings in the housing; these
were, respectively, configured as follows: (1) two single-row tapered roller bearings in a
“back-to-back” (DB) arrangement (LM451349), (2) two-row tapered roller bearings (LM45345),
and (3) a deep groove ball bearing (61,952 MA). The tool carriage with the saddle and milling
module was driven to feed along the Z-direction on the sliding guideway by a gear train with
a rack and pinion and to feed along the X-direction by linear guides. The sliding guideway
was coated with a 1.5 mm thick antifriction liner (Turcite-B) that provided sufficient rigidity
and damping ability to support the moving components on the machine bed.

Table 1. Specifications of the turning-milling lathe.

Item Specification

Nominal center distance (headstock to tailstock) 12,050 mm
Bed length 17,420 mm
Maximum swing diameter over bed 2400 mm
Maximum workpiece weight 60 tons

Spindle headstock

Motor power 75/90 kw
Maximum speed 450 rpm
Four-jawed chuck diameter 1520 mm
Clamping force 980 kg
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Table 1. Cont.

Item Specification

Tailstock
Shaft diameter 290 mm
Center apex MT#7
Axial trust force 15,000 kg
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Figure 1. Solid model of the five-axis turning-milling lathe and its primary structure modules
(headstock with spindle chuck, milling tool, tool carriage, and tailstock).

2.2. Finite Element Model

In this study, the dominance of the primary machine modules in the structural per-
formance of the lathe was the focus of concern. The finite element method was, therefore,
employed to analyze the static and dynamic behaviors of the machine models under
the rated loading. To construct the finite element model, a geometrical solid model was
appropriately simplified by removing or neglecting small holes, fillets, rounds, minor
parts, and trivial features. Figure 2 shows the simplified solid lathe model, and the finite
element model is shown in Figure 3. The structural components were meshed using eight-
node hexahedral and ten-node tetrahedral elements for a total of 814,395 elements and
1,565,731 nodes. The contact surfaces between the machine bed or guideways and the
primary modules, such as the headstock, tailstock, and support rollers were assumed to be
in a fully bonded state. The ball screws in the feeding mechanism of the tool carriage and
saddle in the X- and Z-directions were appropriately simplified as cylindrical bodies with
equivalent diameters by neglecting the rolling elements. The contact surfaces between the
screw shaft and ball nut were assumed to be fully bonded. The bearings in the headstock
spindle were considered to be a critical factor affecting the high-frequency dynamic behav-
ior of the machine. The rolling interfaces between the rolling elements and raceways were
simulated as surface-to-surface contact elements with adequate contact stiffness, following
the method presented in [25], as shown in Figure 4. The contact stiffness was derived based
on Hertzian theory [26], which describes the relationship between the contact force and
local deformation at the contact point as follows:

Q = Khδ3/2 (1)

where δ is the elastic deformation at the contact point, Q is the contact force, and Kh is
the Hertz constant, determined by the geometric and material properties of the contacting
components [27]. The contact stiffness Kn at the contact point can then be obtained using
the following equation:

Kn =
dQ
dδ

=
3
2

Khδ1/2 =
3
2

K2/3
h Q1/3 (2)
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and diameter of 0.8 m.
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For a roller bearing, the contact force Q is related to the local deformation δ at the
contact point between the roller and raceway as per the following equation [28]:

δ = 2Q
πLEeq

ln(πL2Eeq
Q )

Eeq = 2/((1 − µ2
a)/Ea +

(
1 − µ2

b
)
/Eb)

(3)
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where Eeq is the relative elastic stiffness between the contacting bodies and L is the roller
length. Thus, the normal stiffness Kn is given as

Kn =

{
2

πLEeq
ln(

πL2Eeq

Q

)
− 2

πLEeq

}−1

(4)

For practical applications relying on simplified contact geometries, Palmgren [28] used
the following empirical equation to describe the linear contact elastic deformation between
a cylindrical body and a flat surface:

δ = 3.84 · 10−5 · Q0.9/L0.8 (5)

Based on the spindle bearing specifications, the normal stiffness at each contact point
on the interface between the rolling element and raceway was calculated to be 1610 N/µm
and 105 N/µm for the roller and ball bearings, respectively. The overall contact stiffness of
each bearing was distributed among spring elements circumferentially surrounding the
inner and outer raceways in the model. The primary machine modules were modeled
using gray cast iron with a density ρ = 7280 kg/m3, Young’s modulus E = 130 GPa, and
Poisson’s ratio µ = 0.3. Other components, such as the ball bearings, spindle unit, and gear
train in the headstock, ball screw, and tailstock were modeled using a steel alloy with a
density ρ = 7860 kg/m3, Young’s modulus E = 200 GPa, and Poisson’s ratio µ = 0.3. The
boundary conditions on the bottom surface of the machine model were assumed to be fully
constrained.

2.3. Analysis Cases

The structural performance of the entire lathe structure comprising the primary mod-
ules was investigated through static and dynamic analyses of the finite element model. The
static analysis evaluated the deformation of the entire machine structure and its rigidity
against the rated load. Dynamic analyses, including modal and harmonic analyses, were
conducted to determine the dominance of the primary structures in the dynamic behavior
of the entire machine structure under cyclic excitation owing to an external load.

2.3.1. Static Analysis

In this analysis, the maximum loads acting on the lathe were evaluated for a workpiece
weighing 60 tons, clamped to the spindle chuck, and simply supported by the tailstock
center, as shown in Figure 3. The deformation behavior of the machine structure and the
reaction forces at the supports of the workpiece under the rated load were then calculated
and the static rigidities of the machine structure were obtained at the different supports.

2.3.2. Modal Analysis

The natural vibration characteristics of the entire lathe structure were analyzed using
modal analysis. The effects of the workpiece on the modal characteristics of the machine,
such as its natural frequency and vibration shape, were evaluated, elucidating the rigidities
of the structure modules in different directions.

2.3.3. Harmonic Analysis

A series of harmonic analyses was conducted to simulate the dynamic response of the
spindle headstock and tailstock when subjected to the force applied at the chuck and center
apex, respectively. As shown in Figure 5, this analysis applied a unit force to the chuck
in the lateral and vertical directions at frequencies ranging from 0 to 300 Hz. Similarly, a
harmonic analysis was performed for the tailstock by applying a unit force to the spindle
center in the lateral and vertical directions at frequencies ranging from 0 to 300 Hz. When
conducting the harmonic analyses using finite element modeling, a constant damping ratio
of 2.5% was assumed for the machine structure as it was made of cast iron material [29].
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The results of these analyses reveal the vibration modes dominating the dynamic behavior
of the lathe during machining; hence, the dynamic compliance or dynamic rigidity of the
machining system can be assessed to propose a strategy for improving its performance.
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2.3.4. Effects of Workpiece Load

Simulations were conducted to model the frequency response of the entire machine
when carrying a cylindrical workpiece of various weights under an exciting force. The
unit cutting force applied to the workpiece was decomposed into three components: the
cutting direction (Fc), feeding direction (Ff), and radial direction (Fr) forces, as shown in
Figure 6. The component ratios of Fc, Ff, Fr were assigned mean values of 0.68, 0.62, and
0.37, respectively, based on a previous study [30]. The effects of the workpiece weight on
the dynamic behaviors of the entire lathe, including the headstock, tailstock, and workpiece
itself, were then examined under the execution of the cutting force at different frequencies.
Three workpiece weights were evaluated: 60 tons (full rated load), 27 tons (45% of the full
rated load), and 15 tons (25% of the full rated load).
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Figure 6. Schematic of the cutting force acting on the workpiece, which was decomposed into
components in the cutting direction (Fc), feeding direction (Ff) and radial direction (Fr).

3. Results and Discussions
3.1. Static Stiffness

Figure 7 shows the total deformation of the entire machine under its self-weight and
the rated load of the workpiece (60 tons). The maximum deflection of the workpiece was
64.7 µm near the middle section owing to bending under gravitational load. The total
deformation of the machine bed at the roller supports was approximately 23.8–27.2 µm
and the deflection at the spindle chuck and apex of the tailstock were approximately 25
and 22 µm, respectively. Notably, the spindle chuck mounted on the headstock exhibited
significant deflection owing to the clamping load from the workpiece.
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Figure 7. Deformation of the machine structure under rated workpiece load of 60 tons.

Using the static analysis results, the reaction forces at the workpiece supports were
calculated as presented in Table 2, in which the rigidities (Ks) of the machine structure
were determined at different locations based on Ks = Rn/δ, where Rn is the reaction of the
considered support against the loads and δ is the deflection at that support. The results
shown in Table 2 indicate that under the rated load, the rigidity was lowest at the headstock
chuck and tailstock center. The rigidities of these modules can be enhanced by adding
stiffeners to their weakest parts.

Table 2. Comparison of the static characteristics of primary machine modules under the rated load.

Characteristic

Primary Module

Headstock
Chuck

Base at
Roller 1

Base at
Roller 2

Tailstock
Center

Total reaction (N) 27,676 247,830 261,000 46,509
Deflection (µm) 25.1 27.2 23.8 22.65
Rigidity (N/µm) 1102.64 9111.40 10,966.39 2053.38

3.2. Vibration Mode Characteristics

Figure 8 shows the fundamental vibration modes of the spindle headstock. The
first mode comprised the lateral bending vibration of the headstock accompanied by the
swinging motion of the chuck about the Z-axis at 67 Hz; the second mode comprised the
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bending vibration of the headstock accompanied by the nodding motion of the chuck about
the X-axis at 78 Hz; the third mode comprised the torsion vibration of the chuck about
the Z-axis at 86 Hz, and the fourth mode comprised the larger bending motion of the
headstock with the chuck about the Y-axis at a frequency of 99 Hz. Clearly, the vibration
motions of the headstock can be classified among the lower-frequency modes, which
were considered to be the primary characteristic dominating the dynamic performance
of large heavy-duty machine tools. These vibration modes originate directly from the
natural vibration behavior of the headstock with the spindle chuck, while the vibration
frequency is determined by the structural rigidity of the headstock. This rigidity can be
attributed to the connection state between the headstock and machine bed, the mounting
condition of the chuck in the spindle nose, and the stiffness of the spindle shaft. The higher-
frequency modes shown in Figure 8e,f were found to occur at 120 Hz and were primarily
induced by the bending vibration of the spindle shaft in the lateral and vertical directions,
accompanied by deformation of the chuck. Note, that for these modes, the presence of the
heavyweight chuck (approximately 1700 kg) significantly shifted the frequency to a lower
value compared with the headstock spindle without the chuck (1307 Hz).
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Figure 8. Fundamental vibration modes of the headstock with chuck, including the lower- and
higher-frequency modes associated with the bending motion of spindle shaft with and without
the chuck.

This analysis model demonstrated that the headstock exhibited different rigidities in
different vibration motions. The rigidity against the rolling motion was lower than that
against the nodding motion. In addition, when the fundamental vibration was induced, it
caused the headstock chuck to deviate from the neutral axis, which will affect the clamping
stability of the workpiece during machining.

Figure 9 illustrates the fundamental vibration modes of the tailstock. The first mode
comprised the lateral bending vibration or rolling motion of the tailstock about the Z-axis
at 78 Hz, the second mode comprised the bending vibration or pitching motion of the
tailstock about the X-axis at 109 Hz, the third mode comprised the upward motion of the
tailstock along the Y-axis at 208 Hz, and the fourth mode comprised the twisting vibration
or yawing motion of the tailstock about the Y-axis at a higher frequency of 245 Hz. Clearly,
the machine base deformed along with the vibration of the tailstock when these modes
occurred; this deformation is dependent on the rigidity of the connection between the
tailstock and guideway of the machine base. Similar to the headstock, the lower-frequency
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modal characteristics of the tailstock can be attributed to the structural rigidity of the
module, which is determined by the geometric configuration and fixation on the guideway
of the machine bed. Indeed, this analysis reveals that the tailstock also exhibited a lower
rigidity against rolling motion than against pitching motion.
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Figure 10a–e shows that the vibration modes of the entire lathe structure with a work-
piece rated at a weight of 60 tons were in the lower-frequency range of 21.5–82.7 Hz. These
modes were primarily associated with the vibration motion of the workpiece supported
between the headstock chuck and tailstock center. A local coordinate system defined as
x, y, and z was established on the workpiece to illustrate this vibration motion. The first
mode at 21.5 Hz comprised the rolling motion of the workpiece about the local coordinate
z-axis, as shown in the figure, with the headstock and tailstock exhibiting lateral bending
vibration with the rolling of the workpiece, as shown in Figures 8a and 9a. The second
mode at 32.8 Hz comprised the pitching motion of the workpiece about the x-axis, with the
headstock and tailstock exhibiting forward and backward bending vibrations, as shown in
Figures 8b and 9b. The third mode at 40.7 Hz comprised the vertical motion of the work-
piece along the y-axis, the fourth mode at 45.6 Hz comprised the twisting or yawing motion
of the workpiece about the y-axis, and the fifth mode at 82.7 Hz comprised the larger pitch
motion of workpiece about the x-axis, but it was also accompanied by the nodding motion
of the headstock chuck (Figure 8b) and the twisting vibration of the tailstock (Figure 9d).
The vibration mode shapes indicate that these fundamental modes were governed not
only by the workpiece but also by the vibration characteristics of the headstock chuck
and tailstock. In other words, the weight and geometry of the workpiece as well as the
structural rigidity of the headstock and tailstock all exert significant influences on the
vibration characteristics of the entire machine. However, note that for the first two modes,
the critical speed of the machine was approximately 1300 rpm—much higher than the
maximum rotational speed of the spindle, which was rated at 450 rpm. This represents a
favorable condition for the prevention of vibration resonance during machining [31].

The influence of the workpiece weight on the vibration characteristics was then
examined based on the results of the modal analysis, with the results shown in Figure 10f,g
and Table 3. The modal frequencies associated with the fundamental modes varied with
the weight of the workpiece. For example, the vibration frequency of the rolling motion of
the workpiece about the z-axis increased from 21.5 Hz to 35.4 Hz with a 75% decrease in
the weight of the workpiece.

Table 3. Modal frequencies of the lathe machine according to workpiece weight.

Vibration Mode
Modal Frequency (Hz)

Workpiece Weight (tons)
60 27 15

(1) Rolling motion of the workpiece about the local z-axis 21.5 29.8 35.4
(2) Pitching motion of the workpiece about the local x-axis 32.8 48.8 59.2
(3) Vertical motion of workpiece along the local y-axis 40.7 37.2 41.6
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Figure 10. Fundamental vibration modes of the entire lathe machine with a workpiece.

3.3. Dynamic Characteristics—FRFs
3.3.1. Spindle Chuck and Tailstock

Figure 11 illustrates FRFs predicted at the spindle chuck under a force applied in the
lateral (X-axis) and vertical (Y-axis) directions. An FRF is expressed in terms of the vibration
amplitude or compliance magnitude as a function of frequency. As can be observed from
the X-direction FRF in the figure, a significant amplitude near ~67 Hz was associated with
the first natural mode of the headstock, and the next near ~87 Hz corresponded to the
second mode. Similarly, for the Y-direction FRF, the largest vibration peak occurred in the
third mode (78 Hz), followed by the fourth mode (98 Hz) owing to the forward nodding
vibration of the headstock with the spindle chuck. These lower-frequency responses were
dominated by the structural rigidity of the headstock bolted to the machine bed. Based
on the predicted FRFs, the minimum dynamic compliance of the spindle chuck in the
lateral and vertical directions was calculated to be approximately 0.0131 and 0.00923 µm/N,
respectively, corresponding to dynamic stiffness of 76.8 and 110.0 N/µm. This confirms that
the dynamic stiffness of the spindle chuck was 54% larger in the vertical direction than in
the lateral direction, as was found in the modal analysis, demonstrating that the frequency
of the second mode in forward nodding vibration was larger than that of the first mode
in lateral bending vibration. These characteristics are favorable for enabling the spindle
chuck to sustain the dynamic loading induced by a heavy workpiece during machining.
Furthermore, note that for the FRF in the vertical direction, the dynamic stiffness at zero
frequency was approximately 1150 N/m, which is equivalent to the static stiffness under
the rated workpiece load (1102 N/m), as presented in Section 3.2.
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Figure 11. Predicted FRFs for the spindle chuck.

Figure 12 illustrates the dynamic responses of the tailstock in the lateral and vertical
directions when subjected to lower-frequency excitation. Similar to the spindle chuck, the
tailstock exhibited lower-frequency responses under cyclic excitation. The first and second
natural modes associated with the lateral bending and forward nodding motion dominated
the dynamic behaviors of the tailstock in the lateral and vertical directions, respectively.
Based on the predicted FRFs, the maximum dynamic compliance of the tailstock in the
lateral and vertical directions was calculated to be approximately 0.0120 and 0.0072 µm/N,
respectively. The dynamic stiffness in the vertical direction was about 138.8 N/µm, which
is significantly higher than that in the lateral direction (83.3 N/µm).
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3.3.2. Effects of Workpiece Weight

(a) FRFs of the workpiece

Figure 13 illustrates the FRFs predicted at the cutting point on the workpiece in three
orthogonal directions. These FRFs represent the variation in dynamic compliance with
the change in the excitation frequency of the cutting force and show that the frequency
responses of the workpiece vary with its weight. The maximum compliance occurs at a
different frequency for each orthogonal direction; these frequencies are associated with the
vibration modes for rolling motion in the X-direction, vertical motion in the Y-direction,
and pitching modes in the Z-direction.

In addition, as the workpiece weight decreased, the maximum compliance in the
X-direction decreased and that in the Y- and Z-directions increased. The results indicate
that the workpiece had a higher rigidity in the longitudinal direction, for which it exhib-
ited a compliance of less than 0.004 µm/N than in the lateral and vertical directions, for
which the compliances were approximately 0.0183–0.0211 µm/N and 0.0075–0.011 µm/N,
respectively.
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Figure 13. Predicted FRFs of the workpiece in the three orthogonal directions under force excitation.

(b) FRFs of the headstock and tailstock

Figure 14 depicts the frequency responses predicted at the spindle headstock, demon-
strating the impact of workpiece weight on the vibration behaviors of the headstock under
cutting force excitation. The maximum compliance of the headstock chuck and the excitation
frequency was significantly affected by the workpiece weight. For comparison, the dynamic
rigidities corresponding to the maximum compliance of the headstock are presented in Table 4.
It can be observed that the rigidity in X-directions is around 107–148 N/µm, higher than in Y
and Z directions, around 287–721 N/µm. Besides, rigidities in the X- and Z-directions were
affected to increase and decrease, respectively, as the workpiece weight decreased. However,
variation in workpiece weight has no apparent influence on the rigidities in Y-direction.
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Table 4. Minimum dynamic rigidity of headstock under different loading.

Dynamic Rigidity (N/µm)

Workpiece Weight
(Ton)

Lateral Direction
(X-Axis)

Vertical Direction
(Y-Axis)

Longitudinal Direction
(Z-Axis)

60 107.16 595.69 358.42
27 119.80 721.33 299.37
15 148.98 669.27 287.54

Figure 15 illustrates the frequency responses predicted at the center of the tailstock.
The depicted vibration behaviors are similar to those of the headstock, which were mainly
dominated by the rolling, vertical, and pitching motions of the entire machine with the
loading effects of the workpiece. Clearly, the workpiece weight had a significant influence
on the compliance of the tailstock center. Indeed, as shown in Table 5, rigidity in X-
directions is around 46–80 N/µm, which is higher than in Y and Z directions, around 131–
376 N/µm. In addition, rigidities in the X- and Z-directions were affected to increase and
decrease, respectively, as the workpiece weight decreased. However, the rigidity in the Y-
direction exhibited no apparent tendency to change with the variation in workpiece weight.
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Table 5. Minimum dynamic rigidities of the tailstock under different loading.

Dynamic Rigidity (N/µm)

Workpiece Weight
(Ton)

Lateral Direction
(X-Axis)

Vertical Direction
(Y-Axis)

Longitudinal Direction
(Z-Axis)

60 46.53 236.98 376.72
27 55.23 131.31 302.86
15 80.27 131.31 289.25

Summarizing the analysis results presented in Tables 4 and 5, we observe that the
two primary structural modules exhibited similar vibration characteristics under forced
excitation, but their dynamic rigidities in the orthogonal directions were quite different.
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Indeed, the smallest rigidities occurred in the lateral direction and increased from 107 to
148 N/µm for the headstock and from 46 to 80 N/µm for the tailstock when the workpiece
weight decreased from 60 to 15 tons. Additionally, the minimum dynamic rigidity of the
workpiece increased from 47 to 54 N/µm. For the machine with a workpiece at the full rated
load of 60 tons, the headstock, tailstock and workpiece exhibited their smallest rigidities of
approximately 107, 46 and 47 N/µm, respectively, occurring in the lateral direction (along
the X-axis) at a resonant frequency of 22 Hz. Notably, these dynamic rigidities were higher
than the dynamic rigidity threshold (20 N/µm) required for a stable cutting process [24].
However, according to machining mechanics, machining stability is determined by the real
part of the FRFs. Therefore, the variation in compliance associated with the change in the
frequency response under force excitation may affect the machining stability of the turning
process. For the workpiece, the maximum compliance in the vertical direction increased
by 45% when its weight decreased from 60 to 15 tons. The results provide a reference for
evaluating the capability for stable machining of larger workpieces. In addition, the rigidity
of the workpiece was generally highest in the longitudinal direction, while that in the
vertical direction was superior to that in the lateral direction. The current results thereby
clearly indicate that the spindle chuck and tailstock represent critical modules affecting the
vibration behavior of the workpiece when the cutting force is exerted during the turning
process. A similar investigation conducted in [21,32] also reported that the headstock and
tailstock played critical roles in the dynamics of a large precise lathe and that the static and
dynamic rigidities of the machine were determined by the geometric design of its structure
to accommodate the maximum diameter of the workpiece.

For the lathe evaluated in this study, the target workpiece, which was 60 tons in
weight and 1600 mm in diameter, was considered to be more rigid in the longitudinal
direction. According to the modal analysis, the lower-frequency vibration modes primarily
comprised the deformations of the headstock and tailstock. Therefore, the structural
rigidity of the headstock with the spindle chuck and the supporting stiffness of the tailstock
substantially influenced the dynamic compliance of the workpiece under machining. Choi
et al. [33] investigated the structural characteristics of a heavy-duty lathe for machining
large crankshafts and reported that the static stiffness of the headstock was 1141.9 and
1424.8 N/µm in the lateral and vertical directions, respectively, and the dynamic stiffness
was 77.6 and 157.1 N/µm, respectively. In addition, the headstock was shown to exhibit
the highest rigidity in the longitudinal direction, followed by the vertical direction, then
the lateral direction. In this study, the static rigidity of the headstock under a rated load
of 60 tons was estimated to be 1102 N/µm, and the minimum dynamic stiffness in the
lateral and vertical directions was 107.16 and 595.69 N/µm, respectively. Comparing this
study with Choi et al. [33], the two heavy lathe machines were clearly designed with
different structural configurations and specifications; however, they exhibited similar
structural characteristics. Indeed, the static stiffness of the machine evaluated in this study
is comparable to that of the machine in the study by Choi et al., but its dynamic stiffness
in the X- and Y-directions are higher than those presented in the study [33]. Overall, the
dynamic characteristics of the large heavy-duty lathe evaluated in this study appear to
have been effectively and reasonably analyzed when comparing the results with those
in previous literature. The characteristics obtained in this study can, therefore, inform
valuable design improvements for the machine structure, enable evaluation of loading
capability, and help to ensure stable machining.

4. Conclusions

This study investigated the static and dynamic characteristics of a large heavy-duty
lathe machine tool under rated workpiece loads using a finite element model. Its static
rigidity was evaluated and its dynamic behavior was characterized in terms of the FRFs
assessed for the workpiece and primary structural modules. Several conclusions can be
drawn based on the results, as follows:
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1. The machine bed had a higher rigidity against workpiece loads, whereas the headstock
and tailstock comprised the critical modules dominating the load capacity.

2. The dynamic characteristics of the entire machine loaded with a workpiece subjected
to a simulated cutting force were affected by the change in compliance and resonant
frequency according to the workpiece weight.

3. The lowest natural frequency of the lathe machine was approximately 22 Hz—significantly
higher than the maximum rotational speed of the spindle, which was rated at 450 rpm.
This is a favorable condition for the prevention of vibration resonance during machining.

4. Finally, the structural stiffness of the headstock and tailstock substantially influenced
the dynamic compliance of the workpiece under the machining force. The two
modules exhibited superior rigidity in the longitudinal direction, and the rigidity in
the vertical direction was higher than that in the lateral direction. In addition, the static
and dynamic stiffness of the large heavy-duty lathe machine exhibited characteristics
comparable to those presented in previous literature.

These findings clearly demonstrate the finite element model’s effectiveness in analyz-
ing the structural performance of a large heavy-duty lathe, providing a valuable reference
for informing machine structure design improvements and enabling the evaluation of its
loading capability while ensuring stable machining. However, it was also noticed that this
machine is suitable for low-speed operation, with machining vibration normally dominated
by the machine structure and the modules. For other machines at higher speed machining,
it will be mainly affected by the mechanical characteristics of the spindle module. Under
this situation, the modeling of the spindle-bearing system and feeding mechanism along
with the interface characteristics should be taken into consideration when developing the
whole machine model.
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