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Abstract: Coupled plate structures composed of stiffened plates and sub-plates have been
widely used in marine engineering practice. Meanwhile, the low-frequency multi-linear
spectrum vibration control of the coupled stiffened plate structures has become necessary
and meaningful. However, the design efficiency of the dynamic vibration absorber of the
corresponding structure is still low. In the present study, a mathematical model of coupled
plate structures and a dynamic vibration absorber is introduced to improve design efficiency.
Subsequently, an experiment is designed to verify the effectiveness and advantages of the
current method. The reliability of the current mathematical model is verified by comparing
it with modal experiment results. Moreover, the equivalent mass solution efficiency is
greatly improved by comparing it with FEM. Finally, a comparison experiment of the
dynamic vibration absorber has also been conducted to further verify the effectiveness of
the current method. The semi-analytical method proposed in the current research may be
useful when designing dynamic vibration absorbers for the coupled plate structures of
offshore platforms.

Keywords: line spectrum vibration; vibration control; dynamic vibration absorbers;
coupled plate structures

1. Introduction
Coupled plate structures composed of stiffened plates and sub-plates play a crucial

role in various industries, such as offshore platforms, ships, and civil engineering. How-
ever, these coupled stiffened plate structures are constantly subjected to dynamic loads,
including equipment loads, wave forces and wind forces, which often result in excessive
vibration [1–3]. Vibration not only compromises the structural integrity of the platform but
also poses risks to the safety of personnel and the functionality of equipment [4]. Therefore,
effective vibration control methods [5] for the coupled plate structures are essential to
ensuring the reliable and efficient operation of the above structures.

Researchers have conducted extensive research on the vibration characteristics analysis
of stiffened plates. Zhang et al. [6] derived a new analytical solution to solve the vibration of
stiffened plates. By means of changing the number and properties of the ribs, the vibration
characteristics of a stiffened plate were changed. In terms of semi-analytical methods,
Yan et al. [7] proposed a semi-analytical method to analyze the nonlinear vibration of
Variable Stiffness (VS) plates. By means of combining mixed variational principles and a
Ritz-like approach, the vibration characteristics of VS plates were investigated. Gozum
et al. [8] presented a semi-analytical model for the dynamic analysis of non-uniform plates.
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By means of combining the Rayleigh–Ritz method and step functions, variable-stiffness
laminates were studied. Castro and Donadon [9] presented a semi-analytical approach
to investigate the effects of flaw sizes between the skin and stiffener on the vibration of
T-stiffened composite panels. The skin and stiffener were modeled using hierarchical
polynomial functions, and a penalty-based method was also used. Shen et al. [10] applied
an element-free Galerkin (EFG) method to study the vibration of the stiffened plate. The
effect of stiffeners and boundary conditions on the free and forced vibration characteristics
of the stiffened plate has been discussed in detail.

In the research field of the vibration of stiffened plates using numerical methods, Gao
et al. [11] investigated the free, steady, and transient vibration of a stiffened plate using the
domain decomposition method (DDM). The accuracy of the proposed method has been
verified by comparing it with experiments and related literature. Sahoo and Barik [12]
studied the effect of the orientation, size, and shape of the stiffeners on the free vibration
characteristics of a stiffened plate using the finite element method. The calculation results
have been compared with published results and APDL software (ANSYS 18.0) to verify the
accuracy of the proposed method. Li et al. [13] investigated the flexural wave propagation
and vibration attenuation characteristics of periodic stiffened plates using FEM. The flexural
wave band gaps can be artificially changed by modifying the geometry parameters of the
stiffened plates to control the excessive vibration of ships and offshore structures.

Moreover, coupled plate structures are also widely present in engineering practice.
Many studies have been conducted based on semi-analytical methods: Wang et al. [14]
employed Chebyshev polynomials and the Ritz method to analyze the vibrational response
of irregular elastic coupled plates, validating the effectiveness of their computational
approach through experimental verification. Feng et al. [15] analyzed the vibrational
characteristics of coupled plates under various boundary conditions, investigating the
impact of structural parameters on the vibrational response. Additionally, the in-plane
vibration and the power transmission were also considered. Zhao et al. [16] proposed an
Improved Galerkin Truncation Method (IGTM) to analyze the vibrational response of a
coupled system of double-thin plates, and the coupled system was connected through
nonlinear elements. The research provides a foundation for the further vibration control of
the coupled plate system. Mahapatra and Panigrahi [17] analyzed the vibration of T-shaped
coupling plate structures under elastic edge constraints based on the modified Fourier
function and the Rayleigh–Ritz method. Both the free vibration and power transmission
characteristics were investigated through the proposed method. Li et al. [18] analyzed
the vibration of coupling plate structures based on the Mindlin plate theory and the
Fourier series method. The numerical results obtained through the proposed method were
compared with FEM results to verify the accuracy of the proposed method.

In the research field of the vibration of coupled plate structures using numerical meth-
ods, Hamedani et al. [19] studied the vibration of stiffened plates based on conventional
and super finite element methods. In addition, parametric analysis was conducted on the
vibration characteristics of the stiffened plate. Ma et al. [20] analyzed the mid-frequency
vibration and energy flow of coupled plate structures using a hybrid analytical wave and
finite element model. In addition, Ma et al. [21] analyzed the mid-frequency vibration of
plate structures with discontinuities by means of combining analytical and numerical ap-
proaches. The plate structure was partitioned into rectangular regions and non-rectangular
regions, which were modeled using different methods. Shi et al. [22] developed a finite
element method approach to study the vibration and buckling behaviors of stiffened plates.
Interpolation functions are used in the process of developing a new FEM approach.

Based on the analysis of the vibration characteristics of the stiffened plate and coupled
plate structures, researchers have conducted extensive research on the structural vibration
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control of offshore platforms. Three fundamental types of vibration control techniques
utilized in offshore platforms consist of passive, semi-active [23,24], and active [25,26]
control. Semi-active and active control techniques are complex and expensive and require
continuous power supply, making them less practical for long-term offshore applications.

In recent years, passive vibration control techniques have gained considerable atten-
tion due to their simplicity, reliability, and cost-effectiveness. The three most common
passive vibration control techniques are vibration isolation [27], energy dissipation [28],
and vibration absorption [29].

Placing vibration isolation devices between the vibration source and the primary
structure allows for vibration isolation. Two sorts of vibration isolation methods are com-
monly utilized on offshore platforms: structural vibration isolation [30] and foundation
vibration isolation [31]. Based on magnetorheological elastomers, Zhou et al. [32] intro-
duced a vibration isolation system for offshore platforms, which can reduce the vibration
response of the platform deck under irregular waves. Kampitsis et al. [33] introduced a
new passive vibration absorption structure aimed at studying the reduction of vibrations
in monopile offshore wind turbines under the influence of wind and wave action. Using
the principle of vibration isolation, Wang et al. [34] formed a passive vibration isolation
system by using cone and rubber vibration isolators to reduce the vibrations induced by
ice on offshore platforms.

The energy dissipation technique involves the absorption of the main structure’s
vibration via the deformation and back-and-forth motion of energy dissipation dampers.
Offshore platforms often use two kinds of energy dissipation dampers: velocity-
dependent dampers and displacement-dependent dampers. Displacement-dependent
dampers include metal yield dampers and friction dampers. In displacement-dependent
dampers [35,36], the energy dissipation is proportional to displacement and is not influ-
enced by velocity response or frequency. These dampers are suitable for low-frequency
platform vibrations [37]. Qu et al. [38] designed a passive vibration isolation system that
incorporates a viscous damper and rubber base to improve vibration reduction on the jacket
platform, verifying its effectiveness through experimental tests and numerical simulations.

Dynamic vibration absorbers have been widely studied by scientists and engineers
because they are not limited to the relative deformation of primary structures. Dynamic
vibration absorption subsystems are arranged on main structures and adapted to control
their parameters to consume vibrations from the main structure. Tuned mass dampers
(TMDs) have become a promising alternative for vibration control on offshore platforms,
especially when it comes to addressing line spectrum vibrations in the local resonance
region. Chen et al. [39] applied TMD and MTMDS to control vibrations in offshore wind
turbine towers resulting from wind, wave, and current action and compared the vibration
control effects of the two methods. Dinh et al. [40] utilized single- and multiple-TMD pas-
sive control to reduce the vibration response of floating platforms. Hu et al. [41] developed
an inerter-based TMD control system aimed at diminishing the vibration response of wind
turbine structures impacted by wind and wave forces. Sun et al. [42] developed 3D-PTMD
aimed at reducing the vibration of offshore wind turbines due to wind–wave misalignment
and vortex-induced vibrations. Ghasemi et al. [43] designed PTMD to effectively control
the vibration response of the platform deck of offshore jacket structures based on shape
memory alloy.

In summary, numerous studies have been conducted on the vibration characteristics
of the coupled plate structures and dynamic vibration absorbers of offshore platforms.
Nevertheless, most studies solely address the worldwide vibration of offshore platforms.
There is a scarcity of research on the control of line spectrum vibrations in the coupled plate
structures of offshore platforms. The simulation of elastic edge constraints and equivalent
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mass solutions of coupled plate structures of offshore platforms is still a difficult problem
in engineering practice.

Accordingly, this paper has been structured as follows: Firstly, a mathematical model
of coupled plate structures is initially introduced. The elastic edge constraints and con-
nectivity between stiffened plates and sub-plates are achieved through virtual spring
technology. Furthermore, the correlation between dynamic vibration absorbers and cou-
pled plate structures is achieved through similar methods. Secondly, on the basis of the
aforementioned mathematical model, a fast equivalent mass solution method and a de-
sign method of the DVA of the coupled plate structure have been established. Finally, a
verification test of the scaled model of offshore platforms has been conducted to verify the
effectiveness of the proposed model and method.

2. Mathematical Model of Coupled Plate Structures and DVA
2.1. Establishment of Energy Formula

Firstly, a coupled dynamic vibration absorption model for stiffened plates has been
introduced. By means of introducing artificial spring, the coordinate system and geometric
symbol of the stiffened plate and dynamic vibration absorber are displayed in Figure 1.
The stiffened plate’s length, width, and thickness, respectively, correspond to a, b, and h.
Similarly, the width, length, and thickness of the stiffened rib are, respectively, bb, L, and hb.
The angle between the stiffened rib and the local coordinates of the plate is β. The main
and regional coordinates of the plate and stiffened rib are, respectively, (xyz) and (x’y’z’). To
simulate arbitrary boundary conditions, artificial springs ku, kv, kw, and Kw are placed on
each side of the stiffened plate. The DVA is simplified as parameters composed of weight
(mi), spring (ki), and damper (ci). The coordinates of the installation site of the DVA are
denoted as (xi, yi). The relationship between the rib and plate is characterized by linear
springs (kpb1, kpb2, kpb3) and rotary restraint springs (Kpb1, Kpb2, Kpb3).

J. Mar. Sci. Eng. 2025, 13, x FOR PEER REVIEW 4 of 18 
 

 

In summary, numerous studies have been conducted on the vibration characteristics 
of the coupled plate structures and dynamic vibration absorbers of offshore platforms. 
Nevertheless, most studies solely address the worldwide vibration of offshore platforms. 
There is a scarcity of research on the control of line spectrum vibrations in the coupled 
plate structures of offshore platforms. The simulation of elastic edge constraints and 
equivalent mass solutions of coupled plate structures of offshore platforms is still a diffi-
cult problem in engineering practice. 

Accordingly, this paper has been structured as follows: Firstly, a mathematical model 
of coupled plate structures is initially introduced. The elastic edge constraints and con-
nectivity between stiffened plates and sub-plates are achieved through virtual spring tech-
nology. Furthermore, the correlation between dynamic vibration absorbers and coupled 
plate structures is achieved through similar methods. Secondly, on the basis of the afore-
mentioned mathematical model, a fast equivalent mass solution method and a design 
method of the DVA of the coupled plate structure have been established. Finally, a verifi-
cation test of the scaled model of offshore platforms has been conducted to verify the ef-
fectiveness of the proposed model and method. 

2. Mathematical Model of Coupled Plate Structures and DVA 
2.1. Establishment of Energy Formula 

Firstly, a coupled dynamic vibration absorption model for stiffened plates has been 
introduced. By means of introducing artificial spring, the coordinate system and geomet-
ric symbol of the stiffened plate and dynamic vibration absorber are displayed in Figure 
1. The stiffened plate’s length, width, and thickness, respectively, correspond to a, b, and 
h. Similarly, the width, length, and thickness of the stiffened rib are, respectively, bb, L, and 
hb. The angle between the stiffened rib and the local coordinates of the plate is β . The 
main and regional coordinates of the plate and stiffened rib are, respectively, (xyz) and 
(x’y’z’). To simulate arbitrary boundary conditions, artificial springs ku, kv, kw, and Kw are 
placed on each side of the stiffened plate. The DVA is simplified as parameters composed 
of weight ( im ), spring ( ik ), and damper ( ic ). The coordinates of the installation site of 

the DVA are denoted as ( , )i ix y . The relationship between the rib and plate is character-
ized by linear springs (kpb1, kpb2, kpb3) and rotary restraint springs (Kpb1, Kpb2, Kpb3). 

b

a

h

ku

kv
kwKw

ku

kv
kwKw

ku

kv
kwKw

ku
kv

kwKw

ku
kv

kwKw
hb

Kpb3

Kpb1

Kpb2

kpb1
kpb2

kpb3

im

ik ic

β
im

ik ic

x

yz
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Figure 1. Principle picture of stiffened plate equipped with DVA.

Furthermore, more sub-plates have also been introduced on the basis of the stiffened
plate in Figure 1. To simulate the connection relationship between the newly introduced
plate subsystems and the stiffened plate, coupling springs kcu, kcv, kcw, and Kc are introduced.
Finally, the sketch map of the coupled plate structures composed of stiffened plates and
sub-plates is displayed in Figure 2.
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In Equation (1), Np signifies the number of plate structures, Q corresponds to the
number of stiffened ribs, R signifies the number of DVA, Vp corresponds to the strain

energy of the plate structure, Vb signifies the strain energy of the stiffened ribs, and Vpb
C

stands for the static energy of spring between ribs and stiffened plate. Vd signifies the strain
energy of the spring between the DVA and the stiffened plate. The stiffened plate’s bending
stiffness and extensional rigidity are represented by Dp and Gp, respectively. Db, Eb, and Gb,
respectively, correspond to the bending stiffness, elastic modulus, and shear modulus of
the rib structure. Ab and Jb, respectively, represent the cross-sectional area and torsional
stiffness of the rib structure. zr and wr(x0, y0), respectively, represent the displacement of
the DVA and location point (x0, y0). In addition, the kinetic energy of the stiffened plate
equipped with DVA can be written as follows [44]:
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In Equation (2), ρp and ρb respectively correspond to the density of the plate and rib
structure. Td signifies the kinetic energy of the DVA. The following is an expression for the
energy of edge constraints of the plate structure [45]:
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(3)

k and K, respectively, correspond to the rigidity value of linear and rotational springs
on different edges of each plate.

The elastic potential energy stored in the coupling spring between different plate
structures is expressed as follows:

VC
ij =

1
2
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)2
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dxi (4)

When the Rayleigh damping is introduced as follows:

C = α0M + β0K (5)

The total consumption energy of the coupling system can be expressed in the follow-
ing form:

WD =
∫ a

0

∫ b
0 c(∂w(x, y, t)/∂t)w(x, y)dxdy+

r
∑

i=1
cr
[ .
zr −

.
wr(x0, y0)

]
[zr − wr(x0, y0)]

(6)

In the equation above, c and cr, respectively, denote the damping of the coupled plate
structures and DVA.

The work performed by the external concentrated load can be written as follows:

We =
∫ a

0

∫ b

0
Fδ(x − xe)δ(y − ye)w(x, y)dxdy (7)

The Lagrange energy function of the stiffened plate and DVA systems can be written
as below:

L = V + Vs + Vc
ij − T − WD − We (8)
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To overcome the discontinuity of the displacement allowance function, the improved
Fourier series method proposed in [46] is utilized. In addition, the displacement function
of DVA is written as follows:

z(x, y, t) = E(x0,y0)
eiwt (9)

where E(x0,y0)
is the coefficient of displacement function for the dynamic vibration ab-

sorber. Based on the Rayleigh–Ritz method, partial derivatives of Fourier coefficients ζ are
expressed as follows:

∂L
∂ζ

= 0 ζ = Amn, Bmn, Cmn, Dmn, E(x0,y0)
(10)

Redescribing Equation (10) using the matrix form, the simplification is expressed
as follows:

M
..
x + C

.
x + Kx = F (11)

The symbols M, C, and K stand for the mass, damping, and stiffness matrix, respec-
tively. x is the displacement component of the coupled system composed of the coupled
plate structures and the DVA. F represents the vector of external force. Above all, the
mathematical model of the coupled plate structures with DVA is established.

2.2. Design of Parameters of DVA of Coupled Plate Structures

When the coupled plate structure is regarded as a continuum system, the first step to
determining the parameters of DVA is solving the equivalent mass of the controlled mode.
On the basis of the above mathematical model, the equivalent mass of the coupled plate
structure can be derived according to the following formula [47]:

Mik =
∆mikω2

ik
Ω2

i − ω2
ik

(12)

where ∆mik denotes the additional mass installed on the coupled plate structure, Ωi rep-
resents the i-order natural frequency of the coupled plate structure, and ωik is the i-order
natural frequency of the system consisting of a coupled plate structure and given mass.

Taking the stiffened plate as an example, the side length of the square stiffened plate
is 6m, and the thickness of the stiffened plate is 0.03 m. The width and height of the rib
located in the middle of the stiffened plates are, respectively, bb = 0.04 m and hb = 0.15 m.

The equivalent mass corresponds to the first three modes using the current method,
and the FEM (S4R model, 10,100 elements) is listed in Table 1.

Table 1. Comparison of equivalent mass solution time.

Solution Method The First-Order
Equivalent Mass (kg)

The Second-Order
Equivalent Mass (kg)

The
Third-OrderEquivalent

Mass (kg)

Computational
Time (s)

Current method 1154.7 1624.2 1105.3 13

FEM (S4R,10,100) 1155.4 1624.1 1105.1 45

According to Table 1, the efficiency of solving equivalent mass has been greatly
improved using the current method. By means of changing the additional mass and curve
fitting, the equivalent mass can be easily derived through the current mathematical model.
There is no need for finite element meshing and repeated calculations; the solution time of
equivalent mass is greatly reduced in comparison with FEM.
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The mass ratio µ can be rapidly determined based on the equivalent mass. Meanwhile,
the frequency and damping of the DVA can be determined quickly according to the optimal
homology principle

γ = ωn/Ωi = 1/1 + µ (13)

ζopt =

√
3µ

8(1 + µ)3 (14)

where ωn is the frequency of the DVA, and ζopt is the optimal damping. Altogether, the
design method of the DVA of the coupled plate structure is illustrated in Figure 3.
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Firstly, the mathematical model of the coupled plate structure can be established
quickly according to the research mentioned above. When the model changes, only the
parameters need to be modified without repeated modeling and meshing. Secondly, the
boundary spring stiffness is adjusted to achieve the equivalency of the real boundary
condition. Finally, the equivalent mass and DVA parameters can be, respectively, deter-
mined quickly according to the current mathematical model and optimal coherent design
method [48] presented in Equations (13) and (14).

3. Experiment Verification
3.1. The Description of the Experiment Model

To further verify the effectiveness of the method presented in the previous section, an
experiment of the coupled plate structure has been conducted. The upper deck of a scaled
semi-submersible platform model presented in Figure 4a,b is chosen as the research object.
The coupled plate system is composed of a stiffened plate and two plate sub-systems. As
displayed in Figure 4c, the upper deck is dimensioned at 2000 mm × 1600 mm, while the
plate thickness is 2 mm. The dimension of the T-shaped ribs set at 0.4 m and 1.6 m of the
long side of the upper deck is 100×8

100×5.5 mm.
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(b) Scaled model of semi-submersible platform. (c) The upper deck of the scaled model.

The experiment was composed of a modal test and a vibration response test. During
the vibration response test, the vibration accelerometers were placed according to Figure 4c.
The force hammer and vibration motor were, respectively, chosen as excitation sources in
the modal test and vibration response test. The instruments utilized during the experiment
comprised acceleration sensors, force transducers, power amplifiers, and a data acquisition
system. Table 2 displays the particular models and specifications of the devices.

Table 2. Equipment parameters.

Name Number Model Value

Acceleration sensors 11 DH1A111E Sensitivity: 100 mV/g

Force transducers 1 CL-YD-312 A Sensitivity: 4 pC/N

Vibration motor 1 MVE500/3 Speed: 3000 rpm

Inverter 1 SAKO/SK680 Power: 2.2 kw

Data acquisition system 1 DH5929N Sampling rate: 20 kHz
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Above all, the upper deck of the scaled model was chosen as the research object in the
current research. During the test, the data captured by acceleration sensors installed on the
upper deck were transmitted to a signal processor within the data acquisition system and
subsequently analyzed on a computer. The experimental setup is presented in Figure 5.
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3.2. Design of DVA of the Coupled Plate Structure

When the vibration motor displayed in Figure 5 works in the range between 20–30 Hz,
it can be adjusted by an inverter. The vibration response curves of typical assessment points
in Figure 4c are shown in Figure 6.
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As displayed in Figure 6, the greatest peak appears at 25.6 Hz of the vibration response
curves of different assessment points. Test points 3 and 4 are symmetrical at about the
third-order mode wave belly of the upper deck. As a result, the vibration acceleration levels
of test points 3 and 4 at the frequency of 25.6Hz are almost the same. However, test point
3 is closer to the vibration motor, and the vibration response is also greater under other
frequencies. It can be seen from Figure 6c that test point 7 is closer to the wave peak of the
third-order mode (25.6Hz), and the response of test point 7 is significantly greater than that
of test point 8 at this frequency. However, the response of test point 7 is smaller than that of
test point 8 under other frequencies. It is further shown that the vibration response of the
test point is closely related to the distance between the test point and the wave belly of the
corresponding mode.

To gain a better understanding of the vibration of the upper deck, both the modal test
and a numerical simulation were conducted.

By means of PolyLSCF (least squares complex frequency domain method with multiple
reference points), the modal test data were analyzed. The comparison of the mode and
frequency of the upper deck between modal test and current method is displayed in
Figure 7.
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Figure 7. The comparison diagram about modal shapes. (a) 11.32 Hz (experiment). (b) 11.43 Hz
(numerical solution). (c) 25.60 Hz (experiment). (d) 24.72 Hz (numerical solution). (e) 33.51 Hz
(experiment). (f) 33.95 Hz (numerical solution).

When the stiffness values of linear and rotational springs are, respectively, set to
1010 (N/m) and 105 (N·m/rad), the modal shapes and natural frequencies measured by the
test are in good agreement with the numerical model proposed in the current research. The
validity of the proposed equivalent mathematical model in Section 2.1 is verified [49].
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Despite the favorable experimental results observed in this study, which can reflect
objective facts, certain errors in the experiment are inevitable. The sources of these errors
primarily include two aspects: firstly, the inevitable processing errors during the cutting
and welding of steel plates during the construction of the model, and secondly, errors
caused by equipment and environmental interference during the experiment. Although the
experimenters made every effort to properly ground the equipment to avoid interference
from alternating current, some degree of error persists.

It is easy to find that the greatest peak appears at 25.6 Hz, corresponding to the
second-order mode of the upper deck when the line spectrum vibration of the upper deck
at 25.6 Hz is selected as the control object. As illustrated in Figure 3, the optimal installation
point for the absorber is the antinode of the corresponding modal shape.

To determine the parameters of the dynamic vibration absorber of the upper deck,
the first key point is the solution of the equivalent mass of the upper deck. Based on
the equivalent numerical model and Equation (11) presented in the current research, the
equivalent mass corresponding to 25.6 Hz is derived as 4.99 kg. The comparison between
the current method and FEM (S4R model, 15,000 elements) is displayed in Table 3, and the
computational time of the equivalent mass is reduced.

Table 3. Equivalent mass of upper deck corresponding to 25.6 Hz (kg).

Method of Calculation Equivalent Mass (kg) Computational Time (s)

Current method 4.99 21

FEM (S4R,15,000) 4.95 220

As mentioned above, the dynamic vibration absorber installation point of the experi-
ment model is determined in Figure 8.
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As displayed in Table 3, the equivalent mass corresponding to the third mode of
the upper deck is 4.99 kg. When the mass ratio is 0.1, the parameters of the dynamic
vibration absorber are easily derived through the optimal homology principle displayed in
Equations (12) and (13). Table 4 lists the dynamic vibration absorber’s parameters corre-
sponding to 25.6 Hz.

Table 4. Third-order dynamic absorption parameters.

Mode Number Mass Ratio Frequency Ratio Mass (kg) Frequency of
DVA (Hz)

Third 0.1 0.95 0.5 24.3

In order to better record the vibration of DVA, accelerometer 1 was installed on
the DVA system. The comparison of vibration response between the dynamic vibration
absorber (point 1) and upper deck (points 2 and 3) are displayed in Figure 9.

J. Mar. Sci. Eng. 2025, 13, x FOR PEER REVIEW 14 of 18 
 

 

Table 4. Third-order dynamic absorption parameters. 

Mode Number Mass Ratio Frequency Ratio Mass (kg) Frequency of 
DVA (Hz) 

Third 0.1 0.95 0.5 24.3 

In order to better record the vibration of DVA, accelerometer 1 was installed on the 
DVA system. The comparison of vibration response between the dynamic vibration ab-
sorber (point 1) and upper deck (points 2 and 3) are displayed in Figure 9. 

  
(a) (b) 

Figure 9. Comparison of assessment point response (Frequency ratio is 0.95). (a) Assessment point 
2. (b) Assessment point 3. 

As shown in Figure 9, the DVA vibrates substantially more than the main structure 
when the frequency ratio between the DVA and the target control frequency is optimal 
(0.95). 

Moreover, the comparison of the vibration acceleration responses of each assessment 
point with and without DVA is shown in Figure 10. 

  
(a) (b) 

  

10 20 30 40 50 60 70 80
40

60

80

100

120

V
ib

ra
tio

n 
ac

ce
le

ra
tio

n 
le

ve
l/ 

dB

Frequency/Hz

 Test point 1
 Test point 2

10 20 30 40 50 60 70 80
40

60

80

100

120

V
ib

ra
tio

n 
ac

ce
le

ra
tio

n 
le

ve
l/ 

dB

Frequency/Hz

 Test point 1
 Test point3

10 20 30 40 50 60 70 80
40

60

80

100

120

V
ib

ra
tio

n 
ac

ce
le

ra
tio

n 
le

ve
l/ 

dB

Frequency/Hz

 Without DVA
 Optimal frequency ratio

10 20 30 40 50 60 70 80
40

60

80

100

120

V
ib

ra
tio

n 
ac

ce
le

ra
tio

n 
le

ve
l/ 

dB

Frequency/Hz

 Without DVA
 Optimal frequency ratio

10 20 30 40 50 60 70 80
40

60

80

100

120

V
ib

ra
tio

n 
ac

ce
le

ra
tio

n 
le

ve
l/ 

dB

Frequency/Hz

 Without DVA
 Optimal frequency ratio

10 20 30 40 50 60 70 80

40

60

80

100

120

V
ib

ra
tio

n 
ac

ce
le

ra
tio

n 
le

ve
l/ 

dB

Frequency/Hz

 Without DVA
 Optimal frequency ratio

Figure 9. Comparison of assessment point response (Frequency ratio is 0.95). (a) Assessment point 2.
(b) Assessment point 3.

As shown in Figure 9, the DVA vibrates substantially more than the main struc-
ture when the frequency ratio between the DVA and the target control frequency is opti-
mal (0.95).

Moreover, the comparison of the vibration acceleration responses of each assessment
point with and without DVA is shown in Figure 10.

Figure 10 shows that vibration at assessment points 2 to 5 around the control frequency
of 25.6 Hz is significantly reduced when the frequency ratio is adjusted to 0.95. Although
new peaks emerge near the target control frequency for each assessment point, these new
peaks are significantly low and thus can be considered negligible. Furthermore, Figure 10
shows that the absorption impact decreases as the distance between the assessment site and
the DVA installation position rises. The vibration acceleration levels of each assessment
point at the control frequency of 25.6 Hz are shown in Table 5.
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Figure 10. Vibration control effect of typical assessment points when frequency ratio is 0.95.
(a) Assessment point 2. (b) Assessment point 3. (c) Assessment point 4. (d) Assessment point
5. (e) Assessment point 8. (f) Assessment point 9.

Table 5. Vibration acceleration level of different checkpoints at frequency 25.6 Hz (dB).

Assessment Point Number 2 3 4 5 6 7 8 9

Without DVA 107.6 107.6 111.3 112.1 112 109.9 100.8 95.8

Optimal frequency ratio (0.95) 78.2 93.1 83.4 92.5 93.9 71.6 92.7 85.1

The vibration response of each assessment point decreases when the frequency ratio is
set to 0.95, as shown by the data in Table 4. Furthermore, the DVA’s effect diminishes as the
distance grows between the assessment point and the associated wave belly. By averaging
the energy of vibration data at each point, we found that the vibration acceleration of the
upper deck is reduced by 18.9 dB at a frequency of 25.6 Hz.
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The introduction of the DVA induces new peaks in the frequency response curves near
the target control frequency; however, these new peaks are of a minimal amplitude and can
be considered negligible. Moreover, the effectiveness of vibration absorption diminishes
with increasing distance between the assessment points and the location of the DVA.

4. Conclusions
The line spectrum vibration control strategy of the partial resonance area of an ocean

platform is studied in the current paper. The partial resonance area’s mathematical model
with DVA serves as the foundation for a significantly increased equivalent mass solution
efficiency. In addition, dynamic vibration absorption parameters can be determined easily
in accordance with the procedure presented in the research. Ultimately, an experiment
conducted on a scaled model of an offshore platform verifies the validity of the proposed
model and procedure. The following is a summary of the primary findings presented in
this paper:

(1) A mathematical model of the partial resonance area was established. The experi-
ment’s measurements of the modal shape and natural frequency accord well with
the mathematical model’s computation findings, demonstrating the viability of the
suggested mathematical model.

(2) The validity of fast determination of parameters of DVA of partial resonance area is
also verified by the experiment. When the frequency ratio is optimal, the vibration
control effect of the line spectrum to be controlled is the best. New peaks emerge
near the target control frequency for each assessment point, these new peaks are
significantly low and thus can be considered negligible.

(3) A typical assessment point response under excitation load reveals the magnitude of
the response of the checkpoint at the line spectrum frequency is closely related to the
distance between the checkpoint and the corresponding mode wave belly.

(4) As the distance between the assessment points and the DVA location increases, the
effectiveness of vibration absorption decreases.

(5) The method proposed in this study will be used to design and study new types of
dynamic vibration-absorbing equipment in the future, and with the application of
composite materials in marine equipment gradually, this method can also be extended
to realize spectrum vibration control of composite materials.
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