
Citation: Grega, R.; Krajnak, J.;
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Abstract: The industries of shipping, shipbuilding and port operations are among those in which
mechanical drives with piston machines are widely used. The wide use of piston machines is the
result of many years of experience and many years of development and modernization of piston
machines. Usually, they operate as mechanical drives with constant operating speeds, with the
exception of drives with combustion engines, which operate in a wider range of operating speeds.
The limiting condition of innovation of mechanical drives with piston machines, resulting from
the nature of the piston machine operation, is the torsional oscillation. The effort to decrease an
energy demand of mechanical drives requires the application of non-traditional working modes,
which can be considered as a deactivation of the cylinders of piston machine or an expansion of the
working speed range. One of the possibilities of eliminating these limiting factors is an application
of a pneumatic tuner in mechanical drives, which, in contrast to traditional solutions, has a wide
range of torsional stiffness that can be smoothly changed. During experimental measurements in
the resonance area, at the operating speed of 700 rpm after torsional stiffness change, a torsional
vibration value of 15 Nm decreased to 5 Nm.

Keywords: shipping piston devices; torsional vibrations; pneumatic tuner

1. Introduction

Drive systems as well as shipping devices are the basic units of technological equip-
ment for industry, production, ship transport and ship handling equipment, but also
serve as equipment for supporting service activities in maritime transport. Assuming a
determination of development trends, new propulsion systems will be diversified [1–4].

A significant share of consumed energy is attributed to drive systems, which ultimately
convert it into another type of energy. An important group of ship drive systems are
mechanical drives that primarily change the input energy into mechanical energy, which is
further transmitted and distributed by the rotational movement of the shaft [5–7].

Energy production, distribution and efficient consumption in ship propulsion devices
are serious societal problems. Due to the insufficient energy mix, there are significant
changes in climate at global level. As maritime transport is involved in the transportation
of 80% of goods, the necessity of decreasing emissions that are related to their device
equipment is obvious. For mitigation of emission impacts, strategies, agreements and
plans seeking worldwide support are being created. The United Nations mentioned the
need of effective reductions in the greenhouse gas emissions in maritime transport, and
improvements in the port logistic should be included. The fulfillment of these emission
targets is focused primarily on the transformation of energy production during the entire
sailing of the ships. Therefore, the research, development, production and operation of the
economy with zero emissions in maritime transports have a high priority [8–12].

In the context of new social events of 2022, especially the significant increase in energy
prices, it is necessary to focus attention not only on the method of obtaining energy, but
also on its efficient use in economic processes, so that its reduced consumption is achieved.
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The countries of the European Union (EU) have set ambitious global goals. In the area
of achieving balanced EU carbon neutrality, the European Green Deal represents a package
of measures aimed at reducing greenhouse gas emissions by 2030 and decarbonizing the
EU economy by 2050 in accordance with the Paris Agreement.

In accordance with the aforementioned documents, the main goal of which is to avert
the effects of the climate crisis, many countries have committed to reduce emissions by 55%
by 2030 and finally achieving carbon neutrality by 2050 [13].

In the area of energy consumption, the ambitious goal of several European Union
countries is to reduce energy consumption (gas and electricity) by comparing it to the
reference year [14].

Based on these ambitions in the area of carbon neutrality, considering the production of
energy and its efficient and decreasing consumption, it is necessary to direct the attention of
research and development in the field of mechanical drives to devices supporting efficient
energy consumption and devices for efficient distribution of mechanical energy [15–18].

Vibration reduction of mechanical drives has been implemented in order to comply
with hygienic and operational standards, usually not defined in standards and laws [19–25].
Due to the nature of mechanical drives, the transfer of mechanical energy is ensured by
means of a rotational movement, which is accompanied by unwanted vibrations. Several
authors deal with the reduction of torsional vibrations. Haris et al. [26–28] propose the
use of non-linear absorbers and targeted energy transfer and modal energy redistribution.
Zink [29], who is involved in the development of a vibration damper for a centrifugal
pendulum, also leans towards modal energy redistribution. Manchi [30] proposes the use
of a centrifugal double pendulum vibration damper. Liu et al. [31,32] investigate reducing
vibrations by changing damping, stiffness and inertia. Berbyuk [33] investigates a three-
mass flywheel for torsional vibration reduction. One of the suitable options for reducing
frictional vibrations is a tunable vibration absorber. Jang et al. [34] proposes it as a tunable
electromagnetic vibration absorber. Lee [35] verifies the possibility of tuning by a coupling
using magnetorheological elastomer in frequencies from 16.8 Hz to 23.5 Hz. Xiang [36]
proposes the use of an electromagnetic vibration absorber in a high-speed rotary machine.
Torsional vibration reduction is a multicriteria optimization, the solution of which is often
limited by mutually exclusive events.

The aim of the article is to demonstrate that multi-criteria optimization of mechanical
drives is possible with using of a torsional oscillation pneumatic tuner. The application of
the torsional oscillation pneumatic tuner and the discussed results are demonstrated on the
mechanical drive with a piston compressor.

2. Defining the Problem

Optimization, productivity and efficiency requirements are also imposed on mechan-
ical drives such as piston machines, e.g., compressors and pumps. Many times, such
piston devices are placed in service where optimized output power is required. This means
that the maximum capacity performance of these piston machines is not required. With
optimized capacity performance, it is rather desirable that such mechanical drives work in
a certain capacity range of performance. Figure 1 shows a scheme of the mechanical drive
with a piston compressor. Such a drive can be placed as a source of compressed air for
technological operation.

Technological operations require a supply of a constant value of air pressure, but
the amount of supplied air is variable depending on the activity of the technological
operation (Figures 2 and 3). Compressed air preparation also includes a compressed air
reservoir, which minimizes the unevenness of the air supply and the maximum amount
of air including the technological gap (shown as red line in Figures 2 and 3), which is
limited by the maximum air pressure f (pmax). In order to ensure a sufficient amount of
air, the drive of the piston compressor is designed to work at a constant speed and supply
a constant amount of air. Compressed air is stored in a pressure tank, from where it is
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distributed through a pipeline distribution system to consumer technology locations. If
there is an excess of air in the reservoir, this excess is released (Figure 2).
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As we can see from the graph of consumption, the volume performance of the com-
pressor is constant Qk = const. (shown as black line), and the air consumption is variable
Qs = var. (shown as blue line). If the amount of air in the reservoir Qz, including the
technological reserve R is constant, then Qz + R = var. is variable (shown as green line).
With a reduced consumption of air from the reservoir, there is an excess of Qo. This excess
manifests itself by increasing the pressure in the reservoir, and it is necessary to drain it
from the system. This released excess can be described as a direct volumetric power loss.
From the point of efficiency of compressed air production process and with an emphasis on
reducing the costs of its production, it is desirable that the smallest possible excesses arise
in this process, which has to be drained from the reservoir. A suitable solution would be the
mechanical drive with the piston compressor working variably to the power requirement
(Figure 3). Such a mechanical drive would be designed as a drive operating with variable
volumetric and a characteristic feature is the change in the course of Qk = cons. on Qk = var.
The variability of the volumetric performance of piston devices can be controlled in two
ways, using the basic mathematical model according to Equation (1):

Q = nV (1)

where:
Q is the volume performance (m3/s);
V is the volume of piston machines, e.g., compressor or pump (m3);
n is the revolutions of piston machines, e.g., compressor or pump (s−1).
As follows from the right side of Equation (1), a change in volume performance is

possible by changing the revolutions or changing the volume of the piston machine.
We will refer to the first alternative as the speed variability of the mechanical drive

of the piston machine. This alternative requires a transition from current mechanical
systems operating at constant speeds to mechanical systems operating in the range of
operating speeds. This ensures a variable volume performance depending on the speed of
the mechanical drive. However, this alternative brings with it, from the point of view of
the dynamics of the mechanical system, a number of problems. Current mechanical drives
working at constant speed are dynamically designed as over-resonance drives. This means
that the constant operating speed np is located above the resonance area, and it passes
through it during drive start-up or stopping [37,38]. When switching the drive, the speed
of the drive will be variable. Rather, it will be required that the speed of the drive be lower
than the current constant working speed. All parts of the mechanical system have to be
designed in such a way of no resonance area [39–41]. Such a solution requires significant
intervention in the dynamics of the drive, and it can be achieved by using suitable flexible
couplings or suitable two-mass flywheels [42–45].

We will refer to the second alternative, which it is based on changing the volume of
the piston engine. In case of a piston compressor, this volume variability can be ensured by
deactivating the compressor pistons. Deactivation of pistons is currently widely used in the
field of internal combustion engines. An accompanying phenomenon of piston deactivation
is a change in the vibration spectrum of entire drive. From the point of dynamics of the
mechanical system, the deactivation of the cylinders is accompanied by the emergence of
resonances even from the so-called secondary harmonic components that have a significant
character of dominant load amplitudes, and the torsional oscillation in the mechanical
system will increase significantly [46–49].

Until now, torsional oscillations in mechanical systems could be reduced by a suitably
designed flexible coupling, which was included in the mechanical system between the
driving and driven equipment. It was the so-called a conventional case of problem solving.
Reducing the torsional vibrations arising in the cases mentioned above in a conventional
way is currently too difficult, considering the technical designs of existing conventional
flexible couplings [39–42,50–53].

As described and explained above, a common negative feature of a mechanical drive
with variable volume performance is an increase in vibration. Technical solutions aimed at a
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drive working with variable volume performance are known and achievable. The problem
of these solutions is the excessive vibrations that arise in the mechanical drive. In the
following parts of the article, a pneumatic tuner of torsional oscillation and an experimental
verification of its effect on reducing the vibrations of the mechanical drive with a piston
compressor that works in the mode of variable volumetric efficiency will be presented.

3. Theory Analyzes

The mechanical system on which we performed experimental measurements can be
dynamically considered as a two-mass system (Figure 4). The masses representing the mass
of the electric motor and the mass of the compressor are connected by a flexible coupling,
in our case a pneumatic tuner. The two-mass undamped mechanical system (Figure 5) is
described by the equations of motion in matrix form according to Relation (2).
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I
..
ϕ + kϕ = Mk (2)

where:
I is the inertia matrix;
k is the stiffness matrix;
Mk is the vector of torque loads;
ϕ is the vector of angle of twist;
..
ϕ is the vector of angular acceleration.
Such torsional mechanical system has n-1 non-zero natural frequencies (and one

zero natural frequency, which corresponds to free rotation). When one of these natural
frequencies coincides with the frequency of excitation, a resonance occurs. As a first
estimate of the natural frequency, the n-degree of freedom system is often reduced to an
undamped two- or three-body problem.
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For the case of undamped two-degree-of-freedom system (Figure 5), Equation (3) can
be derived.

I1
..

ϕ1 + k(ϕ1 − ϕ2) = Mi sin(iωt) (3)

I2
..

ϕ2 − k(ϕ1 − ϕ2) = 0

where:
I1, I2 are the mass moments of inertia (kgm2);
k is the stiffness connecting the masses (Nmrad−1);
ϕ1, ϕ2 are the angles of twist (◦);
Mi is the ith principal component of harmonic torque (Nm);
i is the the order of harmonic component (-);
ω is the angular frequency of the ith harmonic component (rads−1);
t is the time (s).
Solving the equations of motion, the following expression for the angular natural

frequency emerges (Equation (4)):

Ω2
0 = k

I1 + I2

I1 I2
(4)

where:
I1, I2 are the mass moments of inertia (kgm2);
k is the torsional stiffness (Nmrad−1);
Ω0 is the natural frequency (rads−1).
Examining Equation (4), it is evident that the natural frequency depends on both the

moments of inertia and torsional stiffness, which is a characteristic of the pneumatic tuner.
The moments of inertia are usually constant.

The design of the mechanical system in terms of dynamics is aimed at eliminating
vibrations causing excessive dynamic load. Above all, this means avoiding resonances that
might arise in a mechanical system. Resonance arises if the driving frequency is the same
as its natural frequency and, therefore, if Ω0 = ω.

In our case, we are considering two working modes concretely; the first mode is that
the driving frequency ω is not constant, but it varies continuously in the range of ωmin to
ωmax. In this case, we would have to design a flexible coupling so that its natural frequency
Ω0 is lower than the minimum drive frequency ωmin. In many cases, it is not technically
possible to design such a flexible coupling and, therefore, to limit the working area of the
mechanical systems.

Our second mode assumes the operation of the mechanical system in the variable
state of the compressor running. This means that the compressor cylinders will stop
running. Such deactivation of the cylinders of the compressor will cause the load spectrum
to change. In Figures 6–8, we can see the load frequency amplitude spectrum we measured
for compressor operation without shut-off cylinders, a deactivation of one cylinder and a
deactivation of two cylinders.
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Figure 8. Frequency amplitude spectrum with deactivation of two cylinders in the compressor.

It is clear from Figures 7 and 8 that, in the case of deactivations of one or two cylinders,
the load spectrum changes. It is obvious that secondary harmonic components will be
created, which may also have a dominant character. In this case, we will also change
the excitation frequency, which will equate the frequency with vibration resonance and
excessive strain on parts of the mechanical system.

The analysis shows that resonance occurs at the equation of the excitation and its
natural frequency. Because we require the mechanical system to be able to work within
the working range, it is necessary to approach a problem of effectively changing its natural
frequency. In our case, changing the frequency of the entire mechanical system will provide
a pneumatic tuner that will be placed between the electric motor and the compressor. This
pneumatic tuner is unique in possibility to change one of the basic properties influencing
its natural frequency and torsional stiffness. The torsional stiffness of this pneumatic tuner
varies depending on the air pressure in the coupling. The air pressure will be regulated
continuously from 100 kPa to 700 kPa, which will correspond to the change in torsional
stiffness from kp100 to kp700. We can state, unlike other conventional flexible couplings,
that the pneumatic tuner has a large number of torsional stiffness values, and thus, it has a
torsional stiffness field shown in Figure 9, bounded by values ranging from kp100 to kp700.

Therefore, when the pneumatic tuner has a torsional stiffness field, then it is able
to reach the field of the natural frequencies of the mechanical system. Such a range of
natural frequencies will be able to respond effectively to the required states from the
mechanical system and, hence, operate within the operating speed range and with the
variable compressor mode.
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4. Experimental Verification

The pneumatic tuner (Figure 9) consists of a primary and a secondary part. Between
these two parts is a pneumatic chamber with the help of which it is possible to change
the torsional stiffness of the pneumatic tuner smoothly during the work of the mechanical
drive. The pneumatic tuner was applied and tested in the mechanical drive of the piston
compressor (Figure 10).
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operating speed compressor (2), torque sensor (3), pneumatic tuner (4).

The mechanical drive (shown in Figure 10) is composed of an electric motor with vari-
able speed electric motor (1), a variable operating speed compressor (2), a torque sensor (3)
and pneumatic tuner (4).

The parameters of drive parts are:

1. Three-phase asynchronous electric motor: operating speeds vary by frequency changer
SIEMENS with vector control, type: 1LE10011DB234AF4-Z; nominal power: 11 kW;
nominal operating speed: 1470 rpm; number of poles: 4.

2. Three-cylinder air compressor: type: ORLIK 3JSK-75; volume power: 50 m3h−1

number of cylinders: 3; cylinder diameter: 82 mm; piston stroke: 70 mm maximum
overpressure: 10 bars.

3. Torque sensor: MOM Kalibergyár, type: 7934; measurement range: 0 ÷ 500 Nm with
accuracy 0.5 Nm.
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4. Pneumatic tuner: type: 4-1/70-T-C; maximum diameter: 242 mm; spacing diameter:
152 mm; width: 129 mm; weight: 11.6 kg.

The performed experiments were evaluated by using a Hottinger measuring apparatus:
type: Quantum MX 840 with eight individual measurement channels and individual sample
rates up t 40 kS/s per channel and with a 24-bit A/D converter per channel and supply
voltage for active transducers (DC): 5–24 V, CAN bus Input/Output to which the torque
sensor was connected.

The measured and evaluated variable was the dynamic component of the torque
between the electric motor and the compressor. This dynamic component is the main
source of torsional vibration and the main source of dynamic strain. To evaluate the
dynamic torque, we used an effective value of vibrations. This value reflects the dynamic
power of the dynamic torque, and it is therefore suitable for comparing the torsional
vibration magnitude. The measurement was provided for two modes in which dynamic
torque values were measured. In the first mode, the mechanical system worked in the
operating speed from 200 rpm to 1000 rpm. The change of speed was ensured by the
frequency control of the electric motor speed. The second mode was the variable operation
of the compressor. In this mode, we investigated three modes of variability. The first mode
was the operation of all three cylinders. In the second mode, one cylinder was deactivated,
and in the third mode, two cylinders were deactivated. The cylinder deactivation was
performed by means of the compressor suction valve locking. This suction valve arrest
prevented compressed air from compressing the compressed air off.

5. Results and Discussion

Conventional mechanical systems with compressors are operating at constant speeds.
By our first experimental measurement procedure we performed on the mechanical system
a measurement with working ranges from 200 rpm to 1000 rpm. We measured values
during different torque stiffness of the pneumatic tuner. For the sake of clarity, Figure 11
shows the dynamic torque dynamics only for the four torsional stiffness values of kp100,
kp300, kp500 and kp700 achieved by coupling pressure with values of 100 kPa, 300 kPa,
500 kPa and 700 kPa, respectively. In Figure 11, we can clearly see the resonance area
of the mechanical system for individual torsional stiffness. Figure 11 below shows the
resonance area for individual changing stiffness. With a decreasing torsional stiffness value,
the resonant area moves towards lower revolutions. This state is caused by the change of
the natural frequency of the mechanical system as described in Equations (2)–(4).
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For each course area, concretely on the left side from resonance is the so-called “under-
resonance area”, and on the right side from the resonance is the so-called “over-resonance
area”. Currently, mechanical systems with piston machines are designed to work in the over-
resonance area. In this area, the dynamic stresses are lower than in the under-resonance
area. This also confirms the progress shown in Figure 11. The dynamic load values in the
under-resonance area are two, whereas they are three times the dynamic load values in the
over-resonance area. In Figure 12, dynamic torque values are shown as a function of the
torsional stiffness of the pneumatic tuner for the various operating speed of the mechanical
system. Analyzing Figure 11, we can state that, when operating the mechanical system
for speeds from 200 to 500 rpm, it is more convenient for the mechanical system to be
fitted with a coupling with higher torsional stiffness, because in this case it is possible to
achieve lower dynamic torque. For speeds ranging from 700 to 1000 rpm, a pneumatic
tuner with a lower torsional stiffness value is more suitable. Interestingly, however, the
pneumatic tuner of kp100 is not suitable, while a coupling with torsional stiffness kp200
is. The operating speed of value 600 rpm has a very specific course because it has two
extremes, one minimum and one maximum. This means that a coupling torque stiffness
kp300 is suitable for these speeds to achieve a minimum load. For torsional stiffness kp600,
the dynamic load is maximum, but the trend of course shows that, while stiffness increases
from this value, the dynamic load decreases.
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From the analysis of the results of the experimental measurements in Figures 11 and 12,
we can further state that, for our first case, when we modify the compressor performance
by changing the whole system operating speed, it is suitable from the point of view of
torsional oscillation for the system to operate in the over-resonance area; for this case, there
is a sufficiently high flexible coupling. Such a high flexible coupling moves the resonant
area to a lower speed, and it increases the working area of the compressor. However, we are
considering using the system in the under-resonance area. In the under-resonance area, the
dynamic load is higher than in the over-resonance area, but it will bring us a much larger
working range of the mechanical system and thus much greater control of the volume
performance of the compressor. In this case, there would also be a resonance area within
the work area, but it can be effectively shifted as necessary by varying the torsional stiffness
of the pneumatic tuner as shown in Figures 11 and 12.

The second alternative we examined was the variability of the compressor. Variability
of the compressor consisted of the working mode—one or two cylinders. Such a cylinder
shutdown reduces both the compressor stroke volume and the compressor volume capacity.
In Figure 13, we show the dynamic torque dependence on the torsional stiffness of the
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pneumatic tuner. We studied this dependency for various rotational modes of compressor
operation. The revolutions of the mechanical system ranged from 200 rpm to 1000 rpm.
As shown in Figure 13, when one cylinder is deactivated, the dynamic load increases two
or three times. We can divide the course into three groups. The first group is the rotation
speeds from 200 to 500 rpm for which the torsional stiffness of the coupling is more suitable.
The second group is the speed of 800 to 1000 rpm, for which a coupling with a lower tor-
sional stiffness is also more suitable. The third group produces rotational speeds of 600 rpm
and 700 rpm. These developments are interesting because of the two extremes. These are
the extremes of the local minimum and local maximum, which represent the minimum and
maximum dynamic stresses at different torsional stiffness values, respectively.
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When comparing the operation of the compressor with all cylinders in Figure 12 and
the operation of the compressor with the one-cylinder deactivation in Figure 13, we can
make several observations:

1. The courses of all cylinders are similar to courses of one-cylinder deactivation. In the
event of a single cylinder being deactivated, the progresses were moved to the area of
higher dynamic load values.

2. If the mechanical system worked with all cylinders’ activation in the over-resonance
area with the most suitable torsional stiffness kp200, then when one cylinder is
deactivated, the value of the dynamic load would increase for some speeds almost
three times.

3. The values of the dynamic stress at disconnected cylinder in the over-resonance area
in Figure 13 are higher than the values of the dynamic load at the run of all cylinders
in the under-resonance area in Figure 12.

4. In the case of a cylinder deactivation, the variance of values in the under-resonance
area is less than the variance of the dynamic load values in the over-resonance area.

5. The multiplication of the increase in dynamic oscillation with the cylinder deactivation
in the under-resonance area compared to all cylinders running is less than a multiple
of the increase in the work of the mechanical system in the over-resonance area when
all cylinders are working, along with one-cylinder deactivation.

Dynamic load of the mechanical system was also investigated for deactivation of two
compressor cylinders. The results of this research are shown in Figure 14. For the sake of
clarity, we only describe the speeds from 500 rpm to 1000 rpm. From the courses, it is seen
that the dynamic load values are higher than those during running of all cylinders, but less
than during the running of deactivation of one cylinder. Dynamic load values do not have
a large variation for individual speed courses.
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6. Conclusions

The aim of the article is demonstration of the innovative solution of torsional vibration
reduction by application of pneumatic tuner in shipping piston devices. Pneumatic tuner,
which we have developed, offers an innovative solution to reduce the torsional vibration in
mechanical drives whose working mode is characterized by a change in volume perfor-
mance. In order to verify the impact of the pneumatic tuner to reduce torsional vibrations,
we used a mechanical drive in which a piston compressor is integrated. The volume per-
formance of the piston compressor was changed in two alternatives. The first alternative
changed the operating speed of the compressor and the second alternative used the variable
of the deactivation of the cylinder of the compressor pistons. The pneumatic tuner is able to
contribute a reduction of the dynamic load of the mechanical system due to the possibility
of changing the torsional stiffness, as can be seen from the results and analysis:

1. From Figure 11, it can be seen that resonance area is dependent on torsional stiffness
of the pneumatic tuner.

2. If torsion stiffness is variable, it is possible to change a torsional vibration in resonance.
For example, if torsional stiffness has a value of kp700, the resonant area exists at
operating speed 700 rpm. Torsional vibrations have reached value of 15 Nm. By
decreasing the torsional stiffness in the resonance area up to kp100, torsional vibra-
tions will decrease to a value of 5 Nm. This fact can be considered as a three times
vibration reduction. Such torsional vibration reduction by means of a smooth change
in torsional stiffness can be realized over a wide range of operating speeds.

3. Reduction of torsional vibrations can be also effectively carried out in cylinder deacti-
vation. For example, at operating speed of 700 rpm, it is suitable to use a pneumatic
tuner with torsional stiffness of kp200 at which the value of torsional vibration is
6 Nm in the operation mode of all cylinders. If we deactivate one cylinder at this
operating speed, the value of the torsional vibration will increase to 14 Nm, and after
two-cylinder deactivation, the value of the torsional vibration will reach a value of
13 Nm. Immediately, we can appropriately adjust the torsional stiffness as needed.
For example, in the case with one-cylinder deactivation, the torsional stiffness will be
held at kp400, and in case with two-cylinder deactivation, the torsional stiffness will be
held at kp500. In these cases, we notice a decrease of 13 Nm and 11 Nm lower torsional
vibrations, respectively. A change in torsional stiffness in order to minimize torsional
vibrations can be realized smoothly during the working time of the mechanical drive.
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From the results, we found that a conventional low-stiffness coupling would also be
useful for the first alternative of operation of the mechanical system operating at speed
change. It would be able to move its natural frequency and, hence, the resonant area under
the operating ranges of the mechanical system.

However, such a solution does not allow for the mechanical system to operate in the
under-resonance area. When we increase the working range of the mechanical system
and under-resonance area, it also would mean a resonance area in the work area in a
conventional high flexible coupling. Only a pneumatic tuner with varying torsional stiffness
is able to move the natural frequency of the mechanical system so that there is no resonance
in the working area. The pneumatic tuner allows us to change natural frequency during the
operation of the mechanical system. This change can provide movement of the resonance
area under and over operating speed, which means the creation of a mechanical system
that will operate over a wide range of operating speeds.

Demonstrating the measurements for the compressor’s second mode of operation,
i.e., for the variable deactivation of the compressor cylinders, a conventional low-stiffness
coupling is not sufficient. However, the pneumatic tuner is in this case suitable, because
of the changing torsional stiffness, which adapts our natural frequency of the mechanical
system to reach the lowest possible values of the dynamic load of the mechanical system.
From the above findings follows that only the pneumatic tuners in which it is possible
to change the torsional stiffness are suitable for mechanical systems to operate in a mode
characterized by a change in volume performance. The pneumatic tuner we have developed
has the coupling that allows for this change. It is important that the pneumatic tuner makes
this change possible during the mechanical system operation, without the need of shutdown
and intervention by disassembly and assembly of a new coupling. Such a pneumatic tuner,
in which we are able to change the torsion stiffness during the operation of the mechanical
system, can be termed as a continually pneumatic tuner in the future.

Our further research into the reduction of torsional oscillation in mechanical systems
whose volume performance is optimized will focus on developing regulatory systems for a
continually pneumatic tuner, other new types of pneumatic tuners and new materials used
in such tunable flexible couplings.
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2. Chaban, A.; Perzyński, T.; Popenda, A.; Figura, R.; Levoniuk, V. Mathematical Modeling of Transient Processes in the Susceptible

Motion Transmission in a Ship Propulsion System Containing a Shaft Synchronous Generator. Energies 2022, 15, 3266. [CrossRef]
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