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Abstract

:

The objective of this paper is the comparison of two dedicated subcooling methods, after the gas cooler, in a CO2 transcritical refrigeration system. The use of vapor compression refrigeration with R134a for subcooling is the first method, and the second is the use of an absorption chiller that operates with a LiBr-H2O working pair. The examined systems are compared energetically and exegetically with the reference transcritical CO2 refrigeration cycle without subcooling. The analysis is conducted for different operating scenarios and in every case, the system is optimized by selecting the proper temperature and pressure levels. The analysis is performed with a developed and validated model in Engineering Equation Solver. According to the final results, the use of the absorption chiller is able to decrease the system electricity consumption by about 54% compared to the simple transcritical cycle, while the decrease with the mechanical subcooling is 41%. Both systems with dedicated subcooling are found to have an important increase in the system exergy performance compared to the simple transcritical cycle. However, the system with the mechanical subcooling is found to be the best choice exegetically, with a small difference from the system with the absorption chiller.
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1. Introduction


Refrigeration is responsible for a great part of the worldwide energy consumption [1], as well as for global warming because of the use of harmful refrigerants [2]. In recent years, regulations such as the EU F-Gas Regulation 517/2014 [3] have been created in order to establish the use of clean and sustainable refrigerants, such as CO2, NH3, propane, butane, and, generally, refrigerants with lower Global Warming Potential (GWP) values [4]. However, there is not a global optimum refrigerant from all the points of view (performance, environmental impact, and safety level) [4,5]. CO2 is the unique refrigerant which is non-toxic, non-flammable (A1 ASHRAE safety group), and has an extremely low global warming potential (GWP = 1), but its refrigeration systems suffer from reduced efficiency [6].



So, a lot of research has been focused on the refrigeration systems with CO2 as the main or the only refrigerant [7], in order to design systems with higher performance. One important reason for the lower performance of the CO2 refrigeration systems is the relatively low critical temperature of CO2, which is 31.1 °C. So, the CO2 refrigeration systems cannot operate with latent heat rejection to the ambient, especially in warm climates conditions, and they operate in transcritical mode [8]. This fact is the key parameter that leads to a decreased coefficient of performance (COP) and, consequently, to higher electricity consumption. In this direction, a lot of researchers have studied the use of alternative methods for enhancing the COP of the refrigeration cycle with CO2 [9].



The use of an internal heat exchanger, after the condenser and after the evaporator, is a simple way for subcooling the CO2 refrigerant. Chen et al. [10] studied this idea and they determined the optimum system high pressure with the heat exchanger. Moreover, Torrella et al. [11] found a 12% enhancement with the use of an internal heat exchanger for subcooling purposes. The next studied idea regards the use of a two-stage compression system. Cavallini et al. [12] found that this idea increases the system coefficient of performance (COP) about 25%. In this direction, the use of a parallel compressor has been studied by Sarkar et al. [13] and they found maximum possible enhancement, up to 47%, when there is a high-temperature difference between the heat rejection and the refrigeration temperature levels. The parallel compression has been found to increase the COP about 19%, according to Gullo et al. [14], while Chesi et al. [15] found 30% improvement experimentally.



The incorporation of ejector devices in the system for increasing the COP of the refrigeration cycles has been also studied in the literature. Nakaqawa et al. [16] found that the COP can be improved up to 26% with the use of an ejector, while Chen et al. [17] found enhancements in the ranges of 25% to 30%. An alternative idea regards the use of an expander in the system in order to produce a small work amount and to decrease the network demand. Yang et al. [18] found that this idea is able to increase the COP of a CO2 refrigeration system up to 11%, while similar enhancements, about up to 12%, have been found by Megdouli et al. [19]. The utilization of cascade refrigeration systems with CO2 is also common in the literature. Sanchez et al. [20] studied an R134a/CO2 cascade refrigeration system and they stated that the direct cascade system is more efficient than the indirect system with a deviation of about 11%. Megdouli et al. [21] examined a cascade system with CO2/N2O and ejectors, and they concluded that these refrigerants have similar performances in the cascade systems because of their similar critical temperatures. Moreover, the use of NH3/CO2 cascade systems is common in the literature [22].



The previous ways for enhancing the performance of a CO2 refrigeration system are effective and interesting. However, in a recent review paper, Llopis et al. [23] highlighted that the dedicated subcooling is a more effective method among the previously discussed. More specifically, they stated that the dedicated subcooling increases, by 30%, the COP, which is a higher value compared to the other reviewed techniques, under the same operating conditions. They stated that the dedicated subcooling can be performed using three different technologies: (a) mechanical compression cycle, (b) absorption chiller, and (c) thermoelectric system. At this point, it has to be said that the dedicated subcooling is performed with an external refrigeration cycle, which can be driven by renewable energy sources, such as solar energy. For example, there is the possibility to use photovoltaic panels in order to drive the dedicated mechanical subcooling or solar thermal collectors (e.g., flat plate collector or evacuated tubes) for driving the dedicated subcooling with an absorption chiller.



The most common dedicated subcooling is the use of an external mechanical compression subcooling system (M-SC) which consumes extra electricity. The basic idea is that the increase of the cooling capacity, due to the subcooling, and the simultaneous decrease of the optimum high-pressure lead to a high reduction in the electricity consumption of the primary compressor, which overcomes the extra electricity consumption in the secondary cycle. Llopis et al. [24] studied this configuration with various refrigerants, included R134a in the secondary refrigeration cycle, and they found 20% higher COP and 29% higher cooling capacity. Furthermore, Llopis et al. [25] stated that the COP enhancement can reach up to 30% when the heat rejection temperatures are high. Moreover, Gullo et al. [6] studied the use of R134a in the secondary loop and they found the total equivalent warming impact to be 10% lower compared to the booster system in Athens (Greece) and 25% for Valencia (Spain). Nebot-Andres et al. [26] compared the use of a cascade system with a mechanical subcooling system with R1234yf in the secondary cycle, and they concluded that both systems increase the COP but the mechanical subcooling system gives the best results. Dai et al. [27] studied the use of zeotropic mixtures in the secondary cycle in order to reduce the temperature difference during the heat transfer from the one cycle to the other. According to their results, the COP is found to be 35% with the subcooling and the optimum subcooling temperature difference can be up to 38 °C.



The next part of the literature includes methods of dedicated subcooling by the utilization of a heat source. In these cases, the electricity consumption of the system is reduced and extra heat input is needed. The use of renewable or alternative energy sources, such as solar energy, geothermal energy, and waste heat, can be effective choices for reducing the environmental impact of the refrigeration system. Salajeghe and Ameri [28] studied the use of an absorption chiller operating with LiBr-H2O for subcooling the CO2 after the gas cooler (ACH-SC). The absorption chiller was powered by a solid oxide fuel cell and they studied the system with and without subcooling, as well as with and without an internal heat exchanger. They found that the use of an absorption chiller for subcooling is a more effective technique than the internal heat exchanger, while they stated that the global optimum system combines both an absorption chiller and internal heat exchanger for subcooling. Mohammadi [29] investigated various configurations of the CO2 refrigeration system with single or two-stage cycles and with the use of different absorption machines for subcooling. They utilized the heat of the compressor outlet in order to feed the absorption machines. They finally concluded that the combination of a two-stage compression cycle with intercooler and dedicated subcooling from the absorption chiller is a very effective way of enhancing the COP, up to 207%.



At this point, it is also important to state that the use of an absorption (or adsorption) chiller in a cascade system with CO2 cycles has been also examined in the literature with encouraging results. More specifically, Mohammadi and McGowan [30] found that the incorporation of an absorption chiller in the high-stage stage of a cascade configuration is able to reduce the operation cost about 36% to 49% on a yearly basis. Moreover, Cylkis [31] found a 30% decrease in electricity consumption with the use of a sorption chiller coupled to a compression system. Furthermore, the combination of CO2 cycles with absorption machines for power and refrigeration production has been also studied in the literature. Li et al. [32] studied the use of an absorption chiller coupled to a gas turbine, while Arora et al. [33] studied a CO2-Rankine cycle with an absorption chiller for power and refrigeration production.



The use of a thermoelectrical subcooler has been studied by various researchers. Sarkar [34] found a 25% increase in the COP with the thermoelectrical device compared to the simple vapor compression cycle. Schoenfield et al. [35] found a 3.3% COP enhancement and 7.9% cooling capacity increase with the thermoelectrical subcooling device. Jamali et al. [36] found 19% COP improvement with a thermoelectric device that consumes electricity. In the end, Dai et al. [37] examined different configurations with a thermoelectrical subcooling device and expander, and they concluded that the combination of these two techniques increases the COP around 38%. Lastly, the work of Aprea et al. [38] should be highlighted, whereby they studied the use of a desiccant dehumidification system with air in order to enhance the performance of a transcritical CO2 cycle. They found 77% enhancement in the COP compared to the conventional system with this technique.



The previous literature review makes clear that the investigation of CO2-modified refrigeration cycles is of high interest and presents important enhancements in the COP that can be achieved in order to reduce the work consumption. The enhancement of the COP in the transcritical CO2 refrigeration cycle is a critical issue because this cycle is less effective than the respective subcritical cycle with conventional refrigerants, such as R134a [39]. Dedicated subcooling techniques are important choices for increasing the performance of the system in a great way. Especially in the cases that solar energy is applied for driving the subcooling cycle, the overall configuration becomes environmentally friendly. There is plenty of studies about these techniques, but the studies about dedicated subcooling with absorption chillers are restricted. Only the studies [28,29] are found in this area, but they do not make any comparison with the other usual technique: the mechanical subcooling. At this point, it has to be said that there are existing studies with vapor compression cycles and absorption chillers in a cascade configuration, but these configurations are different from the use of an absorption chiller as the subcooling device. In this direction, this study aims to cover this scientific gap and to compare the reference CO2 refrigeration cycle, with dedicated subcooling system, with the mechanical compression cycle and the absorption chiller (single stage with a LiBr-H2O working pair) separately. To our knowledge, there is no other study which compares these two dedicated subcooling techniques and so this work is novel. The difference of this work compared to references [28,29] is based on the investigation of both the two subcooling techniques and not only the absorption chiller subcooling method, which is a factor that is important in order to make a suitable comparison under the same operating conditions. Moreover, the comparison of these techniques is very important because the mechanical subcooling consumes work and electricity, while the absorption chiller subcooling consumes heat, so there is a need for a deep and detailed comparison. The analysis is conducted for different operating scenarios (refrigeration temperature and heat rejection temperature). In every case, the temperature and the pressure levels of every system are optimized in order to perform a suitable comparison. The analysis is conducted with developed models in Engineering Equation Solver (EES) [40] and these models are validated with literature results. The analysis is performed using energetic and exegetic criteria in order to evaluate, properly, the simultaneous use of work and heat input in the system with the absorption chiller.




2. Material and Methods


2.1. The Examined Systems


The first examined system was a simple vapor compression cycle, which is depicted in Figure 1, and it was assumed to be the reference system (Ref). The working fluid was CO2 (R744) and it operates in transcritical mode. The gas cooler outlet temperature (T3) was called, in this work, the heat rejection temperature level and it also can be symbolized as (Tc). This system produces 100 kW of cooling and consumes work (W) in the compressor.



The next examined system was the one with mechanical dedicated subcooling (M-SC), which produces 100 kW of refrigeration. This system uses CO2 in the main cycle and R134a in the secondary cycle. This refrigerant was selected as a usual selection in the literature [24,25]. In this system, there is the possibility to use photovoltaic panels, for example, in order to drive the secondary refrigeration cycle and to create an overall environmentally-friendly system. Figure 2 illustrates this system and it has to be said that the condenser of the secondary system was assumed to operate at the same temperature level as the gas cooler outlet temperature. In other words, the temperature (T3) was assumed to be the same as the (T33), which is saturated liquid. This system consumes work in the primary cycle (W) and in the secondary cycle for the subcooling (Wsc). The temperature of the evaporator in the secondary system (T11) was assumed to be 5 °C lower than the temperature level (T34). Moreover, it has to be said that there was no superheating in the secondary cycle evaporator (or subcooler device).



The last examined system is depicted in Figure 3, and it is the system with dedicated subcooling with the absorption chiller, which produces 100 kW of refrigeration. The detailed description of the absorption chiller is given in Appendix A. In this system, there is the possibility to use solar thermal collectors in order to drive the absorption chiller and to create an overall environmentally-friendly system. The absorption chiller is a single stage machine with an internal heat exchanger (70% effectiveness), which operates with the LiBr-H2O working pair. This machine was assumed to reject heat at the ambient (from the condenser and the absorber) at the temperature level (Tc), which is the same as the gas outlet temperature in every case. The absorption chiller evaporator temperature (Te,ach) was assumed to be 5 °C lower than the (T34). Moreover, the minimum values of the (Te,ach) were assumed to be 5 °C, because the refrigerant is water in the absorption chiller and it cannot operate at a lower temperature level due to the danger of freezing. This system operates by using a heat input in the generator (Qg) and it does not consume work.



The last step in this section is the presentation of the pressure-specific enthalpy (p-h) diagrams for the cycles in Figure 4. Figure 4a shows the p-h diagram for the reference cycle, while Figure 4b shows the same for the other cases with dedicated subcooling. It was obvious that the cooling capacity is higher in the cases with the subcooling because the distance between the state points (4) and (1) was greater in Figure 4b compared to the respective in Figure 4a.




2.2. Mathematical Formulation


In this section, the basic equations about the mathematical modeling of the systems are presented. Firstly, the detailed modeling of the CO2 cycle is given. The modeling and the description of the absorption chiller are given both in Appendix A.



The refrigeration production (Qe) in the evaporator of the main cycle is calculated as:


Qe=m⋅(h1−h4)



(1)







The work input in the CO2-compressor (W) is given as:


W=m⋅(h2−h1)



(2)







The compressor isentropic efficiency (ηis) is defined as below:


ηis=h2is−h1 h2−h1 



(3)







In this work, the isentropic efficiency is calculated using the pressure ratio (r) according to the next formula [41]:


ηis=0.9343−0.04478⋅r



(4)




where the compression pressure ratio (r) is defined as:


r=phighplow



(5)







The process in the throttling valve is assumed to be adiabatic and so the enthalpy is the same between the inlet and the outlet:


h3=h4



(6)







The reference system COP is defined a below:


COP=QeW



(7)







The COP of the system with mechanical subcooling is given as:


COP=QeW+Wsc



(8)







The COP of the system with absorption chiller subcooling is given as:


COP=QeW+Qg



(9)







At this point, it has to be said that the secondary refrigeration cycle with R134a is modeled as the CO2. The modeling of the absorption chiller is not given in detail here, but it follows the modeling of [42,43,44].



An extra equation that has to be written is associated with the heat transfer in the subcooler. The evaporation temperatures of the R134a cycle (Te,m), as well as of the absorption chiller (Te,ach), are selected to be 5 °C lower than (T34) [45]:


T34=Te,m+5



(10)






T34=Te,ach+5



(11)







In this work, except for the energy efficiency of the system (or COP), the exergy efficiency is used. This parameter is defined separately for every system as below:



Exergy efficiency (ηex) of the reference system:


ηex=Qe⋅(T0Te−1)W



(12)







Exergy efficiency (ηex) of the dedicated mechanical subcooling:


ηex=Qe⋅(T0Te−1)W+Wsc



(13)







Exergy efficiency (ηex) of the dedicated absorption chiller subcooling:


ηex=Qe⋅(T0Te−1)W+Qg⋅(1−T0Tg)



(14)







The generator temperature (Tg) is the used temperature level for the determination of the exergy input in the absorption machine. The generator temperature is the saturation temperature of the strong solution at the high pressure inside the generator device (see Appendix A). All the temperature levels in the Equations (12)–(14) are in Kelvin units. Moreover, the reference temperature (T0) is selected at 298.15 K in this work.




2.3. Followed Methodology


In this work, the three systems were examined for different operating conditions. The refrigeration production was produced in four different temperatures (Te), from −35 °C up to 5 °C, with a step of 10 °C, while the heat rejection temperature (Tc) was studied from 35 °C up to 50 °C, with a step of 5 °C. Totally, 20 different operating scenarios were investigated in this work. In every case, the system was optimized properly in order to found the optimum design. The optimization criterion was the exergy efficiency in every case. For the reference system (Ref) and the system of mechanical subcooling (M-SC), the optimization with the exergy efficiency leads to the same results with the optimization with the COP as the optimization criterion. On the other hand, for the system with the absorption chiller, the optimization with the exergy efficiency did not give exactly the same results with the optimization based on maximum COP. However, the selection of the exergy efficiency as the optimization criterion was based on the greater suitability of this criterion in order to evaluate, properly, the temperature level of the generator temperature (Tg). The COP evaluates the (W) and the (Qg) as the same quantities, and the higher exergy potential of the work, compared to the heat source, was not taken into consideration. During the optimization procedure, the high-pressure level in the gas cooler was an important optimization variable. This variable was optimized by using the following equivalent optimization parameter. This parameter is called “pressure ratio” and it is the ratio of the maximum pressure (phigh) to the critical pressure of the CO2 (pcrit) which is 73.77 bar.


a=phighpcrit 



(15)







For the system with subcooling, the evaporator temperature in the secondary cycle (Te,m) and in the absorption chiller (Te,ach) were also optimization variables. Moreover, the generator temperature was an extra optimization variable in the system with the absorption chiller. The optimization was conducted using the conjugate directions method or “Powell’s method”, which is included in the simulation tool EES [40]. The relative convergence tolerance was chosen at 10−8 and the maximum number of iterations (function calls) at 3000. Practically, this method is an iterative method, which assumes some initial values for the optimization variables and it tries to find the optimum values by using the gradient values of the objective function.



Moreover, it has to be said that some reasonable assumptions were made in this work. These assumptions are given below [25,27,46,47] and they regard the main cycle, as well as the subcooling cycles. Some of them have been given in the mathematical formulation of the paper, but they are listed also below in order to be all presented together.

	-

	
There is no pressure drop in the devices.




	-

	
All the systems are in steady-state conditions.




	-

	
There is no superheating in the evaporator outlet for the main cycle, as well as for the subcooling cycles.




	-

	
The expansion in the throttling valves is adiabatic, which means that the inlet enthalpy is equal to the outlet enthalpy because the process is adiabatic without any work production/consumption (first thermodynamic law). This assumption is applied in the main cycle, as well as in the subcooling cycles.




	-

	
The heat exchanger effectiveness in the absorption chiller is 70%.




	-

	
The cooling capacity is 100 kW in all the cases.




	-

	
The heat rejection temperature is the same in all cases. More specifically this parameter (Tc) regards the gas cooler outlet temperature, the condenser of the M-SC, the condenser of the ACH-SC, and the absorber of the ACH-SC.




	-

	
The approach temperature difference in the subcooler is 5 °C. This fact means that the evaporating temperature in the subcooling cycle is 5 °C lower than the temperature level of the CO2 in the outlet of the subcooler.




	-

	
The cooling capacity of the subcooling system is depended on the operating conditions and on the subcooling value of every examined scenario.










2.4. Model Validation


The validation of the developed model for the reference system and the system with mechanical subcooling is performed using the experimental data of the reference [25]. Table 1 gives the validation results and it can be seen that the COP deviations between the literature and this work were 0.68% and 9.83%, respectively, with a mean value of 4.6%. The mean deviation was generally low (<5%) and so the developed model could be assumed to be accurate. The cases with subcooling (ΔΤsc) equal to zero corresponded to the reference case, while the others to the M-SC case. Lastly, it has to be said that suitable changes were performed in the developed program in order for this validation to be done. More specifically, the isentropic efficiency was properly modified according to [25], the refrigerant in the M-SC cycle was the R1234yf, and 5 °C of superheating after the evaporators was added.



In the end, it has to be said that validation evidence of the developed model and about the absorption chiller can be found in [42,43,44]. More specifically, the deviation in the COP between the developed model and the literature data was up to 2%.





3. Results and Discussion


3.1. Reference System Performance


The reference was a simple vapor compression transcritical cycle with CO2 as the only working fluid. The system was examined for twenty different operating scenarios and the performance results are depicted in Figure 5. This figure illustrates the COP and the exergy efficiency of the examined cases and these results correspond to optimized operation. In this case, the optimization was conducted using only one optimization parameter, which was the pressure ratio parameter. Figure 5 shows that the COP increased with the increase of the evaporator temperature and with the decrease of the heat rejection temperature. On the other hand, the exergy efficiency was maximized for the evaporating temperature of −5 °C, while it had a decreasing rate with the increase of the heat rejection temperature. The reason for the maximum exergy efficiency for Te = −5 °C is based on two factors; the different behavior of the COP and of the exergy factor (T0/Te − 1) with the increase of the (Te) (higher (Te) leads to higher COP (see Figure 5)), but also to the lower exergy factor. The exergy efficiency is the product of these parameters, as it is given below using Equations (7) and (12):


ηex=COP⋅(T0Te−1)



(16)







So, the existence of an intermediate optimum temperature level at −5 °C was a reasonable result because of the different behavior of the product factor with the (Te) increase. The maximum exergy efficiency was 27.12% and it was obtained for (Te = −5 °C and Tc = 35 °C), whereas for this case the COP was 2.424.



The previous results regard the optimum scenarios which have the optimum high pressure. Figure 6 and Figure 7 show the exergy efficiency for different pressure ratio parameters and for various cases. Figure 6 gives results for the evaporating temperature of −15 °C, while Figure 7 for the heat rejection temperature of 40 °C. It was obvious that, in all cases, there was an intermediate optimum pressure ratio parameter that leads to maximum exergy efficiency. It is remarkable to state that this optimum pressure ratio parameter leads also to maximum COP for the reference system because the exergy efficiency and the COP were proportional parameters for a constant (Te) according to Equation (15). Figure 6 indicates that the optimum pressure ratio parameter changed for different heat rejection temperatures, and higher heat rejection temperatures needed higher pressure levels after the compressor for optimum operation. On the other hand, the optimum pressure ratio parameter is not so affected by the refrigeration temperature, as Figure 7 proves. More specifically, all the optimum pressure ratios were about 1.35, which means that the maximum CO2 pressure was about 97 bar in these cases.




3.2. Mechanical Subcooling System Performance


The system with dedicated mechanical subcooling is investigated in this section. This system consumes extra work in the secondary refrigeration cycle which operates with R134a. The subcooling after the gas cooler gives two important advantages, the increase of the cooling capacity and the lower consumption in the CO2 compressor, because of the reduction in the optimum pressure compared to the conventional system. Figure 8 gives the COP of the M-SC system and of the Ref system, while the exergy efficiency of these systems is given in Figure 9. These cases are all optimized cases and so the comparison was able to be done. The curves of the M-SC system had similar trends compared to the Ref system, but they had higher values. In other words, the M-SC system presented increased COP and exergy efficiency; the facts that make it a promising choice for enhancing the performance of CO2 transcritical refrigeration systems. It is important to state that the overall maximum exergy efficiency was 38.46% and it was obtained for (Te = −15 °C and Tc = 35 °C), while for this case the COP was 2.482. Moreover, it has to be said that the optimum evaporating temperatures were equal to −15 °C for heat rejection temperatures up to 40 °C, while for higher heat rejection temperatures the optimum evaporating temperature was equal to −25 °C. It is remarkable to state that the optimum evaporating temperatures were lower in the M-SC system compared to the Ref system. This fact is based on the increased COP of the M-SC system, which makes the product of Equation (15) have different behaviors with the variation of the refrigeration temperature level.



The optimization of the M-SC system was performed using two parameters; the pressure ratio parameter (a) and the temperature level in the evaporator of the secondary cycle (Te,m). Figure 10 and Figure 11 exhibit the optimization procedure results for the case (Te = −15 °C and Tc = 40 °C). Figure 10 shows that the optimum values of the (Te,m) were generally in the region from 5 °C up to 15 °C, while the global optimum case was found for (a = 1.05 and Te,m = 14.38 °C). Figure 11 shows that the optimum pressure ratio parameters were for values close to (α = 1) when the (Te,m) was relatively high, and for values close to (α = 1.25) when the (Τe,m) had lower values. The reason for the different trends between the curves is based on the non-linear character of the CO2 saturation curve in the liquid phase, which leads to higher optimum pressure ratios when there were higher subcooling values after the gas cooler. These figures clearly prove the need for a detailed optimization procedure and this is the reason for its conduction in this work. The role of Figure 10 and Figure 11 in this work is only to show the impact of the optimization parameters on the exergy efficiency for a typical operating scenario. Moreover, it is important to state that the results of Figure 11 indicate that the optimum pressure ratio was up to 1.25, while for the same operating conditions it was 1.35 for the conventional system (see Figure 7). So, it was obvious that the use of the mechanical subcooling system reduced the optimum high-pressure ratio and, consequently, the work of the main compressor.




3.3. Absorption Chiller Subcooling System Performance


The use of the absorption chiller for dedicated subcooling is a choice that means the consumption of extra heat input in the system but not extra work, as is the case in the mechanical subcooling case. So, the reduction in the overall work consumption of the system can be higher than in the M-SC system. However, there is a need for significant amounts of heat input in the generator of the absorption chiller. The optimization of the ACH-SC system was performed using three optimization variables; the pressure ratio parameter (a), the evaporator temperature of the absorption chiller (Te,ach), and the generator temperature level (Tg).



Figure 12 illustrates the COP of the ACH-SC system and of the Ref system for all the optimized operating scenarios. It was obvious that the Ref system leads to higher COP compared to the ACH-SC system for all the cases. The reason for this result is based on the definition of COP according to Equation (9). This equation evaluates the work and the heat input in the same way by simply adding them in the denominator of the COP. The heat input in the generator is generally high and this fact leads to reduced COP. It is remarkable to state that the curves of the ACH-SC system were not very smooth in all cases because of restrictions in the optimization procedure. These restrictions are mainly associated with the minimum possible evaporator temperature (Te,ach), as well the minimum possible generation temperature in every case, because of restrictions in the LiBr concentration in the streams of the absorption cycle.



On the other hand, the exergy efficiency of the system was enhanced in the ACH-SC system compared to the Ref system, according to Figure 13. The enhancements were significant and so it can be said that the ACH-SC system is a system with important exegetic enhancement. The exergy efficiency was the proper criterion for evaluating the ACH-SC system because the temperature level of the generator heat input was not considered with the simplistic energetic index (COP). It is important to state that the overall maximum exergy efficiency was 37.23% and it was found for (Te = −15 °C and Tc = 35 °C), whereas for this case the COP was 2.121. Moreover, it has to be said that the optimum evaporating temperatures were equal to −25 °C for heat rejection temperatures higher than 35 °C. It can be said that the optimum refrigeration temperatures were lower for the ACH-SC system compared to the Ref system, a result which was also found for the M-SC system. So, it can be said that, for both dedicated subcooling technologies, the optimum operating refrigeration temperature is lower in the subcooling systems, according to exegetic criteria.



The next step in this analysis was the investigation of the optimization variables in the ACH-SC system for the scenario (Te = −15 °C and Tc = 40 °C). Figure 14 shows that higher values of the pressure ratio parameter increased the COP, but the optimum exergy efficiency was found for (α = 1.24). Moreover, in this case, the optimum generator temperature was 80 °C, while the absorption chiller evaporator temperature was kept at 10 °C. It has to be said that the subcooling was more beneficial in the cases of higher-pressure ratio, and the COP increased with a higher rate of higher-pressure ratio values. Practically, in high-pressure levels, there is greater gain with the subcooling because of the inclination in the liquid saturation curve of the CO2. The exergy efficiency curves were not maximized in the higher-pressure ratio, but, rather, in lower values, because in extremely high-pressure levels, the compressor work is high and this has a strong impact of the exergy efficiency values.



Figure 15 proves that higher generator temperatures increase the system COP, but the exergy efficiency was maximized for a specific generator temperature in every case. The optimum generator temperature was 90 °C for Te,ach = 5 °C, 80 °C for Te,ach = 10 °C, and 75 °C for Te,ach = 15 °C. The global optimum was found for (Te,ach = 5 °C and Tg = 80 °C). These results indicate the need for a detailed optimization procedure in every case, and they also verify the reasons for selecting the present optimization variables. Lastly, it has to be said that the results of Figure 15 regard the optimum pressure ratio parameter in every case.




3.4. Comparative Analysis


The last step in this analysis was the comparison of the three examined configurations. Firstly, the three systems were compared for different refrigeration temperatures and for the typical heat rejection temperature of 40 °C. Figure 16 and Figure 17 show the COP, the exergy efficiency, and the work consumption of the examined systems, respectively.



Figure 16 shows that the M-SC system had the highest COP for all the cases, while the Ref system and the ACH-SC system followed, respectively. The low COP of the ACH-SC system is explained by the definition of its COP, which evaluates, with the same way, the work consumption and the heat input. Moreover, Figure 16 depicts the exergy efficiency of the examined systems. The highest exergy efficiency was found for the M-SC system, with the ACH-SC system as the second choice with a small difference, while the Ref system had significantly lower exergy efficiency compared to the systems with subcooling. The greatest difference was observed in the lower refrigeration temperatures, because in these cases the reference system faces important difficulties to produce the demanded refrigeration load, due to the high-pressure ratio in the compressor and the lack of any subcooling assistance.



Figure 17 shows the work consumption for the three systems, as well as the decrease in the work consumption of the system with subcooling compared to the reference system. It was obvious that the highest work consumption was found for the Ref system, whereas the ACH-SC system had the lowest work consumption. The decrease in the work consumption for the ACH-SC system ranged from 40% to 59%, whereas for the M-SC system it ranged from 32% to 41%. So, it can be said that the ACH-SC system leads to higher work savings compared to the M-SC system, and this is an important advantage of this configuration.



Another advantage of the ACH-SC system is the use of the environmentally friendly working pair, LiBr-H2O, while, in this case, the M-SC system utilizes R134a, which has a GWP of 1430. However, there is the possibility to use other working fluids in the M-SC system, such as propane or butane, which have extremely low GWP (around 3~4), but they are flammable working fluids and they belong in the ASHRAE safety group A3. Generally, there is no optimum choice for the secondary cycle, and this is something that has been also discussed in the recent review paper of Ciconkov [4].



The results for all the cases are given in Figure 18, Figure 19 and Figure 20 for the COP, the exergy efficiency, and the work consumption, respectively. Moreover, Table 2 includes the results of work and the heat input in the system for all the examined cases. It has to be said that the work input was significant and it ranged from 51.14 up to 137 kW, whereas the refrigeration production was constant at 100 kW in all the cases. The greater heat input in the system was found for the cases with high heat rejection temperature levels (Tc = 45 °C or 50 °C), thus, in these cases, the absorption chiller was not the most suitable case. The highest work consumption decrease was found in the cases with extremely low refrigeration temperatures (e.g., Te = −35 °C). Thus, the ACH-SC is the best choice for operating scenarios with low refrigeration temperatures and relatively low heat rejection temperatures. In other words, the ACH-SC system can be applied in low-temperature level refrigeration cases and in climates without extremely high ambient temperatures.



Table 3 gives, clearly, the deviation in the COP and the exergy efficiency of the systems with subcooling compared to the reference system. It has to be said that the exergy efficiency of the system with subcooling was enhanced compared to the reference system, and this is the critical result which proves that subcooling is beneficial in any case. In regards to the COP index, this was enhanced in the case of the mechanical subcooling, but it was decreased in the case of the absorption chiller. The reason for the decrease in the case with the absorption chiller is the definition of the COP in this case (see Equation (9)); the generator heat input is simply added to the work consumption. Thus, this index was not the best one for the evaluation of the system with the absorption chiller, but it was given in order to present both energy and exergy indexes in this work and to make a complete work. So, it is critical to state again that the exergy efficiency is the one which evaluates the heat input as the equivalent work consumption and thus it has to be taken into consideration in the final evaluation of any system.



Furthermore, it has to be said that the mean work consumption decrease was 41.39% with the M-SC system, and with the ACH-SC system it was 53.83%, by taking into account all the examined operating scenarios. These are important values that have to be taken into consideration for the future designs of the CO2 transcritical systems. Moreover, it has to be said that the values in the literature about the enhancement with the M-SC system are about 30% [23]; however, this study found slightly higher values because of the detailed optimization procedures.



In regards to the comparison of the two subcooling cases in the financial point of view, it has to be said that the investment cost of the absorption chiller is higher than the mechanical compression system, thus the use of the M-SC system would be a better choice financially. The difference between electricity consumption was not high enough between the two cases in order to be able to cover the great investment cost of the absorption machine. However, if, in the future, the electricity cost increased, the absorption chiller would be a less expensive technology due to its maturity; and then, maybe, the ACH-SC system would be competitive financially.



Lastly, it has to be said that the use of renewable energy sources, such as solar energy, can be applied in order to cover the energy needs of the dedicated subcooling systems. Photovoltaic panels can be used in the case of dedicated mechanical subcooling, and solar thermal systems can be used in the case of dedicated subcooling with an absorption chiller. The hybrid operation with solar energy gives the potential for an environmentally friendlier design, which could provide an opportunity for future “state of the art” refrigeration systems.



For the present analysis, it can be said that the collecting area of photovoltaic panels, in order to cover the electricity demand of the mechanical subcooling compressor, will have to be about 110 m2 by assuming a mean electrical efficiency of 12% [48] and mean solar irradiation of 800 W/2. On the other hand, about 135 m2 of evacuated tubes are needed for covering the heat input demand of the system with the absorption chiller, if a collector efficiency of 60% [43] and 800 W/m2 of solar irradiation are assumed. The previous simple calculations are in relation to an operation with a refrigeration load of 100 kW at the typical case of Te = −15 °C and Tc = 40 °C. However, it has to be said that the use of solar collectors increase the investment cost of the system and thus it is something that it has to be taken into consideration. In the future, there is a need for detailed studies that can optimize financially the suggested configurations and simultaneously to take into account the environmental gain by the reduction of grid electricity consumption.





4. Conclusions


The objective of this work was to investigate the use of dedicated subcooling techniques in a CO2 transcritical refrigeration cycle. The use of an external mechanical compression refrigeration cycle and an absorption chiller for subcooling the CO2 after the gas cooler were examined for different operating scenarios. All the cases were optimized and the results were compared under the proper conditions. The analysis was conducted with developed models in Engineering Equations Solver which were validated with literature data. The most important conclusions of this work are summarized below:

	-

	
The use of dedicated subcooling with the mechanical compression (M-SC) system leads to higher COP and to higher exergy efficiency compared to the reference (Ref) system.




	-

	
The use of dedicated subcooling with the absorption chiller (ACH-SC) system leads to lower COP and to higher exergy efficiency compared to the reference (Ref) system.




	-

	
The mean decrease in the work consumption is found to be 41.39% for the mechanical subcooling system and 53.83% with the absorption chiller subcooling system.




	-

	
The heat input in the absorption chiller ranged from 51 up to 137 kW. Generally, it is high for cases with high heat rejection temperature levels.




	-

	
The exergy efficiency of the ACH-SC system is a bit lower than the M-SC system, but the electricity savings are higher in the ACH-SC. These facts in combination with the environmental parameters have to be taken into consideration for the future design of the dedicated subcooling systems. Moreover, the availability of any heat source (e.g., solar systems, geothermal energy, or waste heat) is an extra parameter for the final selection.
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Nomenclature




	
COP

	
Coefficient of performance




	
h

	
Specific enthalpy, kJ kg−1 K−1




	
m

	
Mass flow rate, kg s−1




	
p

	
Pressure, bar




	
Q

	
Heat rate, kW




	
Qe

	
Refrigeration production, kW




	
Qg

	
Generator heat input, kW




	
r

	
Compression pressure ratio




	
T

	
Temperature, °C




	
Tc

	
Heat rejection temperature, °C




	
T0

	
Reference temperature, K




	
W

	
Work consumption in the CO2 compressor, kW




	
Wsc

	
Work consumption in the subcooling compressor, kW




	
X

	
LiBr concentration in the solution, %




	
Greek Symbols




	
α

	
Pressure ratio




	
ΔTsc

	
Subcooling temperature difference, °C




	
ηex

	
Exergy efficiency




	
ηhex

	
Solution heat exchanger effectiveness




	
ηis

	
Isentropic efficiency of the compressor




	
Subscripts and Superscripts




	
a

	
absorber




	
con

	
condenser




	
crit

	
critical




	
exp

	
experimental




	
e,ach

	
evaporator of the absorption chiller




	
e,m

	
evaporator of the mechanical subcooling system




	
g

	
generator




	
high

	
high




	
is

	
isentropic




	
low

	
low




	
r

	
refrigerant (water)




	
SC

	
subcooling




	
str

	
strong solution




	
sim

	
simulation




	
w

	
weak solution




	
Abbreviations




	
ACH-SC

	
System with absorption chiller subcooling




	
EES

	
Engineering Equation Solver




	
GWP

	
Global warming potential




	
M-SC

	
System with mechanical subcooling




	
Ref

	
Reference system









Appendix A. Absorption Chiller Modeling


This appendix is devoted to presenting the modeling of the absorption chiller in this work. Figure A1 depicts the examined absorption chiller, which is a single-effect absorption machine operating with a LiBr-H2O working pair. This system has an internal heat exchanger in order to have higher performance. The evaporator is the device that is coupled to the CO2 refrigeration system and the subcooling is performed with this device. The generator is the device that needs the heat input from an external heat source, while the condenser and the absorber reject heat to the environment. Below, the main mathematical modeling of the absorption is given. More details can be found in [42,43,44] about this modeling.



Firstly, it has to be said that the subcooling in the CO2 cycle is produced by the absorption chiller evaporator. So, it can be written:


Qe,ach=mr⋅(hj−hi)



(A1)







The energy balance in the generator can be written as below:


Qg=mr⋅hg+mstr⋅hd−mw⋅hc



(A2)







The energy balance in the absorber can be written as below:


Qa=mr⋅hj+mstr⋅hf−mw⋅ha



(A3)







The energy balance in the condenser can be written as below:


Qcon=mr⋅(hh−hg)



(A4)







The heat exchanger effectiveness (ηhex) is defined as below:


ηhex=hd−hehd−hb



(A5)







It has to be said that this definition gives slightly higher heat transfer rates compared to the definition with the respective temperatures.



The energy balance in the heat exchanger can be written as below:


mw⋅(hc−hb)=mstr⋅(hd−he)



(A6)







The work input in the circulation pump is neglected, so it can be written:


hb=ha



(A7)







The enthalpy is conserved in the throttling valves, so it can be written:


hf=he



(A8)






hi=hh



(A9)







The temperature levels in the absorber and the condenser are assumed to be the same:


Tcon=Ta



(A10)







At this point, it has to be said that the temperature (Ta) is the saturation temperature of the weak solution at the low pressure inside the absorber.



The total mass flow rate balance in the generator can be written as below:


mw=mstr+mr



(A11)







The mass flow rate balance about the LiBr substance in the generator can be written as below:


Xw⋅mw=Xstr⋅mstr



(A12)







Moreover, it has to be said that the state point “j” is assumed to be saturated vapor, while the state point “h” to be saturated liquid.
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Figure A1. The examined absorption chiller. 
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Figure 1. The reference examined system (Ref) which is a simple transcritical refrigeration cycle. 
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Figure 2. System with dedicated mechanical subcooling (M-SC). 
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Figure 3. System with dedicated subcooling using an absorption chiller (ACH-SC). The quantity (Qe,ach) is the subcooling heat rate which is equal to the refrigeration load of the absorption chiller. 
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Figure 4. Pressure-specific enthalpy diagrams: (a) for the reference system, and (b) for the systems with dedicated subcooling. 
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Figure 5. COP and exergy efficiency of the reference system for the examined optimized scenarios. 
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Figure 6. The impact of the pressure ratio parameter of the reference system in exergy efficiency. The black solid points show the maximum exergy efficiency and the dotted line shows the geometric location of the maximum values (Te = −15 °C). 
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Figure 7. The impact of the pressure ratio parameter of the reference system exergy efficiency (Tc = 40 °C). 
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Figure 8. The COP of the mechanical subcooling system compared to the reference case for all the examined optimized scenarios. 
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Figure 9. The exergy efficiency of the mechanical subcooling system compared to the reference case for all the examined optimized scenarios. 
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Figure 10. The exergy efficiency of the mechanical subcooling system for different values of the evaporator temperature and different pressure ratio parameters (Te = −15 °C and Tc = 40 °C). 
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Figure 11. The exergy efficiency of the mechanical subcooling system for different values of the pressure ratio parameters and different evaporator temperatures (Te = −15 °C and Tc = 40 °C). 
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Figure 12. The COP of the absorption chiller subcooling system compared to the reference case for all the examined optimized scenarios. 
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Figure 13. The exergy efficiency of the absorption chiller subcooling system compared to the reference case for all the examined optimized scenarios. 
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Figure 14. COP and exergy efficiency of the absorption chiller subcooling system for different pressure ratio parameters and generator temperature levels with (Te,ach = 10 °C, Te = −15 °C, and Tc = 40 °C). 
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Figure 15. COP and exergy efficiency of the absorption chiller subcooling system for different generator temperature levels and evaporator temperatures with optimum pressure ratio values (Te = −15 °C and Tc = 40 °C). 
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Figure 16. COP and exergy efficiency comparison of the optimized cases of the three systems (Tc = 40 °C). 
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Figure 17. Work consumption of the optimized cases (continuous lines) of the three systems, and work consumption decrease of the subcooling cases compared to the reference case (non-continuous lines), (Tc = 40 °C). 
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Figure 18. Comparison of the COP for the three systems and in all the optimized cases. 
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Figure 19. Comparison of the exergy efficiency for the three systems and in all the optimized cases. 
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Figure 20. Work consumption decrease with the subcooling cases compared to the reference case in all the examined optimized scenarios. 
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Table 1. Checking the model validity using data from [25].






Table 1. Checking the model validity using data from [25].





	
Initial Data

	
Results




	
Te (°C)

	
Phigh (bar)

	
Tc (°C)

	
ΔΤsc (°C)

	
COPexp

	
COPsim

	
Deviation






	
0.0

	
82.8

	
28.36

	
0.00

	
2.57

	
2.612

	
1.63%




	
0.0

	
89.6

	
33.51

	
0.00

	
1.93

	
2.063

	
6.89%




	
0.0

	
102.6

	
41.69

	
0.00

	
1.32

	
1.372

	
3.94%




	
−10.0

	
77.6

	
27

	
0.00

	
1.91

	
1.897

	
0.68%




	
−10.0

	
82.5

	
32.79

	
0.00

	
1.44

	
1.477

	
2.57%




	
−10.0

	
101.9

	
41.09

	
0.00

	
0.98

	
0.933

	
4.80%




	
0.0

	
78.6

	
29.71

	
13.28

	
2.85

	
3.090

	
8.42%




	
0.0

	
81.6

	
34.78

	
12.07

	
2.35

	
2.581

	
9.83%




	
−10.0

	
77.3

	
33.42

	
13.03

	
1.78

	
1.828

	
2.70%




	
−10.0

	
107.1

	
40.48

	
15.62

	
1.27

	
1.211

	
4.65%
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Table 2. Work and the heat input demand for the examined operating scenarios for all the three examined refrigeration systems.
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Examined Scenarios

	
Ref

	
M-SC

	
ACH-SC




	
Work (kW)

	
Work (kW)

	
Work (kW)

	
Heat (kW)






	
Tc = 35 °C-Te = −35 °C

	
117.95

	
73.37

	
67.17

	
60.58




	
Tc = 35 °C-Te = −25 °C

	
80.65

	
53.68

	
46.83

	
57.73




	
Tc = 35 °C-Te = −15 °C

	
57.57

	
40.29

	
33.62

	
55.55




	
Tc = 35 °C-Te = −5 °C

	
41.25

	
30.08

	
25.15

	
51.14




	
Tc = 35 °C-Te = 5 °C

	
28.76

	
21.72

	
17.72

	
47.86




	
Tc = 40 °C-Te = −35 °C

	
149.75

	
78.99

	
61.85

	
117.80




	
Tc = 40 °C-Te = −25 °C

	
100.52

	
59.24

	
42.85

	
117.40




	
Tc = 40 °C-Te = −15 °C

	
71.79

	
45.35

	
37.69

	
65.34




	
Tc = 40 °C-Te = −5 °C

	
52.33

	
34.57

	
29.22

	
59.27




	
Tc = 40 °C-Te = 5 °C

	
37.88

	
25.74

	
22.82

	
51.58




	
Tc = 45 °C-Te = −35 °C

	
188.50

	
83.96

	
61.97

	
127.10




	
Tc = 45 °C-Te = −25 °C

	
123.52

	
63.57

	
42.68

	
127.30




	
Tc = 45 °C-Te = −15 °C

	
87.87

	
49.26

	
32.76

	
124.70




	
Tc = 45 °C-Te = −5 °C

	
64.64

	
38.21

	
32.23

	
69.39




	
Tc = 45 °C-Te = 5 °C

	
47.94

	
29.29

	
25.44

	
62.88




	
Tc = 50 °C-Te = −35 °C

	
236.52

	
89.29

	
62.15

	
137.00




	
Tc = 50 °C-Te = −25 °C

	
150.56

	
68.31

	
43.77

	
135.20




	
Tc = 50 °C-Te = −15 °C

	
106.18

	
53.59

	
33.59

	
134.90




	
Tc = 50 °C-Te = −5 °C

	
78.49

	
42.34

	
25.30

	
134.90




	
Tc = 50 °C-Te = 5 °C

	
59.28

	
33.38

	
28.53

	
71.23
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Table 3. COP and exergy efficiency deviation compared to the reference system for all the examined operating scenarios.
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Examined Scenarios

	
COP

	
ηex




	
M-SC

	
ACH-SC

	
M-SC

	
ACH-SC






	
Tc = 35 °C-Te = −35 °C

	
60.77%

	
−7.67%

	
60.81%

	
54.87%




	
Tc = 35 °C-Te = −25 °C

	
50.24%

	
−22.87%

	
50.24%

	
46.12%




	
Tc = 35 °C-Te = −15 °C

	
42.89%

	
−35.46%

	
42.87%

	
38.30%




	
Tc = 35 °C-Te = −5 °C

	
37.17%

	
−45.92%

	
37.17%

	
30.60%




	
Tc = 35 °C-Te = 5 °C

	
32.38%

	
−56.14%

	
32.40%

	
23.00%




	
Tc = 40 °C-Te = −35 °C

	
89.58%

	
−16.65%

	
89.66%

	
82.16%




	
Tc = 40 °C-Te = −25 °C

	
69.68%

	
−37.26%

	
69.71%

	
59.23%




	
Tc = 40 °C-Te = −15 °C

	
58.29%

	
−30.32%

	
58.34%

	
46.43%




	
Tc = 40 °C-Te = −5 °C

	
51.39%

	
−40.87%

	
51.43%

	
37.01%




	
Tc = 40 °C-Te = 5 °C

	
47.16%

	
−49.09%

	
47.08%

	
29.49%




	
Tc = 45 °C-Te = −35 °C

	
124.51%

	
−0.30%

	
124.63%

	
114.97%




	
Tc = 45 °C-Te = −25 °C

	
94.29%

	
−27.32%

	
94.36%

	
80.20%




	
Tc = 45 °C-Te = −15 °C

	
78.38%

	
−44.21%

	
78.34%

	
58.16%




	
Tc = 45 °C-Te = −5 °C

	
69.17%

	
−36.39%

	
69.09%

	
44.25%




	
Tc = 45 °C-Te = 5 °C

	
63.66%

	
−45.73%

	
63.67%

	
35.53%




	
Tc = 50 °C-Te = −35 °C

	
164.90%

	
18.76%

	
164.88%

	
153.33%




	
Tc = 50 °C-Te = −25 °C

	
120.42%

	
−15.87%

	
120.48%

	
103.21%




	
Tc = 50 °C-Te = −15 °C

	
98.13%

	
−36.99%

	
98.15%

	
74.02%




	
Tc = 50 °C-Te = −5 °C

	
85.40%

	
−50.99%

	
85.40%

	
54.60%




	
Tc = 50 °C-Te = 5 °C

	
77.59%

	
−40.60%

	
77.58%

	
42.62%












© 2019 by the authors. Licensee MDPI, Basel, Switzerland. This article is an open access article distributed under the terms and conditions of the Creative Commons Attribution (CC BY) license (http://creativecommons.org/licenses/by/4.0/).






media/file13.jpg
11 12 13 14 15 16 17 18
= Prigh/ Pt





media/file4.png
Gas cooler

@)

@)

3 2
Throttling Compressor (
valve
/]
m
a 1

Evaporator





media/file30.png
COP

— — =Tg = 80°C (nex)

1.10

1.05

1.00

0.95

0.90

0.85

0.80

0.75

0.70

0.65

- = =Tg = 90°C (nex)

—— Tg = 100°C (COP)
— = =Tg=100°C (nex)

1.00

1.04

1.08

1.12

1.16
a= phigh/pcrit

1.20

1.24

1.28

(WY

N

32.0%

31.5%

31.0%

30.5%

30.0%

29.5%

29.0%

28.5%

Exergy efficiency - n,





media/file39.jpg
Te=35C-Te=35°C

0% 5% 10% 15% 20% 25% 30% 35% 40% 45%
Exergy efficiency






media/file18.png
CcOoP

5.0
4.5
4.0
3.5
3.0
2.5
2.0
1.5
1.0
0.5
0.0

Tc =35°C (M-SC)

Tc =35°C (Ref)

Tc = 40°C (M-SC) Tc = 45°C (M-SC) Tc =50°C (M-SC)

......... Tc = 40°C (Ref) seeeeeeee Te = 45°C (Ref) «+eeeee.o Tc = 50°C (Ref)

Evaporator temperature - T, (°C)





media/file35.jpg
ACH-SC

Ref

waishs (joy) ay3 03 pasedwion aseanaq

85888 % ¢

(M) uonduwinsuoa yiom

s
Refrigeration temperature (°C)

25





media/file21.jpg
29%

7%

Exergy efficiency - n,,
§ ¥ g EEOE

26% +
-10 5 0 5 10 15 20 2

Evaporator temperature of mechanical subcooling system - T, (°C)






media/file26.png
......... Tc = 35°C (Ref) seeeeeeee TC = 40°C (Ref) seeeeeeee Te = 45°C (Ref) -+eeseeo. Te = 50°C (Ref)
Tc = 40°C (ACH-SC)

Tc =45°C (ACH-SC) Tc =50°C (ACH-SC)

Tc = 35°C (ACH-SC)
4.0 »

3.5

3.0

2.5

2.0

COP

1.5

1.0

-35 -25 -15 -5 5
Evaporator temperature - T, (°C)





media/file27.jpg
Te=35°C (ACHSC) Te=40°C (ACH-SC) Te=45°C (ACH-SC) Te=50°C (ACH-SC)

=35C(Re) < Ren)

=asC Ref) Te=S0C (Ref)

0.40

035

3030

n,

025

020

Exergy efficien

Evaporator temperature - T, (°C)





media/file3.jpg
Gas cooler

X

3 2
Throttling Compressor (
valve
m
—
4 1

Evaporator





media/file22.png
-—a=105 —a=110 —a=115 —a=120 —a=1.25 —a=130 —a=1.35
34% =
33% =

532% -

-N

> 31% =

30% =

29% =

Exergy efficienc

28% =

27% ™

26% || || || || || || ||
-10 -5 0 5 10 15 20 25

Evaporator temperature of mechanical subcooling system - T,  (°C)






media/file19.jpg
Te=35C(M-sC) Te=40'c (M€ Te=45C(M-5C) T
Te=35°C (Ref) Te= 40°C (Ref) Te=a5°C (Ref)

0°C (M-5C)
~Te=50°C (Ref)

as%

g%

Exergy efficiency - n,,
K

35 25 15 5 s
Evaporator temperature - T, (°C)





media/file7.jpg
Absorption chiller a
LiBr - H,0 l——
f Qeaen Gas cooler
)
)
Subcooler 2
34
Throttling
X aie CO: Compressor (

m1

Evaporator





media/file28.png
Tc =35°C (ACH-SC)

Tc = 40°C (ACH-SC)

Tc = 45°C (ACH-SC)

Tc =50°C (ACH-SC)

......... Tc = 35°C (Ref) seeseeeee Te = 40°C (Ref) ceceeesee T = 45°C (Ref) ceeeeeeee T = 50°C (Ref)
0.40 -

0.35

5 0.30

0.25

0.20

0.15

Exergy efficiency - n

0.10

0.05 =

0.00 ¥ ¥ ¥ A
-35 -25 -15 -5 5
Evaporator temperature - T, (°C)






media/file10.png
Pressure (kPa)

Saturation line  ------- isothermal — — isentropic —@— Cycle 14000

12000

10000

Pressure (kPa)

100 200

400 =300 -200 =100 0
Specific enhalpy (kI /kg)

(a)

Saturation line
34
400 =300

------- isothermal - — isentropic —e—Cycle
R B B |
H I I I I
i T I B |
H % - | I
3 " lais! 2
‘ ----- ' '
] I
] ]
I 1
] [}
1 !
!
!
L
200 -100 0 100 <8
Specific enhalpy (kl/kg)

(b)





media/file40.png
Tc=50°C - Te= 5°C
Tc=50°C -Te= -5°C
Tc=50°C-Te =-15°C
Tc=50°C-Te =-25°C
Tc=50°C-Te =-35°C
Tc=45"C - Te= 5°C
Tc=45"C -Te= -5°C
Tc=45"C-Te=-15"C
Tc=45"C-Te =-25°C
Tc=45"C-Te=-35"°C
Tc=40C - Te= 5°C
Tc=40°C -Te= -5°C
Tc=40"C-Te=-15"C
Tc=40"C-Te =-25"C
Tc=40"C-Te=-35°C
Tc=35"C - Te= 5°C
Tc=35"C -Te= -5°C
Tc=35"C-Te=-15°C
Tc=35"C-Te=-25°C
Tc=35"C-Te=-35°C

0%

5%

10%

15%

20% 25%
Exergy efficiency

30%

M Ref

B ACH-SC
m MC-SC

35%

40%

45%





media/file33.jpg
cop

Ref (COP)
~Ref (nex)

—— MC-SC (COP)
MC-SC (nex)

——— ACH-SC (COP)
= ACH-SC (nex)

25

15
Refrigeration temperature (°C)

Exergy efficiency





media/file32.png
COP

Te,ach = 5°C (COP)

- = =Te,ach = 5°C (nex)

1.2

0.0

Te,ach = 10°C (COP)
= = =Te,ach = 10°C (nex)

Te,ach = 15°C (COP)

= = =Te,ach = 15°C (nex)

[ 32.0%

1
—> 31.5%

1
I 31.0%

L 30.5%
!
~<_ T 30.0%

L 29.5%

I
-
-

‘r 29.0%
- L 28.5%
- \I

I 28.0%

L 27.5%

70 80

90 100
Generator temperature - T, (°C)

120

Exergy efficiency - n,





media/file14.png
Nex

Exergy efficiency

—o—Te=-15°C& Tc=35°C Te=-15"C& Tc=40°C
Te=-15°C& Tc=45°C Te=-15"C& Tc=50°C

30%

25%

20%

15%

10% =

o

1.1 1.2 1.3 1.4 1.5 1.6 1.7 1.8

a= phigh/pcrit





media/file11.jpg
Te=35C(cOP)

- - ~Te=35Cnex)
a0
3s
30

25

cop

20

15

10

os

Te=40°C (cOP) Te=4a5°C(coP)
0°C(nex) - - ~Te=45°C (nex)

Te=50"C (cOP)

Exergy efficiency - o,

00

15 -
Evaporator temperature - T, (°C)






media/file6.png
Condenser

33 22

Throttling R134a

valve

Compressor

Gas cooler

44

4 \ P A
\ Y/ = -
Subcooler 3 2

valve

X Throttling COZ

Compressor (

/

m1l

v

O

O

Evaporator






media/file36.png
Work consumption (kW)

—— Ref

—MC-SC

——ACH-SC

- - -

, 15 -5
Refrigeration temperature (°C)

UVl s =

70%

60%

50%

40%

30%

20%

10%

0%

Decrease compared to the (Ref) system





media/file15.jpg
Exergy efficiency - n,,

2%

20%

N

§

g

35°C&Tc=40C  —#-Te=-25C&Tc=40C  —+Te=-15C&Tc=
'C&Tc=40°C  —e—Te= 5'C&Tc=40°C
11 12 13 14 15 16 17

@ = Pyign/Perie

18





media/file41.jpg
Te=50°C - T
50°C -Te= 5°C
Te=50°C-Te=-15C
Te=50C-Te=25C
Te=50°C-Te=35°C
Te=45°C - Te= 5°C

s'c

Te=35C-Te=

Te=35C-Te

0% 20% 0% 60% 80%
Decrease compared to the (Ref) system





media/file37.jpg
Te=35°C-Te=
Te=35°C-Te

as'c
a25c
35
sc
sC
as'c
25c
35c
5T
sC
asc
25°c
35
sc
sC
asc
25°c
35

00

05

10

15

20

25
cop

30

35

a0

as

50





nav.xhtml


  applsci-09-01605


  
    		
      applsci-09-01605
    


  




  





media/file16.png
——Te=-35C& Tc=40°C —#—Te=-25"C& Tc=40"C —A—Te=-15"C& Tc=40"C
——Te=-5C& Tc=40"C —0—Te= 5C&Tc=40"°C

Exergy efficiency - n,,

25%

20%

15%

10%

5%

0%

1.1

1.2 1.3 1.4 1.5 1.6 1.7 1.8

a= phigh/pcrit





media/file2.png





media/file20.png
Exergy efficiency - n,

45%

40%

35%

w
o
X

Tc =35°C (M-SC)
.- Tc =35°C (Ref)

Tc = 40°C (M-SC)

Tc = 45°C (M-SC)

......... Tc = 40°C (Ref) ceeseeeee Te = 45°C (Ref)

Tc =50°C (M-SC)
Tc = 50°C (Ref)

\

-25

-15
Evaporator temperature - T, (°C)





media/file23.jpg
Tem=200C —Tem=

5C——Tem=130C —Tem

5C——Tem= 20°C —Tem= 3.

3a%

105 110 115 120 125 130 135
@ = Pgn/ P





media/file5.jpg
Condenser

3 2

oting [ R1342

Compressor

Gas cooler

Subcooler 3 2

valve

Throttling CO: Compressor (

m1

Evaporator





media/file24.png
Te,m =24.0°C Te,m =18.5°C Te,m =13.0°C Te,m=7.5"C Te,m= 2.0°C Te,m=-3.5°C
34% -
33% L \
< 329% -
>
o
C
2
O 31% -
=
Q
>
on
o 30% -
X
L
29% -
28% | | | | | | | | | | | |
1.05 1.10 1.15 1.20 1.25 1.30 1.35

a= phigh/pcrit





media/file29.jpg
coP

s0'c(cop)
80°C(nex)

——Tg= 90°c(cop)
- - ~Tg= 90°Clnex)

——Tg=100°C (cOP)
- - ~Tg=100C nex)
. 32.0%
1

b 31s%
1

F 310%

1
[ 305%

1
f 300%

L 200x
1

29.5%

- 4 285%

065 +
100

12 116 120
@ = Phign/ P

120

128 132

Exergy efficiency - no,





media/file1.jpg





media/file31.jpg
Te,ach = 15°C (COP)

Te,ach = 10°C (COP)

Te,ach = 5°C(COP)

= =Teach= 5°C(nex) = =Te,ach = 10°C (nex) = = =Te,ach = 15°C (nex)
12 ¢ 0%
L 315%

< 1
~. b 3%
Lo

hon ~ 1
~ ~o p o

02

00

1 50 % 100 10
Generator temperature - T, (°C)





media/file25.jpg
235°C (Ref) Te=40°C (Ref) Te=45°C (Ref) Te=50°C (Ref)

=35°C (ACH-SC) Te=40°C (ACH-SC) Te =45°C (ACH-SC) Te=50°C (ACH-SC)

35 25 15 5 H
Evaporator temperature - T, (°C)





media/file12.png
Tc = 45°C (COP) Tc = 50°C (COP)

Tc = 40°C (COP)

Tc = 35°C (COP)

COP

- = =Tc=35°C(nex) — = =Tc=40°C (nex) - = =Tc=45"C(nex) - = =Tc=50°C (nex)
4.0 = = 30%
3.5
~= 25%
3.0 .
c
20%
2.5 %)
c
2
0,
2.0 T 15% é
T
1.5 8
F 10% ;:f
1.0 | W
F 5%
0.5 |
0.0 ' . . 0%
-35 -25 -15 -5 5

Evaporator temperature - T, (°C)





media/file9.jpg





media/file0.png





media/file42.png
Tc=50°C - Te= 5°C
Tc=50°C -Te= -5°C
Tc=50°C-Te=-15"C
Tc=50°C-Te=-25"C
Tc=50°C-Te=-35"C
Tc=45°C - Te= 5°C
Tc=45°C -Te= -5°C
Tc=45°C-Te =-15°C
Tc=45°C-Te =-25°C
Tc=45°C-Te =-35°C
Tc=40°C - Te= 5°C
Tc=40°C -Te= -5°C
Tc=40°C-Te =-15°C
Tc=40°C-Te =-25°C
Tc=40°C-Te =-35"°C
Tc=35°C - Te= 5°C
Tc=35°C -Te= -5°C
Tc=35°C-Te=-15"C
Tc=35°C-Te=-25"C
Tc=35°C-Te=-35"C

0%

20% 40% 60%
Decrease compared to the (Ref) system

B ACH-SC
B MC-SC

80%





media/file38.png
Tc=50°C - Te= 5°C
Tc=50°C -Te= -5°C
Tc=50°C-Te=-15"C
Tc=50°C-Te=-25"C
Tc=50°C-Te=-35°C
Tc=45°C - Te= 5°C
Tc=45°C -Te= -5°C
Tc=45°C-Te =-15°C
Tc=45°C-Te =-25°C
Tc=45°C-Te =-35°C
Tc=40°C - Te= 5°C
Tc=40°C -Te= -5°C
Tc=40°C-Te =-15°C
Tc=40°C-Te =-25°C
Tc=40°C-Te=-35°C
Tc=35°C - Te= 5°C
Tc=35°C -Te= -5°C
Tc=35°C-Te=-15"C
Tc=35°C-Te=-25"C
Tc=35°C-Te=-35°C

0.0

0.5

M Ref

B ACH-SC
H MC-SC

1.0

1.5

2.0

2.5
COP

3.0

3.5

4.0

4.5

5.0





media/file8.png
Absorption chiller Q,
LiBr — H,0 -

Qe ach Gas cooler

I ——
\—/
Subcooler 3 2

O
O

Q 34

X Throttling CO> Compressor (

valve

N

m1l

Evaporator





media/file34.png
Ref (COP) —— MC-SC (COP) ——— ACH-SC (COP)
----- Ref (nex) -====-MC-SC (nex) ====-ACH-SC (nex)

4.5 - = 40%
35%

30%

25%
Q.
S 20%
15%
r 10%
L .
- ()
|
0.0 . : : L o%
.35 .25 15 5 5

Refrigeration temperature (°C)

Exergy efficiency





media/file17.jpg
Te=35°C (M-SC) Te=40'C (M-SC) Te=45°C (M-5C) Te=50°C (M-5C)

e Tes3SC(Ref) e Tes40C(Ref) o Te=45°C(Ref) Te=50°C (Ref)
50

as
a0
35
30
25

cop

20
15
10
0s
00

35 25 15
Evaporator temperature - T, (°C)






