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Abstract: Large curvature, high pre-swirl large high-speed centrifugal fans are the preferred
choice for industrial gas quenching furnaces, as they need to operate under non-uniform
inlet conditions for extended periods. The resulting inlet distortion disrupts the symmetric
flow of the gas, leading to reduced fan stability and phenomena such as flow separation and
rotational stall. This issue has become a key research focus in the field of large centrifugal
fan applications. This paper introduces an eddy viscosity correction method, and compares
it with experimental results from U-shaped pipe curved flow. The corrected SST k-ω model
shows a maximum error of only 4.7%. Simulation results show that the fan inlet generates a
positive pre-swirl inflow with a relative distortion intensity of 3.83◦. The flow characteristics
within the impeller passage are significantly affected by the swirl angle distribution. At the
maximum swirl angle, the leakage flow at the blade tip develops into a stall vortex that
spans the entire passage, with an average blockage coefficient of 0.29. At the minimum
swirl angle, the downstream leakage flow at the blade tip is suppressed on the suction side
by the main flow, leading to a reduced vortex structure within the passage and an average
blockage coefficient of 0.21. To address the design challenges of large high-speed centrifugal
fans under inlet distortion, a blade design method based on secondary flow suppression
is proposed. Eleven impeller flow surfaces are selected as control parameters, and the
centrifugal impeller blade profile is redesigned. Numerical simulations and experimental
results of the gas quenching furnace’s flow and temperature fields indicate that the modified
impeller significantly reduces the blade tip leakage flow strength, with the average blockage
coefficient decreasing to 0.07 and 0.04, respectively. The standard deviation of the average
flow velocity at the test section is reduced by 42.78% compared to the original, and the
temperature fluctuation at the workpiece surface is reduced by 53.09%. Both the flow and
temperature field uniformity are significantly improved.

Keywords: inlet flow field; centrifugal fan; impeller optimization; numerical simulation;
experimental study

1. Introductory
To address the dual challenges of energy consumption and environmental pollution,

improving the efficiency of energy production and utilization has become increasingly
urgent on a global scale [1,2]. Fans have widespread applications in various fields such
as energy, construction, machinery, chemical engineering, and aerospace [3–7], with the
impeller and blade components being the most critical parts of the fan, playing a primary
role in energy transmission and significantly impacting fan efficiency [8–10].
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In the design of centrifugal impellers, the assumption is often made that the impeller
inlet has uniform inflow. However, in practical applications, factors such as limited in-
stallation space, structural design requirements, and the layout of inlet piping often lead
to non-uniform inflow in centrifugal impellers [11–14], as illustrated by the occurrence
of the pre-rotation phenomenon in engineering applications shown in Figure 1. In actual
operation, the non-uniform inflow caused by the inlet piping contradicts the assumption of
uniform inflow made during design, which can negatively impact the performance and
stable operation of the equipment [15].
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Curved pipe inflow is one of the most common causes of non-uniform inflow in
centrifugal impellers [16]. Some researchers [17,18] have conducted experiments on the
flow field in curved pipes and found that the axial velocity of the main flow begins
to distort at the entrance of the bend, forming a recirculation zone, or vortex, as the
flow develops through the curved pipe. Mittag [19] discovered that the additional losses
and secondary flows caused by the curved inlet pipe lead to non-uniform velocity and
pressure distributions at the centrifugal pump inlet. This non-uniform distribution can
alter the inlet angle of attack of the impeller, thereby affecting the transient flow within the
impeller passage.

Many scholars have conducted extensive research on the performance of impellers
under non-uniform inlet flow conditions. Luo [20] found that non-uniform inflow reduces
the efficiency of jet pumps and increases axial force fluctuations on the impeller, leading
to performance instability. Song [21] indicated that the impact of non-uniform inflow on
pump performance might stem from the non-uniform pressure field, which can generate
low-pressure regions on the impeller, causing cavitation. Liu [22] showed that reverse-
rotating distorted vortices lead to greater efficiency losses than co-rotating ones. Zhang [23]
revealed that inlet distortion causes blockage in the rotor tip passages, and the greater
the distortion, the more significant the inlet blockage, resulting in greater flow losses.
Zhang [24] also pointed out that flow separation due to asymmetric chamber structures
and abrupt contraction sections are the main causes of non-uniform flow, which leads to a
threefold increase in flow fluctuation in one impeller passage and a twofold increase in the
other, ultimately reducing the stability of the pump’s operation.

High-pressure gas quenching heat treatment offers many advantages, including
oxidation-free, decarbonization-free, pollution-free, and high surface finish [25–27]. In
the gas quenching process, the rapid flow of gas is primarily relied upon to carry away
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heat, achieving rapid cooling. Improving the flow conditions of high-pressure gas within
the gas quenching furnace is crucial to enhancing its performance [28,29]. Among the key
components, the centrifugal fan impeller serves as the power source for air circulation in the
high-pressure gas quenching cooling system [30]. It must overcome the system’s resistance
to deliver gas into the heat treatment furnace, and its performance directly affects the entire
air-cooling system, with efficiency being a critical factor impacting overall system energy
consumption. Therefore, the design of a centrifugal fan impeller with optimal performance
and high efficiency is a practical and meaningful issue.

A review of the research on the internal flow characteristics of centrifugal impellers
and non-uniform inflow reveals that non-uniform inflow complicates the flow state within
the impeller, leading to performance degradation and deterioration of the internal flow
field. However, the mechanisms governing the interaction between inlet distortion and
the evolution of the internal flow in large high-speed centrifugal fans remain unclear.
This study focuses on a specific model of a large high-speed centrifugal fan and modifies
the eddy viscosity coefficient in the SST k-ω turbulence model to enhance the accuracy
of vortex structure identification. Starting from the causes of secondary flow generated
within the rotating passage, the centrifugal impeller blade profile is redesigned, providing
a reference for the optimization of large high-speed centrifugal impellers under inlet
distortion conditions.

2. Numerical Simulation and Experimental Validation
2.1. Research Object

The subject of this study is a large high-speed centrifugal fan used in the Vacuum High-
Pressure Gas Quenching Furnace (VHPGQ). Its main components include the impeller,
volute, and collector circle, as shown in Figure 2, with the key parameters listed in Table 1.
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Table 1. Main parameters of the centrifugal fan.

Parameters Value Parameters Value

Nominal speed n (r/min) 3000 Impeller suction diameter D1 (mm) 354
Nominal flow rate Qd (m3/h) 14,500 Impeller outlet diameter D2 (mm) 520
Nominal wind pressure (Pa) 3200 Impeller outlet width b1 (mm) 145

Work pressure (MPa) 2.0 Blade number Z 10
Number of finned tubes 176 Blade inlet angle β1 (◦) 13.7

Blade thickness (mm) 10 Blade outlet angle β2 (◦) 36.0
Volute height D3 (mm) 1120 Collector circle inlet diameter D4 (mm) 520



Appl. Sci. 2025, 15, 3521 4 of 18

2.2. Numerical Simulation

The computational domain is divided into the impeller rotating domain, the volute
domain, the inlet domain, and the outlet domain, as shown in Figure 3a. The interaction
between the rotating impeller and the stationary guide structures is modeled using the
Multi-Reference Frame (MRF) method, with the rotating and stationary domains connected
via an interface. Different flow conditions are simulated by controlling the impeller rota-
tional speed, with the inlet and outlet boundaries set as pressure-inlet and pressure-outlet,
respectively. The turbulence intensity at the inlet boundary is 5%, with a hydraulic diameter
of 0.281 m, corresponding to a turbulence viscosity of 10. The steady-state flow field results
after 5000 steps are used as initial conditions for the transient simulations. The steady-state
solution is obtained using the SIMPLE algorithm, while the transient solution is obtained
using the PISO algorithm. The time step for transient numerical simulations is selected
based on the Courant–Friedrichs–Lewy (CFL) condition, ensuring that CFL < 1 within
the computational domain. The time step is set to correspond to the time required for the
impeller to rotate by 1◦, and the residual convergence criterion is set to 1.0 × 10−5. The
pressure term is discretized using a second-order scheme, while the momentum, turbulence
kinetic energy, and turbulence dissipation rate are discretized using a second-order upwind
scheme. The impeller is meshed with structured grids, while other components are meshed
using unstructured grids with ICEM (a commercial grid generation software, version num-
ber 2022R1), as shown in Figure 3b. Local mesh refinement is applied to complex flow
passage components, such as the volute.
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schematic, (b) structured mesh of the impeller.

One disadvantage of the eddy viscosity model is its insensitivity to the curvature of
streamlines and system rotation [31]. However, rotational turbulence is inevitable in large,
high-speed, highly-curved centrifugal impellers. The presence of rotational turbulence not
only diminishes the accuracy of predictions made by two-equation models, but also tends
to prematurely estimate the location of flow separation. Considering the limited capability
of traditional eddy viscosity models in predicting curvature effects, this study enhances
numerical accuracy by modifying the eddy viscosity coefficient in the SST k-ω model to
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account for curvature effects in near-wall turbulence, thereby improving the accuracy of
vortex structure identification. The modified eddy viscosity coefficient vt is expressed
as [32]:

vt =
C∗

µ

Cµ

k
ω

(1)

C∗
µ = Cµ

(
α1(|η3| − η3) +

√
1 − min(α2η3, 0.99)

)−1
(2)

In the expression, η1 = (Sk/ε)2/2, η2 = (Ωk/ε)2/2, η3 = η1 − η2, α1 = 0.055, α2 = 0.5,
Cµ is the model constant, Ω is the vorticity, ε is the dissipation rate, k is the turbulent kinetic
energy, and ω is the specific dissipation rate.

The modified turbulence model is validated by selecting a 180◦ U-shaped channel flow
to assess its ability to capture the flow characteristics over curved walls and its applicability.
The computational domain is shown in Figure 4, which includes a 10H-long inflow section,
a 180◦ bend, and a 12H-long outflow section. The grid is arranged with 151 × 211 nodes.
For computational convenience, a layer of mesh is stretched normal to the surface. Both the
inner and outer solid walls are treated as no-slip boundaries. The inlet is specified with a
uniform inflow (Normal Velocity, 10.07 m/s), while the outlet is set with a pressure outlet
(Relative Pressure, 0 Pa). The side walls formed by the normal stretching are assigned
symmetric boundary conditions.
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By comparing the experimental results [33], the velocity distribution at three different
cross-sections of the 180◦ U-shaped channel flow is analyzed, as shown in Figure 5. The
modified SST k-ω model effectively captures the non-uniform velocity distribution caused
by the curvature of the streamlines, with a maximum error of only 4.7%, meeting the
requirements for engineering applications.

Appl. Sci. 2025, 15, x FOR PEER REVIEW 6 of 18 
 

   
(a) 𝜃 = 0° (b) 𝜃 = 90° (c) 𝜃 = 180° 

Figure 5. Velocity distribution at three different cross-sections of the 180° U-shaped channel flow. 

To ensure that the computational grid meets the accuracy requirements, numerical 
simulations were conducted with grids of different cell counts. Furthermore, the Grid 
Convergence Index (GCI) method was applied to verify grid independence, using the av-
erage inlet flow velocity of the impeller as the error assessment parameter. The average 
inlet flow velocity of the impeller and the corresponding GCI values for different grid 
sizes are shown in Figure 6. The final selected computational grid size for the entire do-
main is 10,064,702 cells, with a GCI value of 0.43%. Table 2 presents the grid sizes for each 
flow domain. The average y+ value on the impeller surface is 0.12, as shown in Figure 7, 
which satisfies the accuracy requirements. 

 

Figure 6. Grid independence verification. 

Table 2. The mesh numbers for each domain. 

Inlet Domain Outlet Domain Volute Domain Impeller Domain Total 
1,308,411 1,207,765 3,019,409 4,529,117 10,064,702 

 

Figure 7. Wall y+ distribution. 

3. The Impeller Optimization Design Method 
3.1. Theoretical Analysis 

Figure 5. Velocity distribution at three different cross-sections of the 180◦ U-shaped channel flow.



Appl. Sci. 2025, 15, 3521 6 of 18

To ensure that the computational grid meets the accuracy requirements, numerical
simulations were conducted with grids of different cell counts. Furthermore, the Grid
Convergence Index (GCI) method was applied to verify grid independence, using the
average inlet flow velocity of the impeller as the error assessment parameter. The average
inlet flow velocity of the impeller and the corresponding GCI values for different grid sizes
are shown in Figure 6. The final selected computational grid size for the entire domain is
10,064,702 cells, with a GCI value of 0.43%. Table 2 presents the grid sizes for each flow
domain. The average y+ value on the impeller surface is 0.12, as shown in Figure 7, which
satisfies the accuracy requirements.
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3. The Impeller Optimization Design Method
3.1. Theoretical Analysis

Figure 8 illustrates the forces acting on a fluid particle within the rotating centrifugal
impeller, where the effects of gravity and fluid viscosity are neglected, and it is assumed
that the velocity component perpendicular to the plane of the figure is zero. Assuming the
fluid particle inside the impeller has a mass m, it experiences centrifugal force FR = mω2R,
Coriolis force FC, and centrifugal force FS due to the curvature of the streamlines. The
forces are decomposed In the direction perpendicular to the streamline as follows [34]:

FS2 = mω2R cos β (3)

FS = m
W2

Rs1
(4)
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Fc = 2mW × ω (5)

where ω is the angular velocity of the impeller, W represents the local relative velocity, and
β denotes the blade setting angle.
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In general, the generation of secondary flows within the impeller is due to the forces
acting perpendicular to the direction of the streamlines. Therefore, the introduction of the
ROB number is used to characterize the relative magnitude of the forces acting perpendicu-
lar to the streamlines on the fluid inside the impeller:

ROB =
FS2 + FS

Fc
(6)

The value of ROB determines the direction of motion of the fluid particles relative to
the main flow. When ROB is approximately equal to 1, the forces acting perpendicular to
the streamlines are balanced, and there is no significant secondary flow within the impeller.
When ROB is less than 1, the Coriolis force dominates, causing the fluid to shift towards the
pressure surface. When ROB is greater than 1, secondary flows drive the fluid to deviate
towards the suction surface of the blade.

By combining the above expressions and setting ROB, Equation (6) can be rewritten as:

(
1
2

ω2R sin(2β) sin βRs1)A2 − (2ωQ sin βRs1)A + Q2 = 0 (7)

Define x1 = Rsin(2β)sinβRs1 and x2 = sinβRs1; by calculating the linear correlation
coefficients between variables x1 and x2 with the radius R, it is found that their values
are as high as 0.99. This indicates that variables x1 and x2 can be approximated as linear
functions of R:

x = mR + n (8)

where m and n are constant coefficients, whose values can be calculated based on the origi-
nal impeller geometric parameters. By substituting these values into Equation (7), the opti-
mal flow area distribution at different radii within the impeller passage can be determined.

3.2. Impeller Flow Passage Cross-Section Design

Based on the theoretical analysis in Section 3.1, the flow area distribution within the
impeller passage can be calculated, as shown in Figure 9a. Eleven circular arc cross-sections
are uniformly selected along the streamline direction, and the flow area for each section is
computed as a control point for the impeller design. The final blade thickness distribution,
as shown in Figure 9b, is obtained by connecting these control points using a B-spline. The
comparison of the impeller models before and after modification is shown in Figure 10.
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4. Results and Discussion
4.1. Comparative Analysis of Internal Flow Characteristics

The flow pressure and total pressure efficiency curves of the impeller before and after
modification, obtained through CFD simulations, are shown in Figure 11. Compared to the
original impeller, the modified impeller demonstrates an improvement in total pressure
efficiency across all flow conditions, with the highest efficiency of the modified impeller
showing an increase of 11.7% over the original. The total pressure efficiency η is calculated
using the following formula:

η =
Q × ps

P
(9)
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In the formula, Q represents the flow rate, ps is the static pressure at the outlet, and P
is the power.
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To analyze the impact of incoming flow distortion on the inlet parameters of large
high-speed centrifugal fans and the transmission of the distorted flow field along the axial
direction, this study takes the design operating point as an example. The circumferential
distribution of aerodynamic parameters at three cross-sections of the upstream collector
ring, as shown in Figure 12, is analyzed for the centrifugal impeller.

Appl. Sci. 2025, 15, x FOR PEER REVIEW 9 of 18 
 

In the formula, 𝑄 represents the flow rate, 𝑝௦ is the static pressure at the outlet, 
and 𝑃 is the power. 

 

Figure 11. Comparison of pressure and efficiency at different flow rates before and after modifica-
tion. 

To analyze the impact of incoming flow distortion on the inlet parameters of large 
high-speed centrifugal fans and the transmission of the distorted flow field along the axial 
direction, this study takes the design operating point as an example. The circumferential 
distribution of aerodynamic parameters at three cross-sections of the upstream collector 
ring, as shown in Figure 12, is analyzed for the centrifugal impeller. 

 

Figure 12. Axial position distribution of monitoring cross-sections in the centrifugal fan flow pas-
sage. 

As shown in Figure 13, the circumferential distribution of axial velocity 𝑉௭ and swirl 
angle 𝛼 at 0.6 times the radius of the three cross-sections is presented. From the figure, it 
can be observed that the circumferential distribution of the swirl angle from Section 1 to 
Section 3 is similar. The relative swirl distortion intensity 𝑆𝐼௥௘௟ from Section 1 to Section 
3 are 3.83°, 2.04°, and 2.23°, respectively, indicating a reduction of 41%. This suggests that 
the swirl distortion significantly attenuates during downstream development due to mix-
ing effects. The expression for the above circumferential relative distortion intensity 𝑆𝐼௥௘௟ 
is as follows: 

( )

360

av

rel

d
SI θ

α θ α θ−
=


 

(10)

Figure 12. Axial position distribution of monitoring cross-sections in the centrifugal fan flow passage.

As shown in Figure 13, the circumferential distribution of axial velocity Vz and swirl
angle α at 0.6 times the radius of the three cross-sections is presented. From the figure, it
can be observed that the circumferential distribution of the swirl angle from Section 1 to
Section 3 is similar. The relative swirl distortion intensity SIrel from Section 1 to Section 3
are 3.83◦, 2.04◦, and 2.23◦, respectively, indicating a reduction of 41%. This suggests that the
swirl distortion significantly attenuates during downstream development due to mixing
effects. The expression for the above circumferential relative distortion intensity SIrel is
as follows:

SIrel =

∫
θ

|α(θ)− αav|dθ

360
(10)
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Figure 13. Circumferential distribution of axial velocity and swirl angle at the monitoring cross-
sections.

Simultaneously influenced by the distorted flow field, the axial velocity at the impeller
inlet cross-section also exhibits distortion, showing a quasi-sinusoidal distribution in the
circumferential direction. The maximum swirl angle occurs near the 60◦ circumferential
position, while the minimum swirl angle appears near 300◦. To further analyze the im-
pact of inlet distortion on the internal flow field of the impeller, flow passages A and B,
corresponding to the 60◦ and 300◦ circumferential positions, respectively, are selected for
analysis. The 3D tip leakage flow streamline diagrams for flow passages A and B in both
the original and modified designs are shown in Figures 14 and 15, respectively.
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Figure 14a illustrates the streamline distribution at the 0.9 blade height section of the
original impeller. Within the original flow passage, various complex vortex structures of
different scales are present. As shown in Figure 14b, under the impact of the high-speed
mainstream, the leakage flow at the front of the blade tip moves downstream along the
suction surface in the direction of the mainstream. The rim leakage flow in the middle
section of the impeller is influenced by the vortex, converging along the suction surface
and eventually mixing with the vortex. This interaction further leads to the formation of a
large-scale vortex, known as a stall cell, in the downstream region of the flow passage. The
stall cell develops slowly in the axial direction of the impeller, but grows more rapidly in the
radial direction. From the inlet to the outlet of the impeller passage, the rotational vortex
continuously expands in scale until it eventually forms a stall vortex spanning multiple
impeller passages, inducing an abrupt-type rotating stall phenomenon. The characteristics
of this stall phenomenon are primarily manifested in the interaction between the tip leakage
flow and the rotating vortex spanning multiple impeller passages [35].

As shown in Figure 15c, flow passage B is located near the 300◦ circumferential
position, where the inlet swirl angle reaches its minimum. In this region, the tip leakage flow
is significantly weaker compared to flow passage A. The tip leakage flows at the leading and
trailing edges are suppressed by the main flow and move downstream along the suction
side. The trailing-edge leakage flow forms strip-like patterns without developing large-
scale vortex structures. As shown in Figure 15, the modified impeller exhibits significantly
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reduced tip leakage flow at the leading edge and mid-span regions. The trailing-edge
leakage vortex is reduced to a thin strip, and no additional vortex structures appear within
the impeller passage. The overall flow is stable.

The streamline distribution of the blades before and after optimization is shown in
Figure 16. The original impeller exhibits significant low-velocity regions and local vortices
near the blade surface, leading to increased fluid energy losses and reduced impeller
efficiency. In contrast, the modified impeller shows a noticeable increase in flow velocity
near the blades, with the suppression of flow vortices. Phenomena such as flow separation
and reattachment, which contribute to flow deterioration, are reduced. This improvement
enhances the consistency of the airflow direction at the blade inlet and outlet, thereby
improving the aerodynamic performance of the impeller.
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Tip leakage flow often results in significant axial velocity deficits, commonly referred
to as flow blockage. Its presence not only reduces the flow capacity near the rotor tip but
also induces substantial flow losses. To quantitatively analyze the extent of flow blockage,
the average blockage factor is defined, with its formula expressed as follows [36]:

B =
1

Aact

x
(

1 − ρWm

(ρWm)edge

)
dA (11)

In the formula, Aact represents the area of the flow cross-section, ρWm is the meridional
momentum, and (ρWm)edge is the edge momentum. At the blockage boundary, ρWm is
equal to (ρWm)edge.

Figure 17 shows the distribution of the meridional average blockage factor along the
flow direction in the impeller passages A and B. From the figure, it can be seen that the
blockage factors in both the original and modified designs increase from the impeller inlet to
the outlet across different cross-sections. Moreover, the blockage factor in impeller passage
A is significantly higher than that in passage B. This is because the maximum swirl angle
occurs near the 60◦ circumferential position at the impeller inlet, where the flow passage A
is greatly influenced by incoming flow distortion. In contrast, flow passage B is located
near the 300◦ circumferential position at the impeller inlet, close to the minimum swirl
angle, and is less affected by the incoming flow distortion. This indicates that incoming
flow distortion causes an asymmetric distribution of blockage in the impeller passages,
with the inlet distortion vortex exacerbating the blockage phenomenon downstream.

The blockage factor curve can be divided into three stages based on its growth trend.
In Stage A, the blade tip leakage flow at the front of the impeller is squeezed towards the
suction surface under the high-speed incoming flow, and the mixing effect with the main
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flow in the impeller passage weakens, leading to a slow increase in the blockage factor. In
Stage B, the leakage at the blade tip in the middle section of the impeller increases, and the
leakage flow mixes with the main flow along the suction surface to form a leakage vortex
at the blade edge, disturbing the main flow and causing the blockage factor to rise rapidly.
In Stage C, the leakage vortex at the rear of the impeller fully develops and interacts with
the stall vortex in the passage, causing the blockage factor to reach its maximum value.
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The average blockage factors for the original impeller passages A and B are 0.29 and
0.21, respectively, while for the modified impeller passages A and B, the average blockage
factors are 0.07 and 0.04, respectively. This indicates that the impeller optimization design
method based on secondary flow suppression can effectively improve flow stability and
mitigate the deterioration of leakage vortices and passage blockage caused by incoming
flow distortion.

4.2. Comparative Analysis of Experimental Results

To verify the feasibility and effectiveness of the impeller optimization scheme, this
study takes the VHGQ-D-9912 dual-chamber vacuum gas quenching furnace as the appli-
cation scenario, with its main structure shown in Figure 18. Flow field and temperature
field experiments are conducted on the gas quenching furnace using both the original and
modified impellers.
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The flow velocity measurement device used is the Kanomax 6243 multi-channel hot-
wire anemometer from Japan, with a measurement range of 0 m/s to 50 m/s. For velocities
less than 10 m/s, its accuracy is 0.01 m/s. The working principle involves placing a fine
electrically heated metal wire perpendicular to the airflow. As the airflow passes over the
wire, heat is transferred, causing a temperature change in the wire, which in turn alters its
electrical resistance. This change in resistance is used to convert the airflow velocity signal
into an electrical signal, which is then transmitted to the anemometer’s main unit. The
testing process is shown in Figure 19, and the on-site installation diagram of the modified
structure is shown in Figure 20.
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The velocity measurement section is located at the central cross-section of the work-
piece area of the quenching furnace, with a total of 7 × 7 measurement points. Figure 21
shows the velocity distribution at the test section. From the figure, it can be observed
that both the original and optimized impellers exhibit a velocity distribution with the
highest velocity at the center and lower velocities at the periphery. However, the original
structure further demonstrates a distribution where the flow velocity on one diagonal side
is significantly greater than that on the opposite side. After the impeller optimization,
the overall velocity distribution becomes more uniform compared to the original, with a
substantial increase in velocity at the periphery.



Appl. Sci. 2025, 15, 3521 14 of 18

Appl. Sci. 2025, 15, x FOR PEER REVIEW 14 of 18 
 

   
(a) (b) (c) 

Figure 20. On-site installation diagram of the modified structure: (a) disassembly diagram of the 
air chamber (b) schematic of the workpiece area, (c) exterior view of the gas quenching furnace. 

The velocity measurement section is located at the central cross-section of the work-
piece area of the quenching furnace, with a total of 7 × 7 measurement points. Figure 21 
shows the velocity distribution at the test section. From the figure, it can be observed that 
both the original and optimized impellers exhibit a velocity distribution with the highest 
velocity at the center and lower velocities at the periphery. However, the original struc-
ture further demonstrates a distribution where the flow velocity on one diagonal side is 
significantly greater than that on the opposite side. After the impeller optimization, the 
overall velocity distribution becomes more uniform compared to the original, with a sub-
stantial increase in velocity at the periphery. 

  
(a) (b) 

Figure 21. Velocity contour map at the test section: (a) original design and (b) optimized design. 

The velocity test data for the original and modified impellers were statistically ana-
lyzed, and the standard deviation was used to measure the uniformity of the velocity dis-
tribution, as shown in Figure 22. It can be seen that the standard deviation of the velocity 
data is significantly reduced after optimization. The average velocity standard deviation 
at the test section is 42.78% lower than that of the original impeller. Specifically, the stand-
ard deviations at Y = 400, Y = 600, and Y = 800, located at the center of the test section, are 
reduced by 62.97%, 60.69%, and 57.14%, respectively, compared to the original, indicating 
a more uniform flow. 
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The velocity test data for the original and modified impellers were statistically an-
alyzed, and the standard deviation was used to measure the uniformity of the velocity
distribution, as shown in Figure 22. It can be seen that the standard deviation of the velocity
data is significantly reduced after optimization. The average velocity standard deviation at
the test section is 42.78% lower than that of the original impeller. Specifically, the standard
deviations at Y = 400, Y = 600, and Y = 800, located at the center of the test section, are
reduced by 62.97%, 60.69%, and 57.14%, respectively, compared to the original, indicating a
more uniform flow.
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The temperature tests were conducted by placing a 400 mm × 400 mm × 400 mm H13
hot work steel specimen at the center of the workpiece area. During the cooling process of
the gas quenching furnace, nine thermocouples were passed through flange holes and fixed
at nine measurement points evenly distributed at the lower part of the workpiece. The
temperature was recorded using these thermocouples. The temperature recorder selected
was the DAQ970A model from KEYSIGHT, which includes 14 thermocouple input ports,
enabling simultaneous data recording from 14 channels. This system was able to meet
the measurement requirements for the nine temperature points in this experiment. A
comparison of the temperatures at the measurement points when the average workpiece
temperature is 523 K is shown in Figure 23. After the optimization of the blades, the tem-
perature differences at each measurement point are significantly reduced. To quantify the
deviation of temperatures at each monitoring point from the average value, a temperature
uniformity coefficient, σT , is introduced to assess the uniformity of the workpiece surface
temperature field during the gas quenching process. The expression for this coefficient is
as follows:

σT =

√√√√ 1
N

N

∑
i=1

(
TN − Ti

)2 (12)
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In the formula, N represents the total number of measurement points, TN denotes
the average temperature of the N measurement points, and Ti represents the temperature
value at the i measurement point. For the original gas quenching furnace, σT is 4.146, while
after optimization, σT decreases to 1.945, a reduction of 53.09%. This indicates that the
temperature uniformity in the workpiece area has significantly improved following the
blade optimization.

5. Conclusions
This paper focuses on a large, high-speed centrifugal fan and analyzes the impact of

incoming flow distortion on the internal flow evolution of the impeller. To address the
design challenges of large, high-speed centrifugal fans under incoming flow distortion,
a blade modification method based on the suppression of internal secondary flows is
proposed. Experimental tests were conducted on the entire vacuum quenching furnace
system before and after impeller optimization. The results show significant improvement,
leading to an increase in the centrifugal fan’s operating efficiency. The main conclusions of
this paper are as follows:

(1) The SST k-ω turbulence model, modified with the eddy viscosity coefficient, was
compared with experimental results of flow in a U-shaped pipe. The modified SST
k-ω model effectively captures the non-uniform velocity distribution characteristics,
with a maximum error of only 4.7%. The refined computational model improves
the accuracy of the results, thereby providing a more precise analytical tool for eval-
uating the impact of subsequent impeller structural optimizations on performance
improvements.

(2) Under the influence of the complex flow channel structure within the gas quenching
furnace, the airflow parameters at the fan inlet cross-section undergo distortion. The
maximum swirl angle appears at the circumferential position of 60◦, corresponding to
downstream passage A. In this passage, the mid-span tip leakage flow along the suc-
tion side is affected by vortices, eventually mixing with them. This interaction forms a
large vortex in the rear section of the passage. Additionally, a stall vortex perpendicu-
lar to the blade and spanning the entire passage develops in the downstream section,
resulting in an average blockage coefficient of 0.29. At the circumferential position of
300◦, where the minimum swirl angle occurs, the corresponding downstream impeller
passage B exhibits strip-like leakage flow at the rear of the blade tip. However, no
large-scale vortex structure is formed, and the average blockage coefficient decreases
to 0.27.

(3) The impeller flow passage optimization design method based on the suppression of
secondary flows effectively improves the secondary flow phenomena and the intensity
of tip leakage flows within the impeller. The modified impeller achieves an 11.7%
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increase in maximum efficiency compared to the original design, with the blockage
coefficients in passages A and B reduced to 0.07 and 0.04, respectively. Additionally,
flow field and temperature field experimental tests were conducted on the entire
vacuum quenching furnace system. The test results show that the standard deviations
of the velocity at the center of the test sections at Y = 400, Y = 600, and Y = 800
were reduced by 62.97%, 60.69%, and 57.14%, respectively, compared to the original
impeller. The temperature fluctuation range at the surface measurement points was
reduced by 53.09%, indicating a significant improvement in the uniformity of the flow
and temperature fields.

It should be noted that the proposed model has been validated specifically for the
VHPGQ centrifugal fan under high rotational speed and strong rotational flow conditions.
The applicability of this model may be limited to similar fan configurations, and for
other types of fluid machinery with significant differences in fan geometry or operating
conditions, appropriate adjustments may be required. Furthermore, the modified SST
k-ω turbulence model, on which the proposed model relies, performs well under these
conditions but may need to be adjusted for more complex turbulent flow states. Although
the proposed model was developed and validated specifically for the centrifugal fan in the
VHPGQ gas quenching furnace, it may potentially be extended to similar centrifugal fans
or other fluid machinery operating under comparable conditions.
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