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Abstract: This study presents the development and evaluation of a spin test rig for high-speed
rotating components. The innovation of this study is using a discrete model to determine dynamic
positioning during the preliminary design phase based on vibration characteristics. The primary aim
is to manage vibrations and alternating stress effects from rotor dynamics to prevent issues such as
crack propagation or bursts before achieving desired speeds. MATLAB 2023b Simulink-based tool
was developed, which played a role in providing the design of bearing support regions and stiffness
values. The system underwent rigorous validation through structural, modal, and harmonic finite
element analyses. Testing showed a maximum deviation of 4.2% for 10 kg specimen and 4.85% for
4 kg specimen between Simulink predictions and actual data, due to factors such as contact and
bearing damping. For the 10 kg specimen, the maximum equivalent stress was 314.92 MPa with an
alternating stress of 64.87 MPa at 0.5% damping ratio, representing 37.27% of the yield limit. For the
4 kg specimen, the maximum equivalent stress was 513 MPa with alternating stress below 40 MPa at
3% damping ratio, corresponding to 54.32% of the yield limit. This research enhances the reliability
and performance of high-speed rotating machinery.

Keywords: spin test rig; alternating stress; rotor dynamics; finite element analyses

1. Introduction

Spin test rigs are systems used to test the dynamic phenomena and structural strength
limits of components operating at high speeds [1,2]. The purpose of the applications
carried out in the test rig is to examine phenomena such as plastic deformation, crack
propagation, and burst by rotating the part under test at high angular speeds and exposing
it to centrifugal load [3]. Tests can be performed under vacuum and at high temperatures,
depending on the operating conditions of the test rig. Components operating at high
speeds, such as turbines and compressors of gas turbine engines, high-speed gears, and
rotating parts of turbochargers and centrifugal pumps, can be tested under maximum
load conditions in spin test rigs [4–8]. During the test stages, the aim is to expose the
disc structure to burst by accelerating to the targeted speeds. However, before the disc
bursts, plastic deformation will occur in the material. This associated plastic deformation
will cause crack propagation [9,10]. The burst phenomenon will occur as the crack size
increases and the disc continues to be exposed to centrifugal force. The spin test rigs
operate under vacuum and are driven by an electric motor running at high speeds for
structures with a low inertia tensor [11–15]. The most important reason for operating the
system under vacuum is to reduce the aerodynamic torque to zero, making electric motor
selection easier and eliminating aerodynamic effects during the test. With vacuum, both
aerodynamic damping is eliminated and convective heat transfer is prevented [16–19]. In
this way, a temperature gradient is achieved on the part. Without a vacuum, it would be
almost impossible to capture the temperature gradient on the test specimen, which would
be exposed to convective heat transfer [20–22].
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It is crucial that the spin test system operates smoothly in terms of rotor dynamics [23].
The most important factor here is ensuring that any natural frequency of the part, shaft, or
assembly does not resonate at a speed close to the test speed [24–27]. If such a situation
occurs, suitable test conditions may be disrupted. Particularly, when examining the natural
frequencies obtained from the entire assembly of the part to be tested, it is essential that
there is no critical speed in the range corresponding to ±20% of the test RPM [28,29]. For
these reasons, detailed modal analysis must be performed, and the part test range must be
kept away from rotor dynamic effects [30,31].

This study conducted in [32] highlights the importance of flywheel strength in energy
storage systems and addresses the challenges of high-speed spin tests in vacuum environ-
ments. By implementing a small stiffness pivot-jewel bearing and a spring squeeze film
damper, these researchers designed a cost-effective, long-lasting spin system, achieving
stable operation at 50,000 rpm with the theoretical results aligning with experimental
findings. In another study [33], due to the limited data on the performance of burst con-
tainments for high-speed rotating machines, there was a need for low-cost test methods
to develop optimized containment structures. Consequently, a low-cost test rig was de-
signed to systematically investigate the performance of different containment structures
and materials, with the collected data and subsequent analyses enabling the assessment of
the effectiveness of various burst containments.

This paper focused on examining the rotor dynamic effects for the spin test rig in
detail. First, a Discrete Model (henceforth DM) of the system was established in the Mat-
lab/Simulink environment to develop a preliminary design of the drive shaft, which rotates
the test specimens. Then, both two- and three-dimensional modal and harmonic response
analysis were carried out using the finite element approach to verify numerical results
obtained from DM studies. These numerical results were validated with the Hummer test,
and it was observed that the maximum error percentage was as small as 4.85. Bearing
stiffness values were selected considering the loads in the supports due to permissible
unbalance, and thus, non-linear rotor dynamic effects were also included in the calculations.
It was also assumed that there was no axis misalignment in the system, and inspections
were carried out only for the first engine order. Additionally, since the system is tested
under vacuum, there is no aerodynamic damping. In this context, it is only possible to
talk about damping of the system. This damping ratio is below 3% and is considered to be
negligible in the calculation of the natural frequency. This system damping was used as
input data in alternating stress calculations, and an HCF evaluation was made.

This study, unlike examples found in the literature, presents a preliminary design
for rotordynamics using a discrete model. In this way, the bearing support regions are
optimally determined based on the results obtained from DM, which is the first step in
the overall system design. Furthermore, instead of assuming constant bearing stiffness
values, our study incorporates nonlinearity based on the unbalance force. By selecting
bearing stiffnesses depending on the load rather than using constant values in rotordy-
namic calculations, more accurate computational results consistent with the hummer test
can be achieved. As mentioned, the first stage of our study is to build a DM in Matlab
Simulink and to calculate the natural frequencies of the system. Following this, a general
axisymmetric finite element model was established, and the accuracy of the results ob-
tained from DM was examined in detail using a two-dimensional approach. While the
results obtained from DM and the general axisymmetric finite element model are consis-
tent, a three-dimensional finite element model was also created to consider the geometry
deviating from axial symmetry and to perform harmonic response analysis. The aim of
two-dimensional analysis is the fast verification of DM results because of the low mesh
element number. However, harmonic response and related alternating stresses cannot
be calculated with this axisymmetric two-dimensional model. As a consequence of this
a three-dimensional model was needed. In spin test systems, since the test specimen is
tested under vacuum, the absence of aerodynamic damping is assumed, and the damping
ratio corresponding to the relevant mode obtained from impact tests has been directly
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used as input data. The harmonic force generated from the unbalance was given as input
data to the 3D finite element model to find the system response. By performing detailed
rotordynamic calculations, the test specimen can be brought to the desired rotational speeds
while avoiding vibration effects, thus preventing damage to the drive shaft and related
components.

2. Materials and Methods

In this paper, applications for the most appropriate design of the spin test rig, which
will not be affected by alternating stresses due to vibration, are presented. The primary
objective of this study is to present solutions that minimize vibration effects caused by
rotordynamics during the testing of high-speed components, such as those in spin test
systems. In this context, the aim is to establish an optimal rotordynamic layout during the
preliminary design phase by developing a discrete model in Matlab Simulink that incor-
porates factors influencing the vibration characteristics. By developing a discrete model
based on the equations of motion, the rotordynamic characteristics of high-speed rotating
components can be determined during the preliminary design phase. This approach allows
for the potential vibration issues that may arise during the detailed design phase to be
addressed and mitigated at the preliminary design stage. In this context, a discrete rotor
dynamics model was established in MATLAB SIMULINK. The results obtained from this
model were compared with those from general axisymmetric and 3D modal analyses. Input
data used for calculations, including angular speed, bearing stiffness, and damping ratio,
were incorporated into the harmonic analysis. Bearing stiffness values were not treated as
constants; instead, nonlinear stiffness behaviors were used in both axial and radial direc-
tions. The damping ratio applied in this study was obtained directly from impact tests on
the relevant mode. The advantage of conducting tests under vacuum is that aerodynamic
damping effects are eliminated, allowing for the direct use of system damping data. Results
from both the finite element approach and the 3D MATLAB SIMULINK rotordynamics
model were compared with test data. Error rates resulting from these comparisons are
presented in the results section. The algorithm for this study is illustrated in Figure 1.
To enhance the accuracy of this study, calculations and impact tests were conducted on
two distinct test specimens with different moments of inertia and masses. The first test
specimen weighs 10 kg, while the second specimen weighs 4 kg. The vacuum chamber in
which the tests were conducted is shown in Figure 2, and the details of the test specimens
and shaft connections are provided in Figure 3.

The primary purpose of using the two-dimensional analysis model is to keep the
number of mesh elements at a minimum, enabling fast solution time and facilitating the
comparison of preliminary Simulink results. However, in two-dimensional analyses, the
effects of sections that break axial symmetry on modal analyses are neglected. Therefore,
the Simulink results, which are initially validated through two-dimensional analyses, are
further verified in the next phase using three-dimensional models. The model created
in the Simulink environment is highly effective in determining the bearing stiffness and
axial locations. This allows for a rapid execution of rotordynamic layout studies using
the discrete model in Simulink. Moreover, the bearing locations and stiffness values
can be parametrized within the model to derive the optimal rotordynamic layout. In
these studies, the preliminary validations are performed using two-dimensional analyses,
assuming axial symmetry. Subsequently, three-dimensional analyses are conducted to
account for the effects of sections that disrupt axial symmetry, incorporating them into the
rotordynamic calculations.
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Figure 1. Algorithm of this study.

The spin test system consists of three main components: the power transmission
system, rotor rig, and vacuumed cabin, as seen in Figure 2. The system specifications are as
follows: For the Inconel 718 material used in the test rotor, the maximum temperature is
700 ◦C. The maximum rotational speed for the test rotor is 60,000 rpm. The vacuum level
should be equal to or less than 50 Pa. The geometric dimensions of the main rotor shaft
and bearing positions have been determined through an optimization study. The test rig
and the main rotor shaft will be connected through bolt fastening, allowing for the testing
of discs with different geometries.
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Figure 2. Definition of the system (a) spin test rig (b) assembly of shaft.

The test specimens and the drive shaft to which they are connected in the spin test
rig are presented in detail in Figure 3. The first specimen weighs 10 kg and will be tested
at 30,000 RPM, while the other specimen weighs 4 kg and will be tested at 60,000 RPM.
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Rotordynamic calculations have been performed separately for each of these specimens.
Boundary condition definitions for the drive shaft at the inner race of the bearing have also
been provided in detail.
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The DM of the shaft represents a flexible body as a combination of a rigid-body model
and a deformation model. The rigid-body model accounts for the body’s rotation and
translation movements without any deformation. This model calculates shape changes
at specific points on the body, which are derived using the rigid-body model. Achieving
accurate results with this method relies on the spatial distribution of the geometry’s mass,
inertia, stiffness, and damping properties. The DM divides the body into a mesh consisting
of numerous nodes, each with six degrees of freedom. The details of the DM are depicted
in Figure 4.
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In the mathematical model of the spin shaft, the main rotor shaft is modeled as
flexible. Using the developed model, it is also possible to size the rotor shaft under relevant
constraints with optimal values. Figure 4 illustrates the main rotor shaft and its bearings.
For a shaft supported by bearings at two points and free at one end, the translational and
rotational movements of the center of mass along two different axes are defined as follows:

The mathematical model of the spin shaft supported by bearings in two regions is
presented in Figure 5. Based on this mathematical approach, the 3D rotordynamics model
developed in the MATLAB Simulink is detailed in Figure 4.

xrs,G =
(a + b)x2 − bx1

a
(1)

yrs,G =
(a + b)y2 − by1

a
(2)

θx,G =
x1 − x2

a + b
(3)

θy,G =
y1 − y2

a + b
(4)Appl. Sci. 2024, 14, x FOR PEER REVIEW 7 of 19 
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Based on this, the equations of motion are derived using the Euler-Newton method
as follows:

mrs
..
xrs,G + (k1 + k2)xrs,G + (k1(a + b) + k2b)θy,G = Frs,x (5)

mrs
..
yrs,G + (k1 + k2)yrs,G + (k1(a + b) + k2b)θx,G = Frs,y (6)

JT,rs
..
θx,G + JP,rsΩ

.
θy,G + (k1(a + b) + k2b)xrs,G +

(
k1(a + b)2 + k2b2

)
θx,G = Mrs,x (7)

JT,rs
..
θy,G − JP,rsΩ

.
θx,G − (k1(a + b) + k2b)yrs,G +

(
k1(a + b)2 + k2b2

)
θy,G = Mrs,y (8)

Here, JT,rs is the transverse mass moment of inertia and JP,rs is the polar mass moment
of inertia, and they are defined by the following expressions.

JT,rs =
mrs

4

(
R2

rs +
1
3

L2
)

, Jp,rs =
mrsR2

rs
2

(9)

The system matrices in the equation of motion consist of the global mass matrix
M︸︷︷︸, the global gyroscopic matrix G︸︷︷︸, and the global stiffness matrix K︸︷︷︸ as shown in

Equation (1). The generalized external force vector for the global system, denoted by F︸︷︷︸,
encompasses all external disturbance forces and torques that affect the dynamics of the
global system. All system matrices and vectors are organized in the same sequence as the
nodal displacements in vector q︸︷︷︸ as seen in Equation (2).

M︸︷︷︸ ..
q︸︷︷︸+ G︸︷︷︸ .

q︸︷︷︸+ K︸︷︷︸ q︸︷︷︸ = F︸︷︷︸ (10)

q︸︷︷︸ = [q1 q2 q3 . . . qn+1
]T (11)

In the rotor dynamics studies, bearing stiffness values were not treated as constants in
either the radial or axial directions; instead, the stiffness characteristics obtained from tests
were utilized as input data. The nonlinear stiffness behavior curves for both radial and axial
directions are presented in Figure 6. When applying bearing stiffness values in rotor dynamics
calculations, the selection was based on the allowable unbalance load for radial stiffness,
while mounting loads were considered for axial stiffness. This approach incorporates the
nonlinear stiffness effects of the bearings into the calculations. As a result, the rotor dynamics
calculations yield results that are more consistent with the experimental data.
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The system used for measuring radial and axial stiffness of bearings is detailed in
Figure 7. The system includes a 3-axis accelerometer and a thermocouple. The bearings’
stiffness, characterized by nonlinear properties, is determined based on elastic displacement
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values obtained from different radial and axial loading conditions. The accuracy of these
measurements is crucial, requiring minimal error for the successful completion of the
application. Therefore, laser displacement sensors have been utilized for the measurements.
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Finite element analyses of the spin test rig shaft were conducted using both general
axisymmetric and 3D approaches. General axisymmetric mesh elements were employed in
the general axisymmetric rotordynamics calculations. The mesh element selected was Solid
272, with the number of nodal planes set at 12. The primary advantage of using general
axisymmetric rotordynamics analyses is the significantly faster computation compared to
three-dimensional analysis. In the section of Results, the detailed information on the mesh
number, natural frequencies, and solution times relative to the number of nodal planes will
be given. In the general axisymmetric rotordynamics calculations, bolt head elements were
modeled using point mass elements, allowing for the effective mass to be incorporated into
the system within the general axisymmetric analysis framework. Differences between the
3D and general axisymmetric analysis mass matrices can lead to variations in the calculated
natural frequencies. The use of point mass elements helps to mitigate discrepancies between
the mass matrix and moment of inertia in both general axisymmetric and 3D analyses.
Two-dimensional and three-dimensional finite element rotordynamics analysis models are
illustrated in Figure 8.
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3D analyses were utilized for both stress distribution and alternating stress calcula-
tions in the rotating components of the shaft assembly. The primary goal of employing
3D analysis was to accurately capture stress distribution in non-axisymmetric regions
with a high degree of convergence. The 3D analysis model, which facilitated these stress
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calculations, is depicted in Figure 9, with the mesh properties of the finite element model
detailed in Table 1. In contrast, 2D analyses would exhibit significant error rates in non-
axisymmetric areas, thus necessitating the use of 3D models for precise stress calculations.
Modal analyses, however, were conducted more efficiently using general axisymmetric
models in 2D, which allowed for rapid computation of stiffness and mass matrices. This
approach enabled the swift execution of parametric modal analyses, with results compared
against other simulations and experimental data.

Appl. Sci. 2024, 14, x FOR PEER REVIEW 9 of 19 
 

elements were modeled using point mass elements, allowing for the effective mass to be 
incorporated into the system within the general axisymmetric analysis framework. Differ-
ences between the 3D and general axisymmetric analysis mass matrices can lead to varia-
tions in the calculated natural frequencies. The use of point mass elements helps to miti-
gate discrepancies between the mass matrix and moment of inertia in both general ax-
isymmetric and 3D analyses. Two-dimensional and three-dimensional finite element ro-
tordynamics analysis models are illustrated in Figure 8. 

 
Figure 8. Finite element model of system (a) 3D FEM model (b) 2D FEM model. 

3D analyses were utilized for both stress distribution and alternating stress calcula-
tions in the rotating components of the shaft assembly. The primary goal of employing 3D 
analysis was to accurately capture stress distribution in non-axisymmetric regions with a 
high degree of convergence. The 3D analysis model, which facilitated these stress calcula-
tions, is depicted in Figure 9, with the mesh properties of the finite element model detailed 
in Table 1. In contrast, 2D analyses would exhibit significant error rates in non-axisym-
metric areas, thus necessitating the use of 3D models for precise stress calculations. Modal 
analyses, however, were conducted more efficiently using general axisymmetric models 
in 2D, which allowed for rapid computation of stiffness and mass matrices. This approach 
enabled the swift execution of parametric modal analyses, with results compared against 
other simulations and experimental data. 

 

Figure 9. 3D Finite element model for stress calculations with solid 186 mesh element.

Table 1. Mesh properties of 3D stress model.

Element Type Solid 186

Element Number 420,022
Node Number 1,300,804
Averaged Aspect Ratio 1.7672
Averaged Element Quality 0.85226

As part of this study, an impact test was employed for the validation of the DM and
finite element models. An accelerometer (Bruel & Kjaer Type 4514) is affixed to the rotor disc,
and impacts are imparted using a modal hammer (Bruel & Kjaer Type 8206-003) at distinct
locations on the rotor disc to effectively average out experimental noise. Subsequently, these
signals are transmitted to a laptop via an ADC (Bruel & Kjaer PC Card Front End 3560-L) for
the computation of frequency response functions (FRFs). The relevant test setup is shown in
Figure 10.
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The material properties of the shaft and the test rig are listed in Table 2. Based on
rotordynamics calculations, when performing alternating stress evaluations, it is essential
to prevent plastic deformation on the drive group and shaft components within the system.
In this context, only the part forced to the burst limit should be examined for crack and
fracture conditions. This can be carried out depending on the test requirements. The
stress obtained by adding the alternating stress values from the harmonic analyses to the
operating conditions should not exceed the yield limit in the drive group. The elastic limits
of the materials used are provided in Table 2.

Table 2. Material properties of Inconel 718 and 4340 steel.

Material Properties Inconel 718 4340 Steel

Density 8240 kg/m3 7850 kg/m3

Young’s Modulus 203.6 GPa 200 GPa
Poisson Ratio 0.29 [−] 0.3 [−]
Yield Strength 1018.9 MPa 470 MPa
Ultimate Strength 1275.8 MPa 745 MPa

3. Results

In this section of this study, the results from finite element analysis, Simulink, and
impact tests are presented. The finite element analysis results are provided for both general
axisymmetric (in other words, the 2D model) and 3D approaches. Detailed comparisons of
these results are shown in Table 3 for the 10 kg test specimen. Additionally, the results from
the finite element modal analysis, conducted using the general axisymmetric approach
with varying numbers of node planes, are presented in Table 4. The modal analysis
identified natural frequencies at 234 Hz and 528 Hz for the 10 kg test specimen. These
frequency values were obtained from both the general axisymmetric and 3D modal analyses.
Additionally, for the 10 kg test specimen, the maximum discrepancy between the finite
element analysis results and the Simulink results was found to be 4.2% at the first natural
frequency of 232 Hz. The difference was calculated to be 0.73% in the 532 Hz region, where
the second natural frequency occurs. The general axisymmetric and 3D analysis results are
illustrated in Figure 11.
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Table 3. Modal analysis and test results for 10 kg test specimen.

Analysis Type 1st Natural
Frequency

2nd Natural
Frequency

Relative Error Percentage with
Respect to Impact Test Result for
1st Natural Frequency

Relative Error Percentage with
Respect to Impact Test Result for
2nd Natural Frequency

General axisymmetric 234.38 Hz 528.88 Hz 0.96% 1.68%
3D 231.22 Hz 532.48 Hz 0.39% 2.37%
Simulink 241.9 Hz 528.6 Hz 4.2% 1.63%
Impact Test 232.14 Hz 520.13 Hz - -

Table 4. General axisymmetric modal analysis results depend on the number of nodal planes.

General Axisymmetric
Nodal Plane Number

Element
Number

Node
Number

1st Natural
Frequency

2nd Natural
Frequency Solution Time

6 4259 78,520 234.38 Hz 528.88 Hz 46 s
8 4259 104,536 234.38 Hz 528.88 Hz 1 m 29 s
10 4259 130,552 234.38 Hz 528.88 Hz 2 m 47 s
12 4259 156,568 234.38 Hz 528.88 Hz 4 m 57 s

Mesh sensitivity analyses were conducted for the general axisymmetric analyses,
and the mesh element size was parameterized. In this context, the results of the mesh
sensitivity analyses for the model corresponding to the 4 kg test data are detailed in Table 5.
According to the obtained results, applying an element size of 2 mm is quite sufficient. The
mesh structure created in modal analyses directly forms the stiffness and mass matrices.
Therefore, when the mesh size is below a certain element size, the variation in natural
frequencies becomes nearly zero.

Moreover, after determining the appropriate mesh element size as 1 mm, a solution
was performed based on the number of nodal planes for the solid 272 mesh element, and
the corresponding results are presented in Table 4.

Mesh sensitivity studies conducted for the 4 kg test specimen are detailed in Figure 12,
and the analysis results based on mesh element size are presented in Table 5. The studies
indicate that even with a 2 mm mesh element size, the maximum frequency deviation
remains below 0.8%. This suggests that the mesh element sizes applied for the modal
analysis are appropriate.
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The defined material properties were used as input data for the analysis model. Contact
loads arising from interference fit, bolt pretensions, and angular velocity were applied as
boundary conditions for the 3D structural simulations. The Von Mises stress distribution for
the shaft is shown in Figure 13 for a 10 kg test specimen. Based on the stress distribution, the
maximum equivalent stress was calculated to be 374.39 MPa. This value is below the yield
limit, indicating that no plastic deformation is expected to occur in the shaft.

Table 5. Natural frequencies according to mesh element size for general axisymmetric analysis
[4 kg test specimen].

General Axisymmetric
Mesh Element Size [mm]

Element
Number

Node
Number

1st Natural
Frequency

2nd Natural
Frequency

3rd Natural
Frequency

Solution
Time

0.5 31,011 374,760 239.32 Hz 446.41 Hz 641.62 Hz 1 h 30 m
1 7688 93,714 240.08 Hz 447 Hz 643.27 Hz 15 m 6 s
2 2016 24,948 241.08 Hz 448.48 Hz 646.79 Hz 2 m 12 s
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The stress distribution calculated from the structural analysis, using 31,920 rpm (equiv-
alent to 532 Hz) as input data for a 10 kg test specimen, is shown in Figure 13. However, the
alternating stresses resulting from the critical speed that would occur if the shaft operated
at 532 Hz were calculated using harmonic analysis. When applying a damping coefficient
of 0.5%, as determined from local impact tests, the maximum alternating stress is found to
be 64.87 MPa. In contrast, applying a damping ratio of 2.8%, obtained from the hammer
test conducted on the assembly, results in a maximum alternating stress of 11.54 MPa. Both
the maximum equivalent stress from the structural analysis and the maximum alternating
stress from the harmonic analysis affect the same section of the shaft. Therefore, a high
cycle fatigue evaluation was performed for this region, and the material yield limit was not
exceeded even when the lowest damping ratio was applied.

Alternating stress evaluation was conducted based on the damping ratios for the
region where the maximum equivalent stress (Von Mises Stress) was calculated. The stress
distribution and the alternating stress graph obtained from the 3D harmonic analysis are
presented in Figure 14 for a 10 kg test specimen. The alternating stress graphs, generated
using damping ratios of 0.5% and 2.8% in the harmonic analysis, are shown in Figure 15. In
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these calculations, the force applied to the rotor, which underwent a G6.3 balancing process
according to the standard [34], was determined to be 404 N.
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Based on the layout created according to the Matlab Simulink model, finite element
and testing studies were also carried out for a test specimen with a mass of 4 kg. Along
with these studies, the accuracy of the model created in the Simulink environment was
also compared with another test data. The finite element studies of the 4 kg test specimen
were performed using both the general axisymmetric approach and the three-dimensional
approach, similar to the 10 kg test specimen. The connection details for the 4 kg test
specimen and the drive shaft are presented in Figure 16.
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Figure 16. 4 Kg test specimen with drive shaft.

The mode shapes obtained from the two- and three-dimensional modal analysis results
for the 4 kg test specimen are presented in Figure 17. The mode identified at 448 Hz is a
torsional mode, while the mode detected at 635 Hz can be classified as a bending mode.
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The first three natural frequencies of the 4 kg test specimen were calculated using the
Simulink tool developed for the preliminary design phase. Subsequently, the preliminary
design was verified through both general axisymmetric approaches and three-dimensional
modal analyses, followed by impact tests. The error rates observed in the natural frequen-
cies based on all these results and impact tests are detailed in Table 6.
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Table 6. Modal analysis and test results for 4 kg test specimen.

Analysis Type
1st Natural
Frequency

[Hz]

2nd Natural
Frequency

[Hz]

3rd Natural
Frequency

[Hz]

Relative Error
Percentage with

Respect to Impact Test
Result for 1st Natural

Frequency [−]

Relative Error
Percentage with

Respect to Impact
Test Result for 2nd
Natural Frequency

[−}

Relative Error
Percentage with

Respect to Impact Test
Result for 3rd Natural

Frequency [−]

General
axisymmetric 241.08 448.49 646.79 −5.49% 0.27% 1.86%

3D 262.44 466.09 632.13 2.88% 4.2% −0.45%

Simulink 268.12 439.96 665.14 4.85% −1.64% 4.75%

Impact Test 255.1 447.3 635 - - -

For the 4 kg test specimen, the equivalent stress distribution obtained from the structural
analysis conducted at the 60,000 rpm boundary condition is presented in Figure 18. The strain
distribution for the relevant region was also verified in the finite element model, and detailed
mesh sensitivity analyses were performed, with converged stress results provided.
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4. Discussion

In spin test rigs, plastic deformation, crack propagation, and burst phenomena can
occur on the test specimen. For accurate results, tests must be conducted without external
influences such as imbalance, vibration, and misalignment. A critical speed should not exist
within ±20% of the test speed. Vibrations can lead to inaccurate results by affecting stress
variations, potentially causing High Cycle Fatigue (HCF) and resulting in damage to the test
specimen and associated components. It is crucial to ensure that the test component is op-
erated without exposure to vibrations. Detailed rotor dynamics calculations are essential to
ensure test accuracy and design reliability, especially in high-speed systems where bearing
stiffness must be modeled nonlinearly in both axial and radial directions. Radial stiffness
should be based on allowable imbalance forces, while axial stiffness should account for
assembly loads to create an accurate mathematical model incorporating nonlinear bearing
stiffness. Performing spin tests under vacuum removes aerodynamic damping, allowing
the direct use of hammer test-derived damping ratios in alternating stress calculations.
Since damping values from hammer tests are below 3%, their effect on natural frequencies is
negligible. However, systems with squeeze film dampers (SFD) and aerodynamic damping
require consideration of damping-related critical speeds and appropriate coefficients in
harmonic response calculations.

In this study, a discrete model approach was applied to the equations of motion,
utilizing a rotordynamic tool established in MATLAB Simulink to achieve the rotordynamic
layout during the preliminary design phase. Furthermore, in the created model, bearing
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stiffness values were not assumed to be constant; instead, radial stiffness values based
on unbalance forces and axial stiffness values based on assembly loads were integrated
into the system. To validate the accuracy of this study, tests were conducted on two
different specimens weighing 10 kg and 4 kg, respectively. For the 10 kg test specimen,
the maximum natural frequency deviation between the results and the Simulink-based
rotordynamic calculations was found to be 4.2%. A similar approach was applied to the
4 kg test specimen, with the maximum frequency deviation calculated as 4.85%. The
primary factors contributing to the discrepancies between the test results and Simulink
outcomes include contact damping, Multi-Point Constraint (MPC) connection assumptions,
and differences in mass and inertia tensor that disrupt axial symmetry.

In this study, it was observed that the damping ratio of the rotating assembly was
higher than that of individual components due to new natural frequencies and contact
damping. Damping ratio increased from 0.5% in individual tests to 2.8% after assembly.
Both assembly and shaft-only damping ratios were calculated for alternating stress. The
resulting stress curve showed that the shaft’s critical region remained below the yield point.
The SIMULINK model, using a discrete rotor dynamics approach, showed a 4.2% error for
the first natural frequency and a 1.63% error for the second, compared to finite element
calculations, facilitating quicker bearing location identification and geometric optimization
for a 10 kg test specimen.

Similar studies were also conducted for the 4 kg test specimen. The rotordynamic
layout for the part to be tested at higher speeds compared to the 10 kg specimen has
been completed. Calculations using a damping ratio of approximately 3% resulted in low
alternating stress values, and the yield limit of the drive shaft within the system was not
exceeded. For both specimens, the spin tests were conducted in a manner that would
not be affected by the vibration characteristics of the assembly, taking into account the
rotordynamic effects in the layout.

5. Conclusions

In this study, rotordynamic analyses were conducted using a Simulink tool developed
with a discrete model approach. The results obtained from the Simulink tool were initially
validated using two-dimensional modal analyses. The primary reason for using two-
dimensional modal analyses in the preliminary phase was to achieve quick results by
employing a low mesh element count. Following the integration of both the 4 kg and
10 kg test specimens into the system, modal analyses were performed using the finite
element method in both two and three dimensions, and the results were compared with
the Simulink outputs.

For the 10 kg test specimen, the largest discrepancy between finite element analysis
and Simulink results was calculated as 4.4% for the first bending mode and 0.73% for the
second bending mode. A detailed comparison between the finite element analysis and
Simulink results was also performed for the 4 kg test specimen. The largest deviations were
found to be 2.12% for the first bending mode, 5.6% for the first torsional mode, and 4.96% for
the second bending mode. It was determined that the Simulink model produced consistent
results with finite element methods. However, in two-dimensional analyses, the error rates
increased for test specimens with reduced cylindrical symmetry, which was expected. The
error rates calculated for the three-dimensional analyses, which accounted for asymmetric
cross sections, were found to be lower. The primary reason for the discrepancies in the
calculations can be attributed to the geometric simplifications employed in the Simulink
model. When comparing the Simulink results with impact tests, the largest discrepancies
were observed as 4.2% for the first bending mode of the 10 kg test specimen and 4.85% for
the 4 kg test specimen.

By employing the discrete model built in the Simulink environment, alternating stress
due to vibration can be mitigated at the tested speeds during the preliminary design phase,
thereby allowing the completion of the rotordynamic layout. In this model, the bearing
stiffness and damping values that affect rotordynamics are parameterized to determine the
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optimal bearing selection and the required stiffness and damping values, which enables
spin tests to be conducted at vibration-free speed limits, ensuring the most accurate results.
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