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Abstract

:

Small end bearings are a critical component of reciprocating engines, and the performance of their lubrication performance directly affects engines’ reliability and mechanical efficiency. There are many factors that influence their lubrication. A new type of small-end bearing test rig was developed to reveal key influencing factors and their influence on lubrication characteristics, and a multi-body dynamic model coupled with elastohydrodynamic (EHD) characteristics was built. The model was verified through experiments. In accordance with the orthogonal experimental requirements, the impact of various factors on small-end bearing lubrication characteristics was analyzed, and the results showed that: (1) minimal oil film thickness (MOFT), friction power, and maximum oil film pressure (MOFP) are the major evaluation indicators of small-end bearing lubrication, and the most significant influencing factors are the pin bushings’ clearance, engine speed, and bushing surface roughness; (2) increasing the clearance of the pin bushings can increase the hydrodynamic lubrication percentage and the average thickness of the oil film, but it also reduces the local minimum thickness of the oil film; (3) an increase in roughness can improve the MOFT and enhance its carrying capacity, but may also increase friction power; and (4) high speeds can increase the thickness of the oil film between the piston pin and bushing and improve lubrication status, but it also increases friction power on the asperity contact region, reducing mechanical efficiency. The research results can be used for the design of connecting rod small-end bearings to improve their mechanical efficiency and reliability.
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1. Introduction


The connecting rod’s small-end bearing is one of the most important frictional joints in reciprocating engines. Part of the bushing is in the boundary lubrication regime, and the working conditions of the small-end bearing in the reciprocating engine are even more severe under extreme conditions, which can cause scuffing in the bushing and oil bore clogging, resulting in fatal accidents [1,2,3].



Because the small-end bearing is exposed to a harsh, high-temperature working environment and limited space in the reciprocating engine, it is difficult to measure and analyze its tribological or kinetic state directly. As a result, friction and wear test rigs have been used to conduct research and verify the friction and wear mechanisms. Therefore, it is of great theoretical significance and practical engineering value to study the lubrication characteristics and simulate the bearing with a friction and wear test rig.



Experimental research is defined as a direct method of analysing a research object, and it also serves as the basis for theoretical analysis. Experimental research is irreplaceable; however, because of the structure of reciprocating engines and their working condition constraints, friction and wear test rigs to simulate small-end bearings have become an alternative in research [4]. Various types of friction and wear test rigs are available for small-end bearings [5,6,7,8,9,10], but their kinematic sub-mechanisms differ from those of small-end bearings, and few studies have been conducted on small-end bearing test rigs. The current connecting rod–small-end bearing test rig mainly simulates the reciprocating motion of the piston in operation through a driven motor, providing a defined reciprocating motion to the tested part, whereas the pumping lubrication effect is simulated by a load applied to the piston pin via a hydraulic system. A swing piston pin and two loadable metal half-rings were designed by Etsion et al. [5] to simulate the oscillation of the piston pin relative to the bushing, and the load was imposed by the bushing. The test rig was used to measure parameters such as the rotation speed, loading pressure, and friction torque during the experiment. Liu et al. [2,6] developed a bushing structure based on this concept and analyzed the effects of various parameters on the increase in friction, temperature, and other characteristics. The motion of the piston pin or bushing in the above test rigs is based on the assumption of an idealized motion while ignoring the fact that in a real engine, the relative motion is determined by uncertain frictional forces, which are determined by the lubrication conditions. Therefore, it is difficult for the current test rigs to accurately reflect the friction state of the piston pin, and these rigs cannot fully reveal the lubrication and kinetic characteristics of the piston pin in real reciprocating engines. The abovementioned studies have not been combined with a multifactor theoretical analysis of EHD lubrication.



As the small-end bearing of the connecting rod falls under the category of journal bearings, the lubrication mechanism of its pair interface follows the hydrodynamic lubrication law. Small-end bearings can withstand a large load impact and large elastic deformation while exhibiting a low linear velocity during operation compared with large-end bearings or main bearings. These characteristics have a significant impact on hydrodynamic lubrication and asperity contact; therefore, they must be considered during the calculation and analysis. After Patir and Cheng applied the mean Reynolds equation to lubrication analysis, a number of theoretical studies considered the microscopic morphology between the two surfaces, the gap and influence of the lubricant [11,12], and the lubricant viscosity–pressure and viscosity–temperature effects [12,13,14], which improved the accuracy of the calculations. Ba [15] conducted an analysis of piston pin multi-body dynamics and examined the effects of different models on the calculations of lubrication characteristics, as well as the effects of piston pin stiffness and pin boss shape on lubrication characteristics. Using a small-end bearing EHD model, Chen et al. [16] compared and analyzed the effect of oil film lubrication on stress distribution to establish the importance of considering oil film lubrication in mechanical analysis. Fang et al. [17] established a multi-body dynamics model coupled with the EHD property of fully floating piston pin bearings to reveal the mechanism of friction reduction and scuffing resistance of these bearings. Furthermore, various studies have been conducted by different researchers regarding the factors affecting lubrication characteristics. Ravn et al. [18] analyzed small-end bearing clearance as a key parameter in multi-body dynamics modeling and lubrication performance analysis. Pioli et al. [19] demonstrated that the clearance between the piston pin and bushing must be considered when analyzing the reliability of connecting rods and generated a normalized parameter that includes the initial clearance and geometry to predict the peak stress within the pin boss. The effect of surface micromorphology on the Stribeck curve was examined by Galda et al. [20] to improve the lubrication and tribological characteristics of the small-end bearing by controlling the surface properties. Zhang et al. [21] developed a multi-body dynamics model of a small-end bearing considering the EHD characteristics and examined the effect of speed variation on the MOFT and friction power. Zhang et al. [22] established an EHD calculation model using the multi-body dynamics calculation method and conducted a multi-parameter sensitivity analysis to determine the main influencing factors of small=end bearings for certain types of engines. Cao et al. [23] conducted a piston pin parameter optimization analysis based on an EHD simulation with MOFT as the evaluation parameter. Bertocchi et al. [24] conducted a small-end bearing lubrication performance analysis of an engine connecting rod, and the results indicated that the small end of the connecting rod was primarily lubricated by the pumping effect of the oil film squeezed by the loaded piston pin. Based on a large number of studies, the clearance, roughness, and speed of the journal bearing are the primary parameters that influence the lubrication performance of the bearing [25,26,27,28,29,30,31,32,33]. Multiple factors must be considered when designing or analyzing. While the above studies provide a detailed analysis of the journal bearing, including the small-end bearing, from a theoretical point of view, direct experimental studies are still needed to verify the accuracy of the calculation models. In addition, a wide variety of factors influence the lubrication characteristics of the piston pins. However, in the aforementioned studies, only a few parameters were examined for journal bearings, and fewer factors were examined for the lubrication performance of small-end bearings. It is important to realize that there are several piston pin lubrication evaluation indices and influencing factors, and if a sensitivity analysis is conducted for a variety of evaluation indices and influencing factors, the number of calculations becomes huge, which consumes a considerable amount of time and resources.



To address the shortcomings of the current test rig, a new type of connecting rod small-end bearing test rig (hereinafter referred to as the test rig) was developed in this study. To simulate the motion of the piston pin in a real engine, the piston was constrained by a guide rail, which eliminated the spatial constraints of the combustion chamber and cylinder liner. The harsh operating conditions created by high-temperature gases can be eliminated using a spring to simulate the force of the cylinder pressure. The test rig eliminates the shortcomings of current rigs, in which the piston pin movement and lubrication conditions are predefined, which is different from a real engine. By adjusting the oil supply condition of the piston pin at the small end of the connecting rod and measuring the orbital path of the piston pin relative to the small-end bushing, an accurate understanding of the tribological and dynamic state parameters of the piston pin is possible.



To address the shortcomings of the simulation analysis, the accuracy of the multi-body dynamic model was verified through experimentation. Using orthogonal experimental requirements, the bearing lubrication and dynamics were evaluated for multiple parameters and influencing factors. To determine the relationship of each factor on different lubrication characteristic indices of small-end bearings, the calculation results of different evaluation indices were subjected to the range analysis method. Furthermore, the main influencing factors were analyzed to obtain the law of influence of the main influencing factors on the lubrication characteristics of small-end bearings.



The rest of this paper is organized as follows: Section 2 introduces two lubrication mechanisms for journal bearings and the computational model for frictional force. Section 3 presents a multi-body system dynamics model based on a test rig. In Section 4, the simulation results of the orthogonal experimental method are presented. Finally, Section 5 summarizes the findings of this study.




2. Basic Theory


2.1. Hydraulic Lubrication Model


The effect of roughness on the Reynolds equation is not negligible for two rough surfaces in the presence of a lubricant when the gap between the interfaces is of the same magnitude as the integrated roughness of the two surfaces. This effect is primarily reflected by the flow factors in the average Reynolds equation, as follows:


   ∂  ∂ x      Φ x   h 3    ∂ p   ∂ x     +  ∂  ∂ y      Φ y   h 3    ∂ p   ∂ x     = 6 η u     ∂    h ¯   T    ∂ x   + σ   ∂  Φ s    ∂ x     + 12 η   ∂    h ¯   T    ∂ t    



(1)




where Φx and Φy are the pressure flow factors in x and y directions, respectively; Φs is the shear flow factor; σ is the integrated roughness between the two surfaces;   η   is the viscosity of the lubricant; p is the oil pressure; u is the linear velocity of the journal with respect to the bushing;      h ¯   T    is the average value of the actual oil film thickness; h is the nominal oil film thickness; and t is the time.




2.2. Asperity Contact Model


The load is shared by the lubricant oil film and asperities. Asperity interactions occur when the actual oil film thickness is sufficiently small. According to the Greenwood–Tripp rough contact theory [34], the asperity contact pressure and actual contact area are given by Equations (2) and (3), respectively:


   p a  =     16  2    15     π     ψ β σ    2   E ′     σ β    A  F   5 / 2     H   



(2)






   A c  =  π 2      ψ β σ    2  A  F 2   H   



(3)






   F  5 / 2    H  = {     2.1399 ×   10   − 4   { 3.804 ln   4 − H   + 1.34   [ ln   4 − H   ]  2  }     H ≤ 3.5       1.12 ×   10   − 4     ( 4 − H )   1.9447       3.5 < H ≤ 4      0    H > 4      



(4)






   F 2   H  = {     1.705 ×   10   − 4   { 4.504 ln   4 − H   + 1.37   [ ln   4 − H   ]  2  }     H ≤ 3.5       8.8123 ×   10   − 5     ( 4 − H )   2.15       3.5 < H ≤ 4      0    H > 4     .    



(5)




where   ψ   is the asperity density, β is the height or radius of asperity, E′ is the integrated Young’s modulus, A is the nominal contact area, and H is the film thickness ratio, which is calculated using Equation (6).


  H = h / σ  



(6)








2.3. Friction Power


In the mixed-lubrication regime, hydrodynamic lubrication effects had a significant impact on the friction coefficients. The total friction coefficient    μ a    is determined by combining the body contact friction coefficient    μ  s o l i d     with the microscopic EHD friction coefficient    μ  E H L    , which is expressed as follows:


   μ a  =  μ  s o l i d   +  μ  E H L   =  μ 0  ⋅  e  −   b /  L N      + c ⋅  γ c  ⋅  L N  ⋅ ( 1 −  e  −   b /  L N      )  



(7)




where    μ 0    is the Coulomb friction coefficient; b and c are empirical values, taken as 10,000 and 100, respectively;    L N    is the Sommerfeld number; and    γ c    is the asperity contact ratio [35].



Because the load is shared by the lubricant and asperities on the surfaces, friction power is also generated by the hydrodynamic shear stress    τ f    amid the fluid and the contact shear stress    τ a    from the metal-metal contact, which is calculated as follows:


   τ h  = η   ∂ u   ∂ h    



(8)






   τ a  =  p a  ⋅  μ a   



(9)







The total friction power is generated by the asperity contact shear stress and fluid shear stress in area A of the bearing bushing, as expressed by Equation (10).


   P f  = u     ∫ ∫  A   (  τ h  +  τ a  )    d x dy  



(10)









3. Establishment of the Test Rig Calculation Model


3.1. Introduction of the Test Rig


The test rig consists of a power drive module, a test module, a loading module, and a lubricant supply system. Its structure is shown in Figure 1. Through the sprocket mechanism, the crankshaft rotates at a constant speed, and the crank linkage mechanism converts the rotation of the crankshaft into the reciprocating motion of the piston. The loading module consists of an adjusting handwheel and several springs. To simulate the actual working conditions of the piston linkage mechanism, the springs were compressed as the piston reciprocated along the guide rail. Under the rated operating conditions, the peak spring load was 80 kN. The test rig was equipped with a lubricant supply system, and the oil supply line to the small-end bushing ensured that the oil supply flow to the small-end bushing was adjustable during the experiment.



The test module contained a piston, a piston pin, a connecting rod, and an orbital path-measuring device. Two eddy current displacement sensor probes were mounted on the same plane of the connecting rod bushing at a 90-degree angle, and the orbital path of the piston pin was measured relative to the connecting rod bushing. Figure 2 illustrates the test module structure, and Table 1 lists the structural parameters of the test rig.




3.2. Establishment of the Dynamic Model


3.2.1. Model Condensation


The finite element method (FEM) model of the test rig primarily includes the piston body, the connecting rod (including bushings at both the small and big ends), the crank pin, and the piston pin. Geometric features such as receding grooves, oil supply channels, and bores on journals or bushings, chamfers, and rounded corners on each structure were ignored in the geometric model, which has less influence on the dynamic characteristics, and material properties were assigned to each part after meshing was completed.



To improve the calculation efficiency, the free interface substructure method (Craig–Chang method) was used to determine the lubrication characteristics by solving the mean Reynolds equation. The FEM and condensed model comparisons of the piston, the piston pin, the connecting rod and the crank throw are presented in Table 2. The numbers of elements of the piston, connecting rod and piston pin are 167,734, 79,369, and 736,592, respectively. The retained DOFs of the condensed model are 4023, 2163, and 138, respectively. The damping of the parts was obtained according to the empirical value of the damping ratio in Rayleigh damping.




3.2.2. Dynamics Model


Figure 3 illustrates the multi-body dynamics model for the test rig built using AVL EXCITE, which primarily comprises a piston, a piston pin, a connecting rod, and a crank throw, with the following main joints: (1) a joint between the piston and the guide rail to prevent the piston from moving laterally, simulating the horizontal constraint of the guide rail; (2) the EHD joints are established between the piston pin’s middle and the connecting rod bushing at the small end of the connecting rod to simulate the effect of the small-end bearing; (3) the two ends of the piston pin and the nodes of the inner surface of the piston pin boss are established separately as the EHD joint to simulate the effect of the piston pin boss; and (4) a nonlinear spring bearing joint is established between the big end of the connecting rod and the crank throw to simulate the constraint of the crank pin on the big end of the connecting rod.



Using the aforementioned condensed model, the load shown in Figure 4 is applied to the top of the piston. Because the profiles of the main joint (bushing surface and pin boss on both sides) were deformed to some extent after the running-in process of the test rig, the profiles (piston pin boss and small-end bushing) were used as the profile patch to obtain the complete multi-body dynamics model (Figure 5).




3.2.3. Analysis Process


The EHD calculation of the piston pin bearing based on the dynamic substructure method requires coupling of the energy, mean Reynolds, elastic displacement, and load balance equations. The energy and elastic displacement equations were solved using the FEM, whereas the mean Reynolds equation was solved using the finite difference method. The difference mesh was determined by the main degree-of-freedom (DOF) node of the condensed model of the inner surface of the bearing bushings. In the calculation process, the oil film pressure (including the contact pressure generated by the asperity contact) was obtained by solving the average Reynolds equation and then substituting it into the elastic displacement equation to obtain the elastic displacement and oil film thickness of each node and iterating until convergence. Using this coupled solution method, the deformation of the journals and bearing bushings was fully considered, and the analysis flow is shown in Figure 6.






4. Orthogonal Experiment Analysis


4.1. Model Validation and Orthogonal Experiment Analysis


A simulation analysis was carried out on the test rig. Table 3 lists the lubrication parameters of the original machine under the test conditions.



Figure 7 illustrates the orbital paths of the experiment and the dynamics simulation. As shown in the figure, the load on the bushing of the connecting rod’s small end is mainly concentrated in the lower part, and the piston pin orbital path is also located in the lower part.



The correlation coefficient is used to evaluate the similarity between the measured and calculated orbital paths and are calculated as follows:


  r    Z 1  ,  Z 2    =   C o v    Z 1  ,  Z 2        V a r    Z 1    V a r    Z 2         



(11)






   Z 1  =    x 1 2  +  y 1 2     



(12)






   Z 2  =    x 2 2  +  y 2 2     



(13)




where Cov(Z1, Z2) is the covariance of Z1 and Z2; Var(Z) is the variance of Z; x, y represent the horizontal and vertical coordinates of the two orbital paths, respectively; and the correlation between the measured and calculated orbital paths is 0.81. Because the orbital path mounting base is fixed to the small end of the connecting rod, there are evident macro-movements and impacts of the connecting rod during the operation. The micro-amplitude vibration of the base is inevitable, resulting in an error in the measurement of the orbital path. It should be noted that, in general, the two paths exhibit a strong correlation, which confirms the accuracy of the calculation model.



Figure 8 illustrates the friction power from the small-end bearing and piston pin boss on both sides. As shown in the figure, the friction power generated by the small-end bearing is much greater than that generated by the piston pin boss. Figure 9 illustrates the distribution of the total oil film pressure in the three bearings at maximum pressure, where the oil film pressure from the two pin bosses is on the upper bushing near the small end of the connecting rod, and the oil film pressure of the small-end bushing on both sides is on the lower part of the bushing.



In accordance with the previous section, the tribological characteristics of the bushing have the greatest impact on the performance of the entire machine, and only the lubrication performance of the bushing is analyzed in later sections. Based on the analysis of the piston pin lubrication characteristics, the final evaluation indexes were MOFT, maximum friction power, and MOFP. Research findings indicate that the influencing factors are A (oil temperature), B (oil supply pressure), C (surface roughness of bushing), D (surface roughness of journal), E (bearing clearance), and F (engine speed). There is a great deal of importance in determining the test level because if the amplitude of the level is too narrow, the results may not represent the expected result, whereas if the amplitude is too wide, the results may not be representative of the criteria. In this study, the level values are selected uniformly within the level range of the internal quantitative factors based on relevant research findings combined with engineering reality.



According to the design requirements of the orthogonal experiment,     L    m N    (  m k  )  , m = 3, k = 6, and N = 3, where L represents the orthogonal table, m indicates the number of factor levels, k is the experimental influence factor, and mN indicates the number of times the test is conducted. An orthogonal experimental design reduces the number of experiments that would otherwise be conducted from 36 to 27, thereby improving the efficiency of the study. Table 4 lists the influencing factors of the orthogonal experiment, and 6 factors with three levels were considered. Table 5 presents the simulation results of the orthogonal experiment. Figure 10 illustrates the comparison of the influence of each factor and its level on the evaluation indices based on the simulation results of the orthogonal method.



A range analysis method was used to assess the size of the effect of each factor on the evaluation indices, and the range was calculated using Equation (14).


  R = max    h 1  ,  h 2  ,  h 3    − min    h 1  ,  h 2  ,  h 3     



(14)




where   max    h 1  ,  h 2  ,  h 3      is the maximum value of the average MOFT, average friction power, and MOFP in the corresponding graph, and   min    h 1  ,  h 2  ,  h 3      is the minimum value of the average MOFT, average friction power, and MOFP in the corresponding graph. The larger the range, the greater the influence of the factor on the evaluation index.



This comparison indicates that the factors that influence MOFT from weak to strong are E (clearance), F (engine speed), C (bushing surface roughness), A (lubricant temperature), D (piston pin surface roughness), and B (oil supply pressure). From weak to strong, friction power is influenced by E (clearance), D (piston pin surface roughness), C (bushing surface roughness), A (lubricant temperature), F (engine speed), and B (oil supply pressure). The factors that influence the MOFP from weak to strong are E (clearance), C (bushing surface roughness), F (engine speed), B (oil supply pressure), A (lubricant temperature), and D (piston-pin surface roughness).



According to the above conclusions, to increase the analysis efficiency, clearance, bushing roughness, and engine speed were chosen as the influencing factors, and a suitable range of variables was chosen based on the engineering reality to further analyze the influence law of the main influencing factors on lubrication performance.




4.2. Influence of Clearance


The clearance is one of the most important factors affecting the bearing lubrication performance. Its empirical value is approximately one-thousandth of the bearing diameter. To consider the influence of different lubrication states as much as possible in the calculation, the bearing clearance was set as 0.02 mm, 0.04 mm, 0.06 mm, 0.08 mm, and 0.1 mm. We then calculated rough contact load ratios, minimum oil film thicknesses, and film thickness ratios under different bearing clearances and the trend of frictional power consumption with increasing clearances.



Figure 11 illustrates the change in asperity contact load percentage over one cycle under different clearance conditions. Considering the orbital path (Figure 7) and the oil film pressure distribution at maximum pressure (Figure 9), it can be seen that the piston pin load on the bushing is primarily concentrated at 180 °CA, corresponding to the orbital path close to the lower part of the bushing. Owing to its elasticity as well as the forces of the bushing and pin boss, the piston pin is bent, which results in asperity contact being primarily concentrated around the two bushing edges. As the clearance increases, the mean and maximum values of the asperity contact ratio decrease. This indicates that increasing the clearance within a certain range increased the overall hydrodynamic lubrication ratio.



Figure 12 illustrates the MOFT trend during one cycle under different clearance conditions. According to the figure, MOFT decreases as the clearance increases, and the corresponding film thickness ratios are all considerably less than 3. This is because the MOFT is primarily concentrated at the maximum pressure moment and the lower part of the bushing on both sides, and its lubrication state is mainly subject to load and piston pin structure stiffness constraints. In conjunction with an increase in the clearance, the load-bearing capacity of the oil film decreased, thereby lowering the minimum thickness of the oil film at this location.



Figure 13 illustrates the trends of the friction power in one cycle under different clearance conditions. The friction power generated by hydrodynamic lubrication increased as the clearance increased, as shown in Figure 13a. This is mainly due to the increase in the hydrodynamic lubrication area with increasing clearance, as well as the increase in oil film thickness, which results in an increase in frictional power resulting from the oil film shear stress. When the spring does not work, the rough contact frictional power consumption decreases as the gap increases; however, at other moments, as the clearance increases, the MOFT decreases and the local friction coefficient increases, whereas the asperity contact area decreases, resulting in the friction power generated by the contact first increasing and then decreasing, as shown in Figure 13b. The main friction power of this model originates from hydrodynamic lubrication, and the increase in clearance corresponds to an increase in hydrodynamic lubrication throughout the cycle, whereas the rough contact frictional power consumption does not change significantly. Therefore, a comprehensive consideration of the MOFT friction power should ensure that the small-end bearing clearance is between 0.02 and 0.04 mm.




4.3. Influence of Roughness


The roughness of the bushing surface had a significant influence on the average Reynolds equation coefficient. It is recommended that the connecting rod bushing surface roughness not exceed 0.63, in accordance with the applicable standards. Meanwhile, to consider the influence of extreme working conditions, the range of bushing surface roughness was set to 0.1~0.9. Different bushing surface roughnesses were evaluated for their influence on asperity contact percentage, MOFT, film thickness ratios, and friction power consumption.



Figure 14 illustrates the trend of asperity contact percentage variation in one cycle under different bushing roughnesses, and Figure 15 shows the trend of the MOFT and film thickness ratio change in one cycle under different roughness conditions. As the roughness increased, the asperity contact ratio and average oil film thickness increased, whereas MOFT did not change significantly. The increase in roughness led to a slight increase in the average film thickness ratio; however, the minimum film thickness ratio showed a decreasing trend. When viewed in conjunction with the minimum oil film thickness ratio analysis, it can be seen that an increase in roughness raises the rough contact area at the maximum pressure crank angle but improves the flow of lubricant at other times. Because of the wedge effect, the average value of MOFT increased, but the increment in the film thickness ratio was slight, and the overall lubrication state changed slightly.



Figure 16 shows the variation in the friction power in one cycle under different bushing roughness conditions. Based on the comparison, it can be concluded that as the roughness increases, the MOFT increases, as does its bearing capacity. As the roughness increased, the asperity contact percentage increased, whereas the film thickness ratio remained almost the same, resulting in an increase in the power associated with the asperity friction generated by the piston pin bushing during spring compression.



From the above analysis, it is evident that increasing the roughness within a specific range can improve the oil film carrying capacity but will not significantly improve the lubrication condition of the small-end bearing and, at the same time, will increase the friction power generated by the asperity contact. Accordingly, a small-end bushing should be designed with a suitable surface roughness based on the engine load and design requirements.




4.4. Influence of Rotational Speed


The rotational speed has a significant impact on the lubrication performance. Figure 17 shows the rotational speeds of the bushing and piston pin at different crankshaft speeds. As shown in the figure, the piston pin rotational speed increases with an increase in the crankshaft speed. As the piston moved upward, the bushing decelerated forward and reached the maximum speed when the crank pin was turned 90°. The rotation of the piston pin is driven by the bushing, and its speed gradually accelerates from the still state at the bottom dead center (BDC) and reaches the maximum speed near the midpoint of the stroke. It then decelerates and rests at the top dead center (TDC). During the upward motion of the piston, the piston pin was driven by a bushing to reverse its rotation. The piston pin gradually accelerated and reached its maximum near the middle of the stroke, then decelerated and returned to the BDC. Compared with the rotation speed of the bushing, the piston pin rotation speed was much slower, and there was consistent relative sliding between the two movements.



Figure 18 and Figure 19 show the MOFT and asperity contact percentage, respectively, at different rotational speeds. When the piston approaches the TDC at each speed, the oil film thickness is the smallest, and the asperity contact percentage is the highest. As the rotational speed increased, the MOFT increased, and the asperity contact percentage decreased. Based on Figure 17, it can be seen that this is mainly due to the increase in rotational speed, which results in a greater difference in rotational speed between the piston pin and bushing, making it more favorable for the oil film to form between the two surfaces, resulting in more hydrodynamic lubrication and a reduced roughness contact rate.



Figure 20 shows the friction power generated in the asperity contact and hydrodynamic lubrication at different speeds. It can be observed from the figure that the friction power generated in the asperity contact and hydrodynamic lubrication increases with increasing speed. Compared with hydrodynamic lubrication, the friction power generated by the asperity surface contact increases significantly with an increase in speed.



In combination with the MOFT change curve, with an increase in engine rotation speed, the oil film thickness also increases slightly; thus, the hydrodynamic lubrication and asperity contact friction coefficient are relatively unchanged. Because the asperity contact has a higher friction coefficient than hydrodynamic lubrication, the friction power of the asperity contact increases more significantly with increasing rotating speed.



The oil film thickness increased at a higher rotation speed, which enhanced lubrication conditions. Additionally, the relative rotational speed of the piston pin and bushing increased, resulting in a significant increase in friction power. As a result, the piston pin and bushing rotational speeds should be balanced during the design process to maximize lubrication while minimizing friction power.





5. Conclusions


In this paper, a new single-cylinder-based connecting rod small-end friction test rig was proposed, and a coupled tribology multi-body dynamics model of the test rig was established and validated by experimental data. Based on the orthogonal experiment, the main factors affecting the lubrication performance of the connecting rod small-end bearing were obtained, and the structural sensitivity analysis of the main factors was carried out. The analysis found that an increase in the clearance will increase the hydrodynamic lubrication percentage while reducing the local MOFT; an increase in the roughness will increase the rough contact percentage and bearing capacity, but the minimum film thickness ratio will decrease. An increase in the rotation speed will significantly increase the asperity contact friction power, but the lubrication state will be improved at the same time. The research results can be used for the design of connecting rod small-end bearings to improve their mechanical efficiency and reliability. The future development of this study is to increase the measurement parameters of the test rig and the influence of temperature on the profiles of EHD joints and the properties of lubricants.
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Figure 1. Structure of the test rig. 






Figure 1. Structure of the test rig.
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Figure 2. Structure of the test module. 
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Figure 3. Dynamic model of the test rig. 
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Figure 4. Full load spring force. 
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Figure 5. (a) Profiles in left piston pin boss. (b) Profiles in right piston pin boss. (c) Profiles in small-end bushing. 
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Figure 6. Piston pin dynamics analysis. 






Figure 6. Piston pin dynamics analysis.
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Figure 7. Comparison of the experimental and calculated orbital paths. 
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Figure 8. Friction power of bushing and piston pin boss. 
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Figure 9. (a) Oil film pressure distribution in left piston pin boss. (b) Oil film pressure distribution in small-end bushing. (c) Oil film pressure distribution in right piston pin boss. 
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Figure 10. (a) MOFT at different factors and levels. (b) Friction power at different factors and levels. (c) MOFP at different factors and levels. 
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Figure 11. Asperity contact load ratio at different clearances. 
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Figure 12. MOFT at different clearances. 
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Figure 13. (a) Hydrodynamics lubrication friction power at different clearances. (b) Asperity contact friction power at different clearances. 
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Figure 14. Asperity contact percentage in different bushing roughnesses. 
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Figure 15. (a) Bushing roughness influences MOFT. (b) Bushing roughness influences minimum oil film thickness ratio. 
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Figure 16. (a) Hydrodynamic lubrication friction power in different bushing roughnesses. (b) Asperity contact friction power in different bushing roughnesses. 
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Figure 17. (a) Engine speed influences bushing rotation speed. (b) Engine speed influences piston pin rotation speed. 
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Figure 18. MOFT in different rotation speed. 






Figure 18. MOFT in different rotation speed.



[image: Applsci 13 03756 g018]







[image: Applsci 13 03756 g019 550] 





Figure 19. Asperity contact percentage. 
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Figure 20. (a) Hydrodynamic lubrication friction power under different engine speeds. (b) Asperity contact friction power under different engine speeds. 
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Table 1. Structural parameters of the test rig.
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	Parameters
	Value





	Maximum crankshaft speed
	300 r/min−1



	Stroke
	96 mm



	Maximum swing angle
	±19.45°



	Maximum load
	80 kN



	Load duration angle
	90~150°



	Lubricant supply volume
	50~260 mL/min−1
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Table 2. FEM and condensed models of main components.
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	Parts
	FEM Model
	Condensed Model





	Piston
	[image: Applsci 13 03756 i001]
	[image: Applsci 13 03756 i002]



	Piston Pin
	[image: Applsci 13 03756 i003]
	[image: Applsci 13 03756 i004]



	Connecting Rod
	[image: Applsci 13 03756 i005]
	[image: Applsci 13 03756 i006]



	Crank Throw
	[image: Applsci 13 03756 i007]
	[image: Applsci 13 03756 i008]
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Table 3. Lubrication parameters of the test rig.
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	Parameters
	Value





	Bushing diameter
	30 mm



	Bearing clearance
	20 μm



	Oil temperature
	75 °C



	Roughness of journal
	0.4 μm



	Roughness of bushing
	0.4 μm
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Table 4. Orthogonal experiment table.
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	Factors
	Level 1
	Level 2
	Level 3





	Oil temperature A/°C
	100
	80
	60



	Oil supply pressure B/bar
	12
	8
	4



	Bushing roughness C/μm
	1
	0.6
	0.2



	Piston pin roughness D/μm
	1
	0.6
	0.2



	Bearing clearance E/μm
	20
	15
	10



	Rotational speed F/(r·min−1)
	500
	1000
	1500
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Table 5. Simulation results based on orthogonal experiment.
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NO.

	
Factor Level

	
MOFT/μm

	
Friction Power/W

	
MOFP/MPa




	
A

	
B

	
C

	
D

	
E

	
F






	
1

	
1

	
1

	
1

	
1

	
1

	
1

	
0.23

	
179.19

	
399.27




	
2

	
1

	
1

	
1

	
1

	
2

	
2

	
0.34

	
78.90

	
235.17




	
3

	
1

	
1

	
1

	
1

	
3

	
3

	
0.54

	
35.46

	
126.70




	
4

	
1

	
2

	
2

	
2

	
1

	
1

	
0.06

	
117.31

	
297.78




	
5

	
1

	
2

	
2

	
2

	
2

	
2

	
0.17

	
58.95

	
175.67




	
6

	
1

	
2

	
2

	
2

	
3

	
3

	
0.35

	
25.55

	
83.53




	
7

	
1

	
3

	
3

	
3

	
1

	
1

	
0.04

	
51.44

	
125.35




	
8

	
1

	
3

	
3

	
3

	
2

	
2

	
0.10

	
25.08

	
62.89




	
9

	
1

	
3

	
3

	
3

	
3

	
3

	
0.18

	
4.60

	
14.90




	
10

	
2

	
1

	
2

	
3

	
1

	
2

	
0.04

	
98.10

	
196.71




	
11

	
2

	
1

	
2

	
3

	
2

	
3

	
0.05

	
38.53

	
91.98




	
12

	
2

	
1

	
2

	
3

	
3

	
1

	
0.58

	
8.88

	
26.63




	
13

	
2

	
2

	
3

	
1

	
1

	
2

	
0.01

	
76.31

	
208.46




	
14

	
2

	
2

	
3

	
1

	
2

	
3

	
0.09

	
32.80

	
106.52




	
15

	
2

	
2

	
3

	
1

	
3

	
1

	
0.75

	
33.81

	
86.15




	
16

	
2

	
3

	
1

	
2

	
1

	
2

	
0.07

	
66.71

	
225.94




	
17

	
2

	
3

	
1

	
2

	
2

	
3

	
0.17

	
33.95

	
122.95




	
18

	
2

	
3

	
1

	
2

	
3

	
1

	
0.82

	
41.02

	
107.88




	
19

	
3

	
1

	
3

	
2

	
1

	
3

	
0.01

	
50.71

	
95.91




	
20

	
3

	
1

	
3

	
2

	
2

	
1

	
0.40

	
33.44

	
68.09




	
21

	
3

	
1

	
3

	
2

	
3

	
2

	
0.64

	
3.97

	
12.96




	
22

	
3

	
2

	
1

	
3

	
1

	
3

	
0.06

	
38.30

	
107.31




	
23

	
3

	
2

	
1

	
3

	
2

	
1

	
0.46

	
50.75

	
126.91




	
24

	
3

	
2

	
1

	
3

	
3

	
2

	
0.81

	
15.58

	
42.62




	
25

	
3

	
3

	
2

	
1

	
1

	
3

	
0.03

	
32.92

	
113.90




	
26

	
3

	
3

	
2

	
1

	
2

	
1

	
0.55

	
59.97

	
157.42




	
27

	
3

	
3

	
2

	
1

	
3

	
2

	
0.89

	
21.13

	
57.40
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