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Abstract

:

In order to improve fuel economy, the number of gears in the hydraulic automatic transmission of heavy-duty mining trucks is continuously increasing. Compared with single-transition shifts, double-transition shifts can optimize the structure of multi-speed transmissions, but the difficulty of control will also increase. In this paper, a dynamic model of a 6 + 2 speed automatic transmission and vehicle powertrain system are built based on the Lagrange method, and the dynamic analysis of the two sets of clutches that make up the double-transition shift are carried out. Since a simulation model of the double-transition shift process is built-in MATLAB/Simulink, the shift jerk and clutch energy loss are used as multi-objective, and the genetic algorithm is used to optimize the simulation. Five strategies for the overlapping time of the clutches are proposed, and simulation experiments and Pareto optimal analysis are carried out, respectively. The simulation results show that the non-overlapping of the two sets of clutch inertia phases in the double-transition shift can effectively reduce the shift jerk. The overlapping of the torque phase and the inertia phase of the other clutch set can control the clutch energy loss at a low level due to using less shift time.
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1. Introduction


Since the need for the market and regulations to improve the fuel economy and smoothness of heavy-duty mining trucks, increasing the number of the forward gears is the trend of developing the new high-power hydraulic automatic transmission (AT) [1,2,3]. The single-transition shift (STS, that is, one clutch is going to engage while the other clutch needs to be disengaged) can no longer meet the designing requirements of a higher number of gears and more reasonable gear ratio distribution within a limited space [4]. Double-transition shift (DTS) is a dual single-transition shift process, which requires multiple clutches (typically four) for precisely coordinated control. If any clutch is not precisely controlled, power interruption or conflict may happen, and the shift quality will deteriorate [5,6]. The DTS involving more clutch elements is more complicated than the STS of traditional transmission, which poses a higher challenge to the AT control system of heavy-duty mining trucks [7].



In order to improve the AT shift quality, the researchers used different modeling and optimization methods to study the clutch-to-clutch control system [8,9,10,11,12]. Ranogajec et al. [13,14] used the bond graph method to analyze the dynamics of a shift process for a ten-speed automatic transmission, and they proposed a solution by using an extra clutch to compensate the output torque, so as to assist the gear shift and suppress the excessive impact of the inertial phase. Zhao and Li [15] adopted subspace identification to describe the predictive equations of single-transition shift and then used the model predictive control method to optimize the shifting quality. In the research of the nonlinear dynamic characteristics of the wet clutch, a clutch pressure controller based on sliding mode control was designed to ensure a smooth clutch-to-clutch shift by Song and Sun [16]. Meng et al. [17] focused on the analysis of an AT electro-hydraulic control system and proposed a two-degree-of-freedom proportional-integral-derivative control optimization method to ensure that the clutch relative speed difference follows the preset trajectory curve by adjusting the proportional solenoid valve duty cycle. To achieve the balance among the sportiness, comfort, and robustness during the shift, the multi-objective genetic algorithm was used to get Pareto-optimal frontier by Wurm and Bestle [18].



Compared with the aforementioned large amount of literature on STS, there are few studies on the double-transition shift. Wu and Hebbale [19,20] established a DTS model based on the theory of multi-body dynamics, analyzed the motion state of the components, and proposed a parameter-based control strategy. Ivanović et al. [6,21] studied DTS power downshifts (10-6 gears) and proposed six different additional constraint schemes of clutch torque and speed during shift transients. Through simulation analysis, the simulation results show that the rapid pressure reduction of the two clutches to be disconnected is the optimal control scheme, but the article lacks the research on the overlap time of the two clutch sets.



Therefore, in terms of the AT equipped on heavy-duty mining trucks with DTS, this paper uses the Lagrange method to build the dynamic model of the high-power transmission and the vehicle powertrain system at first. Secondly, the dynamic analysis of the DTS, which is composed of a group of the STS power upshift and a group of downshift, is carried out. Then, five strategies for the overlap time of the two sets of clutches in the DTS are proposed. After the multi-objective genetic algorithm optimization is performed with the shift jerk and the clutch friction loss as the performance indicators, the Pareto optimal result analysis and simulation are performed. Finally, conclusions are drawn.




2. Modeling of DTS


As shown in Figure 1, the AT powertrain system in this paper can be divided into the planetary gear sets model, the clutch pressure control model, the transmission power input model (composed of diesel engine and torque converter), and the power output model (drive axle and vehicle longitudinal dynamics model).



2.1. Modeling of the Planetary Gear Sets Based on the Lagrange Method


Instead of traditional dynamics analysis, the bond graph method, and lever analogy, the Lagrange method does not need to consider the actual gear structure and calculate the interaction force and torque on each element [15,22], so it is a good way to solve complex dynamic equations of planetary gear sets in DTS.



A high-power 6 + 2-speed AT is composed of four planetary gear sets—where   S i  ,   R i  ,   C i  , and   P i   respectively represent the sun gear, ring gear, planet carrier, and planetary gear (  i = 1 ,   2 ,   3 ,   4  )—and six electro-hydraulic actuated clutches (  C S  ,   B S  ,   C H  ,   B M  ,   B L  , and   B R  ). The combined clutch/brake schedule is shown in Table 1. The fourth planetary set and the clutch   B R   are ignored in the following modeling because they only participate in reverse gear.



Based on the velocity relationship of a mesh point, the kinematics equations of each planetary set are


   {     ω  C i    R  S i   −  ω  P i    R  P i   =  ω  S i    R  S i        ω  C i    (   R  S i   + 2  R  P i    )  +  ω  P i    R  P i   =  ω  R i    R  R i       ,  



(1)




where  ω  is the angular velocity of the component and  R  is the radius. Therefore, the planetary gear system has six constraint equations and nine motion parameters, and the system is a three-degree-of-freedom system.    ω  S 1    ,    ω  C 1    , and    ω  C 3     are selected as independent variables to facilitate calculation, and other coordinate parameters can be expressed by these three independent variables as


     [       ω  R 1 S 2 S 3        ω  C 2 R 3        ω  R 2        ω  P 1        ω  P 2        ω  P 3        ]   T  = A    [       ω  S 1        ω  C 1        ω  C 3        ]   T  ,  



(2)




where  A  is the constant coefficient matrix determined by the transmission structure. Since the planetary gears are symmetrically arranged, the potential energy change is considered to be zero    E p  = 0  . Thus, the total energy of the system  E  can be regarded as the sum of the kinetic energy    E k   .


  E =  E p  +  E k  =  E k  ,  



(3)







Each component kinetic energy  κ  can be expressed as


   E k  =   ∑  i = 1  3    κ  S i , C i , R i , P i     =   ∑  i = 1  3    1 2   I  S i , C i , R i , P i    ω  S i , C i , R i , P i  2    =  E k   (       ω  S 1        ω  C 1        ω  C 3        )  ,  



(4)




where  I  is the rotational inertia. The Lagrange equation of the system is written as


   {     Q  S 1   =  d  d t    (    ∂ E   ∂  ω  S 1      )  −   ∂ E   ∂  α  S 1          Q  C 1   =  d  d t    (    ∂ E   ∂  ω  C 1      )  −   ∂ E   ∂  α  C 1          Q  C 3   =  d  d t    (    ∂ E   ∂  ω  C 3      )  −   ∂ E   ∂  α  C 3         ,  



(5)




where  Q  is the generalized torque of the system on independent variables. According to the principle of virtual work, the virtual work of the system   δ W   is the sum of the products of the virtual angular displacement   δ α   and each component torque  T .


  δ W =   ∑  i = 1  3    T  S i , C i , R i , P i   δ  α  S i , C i , R i , P i      



(6)







Based on the connection relationship between the clutch and each component from Figure 1, it can be summarized as


     δ W   =  (   T  f , C S   +  T  f , B S   +  A  11    T  f , C H   −  A  31    T  f , C S   +  A  31    T  f , B M   +  A  21    T  f , B L    )  δ  α  S 1        +  (   T  i n   −  T  f , C S   +  A  12    T  f , C H   −  A  32    T  f , C H   +  A  32    T  f , B M   +  A  22    T  f , B L    )  δ  α  C 1        +  (   A  13    T  f , C H   −  A  33    T  f , C H   +  A  33    T  f , B M   +  A  23    T  f , B L   −  T  o u t    )  δ  α  C 3      .  



(7)







From Equation (7),  Q  can be derivate as


   {     Q  S 1   =  T  f , C S   +  T  f , B S   +  A  11    T  f , C H   −  A  31    T  f , C S   +  A  31    T  f , B M   +  A  21    T  f , B L        Q  C 1   =  T  i n   −  T  f , C S   +  A  12    T  f , C H   −  A  32    T  f , C H   +  A  32    T  f , B M   +  A  22    T  f , B L        Q  C 3   =  A  13    T  f , C H   −  A  33    T  f , C H   +  A  33    T  f , B M   +  A  23    T  f , B L   −  T  o u t       .  



(8)







Introducing Equations (4) and (8) into Equation (5), the dynamic equations of the planetary gear sets on the independent variables can be obtained


  D    [        ω ˙   S 1         ω ˙   C 1         ω ˙   C 3        ]   T  = B    [       T  i n        T  f , C S        T  f , B S        T  f , C H        T  f , B M        T  f , B L        T  o u t        ]   T  ,  



(9)




where  D  is a rotational inertia matrix, and  B  is a constant coefficient matrix composed of  A .



According to Equation (2), the angular acceleration relationship of the component can be re-written as


     [        ω ˙   R 1 S 2 S 3         ω ˙   C 2 R 3         ω ˙   R 2        ]   T  = H    [        ω ˙   S 1         ω ˙   C 1         ω ˙   C 3        ]   T  ,  



(10)




where  H  is a constant coefficient matrix composed of  A . The relationship between the clutch relative speed   Δ ω   and the rotation speed of each component is


   [      Δ   ω ˙   C S         Δ   ω ˙   B S         Δ   ω ˙   C H         Δ   ω ˙   B M         Δ   ω ˙   B L        ]  =  [        ω ˙   C 1   −   ω ˙   S 1         −   ω ˙   S 1           ω ˙   R 2   −   ω ˙   R 1 S 2 S 3         −   ω ˙   R 2           ω ˙   C 2 R 3        ]  = K  [        ω ˙   S 1           ω ˙   C 1           ω ˙   C 3           ω ˙   R 1 S 2 S 3           ω ˙   C 2 R 3           ω ˙   R 2        ]  .  



(11)







Therefore, the dynamic equation of the planetary gear sets system can be obtained by combining Equations (9)–(11).


    [      Δ   ω ˙   C S         Δ   ω ˙   B S         Δ   ω ˙   C H         Δ   ω ˙   B M         Δ   ω ˙   B L        ]  = K  [       D  − 1   B       H  D  − 1   B      ]   [       T  i n          T  f , C S          T  f , B S          T  f , C H          T  f , B M          T  f , B L          T  o u t        ]  = M  [       T  i n          T  f , C S          T  f , B S          T  f , C H          T  f , B M          T  f , B L          T  o u t        ]    ,   where M =  [      − 5.2     18.2     13.4     − 5.0     − 1.1     0.5     − 1.4       − 9.4     23.4     32.7     − 3.0     − 0.7     0.3     − 0.8       − 2.0     − 5.0     − 3.0     7.7     3.2     0.6     0.7       0.5     1.1     0.7     − 3.2     − 2.2     − 1.1     0.6       − 0.2     − 0.5     − 0.3     − 0.6     − 1.1     − 0.9     0.8      ]    



(12)








2.2. Modeling of Clutch Friction


The Stribeck friction model, as shown in Figure 2a, is used to describe the dynamics of the clutch friction pair.


   T d  = s i g n  (  Δ ω  )  f ( Δ ω )  S C  R N p ,  



(13)




where   f ( Δ ω ) = 0.06 + 0.04  e  ( − 0.36 Δ ω )     is the friction factor for a copper-based surface,    S C   ,  R ,  N , and  p  are the equivalent area, the equivalent radius, the friction pairs number, and the pressure of clutch, respectively,    T  t p     is the required torque, and   △  ω  t o l     is the threshold of the clutch relative speed. According to the difference in the relative speed of the clutch plate and the friction plate, and the difference in the transmission torque capacity and the required torque, the clutch friction working mode switches among “in motion”, “captured and accelerating”, and “captured and static”, as shown as Figure 2b [23].




2.3. Modeling of the Transmission Input Power


The co-working output characteristics of the diesel engine and the torque converter (TC) determine the input power of the transmission. The output torque of the diesel engine    T E    is related to its rotational speed    ω E    and throttle opening  θ .


   T E   (   ω E  , θ  )  =  T P  +  I P    ω ˙  P  ,  



(14)




where    T P    is the pump torque,    I P    is the equivalent inertia of the turbine, and    ω P    is the pump speed.



Connected to the engine and the transmission input shaft, the torque converter is composed of the pump, the turbine, and the guide wheel. The dimensionless characteristics of the torque converter (including the pump torque coefficient    λ P   , the TC torque ratio    K  T C    , speed ratio    i  T C    , and efficiency    η  T C    ) are used to describe their dynamic equation given by [24]


   {       T P  =  λ P   ρ  T C   g  D  T C     5   ω P 2         T T  =  K  T C    T P         ω T  =  i  T C    ω P         P T  =  T T   ω T  =  η  T C    P P  =  K  T C    i  T C    T P   ω P        ,  



(15)




where    ρ  T C     is the fluid density of the torque converter,    D  T C     is the effective diameter of the torque converter,    T T    is the turbine torque,    ω T    is the turbine speed, and    P T    and    P P    are the power of the turbine and pump.




2.4. Modeling of the Transmission Output Power


The torque output by the AT transmission is finally transmitted to the wheels through the main reducer (speed ratio    i  F D    ). For modeling convenience, the longitudinal vehicle model was simplified, without considering the vehicle’s pitch, yaw, and other motion directions. The AT output torque is described as


   T  o u t   =    I w    ω ˙  w  +  T V     i  F D     ,  



(16)




where    ω w    is the wheel speed and    I w    is the equivalent inertia of wheels. When the heavy-duty mining truck is under non-braking condition, the vehicle longitudinal resistance torque    T V    can be described by


   T V  =  r w   (  M g  f  roll   +    C D   S V    21.15    v V    2  + M g sin α  )  ,  



(17)




where    r w    is the radius of the wheel,  M  is the full load mass,    f  r o l l     is the rolling resistance coefficient,    C D    is the air resistance coefficient,    S V    is the windward area,,    v V    is the vehicle speed, and  α  is the road slope, respectively.





3. Double-Transition Shift Process Analysis


As shown in Table 1, 2–3, 4–5 upshifts, and 3–2, 5–4 downshifts are double-transition shifted. In this paper, we take 2–3 upshift as an example. During this shifting process, the two sets of clutches (one set is   B L   and   B M  , another set is   B S   and   C S  ) act at the same time, where the clutch   B S   and   B L   are disengaged,   C S   and   B M   are engaged gradually, and the state of   C H   does not change. The shifting process of these two sets of clutches will be analyzed separately below.



3.1. BL and BM Power on Upshift Process Analysis


In the first set of clutches,   B L   as the off-going clutch (OFC) and   B M   as the on-coming clutch (ONC) undergo a state transition. This can be seen as the 2–4 single-transition upshift and can be divided into four stages, which are low gear phase, torque phase, inertia phase, and high gear phase.



The low gear phase mainly prepares for the upshift to eliminate the gap between the clutch and the oil circuit. In the high gear phase, the oil pressure continues to increase after   B M   drops to zero speed, so that it has sufficient torque capacity to ensure the clutch in the locked state. There is no torque or speed change in these two stages, and the transmission is in a steady state.



In the torque phase, although the clutch   B L   starts to drain, the actual torque transmitted at this time is less than the maximum torque determined by static friction force. The clutch is still in the “captured and static” mode    T  f , B L   =  T  t p , B L    , and no sliding between the clutch plate    ω  B L   = 0  . At the same time,   B M   starts oil-filled engagement. As the oil pressure rises, this clutch enters the “in motion” mode and transmits friction torque    T  f , B m   =  T  d , B m    (   P  B m   , Δ  ω  B m    )   . When the maximum static friction torque of   B L   is less than its actual required torque, sliding begins, and the torque phase ends. At this stage, the dynamic equation is described as


     0 =  M  21    T  i n   +  M  23    T  t p , B S   +  M  25    T  d , B M   +  M  26    T  t p , B L   +  M  27    T  o u t       0 =  M  51    T  i n   +  M  53    T  t p , B S   +  M  55    T  d , B M   +  M  56    T  t p , B L   +  M  57    T  o u t      .  



(18)







At this moment, it is considered that    T  i n     and    T  t p , B S     are unchanged. When the amount of change in the torque of   B L   and   B M   are the same   Δ  T  t p , B L   = Δ  T  d , B M    , the impact of   B L   on the output torque is greater than   B M   because of the coefficient    |   M  25    |  >  |   M  26    |    in Equation (18). This results in a decrease in the output torque    T  o u t    , which is called the torque hole effect.



In the inertia phase, both   B L   and   B M   are sliding in the “in motion” mode    T  f , B L   =  T  d , B L    (   P  B L   , Δ  ω  B L    )   ,    T  f , B M   =  T  d , B M    (   P  B M   , Δ  ω  B M    )   , and    ω  B L   ≠ 0  . In this process, not only the torque changes, but also the rapid changes in the speed and transmission ratio. The inertial effect is enhanced, and the system is in an unstable state. As the oil pressure of   B M   continues to increase, its relative speed gradually decreases to zero at the end of the inertia phase. In the inertial phase, the dynamic equation is described as


     Δ   ω ˙   B M   =  M  51    T  i n   +  M  53    T  t p , B S   +  M  55    T  d , B M   +  M  56    T  d , B L   +  M  57    T  o u t       Δ   ω ˙   B L   =  M  61    T  i n   +  M  63    T  t p , B S   +  M  65    T  d , B M   +  M  66    T  d , B L   +  M  67    T  o u t      .  



(19)







While   B L   has been disconnected and no longer transmits torque    T  f , B L   = 0  , the required torque of   B M   continues to rise to reduce the input shaft speed to the 4th gear level and lock   B M  . When   B M   is close to zero speed, it enters the “captured and accelerating” mode    T  f , B S   = s i g n  (   T  t p , B S    )   |   T  d , B S    |   . Since the static friction torque is greater than the dynamic friction torque, the output shaft torque rises above the required torque of the fourth gear, which is called the torque bump effect.




3.2. BS and CS Power on Downshift Process Analysis


The state transition of   B S   and   C S   can be regarded as a 2–1 single-transition downshift process. Since the direction of power transmission is different from the upshift, the process is divided into a high gear phase, inertia phase, torque phase, and low gear phase in sequence.



The high gear phase is to continuously reduce the   B S   pressure until it enters the sliding friction state; the low gear phase is to increase the   C S   pressure to keep it locked after the shift is completed. No changes in the clutch torque or speed have been taken in these two stages, and the transmission is in stable states.



While the   B S   speed increases from zero, its torque dropped after the inertia phase begins, which led to the transmission output torque continuing to decrease as the friction torque decreases, resulting in the torque hole effect. At here, the output shaft speed is considered to be constant (due to the large load inertia). The increase in the input shaft speed causes the speed of   C S   to gradually decrease until it reaches zero speed, and the inertia phase ends. According to Equation (12), the inertia phase is described as


     Δ   ω ˙   C S   =  M  11    T  i n   +  M  12    T  d , C S   +  M  13    T  d , B S   +  M  16    T  t p , B L   +  M  17    T  o u t       Δ   ω ˙   B S   =  M  21    T  i n   +  M  22    T  d , C S   +  M  23    T  d , B S   +  M  26    T  t p , B L   +  M  27    T  o u t      .  



(20)







In the torque phase, the speed ratio alternation is completed, and the angular acceleration of each component tends to zero. Similar to Equation (18), the dynamic equation is described as


     0 =  M  11    T  i n   +  M  12    T  t p , C S   +  M  13    T  d , B S   +  M  16    T  t p , B L   +  M  17    T  o u t       0 =  M  51    T  i n   +  M  52    T  t p , C S   +  M  53    T  d , B S   +  M  56    T  t p , B L   +  M  57    T  o u t      .  



(21)







Due to the coefficient    |   M  12    |  >  |   M  13    |    in Equation (21), the increase of   C S   torque occupies a dominant position compared with the effect of the reduction of   B S   on the output shaft torque, so the output torque exceeds the first gear required torque (the torque bump effect). When the torque drops to zero, all the load torque is borne by   C S  , and the torque phase is completed.





4. Multi-Objective Optimization of DTS


The double-transition shift process not only requires appropriate action between each on-coming and off-going clutches, the reasonable allocation of overlapping time between the two sets of clutches is important as well. In this article, we set the group of   B S   and   C S   shift time unchanged, and take the   B L   and   B M   shift time as variables. Five control strategies are proposed to sequentially change the overlap time of the two sets of clutches (summarized in Table 2).



The shift jerk  j  and the clutch friction loss  W  as the performance indicators of the double-transition shift are a pair of paradoxes. The multi-objective function is


   min  J 1  =  1 p     1   t f  −  t 0       ∫   t 0     t f      j 2     d t   ,    min  J 2  =  r q     ∫   t 0     t f      ∑ W     d t ,   



(22)




where  r  is the weight coefficient, and   p = 8   and   q = 40 , 000   are the normalizing coefficients between the two indicators.



The multi-objective genetic algorithm has been used to optimize a nonlinear problem in the vehicle field [25,26]. Especially, non-dominated sorting genetic algorithm II (NSGA-II) is claimed to have better performance compared with the other optimization methods. A flow diagram of NSGA-II is shown in Figure 3, where all the major steps are shown. A detailed analysis of the algorithm can be found in [27].



In this paper, the optimal front-end individual coefficient is set to 0.3, the population density is set to 20, the maximum number of iterations is 50, and the fitness function deviation is 1e−100. The full-loaded flat road of heavy-duty mining trucks is selected as the simulation condition (vehicle mass   m = 72    T   , road slope   α =  0 °   ); then, it changes the weight coefficient  r  in turn to obtain the Pareto optimal frontier, as shown in Figure 4. The Pareto optimal result shows the following: (1) Strategy 1 and Strategy 5 are step by step to complete the transition of the two sets of clutches. The shift time is longer, and it is difficult to reduce the clutch friction loss below 35 KJ. (2) Overlapping both the inertia phase in Strategy 2, the average shift jerk is much higher than other strategies, reaching above   8     m / s  3   . (3) Strategy 3 and Strategy 4 can achieve better shift quality, with similar shift jerk and clutch friction loss. The clutch friction loss in Strategy 3 is slightly lower than that of Strategy 4 by 2 KJ, and the shift jerk is slightly higher by   0.2     m / s  3   .



4.1. Strategy One


Strategy 1 is to convert the   B L   and   B M   first, and then the   B S   and   C S  , which will result in a 2–4–3 gear change that does not match the expected (2–3). The simulation results of Strategy 1 are shown in Figure 5. After the shifting process from   B L   to   B M   is completed, as the transmission reaches 4th gear, the friction torque of   B M   is not enough to support the increasing demand for the output torque. This leads to the torque hole effect    T  o u t   = 303   N m   at 9.55 s (shown in Figure 5a). In order to stabilize the transmission input torque, the input shaft speed inevitably increases, which also aggravates the engine speed flare (Figure 5b at 9.6 s). During this shifting process, the shift jerk produces a wide range of fluctuations   20.8     m / s  3  > j > − 34.3     m / s  3   . Although the transition of   B S   and   C S   are relatively smooth, the entire shift time is longer (1.6 s). The clutches have been slipping for a long time. The clutch friction loss is higher than the expected   W = 41.2   K J   (see Figure 5d).




4.2. Strategy Two


The second strategy is to overlap both the inertia phase of the two sets of clutches after completing the torque phase of the   B L   and   B M  . The inertia phase is a critical period for the clutch speed changing in Equations (18) and (19). Performing two sets of inertia phases in a shorter period causes the transmission to be more unstable. As shown in Figure 6b, at the beginning of the inertial phase (9.6 s), the   B L   rotates in the opposite direction of the target speed, and the   C S   fluctuates around zero speed when it is not locked, which caused torque fluctuations so far as to reverse torque (Figure 6a at 10.05 s). Therefore, there is a large shift jerk in the entire inertial phase. The root mean square of jerk is    j ¯  > 20     m / s  3   , and its peak value is    j  max   = 32.5     m / s  3    at 10.01 s (Figure 6c). In the two torque phases, since each clutch only needs to complete its own torque switching task, the torque fluctuation is not violent. The shift time is controlled at about 1.2 s, and the clutch slip power is   W = 35.0   K J  .




4.3. Strategy Three


The third strategy is to overlap the torque phase of the   B L   and   B M   with the inertia of the   B S   and   C S  , and then complete the inertial phase of the   B L   and   B M   and the torque phase of the   B S   and   C S  . Compared with other strategies, this strategy has the minimum shift time (approximately 1.0 s), so that the clutch energy loss is only   W = 27.1   K J  . The two inertial phases are completed with the torque phase, the clutch is in a relatively flexible state with multiple degrees of freedom, and the relative speed control of the clutch is more stable (see Figure 7b). The torque interruption or conflict generated by the inertial phase can also be absorbed or compensated by the torque changes of another group of clutches in the torque phase. Thus, there are small torque fluctuations only when the clutch is close to zero speed, as shown in Figure 7a at 9.75 s and 10.65 s. The torque hole    T  o u t   = 638   N m   and the torque bump    T  o u t   = 930   N m   of the output shaft are well controlled. The shift jerk is relatively stable, and it mainly occurs when the torque phase and the inertia phase alternate, and the peak value is not large (   j  max   = 14.2     m / s   − 3    ).




4.4. Strategy Four


The fourth strategy completes the inertial phase of the   B S   and   C S   first; then, it overlaps the torque phase, and finally finishes the inertial phase of the   B L   and   B M  . Since the shift time of this strategy is about 1.3 s, and the output shaft torque   Δ  T  o u t   =  325    N m   is stable, the shift jerk    j  max   = 19.4     m / s  3    and clutch energy loss   W = 31.3   K J   can be controlled at a good level (as shown in Figure 8c,d). However, completing the inertial phase of the   B S   and   C S   first leads to a 2–1 downshift of the gear; then, the input shaft speed increases rapidly, and the engine flare is obvious from Equation (22). The speed ratio of the transmission is over the 2-3 gears (Figure 8b    ω  i n   /  ω  o u t   = 3.2  , at 10.1 s). Therefore, after completing the shift, the vehicle speed is lower than that in other strategies.




4.5. Strategy Five


Strategy 5 is the opposite of Strategy 1. The transition of the   B S   and   C S   go first and then the   B L   and   B M  . This will result in a 2–1–3 gear change that does not match the expected (2–3), similar to Strategy 4. Since entering the gear is unreasonable, the rapid increase in the input shaft speed causes serious engine flare, and the speed of transmission components changes drastically (see Figure 9b). During the period of 10.5 to 11.5 s, the large change of the output shaft torque causes the shift jerk to deteriorate   26.4     m / s  3  > j > − 19.3     m / s  3   . The longer shift time (1.9 s) also makes the highest clutch energy loss among the five strategies (  W = 54.9   K J  ), as shown in Figure 9d.



From Strategy 1 to 5, we can see that the non-overlapping of the two sets of clutch inertia phases in the double-transition shift can effectively reduce the shift jerk (Strategy 3 and Strategy 4). The overlapping of the torque phase and the inertia phase of the other clutch set can control the clutch energy loss at a low level due to using less shift time (Strategy 3).





5. Conclusions


	(1)

	
In this paper, the Lagrange method is used to dynamically model the double-transition shift for heavy-duty mining truck automatic transmission. The vehicle powertrain system and the controller based on the multi-objective genetic algorithm are built-in Matlab/Simulink. The dynamic analysis of two sets of clutches for DTS is carried out.




	(2)

	
Obtained in the multi-objective genetic algorithm, the Pareto optimal solution shows that the lowest root mean square of shift jerk and the energy loss of clutches are   4.05     m / s   − 3     and   22.4   K J  , respectively.




	(3)

	
The simulation results of five strategies of double-transition shift show that overlapping the inertia phases of both clutch groups will cause the fluctuation amplitude of the output torque to increase. On the contrary, the shift jerk can be more stable at    j  max   ≤ 14.2      m / s    − 3    , which is reduced by 56.3%, when the inertial phases are not overlapped. The torque phase overlaps with the inertia phase of another group of clutches, effectively reducing the shift time to about 1.1s and thus decreasing the clutch energy loss by 13.4%, which is   W = 27.1   K J  .
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Figure 1. 6 + 2 speed automatic transmission (AT) powertrain system. 
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Figure 2. Stribeck friction model (a) and clutch friction working modes switching according to different transmitted torques and relative speeds of clutch (b). 
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Figure 3. Multi-objective genetic algorithm diagram (non-dominated sorting genetic algorithm II, NSGA-II). 
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Figure 4. Pareto frontiers for five control strategies with a different weighting factor  r  
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Figure 5. Simulation results of 2–3 power-on double-transition upshift for Strategy 1. (a) Output shaft and clutch torque. (b) Clutch speed and speed ratio. (c) The jerk of shift process. (d) The clutch energy loss of shift process. 
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Figure 6. Simulation results of 2–3 power-on double-transition upshifts for Strategy 2. (a) Output shaft and clutch torque. (b) Clutch speed and speed ratio. (c) The jerk of shift process. (d) The clutch energy loss of shift process. 
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Figure 7. Simulation results of 2–3 power-on double-transition upshift for Strategy 3. (a) Output shaft and clutch torque. (b) Clutch speed and speed ratio. (c) The jerk of shift process. (d) The clutch energy loss of shift process. 
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Figure 8. Simulation results of 2–3 power-on double-transition upshift for Strategy 4. (a) Output shaft and clutch torque. (b) Clutch speed and speed ratio. (c) The jerk of shift process. (d) The clutch energy loss of shift process. 
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Figure 9. Simulation results of 2–3 power-on double-transition upshift for Strategy 5. (a) Output shaft and clutch torque. (b) Clutch speed and speed ratio. (c) The jerk of shift process. (d) The clutch energy loss of shift process. 
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Table 1. Combined clutch/brake schedule.
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	Gears
	CS
	BS
	CH
	BM
	BL
	BR
	Gear Ratio





	1
	√
	
	
	
	√
	
	4.00



	2
	
	√
	
	
	√
	
	2.67



	3
	√
	
	
	√
	
	
	2.00



	4
	
	√
	
	√
	
	
	1.33



	5
	√
	
	√
	
	
	
	1.00



	6
	
	√
	√
	
	
	
	0.67



	R1
	√
	
	
	
	
	√
	−5.00



	R2
	
	√
	
	
	
	√
	−3.33
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Table 2. Five control strategies for double-transition shift (DTS).
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Time

	
BS and CS

	
BL and BM




	
Strategy 1

	
Strategy 2

	
Strategy 3

	
Strategy 4

	
Strategy 5






	
    t 0  ∼  t 1    

	

	
low gear

	

	

	

	




	
    t 1  ∼  t 2    

	

	
torque phase

	
low gear

	

	

	




	
    t 2  ∼  t 3    

	
high gear

	
inertia phase

	
torque phase

	
low gear

	

	




	
    t 3  ∼  t 4    

	
inertia phase

	
high gear

	
inertia phase

	
torque phase

	
low gear

	




	
    t 4  ∼  t 5    

	
torque phase

	

	
high gear

	
inertia phase

	
torque phase

	
low gear




	
    t 5  ∼  t 6    

	
low gear

	

	

	
high gear

	
inertia phase

	
torque phase




	
    t 6  ∼  t 7    

	

	

	

	

	
high gear

	
inertia phase




	
    t 7  ∼  t 8    

	

	

	

	

	

	
high gear
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