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Abstract

:

The objective of the present investigation is to analyze the tribological performance between the union of the cylinder liner and the compression ring under the influence of surface texturing and different lubrication boundary conditions. The analysis is carried out by developing a numerical model, which involves hydrodynamic pressure, lubrication film thickness, textured surface, dynamic forces, and lubrication boundary conditions (starved lubrication and fully flooded lubrication). MATLAB® software (The MathWorks Inc., Natick, MA, USA) is used to solve the equations developed. The results show that the application of a textured surface on the cylinder liner allows obtaining a reduction of 20% and 5% in the asperity contact force and in the total friction force. Additionally, the textured surface allows for a 4% increase in MOFT. In this way, it is possible to reduce the power loss. The implementation of a boundary condition of fully flooded lubrication produces an overestimation in the total friction force due to the greater prominence of the lubrication film. Implementing a textured surface in the ring profile is an alternative way to reduce power loss. The results show that this alternative allows an 8% reduction in power loss.
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1. Introduction


Despite the negative climatic changes that the planet is experiencing and the progressive reduction of fossil resources, fuels from fossil materials continue to represent a high percentage as one of the main sources of energy used [1,2]. The studies carried out show that to control and mitigate climate change, it is necessary to reduce harmful emissions. Specifically, it is necessary to achieve a 60% reduction in pollutant emissions by 2050 in order to effectively mitigate the planet’s environmental problems [3,4]. This is a great challenge, as internal combustion engines (ICE) are expected to remain relevant for decades to come [5]. This situation has generated the investigation of alternatives that allow reducing emissions and saving fuel [6]. Among the strategies to improve the efficiency of ICE are changes in mechanical design, operating conditions, and the use of alternative fuels [7,8]. Approximately between 4% and 15% of the energy of the fuel is used to overcome the friction processes of a four-stroke IC engine [9,10]. The interaction between the cylinder liner and the piston rings represents between 40% and 55% of the losses caused by friction [11]. This implies that the reliability, performance, and useful life of the engine are strongly influenced by the working conditions in the union between the cylinder liner and the piston ring. The conditions in this joint depend on the lubrication characteristics [12]. Therefore, tribological studies are necessary to search for an improvement in fuel economy and a reduction in harmful emissions. The reduction of these parameters is relevant due to the increasing energy cost due to the constant decrease in fossil resources [13], which has a direct impact on the economics of internal combustion engines [14]. Additionally, fuel consumption plays a relevant role in the increase in temperature, given the greenhouse gases produced by the combustion process [15,16].



Different types of analytical and experimental studies focused on the piston are presented in the literature. In general, investigations focused on experimentation are difficult to carry out due to the high intrusion that must be carried out in the thermal machines for the measurement process under operating conditions [16,17,18]. Therefore, in recent years, the development of research based on analytical models has been chosen, which has allowed a deeper compression of the tribological behavior between the union of the cylinder liner and the piston rings [19,20]. Studies of this type include the research by Baker et al. [21], who studied the elastodynamics of piston rings and their effect on combustion gas leakage. Rahmani et al. [22] suggested that tribological characteristics influence fuel consumption and emissions. Additionally, it was observed that these parameters could be reduced by controlling the temperature of the cylinder diameter. Mishra et al. [23,24] developed a thermo-elastohydrodynamic model for the analysis of piston compression rings and the influence on friction losses. The results show that the properties of the lubricant cannot be ignored [25]. Morris et al. [26] used a thermal network model to predict the cylinder liner contact temperature. Using this model, the influence of ring friction on piston temperature was investigated.



Normally, in IC engines, the lubricating oil film is thin, which implies that the upper piston ring is often in an insufficiently lubricated condition, as demonstrated by experimental investigations [27]. Under this condition, part of the surface area of the lining and piston rings are covered with a mixture of lubrication film and combustion gases. In recent years, the maximum pressure in the cylinder chamber has been increasing in engines, which causes the upper piston ring limit to be subjected to high pressures. This causes the top ring to tend to a mixed oil–gas state during the combustion cycle.



Under the condition of insufficient lubrication, it is necessary to determine the rupture position and the inlet of the lubrication film. This is simple when considering a completely flooded boundary condition [28] since the inlet position coincides with the edge of the piston ring. In insufficient lubrication conditions, the film inlet position depends on cavitation [29]. Priest [30] investigated the tribological behavior of the ring using four different cavitation models. Typically, the Reynolds boundary condition and Jakobsson Floberg Olsson (JFO) are the most widely used methods to consider the effect of cavitation in flooded lubrication conditions. However, experimental studies show that the piston compression ring is partially covered [31]. The investigation of Ma et al. [32] shows that for this condition, the analysis by open cavitation has a better agreement with the experimental results. Due to the above, different studies have used this approach in tribological analysis at the junction between the cylinder liner and the piston ring [33,34,35,36].



Current IC engines are considered highly efficient thermal machines. Therefore, to improve their performance, it is necessary to implement innovative technologies, such as heat treatment of exhaust gases, deactivation of cylinders, the use of advanced coatings, and surface texturing [37,38,39]. Among all these alternatives, surface texturing is considered a potential method to improve the tribological performance of the engine [40]. This method consists of an intentional modification of the surface topography, applying features such as grooves and dimples. The use of this type of texture allows the storage of lubricant and particles, allowing a reduction in friction [41].



The studies carried out indicate that the modification of the surface plays a relevant role in the tribological properties of the areas exposed to contact in the internal combustion engine. The construction of micro-textures in the cylinder liner, piston ring, and bearings is an alternative to reduce wear and extend the useful life of the components [42]. Surface texturing can be applied using laser techniques, which have proven to be advantageous due to their high level of control and precision in establishing geometric dimensions [43]. Lubricant storage in textured areas favors interaction between surfaces, especially under high load conditions. In addition, the textured areas allow you to collect or trap wear particles. Due to the above characteristics, surface modification is a viable technique to seek to improve the tribological properties of sliding surfaces.



At present, several investigations have focused on the analysis of the textured surface for its low friction capacity [44,45,46]. Babu et al. [46] evaluated the tribological characteristics applied to the piston ring with different dimple sizes. The results indicate a reduction in friction. Additionally, it was observed that a 72% decrease in the wear rate of the cylinder liner is possible compared to a non-textured surface on the ring profile. Mishra et al. [47,48] investigated the effect of a laser textured surface. The results show that the change in tribological film formation and the hydrodynamic effect of dimples contribute to better lubrication performance when additives are used. However, a large part of the investigations focused on the analysis of surface texture are carried out considering a condition of total flooding, which is not very consistent with the experimental results.



Due to the above, in the present study, an analysis of the influence of the surface texture applied to the cylinder liner and the profile of the compression ring on the tribological performance is carried out. For this, a numerical model is built, which considers the properties of the lubricant, the hydrodynamic pressure, and the dynamic forces. Additionally, the effect of the boundary lubrication condition in a state of fully flooded lubrication and starved lubrication is evaluated in the estimates of MOFT and power loss.




2. Materials and Methods


This section aims to describe the equations used to develop the numerical model used in this research.



2.1. Lubrication Film Properties


The properties of the lubricant significantly influence the tribological characteristics at the junction between the cylinder liner and the piston ring. Additionally, the properties of the lubricant depend on different physical factors. The Dowson and Higginson model [49] is used to define the density of the lubricant    ( ρ )   , as shown in Equation (1):


  ρ =  ρ o  ·  (  1 −  c t  ·  [  T −  T o   ]   )  ·  (  1 +   0.6 ×   10   − 9   P   1 + 1.7 ×   10   − 9   P    )   



(1)




where    c t    is the thermal expansion coefficient    (   K  − 1    )   ,  T  is the temperature    ( K )   , and  P  is the pressure of the lubrication film    (  Pa  )   . The subscript  o  indicates the ambient reference conditions.



The lubricant used as the basis for the calculation is SAE 15W-40 since the properties of this lubricant allow reducing wear and corrosion processes (see Table 1). Additionally, it facilitates the dispersion of particulate material, maintains its stability at high temperatures, and provides high longevity in extreme operating conditions. The above characteristics favor fuel economy and allow to maintain a low coefficient of friction [50]. To characterize the viscosity of the lubricant    ( μ )   , the Reolands’s model [50] and Houpert’s model [51] are used together, as shown in Equation (2):


  μ =  μ o  ·  e  ln  (     μ o     μ ∞     )  ·  [     (    P −  P o     c p    + 1  )   z     (    T − 138    T o  − 138    )    − s   − 1  ]     



(2)




where,    μ o  = 0.221   Pa · s   is the dynamic viscosity of the lubricant under ambient conditions. The terms  s  and  z  are the thermo-viscosity indices and lubricant piezo-viscosity, respectively.  s  and  z  are calculated by Equations (3) and (4):


  s =  (   T o  − 138  )  ·    γ o    ln  (     μ o     μ ∞     )     



(3)






  z =    c p  ·  α o    ln  (     μ o     μ ∞     )     



(4)




where    α o  =   10   − 8      m 2  / N   and    γ o    are the piezo-viscosity and thermo-viscosity    (   K  − 1    )    under ambient conditions.    μ ∞  = 6.31 ×   10   − 5      Pa  · s   and    c p  = 1.98 ×   10  8     Pa    are the model constants [50].




2.2. Lubrication Film Pressure


To determine the lubricant pressure, the Reynolds model derived from Patir, and Cheng [52] is used, which considers the effects of surface roughness. Equation (5) describes the model used:


  6  v p  ·  ϕ c  ·   ∂ h   ∂ x   + 6  v p  · σ ·   ∂  ϕ s    ∂ x   + 12  ϕ c  ·   ∂ h   ∂ t   =  ∂  ∂ x    (     ϕ x  ·  h 3   μ    ∂ P   ∂ x    )   



(5)




where    v p    is the piston velocity,  σ  is the composite roughness, and  h  is the lubrication film thickness.    ϕ c  ,    ϕ s   , and    ϕ x    are the flow factors [53]. The composite roughness    ( σ )    is determined from Equation (6):


  σ =    σ r 2  +  σ c 2     



(6)




where    σ r 2    and    σ c 2    are the surface roughness of the piston ring and cylinder liner, respectively.



The piston velocity    (   v p   )    is calculated considering the physical characteristics of the connecting rod-crank mechanism, as shown in Equation (7):


   v p  = −  (  1 +   cos θ        (   l r   )   2  −   sin  2  θ      )  · r · ω · sin θ  



(7)




where  r  is the crank-pin radius,  l  is the connecting rod length,  ω  is the crankshaft angular velocity, and  θ  is the crank angle.



The Reynolds equation (Equation (5)) was discretized by means of the finite difference method. The discretized equation is solved using the Gaussian elimination method. To adjust the thickness of the lubrication film, the balance of dynamic forces is taken as a reference.




2.3. Lubrication Film Thickness


Since the distribution of the surface texture under the piston ring changes dynamically with the movement of the piston (see Figure 1), it is necessary to establish the thickness of the lubrication film between the cylinder liner and the piston ring as a function of the time and position, as shown in Equation (8):


  h  (  x , t  )  =  h m  +  h l   (  x , t  )  +  h s   ( x )   



(8)




where    h m    is the minimum oil film thickness (MOFT),    h l   (  t , x  )    is the height of the groove, and    h s    is the height of the ring profile.    h l   (  t , x  )    and    h s    are calculated using Equations (9) and (10):


   h l   (  x , t  )  =    h g  · sin  (  π  [   1 2  +   x ′    r g     ]   )   2  +    h g  ·  (  x −  v p  · t  )   2   



(9)






   h s   ( x )  =   4 δ ·  x 2     b 2     



(10)




where    h g    is the average groove depth,   2  r g    is the average groove width,  b  is the width of the ring face, and  δ  is the crown height of the ring.    x ′    represents the axial direction in the local coordinates of the groove.




2.4. Piston Ring Dynamics


Figure 2 shows the forces acting between the cylinder liner and the surface of the piston ring. The dynamic equilibrium equation in the radial direction is shown below.


   F  g a s , 1   +  F  g a s , 2   +  F  a s p   +  F  h y d   =  F  g a s , 3   +  F c   



(11)




where    F  g a s , i     is the force produced by the pressure of the gas at location   i = 1 , 2 , 3   (Figure 2a). The term    F  g a s , i     refers to the force of the combustion gases acting on the inner face of the ring due to the pressure of the combustion gases at the locations    P 1  ,    P 2   , and    P 3  =  P 1   . To determine the magnitudes of these pressures, the experimental measurements of the pressure in the combustion chamber at the top and bottom of the piston ring are taken as a reference (see Figure 2b). The difference between the pressures,    P 1    and    P 2   , is a consequence of the significant reduction in the clearance between the piston groove and the compression ring, which is an indication of the sealing capacity of the ring. This result is in agreement with that reported in the literature [54]. Although there is also a reduction in clearance between the first land and first groove, this is not enough to cause an appreciable pressure drop in the combustion gases. The design of the piston grooves is intended to avoid an appreciable pressure drop between these two areas since the pressure in the groove favors the seal between the cylinder liner and the surface face of the ring. Therefore, for the present study, it is considered that    P 1  =  P 3   . The previous consideration coincides with the experimental measurements made by Tamminen et al. [55] and the computational analysis developed by Lyubarskyy and Bartel [56].



   F c    is the compression force due to the installation of the ring in the piston,    F  a s p     is the asperity contact force, and    F  h y d     is the hydrodynamic force.



The forces due to the pressure of the combustion gases    (   F  g a s , 1     ,    F  g a s , 2     ,    F  g a s , 3      )    are calculated using the Equations (12)–(14):


   F  g a s , 1   =  P 1  ·  (   R 1  −  X 1   )   



(12)






   F  g a s , 2   =  P 2  ·  (   R 2  −  X 2   )   



(13)






   F  g a s , 3   =  P 3  ·  (   R 1  −  R 2   )   



(14)




where    X 1    is the film inlet position,    X 2    is the film rupture position,    R 1    is the leading of the ring, and    R 2    is the trailing of the ring.



The compression force    (   F c   )    is calculated from Equation (15) [57]:


   F c  =    σ t  ·  b 2  · A   3 D ·  (  D − b  )     



(15)




where  D  and  A  are the diameter and cross-section of the ring.    σ t    is the bending stress, which is calculated by Equation (16):


   σ t  =   3 E · b · f   2  L 2     



(16)




where   E ,   L ,   and  f  are the ring modulus of elasticity, the ring length, and the ring gap at free conditions.



The hydrodynamic force    (   F  h y d    )    and asperity contact force    (   F  a s p    )    are calculated from Equations (17) and (18). The pressure distribution    ( P )    of the lubrication film used in Equation (17) is obtained from the Reynolds equation. The Greenwood and Tripp model is used to estimate the asperity contact force [58].


   F  h y d   = −   ∫   −  X 2     X 1     (   h 2  ·   ∂ P   ∂ x   +  v p  ·  μ h   )  d x  



(17)






   F  a s p   =   16 π  2    15   ·    (  ξ · κ · ς  )   2  ·    ς κ    · E ′ · A ·  F  5 / 2    



(18)







The parameters   κ ,   ς ,   and  ξ  represent the average asperity tip radius of curvature, the composite surface roughness of the contiguous surfaces, and the asperity distribution per unit contact area.   E ′  ,  A , and    F  5 / 2     are the effective Young’s modulus of elasticity of the contact, the area of contact, and the statistical function of lubricant film ratio. Equations (19) and (20) are used to determine the parameters   E ′   and    F  5 / 2     [59]:


   1  E ′   =   1 −  v 1 2     E 1    +   1 −  v 2 2     E 2     



(19)






   F  5 / 2   =  {      − 0.0046  λ 5  + 0.0574  λ 4  − 0.2958  λ 3  + 0.7844  λ 2  − 1.0776 λ + 0.6167 ,       λ ≤ 2.224       0 ,       λ > 2.224      }   



(20)




where  ν  is the Poisson’s ratio of the piston ring    (   ν 1   )    and cylinder liner    (   ν 2   )   .  λ  is the Stribeck’s lubricant film ratio, which is calculated by Equation (21):


  λ =  h ς   



(21)







The total friction force    (   F  t f    )    is composed of the sum of the shear force    (   F s   )    due to the viscosity of the lubrication film and the boundary force    (   F b   )    due to the roughness interaction, as shown in Equation (22):


   F  t f   =  F s  +  F b   



(22)




where    F s    and    F b    are calculated using Equations (23) and (24):


   F s  = τ ·  (  A −  A e   )   



(23)






   F b  =  τ o  ·  A e  + ζ ·  F  a s p    



(24)




where  τ  is the viscous shear stress of the lubricant,    A e    is the real area of contact area,    τ o    is the limiting Eyring shear stress of the lubricant, and   ζ = 0.17   is the coefficient of asperity shear strength [60].  τ  is calculated using Equation (25) [25]:


  τ =  |   μ h     v p   →  ±  h 2   ∇ →  P  |   



(25)







The real area of contact area    (   A e   )    is calculated by Equation (26):


   A e  =  π 2     (  ξ · κ · ς  )   2  · A ·  F 2   



(26)




where    F 2    is a statistical function of the Stribeck’s lubricant film ratio [59], calculated as:


   F 2  =  {      − 0.0018  λ 5  + 0.0281  λ 4  − 0.1728  λ 3  + 0.5258  λ 2  + 0.5003 ,         λ ≤ 2.295       0 ,         λ > 2.295      }   



(27)







The power loss    (    W ˙   l o s s    )    caused by the total friction force is determined by Equation    (  28  )   :


    W ˙   l o s s   =  |   F  t f   ·  v p   |   



(28)








2.5. Boundary Conditions


For a fully flooded lubrication condition, the inlet boundary condition can be determined by Equations (29) and (30) since the joint between the cylinder liner and the piston ring is completely covered:


   X 1  =  R 1   



(29)






  P  (   X 1   )  =  P 1   



(30)







In the case of a starved lubrication condition, it is necessary to determine the characteristics of the textured surface and the thickness of the available lubrication film. Additionally, it is necessary to consider that the texturing characteristics change over time. Equations (31)–(33) are used to determine the inlet boundary condition with and without a textured surface:


  P  (   X 1   )  =  P 1   



(31)






  q  (   X 1  , t  )  =  q  s u p p l y    (   X 1  , t  )   



(32)






   q  s u p p l y    (   X 1  , t  )  =  {       v p  ·  (   h  s u p p l y   +  h l   )  ,       textured        v p  ·  h  s u p p l y   ,         untextured      }   



(33)




where   q  (   X 1  , t  )    is the flow lubricant flow rate,    h  s u p p l y     is the lubricant film thickness available, and    q  s u p p l y    (   X 1  , t  )    is the lubricant supply flow rate.



The outlet boundary conditions are determined by Equations (34) and (35):


    ∂ P  (   X r   )    ∂ X   = 0  



(34)






  P  (   X r   )  =  P 2   



(35)









3. Numerical Procedure


Figure 3 describes the procedure implemented to solve the equations described in Section 2. The solution of the system of equations is carried out using the solver ode45 of the MATLAB software.



The first step is to establish the initial parameters, such as position, initial lubrication film thickness, properties, and environmental conditions. Subsequently, the Reynolds equation is solved to determine the pressure distribution. The inlet and outlet position of the lubrication film is estimated by Equations (29)–(35). Finally, the dynamic behavior of the ring is established by the equations of Section 2.4. Table 1 shows the geometric parameters of the engine used as a reference. The characteristics of the textured surface are described in Table 2.



To validate the estimates obtained by means of the numerical model, a comparison is made between the simulated friction force and the experimentally measured force. This friction force is determined indirectly by applying the IMEP (indicated mean effective pressure) method [61]. For the measurement system, two strain gauges (KFG-1-120-D16-11L1M2S) installed in the connecting rod body are used. Installation is done using cyanoacrylate resin adhesive (CC-33A) with high mechanical and thermal resistance. The pressure in the combustion chamber is carried out by means of a piezoelectric transducer (KISTLER type 7063-A) installed in the cylinder head. The position of the crankshaft is measured by an angle sensor (Beck Arnley 180-0420). The textured surface on the cylinder liner was made using the Nd:YAG laser. The textured surface was measured with the HOMMEL TESTER T1000 roughness tester. The diagram of the measurement system is shown in Figure 4.



For the uncertainty analysis, the Type A evaluation method was implemented, in which statistical analysis of a series of measurements is considered    (   y 1  ,  y 2  ,  y 3  …  y n   )   . To define the most appropriate measurement in this series, Equation (36) is used:


   y ¯  =    ∑  i = 1  n   y i   n   



(36)







The uncertainty calculation is performed using the standard deviation, as indicated in Equation (37):


   μ s  =      ∑  i = 1  n     (   y i  −  y ¯   )   2    n ·  (  n − 1  )       



(37)







For the experimental tests, a total of three repetitions were carried out in each measurement    (  n = 3  )    since a greater number of measurements could increase the uncertainty due to the longer experimentation time required. The characteristics of the measuring instruments and the uncertainty are shown in Table 3.



The comparison between the friction force obtained experimentally and through the numerical model is shown in Figure 5. The results show that the model estimates coincide with the trend of the experimental measurements. The maximum relative error between both sources remained below 20%.



Additionally, Figure 5 shows that the greatest magnitudes of the friction force are located at crankshaft angles of 180° and 540°, which correspond to the top dead center and bottom dead center in the piston stroke. During these locations, the speed of the piston decreases significantly due to the change in the direction of movement, producing a reduction in the entrainment velocity of the lubricant and, therefore, an increase in the coefficient of friction. Similar results are reported in the literature [62]. The possibility of wear increases with the cessation of lubricant entrainment velocity during piston reversals, and the power loss is exacerbated in these regions.



The results of Figure 5a show that the estimates of the numerical model are in agreement with the real behavior of the total friction force. Therefore, numerical models can be a suitable tool for the analysis of the influence of textured surfaces. However, the accuracy of the numerical models is limited by the percentage of error that must be accepted in order to achieve convergence in the results. The previous drawback can be minimized by increasing the complexity of the numerical model.



To evaluate the robustness of the numerical model, a convergence analysis is carried out. The verification of the convergence of the model is defined by Equation (38), in which the relative error between two successive iterations    (   E ψ   )    is expressed:


   E ψ  =    F  t f   n + 1   −  F  t f  n     F  t f   n + 1     × 100 %  



(38)




where n is the number of iterations. For the convergence analysis, the relative error was used when estimating the total friction force. The results obtained in Figure 5b show that after 50,000 iterations, the relative error remains less than 5%. It was observed that this trend is maintained throughout the following iterations.




4. Results


4.1. Transient Changes in Pressure Conditions


The constant movement of the piston causes the dynamic effects of the lubricant to change over time when applying textured surfaces. To evaluate this effect, Figure 6 describes the hydrodynamic pressure distribution for two different surface conditions in three instants of time (t1 = 5° crank angle, t2 = 25° crank angle, t3 = 125° crank angle), obtained through the numerical model.



The results in Figure 6a show that for an untextured surface, the pressure distribution does not change significantly over time. This is because the surface characteristics of the cylinder liner are kept constant. For the established conditions, maximum differences of 2.19% and 0.82% were observed when comparing state 1 (t1) with state 2 (t2) and state 3 (t3).



When establishing a textured surface condition, the results describe a change in hydrodynamic pressure (see Figure 6b), which is a consequence of the variation in the surface in contact with the piston ring. For the three states (t1, t2, t3) tested, maximum hydrodynamic pressures of 57.69, 54.42, and 53.99 bar, respectively, were recorded.




4.2. Effect of Surface Texture on Dynamic Forces


Figure 7 shows the behavior of the hydrodynamic force    (   F  h y d    )   , the asperity contact force    (   F  a s p    )  ,   and the force of the combustion gases    (   F  g a s    )    for a condition with and without surface texture in the cylinder liner.



Figure 7a shows the behavior of the hydrodynamic force during the combustion cycle. The results show that the presence of the textured surface causes an increase in the hydrodynamic force, which may be a consequence of the larger contact area available. For the test conditions, maximum hydrodynamic forces of 5.47 N (untextured surface) and 6.07 N (textured surface), respectively, were obtained.



In the case of the asperity contact force (see Figure 7b), it was observed that the largest peaks occur at the angles of 180°, 360°, 540°, and 720°. The above locations correspond to the top dead center (TDC) and bottom dead center (BDC) of the combustion cycle. This behavior is attributed to the lower thickness of the lubrication film in these areas, as a consequence of the low velocity of the piston. For a textured surface, the peaks in the asperity contact force are 3.10, 2.81, 2.67, and 1.32 N. In the case of the untextured surface, peaks of 3.42, 2.94, 2.69, and 2.40 N were recorded. In general, the application of the texture in the cylinder liner causes a reduction in the roughness contact force.



When considering the force due to the pressure of the combustion gases, it was observed that the presence of a textured surface does not cause a considerable change in the magnitude of this force. In general, the maximum difference between both cases was less than 1.30%.



The change in dynamic forces due to surface texture will have an effect on the lubrication film. To evaluate this, Figure 8 describes the behavior of the minimum thickness of the lubrication film throughout the combustion cycle.



The results obtained show that the surface texture of the cylinder liner makes it possible to obtain a greater thickness in the lubrication film. The smallest thicknesses of the film are located in the TDC and BDC, which is in agreement with the results reported in Figure 7b. The maximum MOFT during the combustion cycle were 1.28 and 1.23    μ m    for a textured and untextured surface.




4.3. Effect of Surface Texture on Power Loss


Figure 9 shows the total friction force during the combustion cycle.



The results obtained in Figure 9 show that the texture in the cylinder liner allows the total friction force to be reduced. This is mainly attributed to the reduction in the roughness contact force, as shown in Figure 7b. In general, the presence of the texture results in a 15% reduction in the total friction force. The effect of the lower total friction force is reflected in a reduction in power loss, as shown in Figure 10. It was observed that for a surface condition without texture and with a textured surface, the maximum power loss was 160 and 149 W, respectively.




4.4. Effect of Lubrication Condition


To evaluate the impact of the lubrication condition, the minimum oil film thickness, the total friction force, and the power loss for a starved lubrication condition and fully flooded lubrication were analyzed (see Figure 11). The obtained results are shown next.



The results of Figure 12 show that the MOFT estimate is higher when considering a starved lubrication condition. For the established conditions, maximum MOFT of 1.21 and 1.32    μ m    were observed under a fully flooded lubrication and starved lubrication and untextured surface. For a condition with a textured surface on the cylinder liner, maximum MOFT of 1.33 and 1.39    μ m    were recorded under fully flooded lubrication and starved lubrication.



The change in the thickness of the lubrication film implies a variation in the total friction force, as shown in Figure 13, in which it was observed that the magnitude of the friction force tends to be greater along the combustion cycle under a fully flooded lubrication condition.



The effect of the change in lubrication condition for power loss is shown in Figure 14. In general, it was observed that when establishing a fully flooded condition, the estimate of the loss power is greater, which is a consequence of the greater role of the asperity contact force, the force caused by the viscosity of the lubricant. This increase in loss power was most evident during the final compression stage, which shows an increase of 44%.




4.5. Ring Surface Texture Effect


Changes in surface texture need not be limited to the cylinder liner. The modification in the texture can also be applied to the profile of the piston ring. To evaluate the influence of this modification, two different configurations of surface texture are established, which are described in Table 4.



Figure 15 shows the influence of the ring surface texture on the MOFT and the total power loss, maintaining a surface texture on the cylinder liner. The results show that the application of texture N°2 caused an increase in the MOFT and a reduction in the total power loss. A negative impact was observed with the geometric characteristics of texture N°1, which is reflected in a lower MOFT and an increase in power loss.





5. Discussion


The results described in Figure 6 demonstrate that the presence of a textured surface on the cylinder liner causes a variation in the dynamic characteristics between the contact of the piston ring and the cylinder liner. This can be a consequence of the pocket effect of the applied texture, which causes an increase in the thickness of the lubrication film and, therefore, a change in the pressure conditions. This is mainly reflected in a decrease in the asperity contact force and in the total friction force, in which reductions of 9.43% and 5.29% were registered in the maximum magnitude of these forces. In the case of the force of combustion gases, no obvious change in its trend was observed. For the hydrodynamic force, the results indicate an increase when the surface texture is applied. The maximum increase observed in the hydrodynamic force was 11%, which occurred during the final stage of the compression cycle. This behavior can be attributed to the increase in the thickness of the lubrication film.



The analysis developed shows that the application of a texture on the surface of the cylinder liner allows an increase in MOFT during the combustion cycle. This is attributed to the reduction in the asperity contact force, as shown in Figure 7b. This occurs as a consequence of the reduction of the contact area with the ring surface due to the presence of the texture. The positive effect of the textured surface is evidenced by evaluating the total power loss. The results show that the surface texture allows the power loss to be reduced by 7%.



The results described in Figure 12, Figure 13 and Figure 14 demonstrate that the lubrication condition has a considerable impact on the estimates of the lubricant characteristics. In general, a fully flooded lubrication condition causes a lower estimate in the MOFT. This is attributed to the higher friction forces that this lubrication condition produces compared to a starved lubrication condition (see Figure 13). This may be the consequence of the lower support force exerted by the combustion gases on the profile of the piston ring, resulting in a reduction in the clearance between the cylinder liner and the ring surface. Reducing this clearance implies an increase in the asperity and viscosity forces of the lubricant. In general, a fully flooded lubrication condition estimates a reduction in MOFT by 8% compared to a starved condition. The results describe a maximum magnitude of 0.47 and 0.38 N in the total friction force for a fully flooded and starved lubrication condition, respectively.



Another possible alternative to reduce power loss is the application of a textured surface on the piston ring. The results demonstrate that the proper selection of the geometry of a texture in the ring allows an 11% reduction in power loss. However, this percentage of power loss reduction has the potential to increase since the textured surface of the ring profile depends on different geometric characteristics. Therefore, it is necessary to study an optimization analysis focused on this surface to guarantee a maximum reduction in power loss.




6. Conclusions


In the present investigation, the influence of a textured surface on the lubrication characteristics between the cylinder liner and the profile of the piston ring was studied. The analysis focused on the different types of dynamic forces, minimum oil film thickness, and power loss. Additionally, the effect of the lubrication condition (starved lubrication and fully flooded lubrication) was studied.



The presence of a textured surface on the cylinder liner made it possible to obtain a reduction of 9.43% and 5.29% in the maximum magnitude of the asperity contact force and in the total friction force. This is due to the smaller contact area between the cylinder liner and the profile of the piston ring. Additionally, the textured surface allowed for achieving a greater thickness in the lubrication film, which allowed for reducing the wear process. In general, it was observed that the presence of the textured surface allowed a 4% increase in MOFT. In this way, it is possible to reduce power loss.



The results show that establishing a fully flooded lubrication condition produces an overestimation in the total friction force. This is the main consequence of the lower support that the gases can exert on the ring profile. This implies a greater magnitude in the total friction force and, therefore, in the estimated power loss.



The analysis of the results shows that the implementation of a textured surface in the profile of the ring can cause an increase of 5% in the MOFT. This implies a reduction in power loss. The results indicate that an 11% reduction in power loss is possible. However, it is necessary to develop a rigorous study to identify the characteristics of the optimal textured surface since an inadequate surface texture in the ring can cause a decrease of 7% in MOFT and an increase of 9% in the loss of power.



The implemented numerical model contributes to the development of more complex studies focused on the analysis of tribological characteristics under the influence of textured surfaces due to the consideration of poor lubrication, which is more consistent with the actual operating conditions of the engine. In this way, it seeks to support the search for improvements in engine performance.
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Abbreviations


The following abbreviations are used in this manuscript:



	
Nomenclature




	
IC

	
Internal combustion




	
JFO

	
Jakobsson Floberg Olsson




	
MOFT

	
Minimum oil film thickness




	
   c t   

	
Thermal expansion coefficient




	
 T 

	
Temperature




	
 P 

	
Pressure




	
 s 

	
Thermo-viscosity indices




	
 z 

	
Lubricant piezo-viscosity




	
   μ ∞  ,  c p   

	
Model constants




	
   v p   

	
Piston velocity




	
 h 

	
Lubrication film thickness.




	
 r 

	
Crank-pin radius




	
 l 

	
Connecting rod length




	
   h m   

	
Minimum oil film thickness




	
hl

	
Height of the groove




	
   h s   

	
Height of the ring profile




	
   h g   

	
Average groove depth




	
 b 

	
Width of ring face




	
   F  g a s    

	
Force produced by the pressure of the gas




	
   F c   

	
Compression force




	
   F  a s p    

	
Asperity contact force




	
   F  h y d    

	
Hydrodynamic force




	
 D 

	
Diameter




	
   σ t   

	
Bending stress




	
 E 

	
Modulus of elasticity




	
 L 

	
Ring length




	
 f 

	
Ring gap




	
  E ’  

	
Effective Young’s modulus of elasticity




	
 A 

	
Area of contact




	
   F  5 / 2    

	
Statistical function




	
   F  t f    

	
Total friction force




	
   A e   

	
Real area of contact




	
   F 2   

	
Statistical function of the Stribeck’s lubricant film ratio




	
    W ˙   l o s s    

	
Power loss




	
Greek Letters




	
 ρ 

	
Density




	
 μ 

	
Viscosity




	
   α o   

	
Piezo-viscosity




	
   γ o   

	
Thermo-viscosity




	
 σ 

	
Composite roughness




	
   ϕ c  ,    ϕ s  ,  ϕ x   

	
Flow factors




	
 ω 

	
Crankshaft angular velocity




	
 θ 

	
Crank angle




	
 δ 

	
Crown height of the ring




	
 κ 

	
Average asperity tip radius of curvature




	
 ς 

	
Composite surface roughness




	
 ξ 

	
Asperity distribution per unit contact area.




	
 ν 

	
Poisson’s ratio




	
 λ 

	
Stribeck’s lubricant film ratio




	
 τ 

	
Viscous shear stress




	
   τ o   

	
Limiting Eyring shear stress




	
 ζ 

	
Coefficient of asperity shear strength
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Figure 1. Lubrication film thickness for microtextured surface. 
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Figure 2. (a) Diagram of dynamic forces in the piston ring and (b) reference pressure conditions. 
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Figure 3. Numerical model methodology. 
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Figure 4. Diagram of the measurement system. 
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Figure 5. (a) Comparison between the friction force obtained experimentally vs. numerical model and (b) convergence analysis of the numerical model. 
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Figure 6. Hydrodynamic pressure distribution under starved lubrication condition for (a) untextured surface and (b) textured surface. 
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Figure 7. Distribution of (a) hydrodynamic force, (b) asperity contact force, and (c) gas force during the combustion cycle under starved lubrication condition. 
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Figure 8. Minimum oil film thickness under starved lubrication condition. 
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Figure 9. Total friction force during a combustion cycle under starved lubrication condition. 
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Figure 10. Total power loss during a combustion cycle under starved lubrication condition. 
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Figure 11. Lubrication conditions: (a) starved lubrication and (b) fully flooded lubrication. 
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Figure 12. Effect of lubrication condition on minimum oil film thickness for (a) untextured surface and (b) textured surface. 
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Figure 13. Effect of lubrication condition on total friction force for (a) untextured surface and (b) textured surface. 






Figure 13. Effect of lubrication condition on total friction force for (a) untextured surface and (b) textured surface.



[image: Lubricants 09 00051 g013]







[image: Lubricants 09 00051 g014 550] 





Figure 14. Effect of lubrication condition on total power loss for (a) untextured surface and (b) textured surface. 
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Figure 15. Effect of piston ring surface texture in (a) minimum oil film thickness and (b) total power loss under starved lubrication condition. 
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Table 1. Reference engine parameters.






Table 1. Reference engine parameters.





	Parameter
	Value



	Crankshaft radius
	48 mm



	Length connecting rod
	106 mm



	Piston radius
	39 mm



	Speed
	3600 rpm



	Piston mass
	0.305 kg



	Bore
	78 mm



	Stroke
	62.57 mm



	Properties lubrication oil (SAE15W-40)
	Value



	Density at 20 °C
	0.864 g/cm3



	Viscosity at 40 °C
	91.76 mm2/s



	Flashpoint
	224 °C



	Pour point
	−33 °C
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Table 2. Characteristic of the textured surface on the cylinder liner.






Table 2. Characteristic of the textured surface on the cylinder liner.





	Parameter
	Value





	Depth of groove
	1.2    μ m   



	Radius of groove
	25    μ m   



	Distance between groove
	150    μ m   
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Table 3. Measuring instruments.






Table 3. Measuring instruments.





	
Instrument

	
Manufacturer

	
Range

	
Uncertainty (%)






	
Piezoelectric transducer

	
Kistler type 7063-A

	
0–250 bar

	
   ± 0.5   




	
Angle sensor

	
Beck Arnley 180-0420

	
5–9999 rpm

	
   ± 1.0   




	
Strain gauges sensor

	
KFG-1-120-D16-11L1M2S

	
0–50,000 μϵ

	
   ± 0.5   




	
Strain Gauges Sensor




	
Maximum strain

	
50,000   μ ϵ  




	
Fatigue

	
>10,000,000 cycles




	
Substrate thickness

	
15    μ m   




	
Cover thickness

	
9    μ m   




	
Gage factor

	
2.1
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Table 4. Characteristics of the textured surface on the compression ring.






Table 4. Characteristics of the textured surface on the compression ring.





	
Texture

	
Parameter

	
Value






	
N°1

	
Depth of groove

	
1    μ m   




	
Radius of groove

	
50    μ m   




	
Distance between groove

	
200    μ m   




	
N°2

	
Depth of groove

	
1.25    μ m   




	
Radius of groove

	
50    μ m   




	
Distance between groove

	
100    μ m   
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