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Abstract

:

Internal combustion engines are widely implemented in several applications; however, they still face significant challenges due to the sealing capacity of the compression rings. Gas leakage through the crankcase, also known as blow-by, directly impacts power losses, overall efficiency, and global emissions. Therefore, the present study investigates the influence of parameters such as the ring gap, ring masses, and twist angle of the compression rings on the sealing capacity of the combustion chamber. A mathematical model is proposed to account for geometric, dynamic, and operational characteristics in a single-cylinder diesel engine. The results indicated that the greatest gas losses to the crankcase occur during the compression and combustion stages as a consequence of extreme pressure conditions. Specifically, at least 0.5% of the gases locked in the combustion chamber are released on each cycle, while increasing the mass of the compression rings boosts the gas leakage due to higher inertial forces in the rings. In contrast, a positive twist angle of the compression rings reduced the combustion gases leakage by   7.33 ×   10   − 5      g  / cycle  . Additionally, a combined reduction in the gap of both compression rings minimized the leakage flows by 37%. In conclusion, the proposed model served as a robust tool to evaluate different parameters on the sealing capacity of the combustion chamber that contribute to minimizing global emissions. Secondary piston motion and ring distortion represent significant opportunities in future studies.
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1. Introduction


Internal combustion engines (ICE) have played a central role in socio-economic development worldwide due to versatile operations in various sectors. However, the adverse environmental impact associated with their operation set a pressing need to propose solutions to minimize the global warming potential. Therefore, both industry and academia are incorporating new technologies to mitigate the harmful effects caused by the operation of thermal machines [1]. For instance, the integration of waste heat recovery (WHR) systems [2] has emerged as a promising alternative to improve overall efficiency while minimizing fuel consumption and emissions levels. However, the techno-economic feasibility of this technology hinders its massive implementation, while in most cases, WHR systems are envisioned as long-term alternatives. Recently, governmental and international organizations have imposed strict legislative regulations to mitigate the overwhelming rate of fossil fuel consumption and greenhouse emissions [3]. Therefore, there is a significant necessity to propose short-term initiatives that positively impact the current challenges of ICEs [4,5]. Accordingly, as a first approach, reducing the sources of energy losses in ICEs stands as a suitable mechanism to favorably impact the environment and deaccelerate fossil fuel depletion. Different studies [1,5,6] have pointed out that nearly 15–20% of efficiency losses in the engine occur due to parasitic friction processes, and 50–60% occur due to thermal inefficiencies. Thus, in the last decade, extensive proposals have been made, namely control strategies, the deactivation of cylinders, variable valves, gear changes, biodiesel blends, and hydrogen doping, among others. The aforementioned strategies enable significant reductions in fuel consumption and emissions levels [7,8].



Particularly, the enhancement of combustion chamber design has gained increased attention since it represents a significant opportunity to minimize the emission index while improving the combustion performance [9,10]. Particularly, the piston compression rings in ICEs have a determinant role considering that their primary function is to hermetically seal the combustion chamber while preventing the leakage of combustion gases between the piston and the cylinder liner. As such, this component assists in inhibiting pressure losses in the chamber that negatively affect the energy efficiency of the engine. In this sense, an inadequate hermetic seal produces a high friction force, which promotes energy losses. In addition, the flexibility and thinness of the compression rings produce an elastodynamic behavior that reduces their sealing capacity [10]. In general, 3–5% of the total engine losses are associated with the interaction of the compression ring and the cylinder liner, and 2–7% of the losses are attributed to gas leakage in the chamber. Moreover, clearances in the compression rings promote non-combustion trapped gases that stimulate hydrocarbon emissions [11].



The geometric characteristics of compression rings foster significant flue gas leakage zones. In general, two main leakage areas can be identified, namely the compression ring gap and the clearance between the piston and the cylinder liner surface contact. This phenomenon of combustion gases leakage through the crankcase is usually referred to as blow-by gas. Consequently, these types of leaks deteriorate engine performance and lubrication and boost the overall emissions.



Considering the imminent relevance of combustion gas leakage to engine energy losses, various studies have been conducted to characterize the behavior of compression rings. Several experimental investigations have reported that inadequate lubrication at certain stages during the combustion process can be related to the interaction between the compression rings [12]. Namazian et al. [13] and Furuhama et al. [14] developed the first formulation for blow-by gas phenomena and showed the impact of axial ring movement on the tightness of the chamber. However, the analysis does not involve movement in other directions. Tomanik et al. [15] studied the influence of the separation between the compression ring and the cylinder wall, concluding that the reduction of this separation minimizes the gas leakage flow. However, the effect on secondary piston motion was not described. Wannatong et al. [16] and Keribar et al. [17] investigated the effects of surface properties and lubrication behavior. Przesmitzki et al. [18] and Lijima et al. [19] analyzed the radial movement of the compression ring, which involves the study of the detachment phenomenon between the cylinder liner and the face of the ring. The findings demonstrated that increasing both the engine speed and load reduces the radial contact on the underside of the ring.



Due to the difficulty of experimental studies, research using simulation methods has been predominantly chosen to study piston rings. For instance, Baker et al. [11] implemented a three-dimensional elastic-dynamic ring model to improve numerical predictions. The study proved that ring dynamics significantly affect the degradation and consumption of lubrication oil, the wear on the cylinder liner and the rings, the friction force, and the polluting products of combustion. Tian [20] investigated the effect of gas leaks on compression ring lubrication and oil transport using a finite element model. The outcomes pointed out that ring dynamics affect the tribological behavior of the contact between the piston and the cylinder liner. In the same vein, Turnbull et al. [9] investigated the influence of ring curvature under different operating conditions using finite element analysis (FEA). In this study, the proposed model proved to be consistent with experimental measurements of excitation sweep with a maximum relative error of 11%.



Previous research shows that compression ring sealing capacity represents a significant source of energy loss and fosters emissions levels in the engine. Therefore, the development of analyses that involve dynamic behavior, tribological characteristics, and gas leakage conditions in these types of elements can improve energy efficiency and reduce the environmental impact of ICEs. So far, systematic approaches and numerical methodologies have been proposed to evaluate the sealing capacity of compression rings; however, since some simplifications are incorporated into the models, it establishes a pressing need to provide a broader perspective of the blow-by phenomena by the simultaneous consideration of different parameters involved in the sealing performance.



The main contribution of this investigation is to evaluate the combined effects of different design parameters of compression rings on the sealing capacity of the combustion chamber. Accordingly, a sensitivity analysis is incorporated to unravel the impact of variations in the ring gap, ring masses, and twist angle, which further expands the research focused on short-term alternatives to reduce energy losses and emissions levels in ICEs. A mathematical model is proposed to integrate the lubricating oil properties, the kinematics of the piston, the kinetics of the rings, and the piston deformation into the blow-by phenomena. The geometric and operational characteristics are based on a single-cylinder diesel test engine. Incorporating the second compression ring into the proposed model is a remarkable aspect that is generally disregarded in former research. Therefore, the present work contributes to close the knowledge gap related to the sealing capacity of compression rings while elucidating the effects of geometrical, operational, and dynamic characteristics on the overall performance. The investigation is structured as follows: Section 2 exposes the main features of the proposed mathematical formulation that describe the performance of the compression rings on the sealing capacity. Moreover, this section pinpoints the characteristics of the sensitivity analysis, the simulation considerations, and the experimental validation of the model. Afterward, Section 3 exhibits the main outcomes and provides critical discussions. Lastly, Section 4 provides the concluding remarks, limitations, and future avenues in the subject.




2. Materials and Methods


2.1. Mathematical Model of the Compression Ring


2.1.1. Lubrication Oil Properties


This section aims to characterize the lubrication oil properties in the analysis of the compression rings. The latter is relevant considering that both the temperature and pressure have a predominant influence on the overall behavior of the lubricating oil density. Therefore, the study incorporates an empirical formulation that has been proposed in similar applications [21,22]. The expression is defined as follows:


  ρ =  ρ ο   (  1 − β ·  [  T −  T o   ]   )  +   6 ×   10   − 10   ·  ρ o  ·  (  P −  P  a t m    )    1 + 1.7 ×   10   − 9   ·  (  P −  P  a t m    )     



(1)




where the variables T and P represent the temperature and pressure, respectively. The subscript “ o ” represents the reference environmental conditions.  β  accounts for the coefficient of thermal expansion of the lubricating oil.



On the other hand, Roeland and Houpert [23,24] introduced another expression to relate the viscosity of the lubricating oil in terms of the pressure and temperature as defined in Equation (2).


  η =  η o  · e x p  (   [  l n  (   η o   )  + 9.67  ]  ·  [     (    T − 138    T o  − 138    )    −  S o    ·    (  1 +   P −  P  a t m     1.98 ×   10  8     )   Z  − 1  ]   )   



(2)




where    η o    represent the viscosity of the lubricant at ambient conditions. The variables    S o    and  Z  are calculated using Equations (3) and (4), respectively.


   S o  =  β o  ·    (   T o  − 138  )    l n  (     η o     η ∞     )     



(3)






  Z =    α o  ·  c p    l n  (     η o     η ∞     )     



(4)




where  Z  and    S o    represent the piezo-viscosity and thermo-viscosity indices, respectively.    c p    and    η ∞    are constant values defined as 1.98 × 108 Pa and   6.31 ×   10   − 5     Pa · s.    β o    and    α o    are the thermo-viscosity coefficient and atmospheric piezo-viscosity, respectively.




2.1.2. Kinematic Piston Model


Figure 1 shows the schematics of the piston mechanism considered in the analysis. The aim of this section is to characterize the primary motion of the piston during the combustion cycle that further assists in evaluating the overall behavior of the compression rings. The main consideration in the model establishes that the piston rod–crankshaft structure operates as a sliding mechanism to calculate operational parameters such as velocity, displacement, and acceleration in terms of the crankshaft angle [25].



From Figure 1, a relationship is made between the length of the connecting rod    (   l r  =  l 1  +  l 2   )    and the crankshaft    (   l c  =  r 1  +  r 2   )   , which is shown in Equation (5).


   l r  · s i n α =  l c  · s i n θ + δ  



(5)




where  α  refers to the displacement angle of the connecting rod,  θ  represents the displacement angle of the crankshaft, and  δ  is the distance between the wrist pin and the axis of the piston, respectively. By performing the first and second derivatives of Equation (5), the following equations are obtained:


   α ˙  =    l c  ·  θ ˙  · c o s θ    l r  · c o s α    



(6)






   α ¨  =   θ ˙  2  ·  [     (     l c  · c o s θ    l r  · c o s α    )   2  · t a n φ −    l c  · s i n θ    l r  · c o s α    ]  +  θ ¨     l c  · c o s θ    l r  · c o s α    



(7)







To describe the acceleration of the center of mass of the piston    (     y ¨   p   )   , connecting rod    (     x ¨   r  ,    y ¨   r   )    and crankshaft    (     x ¨   c  ,    y ¨   c   )   , Equations (8)–(12) are used [26].



Piston:


     y ¨   p  =  θ ¨  ·  (   l c  · c o s θ · t a n α −  l c  · s i n θ  )  +   θ ˙  2  ·  [     l c    2  · c o  s 2  θ    l r  · c o  s 3  α   −  l c  · s i n θ · t a n α −  l c  · c o s θ  ]   



(8)







Connecting rod:


     x ¨   r  = −  l c  ·  (  1 −    l 1     l 2     )  ·  θ ¨  · c o s θ +  l c  ·  (  1 −    l 1     l 2     )  ·   θ ˙  2  · s i n θ  



(9)






     y ¨   r  =  θ ¨  ·  (   l c  ·    l 1     l 2    · c o s θ · t a n α −  l c  · s i n θ  )  +   θ ˙  2  ·  (     l 1     l 2    ·    l c    2  · c o  s 2  θ    l r  · c o  s 3  α   −    l 1     l 2    ·  l c  · s i n θ · t a n α −  l c  · c o s θ  )   



(10)







Crankshaft:


     x ¨   c  =  θ ¨  ·  r 2  · c o s θ −   θ ˙  2  ·  r 2  · s i n θ  



(11)






     y ¨   c  =  θ ¨  ·  r 2  · s i n θ +   θ ˙  2  ·  r 2  · c o s θ  



(12)








2.1.3. Compression Ring Kinematics


The compression rings of the piston are subjected to two types of movement, namely radial and axial motion. Therefore, two dynamic expressions are derived to describe the behavior of the rings.



Accordingly, Equations (13) and (14) describe the dynamic behavior for radial and axial movement, respectively [16].


   m r   x ¨  =  F  g , x   +  F  h c , x   +  F  h v , x   +  F  a c , x   +  F  a v , x   +  F  c , x    



(13)






   m r   y ¨  =  F  g , y   +  F  h c , y   +  F  h v , y   +  F  a c , y   +  F  a v , y   +  F  c , y    



(14)




where the subscript  g  indicates the force produced by the combustion gases, and   h c   and   h v   represent the hydrodynamic friction due to contact and viscous effects, respectively. Similarly, the subscripts   a c   and   a v   accounts for the asperity force due to contact and viscous effects, respectively. Lastly, the subscript  c  relates to the compression force due to ring installation.



The combustion gas force    (   F g   )    is determined via Equation (15).


   F g  =  P g  · A  



(15)




where    P g    relates to the pressure of the combustion gases.



The hydrodynamic friction force due to contact    (   F  h c    )    and the viscous effects    (   F  h v    )    of the lubricating oil are calculated using Equations (16) and (17), respectively.


   F  h c   =  P h  · A  



(16)






   F  h v   = τ · A  



(17)




where    P h    denotes the hydrodynamic pressure associated with the lubricant,  τ  constitutes the viscous shear stress of the lubricant, and  A  relates the sectional area. Since the dynamic conditions in the compression ring do not correspond to a linear behavior, the pressure produced by the lubricating oil is not uniform. Therefore, the Reynolds hydrodynamic lubrication model is introduced to determine the hydrodynamic pressure [27,28], as shown in Equation (18).


   ∂  ∂ x    (   ϕ x   h 3    ∂  P h    ∂ x    )  +  ∂  ∂ y    (   ϕ y   h 3    ∂  P h    ∂ y    )  = 6 η ·  v p   (    ∂ h   ∂ y   +  σ s    ∂  ϕ s    ∂ y    )  + 12 η   ∂ h   ∂ t    



(18)




where    ϕ x    and    ϕ y    refer to the pressure–flow factors in the axial coordinates, and    ϕ s    accounts for the shear flow factor. The viscous shear stress    ( τ )    is calculated via Equation (19).


  τ =    ϕ  s p   · h  2  ·   d  P h    d y   −  (   ϕ  s s   +  ϕ  s r    )  ·   η ·  v p   h   



(19)




where    ϕ  s p    ,    ϕ  s s    ,    ϕ  s r     are the shear factor due to mean pressure, sliding velocity, and local roughness, respectively.



The asperity force due to contact    (   F  a c    )    and the viscous effects    (   F  a v    )    of the lubricating oil is calculated using Equations (20) and (21), respectively.


   F  a c   = ζ ·  P a  · A  



(20)






   F  a v   =  τ o  ·  A e  · A  



(21)




where  ζ  represents the asperity shear strength coefficient.    τ o    indicates the limiting Eyring shear stress of the lubricant and    A e    relates to the effective asperity contact area.    P a    is the asperity contact pressure, calculated from Equation (22) [29].


   P a  =   16 π  2    15   ·    (     σ s     β a     )     1 2      · λ ·  F  5 / 2    ( λ )  ·  E ′  ·    (   σ s  ·  β a  · ξ  )   2  ,     λ =  h   σ s     



(22)




where    σ s    is the surface roughness,    β a    refers to the average asperity radius of curvature,  ξ  relates the asperity distribution per unit contact area,  λ  accounts for the Stribeck’s lubricant film ratio,   E ′   denotes the equivalent Young’s modulus of elasticity,  h  express the lubrication film thickness and    F  5 / 2     represents a statistical function of lubrication film ratio. The latter is approximated by a fifth-order polynomial as shown in Equation (23) [30].


   F  5 / 2    ( λ )  =  {      − 0.0046  λ 5  + 0.0574  λ 4  − 0.2958  λ 3  + 0.7844  λ 2  − 1.0776 λ + 0.6167 ;     λ ≤ 2.224       0 ;     λ > 2.224      }     



(23)







The equivalent Young’s modulus of elasticity    (  E ′  )    is determined from Equation (24).


   1  E ′   =   1 −  v  r i n g  2     E  r i n g     +   1 −  v  c y l i n d e r  2     E  c y l i n d e r      



(24)




where    v   and  E  relate to the Poisson’s ratio and elasticity modulus, respectively. The subscripts “ring” and “cylinder” refer to the compression ring and cylinder liner, respectively.



The lubrication film thickness is calculated via Equation (25).


  h =  e t  · c o s α +  c  c p   +  y   L  p s     · c o s α ·  (   e b  −  e t   )  + δ  



(25)




where    e t    is the eccentricity of the piston at the top of the skirt,    e b    is the eccentricity of the piston at the bottom of the skirt,    c  c p     is the clearance between the cylinder liner and the piston skirt, and    L  p s     is the longitude of the piston skirt. The parameter  δ  represents the deformation of the piston due to the pressure of the lubrication film, which is calculated as described in Section 2.1.6.



Subsequently, the effective asperity contact area    (   A e   )    is calculated via Equation (26).


   A e  =  π 2  ·    (   σ s  · β · ξ  )   2  ·  F 2   ( λ )  · A  



(26)




where    F 2   ( λ )    represents a statistical function of Stribeck’s lubricant film ratio, which is calculated as shown in Equation (27) [30].


   F 2   ( λ )  =  {      − 0.0018  λ 5  + 0.0281  λ 4  − 0.1728  λ 3  + 0.5258  λ 2  − 0.8043 λ + 0.5003 ;     λ ≤ 2.295       0 ;     λ > 2.295      }     



(27)







Installing the ring on the piston produces a compression force    (   F c   )    on the ring body. This force is calculated using Equation (28) [31].


   F c  =  P k  · A  



(28)




where    P k    is the specific pressure of the piston ring on the cylinder wall, which is determined by means of Equation (29).


   P k  =    σ b  ·  b 2    3 D ·  (  D − b  )     



(29)




where  D  and  b  are the diameter and width of the compression ring, respectively.    σ b    is the bending stress, calculated as shown in Equation (30).


   σ b  =   3  E  r i n g   · b · f   2  L  r p  2     



(30)




where  f  is the ring gap at free condition and    L  r p     is the length of the ring.



The moment    (   M c   )    produced by the compression force    (   F c   )    is calculated by Equation (31).


   M c  =  T t  ·  (  ψ −  ψ o   )   



(31)




where  ψ  and    ψ o    are the ring twist angle in operating and static conditions.    T t    is the stiffness torsion of the ring, calculated as shown in Equation (32) [32].


   T t  =    b 3  ·  E  r i n g   · l n  (     D o     D i     )    3  (   D o  +  D i   )     



(32)




where    D i    and    D o    are the inner and outer diameter of the compression ring.




2.1.4. Gas Blow-By Model


The thermal flow control volume methodology proposed by Baker et al. [11] is implemented in the study to determine the mass flow of combustion gases that escape through the piston grooves. Figure 2 describes the control volumes analyzed in this model.



The pressure induced by the combustion gases in the compression ring directly affects the trapped gases shown in the control volume (2). The mass flow in this volume was modeled considering an isothermal flow that follows the laminar regime. This consideration agrees with the experimental study performed by Namazian and Heywood [13]. Notice that the model considers the impact of the lubricating oil on the sealing capacity according to the lubricating film thickness, which is calculated from Equation (25) based on operational and geometrical parameters [33]. Moreover, the mass flow in the control volume (1) is calculated by Equation (33) [34,35].


    m ˙  1  =    A 1  ·  h 1 2  ·  (   P 3 2  −  P 1 2   )    24  l 1  ·  n g  · R · T    



(33)




where     m ˙  1    relates to the mass flow rate between the control volume (1) and (3). The geometric parameters    L 1   ,    h 1    and    A 1    represent the length, width, and area of the section normal to the mass flow.  T  is the temperature of the combustion gases,  R  refers to the ideal gas constant,    n g    denotes the dynamic viscosity of the gas, and    P 3    and    P 1    represent the pressure in the control volume (3) and (1), respectively.



The dynamic viscosity of the combustion gases    (   n g   )    is obtained via Equation (34).


   n g  =    n o  ·  (   T o  +  S n   )  ·  T  3 / 2      (  T +  S n   )  ·  T o  3 / 2     ·  



(34)




where    n o    and    T o    relate to the dynamic viscosity and temperature of the gas under reference conditions [36].    S n    is the Sutherland’s number.



The mass flow between the control volume (2) and (4) is calculated as an isentropic flow through an equivalent hole [37].


    m ˙  2  =    c d  ·  a g  ·  P 3  ·  f m       (  R · T  )    1 / 2      



(35)




where    a g    is the ring gap area,    c d    is the discharge coefficient and    f m    is the compressibility factor. The parameter    f m    depends on the pressure    P 3    and    P 4   , which corresponds to the pressure in the control volume (3) and (4), respectively. The calculation of    f m    is determined by Equation (36) [16].


   f m  =  {         (     P 4     P 3     )    1 /  γ s    ·    (   [     (    2  γ s     γ s  + 1    )     (   γ s  + 1  )  / 2  (   γ s  + 1  )     ]  ·  [  1 −    (     P 4     P 3     )     (   γ s  − 1  )  /  γ s     ]   )    1 / 2   ,         P 4     P 3    >    (   2   γ s  + 1    )     γ s  /  (   γ s  − 1  )            γ s  1 / 2   ·    (   2   γ s  + 1    )     (   γ s  + 1  )  / 2  (   γ s  + 1  )    ,         P 4     P 3    ≤    (   2   γ s  + 1    )     γ s  /  (   γ s  − 1  )          }   



(36)




where    γ s    is the specific heat ratio. The discharge coefficient    (   c d   )    is calculated by Equation (37).


   c d  = 0.85 − 0.25 ·    (     P 4     P 3     )   2   



(37)








2.1.5. Compression Ring Deformation Model


The characterization of the deformation process in the piston ring follows the methodology proposed by Lang [35], which is derived from the deformation motion in curved beams. This formulation is shown in Equations (38) and (39).


     E  r i n g   ·  A r     R r 2    ·  (  − u +   ∂ w   ∂ φ    )  −    E  r i n g   ·  I r     R r 4    ·  (     ∂ 3  w   ∂  φ 3    +    ∂ 4  u   ∂  φ 4     )  =  ρ r  ·  A r  ·    ∂ 2  u   ∂  t 2    −  F  t , r    



(38)






     E  r i n g   ·  A r     R r 2    ·  (  −   ∂ u   ∂ φ   +    ∂ 2  w   ∂  φ 2     )  +    E  r i n g   ·  I r     R r 4    ·  (     ∂ 2  w   ∂  φ 2    +    ∂ 3  u   ∂  φ 3     )  =  ρ r  ·  A r  ·    ∂ 2  w   ∂  t 2    −  F  t , a    



(39)




where    I r    and    A r    relate to the second moment of inertia and the cross-sectional area of the ring, respectively.    R r    denotes the curvature radius of the ring,  φ  refers to the angular position of the circumference of the ring,    F  t , r     is the force total radial and    F  t , a     is the total axial force.  u  and  w  represent the radial and axial direction, respectively.




2.1.6. Piston Skirt Deformation Model


The deformation of the piston skirt    ( δ )    influences the thickness of the lubrication film as shown in Equation (25), which directly impacts the dynamic conditions of the compression ring since it is associated with the roughness contact pressure and hydrodynamic pressure. Therefore, incorporating this parameter into the model is vital to predicting the compression ring sealing capacity accurately. For the calculation, a compliance matrix is generated through a symmetric finite element model (FEM), as shown in Figure 3.



From the matrix shown in Figure 3, the piston deformation induced by the lubricating oil pressure is calculated. The construction of the matrix constitutes a hexahedral mesh type composed of 360,000 elements and 385,000 nodes. The mesh generation conditions are in accordance with previous investigations [38,39]. Accordingly, the deformation of the piston skirt is determined using Equation (40).


  δ =  [   C  i j   θ y    ]  ·  (   P h  +  P a   )   



(40)




where    C  i j     represents the elastic compliance matrix that relates to the movement of each node (i, j).    P h    and    P a    refer to the hydrodynamic pressure and the asperity contact pressure, which are calculated using Equations (18) and (22), respectively. To confirm the consistency within the calculations, a mesh independence analysis is carried out while comparing the results at different locations on the piston skirt, as shown in Figure 4. Accordingly, Figure 5 depicts the mesh independence analysis evaluation.



According to Figure 5, a total of 360,000 elements guarantees a relative difference of less than 2.8% in the deformation estimates. As such, this value is set for the number of computational domain elements, which also enables a reasonable convergence time.





2.2. Numerical Methodology


Since the present study investigates the influence of different design parameters of the first and second piston rings on their dynamic characteristics and sealing capacity, a sensitivity analysis is established by introducing parameter modifications as indicated in Table 1.



Where    G i    and    m i    are the gap and mass in the reference conditions of the compression rings. The positive and negative twist angle characteristics are described in Figure 6.



Where ID and OD are inner and outer diameter, respectively. Figure 7 displays the cross-section of the engine piston rings. Specifically, the first ring possesses a barrel curve-shaped geometric profile, the second ring has a tapered face profile, and the third ring presents a beveled edge profile.



The solver ode45 from Matlab® software was implemented to solve the model equations proposed in Section 2.1. For the simulations, the characteristics of a single-cylinder diesel engine were used as a reference. The technical specifications of the engine are listed in Table 2. The simulation was executed at a rotation velocity of 3600 rpm and a torque of 9 Nm since this is the engine’s main operating condition (maximum efficiency operating zone).




2.3. Experimental Validation


The experimental validation of the model is performed by comparing the pressure levels measured using piezoelectric transducers (KISTLER type 7063-A) installed on the piston. As such, the pressure response is measured directly in the combustion chamber and in locations 1 and 2 (see Figure 7). Figure 8 shows a schematic representation of the sensors installed in the piston.



The comparison between the experimental and simulated pressure data is shown in Figure 9.



According to the results of Figure 9, the pressure curves obtained through the numerical simulation follow the same trend as the experimental measurements. In particular, the maximum relative errors between the simulated and experimental data are 7%, 15%, and 11% for the pressure levels in the combustion chamber, location (1) and location (2), respectively. The maximum error reached in the validation methodology is reasonable considering similar experimental investigations [40,41].





3. Results and Discussions


3.1. Analysis of the Reference Conditions


Before conducting the sensitivity analysis proposed in the study (see Table 1), it is crucial to relate the pressure conditions, the position of the rings and the gas flow without such modifications on the compression rings as the baseline.



Firstly, Figure 10 depicts the pressure characteristics at different combustion chamber locations (see Figure 7) under the reference conditions.



Based on the outcomes of Figure 10, during the cycle stages, location (1) features the highest pressure range, and this is significantly higher than the pressure at locations (2) and (3). The latter is a consequence of the direct interaction with the combustion gases at location (1), which raises the pressure in this area. Interestingly, the pressure in location (3) remains constant during the cycle, which can be explained considering that this zone corresponds to the engine crankcase, which is not directly influenced by the combustion phenomena. Overall, the maximum pressure obtained at locations (1) and (2) was 3.89 bar and 1.59 bar, respectively.



Subsequently, Figure 11 displays the relative position of the three piston rings, in which position 0 indicates that the ring is seated at the bottom of the piston groove, and position 1 indicates that the ring is seated in the top. In the case of the first compression ring, it was observed that it remains seated during the compression and combustion stages due to extreme pressure conditions. Additionally, the higher pressure in the backside of the ring during combustion magnifies the contact force, which is the spontaneous mechanism enacted to seal the combustion chamber [33]. However, in the final stage of expansion, an uplift trend occurs in the ring. This trend results from the intensified pressure at location (2), as indicated in Figure 10. Another reason for this can be found considering that the lubricant film in the second groove is mainly influenced by the first ring that, in this case, experiences lower pressures, thus resulting in higher film thickness. As mentioned in Ref. [42], a thicker film degenerates the sealing performance since it contributes to enlarging the ring-bore clearance. The second lift of the first ring occurs between the exhaust and intake stages, which can be attributed to the inertial force of the ring [43]. In contrast, the second compression ring remains at the bottom of the groove during all stages of combustion. Finally, the third piston ring shows a lifting behavior during combustion and air intake. This behavior is attributed to the friction forces of the lubrication oil that surpass the force induced by the pressure at the location (3).



Figure 12 describes the behavior of the gas flows for the different slots (see Figure 6). Positive values indicate a downward flow from the combustion chamber, and negative values indicate that the flows return to the chamber (upward flow).



The largest downward gas flows occur in the groove (1) during the combustion stage. This behavior is a direct consequence of the high pressures in this combustion chamber region [44]. The highest flow peaks occur at the end of the compression, combustion, and intake stages, with a flow of 0.164, 0.085 and   0.065 ×   10   − 3     g/s, respectively. In a general sense, the baseline case analysis serves as the initial point to compare the influence of the design parameters of the compression rings on the sealing capacity of the combustion chamber. The results of the blow-by gas in the reference scenario elucidate the importance of improving the design parameters to minimize pollutant emissions and reduce fuel consumption.




3.2. Analysis of the Influence of Ring Gap


Figure 13 shows the pressure developed in the combustion chamber at different locations when accounting for compression ring gap modifications (see Table 1).



For modification 1 (Figure 13a), the pressure curve follows a similar behavior as in the reference conditions (see Figure 10). However, the pressure levels at location (1) are lower compared to the reference conditions. Specifically, a reduction of 11.12% in the maximum pressure is observed. This result is attributed to the enhanced sealing capacity as the first ring gap is reduced by 25%. An opposite trend occurs at location (2) since the maximum pressure is amplified by around 10.5%, which can be explained considering that increasing the second ring gap promotes a greater flow of gas in this area. Location (3) features the least sensitivity to pressure changes since the compression ring is not being modified.



In modification 2 (Figure 13b), a considerable rise in pressure is shown during the combustion stage, reaching a maximum pressure of 6.63 bar. The latter is a direct consequence of increasing the first ring gap, which fosters a greater concentration of flow in location (1). The effect of ring flutter can be mentioned as another contributor to pressure intensification. In general, it was observed that this modification causes increases in the maximum pressure of 70.5% and 38.2% in locations (1) and (2), respectively.



On the other hand, a combined reduction in the gap of the first and second rings (modification 3) significantly drops the pressure in locations (1) and (2) compared to the reference condition. Specifically, the pressure remains below 2 bar in these zones for all the stages during the combustion cycle. This pattern implies a reduction in the concentration of combustion flow in these areas due to reducing the gap of the compression rings. The pressure gradients along the combustion cycle represent a vital parameter to relate the overall behavior of the compression rings and further assist in explaining the dynamic characteristics involved during each combustion phase. Generally, the interaction between the pressure distributions on each piston and the inertial forces determine the final behavior of the blow-by gas phenomena and the oil consumption of the engine.



Accordingly, Figure 14 shows the relative position of the piston rings for different modifications in the compression ring gap.



According to the results of Figure 14a (modification 1), the elevation of the first ring tends to decrease compared to the reference condition (see Figure 11). This result might be a consequence of the lower pressure levels at the location (1) during the combustion stage due to reducing the first compression ring gap. The variation in the dynamic balance of both the tension force and body contact force can be mentioned as another contributor to this pattern in the radial movement of the ring [33,42]. In the second and third rings, a similar trend is obtained when compared to the reference conditions, except for the final stage of admission in the third ring, which settles in the lower part of the groove.



For modification 2 (Figure 14b), the first ring remains in the upper part of the groove during almost all of the combustion cycle. This pattern can be associated with the intensified pressure in location (1), as shown in Figure 13b. In contrast, the other piston rings did not significantly change their relative position compared to the reference condition.



By reducing the gap in both the first and second rings (modification 3), the first ring tends to stay at the groove bottom, except for in the initial intake stage. This occurs since the pressure at location (1) is lower than the pressure developed in the combustion chamber during much of the combustion cycle. However, the second ring experiences an unstable position during the combustion stages. This behavior could be associated with a similar share between the inertial force and the pressure force that triggers instability in the ring position. For the third ring, it can be inferred that its movement depends to a great extent on the inertial force since the pressures at locations (2) and (3) are not significant (see Figure 13c).



On the other hand, Figure 15 illustrates the flows of combustion gases that escape through the different grooves of the piston rings and the influence of gap modifications in the compression rings.



Figure 15 demonstrates that the variation in the compression ring gap has a significant impact on the gas flow that passes through the piston grooves. Notably, groove (1) presents the critical condition of the blow-by phenomena due to its direct interaction with the combustion chamber. Overall, by reducing the first ring gap (modification 1 and modification 3), the flow of combustion gases through the grooves can be minimized by between 4% and 13% in groove (1). Contrarily, increasing the first ring gap (modification 2) magnifies the gas leakage in the groove (1) by 5.12% compared to the reference conditions. In general, shortening the compression rings’ gap limits the gas leakage, which is a direct indication of improved sealing capacity. However, the excessive reduction produces instabilities in the second piston ring, which can be associated with ring collapse, as corroborated by the pressure behavior in Figure 14c. This collapse condition in the second ring was also observed in other investigations [45,46]. The latter represents the parasitic effect of the sealing capacity that takes place when the pressure in location (2) escalates in a slow manner, allowing the inertial force to keep the compression ring up for an extended period during the combustion cycle thereby boosting the blow-by gas.




3.3. Analysis of the Variation of the Mass of Compression Rings


Figure 16 displays the same sensitivity analysis for the pressure conditions discussed in the previous section when the mass of the compression rings is altered (modification 4).



According to Figure 16, the pressures at locations (1) and (2) are reduced compared to the reference condition. This implies that increasing the mass of the first and second rings improves the sealing capacity of the piston. This behavior can be attributed to higher tension forces since the ring is heavier, which promotes the stiffness of the ring. For the simulated conditions, the maximum pressure decreases by 7% and 7.38% in locations (1) and (2), respectively. In other studies, the effect of mass and inertial force was also outlined to explain the ring flutter phenomena since both parameters influence torsional stiffness, which is commonly controlled by varying the axial height of the ring [33,46]. The flutter occurrence is a non-desirable condition that is attributed to a strong resemblance between the inertial and gas pressure forces [46]. The latter takes relevance since it induces a pronounced clearance between the ring and the groove, thus fostering gas flows and imminent pressure fluctuations, which directly impacts the overall emissions and lubricant oil consumption.



Figure 17 depicts the effect of increasing the mass of the compression rings on the relative position of the piston grooves. The results show that the first ring exhibits a more stable behavior than the reference conditions since it only shows a rise inside the groove during the final exhaust stage and the start of the intake stroke. This stability is mainly attributed to the high combustion pressure that inhibits the ring from lifting. However, in the second ring, a greater variation in its position was observed compared to the reference condition. Specifically, within the combustion cycle, the groove settled at the top during the compression and intake stroke. This behavior is attributed to the augmented inertial and tension forces due to the greater mass in the ring that offsets the pressure force. An experimental study [18] also outlined that the axial ring’s collapse in the second ring is responsible for the unstable behavior in the relative position. This pattern implies that the radial force exceeds both the ring tension and the pressing forces, producing a direct recirculation of gas flow from position (2) to the position (3) of the piston lands, which negatively affects the sealing capacity [45].




3.4. Analysis of the Variation of the Twist Angle of Compression Rings


Figure 18 depicts the changes in the inner and outer diameter for the first and second compression rings by modifying the twist angle.



Unlike previous behaviors, the external and internal diameters of the compression rings are not located in the same position within the groove. For a positive twist angle (Figure 18a), it can be noted that both the outer and inner diameters of the first ring feature a similar trend while remaining at the top position between the combustion and exhaust stages. This condition can be explained considering that the pressure enlargement provokes the inner diameter to lift from the flank of the groove; as such, the trapped gases inside this cavity penetrate a larger area of the bottom side of the ring. Thus, the inertial forces surpass the gas pressure forces, resulting in the upward motion of the entire ring. In this scenario, the whole body of the first ring may lift easily due to the flow pressure at location (1). This pattern is in agreement with an experimental report that outlined that large twist angles reduce the ring resistance as a result of viscous friction effects, which foster the upward trend in the groove [47]. In the second compression ring, a more unstable behavior is obtained since the internal diameter remains in the lower part of the groove during the entire combustion cycle. In contrast, the outside diameter rises steadily, reaching approximately 30% of the groove’s height in the compression stage. This behavior can be explained considering that the twist angle significantly impacts the running face contour and even the lubrication gap between the compression ring and the liner, which directly influences the dynamic characteristics and pressure force of the rings [9,33].



On the other hand, for a negative twist angle (Figure 18b), the first compression ring’s results indicate a greater difference between the relative positions of the inner and outer diameters. This behavior can be explained considering that a negative twist angle enables a larger portion of combustion gases to enter the ring groove, pushing the ring’s inner diameter (see Figure 18b). Similarly, in the second ring, there is a considerable difference between the inner and outer diameter positions. Therefore, we can verify the adverse effects of negative twist angles in the compression rings since they reduce the sealing capacity while promoting a greater quantity of combustion gases to flow through the piston. It is worth mentioning the relevance of examining the twist angle that arises, considering that it can significantly relate to the wear performance of the compression ring. For instance, increasing the twist angle can produce severe wear in the groove lands and ring flanks [33]. Moreover, the real surface patterns of the compression rings possess shape deviations (e.g., waviness, straightness) that are derived from thermal deformation or excessive wear, which determines the appropriate prediction of the overall sealing performance. It can be outlined from this section that the overall behavior of the compression rings does not depend exclusively on the interaction between the pressure gradients and inertial forces, since the location where this interaction takes place features a predominant role in the sealing capacity, as corroborated by the incidence of both the positive and negative twist angles.




3.5. Analysis of the Variation of Blow-By Gas


This section aims to determine the influence of the modifications above on the blow-by gas phenomena during the combustion cycle, as shown in Figure 19. In this sense, we can compare in broader terms the impact of the design parameters of the compression rings on the sealing capacity.



The results show that only a combined reduction in the ring gap parameter has a positive effect on blow-by gas minimization, as it reduces up to 37% of the combustion gases that end up in the engine crankcase.



On the other hand, increasing the mass of the compression rings boosts the combustion gases leakage, which is a consequence of intensified motion in the second compression ring during the combustion cycle, as shown in Figure 17. It is worth mentioning that the greater mass in the rings benefits the tension forces, which reduces the pressure ranges. However, this positive effect is neutralized by the intensification of the inertia in the rings that magnify the blow-by gas effect. For positive twist angles (modification 5), a substantial reduction in gas leakage to the crankcase was achieved. However, a negative twist angle in the compression rings increases the gas losses by 16.08%. The latter is a consequence of the geometrical disposition that is averse to sealing the groove clearance. It is worth mentioning that unlike blow-by gas phenomena that directly impact global emissions, the reverse blow-by effect considerably increases the lubricating oil consumption [46]. The latter occurs when the pressure of the combustion chamber does not exceed that of the second piston land. Therefore, we can verify the relevance of characterizing this phenomenon to accurately predict and improve the overall performance of the ICEs from a global perspective.





4. Conclusions


The present investigation analyzed the influence of compression rings’ design parameters on the sealing capacity. Accordingly, a sensitivity analysis was introduced to unravel the impact of the gap, mass, and twist angle of the compression rings. A mathematical model is proposed to predict the blow-by phenomena in a single-cylinder diesel engine while accounting for dynamic characteristics. Incorporating the secondary compression ring within the performance evaluation stands as a unique factor of the present investigation.



The results showed the significance of the pressure produced by the combustion gases and the relative motion of the compression rings on the combustion chamber sealing capacity. Specifically, the greatest gas leakage into the crankcase occurs during the compression and combustion stages due to extreme pressure conditions. Under the reference conditions, the gas leakage reaches 0.001 g for each combustion cycle, representing a loss of approximately 0.5% of the gases enclosed in the combustion chamber per cycle.



The sensitivity analysis of the compression ring gap demonstrated that the first piston ring regulates the flow of gases that passes through the grooves of the lower rings, which is reflected in the reduced pressures in these areas. However, the leakage into the crankcase is mainly governed by the relative motion of the secondary piston ring. In general, a combined reduction in the gap of both compression rings minimizes the leakage flows by 37%.



On the other hand, increasing the mass of the compression rings magnifies the gas leakage, which is a direct consequence of the higher inertial forces in the rings. This effect promotes the movement of the rings in their groove, facilitating the free flow of combustion gases.



The positive twist angle of the compression rings fostered a reduction of up to   7.33 ×   10   − 5      g  / cycle    in the combustion gases that flow to the crankcase. Contrarily, a negative twist angle caused an increase of   1.61 ×   10   − 4      g  / cycle  , demonstrating the negative impact of this modification in terms of the sealing capacity. In conclusion, the proposed mathematical model proved reliable in the prediction of the overall behavior related to the sealing capacity of compression rings, which set the basis for more complex analysis. The neglection of the secondary movement of the piston is a significant limitation of the proposed model, which might unravel hidden effects to further optimize the sealing capacity. In future studies, the incorporation of CFD simulations for the compression rings appears to be an interesting avenue. In addition, there is a pressing need to extend the evaluation to other aspects of the engine, such as the effects of lubrication oil consumption and emissions levels, among others.
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Abbreviations


The following abbreviations are used in this manuscript:



	
Nomenclature




	
  ICE  

	
Internal combustion engine




	
FEA

	
Finite element analysis




	
 T 

	
Temperature




	
 P 

	
Pressure




	
   c p   

	
Model constant




	
 a 

	
Acceleration




	
 L 

	
Longitude




	
 F 

	
Force




	
   m r   

	
Piston mass




	
   P h   

	
Hydrodynamic pressure




	
 τ 

	
Viscous shear stress




	
 A 

	
Area




	
   ϕ x  ,    ϕ y   

	
Pressure flow factors




	
   ϕ s   

	
Shear flow factor




	
 h 

	
Thickness of the lubrication film




	
 Z 

	
Piezo-viscosity index




	
   S o   

	
Thermo-viscosity index




	
 ζ 

	
Coefficient of asperity shear strength




	
   P a   

	
Asperity contact pressure




	
   σ s   

	
Surface roughness




	
   β a   

	
Average asperity radius of curvature




	
 ξ 

	
Asperity distribution




	
 λ 

	
The stribeck’s lubricant film ratio




	
  E ′  

	
Equivalent Young’s modulus of elasticity




	
   F  5 / 2    

	
Statistical function of lubricant film ratio




	
 E 

	
Modulus of elasticity




	
 ϑ 

	
Poisson’s ratio




	
   e t   

	
Eccentricities of piston at the top of the skirt




	
   e b   

	
Eccentricities of piston at the bottom of the skirt




	
   c  c p    

	
Clearance between the cylinder liner and piston skirt




	
   L  p s    

	
Longitude of piston skirt




	
 δ 

	
Piston skirt deformation




	
   τ o   

	
Limiting Eyring shear stress




	
   A e   

	
Effective asperity contact area




	
   F 2   

	
Statistical function of the Stribeck’s lubricant film ratio




	
   P k   

	
Specific pressure of the piston ring on the cylinder wall




	
 D 

	
Diameter of the ring




	
 b 

	
Width of the ring




	
   σ b   

	
Bending stress




	
   ϕ  s r    

	
Shear factor due to local roughness




	
 f 

	
Ring gap




	
   L  r p    

	
Length of the ring




	
   T t   

	
Stiffness torsion




	
   D i   

	
Inner diameter




	
   D o   

	
Outer diameter




	
  m ˙  

	
Mass flow




	
   ϕ  s s    

	
Shear factor due to sliding velocity




	
 R 

	
Gas constant




	
   n g   

	
Dynamic viscosity of the gas




	
   S n   

	
Sutherland’s number




	
   a g   

	
Ring gap area




	
   c d   

	
Discharge coefficient




	
   f m   

	
Compressibility factor




	
   γ s   

	
Ratio of the specific heats




	
   I r   

	
Second moment of inertia of the area




	
   A r   

	
Cross-sectional area




	
   R r   

	
Radius of curvature of the ring




	
 φ 

	
Angular position of the ring




	
   C  i j    

	
Elastic compliance matrix




	
 u 

	
Radial direction




	
 w 

	
Axial direction




	
   ϕ  s p    

	
Shear factor due to mean pressure




	
 δ 

	
Distance between the wrist pin and axis of the piston




	
Greek Letters




	
 ρ 

	
Density




	
 β 

	
Coefficient of thermal expansion




	
 η 

	
Viscosity




	
   η ∞   

	
Model constant




	
   α o   

	
Atmospheric piezo-viscosity coefficient




	
   β o   

	
Thermo-viscosity coefficient




	
 α 

	
Displacement angle of the connecting rod




	
 ω 

	
Angular velocity




	
 θ 

	
Displacement angle of the crankshaft




	
 ψ 

	
Ring twist angle




	
Subscripts




	
 o 

	
Environmental conditions




	
  a t m  

	
Atmospheric




	
 p 

	
Piston




	
 r 

	
Connecting rod




	
c

	
Crankshaft




	
 g 

	
Combustion gases
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Figure 1. Primary piston movement. 






Figure 1. Primary piston movement.
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Figure 2. Control volumes for the gas blow-by model. 
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Figure 3. Piston skirt compliance matrix. 






Figure 3. Piston skirt compliance matrix.
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Figure 4. Points for mesh independence analysis. 
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Figure 5. Mesh independence analysis at different locations. 
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Figure 6. (a) Positive twist angle and (b) negative twist angle. 
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Figure 7. Piston ring geometry. 
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Figure 8. Pressure sensor installation diagram. 
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Figure 9. Experimental validation of the simulation results in the (a) combustion chamber and (b) in locations 1 and 2. 
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Figure 10. Pressure at different locations in the combustion chamber under reference conditions. 
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Figure 11. Relative positions of piston rings for reference conditions. 
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Figure 12. Gas flow for the different grooves under reference conditions. 
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Figure 13. Pressure in the combustion chamber for (a) modification 1, (b) modification 2 and (c) modification 3. 
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Figure 14. Relative position of the piston rings for (a) modification 1, (b) modification 2 and (c) modification 3. 
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Figure 15. Flow of combustion gases in the piston grooves for (a) modification 1, (b) modification 2, and (c) modification 3. 
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Figure 16. Pressure in the combustion chamber for modification 4. 
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Figure 17. Relative position of piston rings for modification 4. 
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Figure 18. Relative position of piston rings for modifications 5 and 6, (a) positive twist angle and (b) negative twist angle. 
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Figure 19. Blow-by gas for the different modifications. 
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Table 1. Modification of the compression ring parameters.
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Modification

	
Parameter

	
First Ring

	
Second Ring






	
1

	
Gap

	
−25%    G 1   

	
+25%    G 2   




	
2

	
+25%    G 1   

	
    G 2    




	
3

	
−25%    G 1   

	
−25%    G 2   




	
4

	
Mass

	
+50%    m 1   

	
+50%    m 2   




	
5

	
Twist angle

	
Positive

	
Positive




	
6

	
Negative

	
Negative
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Table 2. Diesel engine.






Table 2. Diesel engine.





	Model
	SK-MDF300





	Manufacturer
	SOKAN



	Bore × stroke
	78 mm × 62.57 mm



	Engine type
	1 cylinder



	Maximum power
	4.6 hp at 3600 rpm



	Cycle
	4 Strokes



	Injection system
	Direct injection



	Displaced volume
	299 CC



	Compression ratio
	20:1



	Intake system
	Naturally Aspirated
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