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Abstract: The problem of climate change and the reduction of fossil fuels has motivated the
development of research focused on improving the efficiency of internal combustion engines.
This research proposes a methodology based on mathematical models to determine the energy losses
caused by auxiliary systems and friction processes in the engine. Therefore, models are proposed
for calculating the energy losses in fuel injection, lubrication, and cooling system. In the same way,
models are proposed for the energy losses due to friction in the piston, valve train, and bearings.
Experimental tests are carried out on a single-cylinder diesel engine under different operating
conditions to validate the proposed models. The results showed that the energy losses of the fuel
injection, lubrication, and coolant system are equal to 0.61%, 0.30%, and 0.31% of the chemical energy
of the injected fuel. In the case of the energy losses by friction processes, the piston, valve train, and
bearings represent 5.47%, 1.34%, and 1.85% of the fuel energy, respectively. Additionally, the proposed
model allows estimating the minimum lubrication film present in the piston, valve train, and bearings,
which in the particular case of the present study were 0.63 µm, 0.10 µm, and 0.57 µm, respectively.
In general, the methodology developed in the present work stands as a robust tool to evaluate the
modifications and/or designs of auxiliary systems and friction processes to reduce the energy losses
and protect the system from wear caused by lubrication problems. Additionally, the methodology
allows evaluating the effect of different types of fuels on the lubrication conditions of the piston and
the crankshaft bearings.

Keywords: auxiliary systems; energy losses; friction; hydrodynamic; lubrication; tribological performance

1. Introduction

Currently, internal combustion engines (ICE) are used in various economic activities, such as
industrial processes, agriculture, electricity generation, and transportation [1–4]. Power generation
through ICEs is of utmost importance for interconnected areas and to maintain a reliable operation
that accounts for energy fluctuations and shortage on a grid line. The use of generators powered by
ICE increases progressively every year [5]. Despite the advantages of ICEs, the activities that involve
their use are responsible for between 15% and 18% of global CO2 emissions [6,7]. This percentage
tends to increase due to the globalized growth of economic activities [8]. In order to minimize the
environmental impact, international organizations and governments have agreed to set strict levels
of emission control for ICE [9]. In order to reduce ICE emissions, the implementation of different
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post-treatment systems has been investigated, among which it is possible to highlight particle filters,
selective catalytic reduction, and the catalytic converter [10–12]. However, the structure of the engines
used for electricity generation limits the use of systems such as catalytic converters and exhaust gas
recirculation [5]. Additionally, the installation of these systems causes high back pressures in the
engine exhaust system. Therefore, greater pumping work is required, which produces an increase in
fuel consumption [13,14]. As a result, it is necessary to implement alternative strategies to reduce the
emissions of ICEs for electric power generation.

The reduction of pollutants in ICEs can be achieved by reducing fuel consumption, which is
directly related to the energy efficiency of the engine. Efficiency in ICEs is reduced by mechanical losses,
which significantly reduces the useful power of the engine. Mechanical losses are the consequence of
energy losses in the pumping system, friction processes, and the energy necessary for the movement of
engine components [15]. Therefore, one way to improve ICE efficiency is by reducing energy losses
associated with the friction processes.

Friction losses account for approximately 12% of fuel energy. The sources of friction losses are
located in the interactions between the cylinder liner and the piston skirt, the camshaft, and the bearings.
Based on the prominent contribution of friction losses, different investigations have been carried out
to minimize energy losses through different strategies such as oil system heating [16], low viscosity
oil [17,18], smooth contact surfaces [19], and coating implementation [20,21].

Another alternative proposed for reducing friction losses is the development of mathematical
models that allow quantifying and determining the origin of the energy loss associated with
friction [22]. This type of model can be useful to improve the design of critical components such as the
piston, the compression rings, the camshaft, and the bearings [23]. Dowson et al. [24] developed a
one-dimensional model to estimate friction-associated losses in engines. The model used considers the
movement of the elements to calculate the friction produced in the bearings. Dubois and Ocvirk [25]
built a model to quantify friction losses in the piston mechanism. Taraza and Henein [26] implemented
a mathematical model based on the Stribeck diagram.

Different tribological investigations indicate the importance of mechanical losses caused by friction
processes and auxiliary systems. Furuhama and Sasaki [27] evaluated the lubrication performance
in the contact between the piston rings and the cylinder liner. Tian [28] pointed out that tribological
behavior plays an important role in the wear of the components and the variation of the lubrication film.

Over the years, the complexity of the models has increased since they are used to quantify the losses
in specific areas of the engine. Liu et al. [29] studied the influence of surface texture on the lubrication
performance between compression rings and cylinder liners. The study was carried out by applying a
mixed lubrication model to evaluate the tribological behavior with the presence of spherical dimples
in the cylinder liner. Similarly, Avan et al. [30] developed a tribological model to study the influence of
the design of the piston rings on the energy losses produced by the contact in the cylinder liner and
the piston. The model was used to estimate the thickness of the lubrication film and friction under
different lubrication conditions. Jocsak et al. [31] evaluated the influence of different surface parameters
on the cylinder liner. The analysis was performed through the implementation of non-Gaussian
probability density functions, which were unified with the Greenwood and Tripp roughness contact
model and the standard piston-ring friction model. Allmaier et al. [32] studied the thermodynamic
behavior of the bearings using an isothermal elastohydrodynamic simulation model. The model was
used to calculate the frictional power losses in the sleeve bearings. Likewise, Sander et al. [33] analyzed
the mixed lubrication in plain bearings using experimental and numerical approaches. The study
focused on the influence of the properties of non-Newtonian lubricants and the piezoviscous effect on
power losses due to friction processes in bearings for different dynamic load conditions.

The ICE valve train is another mechanism that has been investigated to reduce friction losses.
The strategies used involve the use of different surface textures between the cam-tappet and cam-roller
connections [34]. In general, the estimation of the friction forces for this type of mechanism is carried
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out using the Hertz contact model. Currently, there are different models focused on calculating the
thickness of the lubrication film between the follower and the cam lobe [35].

Apart from the individual analysis for the dynamic and lubrication characteristics in the engine’s
systems and components, different alternatives have been evaluated in relation to the type of fuel used.
Specifically, the study centers on the exploration of biodiesel blends from edible and non-edible
vegetable oil, microalgae, water emulsions, and the incorporation of additives such as hydrogen,
metallic compounds, and hydroxy. In general, the main focus is to obtain a fuel mixture that guarantees
optimal performance while reducing emissions. However, the effect of this type of alternative fuels on
the lubrication characteristics is normally not taken into consideration.

Generally, the analysis of the mechanical losses in the engine is performed in specific sections of the
engine [36,37], such as the piston assembly [38], bearings [18], and valve train [39]. This makes it difficult
to apply in a specific engine study at different operating conditions. Additionally, the identification
of potential damaging friction conditions, the quantification of global mechanical losses, and the
risk of direct contact between surfaces are more complex when different engine subsystems are
considered together.

The objective of this study is to determine the energy losses in the auxiliary systems and the
engine friction processes through the development of a compound methodology that integrates the
effects of fuel injection, lubrication, and cooling systems. Also, the proposed methodology accounts for
the energy dissipated by friction in the piston, valve train, and bearings. The series of mathematical
models allow determining the thickness of the lubrication film located on the piston, valve train,
and crankshaft bearings. This work serves as a further step to close the knowledge gap regarding
energy losses in ICEs while providing a robust tool to determine the impact of modifications in engine
components and systems or even the type of fuel in the overall performance of the engine.

2. Energy Loss Models for Auxiliary Systems

The energy losses of an engine can be classified into two groups. The first group corresponds
to losses due to friction processes, which occur due to the interactions present in the valve train,
piston, and bearings. The second group is a consequence of the auxiliary systems of the engine
due to the energy required for its operation. The latter corresponds to the fuel injection, lubrication,
and cooling systems. The models used to calculate the energy consumption of the auxiliary systems
are described below.

2.1. Fuel Injection System

The power of the pump used in fuel injection systems depends on the pressure drop in the
common rail and the volumetric flow. Therefore, the energy consumed from the pump (E f uel) is
calculated by means of Equation (1).

E f uel =
Pcr·

.
V f

η f
(1)

where
.

V f is the volumetric flow of fuel, Pcr the common rail pressure (i.e., is considered as the pressure
drop of the fuel injection system) and η f the efficiency of the fuel pump. The volumetric flow of fuel is
defined by Equation (2).

.
V f =

.
m f

ρ f
(2)

where
.

m f and ρ f are the mass flow and density of the fuel, respectively. Replacing Equation (2) in (1)
determines the equation used to calculate the energy consumed by the fuel injection system, which is
shown in Equation (3).

E f uel = Pcr·

 .
m f

ρ f ·η f

. (3)
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2.2. Lubrication System

The energy consumption of the oil pump is determined by Equation (4).

.
Elub =

∆Plub·
.

Vlub
ηlub

(4)

where Plub is the pressure drop across the lubrication pipe,
.

Vlub is the volumetric flow of the lubricant
and ηlub is the efficiency of the pump. The pressure drop in the lubrication pipe is determined by the
Darcy–Weisbach equation, as shown in Equation (5) [40].

∆Plub =
8· fpipe

g·π2 ·
Lpipe

D2
pipe

·
.

V
2
lub (5)

where Dpipe, Lpipe, g, and fpipe are the diameter of the pipe, the length of the pipe, gravity, and the
friction factor of the pipe, respectively. fpipe is calculated from the Moody formula [41], as shown in
Equation (6):

fpipe = 1.375× 10−3
·

1 +
800

.
·Vlub·ρlub·rpipe + π·Dpipe·µlub × 106

4·
.

Vlub·ρlub


1/3 (6)

where µlub, ρlub, and rpipe are the dynamic viscosity of the lubricant, the density of the lubricant, and
the roughness of the pipe, respectively.

2.3. Cooling System

In the particular case of this study, the engine cooling system is carried out by means of a forced
ventilation system caused by the presence of a fan. The calculation of the energy losses in this type of
system can be defined as shown in Equation (7) [42].

.
Ec = τ·N =

(
k·N2

)
·N (7)

where N is the rotational speed of the engine, and k is the fan factor, which depends on the characteristic
curve and the design of the blades.

A more direct alternative to calculating the energy losses in these systems is by measuring the
electrical operating characteristics of the fan, as shown in Equation (8).

.
Ec = Vs·I (8)

where Vs is the supply voltage and I is the electric current. In the case of having cooling systems using
centrifugal pumps, it is possible to estimate the energy losses by applying the methodology shown in
Section 2.2.

3. Energy Loss Models for Friction Processes

The models used to calculate the energy losses caused by friction processes, which occur due to
the interactions present in the valve train, piston, and bearings, are described below.

3.1. Energy Losses in the Valve Train

The interaction between the follower and the cam produces contact friction
(
Fc f ,v

)
, which is a

consequence of the viscosity force due to the lubricant shear and the asperity [43,44]. Therefore, contact
friction is defined by Equation (9).

Fc f ,v = Fac,v + Fv f ,v (9)
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where Fac,v and Fv f ,v are the asperity contact force and viscous friction force, respectively. The asperity
contact force (Fac,v) is determined by the Equation (10):

Fac,v = cplc + τssAa (10)

where cp, lc, Aa, and τss are the coefficient of the shear strength, load carried by the asperities, asperity
area, and Eyring shear stress, respectively.

The load carried by the asperities (lc) and asperity area (Aa) are determined by Equations (11) and
(12) [45].

lc =

√
2·rs

ra
·


√

16·π
15

ρa·ra·rs·
√

Ee·Hc·F5/2

2

(11)

Aa = Hc·F2·(π·ρa·ra·rs)
2 (12)

where rs, ra, ρa, Ee, and Hc are the composite surface roughness parameter, asperities radius of
curvature, asperity density, effective elastic modulus, and Hertzian contact area, respectively.

The Hertzian contact area (Hc) is estimated by considering the contact between the follower and
the cam as two cylinders. Therefore, Hc is calculated, as shown in Equation (13) [46]:

Hc =

(
24·re·Fn,v·w2

cam
π·Ee

) 1
2

(13)

where re is the equivalent radius of curvature, wcam is the cam width and Fn,v is the normal force.
The effective elastic modulus (Ee) is calculated by Equation (14).

1
Ee

=
1− ϑ2

f oll

2·E f oll
+

1− ϑ2
cam

2·Ecam
(14)

where ϑ f oll and ϑcam are the Poisson’s ratios of the follower and cam. E f oll and Ecam are young’s
modulus of the follower and cam.

Variables F5/2 and F2 are statistical functions dependent on the separation parameter
(
sp

)
, as shown

in Equations (15) and (16) [43].

F5/2 = −0.93 + 0.61sp − 0.143s2
p + 1.117× 10−2s3

p +
1.47
esp

(15)

F2 = −1.64 + 1.172sp − 0.31s2
p + 0.3× 10−1s3

p +
2.26
esp

(16)

The viscous friction force is determined from the model proposed by Goksem and Hargreaves [47],
as shown in Equation (17).

Fv f ,v =
4.318·rcc·wcam

cpv
·

(cpv·µ·ve

rcc

)0.658
·

(
Fn,v

Ee·rcc·wcam

)0.0126

(17)

where cpv, rcc, ve and Fn,v are the pressure viscosity coefficient, combined radius of curvature, entrainment
velocity, and normal force, respectively.

The minimum thickness of the lubrication film (hm) in the valve train is determined by means of
Equation (18) [48].

hm = 2.65·re·

( µ·ve

Ee·re

)0.7(
cpv·Ee

)0.54
(

Fn,v

Ee·re

)−0.13

(18)
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Considering the above equations, the energy losses by contact friction in the valve train can be
calculated by Equation (19) [49].

.
EFc f ,v = nind·

⌈∫ 2π

0
Fac,v(θ)·vc(θ) dθ

⌉
+ nexh·

⌈∫ 2π

0
Fv f ,v(θ)·vc(θ) dθ

⌉
(19)

where vc is the contact velocity, nind is the number of intake valves and nexh is the number of
exhaust valves.

3.2. Energy Losses in the Piston

To determine frictional energy losses in the piston, a configuration with three piston rings is
considered, which consists of the top compression ring, the middle ring, and the lubrication control.
This consideration is used since it is the most common configuration for internal combustion engines.

The friction forces in the piston rings depend on the interaction between the lining and the
ring surface. Therefore, friction is closely related to the properties, thickness, and height of the
lubrication film. Thus, the calculation of the friction force is made by considering the mechanics of the
lubrication fluid. When constructing the model, a series of considerations are made:

• The inner diameter of the ring is considered rigid, so radial inertial forces are ignored.
• Flow processes are considered isothermal.
• The radial and tangential friction forces are calculated based on the Stribeck function.
• The Reynolds equation is used to determine the damping force.
• The flow of gas pressures is considered stationary.

To determine the relationship between the width, height, and thickness of the lubrication film on
the surface of the piston rings, the Reynolds equation is used, which is described by Equation (20) [50].

∂
∂y

(
h3
·
∂p
∂y

)
+
∂
∂x

(
h3
·
∂p
∂x

)
= 6·η

(
a·
∂h
∂x

+ ν·
∂h
∂y

)
+ 12·µ·

dh
dt

. (20)

In the present study, the lubrication conditions between the cylinder liner and ring surface are
determined as a function of the piston position. Therefore, the Reynolds equation can be reduced,
as shown in Equation (21) [51]:

∂
∂x

(
h(x)3

·
∂p
∂x

)
= 6·η

(
υ·
∂h(x)
∂x

)
+ 12·µ·

dh(x)
dt

(21)

where v is the piston velocity, µ is the dynamic viscosity of the lubricant, p lubrication film pressure,
and h is the thickness of the lubrication film, which is a function of the position on the piston.

The diagram of the forces applied to the piston rings is described in Figure 1.
F f r,p represents the frictional force produced between the ring face and the cylinder liner and is

defined by Equation (22).
F f r,p,i = F f r,s,i + F f r,v,i (22)

where the subscript i can take the values of 1,2, and 3, which represent the top compression ring,
the middle ring, and the lubrication control ring, respectively. F f r,s is the asperity friction force caused
by the contact between the ring and the cylinder liner, and F f r,v the viscous friction force caused by the
viscosity of the lubricant.
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Figure 1. Frictional forces applied to piston rings.

The viscous friction force
(
F f r,v

)
is calculated by considering the lubricant as a Newtonian fluid,

as shown in Equation (23) [52].

F f r,v,i =

bi∫
ai

(
υ·
µ

h
+

h
2
·
∂p
∂x

)
dx. (23)

The dynamic viscosity of the lubricant (µ) is calculated by means of Equation (24) [53].

µ = µo·e
[ln( µo

µ∞
)·(1+ p−patm

cp )
z
( T−138

To−138 )
−So
−1]

(24)

where Z is the piezoelectric viscosity, So is the thermo-viscosity indices and µo is the dynamic viscosity
of the lubricant under atmospheric conditions. The parameters Z and So are determined from
Equations (25) and (26) [50].

Z = cp·αo

[
ln

(
µ0

µ∞

)]−1

(25)

So = (To − 138)·βo·

[
ln

(
µ0

µ∞

)]−1

(26)

where βo and αo are thermo-viscosity coefficients and atmospheric piezo-viscosity. µ∞ and cp are
constants defined via Equations (27) and (28).

µ∞ = 6.31× 10−5 Pa·s (27)

cp = 1.98× 108 Pa. (28)

The asperity friction force
(
F f r,s

)
is determined by Equation (29).

F f r,s,i =

bi∫
ai

c f r·Pc dx (29)
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where c f r is the metal-metal friction coefficient and Pc is the asperity contact pressure, which is
determined by means of the Greenwood and Tripp model [54], as shown in Equation (30):

Pc = F5/2(λ)·
16·
√

2·π
15

·ρ2
s ·
(
σ2

c + σ2
p

)5/4
r3/2

c ·E (30)

where rc is the radius of curvature of asperities, ρs is the asperity density of the surface, E is the young’s
modulus between cylinder liner and ring. σc and σp are the surface roughness of the cylinder liner and
piston ring.

The effective elastic modulus between the cylinder liner and ring (Ee,c), is calculated by the
Equation (31).

1− ϑ2
1

E1
+

1− ϑ2
2

E2
=

2
Ee,c

(31)

where ϑ is the Poisson ratio, and E is the elastic modulus. Subscripts 1 and 2 represent the surface area
of the cylinder liner and piston ring, respectively.

The term F5/2(λ) represents the Gaussian roughness distribution, which is calculated by
Equation (32) [55].

F5/2(λ) =


−0.0046λ5 + 0.057λ4

− 0.296λ3 + 0.785λ2
− 1.078λ+ 0.62, λ = h√

σ2
p+σ

2
r

≤ 2.23

0 , λ = h√
σ2

p+σ
2
r

> 2.23

 . (32)

Finally, the energy losses to friction in the piston are calculated by Equation (33).

E f ,p =
3∑

i=1

(∫ 2π

0
F f r,v,i·v dθ+

∫ 2π

0
F f r,s,i·v dθ

)
. (33)

3.3. Energy Losses in Bearings

To describe the energy losses in the bearings, the mobility model is taken as a basis, which considers
the trajectory inside the bearing, the location of the center of the journal, and the minimum thickness
of the lubrication film [56]. Figure 2 describes the bearing geometry used for the model.

Figure 2. Bearing internal geometry.
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The friction force applied to the bearings is determined from Equation (34) [56].

F f r,b =
2·vb·Fload,b· sinγ+ω·er·c jb·Fload,b· sinφ

ω·Db
+
µ·ω·D2

b ·Lb·J00
1

4·c jb
(34)

where µ is the dynamic oil viscosity, ω is the angular speed (this speed is considered to be the same for
the bearing and journal), Db is the bearing diameter, Lb is the bearing length, c jb is the clearance between
journal and bearing, vb is the speed of the bearing centre displacement, φ is the angle between Fload,b
and the centre line and γ is the angle between Fload,b and vb. The eccentricity ratio (er) is calculated by
Equation (35).

er =
eb
c jb

(35)

where eb is the eccentricity between the bearing centre and journal. Fload,b is the instantaneous load
applied to the bearing, and its value depends on the location (i.e., crankshaft or connecting rod).
The applied load on the connecting rod bearing (bearing 1) is determined directly from the dynamic
analysis of the piston mechanism. In the case of crankshaft bearings (bearing 2 and bearing 3), the load
they support is considered to be half the force exerted on bearing 1. This consideration is in accordance
with the results recorded in the literature [57]. Figure 3 shows the forces applied to the previously
described bearings.

Figure 3. Load diagram for engine bearings.

The thickness of the lubrication film on the bearings is determined by Equation (36).

h = crc·
(
1− c jb· cosφ

)
. (36)

where crc is the radial clearance in the bearings.
The parameter J00

1 present in Equation (34) describes the behavior of the extension and the change
in thickness of the lubrication film around the bearing. To calculate this parameter, the equation
proposed by Taylor is used [56], which is shown in Equation (37).

J00
1 =

2π∫
0

dθ
er· cosθ+ 1

=
2π√
1− e2

r

. (37)
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The model used in the present work is considered a quasi-stable condition, which implies that there
is no translational movement in the bearing. Therefore, the speed of the displacement of the bearing
center is zero (vb = 0) [26]. Hence, Equation (34) can be expressed, as shown in Equation (38) [56]:

F f r,b =
er·c jb·Fload,b· sinφ

Db
+
µ·ω·D2

b ·π·Lb

2·c jb

√
1− e2

r

. (38)

The angle between Fload,b and the centre line (φ), is determined from Equation (39).

φ = tan−1

π4 ·
√

1− e2
r

e2
r

. (39)

Solving Equations (35), (38) and (39) together determine the energy losses by the friction process
in the bearings, which is calculated by Equation (40).

E f ,b =
∑n=i

i=1

2π∫
0

Db,iω·F f r,b,i

2
dθ (40)

where n is the total number of bearings to consider.

4. Numerical Methodology

The methodology used in this research is divided into two parts, which consist of an experimental
part for the compilation of test data that allows determining the energy losses mentioned in Section 2
and a numerical part for the solution of the equations shown in Section 3. The experimental test bench
and the measuring instruments used for the study are described in Section 5.

The equations described in Section 3 are solved using the solver tool ode45 of the Matlab® software.
Figure 4 describes the diagram for the development of the experimental and numerical methodology.

Figure 4. Methodology used in this study.

Based on the characteristics of the engine and the operating conditions, the losses energy
calculations caused by the auxiliary systems (Section 2) and the friction processes (Section 3) are made.
Verification of the model results is carried out through experimental validation, which is discussed in
Section 6.1. Finally, the results of the model are used to evaluate the contribution of the energy losses
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of each system and process, the influence of the engine operating conditions, and the analysis of the
lubrication film on the components.

5. Experimental Methodology

The experimental tests were carried out on a test bench made up of a single-cylinder diesel engine.
The technical characteristics of the engine are shown in Table 1.

Table 1. Single cylinder diesel engine.

Engine SOKAN

Model SK-MDF300
Compression ratio 20:1

Number of cylinders 1
Fuel injection system Direct injection

Cylinder stroke/bore [mm] 63/78
Intake system Naturally Aspirated
Volume [cc] 300

Cycle 4 Strokes

The properties of the lubricant used are shown in Table 2. In the case of fuel, commercial diesel
was used with an addition of 0.075 LPM of hydrogen, which entered through the air intake system of
the engine. The properties of diesel and hydrogen are described in Table 3.

Table 2. Properties of the engine lubricant.

SAE15W-40

Density at 20 ◦C 0.864 g/cm3 (DIN 51757)
Pourpoint −33 ◦C (ISO 3016)

Viscosity at 40 ◦C 91.76 mm2/s
Flashpoint 224 ◦C (DIN ISO 2592)

Lower explosion limit 0.6 vol%
Upper explosion limit 6.5 vol%

Table 3. Diesel and hydrogen properties.

Properties Units Diesel Hydroxy Gas

Density kg/m3 0.827 0.084
Kinematic viscosity cSt 3.2 -

Flash point ◦C 74 -
Calorific value MJ/kg 41 115

For the analysis of the energy losses of the engine, nine operating modes were established,
as shown in Figure 5. These modes consist of variations in torque and rotation speed between 4–6 Nm
and 3400–3800 rpm, respectively. In this way, it is possible to evaluate the energy losses that occur in
the engine for low, medium, and high load conditions, thus covering the different conditions in which
the engine can operate.

The control of the torque and rotation speed is carried out by means of a dynamometer, which is
coupled to the engine shaft. To calculate the energy losses in the fuel injection system, a gravimetric
meter is used to determine the fuel flow (OHAUS PA313, OHAUS Corporation, Parsippany, NJ, USA).
Additionally, the common rail pressure measurement is performed by means of a pressure sensor
(KISTLER Type 4067-E, KISTLER, Winterthur, Switzerland). The measurement of the lubrication
flow is carried out by using a turbine-type flow sensor, which is used to calculate the losses in the
lubrication system. Finally, the electrical characteristics of voltage and current of the fan in charge of
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cooling the engine are recorded. For this, a digital multimeter (Fluke 15b-F15b, Fluke Corporation,
Everett, WA, USA) is used. The engine test bench diagram is shown in Figure 6.

Figure 5. Engine operating modes, A: 4 Nm-3400 rpm, B: 4 Nm-3600 rpm, C: 4 Nm-3800 rpm,
D: 6 Nm-3400 rpm, E: 4 Nm-3600 rpm, F: 6 Nm-3800 rpm, G: 8 Nm-3400 rpm, H: 8 Nm-3600 rpm,
I: 8 Nm-3800 rpm.

Figure 6. Engine test bench. 1. Data acquisition (DAQ), 2. Crank angle encoder, 3. Dynamometer,
4. Resistive bench, 5. Engine, 6. Median variables DAQ, 7. Diesel tank, 8. Fuel inlet valve, 9. Fuel filter,
10. Injection pump, 11. Airflow meter.
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To calculate the energy losses for friction processes, it is necessary to determine the piston’s
position and the pressure in the combustion chamber since they are input data for the solution of the
equations proposed. The combustion pressure measurement is carried out utilizing a piezoelectric
sensor (KISTLER type 7063-A, KISTLER, Winterthur, Switzerland) installed inside the chamber.
Synchronization between chamber pressure and the crankshaft rotation angle is done using an angle
encoder (BECK ARNLEY 180-0420, Beck / Arnley Company, Smyrna, TN, USA). Table 4 shows the
characteristics of the measurement instruments used.

Table 4. Measurement instruments.

Parameter Instrument Manufacturer Range Accuracy

Angle Crankshaft angle Beck Arnley 180-0420 5–9999 RPM 0.03%
Cylinder
pressure Piezoelectric transducer KISTLER type 7063-A 0–250 bar < ±0.5%

Airflow Air mass sensor BOSCH OE-22680 7J600 0–125 g/s 1%
Fuel measuring Gravimetric meter OHAUS-PA313 0–310 g 1.5%

Temperature Temperature sensor Type K −200–1370 ◦C 0.1%
Pressure Pressure sensor KISTLER Type 4067-E 0–200 bar 1%

6. Results and Discussions

6.1. Experimental Validation

To verify the prediction capacity of the models proposed in Sections 2 and 3, the total energy
losses caused by engine friction in the different operating modes are experimentally determined.
The evaluation of friction losses is determined by calculating the indicated mean effective pressure
(IMEP) and brake mean effective pressure (BMEP), as shown in Equation (41).

FMEP = IMEP− BMEP (41)

where FMEP (Friction Mean Effective Pressure) represents the power required to overcome engine
friction. Equation (41) can be rewritten as:

FMEP =

∮
pdV
vd

−
4·π·T

vd
(42)

where T is the measured torque of the engine and vd is the displaced volume in the chamber.
In the case of auxiliary systems, the characteristic curve of the fuel and lubricant pumps supplied

by the manufacturer is used to determine the power consumption associated with each quantity
of flow. For the cooling system, the power consumed is calculated directly by the current and voltage
conditions of the engine fan. Figure 7 shows the comparison between the results of the model and the
experimental ones.

Figure 7 shows that the proposed model maintains the same trend when compared with the
experimental results. An average error of 6% was obtained between the model estimates and the
experimental data.

In general, low and medium load conditions have the lowest error rates. As higher rotational
speeds and torques are operated, the error in the model estimates tends to increase. The foregoing can
be the consequence of greater operational instability of the engine under high load conditions, which
can be attributed to variations in chamber pressure throughout the combustion cycle, greater vibrations,
and changes in the characteristics of the lubricant. However, the maximum error recorded is less than
10%.

In the following sections (Sections 6.2–6.5), the analysis of the calculations obtained from the
auxiliary systems and the friction processes in the engine is performed.
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Figure 7. Energy losses by auxiliary systems and friction processes were obtained experimentally
and modeled.

6.2. Analysis of Energy Losses in the Engine

Figure 8 shows the energy losses of the auxiliary engine systems for the different operating conditions.
Notice that the bar graph shown in Figure 8 displays the contribution of each system represented with
different patterns as a portion of the total energy losses.

Figure 8. Energy losses in auxiliary systems.

According to the results, the greatest energy losses occur in the fuel injection system. On average,
an energy loss of 22.9, 21.8, and 44.1 W was observed for the lubrication, cooling, and fuel injection
systems, respectively. The maximum values of energy losses in each of the above systems are 26 W,
27.4 W, and 54 W, which is equivalent to 0.40, 0.39, and 0.73% of the chemical energy of the fuel injected
into the engine.

For the fuel injection system, it was observed that the energy loss tends to increase with the
increase in the rotational speed and mechanical power of the engine. The foregoing is a consequence
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of the greater need for fuel pumping to reach the highest levels of load and engine speed. In the range
of test conditions, the energy loss was of the fuel system varies between 35–54 W.

In the case of the cooling system, it is shown that the pumping power is increased mainly by the
increase in torque in the engine. In general, increases in rotation speed do not cause a considerable
change in the consumption of the cooling pump. However, by increasing the torque of the engine
by 2 Nm, the energy consumed increases by 24%. The energy consumed by the lubrication system
is considerably increased for rotational speeds above 3600 rpm. This is a consequence of the greater
need for lubrication flow for components subjected to high accelerations. For the test conditions,
the consumption of the lubrication pump was observed between 17–26 W, which is similar to the
energy loss developed by the cooling pump.

Figure 9 shows the energy losses produced by the friction processes in the bearings, valve train,
and piston.

Figure 9. Losses of energy by friction.

The results indicate that the main friction energy loss occurs in the piston. In general, the
energy loss to friction in the piston is three to four times greater than in the bearings and valve train.
On average, a loss of 120.4, 86.8, and 354.72 W was observed for the bearings, valve train, and piston,
which is equivalent to 1.85, 1.34, and 5.47% of the total energy available from fuel injection.

In addition, it can be observed that the energy loss in the piston increases with the torque and the
rotational speed of the engine. This can be a consequence of the friction coefficient, which is directly
related to the speed of the bodies. For the energy loss in the valve train and the bearings, it is noticed
that the greatest losses occur at the highest torque. In contrast, the increase in the rotation speed does
not produce a significant change in the increase in friction losses.

6.3. Analysis of Energy Loss Distributions

Figure 10 shows the average distribution of the total energy losses of the engine due to friction
processes and auxiliary systems.

The results show that friction processes are the main contributors to engine energy losses.
Among this type, the piston occupies more than half of the total losses (55%), followed by the bearings
(19%) and the valve train (13%). In the case of auxiliary systems, it was found that the lubrication
and cooling systems present a similar share of energy loss, which corresponds to between 3% and 4%,
respectively. Of the auxiliary systems, fuel injection is the one with the highest percentage of total
losses, reaching approximately 6.6%.
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Figure 10. Distribution of energy losses.

6.4. Lubrication Film Analysis

6.4.1. Piston

In Figure 11, the minimum thickness of the lubrication film between the piston skirt and the
cylinder liner is shown.

Figure 11. Minimum thickness of the lubrication film on the piston.

The results show that the thickness of the lubrication film decreases with increasing rotational
speed and engine torque. Increasing these parameters causes an increase in the temperature of the
lubricant, which reduces the viscosity of the oil. The foregoing allows explaining the reduction in
the lubrication film. The thickness of the lubrication film is recorded during the compression and
combustion stage, which can be an effect of the increase in pressure in the piston rings.
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The minimum lubrication thickness recorded for the operating conditions corresponds to 0.63 µm.
Specifically, an increase of 400 rpm in the rotational speed of the engine causes a reduction of the
thickness by 11%, while an increase of 4 Nm in torque reduces approximately 25%.

6.4.2. Valve Train

The valve train is composed of different elements such as bearings, valve stem, and camshaft.
These elements are subjected to friction, which leads to energy losses. However, the contact between the
follower and the cam represents the largest contribution to the energy losses of the valve train system.
Figure 12 shows the energy loss produced by the follower-cam contact throughout the combustion cycle.

Figure 12. Power losses in valve train (3800 rpm–8 Nm).

The results in Figure 12 indicate that the intake stage is where the energy losses of the valve train
are concentrated. This can be explained by considering that in this location, the lobe of the cam exerts
high pressure on the roller, which is necessary to force the movement of the valve. Therefore, the friction
force reaches its maximum value in this condition. This conclusion can be validated by observing the
thickness of the lubrication film between the follower and the cam, as shown in Figure 13. Here, the
thickness remains relatively constant with a value of 2 µm during the compression stage, combustion,
and escape. However, during the intake stage, the thickness of the film decreases until it reaches a
minimum value of 0.10 µm.
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Figure 13. Minimum thickness of the lubrication film between follower-cam (3800 rpm–8 Nm).

6.4.3. Bearings

Figure 14 shows the minimum lubrication film thickness for bearings 1, 2, and 3 (see Figure 3).

Figure 14. Minimum lubrication film thickness for engine bearings (3800 rpm–8 Nm).

The big end bearing of the connecting rod (bearing 1) is in charge of supporting the highest
load conditions because the pressures resulting from the combustion cylinder are directly applied in
this location. Bearings 2 and 3 handle a lesser load. This behavior can be seen when comparing the
minimum thicknesses of the lubrication film achieved by the three bearings. For an operating condition
of 3800 rpm–8 Nm in the engine, it was observed that the minimum thickness in the lubrication film is
0.57, 1.56, and 1.13 µm for bearing 1, 2, and 3, respectively. The lower thickness located in bearing 1 is
an indication that it is subjected to a greater load.

The lower thicknesses of the lubrication film for all the bearings are obtained during the
compression and combustion stage, which is an effect of the high pressures in the combustion chamber
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developed in these stages. The results indicate that the thickness of bearings 1, 2, and 3 is reduced by
10.57, 5.43, and 8.57 µm, respectively, throughout the combustion cycle.

6.5. Friction Force Analysis

Figure 15 shows the change in the friction force on the piston during the combustion cycle.

Figure 15. Variation of friction force on piston rings.

The results show that the maximum levels of friction force occur at the top dead center and during
the combustion stage. This can be the consequence of a mixed lubrication condition, in which there is
greater interaction between the surface thickness of the rings and the cylinder liner. For the operational
condition with maximum torque (8 Nm) and rotational speed (3800 rpm), the highest value of friction
force (23.82 N) was obtained.

In general, the friction force is lower during the intake and exhaust stages. This can be attributed
to the reduction of friction interactions due to the low combustion pressures during these stages. This
behavior is in accordance with the predictions reported in the literature [58].

Figure 16 shows the friction force in the valve train for the different operating conditions.
The results show that the friction force in the valve train varies between 1.91 N and 3.62 N for the

tested operating conditions. On average, increasing the rotational speed by 200 rpm and the torque by
2 Nm enlarge the friction force by 9% and 26%, respectively. This is associated with the beginning of a
mixed lubrication regime between the follower and cam.

Figure 17 shows the friction force acting on the main bearing of the crankshaft (bearing 1).
The results of Figure 17 show a behavior similar to that described in Figure 16. It was observed

that the friction force has a strong influence on the rotation speed and the torque of the engine. For the
operating conditions tested, the friction force is maintained in a range of 1.07 N to 4.81 N.
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Figure 16. Friction forces in the valve train.

Figure 17. Friction forces in the main bearing of the crankshaft.

7. Conclusions

In this research, a numerical methodology is developed for estimating the combined effects of
energy losses in the auxiliary systems (fuel injection system, lubrication system, and cooling system) and
the friction processes of the engine components (piston, valve train, and bearings). The methodology
incorporated mathematical models in which the dynamic characteristics and tribological conditions
present in the piston, valve train, and bearings are considered. Also, the model is capable of determining
the consumption of fuel, lubrication, and cooling pumps, as well as the lubrication film conditions on
the piston, valve train, and bearings.

The analysis of the auxiliary systems demonstrated that the fuel injection system features the
greatest energy losses. Indeed, these losses double those obtained in the lubrication and cooling systems.
In the case of the latter two, it was observed that both systems present an average consumption of
22.35 W for the tested conditions (4–8 Nm and 3400–3800 rpm). The energy losses of the fuel injection
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system, lubrication, and coolant are equal to 0.61, 0.30, and 0.31% of the total chemical energy of the
injected fuel, respectively.

For energy losses due to friction processes, it was observed that the main losses are located in
the piston, which reaches a maximum value of 391 W. In the case of the valve train and the bearings,
energy losses were found between 59–140 W for the operating range. On average, the energy losses by
friction processes in the piston, valve train, and bearings represent 5.47, 1.34, and 1.85% of the total
fuel energy, respectively.

In general, friction processes cover 87% of total mechanical losses, of which 55% is produced by
the interaction of the pistons. The fuel injection system represents 6.5% of total mechanical losses.

The analysis of the lubrication film in the piston showed a decreasing trend as the torque and
engine rotation speed increase, reaching a minimum thickness of 0.63 µm in the highest load condition.
For the valve train, it is shown that its energy loss occurs mainly during the inlet and exhaust stage,
in which the minimum lubrication film thickness is 0.10 µm. By analyzing the three crankshaft bearings,
it was shown that the connecting rod bearing is subjected to a higher load, which causes a reduction in
the thickness of the lubrication film.

In general, the model developed in this work demonstrated to be a useful tool to estimate the
energy losses produced in the auxiliary systems and the components subjected to friction. This can be
applied to different operating conditions, including the type of fuel and geometric characteristics of a
specific engine. Therefore, the numerical methodology implemented helps to analyze the influence
of modifications and/or design of engine components on the global behavior of energy losses, which
contributes to identifying critical lubrication conditions that minimize the energy wasted in internal
combustion engines.
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Abbreviations

The following abbreviations are used in this manuscript:

E Energy losses
.

V Volumetric flow of fuel
Pcr Common rail pressure
.

m Mass flow
∆P Pressure drop
D Diameter
L Length
f Friction factor
g Gravity
r Roughness
N Rotational speed
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k Fan factor
Vs Supply voltage
I Electric current
Fc f ,v Contact friction between the follower and the cam
Fac,v Asperity contact force between the follower and the cam
Fv f ,v Viscous friction force between the follower and the cam
cp Coefficient of the shear strength
lc Load carried by the asperities
Aa Asperity area
τss Eyring shear stress
rs Composite surface roughness parameter
ra Asperities radius of curvature
ρa Asperity density
Ee Effective elastic modulus
Hc Hertzian contact area
re Equivalent radius of curvature
wcam Cam width
Fn,v Force normal
ϑ f oll Poisson ratio of the follower
ϑcam Poisson ratio of the cam
E f oll Young module of the follower and cam
Ecam Young module of the cam
F2 Statistical function
sp Separation parameter
h Thickness of the lubrication film
cpv Pressure viscosity coefficient
rcc Combined radius of curvature
ve Entrainment velocity
vc Contact velocity
nind Number of intake valves
nexh Number of exhaust valves
v Piston velocity
p Lubrication film pressure
F f r,p Frictional force produced between the ring face and the cylinder liner
F f r,s Asperity friction force between the ring face and the cylinder liner
F f r,v Viscous friction force between the ring face and the cylinder liner
Z Piezoelectric viscosity
So Thermo-viscosity indice
βo Thermo-viscosity coefficients
αo Atmospheric piezo-viscosity
c f r Metal-metal friction coefficient
Pc Asperity contact pressure
rc Radius of curvature of asperities
ρs Asperity density of the surface
σc Surface roughness of the cylinder liner
σp Surface roughness of the piston ring
F5/2 Gaussian roughness distribution
ω Angular speed
Db Bearing length
Lb Bearing length
c jb Clearance between journal and bearing
vb Speed of the bearing centre displacement
er Eccentricity ratio
eb Eccentricity between the bearing centre and journal
Fload,b Instantaneous load applied to the bearing
crc Radial clearance
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Greek Letters
η Efficiency
µ Dynamic viscosity
ρ Density
Subscripts
f Fuel injection system
lub Oil pump
o Atmospheric conditions
c Cooling system
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