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Abstract

:

A hydrodynamic lubrication analysis for connecting rod big-end bearing is conducted. The effects of engine speed, operating condition, lubricant viscosity and oil temperature on tribological performance of big-end bearing have been examined. Force equilibrium is solved to define instantaneous eccentricity between journal and bearing to have accurate estimation of oil film thickness at interface of connecting rod big-end bearing and crankpin. Connecting rod big-end is treated as π film hydrodynamic journal bearing and finite difference scheme is applied to calculate generated hydrodynamic pressure and frictional power loss at each crank angle. Beside the development of analytical formulation, well-known Mobility model introduced by Booker has been employed to be compared with the analytical model. The presented analytical model reduces the complexity and the numerical effort with respect to Mobility method, thus shortening the computation time. The simulation results show good agreement between analytical model, Mobility approach and experimental data.
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1. Introduction


The primary purpose of hydrodynamic bearings is to support a rotating shaft and to guaranty the hydrodynamic lubrication at bearing surfaces interface. Journal bearings are one of the most common types of hydrodynamic bearing. They can be found in various subsystems of reciprocating engines and powertrains. Connecting rod big-end bearing is the one form of journal bearings. Journal bearings are designed to operate under hydrodynamic lubrication. This is under influence of applied load and relative motion of bearing components that create hydrodynamic wedge and consequently hydrodynamic pressure within the oil film to stand against the applied load. The formed hydrodynamic pressure at the journal and bearing junction is typically distributed over half of the journal/bearing interface, but also this hydrodynamic pressure distribution can be limited to small fraction of the bearing area under severe conditions. The magnitude of the hydrodynamic pressure at journal/bearing interface is influenced by the film thickness in which the amount of available oil is a function of initial clearance and instantaneous eccentricity between centres of the lubricated pairs [1,2,3].



Frictional power loss reduction at reciprocating and rotating lubricated components is recognised as a promising way to improve internal combustion engines (ICEs). Experimental observation is the most adopted approach to investigate the tribological performance of lubricated reciprocating and rotating bearing couples which brings some disadvantages such as being costly and time-consuming as well as varying from case to case. In contrary, analytical and numerical investigations shorten the observation time, reduce cost and can achieve a reliable representation of the real system behavior, providing opportunity to study the effect of influential parameters [4,5].



In 1965 Booker presented an analytical, graphical and numerical approach to simplify the solution for general problems associated with dynamically loaded bearings, so called Mobility Method [6]. The method is not based on the particular solution for Reynolds equation. Six different cases considering fully and partially lubricated journal bearings have been considered and solutions are discussed. Later the author [7] reversed the method and provided more numerical details, which are applicable for reciprocating engines.



The Mobility Method is frequently applied to evaluate dynamically loaded journal bearings. Curve fitting of eccentricity of journal bearing is a part of the method, which is affected by solution accuracy and the required details and time. A set of analytical curve fits was introduced including two components of mobility vectors, location and magnitude of maximum film pressure, as well as the starting and finishing angles of the pressure curve. From accuracy and solution detail aspects, the approach is comparable with finite-element analysis but with a computation time comparable to that required for the short bearing approximation [8].



The dynamic behaviour of an elastic connecting rod bearing was evaluated and the performance of two different bearings of a petrol and a diesel engine were compared [9,10]. Instantaneous elastic deformations and pressure distribution were calculated for different values of the load.



Hirani et al. [11], based on the Mobility Method [6], proposed a closed form pressure distribution over dynamically loaded journal bearings, applying combination of short and long bearing approximations. Determination of start and end points of positive pressure at journal/bearing interface can be defined through simple analytical equations, and simplifies the application of Mobility Method. The model encourages the estimation of instantaneous maximum pressure and its angular location.



Paranjpe [12] incorporated the non-Newtonian effect in a general way to detailed analysis of dynamically loaded finite journal bearings. Oil viscosity was expressed as function of shear rate and the effects of shear thinning and viscoelastic properties were taken into account.



Later in 2006, Livanos and Kyrtatos [13] applied the method introduced in [11] to determine the instantaneous hydrodynamic pressure acting on the journal and to calculate friction force and power loss contributed by fluid shear stress (τ).



An analytical solution of Reynolds equation for isothermal finite length journal bearings was intended using regular perturbation method [14]. The model relied on the modification of the Ocvirk number as an expansible parameter [15].



Recently, an approach to solve Reynolds equation to evaluate the lubrication of plain journal bearing with finite length has been applied to determine the impedance forces of the fluid film in closed form analytical expression [16]. The model evaluates design parameters such as eccentricity ratio, location of the minimum fluid film thickness, location of the maximum pressure, stiffness and squeeze action coefficients.



The effects of nonlinear suspensions of a rotor bearing system on the bearing dynamic response have been studied considering short bearing approximation. The complex dynamic responses of the rotating system components were detected using numerical simulations [17].



Constantinescu’s theory was employed to develop a full extended Reynolds equation to evaluate tribological performance of finite length bearings considering laminar and turbulent regimes [18]. The effects of both convective and temporal inertia have been examined without consideration of the normal thin film assumption. The nonlinear contribution of convective inertia terms to damping characteristics of radial bearings was evaluated.



The present study was designed to determine the effect of influential parameters such as engine speed, operating condition, lubricant viscosity and temperature. An analytical tribology model was developed to gain insight into connecting rod big-end bearing and crankpin lubrication mechanism. Force balance and Reynolds equation were solved to calculate instantaneous eccentricity of bearing pairs to obtain accurate oil film thickness at big-end and journal interface. Finite difference scheme has been used to calculate generated hydrodynamic pressure and power loss. Mobility method presented by Booker [6,7] was employed to be compared with the proposed model.




2. Model and Procedure


It is common to make some assumptions during analytical modelling and numerical simulation to simplify problems. Following assumptions have been made during model development procedure:




	
Lubricant is assumed to be Newtonian and incompressible, therefore oil density remains unchanged;



	
Lubricant is treated as an iso-viscous fluid;



	
Oil flow is assumed laminar;



	
Hydrodynamic lubrication has been considered at connecting rod big-end and crankpin interface;



	
There is no slippage at the boundaries;



	
Elastic deformation of bearing surfaces has been neglected.








To evaluate the tribological performance of connecting rod big-end bearing, some steps have been taken. To calculate frictional power loss it has prime importance to define the magnitude and direction of forces acting on big-end bearing and journal with respect to the crank angle.



2.1. Connecting Rod Big-End Loads


At each time instant or crank angle, the applied load acting on a big-end bearing can be regarded as contribution of combustion chamber gas force and inertial imbalances due to reciprocating and rotating masses. Three further simplifications are necessary to have a quick estimation of connecting rod big-end tribological performance. Firstly, the imposed loads on the big-end are analysed for a single cylinder and can be applied as an approximation to a multi-cylinder engine [1]. Secondly, the elements are treated as rigid bodies and there is no elastic deformation associated with them. For the last, the dynamic effects of engine fluctuations caused by firing order and inertial imbalances can be confined to few harmonics.



The forces acting on connecting rod big-end due to gas force, Fgas, and induced by rotational and reciprocating inertial forces, Frot and Frec, respectively can be calculated through the following equations:


Fgas=pgasπD24



(1)






Frec=−(mpis+mpin+mcr,a)apis≈−(mpis+mpin+0.3mcr)apis



(2)






Frot=mcr,rωcr2r≈0.7mcrωcr2r



(3)




where D is the bore, r the crank radius, mpis the piston mass, mpin the wrist pin mass, mcr,a the connecting rod upper mass, mcr the connecting rod mass, mcr,r the connecting rod rotating mass, ωcr the connecting rod big-end rotating speed, and apis the piston acceleration.



The piston acceleration can be expressed as:


apis=ω2rcosθ−sinθΛsinθ−δ1−Λsinθ−δ2+Λcos2θ1−Λsinθ−δ2+Λcos2θΛsinθ−δ21−Λsinθ−δ23



(4)




where ω is the engine spin speed, Λ=r/l the elongation ratio (with l the connecting rod length), δ=zo/l the offset parameter (with zo=zoc+zowp the overall offset contributed by crankshaft offset zoc and wrist-pin offset zowp), and θ the crank angle.



Regarding to Figure 1, the connecting rod big-end rotating speed can be computed as follows:


sinβ=rsinθ−zol=Λsinθ−δ



(5)






cosβ=1−sin2β=1−(Λsinθ−δ)2



(6)






ωcr=dβdt=ωΛcosθcosβ=ωΛcosθ1−(Λsinθ−δ)2



(7)







Thus, the net load W acting on the bearing is:


W=Fgas+Frec−Frotcosθ



(8)








2.2. Reynolds Equation for Bearing Analysis


Generated hydrodynamic pressure at connecting rod big-end bearing can be governed by 2D Reynolds equation as expressed by:


∂Rj2∂α(h3∂p∂α)+∂∂x(h3∂p∂x)=6ηU∂hRj∂α+12η∂h∂t



(9)




where x is the coordinate parallel to the journal axis, α the journal circumferential coordinate, Rj the journal radius, η the lubricant dynamic viscosity, and U the velocity of entraining motion in rotation direction of the journal that can be defined using:


U=12(ωcr+ωj)Rj=12ωΛcosθ1−(Λsinθ−δ)2+ωRj



(10)




where ωj is the crankpin spin speed, assumed to be equal to the engine spin speed ω.



In this study connecting rod big-end and the crankpin are treated as rigid body, and the radial and tangential bearing displacement have been neglected, therefore classical film thickness expression has been used [1,9]. Therefore, the instantaneous oil film thickness h(x,α) at bearing surfaces interface can be expressed as:


h(x,α)=c(1+Ecosα)



(11)




where c is the clearance, and E=e/c the ratio of eccentricity between bearing bodies axes to clearance.



Finite difference scheme can be applied to solve 2D Reynolds Equation (9) and determine the pressure distribution at journal/bearing interface, with a finite difference mesh defined over the journal as shown by Figure 2.


hi+12,j3pi+1,j−pi,jΔx−hi−12,j3pi,j−pi−1,jΔxΔx+1Rj2hi,j+123pi,j+1−pi,jΔα−hi,j−123pi,j−pi,j−1ΔαΔα==6ηUhi+12,j−hi−12,jΔx+12ηωhi,jθ+Δθ−hi,jθΔθ



(12)







Re-equating Equation (12) yields the hydrodynamic pressure at each node p(i,j) with respect to adjacent nodes:


p(i,j)=a2a1pi+1,j+a3a1pi−1,j+a4a1pi,j+1+a5a1pi,j−1−6ηUa6a1−12ηωa7a1



(13)




where


a1=hi,j+1+hi,j23RjΔα2+hi,j+hi,j−123RjΔα2+hi+1,j+hi,j23Δx2+hi,j+hi−1,j23Δx2a2=hi+1,j+hi,j23(Δx)2a3=hi,j+hi−1,j23(Δx)2a4=hi,j+1+hi,j23(RjΔα)2a5=hi,j+hi,j−123(RjΔα)2a6=hi,j+1+hi,j−12RjΔαa7=hi,jθ+Δθ+hi,jθ2RjΔα











Boundary conditions that must be applied during computation are saturation pressure (crankcase pressure assumed equal to atmospheric pressure) at each edge of the journal, and dp/dα=0 at each side of the line of centres (Figure 3) as follows:


p=patmx=±Lx2dpdα=0α=0,π



(14)




where Lx is the journal length.




2.3. Numerical Solution


To apply finite difference scheme to calculate hydrodynamic pressure at bearing surfaces interface, it is necessary to define the instantaneous eccentricity between connecting rod big-end and crankpin axes to update the oil film thickness at each time instant (i.e., crank angle).



The following dimensionless quantities have been applied to form an appropriate scale to dimensionless Reynolds equation and oil film thickness expressions:


x¯=xLx,h¯=hc,θ=ωt,U¯=URjω,R¯=RjRjL¯=LxRj,p¯=c26ηωRj2p,W¯=c26ηωRj3LxW



(15)







Applying parameters (15) to Equations (9) and (11), the following dimensionless forms of Reynolds equation and oil film thickness expression are obtained:


∂∂αh¯3∂p¯∂α+Rj2Lx2∂∂x¯h¯3∂p¯∂x¯=U¯∂h¯∂α+2∂h¯∂θ



(16)






h¯(x,α)=(1+Ecosα)



(17)







Knowing that terms on the left side of Equation (16) are pressure terms, it can be re-written as:


p¯=U¯1+R2Lx2∂h¯∂α+21+R2Lx2∂h¯∂θ



(18)







Substituting Equation (17) in Equation (18) and performing the derivatives, the expression of hydrodynamic pressure can be obtained:


p¯=−U¯KEsinα+2KE˙cosα



(19)




where K=1+R2/Lx2, and E˙=e˙/(cω) which is the relative linear velocity of the journal and the bearing.



Instantaneous force equilibrium (Figure 3) is applied to define the eccentricity between two bearing surfaces as:


W−Fh=0



(20)




where the net load W acting on the bearing is expressed by Equation (8), and Fh is the hydrodynamic lifting force acting on the journal.



According to Figure 3, Fh is the resultant of radial and tangential components, Fr and Ft respectively, that can be calculated as:


Fr=∫0π∫−Lx2Lx2p(x,α)Rcosαdxdα



(21)






Ft=∫0π∫−Lx2Lx2p(x,α)Rsinαdxdα



(22)







Applying non-dimensional parameters (15) to Equations (21) and (22), gives the dimensionless form of such forces as:


Fr¯=∫0π∫−L¯x2L¯x2p¯(x¯,α)cosαdx¯dα



(23)






Ft¯=∫0π∫−L¯x2L¯x2p¯(x¯,α)sinαdx¯dα



(24)







Solving the integrals in Equations (23) and (24) results in:


Fr¯=L¯xKE˙π



(25)






Ft¯=L¯xKtanπ224E˙+tanπ2−tanπ32EU¯tanπ22+12−L¯x2KEU¯π



(26)







From Equations (25) and (26), the dimensionless hydrodynamic lifting force acting on the journal can be calculated as:


F¯h=F¯r2+F¯t2



(27)







To calculate the eccentricity between connecting rod big-end and crankpin, the first order equation derived from non-dimensional form of Equation (20), containing E˙ and E, must be iteratively solved at each time step. Newton-Rophson method, or “solve” function in MATLAB®, can be used as solver in which an initial value of E is known at the beginning of a time step.



As a hydrodynamic bearing is designed to operate under hydrodynamic lubrication, eccentricity between the axis of both bearing surfaces is assumed to be in the range of 0≤e≤c−5σ, where σ is the combined surface roughness of bearing surfaces to guarantee the hydrodynamic lubrication at journal and connecting rod big-end junction.



After defining instantaneous eccentricity, the hydrodynamic pressure acting over the journal can be calculated using finite difference method, and consequently the power loss Pf due to viscous shear stress and squeeze action [19] can be evaluated as:


Pf=∫0π∫−Lx2Lx2ηU2Rjh(x,α)dxdα+∫0π∫−Lx2Lx2h3(x,α)∣∇p∣2Rj12ηdxdα



(28)







On the other hand, knowing axes eccentricity and considering power loss contributed by pressure gradient and due to rotation of the journal and the bearing, journal bearing power loss [20] can be also calculated via:


Pf(θ)=ηRj3LxcJ100(ωj−ωb)2+ωj+ωb2eWsin(ϕ)



(29)




where J100 is a journal bearing integral for π film extant [21] and ϕ (Figure 3) is the instantaneous angle between normal load acting on the journal and the line of centers. These two quantities can be calculated applying the following equations:


J100=π1−ϵ2



(30)






ϕ=arctanπ1−ϵ24ϵ



(31)







The obtained data from aforementioned model are compared against the introduced Mobility method by Booker [6,7], which is briefly described in this section. Substituting Equation (11) in Equation (9) and performing the derivatives ∂h∂α and ∂h∂t on the right side, Reynolds equation can be written as:


∂∂α((1+ϵcosα)3∂p∂α)+Rj2∂∂x((1+ϵcosα)3∂p∂x)=12ηRj2c3U2Rj(−cϵsin(α))+(e˙cos(α)−eϕ˙sinα)



(32)







Complete solution of Equation (32) is complicated and associated with huge numerical effort. Satisfactory analytical solutions were introduced by Ocvirk (short bearing solution), Sommerfeld (long bearing solution) and Goenka (finite width method) explained in much detail by Booker [6].



The Sommerfeld solution assumes that the first term in Equation (32) is negligible as it assumes that if the bearing is long in the axial direction then the variation of pressure in circumferential direction is much more significant than that in the axial direction, therefore the second term is dominant and the first term is discarded. The short bearing solution assumes that the first term in Equation (32) is negligible as it assumes that if the bearing is short in the axial direction then the variation of pressure in this direction is much more significant than that in the circumferential direction. This method is fairly accurate for bearings of width to diameter ratios less than 0.7, operating at moderate eccentricity ratio less than 0.6. Short bearing solutions become inaccurate at high eccentricity ratios. Besides this, it is a good method because of the simplicity of the approximated Reynolds equation and its solution, Equation (33). Therefore this method was used in the present analysis.


Rj2∂∂x((1+ϵcosα)3∂p∂x)=12η(Rjc)2ϵ˙cos(α)−ϵ(ω¯+ϕ˙)sinα



(33)




where ω¯ is the mean angular velocity of connecting rod big-end and crankpin, ϕ˙ is variation of line of centers with respect to time (Figure 3).



Two times integration of Equation (33) yields the hydrodynamic expression at journal and bearing interface:


p(α)=12η1c2ϵ˙cos(α)+ϵ(ω¯+ϕ˙)sinα(1+ϵcosα)3x22+C1x+C2



(34)




where C1 and C2 are the integration constants that can be determined using the following boundary conditions:


p=0x=±Lx2



(35)







Applying boundary condition and considering steady-state condition in which ϵ˙ and ϕ˙ are null [6], hydrodynamic pressure at journal and bearing interface can be written as:


p(α)=6η1c2ϵω¯sinα(1+ϵcosα)3(x2−Lx24)



(36)







For a π film bearing where ω¯>0, the angle between normal load and line of centers ϕ can be defined using Equation (31).



Substituting Equation (36) in Equations (21) and (22) and calculating the integrals using Booker tables of integrals [21] from 0 to π (cavitated) yields:


Fr=Rηω¯Lx3c32ϵ(1+ϵ)2(ϵ−1)2e



(37)






Ft=−Rηω¯Lx3c3π(1−ϵ2)32e



(38)




detailed calculation of Equations (37) and (38) are presented at Appendix A.



Journal and bearing instantaneous misalignment is defined via force equilibrium (Equation (20)) and consequently journal power loss can be calculated using Equation (28).





3. Model Validation


Experimental trials have been done on 2.2 L cast iron 200 hp engine using the strip down method. Lubricant was supplied to the lubricated parts interface by means of applying external pump. Oil and coolant temperature were stabilized using a separated external circuits. Investigated angular speed of the engine varied from 1000 rpm to 4000 rpm and oil temperature was kept constant by the value of 90 °C. SAE 0W30 was used as lubricant.



The friction mean effective pressure (FMEP) measurement of the piston ring assembly (PRA) and connecting rod big-end was carried out at two steps. First, the FMEP was calculated for the crankshaft journal bearings and all the other components were dismounted. Then the FMEP has been measured for crankshaft, PRA and connecting rod big-end and at the end net FMEP was defined by subtracting the calculated crankshaft journal bearings FMEP at the first stage.



The net FMEP for PRA and connecting (4 sets) rod big-end was converted to mean power loss (W) to be compared with the obtained data from the model. Relevant data for engine and connecting rod big-end are reported in Table 1.



The net connecting rod big-end was converted to mean power loss to be compared with the results computed by the model. Figure 4 shows the experimental data versus the model results, together with the associated percentage relative error. A good agreement can be observed (maximum percentage relative error equal to 5%).




4. Results and Discussion


Generated hydrodynamic pressure at connecting rod big-end and crankpin is illustrated by Figure 5. Positive hydrodynamic pressure has been developed at half of the journal/bearing interface as it is treated as a π film bearing; the pressure at second half of the journal/bearing junction is considered equal to the saturation pressure (crankcase pressure assumed equal to the atmospheric pressure).



Figure 6 shows instantaneous net load, W, acting on the crankpin which is contributed by gas pressure and inertial imbalances due to reciprocating and rotating masses. During exhaust and intake strokes, inertial forces are major contributors as the gas pressure acting on the piston mostly equals to saturation pressure; in contrary, during compression and expansion strokes, gas pressure acting on the piston plays significant role in comparison to reciprocating and rotating inertial forces.



Increment in the relative surface velocities of the connecting rod big-end and crankpin journal increases the power loss caused by the increase in shear stress within the oil film at bearing surfaces junction. On the other hand, as hydrodynamic lubrication is considered at lubricated surfaces interface, friction loss is directly proportional to engine spin speed, oil viscosity and inlet oil temperature. Figure 7 demonstrates the effect of engine spin speed on power loss calculated by the model, at inlet lubricant temperature of 90 °C (η=11.734 mPa·s), under fired and motored conditions. A comparative illustration is provided by Figure 8, where reasonable agreement can be found between power loss calculated by two approaches, with the benefit of reduced numerical effort by current model. The power loss under fired condition is higher in comparison to that obtained under motored condition as the gas pressure is dramatically high under fired condition.



For a given oil, as the lubricant temperature increase, power loss reduces due to the reduction of oil viscosity and resistance against shear stress. Figure 9 illustrates the power loss dependence on lubricant temperature under fired and motored conditions at engine speed of 1000 rpm. Power loss calculated under both operating conditions significantly reduces as oil temperature increases. As the oil viscosity is reduced with temperature increment, fluid resistance against shear stress drops down, therefore power loss has been lessened. Highest resistance against shear stress occurs at 30 °C (11.734 mPa), the steep slope of power loss from 30 °C to 60 °C is observed, while temperature exceeds the 60 °C, the lubricant is changed and the rate of power loss is reduced. As the viscosity dependency on temperature is not linear and it can be varied and behaves with deviant manner at different ranges of temperature, it can be observed that the oil (SAE0W 30) viscosity is more sensitive to the temperature range lower than 60 °C.



Figure 10 illustrates the same effect of temperature and behavior using proposed formulation and Mobility method to calculate the power loss. One of the main disadvantages of high operating temperature is to encourage mixed lubrication at bearing surfaces junction due to low effective oil viscosity and reduction of lubricant load carrying capacity.



Also the effect of different lubricant viscosities (11.734, 27.008 and 86.600 mPa·s) has been examined and the results are shown by Figure 11. It is proved that as oil viscosity increases, its resistance against shear stress is improved and consequently higher power loss is obtained.




5. Conclusions


The purpose of the current study is to develop a hydrodynamic lubrication model to evaluate tribological performance of connecting rod big-end bearing. Instantaneous eccentricity between journal and bearing has been calculated through the force equilibrium acting on the journal using Newton–Raphson’s scheme. Finite difference method is applied to calculate hydrodynamic pressure at connecting rod big-end and crankpin interface as well as frictional power loss. Besides, well known Mobility method has been applied to be compared against the analytical model; good agreement has been observed between the two approaches. In addition the proposed model was validated by experimental data, which encourages reduction of huge numerical efforts associated with Mobility method. The effects of engine spin speed, operating condition, lubricant viscosity and oil temperature on connecting rod big-end bearing lubrication are investigated. Current study can be employed as a practical tool for companies’ engineers and researchers to have a reliable estimation of power loss at connecting rod big-end and crank pin at early stages of design with lower computational time costs. It can be used along piston ring assembly lubrication model to have an overall sense of design parameters and their effects on engine tribological performance. Other important and influential parameters such as definition of temperature field and sliding surface deformation must be involved to have more accurate and realistic evaluation of connecting rod big-end lubrication and tribology.
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Appendix A. Hydrodynamic Force Components, Fr and Ft Based on Mobility Method for π Film Lubricated Journal Bearing


According to Figure 3, hydrodynamic force components acting on the journal, Fh, is the resultant force of radial force, Fr and tangential force, Ft can be calculated using following equations:


Fr=∫0π∫−Lx2Lx2p(x,α)Rcosαdxdα



(A1)






Ft=∫0π∫−Lx2Lx2p(x,α)Rsinαdxdα



(A2)




where


p(α)=6η1c2ϵω¯sinα(1+ϵcosα)3(x2−Lx24)



(A3)







Substituting (A3) in (A1) gives:


Fr=Rηω¯Lx3c3e∫0πsin(α)cos(α)(1+ϵcos(α))3dα



(A4)







Regarding the solution presented by Booker [21], Equation (A4) can be written as:


Fr=Rηω¯Lx3c3eI311(π)−I311(0)



(A5)




where


I311(α)=1ϵ−I310(α)+I210(α)



(A6)




and


I310(α)=12ϵ(1+ϵcos(α))2



(A7)






I210(α)=1ϵ(1+ϵcos(α))



(A8)







Substituting (A3) in (A2) gives:


Ft=Rηω¯Lx3c3e∫0πsin2(α)(1+ϵcos(α))3dα



(A9)







Applying Booker table of integrals [6] yields:


Ft=−Rηω¯Lx3c3eI320(π)−I320(0)



(A10)




where


I320(α)=1ϵ2−(1−ϵ2)I300(α)+2I200(α)−I100(α)



(A11)




and


I300(α)=12(1−ϵ2)−ϵsin(α)(1+ϵcos(α))2+6I200−I100



(A12)






I200(α)=1(1−ϵ2)−ϵsin(α)(1+ϵcos(α))+I100



(A13)






I100(α)=1(1−ϵ2)cos−1ϵ+cos(α)1+ϵcos(α)



(A14)
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Figure 1. Schematic representation of crank mechanism with offset layout. 
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Figure 2. Finite difference mesh developed over the journal. 
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Figure 3. Schematic representation of journal and bearing. 
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Figure 4. Model validation. 
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Figure 5. Hydrodynamic pressure at crankpin journal/connecting rod big-end interface (engine spin speed ω=2000 rpm). 
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Figure 6. Instantaneous net load, W, contributed by the gas pressure and reciprocating masses. 
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Figure 7. Effect of engine spin speed on power loss under fired and motored conditions. 
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Figure 8. Power loss at connecting rod big-end calculated by proposed model and Mobility method under motored and fired conditions. 
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Figure 9. Effect of temperature on power loss under fired and motored conditions. 
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Figure 10. Effect of temperature on power loss under fired condition, calculated by Mobility method and model. 
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Figure 11. Effect of oil viscosity on power loss under fired and motored conditions. 
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Table 1. Relevant data for engine, connecting rod big-end and crankpin journal.






Table 1. Relevant data for engine, connecting rod big-end and crankpin journal.





	c
	journal-bearing clearance (mm)
	0.026



	D
	cylinder bore (mm)
	83.80



	l
	connecting rod length (mm)
	153



	Lx
	journal width (mm)
	19.5



	r
	crank radius (mm)
	49.5



	Rj
	crankpin radius (mm)
	25.45



	mpis
	piston mass (kg)
	0.540



	mpin
	wrist pin mass (kg)
	0.257



	mcr
	connecting rod mass (kg)
	0.714



	zowp
	wrist pin offset (mm)
	0.5



	zoc
	crankshaft offset (mm)
	0



	η
	oil dynamic viscosity (mPa·s)
	11.734



	σ
	combined surface roughness (μm)
	0.37
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