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Abstract

Rotary lip seals serve as critical sealing components in industrial equipment, traditionally
relying on the reverse pumping theory for their sealing mechanism. However, increasing
operational demands characterized by high fluid pressure differentials, elevated speeds,
and multi-physics coupling environments have revealed limitations in the applicability of
the classical theory. This study aims to develop a comprehensive model to quantitatively
characterize rotary lip seal performance, specifically frictional torque and reverse pumping
rate, and to elucidate underlying mechanisms beyond classical theory. We developed
a Mixed Thermo-Hydrodynamic Lubrication (MTHL) model that explicitly integrates
fluid–solid–thermal coupling effects to simulate seal behavior under complex operating
parameters. The simulations reveal that reverse pumping rate increases near-linearly with
rotational speed from −8.54 mm3/s (0 m/s) to 122.82 mm3/s (3 m/s) and 220.27 mm3/s
(6 m/s), validating classical theory, while under elevated fluid pressure differentials, a distinct
non-monotonic trend emerges: rates evolve from 122.82 mm3/s (0.10 MPa) to 172.93 mm3/s
(0.12 MPa), then decline to 52.67 mm3/s (0.18 MPa), and recover to 69.87 mm3/s (0.22 MPa),
a phenomenon that cannot be explained by classical sealing mechanisms. Mechanistic analysis
indicates that this anomaly stems from a competitive interaction between pressure-driven and
shear-driven flow. This discovery not only enhances the reverse pumping theoretical system
but also provides a theoretical foundation for optimizing sealing performance under diverse
operational conditions.

Keywords: rotary lip seals; reverse pumping rate; MTHL model; high fluid pressure
differential

1. Introduction
Rotary lip seals possess functions such as reducing friction, blocking external con-

taminants, and minimizing lubricant leakage. Although these functions have led to their
widespread application in various industrial fields, including automotives, mining ma-
chinery equipment, aerospace engineering, and marine renewable energy equipment [1],
these functions may face severe challenges under harsh operating conditions. For example,
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rotary lip seals are exposed to erosion from various media, such as clay, sand, rock, muddy
water, and silt. Meanwhile, a high fluid pressure differential can significantly increase
the radial force at the sealing lip, leading to thinning or even rupture of the lubrication
film, thereby increasing the risk of leakage. Furthermore, under the action of a high fluid
pressure differential, multiple media may intrude through micro-gaps at the sealing in-
terface, causing accelerated wear of the sealing lip, degraded lubrication performance,
and ultimately leading to seal failure. The main drive seal of a shield tunneling machine
(Figure 1) is a typical rotary lip seal, and its operating environment exemplifies the harsh
conditions of multiple media effects and a high fluid pressure differential. Once external
impurities invade the main bearing and cause the main drive seal to fail, this will not
only severely reduce the tunneling efficiency of the shield machine but may also impact
the project schedule, resulting in substantial economic losses. Since traditional seal per-
formance evaluation methods struggle to accurately reflect seal behavior under harsh
conditions, the development of high-precision prediction models is crucial for ensuring
seal reliability and stable equipment operation.

Figure 1. Schematic diagram of the main drive seal in a shield tunneling machine.

Investigations into rotary lip seals have been conducted for many years. As early as
1957, Jagger [2] used friction measurement techniques to detect the formation of a lubri-
cating layer in the sealing region. Using a conductive rubber compound and capacitance
measurement, he estimated the layer thickness to be approximately 2.5 µm. Subsequently,
Hirano et al. [3] verified this phenomenon through a series of sealing experiments. How-
ever, our understanding of rotary lip seal behavior remains incomplete. In 1969, Kuzma [4]
pioneered the hypothesis that surface asperities and their deformation are critical in the
sealing process of rotary lip seals. According to this hypothesis, the viscous pumping effect
arising from asperity deformation could induce reverse fluid flow from the air towards the
liquid side. Following this, Kawahara et al. [5,6] combined hollow glass shafts with optical
techniques to confirm a direct link between the performance characteristics of the lip seals
and the distribution of asperities on their surface. Between 1984 and 1986, Qian [7] and
KM et al. [8] provided further insights into the mechanism of reverse pumping. They noted
that the pumping effect improves as peak shear deformation shifts nearer to the interface
with the liquid. Afterwards, Sponagel [9] and Stakenborg [10] constructed an analytical
model for circular asperities and micro-undulations, respectively, with their predicted shear
deformation aligning closely with experimental results.

However, rotary lip seals involve intercoupled interactions among multiple physical
fields, including fluid mechanics, solid mechanics, contact mechanics, deformation analysis,



Lubricants 2025, 13, 413 3 of 15

and thermodynamic analysis. It is difficult to describe this coupling mechanism using
an analytical model. With the advancement of computer technology, in 1992, Salant [11]
established the first numerical lubrication model considering micro-undulations. Subse-
quently, Salant and Flaherty [12] further incorporated the elastic deformation of the lip seals
to develop a numerical elastohydrodynamic lubrication model with micro-undulations.
Building upon this foundation, they [13] also established an EHL model for circular or
elliptical asperities and found that, compared to micro-undulations, circular or elliptical
asperities exhibited lower reverse pumping rates. In 2006, Salant Hajjam [14] considered the
impact of temperature and established a thermal elastohydrodynamic lubrication model.
Given the complexity and computational intensity of deterministic models, Guo [15] intro-
duced an advanced elastohydrodynamic lubrication model that integrates asperity contact
and extends Patir’s statistical models [16–18], significantly enhancing computational effi-
ciency. Subsequently, Liu [19] and Yan [20] also considered the influence of temperature
on lubricant viscosity and established a mixed thermal–elastohydrodynamic lubrication
model. Considering that temperature increases at extremely high speeds can also affect
the properties of sealing materials, thereby altering contact pressure distribution, radial
forces, and friction, Chen et al. [21] proposed an improved mixed lubrication model. Addi-
tionally, Uddin and Zhang [22–24] revealed the functional differentiation of shaft surface
texture shapes (square textures enhanced oil film thickness, triangular textures improved
back-pumping rate), while their subsequent study innovatively relocated the textures to the
sealing lip surface [25]. Guo [26], Liu [19], and Huang et al. [27], among others, investigated
the effects of wear on the sealing capabilities of lip seals.

Most numerical lubrication models rely on the reverse pumping mechanism [7,8] to
explain their sealing principle. Specifically, the reverse pumping effect intensifies as the
point of peak shear deformation in the lip seal draws nearer to the lubricant interface.
However, under high-fluid-pressure-differential conditions, the sealing lip extends its
contact length significantly, leading to a substantial rise in radial force. In such scenarios, the
reverse pumping mechanism is insufficient to fully describe the sealing principle. Research
by Chen et al. [21,28] has also demonstrated that the reverse pumping mechanism fails
under high-fluid-pressure-differential conditions. Here, hydrodynamic analysis employs
the statistically averaged Reynolds equation to characterize the oil film’s flow behavior,
while deformation analysis utilizes the elastic half-space method to solve for normal and
tangential deformations at the sealing interface. Meanwhile, we consider the coupling
effects among multiple physical fields, including solid mechanics, contact mechanics,
and thermodynamic analysis. Building on these foundations, we develop a numerical
simulation model for MTHL. This model facilitates an in-depth investigation into the
operational characteristics of rotary lip seals during service conditions, with a particular
emphasis on the impact of a high fluid pressure differential on sealing performance. The
results reveal the competitive interaction between pressure-driven flow and shear-driven
flow, thereby supplementing the classical reverse pumping mechanism.

2. Modeling of MTHL
Figure 2a,c illustrate the structural schematic of the rotary lip seal used in the main

drive of a shield tunneling machine, along with its sealing contact zone. The seal primarily
comprises a single-lip design and a rotating shaft, where x represents the circumferential
orientation and y signifies the axial direction. As depicted in Figure 2b, the rotary lip seal
initially experiences interference fitting during operation. It is subsequently pressed against
the lubricant and mud sand sides to replicate complex service conditions. To enable finite
element simulation and numerical analysis, several simplifications and assumptions are
introduced, as follows:
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(1) The lubricant is modeled as an incompressible Newtonian fluid, exhibiting laminar
flow characteristics in the sealing region.

(2) The rotary lip seal functions consistently at a uniform velocity.
(3) The thickness of the lubricant film has no influence on the overall deformation of the

single-lip seal.
(4) The rotary shaft is entirely smooth, and the single-lip seal’s surface asperity exhibits a

Gaussian distribution along the axial direction, with a periodic arrangement in the
circumferential orientation.

(5) The effects of viscoelasticity on the single-lip seal, fluid inertia, gravity, and the
lubricant film’s curvature are ignored.

(6) Considering the axial symmetry of both the geometry and loads, the rotary lip seal is
modeled as a two-dimensional (2D) axisymmetric finite element system.

 

Figure 2. (a) Structural schematic of the rotary lip seal in the main drive of a shield tunneling machine:
(b) assembly and pressure application and (c) contact zone sealing.

2.1. Service Conditions

Table 1 presents an overview of the service conditions, material characteristics, and de-
sign parameters associated with the main drive seal utilized in shield tunneling equipment.

Table 1. Seal configuration details.

Variables Meaning Value Unit

Po Lubricant side pressure 1.0 MPa
Pms Mud sand side pressure 1.1 MPa
Pre f Reference pressure 1.0 MPa
Pcav Cavitation pressure 0.0 MPa
V Shaft speed 3 m/s
f Friction coefficient 0.2

E1 Elastic modulus of the rotary shaft 210 GPa
v1 Poisson’s ratio for the rotating shaft 0.29
E2 The elastic modulus for the sealing lip 6.93 MPa
v2 Poisson’s ratio for the sealing lip 0.499
R Radius of the rotary shaft 6 m



Lubricants 2025, 13, 413 5 of 15

Table 1. Cont.

Variables Meaning Value Unit

µ Lubricant viscosity 0.08 Pa·s
ρ Lubricant density 0.89 g/cm3

γ Surface topography parameters of the lip seal 1/3
λy Axial correlation length of the lip seal 5 µm
λx Circumferential correlation length of the lip seal 1.667 µm
σ2 The lip seal’s RMS roughness 1 µm
σ1 The rotary shaft’s RMS roughness 0 µm

Tre f Reference temperature 25 ◦C
hc Heat transfer coefficient for the lubricant 200 W/(m2·K)

Coil Specific heat capacity for the lubricant 2000 J/(kg·K)
α Viscosity–temperature coefficient 0.024 K−1

2.2. Process of MTHL Model

The MTHL model couples interactions among multiple physical domains, including
solid mechanics, fluid mechanics, contact mechanics, and thermodynamics. In a rotary lip
seal under stable operating conditions, three key forces govern the system’s seal behavior:
static contact pressure (Psc) generated by macro-deformation, lubricant film pressure (Pf ),
and asperity contact pressure (Pc), arising from micro-scale asperity deformation. The ap-
plication of these forces results in the seal lip undergoing normal deformation, altering the
thickness of the lubricant film (h) and consequently affecting both Pf and Pc. Additionally,
the friction induced by viscous fluid shear and asperity interactions elevates temperatures
in the contact zone. This thermal effect alters the lubricant’s viscosity, thus affecting sealing
performance. When these three forces reach equilibrium, the fluid–solid–thermal coupling
process is completed. The calculation procedure is depicted in Figure 3.

(1) The operational data is input and ANSYS 2022 is utilized to determine the contact
length and static contact pressure, Psc.

(2) The initial lubricant film and fluid pressures are set; then the hydrodynamic fluid
pressure Pf and asperity contact pressure Pc are determined through calculations in
fluid mechanics analysis and contact mechanics analysis, respectively.

(3) The normal deformation magnitude (hde f ) is determined via deformation analysis,
and the lubricant film thickness is iteratively adjusted until the convergence criterion
of 0.01 mm for hde f is satisfied.

(4) Through calculations involving viscous friction and asperity contact friction, the
temperature within the sealing zone is ascertained, and subsequently, the lubricant
viscosity corresponding to this temperature is derived. This process is repeated
iteratively until the temperature error (Te) fulfills the convergence criteria (1 ◦C),
signifying the end of the computational process.

(5) The essential sealing performance metrics are presented: the torque due to friction
and the rate of reverse pumping.
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Figure 3. Sequential computational flow for the MTHL model.

2.3. Solid Mechanics

As shown in Figure 4, a 2D axisymmetric finite element model was developed using
ANSYS 2022 software. The rotary lip seal assembly was loaded with an interference fit.
Pressure was applied to both the lubricant and mud sand sides. A multi-region meshing
method was employed to balance computational efficiency and accuracy. Through finite
element analysis, the static contact pressure Psc and contact length Ly were determined.

Figure 4. Two-dimensional axisymmetric finite element model.

The rotary shaft is constructed from structural steel, while the single-lip seal is fabri-
cated from nitrile rubber. Drawing upon the material performance indicators of imported
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single-lip seals, this paper introduces a newly developed nitrile rubber material. According
to GB/T 528-2009 [29], “Testing of Tensile Stress-Strain Properties of Vulcanized or Ther-
moplastic Rubbers,” Type 1 specimens were used to conduct uniaxial tensile tests on the
nitrile rubber material using a universal testing machine. The influence of temperature
on its material properties was also studied, as shown in Figure 5. Under stable operating
conditions of the shield tunneling machine’s main drive seal, the frictional heat generated
at the shaft–seal interface typically stabilizes at around 60 ◦C. Even when temperatures rise
to 60–90 ◦C due to increased rotational velocity or various other influences, the material’s
mechanical properties exhibit negligible sensitivity to such thermal variations. Therefore,
this study focuses exclusively on analyzing temperature-dependent changes in lubricant
viscosity, omitting thermal effects on the nitrile rubber material.

Figure 5. Effect of temperature on stress–strain behavior of nitrile rubber.

Figure 6a,b showcase the stress contour map and the static contact pressure curve,
respectively, obtained through solid mechanics analysis under typical service conditions
for the rotary lip seal.

Figure 6. (a) Contour map of static contact pressure and (b) distribution of static contact pressure.

Detailed analyses related to fluid mechanics, contact mechanics, deformation, and
thermodynamics for the seal can be found in the Supplementary Material, with supporting
references [30–36].

3. Results and Discussion
3.1. Model Validation

This study employs the mixed lubrication model (MLM) described in [15] to validate
the newly proposed MTHL model. Notably, although [15] lacks an explicit thermal model,
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it incorporates the effect of velocity on viscosity in the numerical calculations. In this way, it
indirectly accounts for how temperature affects lubricant viscosity. The comparative results
of the reverse pumping rate predicted by both models are plotted in Figure 7. The reverse
pumping rate calculated by both models increases almost linearly with rotary shaft speed
and exhibits strong consistency. These results confirm the accuracy of the newly developed
MTHL model.

 
Figure 7. Validation of reverse pumping rate with rotary shaft speed, the MLM from Guo et al.
(2013) [15].

To further assess the validity of the MTHL model under various pressure differential
conditions, a systematic review of the relevant literature was conducted. Refs. [15,20]
primarily focus on lubrication studies under a zero pressure differential; this condition was
validated in the present study against the data from [15]. Although Reference [37] provides
data under pressure differential conditions, it does not include the static contact pressure
distribution parameter necessary for calculating the reverse pumping rate in our model,
making it unsuitable for direct comparison. While Reference [21] offers relevant data at a
pressure differential of 0.4 MPa, including a detailed static contact pressure distribution,
its numerical model is based on the classical Reynolds equation, which is fundamentally
different from the averaged Reynolds equation employed in our work. Consequently, none
of the identified references could be directly used to validate the MTHL model under
varying pressure differential conditions.

3.2. Effect of Velocity

Figure 8a demonstrates the effect of velocity variation on the sealing contact zone
temperature and lubricant viscosity. As velocity increases, the sealing contact zone temper-
ature exhibits an almost linear growth trend, with a temperature rise of 7.67 ◦C for every
1 m/s increase in velocity. Simultaneously, the lubricant viscosity displays a nonlinear
decrease, dropping significantly from 0.08 Pa·s to 0.025 Pa·s. Figure 8b–d illustrate the
influence patterns of velocity changes in the axial sealing contact zone on Pf , Pc, and h.
With increasing velocity, both fluid pressure and lubricant film thickness gradually increase,
leading to a gradual decrease in asperity contact pressure. However, it is noteworthy that
the overall trends of these three parameters gradually flatten out. This phenomenon is
primarily attributed to the thermal-induced reduction in lubricant viscosity, which partially
diminishes the hydrodynamic pressure effect. In summary, while an increase in velocity
enhances the hydrodynamic pressure within the lubricating film, this enhancement is
constrained by the viscosity loss resulting from elevated temperatures.
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Figure 8. Effect of velocity variation on (a) temperature and lubricant viscosity; (b) the distribu-
tion of static contact pressures; (c) the contact pressure at asperities; and (d) the thickness of the
lubricant film.

Figure 9a demonstrates the influence of velocity variations on the total friction within
the axial sealing contact zone. As velocity increases, the total friction force first sharply
increases (0–0.1 m/s), then sharply decreases (0.1–1 m/s), and finally stabilizes (1–6 m/s),
due to the combined effects of viscous stress and asperity contact stress. As shown in
Figure 9b, shear deformation in the axial sealing contact zone gradually decreases with
increasing velocity. This reduction is primarily attributed to the enhanced hydrodynamic
effect (Figure 8b–d), whereby higher speeds result in increased fluid pressure and lubricant
film thickness, reducing asperity contact pressure. The intensified dynamic pressure effect
also diminishes total friction, thereby further mitigating shear deformation. Additionally, it
can be observed that as velocity increases, the peak shear deformation rapidly approaches
the mud sand side within the range of 1–3 m/s and remains unchanged within the range
of 3–6 m/s. Figure 9c describes the effect of velocity changes on the reverse pumping rate.
When the main drive seal of the shield machine is in a static state, the reverse pumping
rate is negative (−8.5 mm3/s), allowing mud sand to enter the lubricant side. As velocity
increases, the reverse pumping effect of the lubricant film gradually intensifies. When
velocity reaches 0.12 m/s, the reverse pumping rate becomes zero, and mud sand no longer
enters the lubricant side. As velocity continues to increase, the reverse pumping rate
first exhibits a nonlinear increasing trend within the range of 1–3 m/s and then increases
almost linearly. This variation trend aligns with the reverse pumping mechanism [10–12],
where the closer proximity of the peak shear deformation to the mud sand side results in a
stronger suction effect. At a velocity of 3 m/s, the reverse pumping rate is 122.82 mm3/s.
Figure 9d shows the impact of velocity changes on friction torque. As velocity increases,
friction torque experiences a sharp increase within the initial span of 0–0.1 m/s, followed
by a sharp decrease in the subsequent span of 0.1–1 m/s, and remains essentially constant
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within the range of 1–6 m/s. This trend closely matches the trend of total friction force. At
a velocity of 3 m/s, the friction torque is 79,304 N·m.

Figure 9. Effect of velocity variation on (a) total friction; (b) shear deformation; (c) rate of reverse
pumping; and (d) torque due to friction.

3.3. Effect of Fluid Pressure Differential

Figure 10a–d depict the variations in static contact pressure, fluid pressure, asperity
contact pressure, and lubricant film thickness, respectively, under varying fluid pressure
differentials. Figure 10a shows the results of a finite element simulation, indicating that
as the fluid pressure differential increases, both the radial force and axial contact length
increase significantly. This change leads to a more uniform distribution of static contact
pressure, thereby reducing the magnitude of the static contact pressure. Meanwhile, in
Figure 10b–d, the numerical simulation results indicate that as the fluid pressure differential
increases, the magnitude of fluid pressure gradually decreases, primarily due to the notable
decline in the magnitude of the static contact pressure. Furthermore, the peak of the
asperity contact pressure exhibits a trend of initially increasing, then decreasing, and finally
decreasing again. Correspondingly, the peak of the lubricant film thickness first decreases,
then increases, and ultimately decreases once more.

Figure 11a–d present the effects of varying the fluid pressure differential (∆P) on
viscous friction (Fl), asperity contact friction (Fc), total friction (Fall), sealing contact zone
temperature, lubricant viscosity, and friction torque. As shown in Figure 11a,b, an increase
in the fluid pressure differential leads to an upward trend in both viscous friction and
asperity contact friction, resulting in a higher total friction. Further analysis of Figure 11c,d
reveals that the increase in total friction causes an elevation in sealing contact zone tem-
perature, which subsequently results in a decrease in lubricant viscosity. This reduction in
viscosity weakens the hydrodynamic pressure effect to some extent. Additionally, the rise
in total friction force also leads to a gradual increase in friction torque. Under the conditions
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of a velocity of 3 m/s and a fluid pressure differential of 0.1 MPa, the friction torque is
79,304 N·m. When the fluid pressure differential is elevated to 0.2 MPa, the friction torque
significantly increases to 124,307 N·m.

Figure 12 illustrates the reverse pumping rate with different fluid pressure differen-
tials. As the fluid pressure differential increases, the reverse pumping rate initially rises
(0.1–0.12 MPa, 122.64–172.76 mm3/s), then decreases (0.12–0.18 MPa, 172.76–52.63 mm3/s),
and subsequently increases again (0.18–0.22 MPa, 52.63–69.55 mm3/s). Figure 13a,b demon-
strate the impact of the fluid pressure differential on shear deformation and the point of
peak shear deformation relative to the lubricant side. It can be observed that as the fluid
pressure differential increases, the shear deformation continues to increase. The point of
peak shear deformation first moves away from the lubricant side (0.1–0.16 MPa) and then
moves closer to the lubricant side (0.16–0.22 MPa); i.e., it first approaches the mud sand
side and then moves away from it. The classical reverse pumping mechanism is no longer
applicable in this scenario.

 
Figure 10. Influence of fluid pressure differential on (a) the distribution of static contact pressures;
(b) the fluid pressure; (c) the contact pressure at asperities; and (d) the thickness of the lubricant film.

The sealing mechanism of rotary lip seals under a high fluid pressure differential is
as shown in Figure 14. The flow rates generated by shear flow and pressure flow along
the axial sealing contact region under various fluid pressure differentials were further
calculated using Equation (S2) in the Supplementary Materials. For direct comparison
of flow rates induced by pressure-driven versus shear-driven mechanisms, an inverse
operation was applied to the pressure-driven component. The flow generated by shear-
driven flow moves from both sides toward the position of maximum shear deformation,
whereas the flow generated by pressure flow moves in the opposite direction. Considering
that the flow rate calculation error on the right side of the peak shear deformation is
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relatively large, only the flow rate on the left side of the peak shear deformation is analyzed.
The solid line represents the flow rate generated by shear flow, and the dashed curve
signifies the flow rate generated by pressure-driven flow. It is evident that the flow rate
generated by shear flow consistently exceeds that generated by pressure flow, indicating
that the system is in a reverse pumping state. When the normalized contact length is 0.05,
as the fluid pressure differential increases (0.1–0.22 MPa), the relative flow rates generated
by shear flow and pressure flow exhibit a trend of first increasing, then decreasing, and
subsequently increasing again, which precisely explains the variation trend of the reverse
pumping rate.

Figure 11. Influence of fluid pressure differential on (a) fluid viscous friction and asperity con-
tact friction; (b) total friction; (c) sealing contact zone temperature and lubricant viscosity; and
(d) friction torque.

Figure 12. Reverse pumping rate with different fluid pressure differentials.
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Figure 13. The influence of the fluid pressure differential on (a) shear deformation and (b) the point
of peak shear deformation relative to the lubricant side.

Figure 14. Flow rates generated by shear flow and pressure flow within the axial sealing contact zone
with different fluid pressure differentials.

4. Conclusions
In this study, an MTHL model was established, with torque due to friction and the rate

of reverse pumping as key metrics to evaluate sealing performance. The accuracy of this
numerical model has been validated against MLM in the literature [19]. The main findings
are as follows:

1. As speed increases, the peak shear deformation shifts nearer to the mud sand side
and the rate of reverse pumping increases markedly, which aligns with the classical
reverse pumping mechanism. Meanwhile, the torque due to friction first rises sharply,
then decreases, and finally stabilizes.

2. As the fluid pressure differential increases, the friction torque exhibits a gradual
increasing trend. The reverse pumping rate demonstrates a pattern of an initial
increase, followed by a decrease, and then a subsequent increase. Meanwhile, the
axial position of the maximum shear deformation of the rotary lip seal first moves
closer to the mud sand side (0.1–0.16 MPa) and then moves away from the mud sand
side (0.16–0.22 MPa). This phenomenon cannot be explained by the classical reverse
pumping mechanism.

3. The MTHL model established in this paper separately calculates the flow rates gener-
ated by shear flow and pressure flow. By comparing the relative magnitude of these
two flow rates, it reasonably predicts the sealing performance, thus supplementing
the classical reverse pumping mechanism. This also provides critical insights for
optimizing seal performance under varying operational conditions.
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It should be noted that, as discussed in Section 3.1, the validation of the MTHL model
under varying fluid pressure differential conditions remains incomplete. Furthermore, the
phenomena described in this study—particularly the non-monotonic behavior of sealing
performance with increasing fluid pressure differentials—have yet to be experimentally
verified. Future work should therefore include targeted experimental measurements under
well-controlled fluid pressure differential conditions to fully validate the model and further
investigate the underlying mechanisms.
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