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Abstract: The key to exploring the behavior of bearings through dynamic methods lies
in establishing an accurate model for calculating the contact load between the roller and
the raceway. Based on the half-space theory of Boussinesq, this study developed a full-
order model for calculating the contact load of the finite line contact roller. The model
adopted an iterative procedure to calculate the contact load of each roller slice according
to deformations. According to the comparisons between the contact loads obtained by
the proposed model and those obtained by FEA, the average error for a cylindrical roller
was approximately 2%, while that for a tapered roller was approximately 17%. By ne-
glecting the influences of inter-slice contact stresses on the deformation of local roller slice,
a fast-calculating method for the full-order model was developed, thereby reducing the
calculation time by approximately 77%. By integrating the fast method with the Dowson—
Higginson’s formula, another model was developed to calculate the contact load under
lubrication conditions. The proposed models were utilized to investigate the dynamic char-
acteristics of a double-row tapered roller bearing, and the results were validated through
experiments. The proposed method could be utilized to assess dynamic performances of
bearings across different operating scenarios.

Keywords: finite line contact roller; contact load calculation; half-space theory of Boussinesq;
fast method; elastohydrodynamic lubrication

1. Introduction

Bearings play very crucial roles in mechanical rotating systems, and proper operation
of the system relies heavily on the optimal conditions of the bearings. Surface defects
of the rotating elements and inadequate lubrication are critical factors that impact the
operational condition of bearings. Surface defects can result in additional loads and induce
forced vibrations within the support system, while insufficient lubrication can lead to
thermal-related damages, consequently widening the contact gap between the rollers and
the raceways. Utilizing the vibration characteristics of bearings for condition monitoring
could facilitate timely replacement of bearings upon detection of bearing defects, thereby
mitigating system failure [1-4]. Furthermore, it enables the prompt addition of lubricant to
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prevent bearing failures in cases of inadequate lubrication. Developing quasi-static and
dynamic models for bearings are effective approaches to establish a comprehensive prior
knowledge database to understand the vibration characteristics of bearings under diverse
operational conditions [5,6]. Meanwhile, it provides a robust method for evaluating the
service life of bearings subjected to non-stationary loads and structural stiffness [7]. When
the models are utilized to analyze bearing characteristics, contact load between the roller
and the raceway is commonly simplified as a function relating to the mutual approach
between the surfaces of roller and raceway [8-10], and accuracy of the function used in the
model has a significant impact when analyzing results.

Models that describe the relationship between the contact loads and the deformations
can be categorized into explicit models and implicit models. The contact loads can be
directly calculated from the deformations using the explicit models, such as Lundberg’s
model [11], Palmgren’s model [12], Liu’s model [13], and Persson’s model [14]. The above
models used approximation methods in their analysis. Although the explicit models
boasted high computational efficiencies, accuracies of the models were constrained due to
the incorporation of empirical parameters in the calculation formulas. The contact loads
obtained through the implicit models typically required iterative solution techniques such
as a Newton-Rhapson algorithm [15]. Other researchers developed the implicit models
including Hertz, Radzimovsky, Goldsmith, Johnson [16], Dubowsky-Freudenstein [17],
Lankarani-Nikravesh [18], and Pereira [19]. Johnson’s model was based on Hertz’s theory
of the compression of a long circular cylinder in nonconformal contact with two other
surfaces, and similarly, the model proposed by Goldsmith was also based on Hertz theory.
Validities of the models proposed by Johnson, Radzimovsky, and Goldsmith depended on
contact geometries and on the elastic properties of the materials. Pereira’s model considered
energy dissipation of the contact, and parameters in the model were derived by the fit
approximation. Although the authors of the above models claimed sufficient accuracy,
the relationship curves between the observed contact loads and deformations exhibited
significant variabilities among different models under identical parameters.

Based on the developed models that establish relationships between contact loads
and deformations, scholars have proposed dynamic models to investigate the vibration
characteristics of bearings under various conditions. Liu et al. [20-23] treated the total
contact stiffness between the roller and raceway as a combination of the roller’s body
stiffness, the contact stiffness, and the lubricating oil stiffness, and employed the Hertzian
formula to calculate the contact stiffness of roller-raceway contacts. Wang [24] established
a model for axle bearings of rail vehicles via Lundberg’s equation, assuming that the
compressions along the contact line were constant. Niu [25] et al. used the Hertzian contact
theory to calculate the roller contact load for investigating the vibration characteristics of a
bearing with defects. Liu and Wang [26] adopted Johnson’s model to calculate the roller
contact forces, studying the influences of local fault failures on the vibrations of cylindrical
roller bearings. The roughness features of the defected areas were considered in their model.
However, the distribution of non-penetrating defects and roughness along the raceway’s
axial direction was not accounted for in their model. Liu et al. [27] analyzed the effects
of the evolution of defect edge features on the vibrations of cylindrical roller bearings
by utilizing the Palmgren’s model to calculate the contact stiffness between the roller
and raceway. Zhang [28] adopted Palmgren’s correction equation to establish a contact
mechanics calculation model of double-row tapered roller bearings for the investigation
of influences of working conditions on bearing stiffness. Cao et al. [29] proposed a new
dynamic model for rolling element bearings with a defect on the inner or outer raceway,
considering the gyroscopic effect and gravity force. The model also adopted Palmgren’s
formula to calculate the roller contact force. Zhang et al. and Li [30,31] utilized the Hertzian
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contact theory and the micro-contact models to construct a dynamic model of defects by
coupling time-varying displacement excitation functions. Nevertheless, none of the bearing
dynamic models constructed above accounted for the inhomogeneity of deformation in
the roller-raceway contact zone, such as the distributed roughness or the actual geometry
of the defect morphology. This is because the classical contact force calculation model
could not determine the contact load for each local contact area of the roller and did
not comprehensively consider the influence of each local contact force on the overall
deformation. Therefore, to enhance the analysis accuracy of the bearing dynamics model,
it is essential to further optimize the roller-raceway contact load calculation model for
achieving precise computation of local contact loads.

For lubricated bearings, the contact between the roller and the raceway occurs under
elastohydrodynamic lubrication (EHL) conditions, and the correlation between the contact
load and film thickness is influenced by both contact parameters and lubrication param-
eters [32]. By employing Reynolds’ formula, the contact load can be evaluated by using
either the finite difference method or the multi-grid method [33,34]. Nevertheless, the com-
plex computation of lubrication pressure used for generating the contact load significantly
diminished the computational efficiency of the dynamic analysis. Consequently, there was
a growing trend towards exploring simplified model representations for EHL calculations.
Zheng et al. [35] investigated the influence of time-varying characteristics on the dynamic
response of high-speed train axle box bearings, utilizing the Hamrock-Dawson formula to
evaluate the damping between the roller and raceway. Their results demonstrated that the
damping increased with an increase in vertical load but decreased as the rotational speed
increased. Liu et al. [36] utilized the Dowson-Higginson formula to calculate the time-
varying lubricant stiffness considering the thermal effect, for investigating the skidding
behavior of a lubricated rolling bearing. Their results indicated that the skidding behaviors
and internal dynamic interactions were significantly intensified under the influence of the
thermal effect. Shi et al. [37] utilized Dowson’s formula to calculate the minimum lubrica-
tion film thickness and adopted this thickness to evaluate the contact deformation between
the roller and the raceway, thereby studying the influences of inclined crack defects on the
vibration characteristics of cylindrical roller bearings. The Dowson-Higginson formula is
also adopted by this study to evaluate central film thickness between roller and raceway:.

The contact load calculation model proposed in this study is also based on Hertzian
pressure distribution; however, the relationship between deformation and force is no longer
described by a function of contact stiffness, thereby eliminating the restriction of the model
to the validity domain. Furthermore, the proposed model no longer constrains by assuming
the deformation of the rolling element on the contact line is constant, so that the effect of
surface roughness on real-life contact mechanics is considered. The correlation between the
deformation and the contact load is based on the half-space theory of Boussinesq, and an
iterative procedure is established to solve the contact load from the deformation between
the roller and the raceway:.

In this study, firstly, contact geometry between the roller and raceway was derived.
Secondly, an iterative procedure for calculating the contact loads relating to the deformation
was established based on the half-space theory. Thirdly, a fast method was proposed to
approximate the iterative procedure through ignoring the influences of the inter-slice
contact pressures on the deformation of roller slice. Next, this study further employed a
simple model for calculating the contact loads under a lubricated condition. Finally, the
results obtained by different methods were compared with those obtained by the proposed
model, including the stresses and contact loads obtained by finite element analysis (FEA),
the contact loads obtained by the models mentioned in the state of the art, and vibration
responses obtained through experiments.
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2. Contact Geometry Between Roller and Raceway

As illustrated in Figure 1, a finite line contact bearing comprised an inner ring, an
outer ring, rollers, and a cage. The cage served to guide the cylindrical or tapered rollers.
In the case of a tapered roller bearing, the axes of rotation for the rollers were inclined with
respect to that of the inner ring.

Outer ring

Gage

N
Roller /// / /

(a) : -

Figure 1. Structure and geometrical parameters of a finite line contact roller. (a) Components of

bearing; (b) geometrical parameters of tapered roller bearing.

A sectional view of a tapered roller bearing is given by Figure 1b; contact lines are
marked in red, the dotted line denotes axis of the roller, the radius of a point on prime line
of the roller and axis of the roller is denoted by r, and the cone angle of the roller is denoted
by «. The distance between a point on contact line with respect to the inner ring and axis of
the bearing is denoted by r;, and the distance between a point on contact line with respect to
the outer ring and axis of the bearing is denoted by r,. Based on the geometrical parameters
of roller, the contact radius at any points on the contact line between the finite line contact
roller and the raceway can be obtained, and the expression of contact radius of the roller is

as follows:

az r

b cos(a/2)

Similarly, the contact radii of the inner ring and the outer ring are R; = #;/cos(a/2) and

Ry = (1)

Ro = 1o/cos(a/2), respectively. For a cylindrical roller, « = 0. As shown in Figure 2a, in
cross-sections of the roller and the raceway along the normal plane, the parts of roller and
the raceway (marked with dotted black lines in the figure) closing to the contact line can
be treated as two cylinders, and radii of the cylinders and the contact radii are specified
by Equation (1). The vertical distance between profiles of the two cylinders can be further
simplified as the vertical distance between the cylinder and a virtual platform (marked
with dotted red line in the figure).

(@) (b)

Figure 2. Simplified contact of roller and raceway. (a) Description of contact of roller and raceway;
(b) contact geometry.
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The simplified contact geometry between the roller and raceway is given in Figure 2b;
the red dashed line depicts the deformed configuration of the equivalent cylinder subjected
to the contact load. We denote R as radius of the cylinder, and for the contact between the
roller and inner ring, the radius of the cylinder denoting the comprehensive contact radius
of the roller and inner ring is R =1/(1/R; + 1/R;). For the contact between the roller and
the outer ring, the radius of the cylinder denoting the comprehensive contact radius of
the roller and the outer ring is R=1/(1/R, — 1/R;). We denote & as the vertical distance
between profile of the cylinder and the platform; the expression of k is as follows:

2
h(x) = — — 2
(x) = =00+ 5% +0(%) 2)
where J( denotes virtual penetration between the roller and the raceway, with a positive
value indicating that contact occurs, and v(x) denotes comprehensive deformation between
the roller and raceway. Under dry contact conditions, it is assumed the virtual penetration
is 0.55 times the mutual approach between the roller and raceway, namely 6y = 0.550 [38].

3. Contact Load Calculation Model Based on the Half-Space Theory

Under dry contact conditions, the contact load between the roller and the raceway
was typically determined by the deformation of the both surfaces. Based on the half-space
theory of Boussinesq [39], the comprehensive contact deformation at a point (x, i) induced
by the stress p(x’,y’) is as follows:

P(xy) It 1 _1(1-0f 1-03
nE’fj dx'dy’ = v(x,y), =3 E + L, 3)
\/ + -y’

where E” denotes composite modulus of elasticity of contact surfaces of roller and raceway,
E; and E; denote Young’s modulus of material of roller and raceway, v; and v, denote
Poisson’s ratios of material of roller and raceway. The v(x,y) denotes comprehensive
deformation of the contact surface at the point (x, y). By integration, the contact load can
be determined through the contact stress. To address the contact stress numerically, it
is essential to discretize the contact area into a grid and employ the discretized form of
Equation (3) for calculating the contact stress.

To grid the contact area, the roller is sliced into equal-thickness sections along its
axle direction, and it is assumed that distribution of the contact stress within each slice
remains constant along the axle direction. As shown in Figure 3a, the roller is divided into
M equal-thickness slices, and based on the Hertz contact theory, the contact stress within
each slice is distributed in a semi-elliptical form along the tangential direction. As shown
in Figure 3b, to quantitatively assess the contact stress within each slice, the stress within
each slice is represented by stress values of N equally spaced nodes. Based on this grid
division method, Equation (3) is discretized as follows:

nE’ Z Z Kkl pij = 4)

i=1j=

where K¥}; denotes the influence coefficient of the stress exerted on the node of the i-th row
and the j-th column, with respect to the deformation of the node situated at the node of the
k-th row and the I-th column. Similarly, p; denotes the stress exerted on the node of the i-th
row and the j-th column, and vy; denotes the comprehensive deformation of the node of the
k-th row and the I-th column. Expression of the influence coefficient K is as follows:
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i i by i ij o by i ag i by q o 4 i by i
K = I(xk +71'ykl+7]) _I(xkl+7]’ykl_7]) _I(xkl - ijyszFT]) +I(xkl_ /e 7]>
G — s — )
I(x,y) = xln(y—i— /X2 +y2) +y1n(x + /%2 +y2>, { xg.l [ xij = x|
Y = |vij — vul
where a;; and bi]- denote length and width of the mesh located at the i-th row and the
j-th column, respectively. As the slices are of equal thickness, and nodes within a slice

are equally spaced, following the Hertz theory, the length and width of the meshes are
simplified as follows:

ai=a;=L/(M~=1),b; = \ /3%, b :ﬁbi (6)
where w; denotes the contact load applied on the i-th roller slice; R; denotes the comprehen-
sive contact radius of the i-th roller slice; b; denotes the contact half-width of the i-th roller
slice; and L denotes the length of the roller. Assuming that the stress distribution of roller
slices follow Hertzian theory, the correlation between the center deformation of the roller
slice and the stress at the roller slice center can be expressed in matrix form as follows.

C-W=V ()

where C denotes the flexibility coefficient matrix, W denotes a vector formed by contact
loads of nodes on the contact line, and V denotes the vector formed by deformations of
nodes on the contact line. The expression of the matrix C is as follows:

11 T C1,M

LCM,1 T CM,M

where c;; represents the flexibility coefficient of the node, indicating the relationship
between the central deformation of the k-th roller and the load applied at the node located
at i-th row and j-th column. Expression of the coefficient c is as follows:

) (N-1)/2 ifM_._l/]‘ 2j 2
%= mpad. o (K M 1_<Nl) )
e N2\ ke

As width of a mesh, namely b;;, which is derived from half-width of contact area of

ijis
a roller slice, has a significant imp;ct on calculating results of the contact load, and the
half-width relates to the undetermined contact load, an iterative procedure is employed
to approximate the solutions of the full half-space theory specified by Equation (3). In the
iteration, b; is repeatedly calculated through Equation (6). The pseudocode of the iterative
calculation procedure is shown in Algorithm 1.

Since the deformation vector V in Equation (7) is formed by the deformation of each
roller slice, the effects of surface roughness on real contact mechanics can be considered.
Assuming that the surface roughness between the roller and the raceway is R, the com-
prehensive deformation of each roller slice is the result of the superposition of mutual
approach and surface roughness effects. With the surface roughness of 0.001 mm, and the
mutual approach of 0.01 mm, a diagram of the contact load acting on each roller slice of



Lubricants 2025, 13, 183 7 of 22

a steel roller with a radius of 10 mm and a length of 40 mm calculated by the proposed
model is shown in Figure 4.

The j-th column  Radical direction
2 by
it

The i-th row

M =

Axle direction

(@)

Figure 3. Discretization of contact area and contact stress distribution. (a) Stress distribution in a
roller slice; (b) griding of contact area.

Algorithm 1 The Contact Load Calculating Model Based on the Half-Space Theory

Require:
Parameters: Radius of roller R; Contact line length L; Mutual approach §; Mesh
numbers M, N; Composite modulus of elasticity E
Tolerance: e
Ensure:
Half width of contact area for each roller slice b;

1: / /Initialize

2: b; + /2R;5; > Contact width of the i-th roller slice
3:a;+ L/N > Length of mesh of the i-th roller slice
4:e9¢—e+1 > Current difference, initialized to e + 1
5: by; < b; > Initial contact width
6: while ¢y > edo

7. // Influence coefficient matrix

construction

8: Matrix <— matrix_construction (M, N, a;, b;)
9: // Contact load update

10: W < Matrix! x &

11: W; «WI[i] > Extract the i-th contact load
12: // Contact width update

13: bi — 8WiR/(ai7rE)

14: //Calculate error

15: eg + Z|b0i/bi — 1|

16: bOi — bi

17: end while

18: return W;

As shown in Figure 4, when the effect of surface roughness was considered, the
comprehensive deformations of roller slices became inconsistent, and the corresponding
contact loads of each roller slice also fluctuated. The results indicate that the proposed
model could effectively reflect the influence of surface roughness effect on the contact loads.
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7 R R 2 }3‘32

Conatct load on roller slice (N)
Deformation on contact lone (mm)

-20 -15 -10 -5 0 5 10 15 20

The ordinate value of the roller contact line (mm)

Figure 4. The obtained contact load by considering the effects of surface roughness.

4. Fast Method for the Contact Load Calculation Model

The iterative progress for determining contact width of each roller slice is time consum-
ing, which seriously affects the computational efficiency of calculating the contact loads by
using the half-space theory. As the distances between the nodes located in different roller
slices are much greater than that in the same roller slice, the influence of the inter-slice
contact stress on deformation of local roller slice can be ignored, and the calculation of
the contact load turns to a plane strain issue. Under the plane strain issue, the contact
half-width calculation conducted in two-dimensional grids is transferred to be conducted
in one-dimensional grids, which is more efficient. When the influences of the inter-slice
contact stress on the deformations are ignored, the formula for calculating the deformations
under contact stresses is as follows:

v(x) = —%/52 p(s)In(s — x)*ds (10)

51

Based on Equation (10), under the Hertzian stress distribution theory, the relationship
between the central deformation of roller and stresses applied on the contact area of the

0(0) = —Spobfol In(b- X)v/1— X2dX (11)

roller is as follows:

mE’
According to Equation (11), after performing the integral calculation, when both
the materials of roller and raceway are steel, a nonlinear equation relating the contact
bandwidth b to the deformation v can be derived as follows:

v? v?

v(0) = —ﬁlnb—i— ﬁ(l-i-lnél) (12)
The half-width of contact area of the i-th roller slice can be solved according to
Equation (12) through the Newton—-Rapson algorithm, and then the influence matrix can
be constructed according to Equation (8); the contact load is solved through Equation (7).
A comparison of deformations calculated by the fast method and the iterative procedure
of the cylindrical roller specified in Table 1 is given by Figure 5. As shown in the figure,
the contact area obtained by the fast algorithm was flatter than that obtained by the full

half-space theory.

Table 1. Geometrical parameters of roller.

Cylincal Roller Tapered Roller
Length of roller 11.5 mm 15.5 mm
Diameter of roller at the small end 8.5 mm 6.68 mm
Diameter of roller at the big end 8.5 mm 10.85 mm

Cone angle of roller 0° 7.64°
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Obtained contact load (kN)

[ |Full Half-space theory
Fast algorithm

0.0014 | \\

0.0012

0.001

Deformation (mm)

20~

-0.15
-0.15 -0.1 -0.05 0.05 0.1

-20
Length along axle direction (mm) ~  Length along tangential direction (mm)

Figure 5. Comparison of contact deformation.

When the roller slice is not in contact with the raceway, contact half-width of the roller
slice is 0, and influence coefficients relating to the roller slice is also 0. So, for the roller slices
that are no longer in contact with the raceway, the influence coefficients for these slices are
excluded from the matrix, and the deformations are therefore not taken into consideration
when calculating contact loads through Equation (8). To compare the differences in contact
force calculated by various methods as well as the computational efficiency of the methods,
cylindrical rollers with diameters varying in 5-mm increments, ranging from 5 mm to
25 mm, are utilized for the comparison, and the ratio of length to diameter of the roller
was set to 2:1. The contact area was grided into a mesh measuring M by N, where M =51
and N = 27. The tolerance used by the iterative procedure was set to 0.05. The above
calculations were performed using an in-house computer code developed in MATLAB®
R2021a with a laptop using processor AMD Ryzen 7 5800H @ 3.20 GHz. The deformations
of the rollers varied from 0.001 mm to 0.009 mm, contact loads obtained by various methods
are presented by Figure 6a, and the time taken to complete the load calculation with respect
to a roller diameter of different methods are presented by Figure 6b. In Figure 6a, the stars
represent the loads obtained by the fast method, the boxes represent the loads obtained
by the iterative procedure applying full-order model of half-space theory, and the colors
between the lines indicate the differences in loads obtained by various methods for rollers
with different radii. As shown in Figure 6a, the loads obtained by the fast method are less
than those obtained by the full-order model. The calculation errors of the fast method
relative to the full-order model are presented in Figure 6a with black triangles. The results
indicate that the error decreased with increasing deformation, which implies that the error
will decrease with increasing applied contact load. As shown in Figure 6b, the time taken
by the fast method is much less than the time spent by the iterative procedure, and the fast
method reduces the calculation time by approximately 77%.

30 1,50 1 , ,
5 1o 5mm [ Fast method
° 1@ 10mm 2 0.8 [ |CJFull-order model
20 C— o 15mm j
@20 mm S Eosf
15 |[C_J® 25 mm 5 o
£ =04
10 we
[=¥
5 w02t
0 0 0 Jl .l .A .A .l
0.001 0.003 0.005 0.007 0.009 0.001 0.003 0.005 0.007 0.009
Deformation (mm) Deformation (mm)
(a) (b)

Figure 6. Obtained loads and time taken by different methods. (a) Contact load obtained by different
methods; (b) time taken by the different methods.
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5. Contact Load Calculation Under Lubricated Condition

The fast method can be used to calculate contact load between roller and raceway
under the lubricated condition when deformations between the roller and the raceway
are determined. Geometric implications of the contact are shown in Figure 7, where h
denotes the central film thickness at the contact center and vy denotes the deformation at
the contact center.

Deformed contact geometry Undeformed contact

geometry

Figure 7. Geometric implications of the parameters.

For the i-th slice of the roller, a geometrical relation between the parameters shown in
Figure 7 can be established and is given by Equation (13). The central film thickness between
the i-th roller slice and the raceway is predicted by Dowson-Higginson formula [36], which
is given by Equation (14).

hoi — d0i —voi =0 (13)
[L/ (M — 1) ROBa054 (o)
ho; = 3.533 0 (14)
E'Y- w?.lB
biZLT[E’
_ 1
YT 8R(M 1) (15)

where u denotes the relative speed between the roller and the raceway, a denotes the
adhesive pressure coefficient, and 77y denotes the viscosity of lubricant under zero pressure.
Under Hertzian assumptions, the relationship between contact width of roller slice and
contact load applied on roller slice is given by Equation (15). Substituting the expressions
specified in Equations (12), (14), and (15) into Equation (13), a formula relating to contact
widths of roller slices under the lubricated condition can be established and is given by
Equation (16).

RO.56,054 (4, 1107 b2 b?

f(b;) = 4.6296 EIO-16(b.27T)O'13 7R 4R
1

where the term J; denotes the mutual approach of the i-th roller slice. When b; has been
solved from the nonlinear Equation (16), the contact load applied on roller slices can be
directly obtained through the Equation (15). In particular, after the contact width has
been calculated under lubrication conditions, the contact load cannot be determined using
Equation (7). Instead, the contact load applied on roller slice was calculated separately
employing Equation (15), because the contact load derived directly from the contact width
corresponded to the film thickness. If Equation (7) is used to solve for the contact load, the
relationship between the film thickness and the contact load would be disrupted.

6. Comparison of the Proposed Model with Other Models

The difference between the proposed model and other models is demonstrated by
comparing the contact loads per length calculated by this model with those calculated by
alternative models under varying deformation conditions. The geometrical parameters
of the roller and the raceway, as well as the models introduced by reference [15], and
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the contact loads per length obtained by the different models without energy dissipation
relative to the contact deformation depths are given by Figure 8. As shown in Figure 8, the
contact loads per length obtained by the different models exhibit significant differences,
and the results obtained by the proposed model are among the results obtained by Liu and
Dubowsky-Freudenstein, which are closer to that of Dubowsky—Freudenstein’s.

500
Hertz

Radzimovsk
Goldsmith
Dubowsky-Freudenstein

400 +

Lankarani-Nikravesh
ESDU-78035

Johnson

Liu

Pereira

300 +

200 +

— ——-Persson
Proposed Model

100

Contact load per length (N/mm)

0 0.001 0.002 0.003
J (mm)

Figure 8. Contact loads per length obtained by different models.

To further compare the stress obtained by the proposed model and the stress obtained
by FEA, two rollers were chosen. One of the chosen rollers was cylindrical, and the other
was tapered. The cylindrical roller belonged to the bearing 352,210, and the tapered roller
belonged to the bearing NH2210. The geometrical parameters of the rollers are listed in
Table 1.

The elasticity modulus and Poisson’s ratio of materials of the roller and the raceway
are set to 206 GPa and 0.3, respectively. As shown in Figure 9, the rollers were constrained
to make contact with cuboids whose lengths matched those of the prime lines of the rollers.
The surface nodes on the upper halves of the rollers were constrained to move at a specified
distance vertically as part of the mutual approach, while the nodes on the bottom surfaces
of the cuboids were fully fixed. When surface nodes of the upper half of the rollers were
constrained to move 0.01 mm, the cloud maps of stress distributions and displacements of
nodes, as well as displacements of nodes located on the contact lines are shown in Figure 10.

Figure 9. Mesh and boundary conditions for FEA simulation.
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Figure 10. Results obtained by FEA. (a) Nodes stress map of cylindrical roller; (b) nodes displacement
map of cylindrical roller; (c) nodes stress map of tapered roller; (d) nodes displacement map of
tapered roller; (e) displacements of nodes on contact line.

As shown in Figure 10b,d, the displacement of surface nodes of the upper half of the
rollers is —0.01 mm, and as shown in Figure 10e, the node displacements on the contact
line of the cylindrical roller is about —4.5 x 10~3 mm, while the node displacements on the
contact line of the tapered roller varied from —5 x 1073 mm to —3.5 x 1072 mm. Taking
the average displacements of the nodes on the roller contact lines as the representative
displacements of the roller at their contact lines, the deformations of the rollers at the
contact lines were regarded as the differences between the constrained displacements and
the displacements of the nodes on the roller contact lines, which were 5.5 x 1072 mm and
5.75 x 1073 mm, respectively. To implement the proposed fast method, the contact area
was grided into a mesh measuring M by N. To be consistent with FEA, M was set to 61,
and N was set to 15. Incorporating geometric parameters of rollers and the deformations
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Stress of node (MPa)

3000

into the proposed model, the stresses of the nodes on the contact line obtained by the fast
method and those obtained by FEA are shown in Figure 11.
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Figure 11. Stress obtained by FEA and the proposed model. (a) Stress of nodes on contact line of
cylindrical roller; (b) stress of nodes on contact line of tapered roller.

As shown in Figure 11a, the stresses of nodes on the contact line of the cylindrical
roller are symmetrical, and the stress intensities at ends of the contact line are significantly
higher than those near the middle region. As shown in Figure 11b, the stresses of the nodes
along the contact line of the tapered roller are asymmetrical. The stress intensities at the
ends of the contact line are significantly higher than those near the middle region, and the
stresses closer to the smaller-diameter end of the roller are higher than those closer to the
larger-diameter end. The stresses obtained by FEA and the proposed model are close, and
the localized error of the stresses obtained by the proposed model relative to that obtained
by FEA were evaluated and are shown in Figure 12.

100 T T T T T T T
—_ — 8= Cylindrical roller
& W Tapered roller §
]
E 60 .
9]
£ g a
E 40 | \ I }
c .
/
S 2F \ ]
— 20 &8 4}
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0 L , - S Gea0pa-oa8HT .

8 6 4 2 0 2 4 6 8
Location of node on roller contact line (mm)

Figure 12. Localized error of the stress obtained by the different methods.

As shown in Figure 12, the localized errors of the stress near the middle region and
the ends of the contact line for the cylindrical roller are greater, while the localized error for
the tapered roller near the larger-diameter end was much more significant. In general, the
localized error of the cylindrical roller was higher than that of the tapered roller. The mean
error of stress calculation of the cylindrical roller was about 20%, while that of the tapered
roller was about 6%. The discrepancies between the stresses obtained by FEA and those
obtained by the model arise because the stress distribution observed in FEA do not fully
conform to Hertzian theory, and the rollers exhibit longitudinal deformations in FEA.

To compare the total contact load obtained by FEA and the proposed model, five
groups of mutual approaches were selected as movement constraints for the rollers, which
were 0.005 mm, 0.0075 mm, 0.01 mm, 0.0125 mm, and 0.015 mm, separately. The total
contact loads obtained by different methods are presented in Figure 13, as well as the error
of loads obtained by the proposed model relative to those obtained by FEA.
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Figure 13. Obtained total contact loads and errors of rollers. (a) Cylindrical roller; (b) tapered roller.

As shown in Figure 13, the total contact loads increase with increasing in mutual
approaches. The differences between the total contact loads of the cylindrical roller obtained
by different methods are small, while the differences between the total contact loads of
the tapered roller obtained by different methods are relatively large. With the increase in
deformation, the differences between the total contact loads of the tapered roller become
more pronounced. The average error of the obtained loads with respect to the cylindrical
roller is about 2%, and the average error of the obtained loads with respect to the tapered
roller is about 17%. As a result, the proposed model is more suitable for the contact load
calculation of a cylindrical roller and improper for the contact load calculation of a tapered
roller with relatively large mutual approaches.

7. Dynamic Simulation and Experimental Validation

An experimental test was conducted to verify the results derived from the bearing
dynamic models utilizing the proposed model. In the constructed bearing dynamic model,
both the inner ring and the outer ring were defined with six rigid body degrees of freedom,
while the rollers were defined with four degrees of freedom, and the cage was defined
with one degree of freedom. The four degrees of freedom of the roller were defined as the
translational movement along the y-axis and z-axis, as well as the rotational motion around
the y-axis and x-axis. The angular displacement of the roller around the x-axis, denoted
as ¢r, was employed to characterize the roller’s incline with respect to the raceway. The
cage was defined as rotating around the axis of the inner ring. As illustrated in Figure 14,
frames with respect to the components of the bearing model were employed to delineate the
contact profile between the roller and the raceway. The origin of the inner ring coordinate
frame was situated at the center of mass of the inner ring, and the coordinate axes were
denoted as x;, y;, and z;, with the y;-axis aligned along the inner ring axis, while the x; and
zj axes lied in the radial direction of the inner ring. The number of roller coordinate frames
equaled the number of rollers, and the origins of all roller coordinate frames were situated
at the center of the inner ring. Additionally, the y-axis (referred to as y, for the y-axis of the
k-th roller) in all roller coordinate frames aligned with the y;-axis, while the z-axis (referred
to as z for the z-axis of the k-th roller) in each roller coordinate frame pointed towards
the angle where the center of the k-th roller was positioned. The origin of the outer ring
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coordinate frame was located at the center of mass of the outer ring, and the coordinate
axes were denoted as x,, Vo, and z,. The mutual approach between roller and raceway was
calculated according to coordinates of inner ring, outer ring, and rollers. The bearing used
for dynamic simulation and experiment was a 352,210 double-row tapered roller bearing.
The inner ring of the bearing was installed on a shaft, which was fixed by deep groove ball
bearings 6209. Geometrical parameters of the bearing, as well as the surface roughness and
number of the nodes, are listed in Table 2. The degrees of freedom of the bearing model are

listed in Table 3.
Applied load ‘_[ ,
[?a;h)_‘ﬂ %o — Y i(yrk)
. » ‘rk Yo
Incline of roller 1 x; l \ Zy ‘
Figure 14. Dynamic model of bearing and definition of the model coordinate frame.
Table 2. Parameters of bearing 352210.
Parameter Value
Elasticity modulus of materials 206 GPa
Poisson’s ratio of materials 0.3
Length of roller 15.68 mm
Diameter of roller at the small end 6.68 mm
Diameter of roller at the big end 10.85 mm
Diameter of outer ring at the small end 70.0 mm
Diameter of outer ring at the big end 82.0 mm
Diameter of inner ring at the small end 56.66 mm
Diameter of inner ring at the big end 60.90 mm
Cone angle of outer ring 22.3°
Cone angle of inner ring 7°
Viscosity 0.1Pa-s
Number of nodes 31 (M) x 51 (N)
Surface roughness 0.001 mm
Table 3. Degrees of freedom of the bearing model.
x y z ¢ B '
Inner ring X Vi Z; i Bi P;
Outer
ring Yo Yo Zo $o Bo Po
Roller - Yr Zy ¢r P —
Cage  @-— @ - - Be -

In Table 3, ¢, B, and ¢ denote the rotations of the respective components around the
x-axis, y-axis, and z-axis, respectively, ‘----" denotes the vanishing of the corresponding
degree of freedom. The tangential forces acting on rollers that drag the rollers” rotating
and spinning were simplified to forces related to contact loads and drag coefficients [40].
When the load applied on a roller diminished to zero, the tangential force vanished entirely,
then the rotation of the roller was driven by the cage. As shown in Figure 15, interaction
between rollers and cage was calculated according to mutual approach between the pocket
holes and rollers using Dubowsky-Freudenstein’s method.
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«— Au

Figure 15. Interaction between roller and cage.

As shown in Figure 15, the length of the pocket hole is denoted by I, and the initial
clearance between the edges of the pocket hole and roller is denoted by Au. The mutual
approach between roller and cage is obtained by the following formula:

5c:D'(,Br_ﬁc)/2—d/2—Au (17)

The dynamic simulation and the experiment were conducted under different speeds,
applied loads, and contact conditions. The physical drawing of the bearing test bench
and the cross-sectional view of the test bench are presented in Figure 16. As illustrated
in Figure 16b, utilizing the lever principle, a fine-threaded bolt is affixed to one side of
the bearing housing for applying load to the bearing, while a load sensor is positioned on
the opposite side of the bearing housing to capture the signal of the applied load. Vertical
acceleration signals of the bearing housing under the various contact conditions outlined
in Table 4 were calculated through the bearing dynamic model, and the corresponding
signals were acquired through an acceleration sensor mounted on the bearing housing. The
signal was acquired using an IMC data acquisition device with a sampling frequency of
10° Hz, and a load sensor was installed to capture the signal of the applied load. Under the
lubricated condition, the bearing was lubricated by grease.

Computer Driving motor Acceleration sensor Force sensor The loading bolt

Grease IMC device Bearing hosing The tested bearing
@) (b)
Figure 16. Experimental rig of the bearing. (a) The testing system; (b) view of the bearing support.

Table 4. Central frequencies under different rotating speeds.

No. Contact Condition  Rotational Speed Applied Load
1 Lubricated 600 RPM 1000 N
2 Lubricated 1200 RPM 1000 N
3 Dry 600 RPM 1000 N
4 Dry 1200 RPM 1000 N

The signals obtained through the dynamic simulations and the experiments are pre-
sented in Figure 17. As illustrated in the figure, the acceleration signals of the bearing
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acquired through experimentation demonstrate significantly higher amplitudes as the
rotational speed increases from 600 RPM to 1200 RPM. Moreover, the amplitudes of the
experimental acceleration signals obtained under dry conditions are greater than those
obtained under lubricated conditions at the same rotational speeds. The Root-Mean-Square
(RMS) values of the signals calculated by the dynamic simulation and acquired through
the experiments are listed in Table 5. The results presented in the table demonstrate that
the amplitudes of the simulated signals are closely aligned with those of the experimental
signals. However, the maximum error between the RMS values of the simulated and
experimental signals was 40%. The discrepancies in the RMS values might stem from
the fact that the contact deformations approximated by the mutual approaches in the
simulations differed from the actual deformations, thereby causing a deviation between
the simulated contact forces and the actual contact forces. Consequently, the amplitudes
of the acceleration signals obtained through simulations and the measured signals were
inconsistent. Compared with the dry contact conditions, the error between RMS values of
the signals obtained under the lubricated conditions are more pronounced, which might be
attributed to the fact that the damping effect of lubrication was not adequately accounted
for in the model.

600 RPM, Lubncatcd 1200 RPM, Lubrlcattd
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. 2
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Figure 17. Signals obtained through simulations and experiments.

Table 5. RMS values of signals.

Simulation Epxeriment

No. Condition = Speed (RPM) (m/s2) (m/s?) Error (%)
1 Lubricated 600 2.442 1.767 38.2
2 Lubricated 1200 5.681 4.057 40.0
3 Dry 600 3.447 2.734 26.1
4 Dry 1200 10.121 10.714 55

The results of the signal spectrum analysis are presented in Figure 18. As shown in
Figure 18, under dry contact conditions, the spectrum amplitudes of the observed simulated
acceleration signals are higher than those under lubrication conditions. Meanwhile, the
frequency ranges associated with the regions of higher spectral densities under dry contact
conditions are higher than those associated with the regions of higher spectral densities
under lubricated contact conditions. These spectral distributions are consistent with the
distributions of the experimental signal spectrum presented in Figure 18 under different
experimental conditions. This phenomenon can be attributed to the fact that, under dry
contact conditions, the contact stiffness between rollers and raceways calculated by the
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proposed model was greater than that under lubricated conditions, thereby causing the
frequency of the acceleration response signal under dry contact conditions to be higher than
that under lubricated conditions. The central frequencies of the signal spectra are presented
in Table 6. The results presented in the table indicate that the frequencies of the signals
obtained under lubricated conditions are lower than those obtained under dry contact
conditions. Moreover, the discrepancies among the central frequencies of the spectra under
lubricated conditions are relatively small compared to those under dry contact conditions.
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Figure 18. Frequency spectrum analysis of bearing acceleration signals.

Table 6. Central frequencies of spectrums of signals.

No. Condition Speed (RPM)  Simulation (Hz) Epxeriment (Hz)  Error (%)
1 Lubricated 600 3450 3075 12.2
2 Lubricated 1200 3662 3756 2.3
3 Dry 600 4843 5948 18.6
4 Dry 1200 5061 6792 25.5

In general, the contact stiffness between the roller and raceway predicted by the
proposed model was relatively reliable. However, when directly applying the model to
the bearing, the dynamic model might lead to an error of contact loads. Therefore, in
future studies, the damping effect between contacts will be considered to further enhance
the proposed model. Additionally, the conversion relationship between deformation and
mutual approach will be investigated in more detail, and the criteria for using the proposed
model under lubricated conditions will be further evaluated.

8. Conclusions

In order to fulfill the demands of a dynamic bearing simulation, a model is developed
in this study to predict contact load for finite line contact rollers of bearings based on the
half-space theory. A fast method was proposed to enhance the computational efficiency of
the constructed model, and the proposed fast method was applied to EHL problem based
on the Dowson-Higginson formula. Simulations were conducted to verify applicability of
the proposed model. The outcomes of this study could be summarized as follows:

(1) An algorithm for calculating contact load of finite line contact roller based on the half-
space theory was developed, in which the iterative procedure was used to determine
the contact half-width of each roller slice, and the influence coefficient matrix was
constructed to solve for the contact load of each roller slice.
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(2) A fast algorithm for calculating rolling contact load was developed, and the disparity
in contact load calculation results between the full half-space theory and the fast
method were compared. The results indicated that the errors of the fast method
relative to the full-order model decreased with increasing the contact load applied on
the roller, and the fast method reduced the calculation time by approximately 77%
compared to the iterative procedure.

(3) A cylindrical roller and a tapered roller were utilized to compare stresses and con-
tact loads obtained by the proposed model and FEA. The stress calculation results
indicated that the localized errors of the stress near the ends of the rollers were much
greater than those near the middle region, and the errors for the tapered roller were
more significant compared with those for the cylindrical roller. Nevertheless, the
differences between the contact loads obtained by the proposed model and FEA for
the cylindrical roller were smaller than those for the tapered roller.

(4) Dynamic simulations and experiments were conducted to verify applicability of the
proposed model, and the results indicated that the contact stiffness between the roller
and raceway predicted by the proposed model was higher under the dry contact
conditions than that under the lubricated conditions.

The model proposed in this study can be utilized to accurately calculate the contact
loads between the roller and the raceway for dynamic simulations of finite line contact roller
bearings, while considering surface roughness and the localized interaction between the
deformation and the contact load. However, the discrepancies between the results obtained
in simulations and experiments indicate that the model needs to be further enhanced.
Therefore, time-varying parameters will be incorporated into the model in future studies to
reflect the damping effect between the contacts, and the conversion relationship between
the deformation and the mutual approach will be examined in greater detail.
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