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Abstract: The multi-lip combined seal has the advantages of multi-lip coupling, large supporting
force, and can withstand high-pressure shocks. It is an irreplaceable structure for single-lip seals.
However, most of the seal wear analysis focuses on the simulation method of the single-lip seal under
the influence of macro factors, and very little involves the wear characteristics of multi-lip seals.
In this paper, a micro numerical method is established, which combines the elastohydrodynamic
lubrication theory with the modified Archard equation. The performance of a multi-lip combined
seal under different working conditions is analyzed through simulation, including macro and micro
factors. It is found that some of the characteristics of single-lip seals are also reflected in multi-lip
seals, and there is a critical speed that makes the sealing behavior of each seal lip different.

Keywords: wear; sealing performance; reciprocating seal; finite element method; lubrication

1. Introduction

As an important component of hydraulic cylinders, the piston seal plays a decisive role
in ensuring energy conversion and preventing internal leakage of the hydraulic actuator.
Due to the interference fit between the cylinder inner wall and the seal, the surface of the
seal and the cylinder wall are formed with small asperities after processing and molding.
After many reciprocating actions of the piston rod, the friction between the cylinder wall
and the piston seal makes the cylinder wall smoother. At the same time, the roughness
height of the seal contact surface also migrates and changes, which leads to the wear loss of
seal material and changes the geometric contour of the seal lip, ultimately directly affecting
the sealing system properties [1,2]. Research shows that the asperity formed on the surface
of a worn seal is more conducive to the generation of a fluid film, and it can significantly
reduce seal wear [3]; the most typical kind of seal failure is wear, so it is significant to
accurately reveal and predict seal wear characteristics [4].

In order to understand the seal wear behavior, some experimental methods have
been proposed. Ridgway et al. [5] explored the wear characteristics of the seal ring in the
slurry-free environment through experiments and found that the non-uniform packing com-
pression is not the only factor affecting the life and reliability of the gland seal. Yang et al. [6]
evaluated the friction behavior of seals containing different polytetrafluoroethylene (PTFE)
contents under dry friction conditions, and the results showed that the sliding speed had
significant effects on the frictional behavior of the filled PTFE seal. Lee et al. [7] proposed an
experimental method for the accelerated wear of fluororubber (FKM) seals and discovered
that the wear rate of FKM could be raised by 58-times when 0~1 mm alumina particles were
mixed with lubricant, but its wear performance was similar to normal working conditions.
Wang et al. [8] observed, through experiments, that the wear coefficient of an amorphous
carbon coating on the seal surface is low in a low-temperature environment. Liu et al. [9]
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tested the impact of various pressures on the wear rate of PTFE piston seals in automobile
fuel distributors through experiments. The results showed that the seal wore away more
quickly at higher pressures. Gao et al. [10] used a self-developed tribology tester to study
the wear performance of different coating seals. It is found that the maximum possible
temperature and temperature rise rate of the friction surface are two key factors that af-
fect the blade wear performance and the coating wear resistance. Rahmani et al. [11,12]
compared the leakage rate of radial lip seals and shafts with different surface topography
and found that shafts with negative skewness surface topography caused less leakage.
This research result can provide technical guidance for basic component processing and
structural optimization.

Although the experimental research of friction and wear can actually reflect the
tribological characteristics of the seal, the experimental operation requires both manpower
and material resources. Therefore, it is required to study the friction characteristics of
the seal through the numerical simulation method. Based on the short-term wear data,
Yang et al. [13] predicted the long-term wear degree of the hydraulic cylinder piston seal
through a numerical model. Békési et al. [14] introduced a technique to simulate the effect of
seal wear by using the birth–death element technology of the finite element method (FEM)
for reciprocating seals. However, the model has a large error in calculating the regions of
high contact pressure. Frölich et al. [15] established a macro FEM simulation model that
simultaneously considers the interactions of temperature, friction and wear, which can
better simulate the wear state of the rotating shaft seal. Li et al. [16] established a thermal-
structural coupling simulation method for seal wear based on FEM mesh reconstruction
technology and compared the wear of the rotating-shaft O-ring and the rectangular ring;
this method is helpful to understand the temperature distribution of the seal during wear.
However, the above methods mainly focus on the research on the friction characteristics of
the macro deformation caused by the external force extrusion of the seal, and they ignore
the effect of the micro factors in the lubrication interface on the seal wear. As is well known,
seal macro deformation can cause contact friction, and friction heat generation reduces the
viscosity of the fluid, which leads to poor lubrication and increased wear, and seal wear, in
turn, exacerbates fluid leakage [17]. Therefore, the macro deformation mechanics of the seal
are strongly coupled with the micro hydrodynamics of the fluid film [18]. Zhang et al. [19]
simplified the seal wear process by directly modifying the geometric profile of the seal
and finally analyzed the lubrication characteristics of different profile seals. However, this
method ignored the influence of lubricating fluid on the wear characteristics and could
not accurately reflect the dynamic coupling process of lubrication characteristics and seal
wear. Therefore, when analyzing lubrication on seal wear, Liu et al. [20] and Ran et al. [21]
combined lubrication and wear to establish multi-scale numerical wear simulation models
for rotary seals and reciprocating seals, respectively. This numerical model is helpful for
researchers to understand the wear characteristics of seals from the micro perspective.

However, the above studies are for simple single-lip seals, which have only one seal
lip in contact with the cylinder wall, making it easier to obtain the calculation results
during the analysis process. With the development trend of high speed and high pressure
in the hydraulic industry, the single-lip seal cannot easily ensure the requirements of a
transmission mechanism for sealing performance and running quality, and more and more
multi-lip seals are widely used. According to relevant studies, due to the strong coupling
relationship formed by the fluid pressure between the multi-lip seal lips, the lubrication
characteristics of multi-lip seals and single-lip seals in service are very different [22].

In view of the above problems, this paper takes the double-acting seal (DAS) multi-lip
combined seal as the research object. Based on the multi-scale numerical wear simulation
model [21], a numerical simulation method for reciprocating multi-lip seal wear considering
micro factors is proposed. Under the theory of mixed lubrication, the mixed thermoelas-
tohydrodynamic lubrication model (M-TEHL) of a multi-lip seal is established by taking
the principle of flow conservation as a convergence criterion to solve the micro lubrication
characteristics of the seals. The average asperity contact pressure is obtained by discretizing
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and statistically calculating the micro asperity contact pressure of the seal surface obtained
from the lubrication model, which is introduced to modify the Archard wear equation to
calculate the seal wear thickness. The wear condition of the DAS multi-lip combined seal
under various working conditions is studied.

2. Geometric Structure

A hydraulic cylinder piston application schematic for a typical DAS multi-lip com-
bined seal is presented in Figure 1. The primary assembly structure of the hydraulic
cylinder is depicted in Figure 1a. When the cylinder is actuated, the piston drives the piston
rod to reciprocate linearly along the guide sleeve. The DAS-combined seal is primarily
used to seal the clearance gap formed by the piston and the cylinder wall to prevent in-
ternal leakage of hydraulic oil. Therefore, the piston sealing performance directly affects
whether the hydraulic cylinder can work normally. The whole seal structure of the DAS-
combined seal is symmetrically distributed and consists of five parts: one nitrile rubber
(NBR) tooth-shaped seal ring, two thermoplastic polyester elastomer (TPE) backing rings
and two polyformaldehyde (POM) L-shaped wearing rings, as illustrated in Figure 1b.
The tooth-shaped seal ring consists of three seal lips: the higher seal lip in the middle is
the main lip, and the lower seal lips on both sides are the left lip and the right lip. In the
reciprocating movement, the DAS-combined seal is installed in the groove to form three
sealing zones. In addition, the left lip and the right lip form two pressure zones with the
main lip, which are called the first and second inter-lip zones, respectively. Hydraulic
oil penetrates the clearance gap of the seal to form a lubricating oil film, which reduces
movement damping and seal wear.
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3. Theoretical Analysis

In order to solve the problem more efficiently and quickly, the following basic assump-
tions are proposed to model the multi-lip reciprocating sealing system:

(1) In steady-state conditions, the viscoelastic effect of the seal and the inertia effect of
fluid are ignored;

(2) The fluid film thickness is much thinner than the size of the cylinder and the seal
element, and the influence of fluid film curvature is ignored;

(3) The fluid in the sealing zone is in a laminar flow state, and there is no relative
motion on the boundary;
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(4) The macro deformation characteristics of the seal are unaffected by the fluid oil
film thickness, and the sealing system is a two-dimensional axisymmetric model;

(5) The inner surface of the cylinder wall is smooth, while the asperity on the seal
surface obeys Gaussian distribution.

3.1. Hydrodynamics

During the reciprocating movement, the action mechanism of the fluid film formed in
the sealing zone is expressed by the dimensionless Reynolds equation that comprehensively
considers both the cavitation effect and surface roughness [23], which is

d
dx̂

[
φxx H3e−α̂FΦ d(FΦ)

dx̂

]
= 6U

d
dx̂
{[1 + (1− F)Φ] · (HT + φs·c·x)} (1)

where x̂ is the axial coordinate, H is the film thickness, HT is the average truncated film
thickness, U is the piston rod speed, α̂ is the pressure–viscosity coefficient, F is the cavita-
tion index, Φ is the fluid pressure or the density function and φxx and φs.c.x are the flow
factor [24].

Due to the special structure of the DAS-combined seal, there is a strong coupling
characteristic between the three lips under the action of sealed pressure, and the boundary
conditions are 

Φ(x̂l = 0) = Ps, Φ(x̂l = 1) = Pi1 for left lip
Φ(x̂m = 0) = Pi1, Φ(x̂m = 1) = Pi2 for main lip
Φ(x̂r = 0) = Pi2, Φ(x̂r = 1) = Pl for right lip

(2)

where Ps is the sealed pressure in the high-pressure fluid side, Pi1 and Pi2 are the pressure in
the first and second inter-lip zone and Pl is the fluid pressure in the low-pressure fluid side.

The dimensionless fluid viscous friction is

τ̂f = −
σ̂

ξ
e−α̂FΦ U

H

(
φ f − φ f s

)
− φ f p

σ̂

ξ

H
2

d(FΦ)

dx̂
(3)

where φf, φfs and φfp are flow factors [25].
For the integral of Equation (1), the dimensionless fluid flow rate in the sealing zone

can be calculated as

q̂ = −φxx H3e−α̂Fφ d(FΦ)

dx̂
+ 6U{[1 + (1− F)Φ] · (HT + φs·c·x)} (4)

3.2. Contact Mechanics

The asperity contact needs to be constructed since it is crucial for load distribution in
mixed lubrication situations. The asperity contact pressure in the sealing zone is calculated
via the Greenwood–Williamson (G-W) model [26] as follows (See Appendix A)

Pc =
4
3

1
(1− vs2)

σ3/2R1/2η
1√
2π

∫ ∞

H
(z− H)3/2e−z2/2dz (5)

where σ is the seal surface root mean square (RMS) roughness, η is the asperity density and
R is the asperity radius.

The dimensionless Coulomb friction of the asperity in the sealing zone is

τ̂c = − fcPc

(
U
|U|

)
(6)

where fc is the friction coefficient.
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3.3. Deformation Mechanics

The deformation coefficient method is used to determine the micro deformation. From
the theory of small deformation, the slight deformation at each position of the seal is
linearly positively correlated with the applied load [27], which is

Hi = Hs +
n

∑
k=1

(K)ik

(
Pf + Pc − Psc

)
k

(7)

where Hs is the initial film thickness and K and Psc are the deformation coefficient matrix
and static contact pressure obtained using ANSYS software, respectively.

3.4. Thermal Mechanics

Assuming that the ambient temperature is unaffected and that the thermal conductivity
of the cylinder is significantly greater than that of the seal, all heat produced by the friction
among the solid and the fluid is completely transferred to the cylinder wall. Therefore, the
thermal analysis model of the sealing zone is [28]

T − T0 =

1.07 QL
2kc

[
ρccc |u|L

kc

]− 1
2 , for ρccc |u|L

kc
> 0.68

0.64 QL
2kc

ln
[

5.0kc
ρccc |u|L

]
, for ρccc |u|L

kc
< 0.68

(8)

where T is the fluid film temperature, T0 is the ambient temperature, kc is the thermal
conductivity of the cylinder wall, ρc is the density of the cylinder wall, cc is the specific
heat capacity of the cylinder wall, L is the contact length of the seal lip and Q is the heat
production rate of the cylinder wall.

3.5. Coupling Mechanics

During the heat production of solid and fluid friction, the fluid viscosity is a result
of combined effects from both the fluid temperature and fluid pressure. The Roelands
viscosity–pressure–temperature empirical equation is applied to calculate the fluid film
viscosity [29], that is

µ = µ0 exp

(ln µ0 + 9.67)×


(

1 + 5.1× 10−9 p f

)ϑ

×
(

T−138
T0−138

)−v
− 1




ϑ = α/
[
5.1× 10−9(ln µ0 + 9.67)

]
v = β(T0 − 138)/(ln µ0 + 9.67)

(9)

where µ0 is the corresponding viscosity under the ambient pressure p0 and temperature T0,
α is the Barus viscosity–pressure coefficient and β is the Reynolds viscosity–temperature
coefficient.

3.6. Wear Mechanics

Archard theory is the most commonly used calculation model for material wear [30],
so the wear volume of the seal over a period of time during the reciprocating relative
movement is

∆Vw =
Kn

HB
Fn∆L (10)

where Kn is the dimensionless wear coefficient, ∆Vw is the seal wear volume, HB is the seal
material hardness, Fn is the normal force and ∆L is the relative sliding distance.

We defined kn = Kn/HB as the seal material wear coefficient, so Equation (10) can be
transformed into

∆Vw = knFn∆L (11)
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when both sides of Equation (11) are divided by the wear area S, the seal wear depth is

∆hw = kn pn∆L (12)

where ∆hw is wear depth and pn is normal contact pressure.
In a mixed lubrication state, the normal contact pressure pn of the cylinder wall to

the seal equals the static contact pressure psc of the seal against the cylinder wall, and psc
consists of film fluid pressure pf and asperity contact pressure pc, that is, psc = pf + pc.

Assuming that there are no impurities in the fluid medium, the impact of film fluid
pressure on seal wear is almost zero. In this case, only asperity contact will lead to seal
wear, so Equation (12) can be rewritten as

∆hw = kn pc∆L (13)

where kn is the wear coefficient.
When the hydraulic cylinder piston moves, the asperity contact pressure will be

changed under the action of elastohydrodynamics. Therefore, when analyzing the influence
of lubrication characteristics on the degree of seal wear, the statistical method is used to
discrete the single stroke length Lstroke into n parts to calculate the average asperity contact
pressure pc, and then the Archard equation is modified. Finally, the modified Archard
equation can be written as

∆hw = kn pcLstroke (14)

where

pc =
1
n

n

∑
i=1

(pc)i (15)

The total wear volume is

∆V = πDc

∫ Lx

0
∆hwdx (16)

where Dc is the inner diameter of the cylinder wall.
In all cases, wear is a function of time. Therefore, the wear rate is used to analyze seal

wear characteristics [31]. The wear time rate (WTR) δt is used to describe the wear volume
of a unit of time, and the wear distance rate (WDR) δL is used to describe the wear volume
of the unit distance, which are {

δt =
∆V
∆t

δL = ∆V
∆L

(17)

3.7. Numerical Calculation Procedure

From the above analysis, it is clear that the sealing zone exhibits strong thermal–fluid–
solid multi-field interaction properties. Therefore, the lubrication properties in MATLAB
software are solved through the iterative technique. Finally, the influence of seal wear
under mixed thermal elastohydrodynamic lubrication (M-TEHL) conditions is analyzed by
modifying the Archard wear equation. Figure 2 shows the numerical algorithm process of
the seal wear and the following main steps:

1. In ANSYS software, the finite element analysis (FEA) of seal static solid mechanics is
performed based on the characteristics of the seal, fluid and operating conditions.

2. The static contact pressure Psc, Lx, K obtained via FEA and the static initial film
thickness Hs calculated by Psc are input into the MATLAB program and initialized.

3. The film fluid pressure Pf and the asperity contact pressure Pc are calculated using
the fluid mechanics model and the contact mechanics model, respectively. Then,
compare the sum of Pf and Pc with Psc to obtain the pressure difference under dynamic
conditions; the pressure difference is applied to calculate the new film thickness.
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4. If the film thickness converges, the film temperature can be determined with the ther-
mal mechanics model, which can also determine the fluid viscosity at this temperature
convergence via the coupling mechanics model.

5. If the fluid viscosity converges, compare whether the fluid flow rate of the three seal
lips is equal. If not equal, the pressure in the first and second inter-lip zone is adjusted
until the fluid flow rate is balanced.

6. If the flow rate is equal, judge whether the stroke is reached. If not, carry on simulating
the subsequent time step. The wear mechanics model is used to output the results
once all the time steps have been performed.
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4. Results and Discussion

To investigate the impact of various working conditions on seal wear in the M-TEHL
state, the basic parameters are listed in Table 1.

Table 1. Main simulation parameters.

Parameter Type Value

Ambient temperature, T0 273.15~313.15 K
Ambient pressure, p0 0.1 MPa
Fluid viscosity, µ0 0.02~0.10 Pa·s
Viscosity-pressure coefficient, α 2 × 10−8 Pa−1

Viscosity-temperature coefficient, β 3.17908 × 10−2 K−1

Sealed pressure, ps 2~10 MPa
Wear coefficient, kn 1.2 × 10−5 mm3/Nm [31]
Stroke length, Lstroke 300 mm
Insider diameter of cylinder, Dc 63 mm
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Table 1. Cont.

Parameter Type Value

Piston rod extension speed, u 0.1~0.5 m/s
Seal RMS roughness, σ 0.6~1.4 µm
Friction coefficient, fc 0.1 [32,33]
Thermal conductivity of cylinder wall, kc 46 W/(m·K)
Density of cylinder wall, ρc 7850 kg/m3

Specific heat capacity of cylinder wall, cc 460 J/(kg·K)

4.1. Static Sealing Performance

As mentioned above, the DAS multi-lip combined seal has axisymmetric characteristics
in terms of structure and use. Therefore, the solid mechanics of the seal are investigated
using the two-dimensional axisymmetric model in the finite element tool ANSYS, as shown
in Figure 3. The two steps of the FEA for the DAS-combined seal are shown in Figure 3a:
step 1 (green arrow) is to move the cylinder wall downward to simulate the interference
assembly of the seal; step 2 (blue arrow) is to apply a uniform load on one side of the seal to
simulate the axial compression of fluid sealed pressure. Figure 3b displays the equivalent
von Mises stress that results from the seal being squeezed and deformed under sealed
pressure. It can be seen that the maximum von Mises stress value is distributed in the
contact zone between the cylinder wall and the main lip, which indicates that the position is
prone to local wear and other risks during service. As demonstrated in Figure 3c,d, the static
contact pressure and contact length of the seal grow steadily greater as the sealed pressure
increases. The maximum static contact pressure shifts toward the fluid side as sealed
pressure rises, presenting a strong asymmetric shape. At the same time, it is noticeable
that the maximum static contact pressure exceeds the sealed pressure ps, indicating that the
contact zone can seal the high-pressure fluid and ensure good sealing performance.
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4.2. Model Validation

To verify the validity of the above numerical method, the M-TEHL model is compared
with the isothermal mixed elastohydrodynamic lubrication (M-EHL) model under the same
operating conditions. Figure 4 shows the film fluid pressure distribution of the DAS multi-
lip combined seal calculated using the M-TEHL model and M-EHL model. The sealed
pressure, seal surface roughness and piston rod speed are 4 MPa, 0.6 µm and 0.5 m/s, and
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the fluid viscosity adopts the L-HM 46 oil viscosity defined by the ISO3448-1992 standard.
In Figure 4a–c, the calculation results of the M-TEHL model and M-EHL model are in
good agreement on the whole. The difference between the calculation results of the two
models is mainly due to the influence of temperature variation on fluid performance of
the M-TEHL model. During the piston movement, a slight temperature increase is caused
through the friction between the seal and the fluid, which reduces the fluid viscosity, which
finally causes the film fluid pressure to be lower than the isothermal M-EHL model.
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4.3. Dynamic Sealing Performance
4.3.1. Effect of Sealed Pressure

Figure 5 depicts the influence in different sealed pressures on seal lubrication charac-
teristics. Figure 5a exhibits how the average asperity contact pressure ratio of the three seal
lips gradually decreases as sealed pressure increases. From Figure 3, as the sealed pressure
rises, the static contact pressure and contact length also rise in a direct correlation, while
the film pressure of the three lips will rise correspondingly along the high-pressure fluid
side and the low-pressure fluid side, respectively. Under the effect of the film pressure
rises, there is a decrease in the average asperity contact pressure ratio in the sealing zone.
Figure 5b shows the average film thickness of the three lips at different sealed pressures.
It can be seen that as the sealed pressure rises from 2 MPa to 10 MPa, the average film
thickness of the three lips dramatically reduces. Additionally, the average film thickness of
the main lip is the minimum and that of the left lip is the maximum. This is mainly because
when the sealed pressure increases, the seal is squeezed and the main lip is closer to the
cylinder wall, resulting in minimum film thickness. The left lip is closer to the high-pressure
fluid side, resulting in maximum thickness due to the strong hydrodynamic effect in the
sealing zone. In addition, the film thicknesses of the three seal lips are under 3σ, indicating
mixed lubrication in the sealing zone.
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4.3.2. Effect of Piston Rod Speed

Figure 6 shows that when ps = 4 MPa and σ = 0.6 µm, there is an effect of different
extension speeds on the seal lubrication characteristics. The average asperity contact
pressure ratio between the main lip and the right lip shows a significant decreasing trend,
as seen in Figure 6a. This is because as the sealed pressure is constant, the static contact
pressure remains unchanged. When the piston rod speed increases, the hydrodynamic
effect increases the film pressure, but the sum of the film pressure and the asperity contact
pressure remains unchanged, so the proportion of the asperity contact pressure of the
corresponding roughness of the main lip and the right lip decreases. The asperity contact
pressure ratio of the left lip displays a slight convex shape as the extension speed is increased
from 0.1 m/s to 0.5 m/s. When the speed is less than 0.3 m/s, the asperity contact pressure
ratio remains positively correlated with the speed. The asperity contact pressure gradually
decreases with increasing speed as speed increases over 0.3 m/s. This indicates that there is
a critical speed near the piston rod extension speed of 0.3 m/s, which changes the variation
trend of the asperity contact pressure on the left lip. Figure 6b demonstrates that the sealing
zone is in a mixed lubrication state since the ratio of the average film thickness to the
seal roughness of the three lips at different piston rod speeds is less than 3. The average
film thickness of the main lip and the right lip in the sealing zone increases obviously
as the extension speed rises, while the average film thickness of the left lip presents a
slight concave shape, with the minimum film thickness near the speed of 0.3 m/s, which
is consistent with the reason revealed in Figure 6a. At the same time, it further shows
that there is strong coupling state in the working process of the multi-lip seal, and the
lubrication characteristics of each seal lip are not consistent.
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4.3.3. Effect of Seal Roughness

Figure 7 illustrates the variation in the average asperity contact pressure ratio and
average film thickness under various seal roughness. Figure 7a demonstrates that as the
seal roughness increases, the asperity contact pressure ratio also rises. Once the sealed
pressure is determined, the load undertaken by the film fluid and the seal asperity peak
are added together and remain constant. Therefore, it is further explained that when
the roughness increases, the film fluid pressure decreases. The rougher the seal surface,
the weaker the hydrodynamic pressure effect and the worse the lubrication performance.
Figure 7b shows the average film thickness of the three lips under different seal roughness.
It can be seen that as the roughness rises from 0.6 µm to 1.4 µm, the average film thickness
of the three lips basically presents a linear rise trend, in which left lip is the maximum and
the main lip is the minimum. The static contact pressure of the main lip is at maximum
under a certain sealed pressure, and an increase in seal roughness will inevitably result
in an increase in the seal clearance gap. Therefore, the increase in the main lip sealing
zone clearance gap relative to the left and right lip is the minimum with an increase in seal
roughness. In addition, full film fluid lubrication occurs under this roughness in the sealing
zone of the left lip when the roughness is 1.4 µm.
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4.3.4. Effect of Fluid Viscosity

As ps = 4 MPa, u = 0.1 m/s and σ = 0.6 µm, the influence of the asperity contact pressure
ratio and average film thickness for various fluid viscosities is shown in Figure 8. The
asperity contact pressure ratio of the three seal lips gradually decreases as the fluid viscosity
gradually increases from 0.02 Pa·s to 0.10 Pa·s, as shown in Figure 8a. In general, the viscous
shear effect becomes stronger with the rises in fluid viscosity, and the hydrodynamic
pressure effect of the film fluid is enhanced accordingly. This conclusion is also given in
Wang et al. [34]. According to Figure 8b, the average film thickness of the three seal lips in
the sealing zone is proportional to the increase in fluid viscosity, and the variation range of
the film thickness is 1.57~1.58 µm, 1.36~1.42 µm and 1.41~1.43 µm, respectively. This is
because when the fluid viscosity increases, the interaction between the molecules within
the fluid can hinder the fluidity of the fluid in the sealing zone, which increases the average
film thickness and reduces the chance of asperity peak contact. Therefore, the selection of
high-viscosity fluid is helpful to reduce the Coulomb friction force and seal wear caused by
the seal roughness. On the contrary, the viscous friction force will increase accordingly.
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4.3.5. Effect of Ambient Temperature

The asperity contact pressure ratio and average film thickness at various ambient
temperatures are shown in Figure 9. When ps = 4 MPa, u = 0.1 m/s and σ = 0.6 µm, the
influence of asperity contact pressure ratio at various ambient temperatures is depicted
in Figure 9a. As the ambient temperature rises, the asperity contact pressure ratio of the
three seal lips in the sealing zone gradually increases. According to Equation (9), the
fluid viscosity is a combined effect of temperature and pressure. The high-temperature
environment will cause an increase in asperity contact pressure and a decrease in film
fluid pressure, which will eventually lead to a decrease in film fluid load capacity and an
increase in the asperity contact pressure ratio. The average film thickness of the three seal
lips at various ambient temperatures is shown in Figure 9b. When the ambient temperature
gradually increased from 273.15 K to 353.15 K, the film thickness gradually decreased. It
is worth noting that when the ambient temperature is from 273.15 K to 293.15 K, the film
thickness of the main lip and right lip decreases sharply. When the ambient temperature is
greater than 293.15 K, the film thickness decreases slowly, which is mostly caused by the
comprehensive effect of the ambient temperature and fluid pressure on the fluid viscosity.
As can be noticed, the average film thickness of the left lip is maximum, while the average
film thickness of the main lip is minimum. According to Figure 3d, when the seal is
deformed, the static contact pressure of the main lip is the maximum, and the static contact
pressure of the left lip is the minimum. The large static contact pressure makes the seal lip
and the cylinder wall more tightly squeezed, so the average film thickness is the thinnest.
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4.4. Analysis of Seal Wear Characteristics
4.4.1. Effects of Sealed Pressure

As u = 0.1 m/s and σ = 0.6 µm, the effects of various sealed pressures on the seal wear
characteristics are depicted in Figure 10. The WTR and WDR of the three seal lips rapidly
rise as the sealed pressure rises from 2 MPa to 10 MPa, as seen in Figure 10a. The WTR
increased in the ranges of 1.0931 × 10−4~6.8548 × 10−4 mm3/s, 0.0013~0.0047 mm3/s
and 5.0752 × 10−4~0.0036 mm3/s, respectively. Figure 10b illustrates the effect of sealed
pressure on leakage. Significantly, the leakage reduces as the sealed pressure rises as the
piston rod speed remains constant. This is due to the fact that, as the piston rod extends,
the cylinder interior moves in the opposite direction. The Poiseuille flow caused by the
pressure difference hinders the Couette flow caused by the speed, resulting in the gradual
leakage of fluid from the high-pressure side to the low-pressure side. The greater the
medium pressure, the more significant the effect of Poiseuille flow. At the same time, it can
be seen from Figure 5 that the greater the sealed pressure, the smaller the film thickness.
Therefore, it is a challenge to find a seal with a long life or good dependability when there
is high sealed pressure at work.
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4.4.2. Effects of Piston Rod Speed

Figure 11 depicts the effects of the extension speed from 0.1 m/s to 0.5 m/s on the
seal wear characteristics. As shown in Figure 11a, as the extension speed rises, the WTR of
the three seal lips increased from 2.9742 × 10−4 mm3/s, 0.0021 mm3/s and 0.0011 mm3/s
to 0.0015 mm3/s, 0.0052 mm3/s and 0.0044 mm3/s, while the WDR decreased from
2.9742 × 10−6 mm3/mm, 2.0770 × 10−5 mm3/mm and 1.1426 × 10−5 mm3/mm to
2.9676 × 10−6 mm3/mm, 1.0323 × 10−5 mm3/mm and 8.8675 × 10−6 mm3/mm, respec-
tively. As mentioned above, the hydrodynamic effect is enhanced when the extension
speed rises, so that the film thickness increases and the number of asperity contact peaks
decreases, resulting in reduced asperity contact pressure. Therefore, the leakage rises as the
extension speed increases, as seen in Figure 11b.

4.4.3. Effects of Seal Roughness

For ps = 4 MPa and u = 0.1 m/s, the effects of different seal surface roughness on seal
wear characteristics are shown in Figure 12. With the roughness increasing from 0.6 µm
to 1.4 µm, the WTR and WDR of the seal lip showed an increasing trend, as displayed in
Figure 12a. When the roughness increased from 0.6µm to 0.8 µm, the WTR and WDR of
the main lip and right lip increased sharply. When the roughness is larger than 0.8 µm, the
wear rate increases slowly. Figure 12b depicts the impact of different seal roughness on
leakage. As the roughness rises, it is evident that the leakage also increases. According to
Figure 7, the difference in film thickness distribution caused by the increase in roughness is
not caused by an enhancement in the hydrodynamic pressure effect but by an increase in
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the roughness peak height, which leads to an increase in the seal clearance gap and stored
fluid, so the fluid leakage increases correspondingly.
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4.4.4. Effects of Fluid Viscosity

As ps = 4 MPa and u = 0.5 m/s, Figure 13 illustrates the influence of different fluid
viscosity on seal wear characteristics. Figure 13a shows that both the WTR and WDR of the
seal lip decrease sharply when the fluid viscosity rises from 0.02 Pa·s to 0.10 Pa·s. The main
reason is that the fluidity of high-viscosity fluid is poorer than that of low-viscosity fluid,
which leads to the fluid being stored in the seal clearance gap, increasing the film thickness
and eventually leading to the separation of the seal lip from the cylinder inner wall, thus
reducing the Coulomb friction generated by the asperity contact between the seal surface
rough peak and the cylinder inner wall. This result corresponds with the increase in fluid
viscosity reducing the asperity contact pressure ratio, as seen in Figure 8. The variation
trend of seal leakage with fluid viscosity is shown in Figure 13b. As the fluid viscosity rises,
it is evident that leakage also rises. This is mainly due to the increase in fluid viscosity,
resulting in greater viscous shear stress. When the sealed pressure and the piston rod speed
remain constant, the hydrodynamic effect of viscous fluid is stronger, and more fluid is
dragged into the seal clearance gap; thus, the leakage increases due to the Couette flow
caused by the movement.
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4.4.5. Effects of Ambient Temperature

Figure 14 shows the effect of ambient temperature on seal wear. From Figure 14a,
when the ambient temperature rises from 273.15 K to 353.15 K, the WTR and WDR of
the main lip and right lip increased sharply and then slowly, while the left lip increased
slightly, which is consistent with the trend of asperity contact pressure ratio with ambient
temperature in Figure 9a. It further shows that the high-temperature environment will
reduce the film fluid load capacity and increase the asperity contact pressure. The friction
mainly comes from the micro asperity contact pressure. The high temperature leads to
increased friction, and friction heat makes the temperature higher, which forms positive
feedback to aggravate the friction and wear of the seal. It is extremely detrimental to the
seal, so the appropriate seal at the right ambient temperature should be chosen. Figure 14b
shows the influence of ambient temperature on leakage. It is evident that when the ambient
temperature rises, the leakage quantity also increases rapidly and then slowly rises, which
is the same as the trend in Figure 14a. The fluid viscosity decreases with the temperature
increase, which improves the fluidity and the Poiseuille increases. As can be seen from
Figure 13, the greater the fluid viscosity, the greater the leakage caused by shear flow.
Therefore, the influence of fluid viscosity and temperature on leakage must be considered
comprehensively.
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5. Conclusions

In order to explore the wear characteristics of a multi-lip reciprocating seal under
lubrication conditions, a numerical calculation method of M-TEHL wear is established
by introducing the energy equation and the modified Archard equation based on the
isothermal M-EHL theory. Through this method, the relationship between solid mechanics,
fluid mechanics and thermal mechanics in the sealing zone is strongly coupled. The
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influence of different sealed pressures, piston rod speeds, seal surface roughness and
other conditions on seal lubrication and wear behavior is numerically studied. Finally, the
following conclusions are obtained from the simulation results:

• Some characteristics of the single-lip seal are also reflected in the DAS multi-lip
combined seal. The increase in sealed pressure decreases the sealed performance
and increases the seal wear rate. When the piston rod speed is increased, the WTR
also increases. The high-temperature environment leads to the deterioration of the
lubrication characteristics in the sealing zone and increases the seal wear. Therefore, it
is not difficult to find that high pressure, high speed and high temperature are still
great challenges for the lip seal.

• The load on the sealing zone under mixed lubrication is mainly shared by asperity
contact, and the asperity contact load is as high as 50%. When the roughness is greater
than 0.6 µm, the seal wear rate clearly increases. Therefore, smaller surface roughness
is more conducive in reducing the seal wear and fluid leakage.

• The lubrication characteristics of each seal lip in a DAS multi-lip combined seal largely
depend on the working conditions. In the piston rod extension motion, the sealing
behavior of each seal lip is not identical due to the existence of critical speed.

It should be emphasized that the model in this paper is established in steady-state
conditions and cannot be directly used to the calculation under unsteady-state conditions.
Therefore, the transient-state effect should be considered in future research.
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300102252506).
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Nomenclature

cc Specific heat capacity of the cylinder wall
Dc Insider diameter of cylinder
E Elastic modulus
F Cavitation index
Fn Normal force
fc Friction coefficient for asperity contact
H Dimensionless average film thickness, h/σ

HB Hardness of the seal material
Hs Dimensionless static film thickness, hs/σ

HT Dimensionless average truncated film thickness, hT/σ

∆hw Seal wear depth
K Deformation coefficient matrix
kc Thermal conductivity of the cylinder wall
kn Seal material wear coefficient, Kn/HB
L Contact length of sealing zone
Lstroke Cylinder stroke length
∆L Relative sliding distance
Pc Dimensionless asperity contact pressure, pc/E
Pf Dimensionless fluid film pressure, pf/pa
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Pi1, Pi2 Pressure in the first and second inter-lip region
Pl Dimensionless pressure in low-pressure side, pl/pa
Ps Dimensionless sealed pressure, ps/pa
Psc Dimensionless static contact pressure, psc/E
pa Ambient pressure
pn Normal contact pressure
Q Heat production rate of the cylinder wall,

(
τ̂f + τ̂c

)
Eu

q̂ Dimensionless flow rate, 12µ0qL/(paσ3)
R Radius of asperities
T Fluid film temperature
T0 Ambient temperature
U Dimensionless piston rod speed, µ0uL/(paσ2)
∆Vw Seal wear volume
x̂ Dimensionless coordinate parallel to the fluid film thickness, x/L
z Dimensionless coordinate normal to the fluid film thickness
α Viscosity-pressure coefficient
α̂ Dimensionless pressure-viscosity coefficient, αpa
β Viscosity-temperature coefficient
ξ R1/3η2/3EsL/Pa
Φ Fluid pressure/density function
φf, φfs, φfp Shear stress factors
φs.c.x, φxx Flow factor
η Asperity density
µ0 Fluid viscosity at atmospheric pressure
ρc Density of the cylinder wall
v Poisson’s ratio
ρf Fluid density
ρ̂ Dimensionless density, ρ/ρf
σ̂ Dimensionless RMS roughness of the seal, σR1/3η2/3

τ̂f Dimensionless viscous shear stress, τf /E
τ̂c Dimensionless asperity shear stress, τc/E

Abbreviations

DAS Double-acting seal
FEA Finite element analysis
FEM Finite element method
M-EHL Mixed elastohydrodynamic lubrication
M-TEHL Mixed thermal elastohydrodynamic lubrication
NBR Nitrile rubber
PTFE Polytetrafluoroethylene
POM Polyformaldehyde
RMS Root mean square
TPE Thermoplastic polyester elastomer
WTR Wear time rate
WDR Wear distance rate

Appendix A

The G-W contact model [26] states that the asperity contact pressure of the seal surface
may be expressed as

pc =
4
3

E′σ3/2R1/2η
∫ ∞

H
(z− H)

3/2
Γ(z)dz (A1)
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where Γ(z) is the probability density function of the asperity peak. E′ is the equivalent
elastic modulus of the two surfaces, expressed as

1
E′

=
1− ν2

c
Ec

+
1− ν2

s
Es

(A2)

where Es, Ec, vs and vc are the elastic modulus and Poisson’s ratio of the seal ring and
cylinder, respectively.

Since the elastic modulus of the cylinder is much larger than that of the seal, the
equivalent elastic modulus can be simplified as

E′ =
Es

1− ν2
s

(A3)

Substituting Equation (A3) into Equation (A1), the asperity contact pressure is

pc =
4
3

Es

1− ν2
s

σ3/2R1/2η
∫ ∞

H
(z− H)

3/2
Γ(z)dz (A4)

Since the seal surface asperities obey Gaussian distribution,

Γ(z) =
1√
2π

e−z2/2 (A5)

Substituting Equation (A5) into Equation (A4), the asperity contact pressure is

pc =
4
3

Es

1− ν2
s

σ3/2R1/2η
1√
2π

∫ ∞

H
(z− H)

3/2
e−z2/2dz (A6)

The dimensionless asperity pressure is defined as

Pc =
pc

Es
(A7)

The dimensionless asperity pressure can be expressed as

Pc =
4
3

1
(1− vs2)

σ3/2R1/2η
1√
2π

∫ ∞

H
(z− H)3/2e−z2/2dz (A8)
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