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Abstract: The complex sliding behavior inside ball bearings seriously affects the mechanical system’s
performance. Current dynamic models for predicting this behavior suffer from poor generality
and convergence. To address this issue, different interactions between the ball and raceway are
proposed in this paper to simulate the dynamic behavior by analyzing the bearing assemblies” motion
features under typical operating conditions. The number of variables and equations to be solved is
determined adaptively according to the bearing load characteristics, thus improving the efficiency and
convergence of the model solution. The good agreement between simulation results and experimental
test results validates the reliability of the model. The sliding behavior at the ball/raceway interface
under different conditions is further investigated. The results show that the heavy external loads can
avoid severe sliding at the interface but shorten the bearing’s fatigue. When the bearing is subjected
to combined load conditions, the increased radial force inhibits bearing sliding while increasing the
non-uniformity of the sliding velocity distribution.

Keywords: ball bearing; sliding behavior; dynamic model; geometric interaction

1. Introduction

Ball bearings are widely used in rotating machinery systems due to their ability to
withstand various types of loads. Because of the complex motion of the bearing components,
the sliding behavior at the ball /raceway interface is inevitable. Once this behavior becomes
very severe, the surface wear of the balls or raceways will be accelerated, shortening bearing
life and even causing catastrophic accidents in machine systems [1-4]. Furthermore, severe
sliding inside the bearing generates a lot of heat, which drives the bearing into thermal
instability and thus increases the wear of the interface [5-7]. As a result, the sliding
behavior inside the ball bearing is required to be investigated to guide structural design
and improvement of the systems.

Since current experimental methods cannot accurately monitor the dynamic behavior
inside bearings, numerical simulation models have become a common approach for study-
ing bearing sliding. The quasi-static model was first used by some scholars to conduct
the sliding investigation. Based on this model, Xu [8] investigated the critical load of the
bearing without integral sliding under pure axial force conditions. Following this, the
sliding behavior at the ball/raceway interface under combined axial and radial loads was
investigated by Liao [9,10] using the Hirano criterion [11]. In addition, Tong [12] improved
the quasi-static model and further examined the effect of load, rotational speed, and mount-
ing errors on the bearing sliding at the contact interface. Regrettably, the transient behavior
of the bearing components cannot be simulated by the quasi-static model because many
factors, including covering lubricants and the cage dynamic effect, are ignored. In particu-
lar, the action of the lubricant has a strong influence on the dynamic performance of the
ball at the interface [13]. Therefore, the bearing dynamic model, being the most complete
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model available [14], has become one of the most effective means to investigate the sliding
behavior inside bearings. Meeks [15,16] first established a new bearing dynamic model by
extending Jones’s quasi-static model [17,18]. Although this model can only investigate the
cage’s dynamic behavior, it does provide ideas for further work. Subsequently, Jain [19]
used the load distribution obtained from a simplified quasi-static model, in conjunction
with elastic fluid theory, to construct differential equations for the ball’s rotational motion.
The angular velocity features of the ball under a single operating condition were investi-
gated by him. On this basis, Han [20,21] examined the sliding behavior at the ball/raceway
interface under combined axial and radial load by considering the ball’s gyroscopic mo-
ment. However, these above models used nonlinear equations rather than differential
equations to constrain the ball’s radial motion, suppressing the ball’s high-frequency vi-
bration and failing to accurately predict the dynamic behavior inside the bearing [22]. To
address these deficiencies, Wang [23-26] employed six differential equations to completely
determine the ball’s complex motion and further developed a new bearing dynamic model.
The sliding behavior at the contact interface under two typical operating conditions (pure
axial force and combined axial and radial force) was investigated. Unfortunately, limited
by the algorithm for solving the differential equations, the solution of this model depended
heavily on the accuracy of the initial values [27]. To precisely simulate the dynamic be-
havior of the ball bearing components, these models must be solved in turn: the static
model, the quasi-static model, and the dynamic model. The static model results are used
as initial values for the quasi-static model interactions, and then the quasi-static model
results are further used as initial values for the differential equations in the dynamic model.
However, when these models are used to simulate the dynamic performance under various
operating conditions, their solution efficiency and convergence can vary significantly [28].
The high-frequency dynamic behavior at the ball/raceway interface, in particular, can pose
a significant challenge to model convergence for predicting the bearing’s performance
under certain harsh operating conditions. In addition, some scholars have noticed that the
tribological behavior inside the contact interface has a non-negligible effect on the bearing’s
dynamic performance [29-31].

In summary, there is a lack of a general bearing dynamic model with efficient solutions
and strong convergence under various operating conditions. Additionally, the sliding
behavior under typical conditions has not been sufficiently investigated. To this end,
different interactions between the ball and raceway are constructed for various operating
conditions, and a general dynamic model of the ball bearing is further presented. By
reducing the number of variables and equations, the solving efficiency and convergence of
this model have been improved. On this basis, the sliding behaviors at the ball/raceway
interface are investigated under three typical operating conditions: pure radial force, pure
axial force, and combined axial and radial load.

2. Ball/Raceway Interaction Modeling

In this section, the corresponding numerical models are proposed for three different
loading methods of ball bearing. Firstly, the spatial motion between the ball and ring
under each loading method is thoroughly examined, and the relationship between motion
and force, including the normal load and traction force at the ball/raceway interface,
is established.

Four coordinate frames must be defined to describe the bearing components’ motion
in space, as shown in Figure 1. The first one (0-xyz) is called the inertial coordinate
frame; the second one (0;-x;y;z;) is the inner-fixed coordinate frame; the third one (0.-xcyczc)
donates the cage-fixed coordinate frame; and the fourth one (opj-Xp;Ypjzp;) represents the
ball-fixed coordinate frame. To determine the relative motion between the components,
the connection between these coordinate frames needs to be created. Furthermore, the
azimuthal coordinate frame (04j-X,;Y/4jZ,7) is defined to simplify the geometric relationships
based on the characteristics of the ball motion.
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Figure 1. Bearing coordinate frames: (a) axial section; (b) radial section.

2.1. Pure Radial Force
(1) Normal load

The relative position between the ball and the raceway under pure radial force is
presented in Figure 2. The outer ring is assumed to be fixed to the ground, while the inner
ring moves in the radial plane under radial load and gradually contacts the ball. The inner
ring does move axially because it is not subjected to axial force. The contact deformation
between the j-th ball and raceways can be expressed as:

6ij = (By +di/2+71;) — (Xy +dn/2) — (ri — Dw/2) (1)

50j: (Xy+dm/2) —(do/z_ro)_(ro_Dw/z) @

where d;, represents the groove bottom circle diameter of the inner/outer ring. r;;, is the
groove curvature radius of the inner/outer ring. D;, means the ball’s diameter. d,;, indicates
the pitch diameter of the bearing, d,, = (d; + d,)/2. By is the displacement of the inner
groove curvature center in the azimuthal plane along the y,;-axis, defined by:

By = yicos @pj + z; sin ¢p; ®)

where ¢j; denotes the ball azimuth, ¢;; = arctan (zy;/ ;).
Xy indicates the displacement of the ball’s center in the azimuthal plane, deter-
mined by:
Xy = Ypj COS Pp; + Zpj sin Pvj — dm/2 4)

The normal load between the ball and the raceway can be calculated by using the
Hertzian point contact theory, formulated as [21,32]:

15
Qisoj = Kiyo - max (0, 5i/oj) ®)

where K;/, denotes the contact deflection coefficient.
Furthermore, since the ball motion is confined in the radial plane, the working contact
angle is always 0°.
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Figure 2. Relative position relationship between the ball and raceway under pure radial force: (a)

schematic diagram of bearings assemblies; (b) positions of the ball’s center and groove curvature centers.

(2) Traction force

The traction force inside the ball/raceway interface is critical to the bearing’s dynamic
performance. Unfortunately, the shear stress distribution in the contact zone is highly dis-
persed, making it difficult to calculate this force. The micro-element approach is generally
used to first discretize the contact area, then solve for the shear stress at each point, and
finally integrate to obtain the traction of the entire interface. Because of the presence of
lubricant, the shear stress is a function of velocity and pressure. Therefore, the velocity
and pressure distributions inside the contact zone must be specified before solving for the
traction force. The distribution of these performance parameters in the contact zone under
pure radial force is presented in Figure 3.

Az

: o" y
Raceway

@) (b)

Figure 3. Distribution of stresses and velocities at ball /raceway interface under pure radial force:
(a) schematic diagram of ball/raceway interface; (b) interface discretization.

The velocity distribution inside the contact interface is first investigated, presented
in Figure 4. By observing Figure 4a, the velocity vector at any point (y;”, z;”) in the inner
raceway can be obtained by the following formula:

U?;i” ") —(wi —wy)  —way | |(@i/247i)+ By — R? -
o = () — n) /2 —0ae/2 p (6)
) i~ Wm ax 0.25D2, — y,;"?

where w; denotes the angular velocity of the inner ring. R; indicates the curvature radius of
the contact surface, R; = (2Dy,1;)/(Dw + 2t;). wy,; represents the ball orbital angular velocity,
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Wy = (— vby cos(@p;) + vpz-sin(@y;))/ (yb] + zb]2)05 way is the ball’s angular velocity about
the x-axis in the azimuthal coordinate frame, wg, = wy,.
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Figure 4. Velocities distribution at ball/raceway interface under pure radial force: (a) inner raceway;

(b) outer raceway.

Similarly, the velocity vector at any point (y,”, z,”) in the outer raceway can be
determined by:

[v?“/, ,/)] o) o [[@2 ) VR

”?yu”,zo”) (Wo — Wi ) /2 Wy /2 0.25D2, — y/12

In addition, the stress at any point (y”, z”) inside the contact zone can be predicted
using the Hertzian contact theory [23]:

1 2 1" 2
P ) = pmax\/ - (5 -(%) ®

where pmax is the maximum contact stress. a and b represent the length of the semi-major
axis and the length of the semi-minor axis of the contact ellipse, respectively.
As shown in Figure 3, the shear stress at this point can be further derived as fol-

lows [27]:

_ p(y// Z”) ( 1" Z”)dy// dz"
(y// 2" dS( " (9)

where S denotes the area of the micrometeoroid. y represent the traction coefficient, which
can be approximated by a five-parameter rheological model [26]:

}l(y// 2y = (A+ BS( 1" //))6 (U] + D (10)

where A, B, C, and D are functions of lubricant physical parameters and dynamic perfor-
mance parameters, etc. s indicates the ratio of the relative velocity to the rolling velocity,

s=v/u.
The traction force between the ball and raceway can be estimated by integrating the
shear stress, denoted as:

"
iz/oj:/ T(y” n)dsise =

(3) Differential equations

i/o i/o
/ p(y// // (// //)dy”dZ” (11)

—Ai/o 1/0
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Since the bearing assemblies are assumed to be purely rigid bodies in this paper, the
relationship between their motion and forces can be modeled by Newton’s law and Euler’s
kinematical equations. When the bearing is subjected to radial force only, the inner ring
has one degree of freedom (DOF) of translation, and the ball has two DOFs of translation
and one DOF of rotation.

For the balls, the differential equations can be defined as follows:

mpyy; = (Qij + Fej — Qoj) cos @p; — (Tij + Toj — Faj — ch) sin @y, (12)
mbibj = (Q,] + FC]' — on) sin Pyj + (Ti]' + ng — Fdj — QC]) COS @pj (13)
lytopj = (=Tij + Toj) - Dw/2 (14)

where mj, denotes the ball mass. I, is the rotational inertia. F; indicates the ball centrifugal
force, F;j = 0.5-my, Ay W2 F4; means the oil and gas mixture mixing resistance. Q;
represents the interaction between the ball and the cage pocket [33].

For the inner ring, the differential equations can be determined as follows:

Z
mij)l- =F — Z (_Qij COS Pp; + Tl] sin (Ph]) (15)
=1

where m; indicates the inner mass. Z is the number of the ball.

2.2. Pure Axial Force
(1) Normal load

Figure 5 presents the relative position between the ball and the raceway under pure
axial force. The axial force moves the inner ring axially, first closing the radial clearance
and forming the initial contact angle before entering the preload phase. The ball’s motion
changes from one-dimensional to two-dimensional due to the action of centrifugal load
and axial force. Similar to pure radial force, the contact deformation between the j-th ball
and raceway under pure axial force can be represented as:

5 = \/(Bx +0.5P; — Xo)2 + (/2 +1i — d/2 — Xy)? = (r; — D /2) (16)

boj = \/X§+ (Xy+dm/2—do/2+ro)2 — (ro — Dw/2) (17)

where P; denotes the axial clearance. By is the axial displacement of the inner ring and
By = x;. Xy and X,, are the displacements of the ball in the radial direction and axial direction,
respectively, determined by:

Xx = xhj (18)

Xy = Ypj cOs @p;j + zpj Sin @pj — dm /2 (19)

Similarly, the Hertzian contact theory can be employed to establish the connection
between the contact deflection and normal load.
The working contact angle under pure axial force can be further developed as:

By +0.5P, — Xx
. — arct 2
o; arcandi/ZJrr,-fdm/Zny (20)
a, = arctan X (21)

Xy+dm/2_do/2+7’o
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Figure 5. Relative position relationship between the ball and raceway under pure axial force: (a) schematic
diagram of bearing assemblies; (b) positions of the ball’s center and groove curvature centers.

(2) Traction force

Under pure axial force, a working contact angle is formed between the ball and the
inner/outer raceway. Considering the ball’s centrifugal force at high speed, the inner
contact angle is larger than the outer contact angle, which can be seen in Figure 5. Figure 6
presents the velocity and stress distribution at the ball/raceway contact interface in the
presence of the contact angle. As shown in Figure 6, the velocity distribution under pure
axial force is significantly different from that under pure radial force, while the stress
distribution is approximately the same for both. This means that the stresses at any point
can continue to be predicted using Hertzian contact theory, while a new model needs to be
proposed to elucidate the velocity distribution.

le

0" | Y

(a) (b)

Figure 6. Distribution of stresses and velocities at ball/raceway interface under pure radial force:
(a) schematic diagram of ball/raceway interface; (b) interface discretization.

The presence of the contact angle leads to a linear relative velocity component between
the ball and raceway along the major axis of the contact ellipse. The velocity vector inside
the contact interface also changes from one-dimensional to two-dimensional. Furthermore,
the difference in the two contact angles on the ball generates a rotational velocity at this
interface. Therefore, before integrating the traction force, both the linear velocity in each
direction and the spin angular velocity inside the contact area must be clarified.
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Similar to pure radial force, the velocity distribution inside the contact interface is
displayed in Figure 7. As shown in Figure 7a, for any point (x;”, ;") in the interface of the
inner raceway, the translational velocity vector is given by:

U{:” zi'") | 0.25D%, ~ yiﬁz 0 0 Waz
Uf;,, | = 0 —(d;/2471;)/ cosa; + ,/Ri2 —y"? 1/0.25D2, — y;"2 (w; — wy) cos a; (22)
(

0 (@724 1)/ cosw — /R — 2] /2 \J025D3, —y,"2/2] [waxsint = oy oSy

where w,, and w,; are the angular velocities of the ball rotating about the y-axis and about
the z-axis in the azimuthal coordinate frame, respectively, defined by:

{way] _ [ cos @p;  sin (Pﬂ {wby] 23)
Wpz

Waz —singy;  Cos @y,

(a) (b)
Figure 7. Velocities distribution at ball/raceway interface under pure radial force: (a) inner raceway;

(b) outer raceway.

In addition, the spin angular velocity inside the interface between the ball and the
inner raceway can be deduced as follows:

w' = (Wax cOS &; + Way sin ;) — (w; — wy,) sine; (24)

Similarly, the translational velocity vector and the spin angular velocity at any point
(x0”, ¥o”) of the outer raceway can be obtained by:

" "y
o ] [VOBDE - 0 0 o
U‘(ZH " 2o™) = 0 (do /2 - 7‘0)/ cos &, + \/ R% - yUHZ \V 025DIZU - yO//z (wa - wm) COS & (25)
2l " " i —
Uyt 20" 0 {(do/Z—rn)/ cosa, + 1/R2 -y, 2} /2 —4/025D2 —,"2/2| | Wax SIN &y — Way COS &o

W) = (Wax COS & + Way SIN ;) — (W — W) SN @; (26)

As shown in Figure 6b, the relative sliding velocity vector is synthesized from the
velocity vector and the spin velocity, given by [27]:

1" 1

vy " " Uy ” " Z: " :
S///i/a zZif" )| = g,y,i/o Ziso") + 1/0” . w;/o (27)
Av(]/'/ " zi/ "y v(y_/ " Zi/ " Yi/o
/o ~t/o /o r=t/o
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Since the ball velocity at the contact interface with respect to the raceway is a two-
dimensional vector under pure axial force, its traction force needs to be obtained by
integrating the shear stress in both directions [27,34].

" i/o i/o " "
sz‘/ojyu] I e P f‘ b P Wy

zZ - a; "
Ti/Oj ‘/;i/o T(Zyu //)dsl/g f_zu/.a f_l/o v 2") Z ' z //)dy”dZ”

i/o 1/0

Furthermore, in addition to the sliding velocity inside the contact interface, there is a
spin velocity around the contact normal, which produces the spin moment.

i/o i/o "
1/0] /_ﬂ]/o/ l/’ // // yz (]/” //)y 7]/{ (]/” //) )dy dz (29)

(3) Differential equations

Once the bearing is subjected to axial force only, the inner ring has one degree of
freedom (DOF) of translation, and the ball has three DOFs of translation and three DOFs of
rotation.

For the balls, the differential equations can be defined as follows:

"
mbjebj 1 0 0 Qjjsinaj — Qo) sina,j — TU cos wjj + Ty COS y;
. . // .
mpYy; | = 0 cosgp  singy;| |Qjjcosaj — Qpjcosay; + T sinaj; + T sina,;j — Fj (30)
. . " "
MyZp; 0 —singy cos ¢y TI.Z], + TI.Z], = Qqj
y// y// X” . X” .
I(bej _ wbijsz) 1 0 0 (_Tz‘/ cosajj + TO/. cos ucaj) Dy /2 + Mz-j sina;; — MOJ- sin a,;
) . "o "o, " .
I(wpyj — Wpzjwpy) | =0 cosqy;  sin gy, (+Tf]‘ sin aj; — Tnyj sind; ) - Dyy/2 4+ M} cosajj — My sinay; (31)
. . / "
I(wbz]' — zubxjwbw-) 0 —sin %] Ccos (Pb/' — <TZ + Tz ) . Dw/Z

For the inner ring, the differential equations can be determined as follows:

z
mix; = E, — Z(_Qij sina;j + Tjj cos ab]) (32)
=1

where m; indicates the inner mass.

2.3. Combined Axial and Radial Load
(1) Normal load

The position relationship of the bearing’s assemblies with and without the combined
axial and radial load is displayed in Figure 8. By observing Figure 8, it can be seen that
when the bearing is in this operating condition, the inner displacement changes from
the original one-dimensional vector to a two-dimensional vector, greatly increasing the
complexity of the spatial position relationship.

Fortunately, the presence of radial force has no effect on the relative position between
the ball and the outer raceway compared to the pure axial force condition, which means
that the contact force and the contact angle between them can be obtained in this condition
using the previous models. Therefore, the contact deformation and contact angle between
the ball and inner raceway can be indicated as follows, respectively:

51']' = \/(Bx + 0.5P, — Xx)2+ (di/2—|-1’i +By —dm/Z—Xy)z — (7’,’ — Dw/Z) (33)

As for traction force, it is perfectly possible to use the previous model of pure axial force
to obtain the force under combined axial and radial load. The reason is that in both conditions,
the contact interface between the ball and the raceway is a two-dimensional plane.
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Figure 8. Relative position relationship between the ball and raceway under pure axial force:
(a) schematic diagram of bearings assemblies; (b) positions of the ball’s center and groove cur-
vature centers.

(2) Differential equations

When the bearing is subjected to combined axial and radial force, the inner ring has
two degrees of freedom (DOFs) of translation, and the ball has three DOFs of translation
and three DOFs of rotation. Furthermore, the differential equations of the ball are the same
as those under pure axial force.

For the inner ring, the differential equations can be expressed as follows:

Z .
F, — Z (_Qij sma;; + Tij cos Déb]')
] = . (34)

F — Z (_Qij COs DCZ']' - Tl] sin ch]‘> sin (Pb]
=1

My Xp;
MpYp;

3. Theoretical Model Solving and Validation

In this section, the solution procedure of the previous numerical model is presented in
detail. The validation of this model is further proven by comparing it with the experimental
data of Han [35] and Pasdari [36]. Furthermore, the superiority of this model is highlighted
by comparing it with the simulation results of Han [35] and Liu [26].

3.1. Model Solving

The flowchart for solving the general dynamic model of ball bearings is presented
in Figure 9. This process can be divided into three steps, covering: parameters input
and initialization, main calculations, and post-processing. Compared to the common ball
bearing dynamics model, the improvement of this model is primarily reflected in the first
two steps. After entering the parameters, the program quickly selects a model with a
specific number of equations based on the load type entered. The issue of increasing the
computational cost due to many unnecessary variables taking up memory is avoided, as
is the problem of model divergence. Furthermore, because of the complex motion of the
bearing components, it is necessary to ensure the accuracy of the initial values when solving
the differential equations. This is commonly accomplished through the static model and
the quasi-static model. The number of equations to be solved for the present model is listed
in Table 1. The current model is capable of reducing iterative variables by reducing the
dimensionality of the equation set, thus saving computational cost.
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Figure 9. Flowchart for solving the general dynamic model of ball bearings.
Table 1. The number of equations to be solved for each operating condition.
Static Model Quasi-Static Model Dynamic Model
Nonlinear Equations  Nonlinear Equations Differential Equations
Case: 1 1 1+N 1+1+3N
Case: 2 1 1+2 1+1+6N
Case: 3 2 2+2N 2+1+6N
General model 2 2+2N 2+1+6N

3.2. Model Validation

To validate the reliability of the model proposed in this paper, its prediction results
under two different operating conditions are compared with the experimental results [35,36],
respectively. Since the bearing model for the pure axial force condition is approximately
the same as the model for the combined axial and radial load, only the simulation results
for the pure axial force are verified.

To verify the accuracy of the present model under pure radial force conditions, the
driving speed of the bearing is kept at 1800 r/min and the radial force is incremented
from 50 N to 300 N, and the model prediction results are compared with the experimental
results in Ref. [35]. As for the pure axial force conditions, the radial force is increased from
10 N to 400 N at a driving speed of 4000 r/min, and the prediction is compared with the
experimental results in Ref. [36]. The variations of cage speed with different loads for two
operating conditions are described in Figure 10, respectively. The cage speed gradually
increases and stabilizes with the growing load, indicating that the bearing sliding is sup-
pressed. Furthermore, the good agreement between the model’s predicted results and the
experimental test results suggests its accuracy under three different operating conditions.
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Figure 10. Comparison of simulation results with experimental data; (a) radial force; (b) axial force.

Moreover, the simulation results of Han’s model [35] and Liu’s model [26] are shown
in Figure 10, and the number of equations to be solved for these models is listed in Table 1
as a general model. The results of the model in this paper do not differ much from those
of other models, which proves that it reduces the number of variables and equations and
improves efficiency without losing computational accuracy. Therefore, the superiority of
the model in this paper over the general models is emphasized.

4. Results and Discussion

In this section, angular contact ball bearing 7008 is chosen to investigate the bearing
skidding behavior under 3 operating conditions. Its structural parameters and material
properties are listed in Table 2. The bearing speed is always kept at 5000 r/min.

Table 2. Structural parameters and material properties of 7008.

Name Value
Pitch circle diameter d,,, /mm 54
Inner curvature radius r;/mm 3.990
Outer curvature radius 7, /mm 3.780
Ball diameter D,/ mm 7.000
Number of balls Z 18
Initial contact angle ag/° 15
Cage pocket clearness C,/mm 0.200
Ring material Bearing Steel
Ball material Bearing Steel
Cage material Nylon

4.1. Case 1: Pure Radial Force

Applying radial forces of 50, 100, 150, and 200 to the bearing, the sliding behavior of
ball bearings under pure radial force is first discussed. The variation of the sliding velocity
at the ball/raceway under different loads is presented in Figure 11. Figure 11a,b displays
the relationship between the sliding velocity and the normal load for a radial force of 50 N.
As shown in Figure 11a, the ball’s sliding velocity is strongly influenced by the load exerted
on the ball. To further clearly illustrate the relationship between them, the two running
cycles of the ball can be divided into four phases: AB, BC, CD, and DA stages. AB region
and CD region denote the loaded zone, while the other two regions represent the unloaded
zones. Interestingly, at the intersection of the two phases, the sliding velocity fluctuates
considerably, indicating that the abrupt changes in the sliding velocity tend to occur near
the boundary of the loaded zone. In addition, for the inner raceway, the steady value of the
sliding velocity in the non-loaded zone is greater than in the loaded zone. The opposite
phenomenon is observed in the outer raceway, as shown in Figure 11b. This is because
the driving force provided by the inner raceway in the loaded zone is heavier than the
resistance of the outer ring, whereas, in the unload zone, only the outer resistance exists.
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Furthermore, the sliding velocity between the inner raceway and the ball is up to 7 m/s or

more in the loaded zones, indicating severe sliding inside the bearing under a radial force
of 50 N.
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Figure 11. Sliding velocity variation at ball/raceway interface under pure radial force condition, A
denotes the exit of the previous loaded area, B is the entrance of the current loaded area, C represents
the exit of the current loaded area, D is the entrance of the next loaded area: (a) sliding velocity of the
inner raceway for different azimuths; (b) sliding velocity of the outer raceway for different azimuths;
(c) sliding velocity of inner raceway; (d) sliding velocity of the outer raceway.

To further discuss the effect of radial force on the bearing sliding, the trend of sliding
velocity between the raceways and the ball under different radial loads is provided in
Figure 11c,d. It can be seen that as the radial force increases, the sliding velocity between
the inner raceway and the ball decreases significantly, while the amount of the change in
sliding velocity at the loaded zone boundary increases. Interestingly, the radial load has
little effect on the sliding velocity in the unloading zone of the outer raceway as compared
to the inner raceway. However, in the load zone, the velocity increases with the gradual
increase of the radial load and then decreases.

Furthermore, as an essential dynamic indicator, the traction factor has been also
investigated. Figure 12 presents the variation of this factor with different loads under pure
radial force conditions. By observing Figure 12a, it can be seen that the traction factor
between the inner ring and the ball exists only in the load zone. This is because there is
no contact load to form a lubricant film in the unloading zone. In addition, the factor first
remains constant and then decreases with the gradual growth of the radial force in the
loaded zone. A similar phenomenon can be observed in the outer raceway, as shown in
Figure 12b. The reason for this is that when the radial load is too tiny to inhibit severe
sliding inside the bearing, the traction factor is mainly determined by the sliding velocity.
Once the bearing skidding is suppressed, the traction factor is a function of normal load
and sliding velocity. Furthermore, the inhibition of sliding leads to an increase in the ball’s
centrifugal force, which helps to reduce the flotation of the traction factor between the ball
and the outer raceway in the unloading zone.
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Figure 12. Tractional factor variation at ball/raceway interfaces under pure radial force condition, A
denotes the exit of the previous loaded area, B is the entrance of the current loaded area, C represents
the exit of the current loaded area, D is the entrance of the next loaded area: (a) tractional factor of
inner raceway; (b) tractional factor of the outer raceway.

4.2. Case 2: Pure Axial Force

The sliding behavior at the ball/raceway interface under pure axial force is then
considered. Figure 13a,b shows the sliding velocity on the ball at different azimuths when
an axial force of 50 N is applied to the bearing. It can be seen that the velocity between the
ball and the raceway remains constant at each revolution. In addition, the sliding velocity
on the inner raceway is always greater than that of the outer raceway. This is due to the
fact that the contact features of the ball at different azimuths are equal when the bearing is
operating in pure axial condition. Therefore, the effect of axial force on the sliding behavior
is further investigated with a certain ball.
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Figure 13. Sliding velocity variation at ball/raceway interface under pure axial force condition:
(a) sliding velocity of the inner raceway for different azimuths; (b) sliding velocity of the outer

raceway for different azimuths; (c) sliding velocity of inner raceway; (d) sliding velocity of the
outer raceway.

Increasing the axial force from 20 N to 200 N, the change in sliding velocity on the ball
is presented in Figure 13c,d. Similar to the pure radial force condition, the sliding inside
the bearing is inhibited as the load is gradually increased. Once the axial force exceeds
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80 N, the sliding velocity on the inner raceway stays in a small variation, while the outer
velocity tends to become smaller. In addition, the sliding velocity on the inner raceway is
gradually equal to the velocity of the outer, indicating that the skidding inside the bearing
is completely suppressed. Interestingly, the inflection point of the sliding velocity on the
outer occurs before the axial force reaches 80 N. This means that the normal load on the ball
does not completely determine the degree of sliding at the ball/outer raceway interface.

The effect of the axial force on the traction factor is further discussed. As shown
in Figure 14, when the axial load is less than 60 N, the traction factor of the inner and
outer raceways keeps fluctuating around a large value. Meanwhile, the factor of the inner
raceway is bigger than that of the outer raceway. This is because, for ball bearings subjected
to axial loads only, the traction coefficient at the ball/raceway interface is greatly influenced
by the slip-roll ratio. When the load is too tiny to suppress severe sliding inside the bearing,
the slip-roll ratio at the interface will be larger, resulting in a larger value of the traction
coefficient. Once the axial force exerted on the bearing is greater than 60 N, the traction
factor of the inner and outer raceways tends to decrease. Although the traction factor tends
to decrease when the axial force is between 60 N and 80 N, the sliding velocity is still high,
which significantly reduces the bearing performance. This indicates that the load causing
the shift in the traction factor is less than the critical load to prevent bearing sliding. As a
result, it is better to choose an axial force of 80 N or greater as the bearing’s normal working
load to avoid serious sliding.
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Figure 14. Tractional factor variation at ball/raceway interfaces under pure axial force condition:
(a) tractional factor of inner raceway; (b) tractional factor of the outer raceway.

4.3. Case 3: Combined Axial and Radial Force

Under combined axial and radial force conditions, the load distribution on the ball
is non-uniform due to the presence of radial load. Once the radial load is too larger, the
ball experiences the loaded and unloaded zones in turn for each revolution. Therefore, the
sliding behavior of the ball at different azimuths is significantly different. Figure 15a,b
display the variation of the ball’s sliding velocity for an axial force of 100 N and a radial
force of 200 N. Similar to pure radial force condition, the ball goes through four stages in
sequence for every two revolutions, covering: the AB phase, BC phase, CD phase, and DA
phase. In the AB phase, the sliding velocity on the inner raceway tends to increase and
the velocity of the outer remains constant; in the BC phase, the inner raceway’s sliding
velocity is smaller and stabilizes as the normal load increases, while the sliding velocity
of the outer changes in the opposite trend. The sliding behavior of the ball changes in the
other two phases in the same way as in the first two phases. In fact, the sliding variation at
the ball/raceway interface is mainly influenced by its contact features.
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Figure 15. Sliding velocity variation at ball/raceway interface under combined axial and radial load
conditions, A denotes the exit of the previous loaded area, B is the entrance of the current loaded area,
C represents the exit of the current loaded area, D is the entrance of the next loaded area: (a) sliding
velocity of the inner raceway for different azimuths; (b) sliding velocity of the outer raceway for
different azimuths; (c) sliding velocity of inner raceway; (d) sliding velocity of the outer raceway.

The radial force is gradually increased from 0 N to 300 N to further investigate the
sliding behavior under this condition. Figure 15¢,d presents the changes in the sliding
velocity under different radial forces. Although the floating range of the speed is small
when the radial force is small, the overall sliding velocity inside the bearing is severe. With
the gradual increase of the radial force, the variation of sliding velocity on the ball increases,
but its maximum value decreases. In addition, a similar phenomenon can be observed at
the ball/outer raceway interface.

As shown in Figure 16a,b, the traction factors of the outer and inner raceway are
strongly influenced by the radial load in this case. Once the load exceeds 200 N, the traction
factor in the inner raceway starts to appear as 0. This is due to excessive radial forces, which
cause a portion of the loaded zone to become an unloaded zone. By observing Figure 16a,
the unloaded zone gradually expands with the increase of radial force. It is noteworthy
that the traction factor on the outer raceway is never zero regardless of the radial force,
which is due to the non-zero contact force at the ball/outer raceway interface. Furthermore,
when the bearing’s sliding is inhibited, the traction factor gradually decreases as the load
decreases, similar to the first two operating conditions.
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Figure 16. Tractional factor variation at ball/raceway interface under combined axial and radial load
condition, A denotes the exit of the previous loaded area, B is the entrance of the current loaded area,
C represents the exit of the current loaded area, D is the entrance of the next loaded area: (a) tractional
factor of inner raceway; (b) tractional factor of the outer raceway.

5. Conclusions

In this paper, a generic ball-bearing dynamic model for predicting sliding behavior is
presented. Specific geometric interactions between the ball and raceway are constructed
based on the motion features between the components under different operating conditions.
The number of iteration variables and equations are determined by the load vector exerted
on the bearing to improve the convergence and efficiency of the model. The sliding
behavior under three typical operating conditions is further discussed. The conclusions are
as follows:

(1) When the bearing is subjected to pure axial force, the sliding velocity in the outer
raceway first increases and then decreases as the load increases;

(2) Under combined load conditions, the heavy radial forces inhibit the bearing sliding
while exacerbating the non-uniformity of the sliding distribution;

(38) Once the unloaded zone occurs, the sliding velocity between the ball and the inner
raceway is less in the loaded zone than in the unloaded zone. While the velocity on
the outer raceway has the opposite trend;

(4) The increased load helps to suppress severe sliding behavior inside the bearing but
shortens the bearing fatigue life.

The presented investigations show that the increase in load helps to inhibit sliding
inside the bearing, thus extending the bearing’s fatigue life. However, excessive loads can
lead to premature fatigue damage of the bearing and shorten its fatigue life. Therefore,
during the bearing design process, dynamic models can be used to investigate bearing
sliding to guide the optimization of its performance. In addition, the traction model for
the ball/raceway interface in the proposed model is too simplified to ignore the viscous
temperature and pressure effects within the interface. Hopefully, future research will
remedy this deficiency.
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Abbreviations

Symbols  Meaning

1) Contact deformation

By Inner groove curvature center’s displacement
Xy Ball center’s displacement

Qi Inner/outer normal load

Qc Ball/pocket interaction force

M* Spin moment

P Contact stress

T Shear stress

U Traction coefficient

Tifo Inner/outer traction load

Xifp Working contact angle

m Mass

I Rotational inertia

F. Ball centrifugal force

Fg Oil and gas mixture mixing resistance
difo Groove bottom circle diameter of inner/outer ring
Tif Groove curvature radius of inner/outer ring
Dy Ball diameter

dm Bearing pitch diameter

R; Curvature radius of the contact surface
V4 Ball number

P, Axial clearance

Ppj Ball azimuth

Ki Contact deflection coefficient

v Sliding velocity

u Rolling velocity

Wy Ball orbital angular velocity

Why Ball rotation angular velocity

Ws Spin velocity

Prmax Maximum contact stress

S Micrometeoroid’s area

A,B,C,D Lubricant parameters

s Slide-roll ratio

F, Axial load

F, Radial load

0-xYz Inertial coordinate frame

0;-XYiZ;i Inner-fixed coordinate frame

Oc-XcYeZe Cage-fixed coordinate frame
op-xpypzp  Ball-fixed coordinate frame
0s-XgYazq  Azimuthal coordinate frame
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