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Abstract

Planetary bearings are critical components in double planetary gear trains. The influence of
carrier rotation direction on bearing dynamic behavior remains insufficiently understood,
which hinders accurate reliability assessment and optimal design. To investigate this issue,
a dynamic model of the double planetary gear train is developed. The model captures the
coupled interactions and motion characteristics of both gears and bearings. Furthermore,
an experimental platform is constructed to validate the accuracy of the proposed model. A
comparative analysis is conducted to examine the dynamic loads and vibration responses
of the planetary bearings under forward and reverse carrier rotations. The results show
that reverse rotation significantly intensifies collision forces, particularly under low-speed
and high-torque conditions, where the increases for inner and outer bearings reach 38.34%
and 31.25%, respectively. In terms of contact forces, the inner bearing exhibits higher loads
under reverse rotation, whereas the outer bearing carries greater loads under forward
rotation. Vibration response analysis reveals that the carrier rotation direction has a limited
effect on the vibration of the inner bearing, but significantly amplifies that of the outer
bearing. Under reverse rotation, the acceleration amplitudes of the outer cage in the
x- and y-directions increase by 96.20% and 95.74%, respectively, markedly exceeding the
approximate 26% increase observed for the inner bearing. This study provides new insights
into the asymmetric tribological behavior of planetary bearings under bidirectional rotation.
These findings provide theoretical guidance for the design and optimization of planetary
bearings in double planetary gear trains.

Keywords: double planetary gear trains; planetary bearings; dynamic load; forward
rotation; reverse rotation; vibration characteristics

1. Introduction
With inherent superiorities including compact structure, large transmission ratios,

uniform load distribution and lightweight design, the double planetary gear train (DPGT)
is widely used in vehicle, helicopter and ship powertrains [1]. However, it faces inherent
drawbacks of strict manufacturing/assembly accuracy requirements and dynamic imbal-
ance risks (especially with multi-planet configurations) [2]. The dynamic responses of
planetary bearings (PBs) in DPGTs dominate system stability and reliability. Therefore, it is
essential to establish a dynamic model to investigate the load and vibration characteristics
of PBs under various operating conditions.
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Numerous studies [3–5] have focused on the dynamic modeling of planetary gear
trains (PGTs). Ryali and Talbot [6] established a three-dimensional dynamic load distri-
bution model. Hu et al. [7] developed a lumped mass model considering tooth cracks
to examine their influence on PGT vibration characteristics. Dai et al. [8] explored the
effect of phase modulation caused by pinhole position error on PGT strain. Yang et al. [9]
compared the vibration responses of PGTs with and without tooth breakage. Xu et al. [10]
analyzed the influence of positioning errors on dynamic characteristics. Wang et al. [11]
discussed the effect of bearing misalignments on load area and contact characteristics.
Luo et al. [12] proposed a time-varying mesh stiffness model considering sliding friction
and evaluated its impact on vibration behavior. Zhang et al. [13] introduced a finite element
model including clutch tooth impacts. Öztürk et al. [14] investigated the effect of tooth
profile modification on dynamic performance. Bai et al. [15] conducted vibration analysis
considering tooth wear. Wei et al. [16] improved traditional models to better reflect load
characteristics under aerospace conditions. Tan et al. [17] incorporated structural flexibility
to investigate its influence on vibration and load. Zhang et al. [18] established a simulated
signal model considering the sun gear fault. Sang et al. [19] calculated mesh stiffness using
finite element analysis and developed a dynamic model to evaluate tooth faults on vibra-
tion characteristics. These studies can be broadly categorized into investigations of gear
faults, structural errors, and nonlinear dynamic effects, providing valuable insights into
the dynamic behavior of PGTs. However, most of them focus on conventional planetary
gear configurations and primarily emphasize gear-related dynamics, while the coupled
behavior of PBs has received comparatively less attention.

Several studies have specifically addressed the dynamic modeling of DPGTs.
Liu et al. [20] proposed a model considering the sun gear, inner planet, outer planet,
ring gear, carrier, PB roller, and cage. Lai et al. [21] analyzed the influence of backlash
and support stiffness using a model with a floating ring gear. Li et al. [22,23] investi-
gated the effects of bearing wear and roller dimensional deviations on system dynamics.
Cheng et al. [24] examined the influence of axial position variation in the sun gear.
Liu et al. [25] analyzed the effect of bearing clearance on vibration characteristics. These
studies have provided detailed investigations into the dynamic modeling of DPGTs. How-
ever, the influence of carrier rotation direction—particularly the asymmetric dynamic
behavior under forward and reverse rotations—remains insufficiently understood. This
limitation hinders accurate prediction of load distribution and reliability in DPGT systems
under practical operating conditions.

In addition to dynamic modeling approaches, extensive research has been conducted
on kinematic modeling methods for transmission design and control, including lever anal-
ogy [26], energetic macroscopic representation [27], power-oriented graph reduction [28],
and power-oriented time-variant methods [29]. The above kinematic and system-level mod-
eling methods have the advantages of low computational complexity, high modularity and
clear physical meaning of power flow. However, such methods usually treat the planetary
gear set as a lumped-parameter transmission unit, and do not consider the internal nonlin-
ear dynamic behaviors of the system. This simplification inevitably hinders the realization
of high-precision system control and the accurate prediction of component reliability.

This study develops a comprehensive dynamic model of a DPGT, in which the detailed
force interactions of both gears and PBs are explicitly considered. The model incorporates
gear-mesh contact, roller–raceway contact, roller–cage contact, and cage–guiding surface
contact. By integrating these effects into a unified framework, the proposed model enables
an accurate characterization of the dynamic responses under both forward and reverse
carrier rotations. Distinguished from existing studies that mainly focus on the dynamic
characteristics of DPGT under conventional unidirectional conditions, this paper systemati-
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cally reveals the asymmetric evolution law of PB dynamic load under forward and reverse
carrier rotations. It also clarifies the differential sensitivity of inner and outer PBs to rotation
direction. These findings fill the research gap regarding the dynamic characteristics of PBs
under bidirectional rotation conditions. Meanwhile, they provide theoretical guidance
for the design, optimization and reliability improvement of DPGT applied in heavy-duty
bidirectional transmission equipment.

2. Dynamic Modeling of a DPGT
A dynamic model of the DPGT is shown in Figure 1. The model comprises a sun

gear, a carrier, a ring gear, N inner planets, N outer planets, 2 × N × Z PB rollers, and
2 × N PB cages. Z is the number of PB rollers. Two coordinate systems are defined:
(1) a fixed coordinate system with its origin at point O and (2) a rotating coordinate system
attached to the carrier which has its origin at point O’. Each component has three degrees
of freedom, including translational motion along the x-axis, translational motion along the
y-axis, and rotational motion. The translational motions of the sun gear, carrier, and ring
gear are described in the fixed coordinate system. The translational motions of the planet
gears, cages, and rollers are described in the rotating coordinate system.

Figure 1. Dynamic model of the DPGT.

The dynamic equations of the sun gear are expressed as:

ms
..
xs + csx

.
xs + ksxxs +

N

∑
n=1

Fsan cos ψan = msxsΩ2 + 2ms
.
ysΩ + msys

.
Ω (1)

ms
..
ys + csy

.
ys + ksyys +

N

∑
n=1

Fsan sin ψan = msysΩ2 − 2ms
.
xsΩ − msxs

.
Ω (2)

Js

rs

..
θs +

N

∑
n=1

Fsan =
Ti

rs
(3)
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where rs, ms, and Js denote the base radius, mass, and moment of inertia of the sun
gear, respectively. xs, ys, and θs represent the translational displacements in the x- and
y-directions and the rotational displacement of the sun gear, respectively. In the following,
the subscripts s, r, an, bn, and abn represent the sun gear, ring gear, the nth inner planet,
the nth outer planet, and the nth inner–outer planet, respectively. ksx, ksy, csx, and csy are
the support stiffness and damping of the sun gear in the x- and y-directions, respectively.
Ti is the input torque applied to the sun gear. Ω is the carrier rotation velocity. ψan is the
angular position of the nth inner planet relative to the sun gear. Fsan is the meshing force
between the sun gear and the nth inner planet, which can be expressed as:

Fsan = ksanδsan + csan
.
δsan (4)

where ksan and csan are the mesh stiffness and damping of the nth sun–inner planet gear
pair, respectively. The detailed calculation method is given in ref. [20]. δsan is the mesh
deformation of the nth sun–inner planet gear pair.

The dynamic equations of the ring gear are expressed as:

mr
..
xr + crx

.
xr + krxxr +

N

∑
n=1

Frbn cos ψrbn = mrxrΩ2 + 2mr
.
yrΩ + mryr

.
Ω (5)

mr
..
yr + cry

.
yr + kryyr −

N

∑
n=1

Frbn sin ψrbn = mryrΩ2 − 2mr
.
xrΩ − mrxr

.
Ω (6)

Jr

rr

..
θr +

crt

rr

.
θr +

krt

rr
θr −

N

∑
n=1

Frbn = 0 (7)

where krx, kry, crx, and cry are the support stiffness and damping of the ring gear in the
x-and y-directions, respectively. krt and crt are the torsional support stiffness and damping
of the ring gear, respectively. ψrbn is the angular position of the nth outer planet relative to
the ring gear. Frbn is the nth outer planet–ring gear mesh force, which can be expressed as:

Frbn = krbnδrbn + crbn
.
δrbn (8)

where krbn and crbn are the nth outer planet–ring gear mesh stiffness and damping, respec-
tively. δrbn is the nth outer planet–ring gear mesh deformation.

The dynamic equations of the nth inner planet are expressed as:

man
..
xan = manxanΩ2 + 2man

.
yanΩ + manyan

.
Ω + manrcΩ2 cos ψan + Fo

ax + Fo
adx − Fo

agx

+Fsan cos ψan − Fabn cos ψabn
(9)

man
..
yan = manyanΩ2 − 2man

.
xanΩ − manxan

.
Ω + manrcΩ2 sin ψan + Fo

ay + Fo
ady − Fo

agy

+Fsan sin ψan − Fabn sin ψabn
(10)

Jan

ran

..
θan + Fsan − Fabn +

Mcage

ran
+

Z
∑

j=1
foj

dm

2

ran
= 0 (11)

where dm is the PB pitch diameter. rc is the carrier base radius. ψabn is the angular position
of the nth inner–outer planet. Mcage is the inner planet–cage friction moment. Fabn is the
nth inner–outer planet mesh force. Fo

ax and Fo
ay represent the total forces for the nth inner

planet–roller contact pairs in the x- and y-directions, respectively. Fo
agx and Fo

agy are the total
forces for the nth inner planet–cage contact pairs in the x- and y-directions, respectively.
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Fo
adx and Fo

ady are the nth inner planet–roller damping forces in the x- and y-directions,
respectively. The expressions for these forces are given as follows.

Fabn = kabnδabn + cabn
.
δabn (12)

Fo
ax =

Z

∑
j=1

(
Qoj cos θj + foj sin θj

)
(13)

Fo
ay =

Z

∑
j=1

(
Qoj sin θj + foj cos θj

)
(14)

Fo
adx =

Z

∑
j=1

co
( .
xej −

.
xan

)
(15)

Fo
ady =

Z

∑
J=1

co

( .
yej −

.
yan

)
(16)

where kabn and cabn are the nth inner–outer planet mesh stiffness and damping, respectively.
co is the damping between the planet and the roller. xej and yej are the displacements of the
jth roller in the x- and y-directions, respectively. θj is the jth roller position angle. δabn is the
nth inner–outer planet mesh deformation. Qoj and f oj are the PB roller–planet contact force
and friction force, respectively [30,31], which are given by:

Qoj = ζojKoδ
10
9

oj (17)

foj = µQoj (18)

where Ko and µ are the roller–planet contact stiffness and friction coefficient, respec-
tively [20]. ζoj is the jth roller–planet contact coefficient. δoj is the contact deformation
as follows.

δoj =
(
xej − xan

)
cos θj +

(
yej − yan

)
sin θj (19)

The dynamic equations of the nth outer planet are expressed as:

mbn
..
xbn = mbnxbnΩ2 + 2mbn

.
ybnΩ + mbnybn

.
Ω + mbnrcΩ2 cos ψbn + Fo

bx + Fo
bdx − Fo

bgx

+Frbn cos ψrbn + Fabn cos ψabn
(20)

mbn
..
ybn = mbnybnΩ2 − 2mbn

.
xbnΩ − mbnxbn

.
Ω + mbnrbcΩ2 sin ψbn + Fo

by + Fo
bdy − Fo

bgy

−Frbn sin ψrbn + Fabn sin ψabn
(21)

Jrn

rbn

..
θbn + Frbn − Fabn +

Mcage

rbn
+

Z
∑

j=1
fboj

dm

2

rbn
= 0 (22)

where Fo
bx and Fo

by are the total contact forces of the nth outer planet–roller pairs in the x-
and y-directions, respectively. Fo

bgx and Fo
bgy are the total contact forces of the nth outer

planet–cage pairs in the x and y-directions, respectively. Fo
bdx and Fo

bdy are the nth outer
planet gear–roller damping forces in the x- and y-directions, respectively. The expressions
for these forces are given as follows.

Fo
bx =

Z

∑
j=1

(
Qoj cos θj + foj sin θj

)
(23)
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Fo
by =

Z

∑
j=1

(
Qoj sin θj + foj cos θj

)
(24)

Fo
bdx =

Z

∑
j=1

co
( .
xej −

.
xbn

)
(25)

Fo
bdy =

Z

∑
j=1

co

( .
yej −

.
ybn

)
(26)

The dynamic equations of the carrier are expressed as:

mc
..
xc = mcxcΩ2 + 2mc

.
ycΩ + mcyc

.
Ω − Fi

x − Fi
dx − ccx

.
xc − kcxxc (27)

mc
..
yc = mcycΩ2 − 2mc

.
xcΩ − mcxc

.
Ω − Fi

y − Fi
dy − ccx

.
yc − kcxyc (28)

Jc

rc

..
θc +

2N

∑
n=1

Fi
x sin ψn −

2N

∑
n=1

Fi
y cos ψn =

T0

rc
(29)

where rc, mc, and Jc are the planet installation radius, carrier mass, and carrier moment
of inertia, respectively. xc, yc, and θc are the translational displacements in the x- and
y-directions and the rotational displacement of the carrier, respectively. Fi

x and Fi
y are the

total contact forces of the carrier–roller pairs in the x- and y-direction, respectively. Fi
dx

and Fi
dy are the carrier–roller damping forces in the x- and y-directions, respectively. The

expressions for these forces are given as follows.

Fi
x =

Z

∑
j=1

(
Qij cos θj + fij sin θj

)
(30)

Fi
y =

Z

∑
j=1

(
Qij sin θj + fij cos θj

)
(31)

Fi
dx =

Z

∑
j=1

ci
( .
xc −

.
xej

)
(32)

Fi
dy =

Z

∑
j=1

ci

( .
yc −

.
yej

)
(33)

where ci is the roller–carrier damping. Qij and fij are the roller–carrier contact force and
friction force.

Qij = ζijKiδ
10
9

ij (34)

fij = µQij (35)

where Ki is the roller–carrier contact stiffness. ζij is the roller–carrier contact coefficient,
which is 1 when δij > 0 and is 0 when δij ≤ 0. δij is the roller–carrier contact deformation,
which is expressed as follows:

δij =
(

xc − xej
)

cos θj +
(
yc − yej

)
sin θj − Cr (36)

where Cr is the clearance.
Figure 2 shows the force analysis of the PB rollers during motion. Fd is the flow

resistance of the lubricant, Fcj is the collision force between the roller and the cage, and f cj

is the frictional force between the roller and the cage.
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Figure 2. Dynamic model of the PB.

The PB roller dynamic equations are expressed as:

me
..
xej = −Qoj cos θj + Qij cos θj − co

( .
xej −

.
xp

)
+ ci

( .
xc −

.
xej

)
+ Fcj sin θj

− fcj sin θj − foj sin θj + fij sin θj + Fc1 cos ϕc + Fc2 cos θj + Fd sin θj
(37)

me
..
yej = −Qoj sin θj + Qij sin θj − co

( .
yej −

.
yp

)
+ ci

( .
yc −

.
yej

)
− Fcj cos θj

+ fcj sin θj + foj cos θj − fij cos θj + Fc1 sin ϕc + Fc2 sin θj − Fd cos θj
(38)

Ie
..
ϕej =

(
Fo

f + Fi
f − fcj

)Dw

2
(39)

Iec
..
θej = Fo

f Ro − Fi
f Ri − Fcj

dm

2
− Fd

dm

2
(40)

where me is the mass of the PB roller. Ie is the moment of inertia around the roller axis of
the PB roller. Iec is the PB roller moment of inertia about the PB axis. ϕe and θe are the roller
angular displacements around its axis and PB axis, respectively. Fc1 and Fc2 are centrifugal
forces about the DPGS axis and PB axis, respectively.

The cage dynamic equations are expressed as:

mg
..
xg = −Fcj sin θj − fcj cos θj + Fcx (41)

mg
..
yg = Fcj cos θj − fcj sin θj + Fcy − G (42)

Ig
..
θg = Mc + Fcj

dm

2
(43)

where mg and Ig are the mass and moment of inertia of the cage, respectively. xg, yg,
and θg are the translational displacements in the x- and y-directions and the rotational
displacement of the cage, respectively. G is the cage gravity.

Due to the presence of an oil–gas mixture composed of lubricating oil and gas inside
the bearing cavity, which imposes resistance on the orbital motion of the rollers, the flow-
around drag force of the lubricant is given by:

Fd =
1
8

CdρDbl(dmΩm)2 (44)

where Cd is the flow-around drag coefficient. ρ is the density of the oil–gas mixture. Db

is the roller diameter. l is the roller length. dm is the pitch diameter of the PB. Ωm is the
orbital angular velocity of the rollers.

Based on the relative motion, the roller–cage collision force can be determined as:Fcj = Kcage

[(
θj − θg

) dm
2 − Cp

](
θj − θg

)
> 0

Fcj = Kcage

[(
θj − θg

) dm
2 + Cp

](
θj − θg

)
< 0

(45)
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where Kcage is the roller–cage pocket contact stiffness. Cp is the cage pocket clearance.
The cage adopts an outer ring-guided configuration. In the planetary gear train, the

planet gear serves as the outer ring of the bearing. Collision forces occur between the guide
surface and the cage, which can be expressed as:

Fc = Kg
(
eg − Cg

)
+ cg

.
eg (46)

where Cg is the guiding clearance of the cage. eg is the relative offset of the cage center,
which is expressed as follows:

eg =
√

x2
g + y2

g (47)

The proposed dynamic modeling approach is general and can be extended to other
planetary gear configurations with minor modifications. Specifically, different planetary
arrangements can be realized by adjusting the number of planet gears in the model. A
single planetary gear set can be obtained by replacing the meshing force between the inner
and outer planets in the dynamic equations with that between the planet gear and the
ring gear. In addition, different power flow configurations can be represented by applying
sufficiently large torsional stiffness to constrain selected components. In this way, the sun
gear, carrier, or ring gear can be treated as fixed or output members, enabling the simulation
of various transmission schemes. Therefore, the proposed framework is not limited to the
specific DPGT configuration considered in this study, but can be readily extended to a wide
range of planetary gears.

3. Experiment Verification
To validate the proposed dynamic model, a DPGT experimental platform was con-

structed, as illustrated in Figure 3. The driving motor is connected to the sun gear, while the
loading motor is connected to the carrier to provide the system load. The vibrations of the
DPGT are measured using an acceleration sensor mounted on the carrier bearing housing
near the carrier axis. The parameters of the DPGT and PB are listed in Tables 1 and 2, respec-
tively. The rotation speeds of the sun gear and the carrier are 3290 r/min and 2000 r/min.
A comparison between the simulation and experimental results is presented in Figure 4.
Characteristic frequencies, including f m, f m ± f c, and f m ± 3f c (f m and f c denote the gear
mesh frequency and carrier rotation frequency, respectively), are observed in both results.
While a discrepancy in amplitude is observed at f m ± 3f c, the frequency locations are in
good agreement. This difference is mainly attributed to factors not included in the model,
such as structural flexibility, clearance, and misalignment. Despite these differences, the
consistency in characteristic frequency distribution demonstrates that the proposed model
is capable of capturing the essential dynamic behavior of the system, thereby validating
the developed DPGT dynamic model.

Figure 3. Experimental platform for the DPGT.
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Table 1. Parameters of the DPGT.

Sun Gear Inner Planet Outer Planet Ring Gear Carrier

Modulus (mm) 3 3 3 3 -
Tooth number 31 24 24 82 -

Pressure angle (◦) 20 20 20 20 -
Tooth width (mm) 35.5 32 32 33 -

Mass (kg) 1.088 0.557 0.557 6.07 7.751

Table 2. Parameters of the PB.

Pitch Diameter (mm) Roller Diameter (mm) Roller Length (mm) Roller Number

39 7.5 9 12

Figure 4. Simulated and experimental result comparison.

4. Results and Discussion
4.1. Dynamic Load Analysis of Planetary Bearings

To analyze the dynamic loads of bearings, the power is set to 200 kW. The sun gear
rotates at 6910 r/min, while the ring gear remains fixed. The carrier operates at 4200 r/min
during forward rotation and −4200 r/min during reverse rotation. The collision forces
between the PB roller and the cage are shown in Figure 5. For the inner PB, the RMS value
of the roller–cage collision force is 4.29 N under forward rotation. In reverse rotation, it
increases to 4.48 N, representing a 4.43% increase. For the outer PB, the RMS value is 4.76 N
under forward rotation. In reverse rotation, it rises to 4.92 N, showing a 3.36% increase.
The minimal variation observed suggests that the carrier rotation direction has a negligible
impact on the roller–cage collision force. This phenomenon can be attributed to the fact
that the collision energy between the cage and the roller remains nearly unchanged under
the identical operating speed.

Figure 6 shows the collision forces between the cage and the guiding surface of the
PBs. For the inner PB, the maximum collision force is 737.26 N, with an RMS value of
672.24 N under forward rotation of the carrier. In reverse rotation, the maximum collision
force increases to 790.48 N, with an RMS value of 673.18 N. The maximum collision force
increases by 7.22%, while the RMS value remained nearly unchanged. For the outer PB,
the maximum collision force is 841.52 N, with an RMS value of 732.85 N under forward
rotation. In reverse rotation, the maximum collision force increases to 902.05 N, with an
RMS value of 740.27 N. The maximum collision force increased by 7.19%. The reason is
that the change in rotation direction modifies the approach velocity between the cage and
the guiding surface, thereby promoting more abrupt impact-type contacts.

https://doi.org/10.3390/machines14050539
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Figure 5. Roller–cage collision forces of PBs: (a) inner PB; (b) outer PB.

Figure 6. Cage–guiding surface collision forces of PBs: (a) inner PB; (b) outer PB.

The PB contact forces under both forward and reverse rotations are shown in
Figure 7. For the inner PB, the maximum roller–inner ring contact force increases from
1.6907 × 103 N to 1.9969 × 103 N under reverse rotation, corresponding to an 18.11% in-
crease. A similar trend is observed for the roller–outer ring contact force, which rises from
1.702 × 103 N to 2.0129 × 103 N, representing an increase of 18.27%. According to ISO 281,
the bearing life is proportional to the inverse cube of the equivalent dynamic load [32].
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https://doi.org/10.3390/machines14050539


Machines 2026, 14, 539 11 of 18

The basic rated life of the inner PB under reverse rotation is reduced by approximately
42.7% relative to forward rotation. This result confirms that the inner PB operates under
substantially more severe contact loading conditions during reverse rotation, leading to
a significantly elevated risk of contact fatigue failure. In contrast, for the outer PB, the
maximum roller–inner ring contact force decreases from 2.29 × 103 N to 1.8348 × 103 N,
showing a reduction of 19.88%. Likewise, the roller–outer ring contact force decreases
from 2.3026 × 103 N to 1.836 × 103 N, corresponding to a 20.26% reduction. These results
indicate that the inner PB experiences higher contact forces under reverse rotation, whereas
the outer PB exhibits higher contact forces under forward rotation. This opposite trend can
be attributed to the load redistribution induced by the change in carrier rotation direction.

Figure 7. Contact forces of PBs: (a) inner PB roller–inner ring; (b) inner PB roller–outer ring; (c) outer
PB roller–inner ring; (d) outer PB roller–outer ring.
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In addition, Figure 8 compares the PB contact forces under different numbers of
planetary gears. For the inner PB, the RMS roller–inner ring contact force increases slightly
from 0.76 × 103 N to 0.78 × 103 N when N = 3, corresponding to an 2.6% increase. A
similar trend is observed for the roller–outer ring contact force, which rises marginally from
0.77 × 103 N to 0.78 × 103 N, representing an increase of 1.2%. In contrast, for the outer
PB, both contact forces exhibit a slight reduction. The RMS roller–inner ring contact force
decreases from 1.03 × 103 N to 0.99 × 103 N (3.8% reduction), while the roller–outer ring
contact force decreases from 1.04 × 103 N to 1.00 × 103 N, also corresponding to a 3.8%
reduction. These results indicate that the number of planetary gears has a limited influence
on the bearing contact loads.

Figure 8. Contact forces of PBs under different numbers of planetary gears: (a) inner PB roller–inner
ring; (b) inner PB roller–outer ring; (c) outer PB roller–inner ring; (d) outer PB roller–outer ring.
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To analyze the influence of operating conditions on the dynamic load of the PB, four
conditions are established as follows:

Condition 1: carrier speed of 1000 r/min with an output power of 200 kW.
Condition 2: carrier speed of 2000 r/min with an output power of 200 kW.
Condition 3: carrier speed of 4200 r/min with an output power of 200 kW.
Condition 4: carrier speed of 4200 r/min with zero output power.
Table 3 summarizes the RMS values of the roller–cage collision force under the four

conditions. In all cases, the collision force under reverse carrier rotation is consistently
higher than that under forward rotation. This discrepancy is most pronounced under
low-speed, high-torque conditions (Condition 1), where the inner and outer PBs exhibit
differences of 38.34% and 31.25%, respectively. This result demonstrates that the roller–
cage interaction is highly sensitive to the carrier rotation direction under severe loading
conditions. Regardless of rotation direction, the outer PB consistently exhibits higher
collision forces than the inner PB. This can be attributed to centrifugal inertial effects. The
outer PB is located farther from the rotation center and is therefore subjected to larger
centrifugal forces, which intensify the dynamic interaction between the roller and the cage.

Table 3. RMS values of roller–cage collision force.

Condition
Inner PB/N Outer PB/N

Forward
Rotation

Reverse
Rotation Difference Forward

Rotation
Reverse
Rotation Difference

1 1.1265 1.5584 38.34% 1.4472 1.8995 31.25%
2 1.0925 1.1315 3.57% 1.2804 2.9518 130.54%
3 4.29 4.48 4.43% 4.76 4.92 3.36%
4 4.17 4.18 0.24% 4.65 4.59 −1.29%

Table 4 presents the RMS values of the cage–guiding surface collision force. Similar
to the roller–cage interaction, reverse carrier rotation results in higher collision forces
than forward rotation. This effect is particularly significant in Condition 2, where the
collision force increases by 15.93% for the outer PB and 4.71% for the inner PB. In contrast,
under Condition 4, the difference between forward and reverse rotation becomes negligible.
This indicates that the influence of rotation direction on cage guidance diminishes in the
absence of load. Overall, these results demonstrate that reverse rotation intensifies cage–
guiding surface impacts under loaded conditions, while the outer PB is more susceptible to
collision-induced wear due to its higher dynamic loads.

Table 4. RMS values of cage–guiding surface collision force.

Condition
Inner PB/N Outer PB/N

Forward
Rotation

Reverse
Rotation Difference Forward

Rotation
Reverse
Rotation Difference

1 95.51 97.94 2.54% 109.72 125.99 14.83%
2 183.77 192.42 4.71% 204.03 236.54 15.93%
3 672.24 673.18 0.14% 732.85 740.27 1.01%
4 670.72 670.58 −0.02% 730.67 730.70 0.0041%

Tables 5 and 6 compare the RMS values of the roller–inner ring and roller–outer ring
contact forces, respectively. The contact loads exhibit a strong dependency on the carrier
rotation direction. For the inner PB, reverse rotation leads to increased contact forces,
whereas the outer PB experiences higher loads under forward rotation. In addition, at
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a given power of 200 kW, the contact load of the PBs first decreases and then increases
with rotational speed. This indicates that mesh forces dominate the contact load at low
speeds, whereas centrifugal forces become the primary contributor as the rotational speed
increases. Under no-load conditions, the difference in contact loads between forward and
reverse rotations becomes negligible. This suggests that mesh forces are the primary factor
responsible for the discrepancy in contact loads under opposite rotation directions. The
increase in contact force under reverse rotation not only accelerates fatigue damage, but also
has important implications for thermal behavior. Previous studies have shown that thermal
effects play a critical role in bearing performance. Wang [33] demonstrated that increasing
rotational speed significantly influences thermoelastohydrodynamic behavior, altering load
distribution and lubricant film thickness. Lee et al. [34] further indicated that thermal
effects are closely coupled with rotor dynamic stability. Li et al. [35] experimentally showed
that rotor vibration characteristics are closely related to thermal and lubrication states.
These findings are highly relevant to DPGT systems, where high rotational speeds and
complex load coupling can exacerbate thermal instability. In the present study, the observed
increase in contact force and vibration under reverse rotation may intensify frictional heat
generation, thereby degrading lubrication conditions and accelerating bearing wear.

Table 5. RMS values of roller–inner ring contact force.

Condition
Inner PB/N Outer PB/N

Forward
Rotation

Reverse
Rotation Difference Forward

Rotation
Reverse
Rotation Difference

1 335.58 455.54 35.75% 986.36 930.87 −5.63%
2 112.94 373.97 231.12% 602.5 373.97 −37.93%
3 760.54 910.34 19.70% 1034.5 812.43 −21.47%
4 835.03 833.75 −0.15% 903.85 904.24 0.043%

Table 6. RMS values of roller–outer ring contact force.

Condition
Inner PB/N Outer PB/N

Forward
Rotation

Reverse
Rotation Difference Forward

Rotation
Reverse
Rotation Difference

1 359.79 484.77 34.74% 1001.3 955.98 −4.53%
2 142.28 381.19 167.92% 617.34 421.49 −31.72%
3 768.53 918.59 19.53% 1041.2 818.01 −21.44%
4 839.26 838.57 −0.082% 910.77 907.42 −0.37%

4.2. Vibration Analysis of Planetary Bearings

Figure 9 illustrates the vibration response of the PB cage under both forward and
reverse carrier rotation conditions. For the inner PB cage, the RMS acceleration in the
x-direction increases from 711.26 m/s2 under forward rotation to 899.50 m/s2 under reverse
rotation, representing a 26.47% rise. A similar trend is observed in the y-direction, where
the value rises from 707.68 m/s2 to 894.33 m/s2, representing a 26.73% rise. In contrast,
the outer PB cage exhibits a much stronger amplification under reverse rotation. The RMS
acceleration in the x-direction increases from 824.65 m/s2 to 1618.00 m/s2, representing
a 96.20% rise, while in the y-direction it increases from 824.22 m/s2 to 1613.30 m/s2,
representing a 95.74% rise. These results demonstrate a clear directional dependence of the
vibration response on the carrier rotation direction, with the outer PB showing significantly
higher sensitivity than the inner PB.
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Tables 7 and 8 summarize the RMS vibration acceleration of the PB cages. The vibration
acceleration is generally lower under forward rotation than under reverse rotation. An
exception occurs at 200 kW and 2000 r/min, where the inner PB cage exhibits higher
vibration acceleration under forward rotation. In addition, the outer PB cage shows greater
sensitivity to the carrier rotation direction than the inner PB cage. Under the no-load
conditions, the difference in vibration acceleration between forward and reverse rotation is
significantly smaller than that under loaded conditions. This indicates that input power is
the primary factor governing the rotation-induced variation in vibration response.

(a) 

(b) 

 
(c) 

(d) 

Figure 9. Vibration of PB cages: (a) inner PB cage vibrations in x-directions; (b) Inner PB cage
vibrations in y-directions; (c) outer PB cage vibrations in x-directions; (d) outer PB cage vibrations
in y-directions.
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Table 7. RMS values of cage vibration acceleration in the x-direction.

Condition
Inner PB/(m/s2) Outer PB/(m/s2)

Forward
Rotation

Reverse
Rotation Difference Forward

Rotation
Reverse
Rotation Difference

1 1542.9 1594 3.31% 1811.1 2108.3 16.41%
2 1870.8 1798.7 −3.85% 1978 3256.7 64.65%
3 711.26 899.5 26.47% 824.65 1618 96.20%
4 342.68 354.64 3.49% 398.28 436.8 9.67%

Table 8. RMS values of cage vibration acceleration in the y-direction.

Condition
Inner PB/(m/s2) Outer PB/(m/s2)

Forward
Rotation

Reverse
Rotation Difference Forward

Rotation
Reverse
Rotation Difference

1 1551.2 1608.1 3.67% 1787.5 2094.5 17.17%
2 1861.4 1797.6 −3.43 1988.2 3270.6 64.50%
3 707.68 894.33 26.37% 824.22 1613.3 95.74%
4 345.7 354.25 2.47% 400.39 437.09 9.17%

5. Conclusions
This study developed a dynamic model of the DPGT, incorporating the sun gear, inner

and outer planets, ring gear, carrier, PB rollers, and PB cages. The dynamic loads and
vibration responses of the PBs under forward and reverse carrier rotations are analyzed.
The results indicate that the change in rotation direction leads to significant asymmetric
loading of the PBs. This asymmetric loading behavior requires targeted modifications to
the bearing lubrication system. In addition, heavily loaded bearing components under
specific rotation directions should use materials with higher contact fatigue resistance. The
initial assumption, namely that carrier forward and reverse rotations lead to significant
differences in PB dynamic load and vibration responses, is fully confirmed by the obtained
results. The main conclusions are given as follows:

(1) Reverse carrier rotation increases the collision forces between the rollers and the
cage, as well as between the cage and the guiding surface. This effect becomes more
pronounced under low-speed and high-torque conditions. This indicates that an
appropriate selection of carrier rotational direction can help mitigate failure risk.

(2) The inner PB exhibits higher contact loads under reverse rotation, whereas the outer
PB experiences higher loads under forward rotation. At constant power, the influence
of rotational direction on the bearing contact load first increases and then decreases
with increasing speed. Therefore, the outer or inner PB should be prioritized based on
the carrier rotational direction and the typical operating speed.

(3) Reverse carrier rotation significantly amplifies cage vibrations, particularly in the outer
PB. At constant power, the influence of rotational direction on cage vibration increases
with speed, while it becomes negligible under no-load conditions. This suggests that
vibration control strategies should primarily focus on loaded operating conditions.

Future work may explore advanced lubricants to address asymmetric bidirectional
lubrication requirements, such as lower viscosity for forward rotation, higher viscosity
or stronger film for reverse rotation. Active rheological control may help compensate for
rotation-induced load asymmetry without major structural modifications.
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