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Abstract

Duplex ball bearings are common components in space satellite mechanisms, and their
behaviour impacts the overall performance and reliability of these systems. During rocket
launches, these bearings suffer high vibrational loads, making their dynamic response
essential for their survival. To predict the dynamic behaviour under vibration, simulations
and experimental tests are performed. However, published models for space applications
fail to capture the variations observed in test responses. This study presents a multi-degree-
of-freedom nonlinear multibody model of a hard-preloaded duplex space ball bearing,
particularized for this work to the case in which the outer ring is attached to a shaker
and the inner ring to a test dummy mass. The model incorporates the Hunt and Crossley
contact damping formulation and employs quaternions to accurately represent rotational
dynamics. The simulated model response is validated against previously published axial
test data, and its response under step, sine, and random excitations is analysed both in the
case of radial and axial excitation. The results reveal key insights into frequency evolution,
stress distribution, gapping phenomena, and response amplification, providing a deeper
understanding of the dynamic performance of space-grade ball bearings.

Keywords: ball bearing; duplex; space bearing; nonlinear; shaker

1. Introduction

Bearings are fundamental components in rotating systems, typically operating under
vibrations induced by rotary motion. These vibrations originate from external loads and
mechanical interactions among machine elements, such as gears and shafts, as well as
internal interactions involving rolling elements, rings, cages, and also the lubricant within
the bearing. However, bearings in space applications must face a different type of vibration
inherent to any type of space mechanism. This occurs primarily during rocket launch when
the satellites remain enclosed within the rocket, representing the most critical scenario
for space bearings. Ensuring bearing survival during this phase is essential for proper
satellite operation throughout its lifetime. To achieve this, simulations and tests are usually
performed under the following loads: a static acceleration load equivalent to the rocket
acceleration during launch, sine loads and random loads related to the rocket vibration,
and a shock load equivalent to the satellite’s deployment.

Double-row preloaded ball bearings form the joints between different movable com-
ponents in space mechanisms. These bearings are arranged in either back-to-back or face-
to-face configurations and can have either hard or soft preload, as described in [1]. Among
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all satellite bearings, they withstand the highest loads and their preload must provide ade-
quate stiffness for the survival of the bearing during rocket launch, thereby enabling proper
satellite operation during its life. The integrity of these bearings is assessed verifying the
contact stresses and gappings along the vibration response. Moreover, the preload not only
affects the vibrational response but also the friction, which selecting a much higher preload
than the minimum required one implies a higher friction that decreases the motorization
margin of satellite’s electrical motors. Therefore, accurate modelling of all these aspects
is a key factor to assess the survival and operability of the bearings. Different models
have been developed to estimate the static load distribution and stresses in ball bearings.
Sjovall [2] used finite element method (FEM) and a semi-analytical model to determine the
radial load distribution within bearings. This model was later employed by Hernot et al. [3]
to compute the bearing stiffness matrix and by Liu et al. [4] to asses load distribution and
stiffness variations, incorporating ball preload and contact angle variations. Houpert [5,6]
proposed point contact curve fitting approach for ball-raceway contacts, obtaining close
results when comparing them with Hertz’s approach [7]. Regarding the explicit dynamic
modelling, the use of finite element analysis (FEA) for point contact modelization is not
feasible due to the required computational cost. Consequently, this work uses the analytical
model developed by Hertz [7] for ball-raceway contact, along with the single-row ball
bearing model developed by Harris and Kotzalas in [8,9] to develop the dynamic model.
In this approach the dynamic forces are determined with the static model incorporating the
contact damping effects.

In the field of bearing rotary dynamics, the current reference software is advanced
dynamics of rolling elements (ADORE), developed by Gupta [10]. This multibody sim-
ulation tool models the contact between rolling elements, rings and cage providing key
insights such as cage forces, accelerations and friction. Stacke et al. [11] developed bearing
simulation tool (BEAST), a rolling bearing dynamic simulation tool which, in addition,
includes other mechanical element forces for dynamic simulations. Xi et al. [12] proposed a
multibody model for ball bearings to analyse the ball-raceway contact path under different
conditions, concluding that the axial force plays a decisive role in the contact path distri-
bution. Bizarre et al. [13] developed a bearing model simulating the elastohydrodynamic
lubrication (EHL) contact evaluating the stiffness and damping characteristics of angular
contact bearings under different conditions. Petersen et al. [14] proposed a double-row ball
bearing model under radial loads to investigate the dynamics of the system under different
raceway defects, demonstrating strong correlation with the performed experimental tests.
Luo et al. [15] conducted dynamic simulations using FEA to analyse an angular contact
ball bearing, incorporating the cage and balls at varying velocities to assess axial and
radial stiffness. The simulations and the theoretical models showed agreement with the
experimental data.

Rotor systems supported by a pair of bearings share structural design similarities with
the hard-preloaded duplex bearings used in space applications, as both systems support a
mass with two (bearing) rows. These rotor system models often incorporate bearing defects,
rotor unbalance, preload variations and other excitations, with the damping defined either
at a ball-raceway contact level, or through a global damping matrix for the entire bearing.
Fang et al. [16] analysed the influence of the different bearing stiffness matrix elements on
rotor dynamics, clarifying the effects of the off-diagonal elements comparing O (back-to-
back) and X (face-to-face) configurations. Liu and Shao [17] developed a twelve degree
of freedom rotor dynamic model considering housing stiffness, frictional moments and
localized defects with particular focus on how housings properties affected the dynamics
of the system across three different models. Cheng et al. [18] investigated the dynamics
of the rotor considering radial clearance, rotor-stator rubbing, rotor eccentricity, raceway
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defects and waviness of the bearings. The study concluded that a higher preload improves
the load distribution, the rubbing leads to a sharpening in the displacement signal, and
waviness influences the system only at a specific velocity. Sinou [19] introduced a flexible
shaft modeled by thirteen Timoshenko beam elements supported by two ball bearings,
with an unbalanced disc attached to a flexible coupling. The study demonstrated the
complexity of the nonlinear response for small changes in model parameters such as the
radial clearance of the bearings. Young et al. [20] analysed the rotor stability under random
axial forces employing FEA to discretize the equations and the It6 method [21,22] to obtain
the responses, concluding that reducing the bearing axial forces increased system instability.
Gao et al. [23] modeled a dual rotor system under barrel-roll flight loads, incorporating a
defect in the outer raceway, proving the effects of the manoeuvre load, the defect and the
rotating speed on the dynamic response.

Reaction wheel models also share similarities with the testing of space duplex bear-
ings, as they support a high mass using two bearings and analyse system vibrational
characteristics. Alkomy and Shan [24] developed a reaction wheel micro-vibration model,
simulating imbalance and bearing waviness, with simulations accurately predicting system
forces and moments in agreement with experimental results. Addari et al. [25] modeled
a satellite cantilever reaction wheel which was validated with experimental results. The
study highlighted the influence of the gyroscopic moment in the response of the system
and proposed a methodology for the measurement of dynamic mass.

Rotor systems used for aeroengines response simulations also resemble the structural
models of duplex bearings as they distribute different masses along the rotor supported
by bearings. Chen [26] developed a coupled rotor-ball bearing-stator dynamic model to
analyse aeroengine vibrations, incorporating contact nonlinearities. The model effectively
simulated rubbing faults, which were validated through experimental tests. Hou et al. [27]
investigated a dual rotor aeroengine system supported by five bearings with variable
speed ratios, determining the bending-torsional coupling which affected the response.
Lu et al. [28] proposed another dual-rotor system of an aeroengine with four bearings,
considering faults in one of the masses and reducing the model order to obtain dynamic
responses. The results provided accurate solutions compared to those of the complete
model, enabling the development of an efficient computational tool for designing large
rotor systems with significant masses.

The models described above assess the dynamics of the bearings related to their
own rotation. However, a significant part of the vibratory behaviour of space bearings
is driven by large inertial excitations during rocket launch, while they are not rotating.
These excitations can be classified into an equivalent set of loads for their analysis and
testing [29]: static acceleration load, sine load, random load and shock load. The common
approach in the industry to analyse the bearing vibrations is to assume a linear stiffness
for the bearing within the FEM and compute structural responses to the excitations by
modal superposition. An alternative simplified method is using the Miles” equation [30],
which determines the response grms of the system under random vibrations. However,
neither approaches can capture the system’s nonlinear effects to estimate the maximum
load appearing in the response, therefore, the simplification of 3054 approach [31] is used
to determine random loads. While FEM and Miles” method provide a fast estimation about
resonances and accelerations, they cannot capture the changes on bearings damping and
natural frequencies under varying load levels which have been appreciated in tests.

Experimental studies have also been conducted to assess the vibrational behaviour of
ball bearings and validate theoretical models. In this context, Sochting et al. [32] performed
harmonic axial vibration tests to measure the gapping between the rings of a ball bearing
by means of two laser triangulation transducers. Additionally, friction measurements were
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carried out to evaluate the impact of vibrations on friction torque. The gapping results
were compared to a linear axial model that integrated the stiffness obtained with Code for
Analysis of Bearings in Rocket Engines Turbopumps (CABARET) [33], showing similar
results for low load levels. However, for higher load levels, the predicted gappings were
higher than the gappings obtained through the experiments. Munro et al. [34] performed a
series of axial vibration tests to different configurations of back-to-back duplex space ball
bearings. The bearings were tested in different setups: soft preloaded without snubber, soft
preloaded with various snubbers and hard preloaded. The results indicated that increasing
load levels led to corresponding changes in natural frequencies and response amplitudes.

Continuing with the study, Hinque and Seiler [35] developed perhaps the most com-
plete work about axial vibrations of space bearings. He concluded that, for hard preloaded
systems the gapping effect was almost linear, and that for soft preloaded systems it was
necessary to simulate spring and snubber interactions to assess the nature of that gapping
effect. Another key finding was that applying the rule of 3044 to assess the maximum
load in a random vibration may not be a reliable approach, as some instantaneous loads
observed in tests significantly exceeded the limits stated by the rule. To further inves-
tigate these effects, Hinque developed a single degree-of-freedom (DOF) dynamic axial
model of the bearing, using load level test results to correlate model parameters. While the
model obtained good correlation for resonant frequencies at low load levels, it exhibited
limited sensitivity to frequency variations, and the damping was represented with a global
damping matrix rather than being modeled at the ball-raceway contact, where most of
the damping actually occurs. Additionally, the model only accounted for the axial DOF,
overlooking the radial behaviour, which is a critical factor in the overall performance of
space bearings.

In this work, unlike previous models used for space applications, which rely on
simplified representations such as linear stiffness assumptions or single-DOF dynamics,
the proposed approach incorporates multiple-DOEF, enabling the simulation of axial, radial
and tilting combined responses, as well as non-centred masses and combined excitations.
This multidirectional capability is essential to reproduce the complex dynamic behaviour
experienced during satellite launches. The model includes contact-level damping at the
ball-raceway interface using the Hunt and Crossley formulation, allowing a more accurate
representation of energy dissipation compared to models that apply a global damping
coefficient. Additionally, the use of quaternions to represent rigid body rotations eliminates
the need for trigonometric functions, improving numerical stability and computational
efficiency. These features collectively enhance the model’s ability to capture key nonlinear
phenomena observed in experimental tests, such as shifts in natural frequencies, changes
in transmissibility, stress and gapping effects under vibration.

In contrast to linear models, which provide constant natural frequencies and transmis-
sibility values regardless of the load level or excitation type, the proposed model captures
variations in both quantities as a function of the applied load. This difference arises be-
cause linear models rely on simplified amplification formulas directly related with a global
damping, whereas the proposed model is based on an explicit formulation with damping
directly applied at the ball-raceway contact. This representation allows to reproduce the
nonlinear behaviour observed in tests in the simulations, capturing the cross-coupling
effects. Moreover, compared to explicit models that incorporate damping as a general term
based on the relative velocity between rings, the proposed approach integrates damping
at the actual physical source of energy dissipation. By computing the local penetration
velocities at the ball-raceway contacts, the model provides a more accurate and detailed
representation of damping behaviour. The difference with general damping models in-
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creases when rotational dynamics are considered, where each ball dissipates a different
amount of energy, an effect reproduced by the proposed model.

As a benchmark, this study takes the hard preloaded duplex bearing described in [35]
which was tested in [34]. First, the static model of a duplex bearing is introduced revealing
the geometrical nonlinearities of the system. Next, the ball-raceway contact damping model
is presented, followed by the quaternion-based formulation used to describe the dummy
mass dynamics. Afterwards, time dependent loads are applied to the model, revealing
the changes on resonant frequencies and amplitudes showing strong correlation with the
available axial vibration data [34]. The analysis is further extended to radial simulations,
demonstrating that the model successfully captures the cross-coupling modes, whose
influence is underlaying the results of those published axial tests. Finally, the conclusions
of the developed model and performed simulations are presented.

2. Static Ball Bearing Model

This section presents the model for the static assessment of two-point contact ball
bearings and its application in developing a double-row bearing model analyzing the
stiffness under a specified preload.

2.1. Single-Row Ball Bearing

The duplex ball bearing model is based on the static single-row model developed by
Harris and Kotzalas in [8,9]. In this model, the rings are considered rigid, as their stiffness
is several orders of magnitude higher than the ball-raceway contact stiffness. Moreover,
when the rings are mounted within housings and shafts using fits, their effective stiffness
increases even further, reinforcing the validity of the rigid ring assumption. As a result,
elastic deformation concentrates at the contact level, and ring flexibility can be neglected
without compromising accuracy. This developed model by Harris and Kotzalas [8,9] is
established upon one main fact: if the positions of the inner and outer ring are known,
then, the ball-raceway static contact forces can be determined, and hence, the static force-
deformation behaviour is characterized. In dynamic models, this static force-deformation
behaviour is usually adopted also for time dependent simulations, yielding accurate results.
The model consists of Z balls positioned at defined angles . The adopted reference frame
is defined such that the X-axis aligns with the bearing axis, the Y-axis is vertical, and the
Z-axis is oriented according to the right-hand rule established by the previous axes. For
specific displacements of the inner ring {x, {y, {; and rotations ¢, ¢, relative to the outer
ring (in the free displaced position), the position of the center of curvature of the inner
raceway is calculated for the location of each ball, written as:

Saxial = A-sin(a®) + ¢, + Ri-¢y-sin(y) — Ri-¢,-cos(y) and 1)

Sradial = A-cos(a’) + T, -cos(§) + Cz-sin(ip). ()

Then, the distance between the centers of curvature of the inner and outer raceways is
calculated along with the working contact angle « and ball penetration:

_ 2 2
5= V Saxial + Sadial’ (3)

« = arcsin (Sa’;—ml) and 4)
Opar1 = s — A. ()

This last Equation (5) determines the total penetrations at the inner and outer contacts.
A positive value indicates penetration, while a negative value denotes gapping.
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With the working contact angle &, the curvatures p involved in inner and outer contacts
are calculated. These curvatures are then used to compute the curvature sum Xp and the
curvature difference F(p) for inner and outer contacts, following the methodology described
in [8]. Based on F(p), the dimensionless parameters a*, b*, §* for inner and outer contacts
are obtained by interpolating the values from a previously constructed lookup table as
outlined in [8]. Using these values, the stiffness of outer and inner contacts is calculated
through the equations:

2
3 5
* 3'Qi/o 170% 170%[ ’ Epi/o 22 3 3
51/0 51/0 [Z'Zpi/o E; + Ef 5 — Qz/o 3 E/'Zp% 5*% * i/0 Qz/o i/o'0f;, an ( )
2%22
ki/o = ()

3
)
i/o

The center of the ball is placed between the centers of curvature of the two rings, with

1
3% E sz‘z/o *0

the loads Q; and Q, being equal. Therefore, the total stiffness ky,;;, which accounts for outer
and inner contacts, is determined using the equation:

1
kpa = | —————— | and (8)

() +(2)’

the load Q for each ball as a function of the total penetration dy,; is calculated with:

3
Q=Qi=0Q = kball'(sbzalp )

Finally, given the load Q in each ball j, the contact angle «, the ball angular posi-
tion 1 and the pitch diameter d,;, the forces and moments acting on the outer ring are
calculated with:

Fx=Y) ", Qsin(a;), (10)

Fy =), Qjcos(a;)-cos (), (11)

Fz = Z}; Qj-cos(a;)-sin(y;), (12)

Ty = %”[j:l Q;-sin(a;)-sin(4;) and (13)
Tz = —%’"-2;1 Qj-sin (aj)-cos(y;), (14)

noting that the inner ring forces are opposite.

With this model, the rings are considered as rigid bodies, while all deformation occurs
at the ball-raceway contact interface. Each ball is represented by a nonlinear traction spring
that simulates Hertzian contact and gapping, with the ends of these springs connected to
the centers of curvature of each raceway. These curvature centers are rigidly connected
with their respective rings. When the relative position and rotations between the rings
are known, the contact forces of the bearing can be calculated. This approach has been
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extensively used, as discussed in Section 1, and it has even been implemented in finite
element models as described, among others, in [36].

2.2. Duplex Bearing

Figure 1 illustrates the preloaded configuration of the back-to-back duplex bearing
system, including inner and outer spacers. The black geometry corresponds to the initial
state, in which the hard preload has already been imposed. The red overlay represents a
displacement applied to the inner ring simulating an applied load to this ring while the
outer ring remains fixed.

Spacers

\

X X,

Lefi Bearing Right
row Center row

Figure 1. Duplex bearing model in back-to-back configuration.

To model this configuration, six nodes are defined in the system. Three nodes are
attached to the fixed outer ring (with the o subindex): one is located at the center of the
duplex (C subindex), and the other two are placed symmetrically at a distance of W/2
from the center, left and right nodes with L and R subindexes, as defined in the following
equation in the center reference system of the bearing (SF):

Xco 0 XLo — % XRo %
Yeo 0 YLo 0 YR, 0
Zco =<¢0/,, 12 2z, = 0 and ZRo =<0 (15)
Pyeco 0 PyLo 0 PyRo 0
Pzco ) g 0 PzLo/ sF 0 PzRo/ sF 0

The remaining three nodes are attached to the inner ring, with i subindex, one at the
center and the other two at the center of each bearing row. In addition, three fixed reference
frames are introduced: one located at the center of the duplex (denoted SF) and two at the
center of each row (SL and SR), as shown in Figure 1.

Based on the inner ring center displacements x;, Y, z¢; and rotations @yc;, ¢z, the
final position and rotations of the left (L) and right (R) inner ring node rows are obtained in
the reference system located at the center of the duplex (SF) through the following relation:
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Xej x Xr; X — % + gpreload XR; X+ % - Cpreload

Yei y YL; Yy + <_¥ + éprfioud) 'Sin((PZ) YR; Yy + (% - gpreloud) 'Si”((Pz)

Zci =93 % (s ZLi =3\z— <_¥ + éprcload) 'Si”((Py) and § zg; A (% - gﬁ“’lﬂﬂd> 'Si”(‘Py) ’ (16)
Py Py PyLi Py Pyri Py

Pzci SF Pz Pz SF @z PzR; SF ¢z

Then, to compute the relative displacements and rotations of each row in each respec-
tive reference system the following equation is used:

Oxr XLi XLo CxRr —XR; —XRo

- YL YL, Cyr YR; YR,

a1 = q ZL; =9 ZLo » 9 Gzr =19 —ZRi - —ZRo , (17)
Py Py Py, Pyr Pyr; Pyro

Pz1) g1 PzLi) sp Pzr0) 5p \Pzr) g ~9zRi/ sp ~P2r0/ sE

which values are introduced to the single-row bearing model defined in Section 2.1 to
obtain the reaction forces:

FXL FXR
PyL FyR
Fzp o = fone row model (CXL/ gyL/ ger (PyLr ¢ZL>SL; Fzg » = fone row model (ng/ Cer ng/ (Pny (PZR)SR' (18)
TyL TyR
TZL TZR

With this model, as appreciated in previous Equation (18), the reactions on each row are
calculated. After, those reactions, which are in each row respective reference systems are
computed into the duplex center with the formula:

Fxp Fx; — Fxg
F]/D F]/L + F]/R
FZD = FZL - FZR ’ (19)
Typ Tyr + Tyr — Fzp-(xp; — Xei) + Fxp-(z1; — Zei) + Fzr-(XR; — Xei) — Fxr-(2Ri — Zci)
Tzp Tzp — Tzr + Fyr-(x1i — Xei) — Fxp-(Yr; — Ye;) + Fyr-(¥R; — %ei) + FXr-(YR; = Ye;)
SF

obtaining the forces acting the output ring of the duplex.

The preload is a key factor in the model, as it directly influences the stiffness, stresses
and response of the system to dynamic excitations. To account for this effect, an initial
positive displacement {004 is applied to the inner rings of each row within their respec-
tive reference systems, as noted in Equation (16). As the duplex configuration depicted
in Figure 1 follows back-to-back arrangement, the preload involves an initial positive
displacement for the inner ring left node and a negative displacement for the inner ring
right node in the SF reference frame.

For the duplex bearing described later in Section 5, Figure 2 presents the stiffness for
axial, radial and bending loads. These graphs highlight the nonlinear characteristics of
the bearing, which significantly affect the dynamic response of the system. Two types of
stiffnesses are defined in the graphs. The finite stiffness is determined as the derivative
of the force with respect to the displacement, capturing local variations in stiffness. The
linearized stiffness is calculated as the load divided by the corresponding displacement,
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which presents a smaller variation and is the conventional parameter used in finite element
(FE) models to represent bearing behaviour.

180 250
150 ST 200 -——-
§120 ,,"—— §150 —-—-_‘\\\‘_—_"’——’/—’
S _- SO S\ _T==
90 <
%., 0 b %; 100
+F it St &
= = =Finite ‘Sfy‘j'nes's 50 - - - Finite Stiffness
30 Linearized Stiffness Linearized Stiffness
0 0
0 1000 2000 3000 4000 0 1000 2000 3000 4000
F\' (]V) F" (ZV)
(a) (b)
35
30 =< === ---"
=~ I
"g 25 AP
;; 20
% 15
]10 - = =Finite Stiffness
=< 5 Linearized Stiffness
0
0 10 20 30 40

T. (Nm)
(©)

Figure 2. Preloaded duplex bearing stiffness: (a) Axial, (b) Radial and (c) Bending.

3. Dynamic Ball Bearing Model

In this section, the static models in Section 2 are extended to obtain the correspond-
ing dynamic models. For this purpose, velocities and damping effects are included in
the arrangement. The single-row and duplex models are adapted for dynamic analysis
substituting Equation (9) with Equation (23).

In the models used in [16,18-26,35] the damping is included as a damping matrix
for the whole bearing, relating the velocities of the inner and outer ring center nodes.
This damping matrix is then incorporated into the equations of motion. However, there
is an alternative approach with more physical representation than treating the damping
as a “black box”, which is considering the damping in the ball-raceway contact. This
perspective is supported by the work of Dietl et al. [37], who performed different tests
estimating the loss factor and concluded that damping was originated primarily from
the ball-raceway contact interactions. Following this approach, studies such as [10-14,17]
define the damping at each ball-raceway contact, offering a more accurate approach to
model the damping behaviour in bearings. These contact damping models consider the
effects of the lubricants and angular velocity of the bearing. Nevertheless, in this work the
effect of EHL is not relevant, as the bearing is not rotating when it is suffering the vibration
and the damping factor is adopted to account for all possible damping contributors.

Flores and Lankarani [38] and Corral et al. [39] reviewed the models for contact damp-
ing phenomena in multibody systems that may be closer for the conditions of simulation
proposed in this work. Among those models, the one developed by Hunt and Crossley
in [40] is selected. This Hertz-damp model is represented as:

3 3 3 .
_ 2 2
Qcontact = kcontact'5cgntact + E'7'kcontuct'5wntuct'5conmct and (20)
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considers the effect of the contact load and the velocity of penetration for one contact. The
first term of the equation is the Hertzian contact force, while the second term represents the
damping force. The parameter 7 is the damping parameter of the model and SCOntact is the
penetration velocity.

However, in the bearing model each ball represents an inner and an outer contact.
Therefore, the expression defined by Hunt-Crossley needs to be extended for the model of
this work to consider both contacts in a single equation. The formulation for this adaption
is presented in the following equations:

3 3 3 . 3 3 .
Qpant = QHertz + QDampi + QDampo = kba11'5§a” + E")/'ki'éi2 0i + E"Y'ko'&oz 0o, (21)

3 3 3 . . .
QHertz = kball"sbzall = ki'5i2 = ko065 with 0y = 8; + 0o, and (22)

3 3 3.
Qvpatt = kpat1* 0y, + E'V'kball"sga”'éball- (23)

With this formulation, the single-row dynamic bearing model remains identical to the
static model described in Section 2.1, except that Equation (9) is replaced by Equation (23).
To complete the single-row dynamic model, the penetration velocity of the ball Sparr MUS
be determined. Assuming the outer ring fixed, and given the inner ring velocities C X, Cy, § ~
and angular velocities <p'y , ¢, the penetration velocity of the ball Spanr is determined using
the equations:

Savial = Cx + Ri-ysin() — Ri-,-cos(yp), (24)
Sradial = y-cos() + Gosin(y), (25)
s= Sl + Sradials (26)

s = arctan2(Syagials Saxial) and (27)

Spat] = $-C0S (acs — (g — oc)). (28)

It is important to note that the velocity of the inner ring center of curvature needs to be
projected onto the line connecting inner and outer centers of curvature, which is done
in Equation (28).

The dynamic model of the single-row bearing is then extended to the duplex bearing
following the methodology described in Section 2.2. Given the defined duplex center
inner ring velocities x, y, z and angular velocities gby, 452, the velocities of the left and
right row inner nodes are determined. Then, these nodal velocities are translated to the
reference frames of their corresponding row and they are introduced in the single-row
model for force calculation. After, the forces of each row, including elastic and damping
forces, are translated to the center of the duplex. Therefore, introducing to this complete
model the inner ring displacements and velocities relative to the outer ring, the forces and
moments at both rings are obtained. Moreover, these reactions already contain the static
and damping forces of the bearing. Hence, the duplex model can be easily included in
multibody dynamic simulations.
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4. Duplex Test Vibration Model with Dummy Mass

Space mechanisms experience significant vibrations during satellite launches, primar-
ily induced by the rocket boosters. For analysis and testing purposes, launch loads are
usually divided into four different components [29]: static acceleration load, sine load,
random load and shock loads. Dynamic testing of the satellites and their components is
a crucial step in the development and qualification of space mechanisms. The rotating
interfaces of these mechanisms, including actuators, robotic arms, gimbals and reaction
wheels among others, are composed of duplex preloaded bearings that must withstand
launch conditions to ensure the proper performance of the satellites. Consequently, the
development of dynamic duplex models capable of simulating launch loads, which accu-
rately reflect changes in natural frequencies and damping characteristics across varying
load levels, represent an advancement for the space industry.

Testing of these mechanisms is performed by attaching a dummy mass, which pos-
sesses inertial properties equivalent to those of satellite components, to the output duplex
bearing, as illustrated in Figure 3. Accelerometers are placed on both the shaker (control)
and the dummy mass (response). The dynamic model comprises two distinct rigid bodies
and three nodes, being the bearing the flexible element. The first rigid body represents
the outer ring, which is fixed to the shaker and includes a single node at its center. The
second body corresponds to the dummy mass, which is connected to the inner ring, and
features one node at the center of the ring and another at the center of gravity G of the body.
Consequently, the position and rotation of the dummy mass + inner ring over time can
be simulated. Therefore, this section presents a dynamic explicit multibody model for the
simulation of these hard preloaded duplex space bearings.

— 7 |
Md Shaker Shaker

Figure 3. Duplex bearing vibration test model.

4.1. Explicit Iterative Process

In multibody dynamic analysis, a rotation system is required to accurately describe
the orientation of the components such as the dummy mass dynamics. While different rep-
resentations exist, quaternions offer a compact solution avoiding issues such as gimbal lock
and numerical drift. Therefore, they are widely used in aerospace [41,42] and robotics [43]
among others, for attitude control and smooth orientation tracking. In the field of dynamic
analysis, quaternions are also explored together with the Hamiltonian formulation [44,45]
to improve the multibody integration methods and are extended to rigid body dynamics
in [46—48] analyzing the performance of the improved methods, as in the spinning of a top.
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Considering the advantages provided by the quaternion {4}, this orientation system
is selected to represent body rotations [49,50], as defined in the equation:

qo0
_}nt 29
{a} 0 (29)
q3

This choice is motivated by the simplicity of the expressions used to determine the quater-
nion accelerations {4} when the forces and moments are applied at the center of gravity of a
rigid body (see Section 4.3). Additionally, using quaternions avoids the use of trigonometric
functions, which are which are computationally inefficient. Each quaternion g comprises
four elements gy, 91, 42, 93 and represents the body’s rotation angle ¢ about an axis. This
axis is defined by the components g3, 42, g3, which correspond to projections along the x, y
and z axes respectively. The module of this axis is sin(¢/2) and g9 equals cos(¢/2), ensuring
that the quaternion remains unitary.

Using the shaker position as the input signal, the response of the dummy mass is
determined through a time-step simulation, as depicted in Figure 4. At each time-step, the
position ({ X}, {g}) and velocities ({X }, {4}) of nodes i, 0 and G are known. The relative
position and velocity of the inner ring node i with respect to the outer ring node o are fed
into the duplex dynamic model (Section 3) yielding the reaction forces and moments at the
bearing center, including damping effects. These forces and moments are then translated to
the center of gravity G of the dummy mass + inner ring assembly, enabling the calculation
of accelerations ( { X }, {q}) . By applying an explicit integration method; with the current
center of gravity position, velocities, and accelerations; the position and velocity in the
subsequent time-step are obtained. Considering the rigid connection between the inner
ring and dummy mass, this step also yields the position and velocities of the inner ring
node, facilitating the continuation of the iterative process.

%63, {X5}.{ac}. {d5} ation -
P e, (%) o)

{tx, (%), €01}, tan) 1
Duplex

_ e (F) (T}

(0.3, (%), (a0}, (6} ™%l ¢

Start iteration

Shaker

X6}, {Xc}. {ac} {dc}
t + At

igid body

? {{Xi}r{xi}v {q,-}v{fif}}‘/
(€3, (X} {00}, 603}

t+ At

Shaker

Figure 4. Iteration process.
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4.2. Reactions at Center of Gravity

The displacements, rotations and velocities of the inner ring relative to the outer ring
are introduced into the duplex model. Consequently, the quaternion and its derivative
must be converted into angles and angular velocities for input to the duplex model with:

0
px 2-(q1:93+90°92)
{py = { gy b = et ez ) 3 and (30)
> q2+q2—q2—q2
P2 | aretan Sy
_ 4:”‘ —2030, + 2425 + 2q901 — 24149
{9} =avp= —201q3 + 2034, + 2q09, — 292 - (31)
¢z —2q241 + 219, + 29095 — 2939,

Given the small magnitude of rotations, either Euler angles or the approach detailed
in Equation (30) can be applied, with rotation about the bearing X-axis constrained. This
conversion is achieved by multiplying the rotation matrix, constructed from quaternions,
by unit vectors along the three spatial directions.

The reaction force calculation within the duplex model and the subsequent translation
to the center of gravity is performed with:

Fx;

Fy;
FZZ'

= [Mpg] fouptex ({3} = X0}, A0} = {0} {Xi} = {Xo} {0} = {90}) = Mprl{ 700 3D

Ty;
Tz i

where My is the matrix that relates the forces and torques of the center of gravity with
those in the inner ring.

4.3. Acceleration

This section outlines the procedure for obtaining accelerations for a rigid body (dummy
mass + inner ring) with mass m and with a diagonal inertia matrix [I¢]g), defined at a
moving reference frame SM attached to the body’s center of gravity. The forces F and
moments T are applied at this center of gravity, as illustrated in Figure 5.

Ysr

SF Xsr

ZsF

Figure 5. Rigid body reference systems and forces.
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{é}SF = q~1

The center of gravity accelerations {X G }SF depend on the mass m and the forces Fxg,

Fyg and Fy¢ (in SF) applied at the center of gravity:

) XG %FXG
_J5 _J1
{XG}SF = Yo N '{‘ch ' 33)
Ze) e \nfze) s

The orientation of the rigid body SM is represented using quaternions [50], with their
derivatives providing the angular velocity and acceleration. The second derivatives of
these quaternions are calculated via:

—{q}"{a}

= N R e R ((Tebr — {8, % (Rl Ra)T{},.)

(34)

For this calculation, the torques applied at the center of gravity {T¢ } ¢f, the quaternion {g}
and its velocities {4}, the inertia matrix [Ig]s,, (defined in the principal axes of inertia) and
the matrix [Q] used for quaternion-based transformations are needed. These values can be
defined as follows:

TXG
{Tc}tsp = Tyg ¢+ (35)
TZG
Ix 0 0
lglsy= 10 LI 0], (36)
0 0 Iy

Uelsi=] 0 1/ 0 |, 37)

@B+a—ai—a5 2(qmg2—qo93)  2(q193 +qoq2)
R({aD)] = | 2(q192+4q093) d5—ai+a3—a3 2(q293—qoq1) | and  (38)
20193 — qoq2)  2(q293 + o) 95— 493 — 43 + 45

+90 +q1 +q2 +43

—q1 +q0 —q3 +42
Q| = . (39)
S —q2 +q3 +490 —qQ1

—q3 —q2 +q1 +qo

Additionally, for result interpretation, it is useful to convert quaternion accelerations
into angular accelerations, written as:

) 4>x —2‘13‘:1:2 + 2427:3 + 25]0:5?1 - 2‘11‘:1:0
{4>} =P (= T2Nds T 24391 + 2402 — 2q24 (40)
Pz —2q20q; + 2019, + 2q095 — 2934

which shares similarities with the angular velocity in Equation (31).
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4.4. Time Integration

Given the position ({X},{q}), velocities ({X}, {q}) and accelerations ({X}, {a})
of the rigid body (dummy mass and inner ring) at a specified time ¢ and the preceding
one t — At, the position and velocities at the next time t 4 At are determined using a
second-order difference integrator, as defined in equations:

{{X(HN)}} _ 2.{{X(f)}} _ {{X(f_ At)}} n {{X(t)}}.mz and  (41)

{qlt + )} ) [~ Vat—a03 [ Lam)

| {{x&m)}} - {{xm}}

{{X(t—kAt)}} _ Uat+an) la®y ) w)
{at+an)} Af

A critical aspect to incorporate in the code is the normalization of the quaternion {7}

at each iteration to prevent cumulative numerical errors. Additionally, a second-order
central difference integrator is tested yielding equivalent results:

{{X(t+At)}} _ {{X(t)}}+M{{X(t)}}+ Atz,{{k(f)}} ad  43)

{q(t + A1)} {q(t)} Gt 2 o)

ez (eli)

In the absence of damping in the system, the first integrator has demonstrated greater
effectiveness within the complete duplex model with dummy mass, as it accumulates less
energy for a step-type input in a simulation without damping. Consequently, the first
integrator is selected for time integration.

5. Results

This section presents the results of simulations for the space duplex bearing tested
in [34], simulated in [35], and described in [51]. Previous simulations and tests were
limited to axial loading conditions. This study aims to correlate with those axial tests
while addressing the need to incorporate nonlinearities and cross-coupling of radial and
angular vibration modes relevant to space applications. A comprehensive parametric
model is proposed for bearing vibrations with multidirectional actions, including combined
axial, radial, and angular inputs. The simulations are performed using QUANTEX V1.1
(Quaternion-based Nonlinear Transmission EXplicit solver), the tool developed in this work
for explicit time-domain integration of the nonlinear dynamic equations. This solver is not
limited to bearings but is also applicable to more complex transmission assemblies, such as
gearboxes. Furthermore, it is worth highlighting that this model captures cross-coupling
vibration modes, which are incompletely represented in linear FEM simulations and purely
axial models.

5.1. Bearing Model Parameters

The simulated bearing is a duplex ball bearing in back-to-back configuration. The
complete simulation data of the bearing is provided in Table 1, completed from [35,51].
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Table 1. Duplex bearing model parameters.

Parameter Value
Pitch diameter (d,,) 20 mm
Ball diameter (D) 5.556 mm
Inner raceway conformity (f;) 0.52
Outer raceway conformity (f,) 0.53
Bearing nominal contact angle («,) 25°
Number of balls per row (Z) 9
Number of rows 2
Distance between rows (W) 17 mm
Preload 300 N (hard)
Elastic modulus (ball & raceway) 2.069 x 10 Pa
Poisson coefficient (ball & raceway) 0.3

As noted in [35] the chosen preload and contact angle for proper correlation with the
design value have been increased. This adjustment is attributed to the tolerances inherent
in the preloading mechanism and the bearing itself. In the preloaded condition, the contact
stress on the outer ring is 1403 MPa, while the inner ring experiences a contact stress of
1212 MPa, with the preload defined as 10.72 um, according to Equation (16). However, after
launch vibrations, when the satellite is already in orbit, temperature differences in hard
preloaded bearings between inner and outer rings due to orbit conditions can led to big
preload variations, causing even a total preload loss. Therefore, these variations must be
addressed through thermal analysis [52].

In addition, it is important to account for ball diameter and raceway geometry errors,
which can influence the effective preload and dynamic responses. These imperfections
can be introduced in the model by adding the deviations to ball penetration values, either
according to their angular positions to simulate waviness, or based on a statistical distribu-
tion to simulate random manufacturing errors. A sensitivity analysis can also be performed
by slightly varying the size of all balls (in the order of microns), which is particularly useful
for studying how preload can be tuned by intentionally selecting slightly oversized or
undersized balls during bearing assembly.

The dummy mass is modeled as a solid disk with a mass m and moments of inertia
Ix, Iy, Iz, located at its center of gravity. This mass is positioned at a distance H from the
mechanism’s output interface, specifically at the center of the duplex. The parameters of
the mass considered for the simulation are detailed in Table 2. The mass value of 1.25 kg is
sourced from references [34,35] while the moments of inertia have been estimated based on
the available dynamic data.

Table 2. Dummy mass parameters.

Parameter Value
Mass (m) 1.25 kg
Inertia in rotation axis (Ix) 0.8 x 1073 kg-m2
Inertias in radial axes (ly, Iz) 0.6 x 1073 kg-m?
Distance of G to the duplex center (H) 17 mm

5.2. Step Load Response

To simulate the response under a step load, an initial force-equivalent displacement is
applied to the shaker {X,} at t = 0 and maintained throughout the simulation. As a result,
at this initial moment, the bearing experiences a force, the magnitude of which serves
as a reference for comparative analysis. In the response depicted in Figure 6, the mass
is positioned at the duplex bearing center (H = 0), and no damping is considered (y = 0).
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Three distinct values of step loads are applied to simulate the resulting vibrations. The
system’s response is then analysed, and the corresponding vibration frequency for each
load is calculated and summarized in Table 3.
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Figure 6. Responses for step loads. (a) Axial step load. (b) Radial step load. (c) Bending step load.

Table 3. Frequency variation for different step load levels with centred mass.

. . Bending
Axial Load, N Frequency, Hz Radial Load, N Frequency, Hz Moment, Nm Frequency, Hz
100 1358 100 1851 5 1146
1000 1344 1000 1811 20 1096
4000 1436 4000 1758 40 1091

When comparing the vibration frequencies of Table 3 with theoretical predictions, the
cases involving low loads (100 N for axial and radial loads, and 5 Nm for bending) align
with those derived from a linear FE model constructed using the initial stiffness values
presented in Figure 2, as well as the data provided by RBSDyn [53], the numerical ball
bearing tool developed by CNES (Centre National d’Etudes Spatiales). However, as the
loads increase, the nonlinearities in bearing stiffness causes modifications in the frequency
values, as illustrated in Table 3. The effects of softening and stiffening become evident at
different load levels, which correlate with the observations made in Figure 2.

The effect of the damping coefficient v from Equation (23) is analysed with the mass
centred at the bearing for axial and radial vibrations, as depicted in Figure 7. Three different
values are adopted for these load cases: 0.0002 s/mm, 0.0005 s/mm, and 0.001 s/mm. This
damping is implemented at each ball contact. For an axial vibration, all the balls of each
row are dissipating the same amount of energy. Conversely, during radial, angular, or
combined vibrations, the balls dissipate different amounts of energy due to differences in
contact loads and contact penetration velocities. According to [40], values of 7y ranging from
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x (m)

0.00008 to 0.00032 s/mm are considered reasonable to represent a point contact between
steels. Furthermore, the application of higher values, as the adopted 0.0006 s/mm for
the correlation in Section 5.3, results in a hysteresis loop that maintains an acceptable
shape. This effectively represents an equivalent damping by accounting for additional
sources beyond material contact deformation, such as friction between ball and raceways,

the damping of the clamping structure, cage vibrations, and the lubrication effects in the
contact interface.
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Figure 7. Influence of damping v in responses with step load inputs. (a) 1000 N axial step load.
(b) 1000 N radial step load.

By varying the axial distance of the mass H from 0 mm to 17 mm, the radial and
angular dynamics undergo significant changes. This distance is selected based on the
content in [49]. When the mass is displaced, a lower frequency of 854 Hz is observed, as
estimated through modal analysis using FEM and RBSDyn. This frequency corresponds to
a combined axial, radial, and angular vibration mode. Figure 8 shows the time response
under these conditions for a radial step load of 1000 N, yielding a frequency of 847 Hz,
consistent with the linear values obtained from FEM and RBSDyn. Moreover, an axial
response is detected, which is a non-detectable phenomenon through linear models. The
damping value of 0.0006 s/mm is employed, as this value aligns with the results from the
axial tests referenced in [34,35], see Section 5.3.
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Figure 8. Acceleration responses to 1000 N radial step load. (a) Axial and Radial accelerations.
(b) Angular Acceleration.

5.3. Axial Sine Load Response and Validation

The sine load simulation is performed by defining the input signal in terms of the
acceleration level {gs;. }, measured in g-s (g = 9.81 m/s?) and the frequency in Hz. The
response of the system is significantly influenced by these two variables, affecting both the
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resonant frequency and the maximum transmissibility. The acceleration data is converted
into shaker displacement through:

_ A8uine} 981 o freq.
{Xo} = (2-7T-freq)2 sin(2-7t-freq-t + phase). (45)

Figure 9 presents the acceleration responses (once stabilized) for several g values
at 600 Hz, with the mass located at 17 mm and damping coefficient y of 0.0006 s/mm.
These simulations exhibit responses that are consistent with those reported in [35], thereby
validating the selection of 0.0006 s/mm as the appropriate damping value for this analysis.
The transmissibility for the stabilized signal remains around 1.25 across the different g
levels at 600 Hz, both in this study and in [35]. Figure 10 displays the values of stress and
penetration resulting from the sine load applied at 58 g and 600 Hz, confirming the survival
of the bearing under these conditions when compared to the limits established in [52].
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Figure 9. Acceleration responses to different levels of sine inputs at 600 Hz.
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Figure 10. Simulation for 58 g at 600 Hz axial sine input. (a) Stresses. (b) Penetrations.

The complete dynamic information is obtained by performing sine sweeps at various
g levels, as in Figure 11. These sine sweeps were tested in [35], providing experimental
data for the case of 6.52 g. For this specific load case, the model matches properly with tests
applying the damping of 0.0006 s/mm, resulting in an acceleration of 170 g at 1340 Hz.
As appreciated in Figure 11, the system’s response is load-dependent, as nonlinearities
and ball-raceway contact-related damping are incorporated into the model. The natural
frequency slightly decreases due to softening at low g loads, from 1365 Hz for 0.1 g to
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1340 Hz for 6.52 g. However, it increases to 1400 Hz due to stiffening effect at the higher
15 g load, which is consistent with the stiffness results of Figure 2.

1000 = 0.1g +1g  3g =6.525 —15¢g
100
88
=0
1
0
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Jreq (Hz)
Figure 11. Response accelerations for axial sine sweeps.

Figure 12 illustrates the transmissibility of different excitation levels for axial sine
sweeps. Compared to the minor frequency shifts, the variations in transmissibility are
significantly more pronounced. The results show good agreement with the experimental
data reported in [34], where higher loads were related with lower transmissibility values.
In the simulation, at low excitation levels, the system reaches a maximum transmissibility
of 42, which progressively decreases to 17 under the 15 g sine load.
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Figure 12. Transmissibility for axial sine sweeps.

The variation of the natural frequency related to the vibratory level of the proposed
model, depicted in Figures 11 and 12, show a slightly better correlation with experiments
than the ones returned by the model developed in [35], where the model appeared to
behave almost linearly, not being able to fully reflect that frequency variation. Besides,
the experimental results revealed a coupling of the radial mode that the single-degree-of-
freedom model in [35] could not reflect. Although this coupling is reflected in simulations
within Sections 5.2, 5.4 and 5.5 regarding radial excitation, the axial simulation of a slightly
non-centred dummy mass (1 mm eccentricity) can reflect this cross-coupling. This sim-
ulation results depicted in Figure 13 successfully illustrate the coupling observed in the
experiments, which the model in [35] fails to predict due to the lack of radial and tilting
degrees of freedom.
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Figure 13. Axial and radial responses to 6.52 g sine sweep with 1 mm of eccentricity of dummy mass.

To assess the bearing integrity during testing, the stresses and penetrations of the
balls are depicted in Figure 14, with no dummy mass eccentricity. This figure provides
critical insights for identifying the frequencies at which stresses or gapping (negative
values of penetration) become significant, enabling evaluation before conducting dynamic
tests. A stress level of 3000 MPa is observed during the 15 g sine sweep, while gapping
begins to appear at 3 g and escalates to 8.5 um during the 15 g sine sweep. These values
remain within the acceptable limits established in [52]. With this, the developed duplex
dynamic model can predict the evolution of frequencies and the maximum values of the
transmissibility, as well as ball contact stress and penetration. This capability is crucial for
evaluating the survival of bearings during satellite testing and launch, which cannot be
achieved using linear FE models. In contrast, a linear model with a critical damping of
2% results in a constant maximum value of the transmissibility of 25, regardless of the load.
Additionally, the natural frequency remains unchanged since the stiffness is maintained as
a constant parameter.
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Figure 14. Bearing integrity values for axial sine sweep inputs. (a) Stresses. (b) Penetrations.

5.4. Radial Sine Load Response

The duplex dynamic model is capable to simulate not only axial loads, where the
balls in each row bear the same load, but also radial loads, where each ball withstands
different loads and dissipates varying amounts of energy. When the mass is displaced
from the center of the duplex, the radial dynamics are affected, influencing not only the
radial degree of freedom of the dummy mass but also its rotational and axial ones. In this
scenario, the variation in angular stiffness is more pronounced. The developed multibody
dynamic model addresses the need for such simulations by accurately capturing changes
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in frequencies and amplitudes, allowing for a comprehensive understanding of the system
dynamics during the evaluation of the bearing.

Different sine sweeps are conducted in the radial direction, and the results are pre-
sented in Figure 15, reaffirming the effects of softening and illustrating the variations in
transmissibility. Furthermore, as observed in Figure 2, the nonlinearities in the radial case
are more pronounced compared to the axial scenario, and these effects are further amplified
by displacing the mass from the bearing center to H = 17 mm. A linear FEM predicts the
first natural frequency at 854 Hz, which corresponds to low level sine sweeps. However, as
the g load increases, the transmissibility begins to change, reflecting the nonlinearities and
justifying the method developed in this work. For a load of 0.1 g, a natural frequency of
865 Hz is identified, while for the higher load of 10 g, the frequency decreases to 790 Hz.
In fact, nonlinear effects start to manifest at a load of 3 g, with significant nonlinearities
observed at the 6.52 g load case.
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Figure 15. Radial responses to radial sine sweep inputs.

The transmissibility, depicted in Figure 16, highlights the variation in response ampli-
tude along with the softening effect. For radial vibrations, the maximum transmissibility
value starts at 30 and decreases to 12 for the 10 g sine sweep. Consequently, the developed
model also captures the variations in amplification for both radial and angular dynamics,
in contrast to a model with a general damping assumption.
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Figure 16. Radial transmissibility for radial sine sweep inputs.
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Figure 17 illustrates the maximum stresses and minimum penetrations among all the
balls for a radial sine sweep input analysis. The maximum values of stress and gapping
(minimum penetration) are placed at a frequency of 790 Hz for the 10 g load case, with the
respective values of 3230 MPa and 17 pm. This gapping is relatively a high a can present a
potential risk according to [52], while the obtained stress remains below the limit.
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Figure 17. Bearing integrity values for radial sine sweep inputs. (a) Stresses. (b) Penetrations.

An interesting effect is observed in the radial sine sweep response of Figure 16 at
1150 Hz, which helps to interpretate the results in Figure 17. This frequency appears to act
as a threshold that separates the dominance of two different vibration modes. Specifically,
for excitation frequencies above 1150 Hz, the left row of the duplex bearing exhibits the
highest stress and gapping values, whereas below 1150 Hz, these maximums are observed
in the right row. This behaviour suggests a change in the dominant vibration mode of the
system at 1150 Hz, where a minimum transmissibility value is identified in Figure 16. For
frequencies below this threshold, the system appears to behave more similarly to the lower
natural vibration mode (around 850 Hz), whereas for higher frequencies, the response is
closer to that of the next higher natural mode.

Another phenomenon that is undetectable with a single DOF model is the axial
response that arises during radial vibrations, illustrated in Figure 18. This cross-excitation
occurs due to the nonlinearities present in the duplex bearings. The results indicate that the
axial response is negligible when the radial acceleration is low and increases as the radial
acceleration rises, particularly near the natural frequency.
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Figure 18. Axial response accelerations for radial sine sweeps.
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5.5. Random Load Simulation

The model proposed in this work is also capable of simulating random vibrations,
which characterize the noisy vibratory environment experienced during space rocket
launches. In contrast, a linear model employs modal superposition to derive the trans-
missibility curve. This linear model squares this curve before multiplying it by the input
power spectral density (PSD) to obtain the response PSD. However, the proposed model of
this work initially processes the input PSD to generate a temporal signal. Subsequently, it
performs the simulation using this temporal input signal obtaining the time response of the
system. Finally, the model processes the response accelerations to derive the response PSD.

While linear models derive the transmissibility curve via modal analysis within a
few minutes and compute PSD responses almost instantly, the proposed model requires
explicit time-domain integration of the full nonlinear system. As an example, each sine
sweep and PSD simulation presented in Sections 5.4 and 5.5 takes approximately ten hours
of solution time on a laptop equipped with an Intel® Core™ i7-10850H CPU @ 2.70 GHz
and 16 GB of RAM. Despite the higher computational cost, the proposed method provides
load-dependent transmissibility curves that reflect the actual contact dynamics, showing
frequency shifts and transmissibility variations. In contrast, linear models produce a
fixed transmissibility curve, defined solely by the general damping parameters, which
remains unchanged regardless of load conditions. As a result, they fail to capture amplitude
variations and frequency shifts induced by changes in load.

The proposed approach for analyzing the response PSD enables a detailed assessment
of how energy is distributed across the frequency spectrum, allowing the detection of
natural frequencies and response amplifications. The square root of the area under a PSD
curve defines the root mean square (rms) value of the time signal. Unfortunately, no
information regarding the input PSD profiles was provided in [34,35]. However, various
constant input PSDs were established for simulations with the proposed model, spanning
from 20 Hz to 2000 Hz at different rms levels showing close vibrational characteristics
between model and tests.

Figure 19 presents the PSD responses and transmissibility of the system under axial
inputs. As discussed in previous Sections 5.2-5.4, the system remains predominantly linear
at low loads, with the natural frequency aligning with theoretical predictions. However,
as the rms load increases, shifts in the natural frequency are observed, accompanied by a
decrease in the maximum transmissibility value. Table 4 summarizes the results for the
axial PSD simulations, comparing them with the 304 approach. Using the classic approach
of 304 [30] to calculate stresses and gapping via a linear model yields lower values than
those obtained through the conducted simulations. These findings are consistent with ex-
perimental tests in [34], where the recorded values were higher than those provided by the
model in [35]. Moreover, the discrepancy between the simulation results and the 304 crite-
rion increases with the load. For the 15 grms load case, significant differences arise between
the 3044 approach and the simulation outcomes due to the intensified nonlinearities.

Figure 20 illustrates the PSD responses of the system under radial inputs, demonstrat-
ing that the PSD response is significantly influenced by the input rms level. Variations
in the PSD input profile lead to corresponding shifts in the system’s frequencies and am-
plitudes, reflecting the nonlinearities inherent in the duplex bearing. Table 5 summarizes
the results for the performed radial input PSDs. Similar to axial vibrations, applying the
30gtq approach [30] for calculating stresses and gapping yields lower values compared
to those derived from the developed model in this study. The maximum transmissibility
value decreases from 30 at the lower input level to 9 for the higher input level. In addition,
for the 3 grms radial load case, the axial response becomes not negligible, increasing the
differences with the 3044 criterion.
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Figure 19. Axial response and transmissibility to axial PSD inputs. (a) PSD axial response.
(b) Transmissibility.

Table 4. Axial random simulation results.

PSD Input 0.1 grms 1 grms 3 grms 6.52 grms 15 grms
Frequency, Hz 1365 1361.25 1357.5 1350 1327.5
Transmissibility, - 45 41 39 34 23
Axial response, grms 0.68 6.59 19.27 39.49 74.32
Simulation Max stress, MPa 1424 1623 2000 2492 3332
304tq criterion Max stress, MPa 1421 1573 1866 2289 2768
Simulation Min penetration, um 4.5 3.1 0.1 —4.3 —16
3044 criterion Min penetration, pm 4.5 3.5 1 -1.7 —6.3
35
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Figure 20. Radial responses and transmissibility to radial PSD inputs. (a) PSD radial response.
(b) Transmissibility.

Table 5. Radial random simulation results.

PSD Input 0.1 grms 1 grms 3 grms 6.52 grms 10 grms
Frequency, Hz 862.5 858.75 855 818.5 802.5
Maximum transmissibility, - 30 28 23 11 9
Radial response, grms 0.33 3.24 9.26 18.9 26.9
Axial response, grms 0 0.4 3.6 11.6 17.9
Simulation Max stress, MPa 1447 1807 2269 2772 2992
3051q Max stress, MPa 1424 1598 1916 2465 2809
Simulation Min penetration, pm 44 1.6 —3.8 —14.1 —19.8
304tq Min penetration, pm 4.5 3.3 0.4 —6.9 —-13.2

Figure 21 presents the axial PSD responses to radial PSD inputs, revealing the presence
of two distinct frequencies during these vibrations. The first frequency, observed at 1360 Hz,
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corresponds to the axial vibration mode, while the second frequency is noted at 1700 Hz,
which represents twice the frequency of the radial vibration mode. Moreover, the axial
response rms values are significant for both 6.52 grms and 15 grms radial PSD inputs. When
considering not only the radial response rms values but also the axial rms response in the
context of the 3044 criterion, closer values are obtained when compared to the simulations
for the highest load cases, as summarized in Table 6.

1X10
I1X107!
'E]\ I1X107°
s 1 X107
“‘@ 1X1077
=3 1 X107
“x10H
1 X107
13 10-1% 0.1grms—1grms—3grms—6.52grms —10grms

0 250 500 750 1000 1250 1500 1750 2000
freq (Hz)

Figure 21. Axial response to radial PSD inputs.

Table 6. 304 criterion considering axial and radial contribution for high radial PSD inputs.

Radial PSD Input 6.52 grms 10 grms
304tq criterion Max stress, MPa 2505 2850
304tq criterion Min penetration, um —-12.2 —20

The PSD simulations indicate that, for these nonlinear effects, there is a correlation
between the system’s responses to sine sweeps and to PSD inputs. However, the natural
frequencies and amplitudes observed in sine sweeps at specific g levels cannot be directly
extrapolated to corresponding grms levels in PSD analysis, except for low-load profiles
where the system exhibits linear behaviour. This discrepancy arises because the PSD dis-
tributes the energy along all the frequencies, rather than concentrating it around the natural
one. Therefore, performing a PSD analysis is recommended for accurately determining the
system’s response, as well as for assessing stresses and gapping, rather than relying on the
equivalence between g-levels and rms values obtained from sine sweep transmissibility.
Moreover, the stresses and gapping predicted by the developed model exceed those derived
from the 3044 approach [30], aligning with results from axial tests [34,35]. This demon-
strates that the proposed model offers a more precise alternative to conventional methods.

6. Conclusions

This study presents a nonlinear model for analysing the dynamic behaviour of hard
preloaded duplex ball bearings in space applications. The developed model incorporates
multi-degree-of-freedom explicit nonlinear dynamics, using quaternions to represent rigid
body rotations and the Hunt and Crossley model to describe ball-raceway contact, account-
ing for both elastic and damping forces. The use of quaternions simplifies the formulation
of the equations of motion, eliminating the need for computationally expensive trigono-
metric functions. Additionally, by incorporating contact damping at the ball-raceway
interface, the model provides a parameterizable framework for stiffness and damping
characteristics. This contrasts with conventional models that apply global or generalized
damping coefficients.
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The static model, extended to a back-to-back duplex configuration, demonstrated the
importance of considering nonlinearities in stiffness and stress responses under dynamic
excitations. Meanwhile, the dynamic model effectively integrates damping and velocities,
aligning well with published axial tests.

The duplex dynamic model with a dummy mass was specifically developed to simu-
late launch loads experienced by space mechanisms, capturing transmissibility variations,
natural frequencies, stresses and gapping at different load levels. The model provides
consistent results with experimental observations and is capable of evaluating conditions
such as mass eccentricity and multidirectional excitations.

The axial and radial sine load simulations validate the model’s ability to capture
both softening and stiffening effects, as well as cross-coupling phenomena, which is not
detectable in purely axial or linear models. Furthermore, the random load simulations
highlight the model’s ability to predict the system’s response, offering an alternative to the
traditional 3044 approach.

Although this study relies on experimental data from literature, these findings un-
derscore the importance of considering nonlinear multi-DOF models to predict bearing
behaviour under vibration conditions, thereby enhancing the reliability and performance
of mechanisms in space applications. Moreover, the quaternion-based modelling technique
will enable the consistent and systematic composition of models for complete space ac-
tuation mechanisms, including bearings, gears, shafts, and stiffener rings, and efficiently
simulate the consequences of a rocket launch on them.
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Nomenclature

symbols

4 Displacement (mm)

¢ Rotation angle(rad)

A Nominal distance between centers of curvature (mm)

=}

Ball contact angle in freely displaced position (rad)

R R

Ball contact angle (rad)
Angle between the ball penetration direction and the relative

=
@

velocity between centers of curvature (rad)

Radius of curvature of deformed contact surface (mm)

Azimuthal angle of the ball center in the YZ plane (rad)

Distance between the outer and inner raceway centers of curvature (mm)
Contact penetration (mm)

Curvature of the contact (mm™1!)

= oo oe
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Xp Curvature sum (mm™1)

F(p) Curvature difference (-)

a Semimajor axis of contact ellipse (mm)

b Semiminor axis of contact ellipse (mm)

Q Contact load (N)

E Elastic modulus (MPa)

v Poisson coefficient (-)

keontact Contact stiffness (N/mm?!?)

kpan Ball Contact stiffness considering inner and outer contacts (N/mm!?)
k Linear stiffness in (N/mm)

ke Torsional stiffness (Nm/mrad)

F Force (N)

T Moment (N-mm)

dm Pitch diameter (mm)

XYz Duplex inner ring displacements (mm)

Q Duplex inner ring rotation angle(s)(rad)

144 Distance between rows (mm)

0% Contact damping coefficient as per Hunt and Crossey model (s/mm)
{X} Vector of displacements (mm)

{q} Vector of quaternions (-)

t Time (s)

At Time step (s)

1] Matrix of inertia (kg-m?)

[Q] Auxiliary matrix formed by quaternions (-)

[R] Rotation matrix (-)

D Ball diameter (mm)

f Ball-raceway conformity (-)

Z Number of balls (-)

freq Frequency (Hz)

S Power spectral density (g2 /Hz)

Syx Power spectral density response x (g2/Hz) for a radial y input
TR Transmissibility (-)

o Stress (MPa)

Ostd Standard deviation (same units as the processed signal)
Subscripts

0 Outer

i Inner

G Center of gravity

j Ball number

I/1 Ball/raceway

XYz Directions in a reference system

C Center

L Left

R Right

SF Fixed Reference system at the center of the bearing
SL Reference system at the center of the left row

SR Reference system at the center of the right row

SM Mobile Reference system attached to the solid which defines a diagonal inertia matrix
Damp Damping

1,2,3,4 Components of the quaternion

max Maximum

min Minimum

Superscripts

* Dimensionless
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