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Abstract: Theoretical analysis, numerical simulation, and experimental study are used to
investigate the ultra-low head bidirectional shaft extension pump, especially near-zero head
conditions. The results show that under forward operation, at low flow and design flow
conditions, the closer to the shroud, the closer the vortex is to the back of the guide vanes,
and the vortex area is becoming smaller. The hydraulic loss of the outlet passage is 15% of
the operating head at the minimum flow and 170% of the operating head under near-zero
head condition. The peak-to-peak (PTP) value of pressure fluctuation increases with the
increase in flow rate. The primary frequency (PF) of vibration is strongly related to the
primary and secondary frequencies (PSFs) of pressure fluctuation. Under reverse operation,
when the flow rate is less than 0.83Qr0, the uniformity of axial velocity distribution Vu

and the velocity-weighted average angle θ show an approximately exponential declining
pattern. The hydraulic loss of the outlet passage at the minimum flow rate is 61% of the
operating head and 350% of the operating head under near-zero head condition. The
exponential fitting can better describe the relationship between circulation and hydraulic
loss. As the flow rate decreases, the PF of vibration decreases to rotational frequency.

Keywords: shaft extension pump; bidirectional operation; near-zero head; fluid–structure
interaction; pressure fluctuation; vibration

1. Introduction
Horizontal shaft extension pumps are widely used in large and medium-sized low

head pumping stations. Its main advantage is that it has better hydraulic performance
under low head, while the structure is simple, easy to install and maintain, requires less
investment, and provides a good working environment for the motor [1]. However, due to
the low operating head, especially under start-up and shutdown operation, it frequently
operates at near-zero head conditions with a large flow rate, posing a significant threat
to the device’s stability. And for drainage and irrigation requirements, many pumping
stations require two-way operation. But the airfoil of the guide vane is in the anti-arch state
under reverse operation, and the guide vane will generate a positive pre-whirl, resulting
in the performance and cavitation characteristic dropping significantly. The turbulent
flow inside the flow passages causes noise and vibration, making the project a serious
safety hazard.

First, to obtain a more complete understanding of the performance, it is essential
to study the flow field within the pump. Goltz et al. [2] experimentally investigated the
clearance vortex and the endwall flow field in axial-flow pumps running into stall and the
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extent to which these flow phenomena influence the pump characteristic as well as the
overall pump vibrations. Li et al. [3] investigated the flow characteristics and performance
of an axial-flow pump with an inducer. Zhang et al. [4] simulated the pressure fluctuation
with k-ε RNG turbulence model and SIMPLEC algorithm and carried out the experimental
investigation for the adjustable pump. Prasad et al. [5] carried out a shear stress transport
(SST) k-ω turbulence model at different guide vane opening and rotational speeds of an
experimentally tested model of an axial-flow turbine. Kan et al. [6] studied the internal
flow of an axial-flow pump at design condition and stall conditions using computational
fluid dynamics (CFD) technology and a prototype pressure fluctuation test. Yang et al. [7],
based on the CFD, investigated the flow characteristics and optimized the flow passage by
analyzing the state of the vortex in vertical submersible pump under a two-way operation.

The fluid–structure interaction (FSI) is a significant and complicated phenomenon
which is the prime cause of excessive vibrations in many pumps. Pozarlik and Benra
et al. [8,9] compared two-way and one-way coupling methods for numerical analysis of
FSI, and the results show that the one-way interaction can be a useful approximation in the
prediction of the amplitude and vibration pattern of the structure. Lerche et al. [10] used
a one-way FSI method to determine blade stresses on a centrifugal compressor. Birajdar
et al. [11] simulated the FSI of a vertical turbine pump using the one-way coupling method
to predict the flow-induced vibrations on different components. Shi et al. [12] adopted the
unidirectional FSI method to analyze the pressure distribution and deformation distribution
of a full tubular pump under different conditions.

Cavitation is a critical physical phenomenon in pumps, leading to performance degra-
dation. Zhang et al. [13,14] used CFD and high-speed photography to investigate the
trajectory of the tip leakage vortex (TLV) and tip leakage flow characteristics in an axial-
flow pump. Hong et al. [15] developed a new transport-equation-based cavitation model,
validated it through experimental results, then studied the mechanism of TLV cavitation
with this model.

The fluid excitation force generated by the unsteady flow in the pump device is one of
the main sources for vibration, and the physical phenomena contained in the flow-induced
vibration process are very complex. Also, the pressure fluctuation is also one of the main
causes of vibration. Wang et al. [16] studied the pressure fluctuation at the inlet and outlet
of an impeller and guide vane in an axial-flow pump at different working conditions.
Ma et al. [17] computed and analyzed the pressure fluctuation of a bidirectional pump
at flow passage, blade surfaces, and guide vane surfaces. Xie et al. [18] established the
relationship between internal pressure fluctuation, which was obtained from the numerical
calculation of prototype and model devices under different working conditions. Shervani-
Tabar et al. [19] developed a methodology to monitor the performance of an axial-flow
pump under cavitation based on fault diagnosis strategies.

At present, a lot of research has been carried out on the shaft extension pump, and
many results have been obtained. However, the relationship between the flow charac-
teristics and hydraulic loss, cavitation, pressure fluctuation, vibration, as well as the FSI
of bidirectional shaft extension pump, especially at near-zero head, has not been studied
systematically and thoroughly. This paper conducts a comprehensive study on the flow
characteristics, hydraulic loss, FSI, cavitation, pressure fluctuation, and vibration character-
istics of the bidirectional shaft extension pump, combined with a theoretical analysis, to
establish the relationship between internal and external characteristics, so as to provide a
reference for the safe and stable operation of pumping systems.
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2. Numerical Simulation and Experimental Setup
2.1. Governing Equations and Cavitation Model

The continuity and momentum equations for the incompressible flow are as follows:

∂ρ

∂t
+

∂

∂xi
(ρui) = 0 (1)

∂

∂t
(ρui) +

∂

∂xj
(ρuiuj) = − ∂p

∂xi
+

∂

∂xj
(µ

∂ui
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− ρu′
iu

′
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where u, p, ρ, and µ are the mean velocity, the mean pressure, the fluid density, and the
fluid dynamic viscosity, respectively. In order to solve the “closure problem”, it is necessary
to model the Reynolds stress tensor. According to the Boussinesq assumption, the Reynolds
stress tensor can be described as follows:

−u′
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where vt and k are the eddy viscosity and the turbulent kinetic energy, respectively.

k = −1
2

u′
iu

′
j (4)

The SST k-ω model was developed by Menter [20], adopting the k-ω model in the near
wall region and the k-ε model in the far field. In order to balance the computational time
and accuracy, the SST k-ω model was used for computation. The k and ω equations can be
described as follows:

∂
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) + Gk − Yk (5)
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∂xj
) + Gω + Dω − Yω (6)

where Gk and Gω are the source terms of the turbulent kinetic energy (k) and dissipation
rate (ω), respectively; Yk and Yω are the dissipation terms of k and ω, respectively; Dω

is the diffusion term of ω; and Γk and Γω are the effective diffusion coefficients of k and
ω, respectively.

The cavitation is modeled by the vapor volume fraction mass transfer equation:

∂

∂t
(αvρv) +

∂

∂xj
(αvρvuj) =

.
m+ − .

m− (7)

where αv and ρv are the volume fraction and density of vapor, respectively;
.

m+ and
.

m−

represent the cavitation source terms, the evaporation and condensation, respectively.
.

m+

and
.

m− are given by the following:

.
m+
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3ρv(1 − αv)αnuc

Rb

√
2(pv − p)

3ρl
(p ≤ pv) (8)

.
m−

= Cc
3ρvαv

Rb

√
2(p − pv)

3ρl
(p ≥ pv) (9)

where Ce and Cc are empirical coefficients for the different phase change processes; αnuc is
the nucleation site volume fraction; Rb is the typical bubble size in water; p and pv are the
local static pressure and saturated vapor pressure, respectively; ρl is the density of the liquid.
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The coefficients are set as follows: Ce = 50, Cc = 0.01, αnuc = 5 × 10−4, Rb = 1 × 10−6 m, and
pv = 3540 Pa [21,22].

The governing equations for the structural model are given by the following equation
of motion:

M
..
q(t) + C

.
q(t) + Kq(t) = Q(t) (10)

where M, C, and K are the structural mass matrix, the structural damping matrix and the
structural stiffness matrix, respectively;

..
q(t),

.
q(t), and q(t) represent a nodal acceleration

vector, a nodal velocity vector, and a nodal displacement vector, respectively; Q(t) is the
applied load vector, which is responsible for linking the unsteady aerodynamics and inertial
loads with the structural dynamics. The blade pressures from the fluid are included here.

2.2. Computational Domain, Mesh, and Numerical Setup

Figure 1 shows the fluid computational domain of a pump model that is composed
of an inlet passage, impeller, rotor, guide vane, and outlet passage. The pump consists of
a 4-blade impeller and a 5-blade guide vane (stator). The diameter of the impeller D1 is
300 mm. The tip clearance size h is 0.3 mm, and the rotation speed n is 906.67 r/min. The
flow rate at the design point are as follows: under a forward operation, the flow rate Qf 0 is
196 kg/s; under a reverse operation, the flow rate Qr0 is 178 kg/s; the superscript 0, f, and r
stand for the design point, forward operation, and reverse operation, respectively.
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Figure 1. Fluid computational domain of pump model.

The mesh is critical to the accuracy and efficiency of the computation and affects the
validity and reliability of the computation results. The structured hexahedral mesh of
the inlet passage and outlet passage are generated via ANSYS-ICEM 17.0 software. The
meshing of the impeller and guide vane are carried out using the ANSYS-TurboGrid 17.0
software. Figure 2 shows the structured mesh of the impeller and guide vane. As shown in
Figure 3, y+ on the blade surface varied from 0.1 to 60.2, which is suitable for the SST k-ω
model with high Re in the tip region flow.
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As shown in Figure 4, when the total number of grids for the computational domain is
more than 5.93 × 106, the relative error of the computation result of head is less than 1%. To
balance the computational accuracy and computational load, the mesh with 5.93 × 106 grid
was adopted.
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Figure 4. Grid independence check.

In this study, the ANSYS-CFX 17.0 is used for the fluid field calculation. For boundary
conditions, a constant mass flow rate and flow direction are given at the inlet. At the outlet,
the average static pressure is imposed. All surfaces of the pump are no-slip wall boundary
conditions. The computational domains are discretized by the element-based finite volume
method and performed using a high-resolution scheme for the convection and diffusion
terms. The “frozen rotor” model is chosen for the interfaces between the rotor and stator.
The convergence criterion is 10−4 in the simulation [23].

In the computation with cavitation, the model for vapor/liquid two-phase flows
assumes that the fluid is homogeneous. The mass transfers caused by cavitation between
the liquid and vapor are described by the Rayleigh–Plesset equations [24].

The structural part has been solved with structure dynamics methods using ANSYS-
Mechanical code. The FSI coupling utilized is a one-way coupling. The structural code
then solves the displacements and stresses. The material of the structure is the structural
steel with the theoretical density of 7850 kg/m3, the Young’s modulus is 200 GPa, the
yield strength is 550 MPa, and the Poisson’s ratio is 0.3. The structural part is divided into
tetrahedral grids in ANSYS-Mechanical, which contains 799,963 nodes and 251,839 elements.
The mesh study is performed and shown in Table 1. When the total number of nodes is
more than 799,963, the relative error of the maximum stress is less than 2%.

Table 1. Mesh study for the structural part.

Nodes Elements Maximum Stress (MPa)

1,328,790 408,440 21.314
799,963 251,839 20.947
447,851 144,995 20.118
316,158 107,761 18.837
247,435 83,375 17.364
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Figure 5 shows the structural part’s constraints. A fixed constraint is applied to the
hub surface to prevent the structure from generating rigid body displacement. Cylindrical
constraints are adopted on the cylindrical surfaces to constrain the motion in the radial
direction. The fluid solid interface transfers data between the fluid and structure domains.
In addition, the gravitational acceleration g is set to 9.8066 m/s2 [12].

Machines 2025, 13, x FOR PEER REVIEW 6 of 24 
 

 

Figure 5 shows the structural part’s constraints. A fixed constraint is applied to the 
hub surface to prevent the structure from generating rigid body displacement. Cylindrical 
constraints are adopted on the cylindrical surfaces to constrain the motion in the radial 
direction. The fluid solid interface transfers data between the fluid and structure domains. 
In addition, the gravitational acceleration g is set to 9.8066 m/s2 [12]. 

 

Figure 5. Constraints of the structural part. 

2.3. Experimental Setup 

Figure 6 shows the model pump test apparatus at the Hohai University, Nanjing, 
China. The comprehensive error of the test bench is less than 0.39%. 

A vacuum pump above the tail tank is used to adjust the pressure at the pump inlet 
at different cavitation number conditions. The storage capacities of the pressure tank and 
tail tank are 20 m3 and 12.56 m3, respectively [25]. The booster pump is used to change the 
flow rate. The diameter of the impeller is 300 mm, and the casing of the model pump 
section is made of transparent glass, allowing for the internal flow and cavitation to be 
visualized. The internal flow and cavitation are imaged by a high-speed digital video cam-
era. The flow rate is measured with an electromagnetic flow meter that is located in a very 
long and straight pipe. A torque meter is installed to measure the shaft speed and power. 
The maximum power of the motor is 10 kW. Pressure gauges are installed at the inlet and 
outlet of the pump to obtain the head. 

 

Figure 6. Three-dimensional diagram of the test bench. 

The layout of the model pump and sensors are shown in Figure 7. Pressure sensors 
are located at the inlet of the impeller (Point 1) and the outlet of the S-shaped elbow (Point 

Figure 5. Constraints of the structural part.

2.3. Experimental Setup

Figure 6 shows the model pump test apparatus at the Hohai University, Nanjing,
China. The comprehensive error of the test bench is less than 0.39%.
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Figure 6. Three-dimensional diagram of the test bench.

A vacuum pump above the tail tank is used to adjust the pressure at the pump inlet at
different cavitation number conditions. The storage capacities of the pressure tank and tail
tank are 20 m3 and 12.56 m3, respectively [25]. The booster pump is used to change the flow
rate. The diameter of the impeller is 300 mm, and the casing of the model pump section is
made of transparent glass, allowing for the internal flow and cavitation to be visualized.
The internal flow and cavitation are imaged by a high-speed digital video camera. The
flow rate is measured with an electromagnetic flow meter that is located in a very long
and straight pipe. A torque meter is installed to measure the shaft speed and power. The
maximum power of the motor is 10 kW. Pressure gauges are installed at the inlet and outlet
of the pump to obtain the head.

The layout of the model pump and sensors are shown in Figure 7. Pressure sensors are
located at the inlet of the impeller (Point 1) and the outlet of the S-shaped elbow (Point 2)
when the pump is running in the forward operation, as shown in Figure 7b. The pressure
sensor adopts an HPT700 pressure transmitter; the sampling frequency is 1000 Hz, the
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output signal is 4–20 mA, the pressure range is 0–300 kPa, and the accuracy is 0.5%. The
vibration sensor is installed between the impeller and guide vane, as shown in Figure 7c.
The X direction is the radial direction, the Y direction is the axial direction, and the Z
direction is the vertical direction. The vibration sensor adopts the GST three-component
piezoelectric acceleration sensor CA-YD-116A, which can measure the vibration in X, Y,
and Z directions simultaneously. Its main parameters are as follows: the axial sensitivity is
20 pC/g, the peak measurement range is 1000 g, the frequency response range is 1–6000 Hz,
the maximum lateral sensitivity is smaller than 5%, and the magnetic sensitivity is 2 g/T.
The collected vibration signal is conditioned using a YE6600 programmable amplifier
(developed by Nanjing Anzheng Software Engineering Co., LTD, Nanjing, China) and then
enters into the vibration and dynamic signal acquisition and analysis system for processing,
which is shown in Figure 7a.
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tions, which is quite different from the boundary conditions of the numerical simulation. 
At the same time, due to the obvious turbulence characteristics, the results measured by 
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Figure 7. Layout of the model pump and sensors: (a) model pump device, (b) pressure sensors,
(c) vibration sensor.

2.4. Validation

Figure 8 shows the head H and the efficiency η with respect to the dimensionless flow
rate under forward and reverse operations. From the comparison, we can deduce that the
numerical simulation results are consistent with the variation trend in the experimental
results. It should be noted that the placement angle of each blade cannot be guaranteed to
be exactly the same in the actual installation process, resulting in an inevitable difference
between the two. Especially under the low-flow-rate conditions, there are bigger deviations,
mainly because the internal flow is more turbulent under the low-flow-rate conditions,
which is quite different from the boundary conditions of the numerical simulation. At
the same time, due to the obvious turbulence characteristics, the results measured by the
experiment have large fluctuations. Overall, the numerical simulation and experimen-
tal results demonstrate the same changing trend, and the difference between the two is
less than 7%. It is therefore considered that the numerical method can reflect the actual
situation qualitatively.
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3. Results and Discussion
The results are analyzed using three flow rates, namely 0.85Q0, Q0, and 1.20Q0. In

particular, Figure 8 shows that when the flow rate is 1.20Q0, the head is near to zero.
Under near-zero head conditions, the head produced by the impeller will be dissipated
by hydraulic losses in the passages. And the flow rate will be quite large, so the operating
condition will be far from optimum, and the efficiency will be very low. As a result, it is
critical to analyze the characteristics of near-zero head conditions to prevent damage to
the pump.

3.1. Flow Field in the Entire Domain

As shown in Figure 9, when the pump is operating in the forward direction, the
flow in the inlet passage is smooth, and the velocity changes evenly. Under low-flow and
design-flow conditions, a vortex is formed on the concave side of the S-shaped elbow,
and a high-speed zone is formed on the convex side under large-flow conditions. This
is determined by the guide vane outlet velocity and the concave–convex structure of the
passage at the bend. However, due to the rectification of the guide vane, there is no
significant adverse flow inside the outlet passage, and the velocity decreases evenly from
inlet to outlet, showing good kinetic energy recovery effect.
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As shown in Figure 10, due to the lack of rear guide vane, both low-flow and design-
flow conditions have severe vortex and backflow inside the outlet passage under the reverse
operation. And the vortex grows as the flow rate decreases. Meanwhile, the flow with
circulation spirals into the outlet passage and then moves towards the passage’s side walls
due to centrifugal force, resulting in the flow velocity in the center of the passage being
lower. The low-velocity area is irregular under low-flow and design-flow conditions, and
the high-velocity area and the low-velocity area alternate, causing the energy gradient to
change frequently, and the hydraulic loss in the flow passage also increases.
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3.2. Flow Field Inside the Impeller and Guide Vane

Figure 11 shows the streamlines inside the impeller and guide vanes under forward
operation; the locations of surfaces 1, 2, and 3 are demonstrated in Figure 12.

As shown in Figure 11a, under the forward operation, there are obvious vortices on
the back of the guide vanes. Under low-flow conditions, the absolute flow angle at the
impeller outlet α is smaller than the inlet setting angle of the guide vane β (see Figure 13a).
As a result, the water strikes the front of the guide vane, creating vortices on its rear surface.
Under large-flow conditions, α is bigger than β (see Figure 13c), and the water hits the back
of the guide vanes, resulting in the vortices on the front (see Figure 11c). When the pump is
operated at the design point, α should theoretically be equal to β (see Figure 13b), but it
is sacrificed to account for the performance under the reverse operation. As a result, the
vortices form at the back of the guide vanes (see Figure 11b).

The head generated by the two sections inside and outside the blade must be identical;
hence, the closer to the shroud, the smaller the setting angle of the section, as shown in
Figure 13d, βout < βin. Therefore, at low-flow and design-flow conditions, the closer the
surface to the shroud, the closer the vortex is to the back of the guide vanes, and the vortex
area becomes smaller. The vortex gradually disappears as the surface approaches the
shroud under large-flow conditions.

The absolute flow angle of the blade inlet edge α1 can be seen as 90◦ under forward
operation. But under the reverse operation, the α1 is less than 90◦, which is caused by the
guide vanes, as shown in Figure 14. As a result, the flow field inside the impeller is more
disordered than the forward operation. Moreover, at low-flow conditions, there is obvious
flow separation inside the impeller.
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It can be found from Figure 15 that because α1 is less than 90◦, Vu1 is greater than 0,
resulting in the declination of lift coefficient. Also, the relative flow angle of the blade inlet
edge β1 becomes bigger, resulting in the optimum operating point leaning towards a lower
flow rate under the reverse operation, which can be seen in Figure 8.
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Because the positive pre-whirl of the guide vane has a significant influence on the ve-
locity distribution at the impeller inlet under the reverse operation, Vu and θ are introduced
for quantitative analysis.

The Vu can be described as follows:
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where Ua and Ua are the axial velocity and the mean axial velocity, respectively; n is the
number of elements.
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θ =
n

∑
i=1

Uai

[
90◦ − arctan(

Uti
Uai

)]
/

n

∑
i=1

Uai (12)

where Ut is the tangential velocity.
Figure 16 shows Vu and θ under reverse operation. It can be inferred that, at the guide

vane inlet, the Vu and θ are independent of the flow rate, the Vu is higher than 83%, and
the θ is higher than 89◦. At the impeller inlet, θ stabilizes after 0.9Qr0 and reaches 70◦, and
the Vu gradually increases with the flow rate and eventually becomes almost the same as
the guide vane inlet. Especially, when the flow rate is less than 0.83Qr0, Vu and θ show an
approximately exponential declining pattern, indicating that the front guide vane has a
significant negative effect on the flow distribution at the impeller inlet under small flow
conditions. As a result, in this model pump, double guide vanes are not used.
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3.3. Hydraulic Loss of Flow Passages

The hydraulic loss of the flow passage has a considerable impact on the efficiency
of the flow passage and the pump device. The lower the head, the more significant the
impact. Figure 17 depicts the hydraulic losses of each part of the outlet passage and the
residual kinetic energy at the outlet under forward operation. The hydraulic loss of the
S-shaped-bend section is greatest at low flow rates due to the vortex seen in Figure 9
and decreases as the vortex area diminishes. Because of the pipeline loss, the hydraulic
loss in the straight pipe section increases progressively as the flow rate increases. For the
entire outlet passage, the hydraulic loss reaches the minimum value near the design point.
However, it should be noted that the hydraulic loss of the outlet passage at the minimum
flow rate is 15% of the operating head and 170% of the operating head under the near-zero
head condition. So, under the near-zero head conditions, the energy loss of the pump
device is more obvious. The residual kinetic energy at the outlet increases linearly with
the increase in flow rate, which also leads to a decrease in the efficiency of the pump unit
under near-zero head conditions.
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As shown in Figure 18, the hydraulic loss of the inlet passage under reverse operation
is only about 10% of that under forward operation, indicating that the flow pattern is
turbulent after the high-speed-rotating impeller and guide vane and, at the outlet of the
guide vane, still has a residual velocity circulation, resulting in the ratio of the local impact
loss and vortex loss accounts for about 90% of the total hydraulic loss of the flow passage.
Furthermore, under near-zero head conditions, the hydraulic loss of the inlet passage
increases due to the larger flow velocity, and the head is low currently, reducing the
device’s efficiency significantly.
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Rather than being proportional to the square of the flow rate, the hydraulic loss of
the outlet passage decreases gradually as the flow rate increases under reverse operation.
Because at the impeller outlet has a large residual velocity circulation due to the lack
of a rear guide vane, the water spirals into the outlet passage, causing the vortex and
backflow shown in Figure 10 [26]. The hydraulic loss of the outlet passage at the minimum
flow rate is 61% of the operating head and 350% of the operating head under near-zero
head condition. The residual kinetic energy at the outlet is almost the same as that under
forward operation.

Compared with the hydraulic loss of the outlet passage under forward operation, the
hydraulic loss under reverse operation is several times higher, especially at the minimum
flow rate condition, which is 4.2 times. It can be seen from the above analysis that the
existence of circulation is the main reason for this gap. To study the relationship between
circulation and hydraulic loss, the circulation and hydraulic loss under reverse operation
are calculated as shown in Figure 19, where circulation Γ is calculated as follows:

Γ =
∮
L1

vudL−
∮
L2

vudL (13)
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where L1 and L2 are the shroud and hub circumference, respectively; vu is the circumcom-
ponent of velocity.
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reverse operation.

From the equation, it can be seen that the circulation increases as the flow rate de-
creases, because vu increases at the low-flow-rate conditions, as shown in the velocity
triangle in Figure 13. However, near the minimum flow rate, the circulation decreases, as
shown in Figure 19. This is because, under the minimum flow rate condition, the water
in the boundary layer is hindered and decelerated on the backside of the impeller blades
and is separated from the backside of the blades [1]. A backflow zone is formed [27],
which reduces the outlet area and increases the relative velocity at the outlet, resulting in a
decrease in vu.

As illustrated in Figure 19, linear, power, and exponential functions are employed to
fit the relationship between the circulation and the hydraulic loss of the outlet passage,
respectively. The coefficients of determination R2 for linear, power, and exponential fitting
are 0.890, 0.963, and 0.978, respectively. The R2 of the exponential fitting y = 0.056e7.573x is
very close to 1, so the outcomes are thought to be well predicted, and the equation can be
utilized for estimating the hydraulic loss of the outlet passage in practical engineering.

3.4. FSI

The equivalent (von-Mises) stress distribution on the PS and SS of the blades are
shown in Figures 20 and 21. The equivalent stress decreases first and then increase from
the leading edge (LE) to the trailing edge (TE) under both operating directions. The larger
equivalent stress appears near the rim of the LE and at the blade root near the LE. The
stress concentration is formed because of the huge flow impact generated in the LE, and it
is prone to crack and fracture. At the TE near the hub, the equivalent stress increases again.
Because the static pressure of the impeller fluid domain increases as the flow rate decreases
and the head increases, more intense hydraulic pressures fluctuation will be applied to the
surface of the blades, resulting in the maximum equivalent stress of the impeller increases
as the flow rate decreases. However, the maximum equivalent stress under all operating
conditions is well below the material’s yield strength and meets the design requirements.
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Figures 22 and 23 show the total deformation distribution of the PS and SS, respectively.
Under both operating directions, the deformation of the blade gradually decreases from
the LE to the TE. The deformation near the rim of the blade is larger than near the hub,
and it is the largest at the rim of the LE. Because in order to avoid impeller cavitation
in the design, the LE of the blade is thinned, leading to the LE being more sensitive to
pressure changes.
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With the increase in the flow rate, the maximum total deformation of the blade
decreases, and the maximum total deformation in the low-flow-rate condition is 4.3 times
than that in the large-flow-rate condition. The maximum total deformation is 0.138 mm
under forward operation and 0.142 mm under the reverse operation. The total deformation
is very small, which is also related to the fact that the pump is a model.

3.5. Cavitation

Cavitation causes noise and vibration, making the presence of cavitation in the pump
detectable. This is manifested in the external characteristics as a rapid decline in efficiency.
Figure 24 shows the comparison between computational and experimental results of the
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vortex core region inside the impeller under forward operation. At the low flow rate,
cavitation mainly occurs at the back of the LE and TE near the rim. Cavitation occurs at the
LE near the rim and behind the TE at large flow rates. These two types of cavitation are
primarily caused by the deviation of the operating condition from the design point, which
causes the inlet velocity triangle to change, resulting in the flow separation on the PS or SS
of the LE. To account for the performance under the reverse operation, Figure 11b shows
that the flow state is not ideal at the design point. So, the vortex core region is similar to the
low-flow condition, but the area is significantly reduced.
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Figure 24. Comparison of computational (left) and experimental (right) vortex core region under
forward operation: (a) 0.85Qf 0, (b) Qf 0, (c) 1.20Qf 0.

The vortex core region in the outlet passage under the reverse operation is shown in
Figure 25. The circulation at the outlet of the impeller has a great impact under the reverse
operation, so the vortex belt in the outlet passage exhibits strong rotation and obvious
eccentricity under the low-flow condition. The circulation is small under the large-flow
condition, so the vortex core region is small and extends in the direction of the rotating axis
without eccentricity. Under the design condition, there is also a small eccentric vortex zone
due to the lack of rectification effect of the rear guide vane.
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3.6. Pressure Fluctuation

The pressure fluctuation data under six operating conditions of point 1 and point 2
were obtained through experiments, where the maximum flow rate of 1.2Q0 is the near-zero
head condition. As shown in Figure 26, the pressure fluctuation is analyzed with a 97%
confidence level of the PTP value [28].

Machines 2025, 13, x FOR PEER REVIEW 19 of 24 
 

 

operation, so the vortex belt in the outlet passage exhibits strong rotation and obvious 
eccentricity under the low-flow condition. The circulation is small under the large-flow 
condition, so the vortex core region is small and extends in the direction of the rotating 
axis without eccentricity. Under the design condition, there is also a small eccentric vortex 
zone due to the lack of rectification effect of the rear guide vane. 

 

Figure 25. Vortex core region in the outlet passage under reverse operation: (a) 0.85Qr0, (b) Qr0, (c) 
1.20Qr0. 

3.6. Pressure Fluctuation 

The pressure fluctuation data under six operating conditions of point 1 and point 2 
were obtained through experiments, where the maximum flow rate of 1.2Q0 is the near-
zero head condition. As shown in Figure 26, the pressure fluctuation is analyzed with a 
97% confidence level of the PTP value [28]. 

 

Figure 26. PTP values of pressure fluctuation. Figure 26. PTP values of pressure fluctuation.

Under the forward operation, the PTP value increases with the increase in flow rate
and is the maximum at 1.2Qf 0. The PTP value at point 1 is larger than that at point 2 under
most of the conditions, indicating that the flow state has generally recovered after the
redistribution of the guide vane and the adjustment of the S-shaped bend after transferring
energy to the impeller. Under the reverse operation, the flow is smooth after passing
through the tapered inlet passage. Then, after the pre-swirl in the guide vane and the
rotating impeller, there is a large residual circulation at the outlet of the impeller, which
causes the flow to be more turbulent (see Figure 10), and pressure fluctuation at point 1
increases as well. Due to the larger circulation, the gap between the two monitoring points
is very large under the low-flow conditions. The difference is reduced as the flow rate
increases and the circulation decreases.

In summary, after passing through the guide vane under forward operation, the
circulation of the outlet passage has been greatly reduced. The pressure fluctuation is
mainly influenced by the flow rate at this time, and the PTP value is the largest near the
zero head. The circulation plays a dominant role in the influence of pressure fluctuation
under re-verse operation, making the most dangerous operating conditions are low-flow
conditions. So, the rectification effect of the guide vane has an obvious effect on the
pressure fluctuation.

Fast Fourier transform (FFT) is performed on the time domain data to obtain the
frequency domain results, as shown in Figure 27, where the horizontal coordinate is dimen-
sionless by the rotational frequency, and the rotational frequency f n = 906.67/60 = 15.11 Hz.
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Under the forward operation, the PF of both points appears at f /f n = 9.2, and the
secondary frequency (SF) appears at f /f n = 3.1 and 15.3. The maximum amplitudes of the
two points under the same operating condition are almost the same, and the difference is
within 2%. The maximum amplitude is the smallest at the design point and the largest near
1.2Qf 0, i.e., near-zero head condition, and the maximum value is 1.8 times the minimum
value. Under the reverse operation, the PF of both points appears at f /f n = 9.2, and
the SF appears at f /f n = 15.3. The difference between the maximum magnitudes of the
two points under the same operating condition is within 4%, and the maximum amplitude
is the smallest at the design point. In particular, we notice that point 1 exhibits abnormal
fluctuations at low frequencies, less than f n under the reverse operation (see Figure 27c),
and it is most noticeable at the minimum flow rate 0.73Qr0.

3.7. Vibration

Table 2 shows the PTP values of vibration acceleration and the position of PF in three
directions under different operating conditions, where the PF is also dimensionless using
the f n. The experimental results show that the PTP values of the vibration acceleration in
the vertical direction (Z direction) are the largest, indicating that the rotor system imbalance
is one of the excitation sources causing the vibration. Because the impeller and rotating
parts are inaccurate in geometry and material inhomogeneity during the manufacturing
process. When the pump is running, it causes the rotor to become unbalanced, resulting in
centrifugal inertia force and forced vibration of the pump device. Since the radial direction
is constrained by two fixed supports, the PTP values of the vibration acceleration remain
small overall.
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Table 2. PF and PTP values (m/s2) of acceleration of vibration.

Direction Q/Q0
X Direction Y Direction Z Direction

PTP Values PF PTP Values PF PTP Values PF

Forward
operation

1.20 0.742 3 0.732 3 1.665 3
1.16 0.757 15 0.566 3 1.514 15
1.10 0.723 9 0.625 4 1.870 4
0.90 0.796 3 0.830 3 1.963 3

Reverse
operation

1.20 0.645 3 0.615 3 1.533 3
1.05 0.474 3 0.513 3 1.230 4
0.97 0.547 3 0.581 4 1.475 1
0.73 0.947 1 1.104 1 2.891 /

Note: / means no PF.

Under the forward operation, the maximum PTP values in all three directions occur
at the low-flow condition of 0.90Qf 0. On the one hand, there is an obvious back-flow
area in the guide vane at this time (see Figure 11a), resulting in a high and low staggered
distribution of velocity and pressure, thus causing vibration. On the other hand, there
is obvious cavitation in the impeller (see Figure 24a), the highly elastic bubble attached
to the blades, the bubble collapse, and rebound regeneration with the rotation of the
impeller, which causes vibration. The PTP values are relatively large under the near-zero
head condition. The vibration is due to the hydraulic vibration caused by the hydraulic
imbalance and turbulent flow under the large-flow condition.

It can be seen from the frequency data that the PF of vibration is strongly related to the
PSF of pressure fluctuation. It generally occurs at 3f n, 9f n, and 15f n, although at 1.10Qf 0,
the PF in the Y, Z directions occurs at the blade-passing frequency (BPF) 4f n. The vibration
PF of the pump device changes with the flow rate and does not show obvious regularity,
indicating that the reasons for vibration are complex, not only related to the system design
but also related to the operating conditions. Therefore, it is necessary to give more attention
and concern to this in practical engineering.

Under the reverse operation, the maximum PTP values in three directions also occurs
at the minimum flow condition 0.73Qr0. On the one hand, the Vu and θ at the impeller inlet
are very small under this condition, thus causing significant flow separation within the
impeller (see Figure 14a). At the same time, due to the residual circulation at the impeller
outlet being larger under the low-flow condition, an eccentric vortex belt forms in the outlet
passage (see Figure 25a), which causes vibration. Under the near-zero head condition, a
bigger vibration is caused by hydraulic vibration.

Under most operating conditions, the PF of vibration is the same as the PSF of pressure
fluctuation, which is 3f n. However, 4f n and f n also appear in other operating conditions,
and as the flow rate decreases, the PF in all directions decreases to f n. On the one hand,
the flow in the flow passage is more turbulent under low-flow conditions (see Figure 10a),
which causes turbulent fluctuation and turbulent noise. On the other hand, the backflow
vortex caused by the flow separation in the impeller and the outlet passage vortex caused
by the circulation result in rapid enhancement of the low-frequency pressure fluctuation [1],
which can also be seen in Figure 27c.

4. Conclusions
The flow characteristics, hydraulic loss, FSI, cavitation, pressure fluctuation, and

vibration characteristics of an ultra-low-head bidirectional shaft extension pump, especially
under near-zero head conditions, are investigated using theoretical analysis, numerical
simulation, and experimental study. The following significant conclusions can be drawn:
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Under the forward operation, a vortex is formed on the concave side of the S-shaped
elbow under low-flow and design-flow conditions, and the closer the surface is to the
shroud, the closer the vortex is to the back of the guide vanes, and the vortex area becomes
smaller. Under the reverse operation, the vortex inside the outlet passage grows as the flow
rate decreases. When the flow rate is less than 0.83Qr0, Vu and θ show an approximately
exponential declining pattern.

Under the forward operation, the hydraulic loss of the outlet passage reaches the
minimum value near the design point. The hydraulic loss of the outlet passage is 15%
of the operating head at the minimum flow and 170% of the operating head under the
near-zero head condition. Under reverse operation, the ratio of the local impact loss and
vortex loss accounts for about 90% of the total hydraulic loss. The hydraulic loss of the
outlet passage at the minimum flow rate is 61% of the operating head and 350% of the
operating head under near-zero head condition. The R2 for linear, power, and exponential
fitting are 0.890, 0.963, and 0.978, respectively. So, the exponential fitting y = 0.056e7.573x

can be better utilized for estimating the hydraulic loss of the outlet passage.
The equivalent stress decreases first and then increases from the LE to the TE under

both operating directions. The larger equivalent stress appears near the rim of the LE and
at the blade root near the LE. The deformation of the blade gradually decreases from the LE
to the TE. The maximum total deformation in the low-flow-rate condition is 4.3 times that
in the large-flow-rate condition. Under the forward operation, cavitation mainly occurs
at the back of the LE and TE near the rim at low flow rates. Cavitation occurs at the
LE near the rim and behind the TE at large flow rates. Under the reverse operation, the
vortex belt in the outlet passage exhibits strong rotation and obvious eccentricity under the
low-flow condition.

The pressure fluctuation is mainly influenced by the flow rate under the forward
operation, and the PTP value is the largest near the zero head. The circulation plays a
dominant role in the influence of pressure fluctuation under the reverse operation, making
low-flow conditions the most dangerous operating conditions. The PF of vibration is
strongly related to the PSF of pressure fluctuation, which generally occurs at 3f n, 9f n, and
15f n under the forward operation. Under the reverse operation, the PF of vibration occurs
at 3f n under most conditions. 4f n and f n also appear, and as the flow rate decreases, the PF
decreases to f n.
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