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Abstract


The paper describes in detail the creation of selected aerodynamic sound sources created by the centrifugal compressor of the turbocharger in operating modes. The description of the creation of aerodynamic sources focuses on the operation of the compressor in a stable area of the characteristic. The analysis is based on a detailed survey of selected aerodynamic sources, mainly vortex shedding, TCN, and buzz-saw phenomena, with a focus on the mechanism of the source and the possibility of identifying the source in the frequency spectrum. Based on the survey, the selected sound sources characterize the assumed frequency ranges at which the sources are estimated to originate. Additional source conditions identified in the survey can be used to develop a methodology for identifying aerodynamic sound sources. In the case of aerodynamic sources of a centrifugal compressor, it was necessary to develop an experimental numerical methodology for their identification with regard to the operating condition of the compressor. The result of the proposed procedure is an algorithm that will enable the identification of aerodynamic sound sources in the frequency spectrum with respect to the operating state of the compressor.
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1. Introduction


Nowadays, turbochargers are used for supercharging internal combustion engines, an approach which has also found application in the field of supercharging marine engines, stationary engines, etc. At the same time, the requirements for increasing the performance parameters of small-volume engines and the related requirements for increasing the supplied mass flow of compressed air and increasing the value of the relative compression by the turbocharger [1] are constantly increasing. The turbocharger basically consists of a compressor and a turbine connected along a common shaft [2,3]. The exhaust gases from the engine are directed through the turbine inlet casing to the turbine blades and subsequently released into the atmosphere through the turbine outlet casing [3,4]. The exhaust gas is used in the turbine to drive a compressor that compresses the air going into the engine’s turbocharger to supply the engine’s cylinders with air of a higher density than in the case of a naturally aspirated engine [4,5]. The combination of a single-stage centrifugal compressor and a single-stage axial or radial flow turbine is almost universally used in turbochargers [6,7].



The use of a radial centrifugal compressor as part of the turbocharger creates a sound that achieves a negative character. The tonal components of the compressor’s negative sound are characterized by the spectrum in which it dominates (the BPF or blade passing frequency). This source of sound is significantly unpleasant for human perception and, therefore, it is necessary to address its primary origin [8,9]. In this scenario, the problem arises from the observation that the sound induced by the turbocharger, i.e., the kind of whistle that can often be heard in most turbocharged cars, has a frequency nature that is directly related to the speed of the rotor. It seems that such harmonic components arise from the passage of the vanes and the splitter vanes near the tongue of the compressor scroll [10].



Many research studies [11,12,13] have described different types of centrifugal compressor sound sources, which can be categorized according to their origin, either in the field of rotor dynamics or in the field of aerodynamics. In the case of aerodynamics, the studies mentioned one of several sound sources, which is directly related to the value of the clearance of the tip. In a centrifugal compressor, it is the value of the gap between the compressor wall and the outer edge of the compressor impeller blades. The mentioned play of the tip causes the formation of pressure gradients in the mentioned place during operation. In the case of a semi-open impeller, a secondary flow occurs, which flows along the casing from the pressure side of the blade to the suction side of the blade towards the inlet and interferes with the incoming flow of the working medium [14,15]. The described assumptions related to tip play and the resulting pressure gradients can be characterized as a source of sound manifesting in a wider range of compressor revolutions. To assess a negative source, it is necessary to create a mechanism that will allow the source to be identified based on certain assumptions in the frequency domain.



The issue of identifying the aerodynamic sources of noise of a centrifugal compressor was shown by an experimental study by Liu et al., Chmelko et al. [16,17]. focused on the measurement of sound pressure by means of microphones in the area of a compressor with a vane diffuser, or near the suction pipe in the anechoic chamber. The compressor inlet was also directly connected to the atmosphere, and there was no reflective object at a close distance (10 m) from the compressor inlet in order to simulate the ideal calculation area. The turbocharger of the experimental equipment was not placed in the anechoic chamber during the experiments. The turbine and the pipe system were covered with acoustic insulating material. The measurement of sound pressure by means of microphones was oriented exclusively in the compressor area. During the experiments, the measurements were supplemented by measuring the pressure in the inlet pipe of the compressor, as well as by measuring temperatures, compressor revolutions, and flow at the inlet to the compressor. The experimental arrangement contained a combustion chamber placed in front of the turbine; therefore, the device also contained pressure and temperature sensing in front of the combustion chamber. Similarly, pressures and temperatures in front of the turbine and behind the turbine were measured. In the studies developed by Liu et al. [16], a part dealing with the numerical solution of aeroacoustics of a centrifugal compressor was also included. This study defined a certain methodology for identifying the sound sources of a centrifugal compressor using the numerical and experimental part. At the end of the study, the results were processed using FFT analysis. However, the methodical procedure for identifying sound sources, for example in the frequency spectrum, was not processed in the study.



In another experimental study developed by Gancedo et al. [18], they addressed the influence of technical design on the stable operation of a centrifugal compressor with regard to the sound source. In their studies, Gancedo et al. focused on measuring pressures, temperatures, flow in the turbine piping system, and flow in the compressor piping system. In order to estimate the resonant frequencies isolated from the compressor sound, measurements were made with the turbocharger off. A speaker was placed at the inlet to the compressor (without the supply pipe), and a microphone was placed in the place where the output pressure was measured. The speaker was connected to a signal generator set to produce white noise. The content of the study was mainly related to the experiments that were carried out through the test equipment of the turbocharger. The device used an open circuit that supplied compressed air from the reservoir to the turbine. The compressed air passed through two heaters connected in series before entering the turbine. In the final part of the study, Gancedo et al. processed the results from the experiments, also using FFT analysis. The study did not address the issue of identifying compressor sound sources in the frequency spectrum.



The investigation of pressure and acoustic characteristics corresponding to flow instabilities in the flow parts of a centrifugal compressor was solved experimentally in a study by Sun et al. [19]. In their study, Sun et al. dealt with dynamic pressure sensing in the compressor piping system, as well as sound pressure sensing near the compressor at selected compressor speeds. Measurements were made under defined operating conditions through pressure sensors that measured the pressure near the compressor casing wall. Microphones measured the acoustic pressure around the compressor. Furthermore, in the study of Sun et al., they compared the results from the pressure measurement near the wall of the compressor case and the results of the acoustic pressure around the compressor with regard to the detection of emerging flow instabilities. The experiments were carried out for compressor speeds of 200,000 min−1, 160,000 min−1, and 100,000 min−1. They used FFT analysis to evaluate the sound pressure level. In their study, Sun et al. reported a certain method of identifying selected aerodynamic sources of centrifugal compressor noise.



Solving the issue of the sound of centrifugal turbocharger compressors has become the subject of several research papers, searches, and studies [20,21,22,23]. The centrifugal compressors of turbochargers designed for charging combustion engines generate an increased sound pressure level during operation in a wide range of operating speeds. An increased level of sound pressure can be defined as a negative effect with respect to the surrounding environment (e.g., passengers in a car). Changes in sound pressure due to the operation of a centrifugal compressor, which are caused by a certain phenomenon, can be classified based on the mechanisms of their occurrence into individual types of noise sources.



Identification of aerodynamic noise sources of centrifugal compressors in operating conditions is difficult. The different assumptions of possible aerodynamic sources are given in prior studies, but no uniform identification methodology is given. The goal of the current publication is related to the design of a suitable methodology aimed at identifying selected aerodynamic noise sources of the centrifugal compressor. The proposed methodology is based on assumptions from the theory of aerodynamic noise sources in centrifugal compressors and original experimental results. Using theory and experimental results, a proposed methodology has been developed, which includes code designed in the Matlab software.




2. Review of the Aerodynamics Noise Source of Compressors


The occurrence of individual sources can be assessed with respect to the current operating point in the compressor characteristic, but also with respect to boundary conditions. The compressor parameters, such as mass flow rate, pressure ratios, and rotation speed of the compressor revolutions, are considered in the assessment. Another parameter used is related to the achieved value of the Mach number, or to the speed of the flow of the working medium in the flow parts of the centrifugal compressor. Due to the geometry of the impeller, it is possible to define an area with the specified speed on the tip edges and leading edges of the blades in the inlet section of the wheel.



In a centrifugal compressor, aerodynamic phenomena occur during operation, which can be characterized by the frequency of the investigated phenomena f. Various quantities can be used to identify the investigated frequency, such as oscillation, sound, acting force, etc. In the case of rotary machines, which also includes a centrifugal compressor, a basic parameter in the frequency domain can be defined as the rotor rotation frequency fR. In most cases, the specified frequency is used as a quantity to which the frequencies of aerodynamic events can be constructed. Flow instabilities arising in a centrifugal compressor can be expressed by the rotation frequency of the pressure fields fS, respectively, and by the number of these fields n. The number of pressure fields can also be marked as stall cells. The resulting aerodynamic event, which is in relation to the selected position of the stationary coordinate system, is defined by the excitation frequency written in the following form:


  f =     f   S     n .  



(1)







Another typical frequency that is related to centrifugal compressors and the number of impeller blades defines the blade frequency as follows:


    f   B P F   =     f   R       z   R   ,  



(2)




where zR defines the number of impeller blades. In the case of centrifugal compressors, the impeller may contain main and splitter blades. On the basis of the above, the blade frequency of splitter blades occurs in the frequency spectrum. An aerodynamic phenomena whose excitation frequency can be put into relation with the selected frequency for a certain rotating machine can be expressed by the frequency ratio ε. In most cases, the rotation speed or synchronous frequency is used for comparison, and, subsequently, the rotation speed ratio of the mentioned event can be defined as follows:


    ε   R   =      f     f   R      .  



(3)







The rotation speed ratio can reach arbitrary values. In general, for sub-synchronous events is εR < 1, while for super-synchronous events it is εR > 1. The frequency of rotation of pressure fields fS is often referred to in the literature under different designations. For the purposes of the publication, the value fS is used in order to define the frequency ratio of rotation of pressure fields, as in the following Equation (4):


    ε   S   =        f   S       f   R      ,  



(4)




where εS reaches a typical value of less than 1.



2.1. Vortex Shedding Phenomena


From the point of view of the centrifugal compressor, noise sources arise, which are caused by the constant flow of the working medium, sudden changes in pressure, and the formation of a secondary flow of the working medium. The working medium enters the compressor in the axial direction and gradually passes through individual channels between the blades of the impeller, which rotate at a certain speed. The aerodynamic phenomena that occur during the operation of the centrifugal compressor are related to the speed achieved at the inlet to the compressor. Based on the above, the event can be characterized as vortex instability occurring on the leading edge and on the edge of the blade near the wall. Forming vortices at the entrance to the impeller predict the onset of a possible rotating stall. The aerodynamic phenomena is referred to as the vortex shedding. The vortex shedding phenomena occurs as a result of Kelvin–Helmholtz flow instabilities. The phenomena formation mechanism can be defined as flow instability in the channel between two impeller blades. The shear layer of the medium is significantly unstable at the interface between the main stream and the region of the separated stream with low momentum. A low-momentum flow region appears at the blade leading edge location due to layer separation. A relative velocity with zero value is reached in the region. Subsequently, the separated flow moves towards the wall.



As the separated stream moves further, momentum is transferred between the separated stream and the main stream. The transfer of momentum between the stream generates a vortex in the region of the stream with low momentum. The generated vortex expands and is included in the mainstream. Hence, the phenomena is characterized by a time period, and another low-momentum region is created at the location of the blade’s leading edge. If a certain intensity of velocity gradients in the shear layer is reached in the region with low momentum, a new vortex is created. In the case of the mentioned instabilities, it is assumed to occur in the area of the impeller, in the area of the inlet and outlet of the impeller, and in the area of the diffuser and vaneless diffuser. Equation (3) can be used to determine the excitation frequency of the phenomena. In the case of the rotation speed line with the lowest value of the compressor speed, the noise was observed at 2× the rotation frequency of the rotor [24].



Dorney and Davis [25] also expressed a similar opinion about the mentioned phenomenon and labeled the mentioned phenomenon as vortex shedding. In accordance with the assumptions in the study [24], they established an expression for the mentioned phenomenon in the frequency domain, also in relation to the blade frequencies of the compressor impeller. The vortex shedding detected in the assumed solution was a time-periodic domain with a frequency equal to the frequencies defined by the impeller rotation speed, the number of blades, and 6π. The blade frequency was three times higher than the phenomena frequency [25]. The assumption that the vortex shedding phenomenon occurs at the inlet of the leading edge and the trailing edge of each impeller blade of a centrifugal compressor, and that the phenomenon is a result of Kelvin–Helmholtz instability, was stated by Bousquet et al. [26]. The fact that the vortex shedding phenomenon resulted from the Kelvin–Helmholtz instabilities that occur in all impeller blade channels is not surprising. Indeed, the origin of this mechanism came from the separation of the boundary layer that formed on the surface of the suction side of the impeller blade, causing increased formation of a low-momentum flow region. The increased formation of the low-momentum flow region affects all impeller blades. The vortex shedding expression with respect to the frequency ratio was defined by [25] based on experiments, where they observed a peak corresponding to the described phenomenon, which Bousquet et al. [26] defined as εR = 6.



This phenomenon is mostly explained by a periodic process of separation of vortices from the leading edge of the blade induced in the direction of flow, but there are no overall separating vortices [27]. Figure 1 shows the expected formation of the vortex and the flow around the leading edge of the blade.



From the point of view of the vortex shedding phenomenon, it was found that the emergence of the phenomenon can be defined through Kelvin–Helmholtz instabilities. Chen [24] described the instability for the compressor impeller as follows. Kelvin–Helmholtz instability refers to shear layer instability. A large velocity gradient across the shear layer makes the layer unstable. There is an increased occurrence in the impellers of centrifugal compressors, and the phenomenon occurs near the leading edge when the mass flow of the compressor is reduced. The generated flow passes from the tip of the leading edge of the discharge side of the blade to the suction side of the blade. This separating flow is highly whirling and moves at a different velocity than the surrounding fluid flows, creating an unstable shear layer. The author defined the described event through the frequency of excitation, i.e., as twice the frequency of rotation of the rotor. In [24], the author developed a study of the vortex shedding phenomenon for a centrifugal compressor with the mentioned parameters.



The occurrence of the shedding vortex phenomenon is related to the speed value in the inlet part of the compressor impeller. Dorney and Davis [25] reported the value of the achieved velocity of the working medium during the experiments. In the experiments, the inlet flow in the axial direction was considered, and the velocity value in the inlet part to the impeller reached the value M1rel = 0.12 [25]. Based on the set definition of the event through the excitation frequency, the expected frequency can be expressed according to [24,25,26,27] in the range (0.33–0.5)fBPF (see Table 1).




2.2. Tip Clearance Phenomena


Another aerodynamic source of noise related to the continuous flow of the working medium in a centrifugal compressor can be designated as TCN. The occurrence of the TCN phenomenon can be related to the clearance value between the tipping edges of the impeller blades and the wall of the compressor casing. This is one of the sources of the noise of the centrifugal compressor. In the case that TCN occurs, the mass flow rate at the inlet to the compressor is lower than the proposed flow rate. It follows from the above that at a certain clearance value, a secondary flow accompanied by vortices occurs during compressor operation conditions. Vortices formed from the secondary flow are generated through radial pressure gradients in the impeller region. The clearance between the tipping edges of the blades and the casing wall defines the part of the flow field in which the working medium reaches a low value of momentum. Due to the influence of radial pressure gradients, the medium with low momentum cannot follow the main direction of the vortex flow; thus, it turns back to the area with a lower pressure value. During the rotation of the medium to the area with a lower pressure value, the formation of spirals vortices and of a leaking flow may occur.



The aerodynamic noise source described can be identified if the supersonic velocity is not reached during the operation of the centrifugal compressor. Raitor and Neise [8] stated the assumption that M1rel < 0.95, which is related to the operation of the centrifugal compressor at subsonic velocity and the formation of TCN. In general, this is the resulting secondary flow that flows back towards the inlet, due to the gap between the edges of the impeller blades and the wall of the compressor casing. The source of TCN can be identified in a radial centrifugal compressor in the inlet section of the compressor. In the inlet part of the compressor, a dominant noise source of TCN occurs at a lower rotation speed and subsonic velocity [8,24]. Similarly, it is possible to prove the occurrence of TCN in a radial compressor in the outlet pipe, but only if the conditions of the velocity and rotation speed of the compressor are met. The occurrence of TCN in the outlet pipe is significantly influenced by the use of a diffuser. The excitation frequency of the TCN can be determined as follows:


  f =     ε   R       f   R   ,  



(5)




where εR = (0.36–0.64)zR, as defined by [8].



Specific factors significantly influence the appearance of the mentioned source of noise in the centrifugal compressor. Among the factors are the design dimensions determining the size of the clearance between the tipping edges of the blades and the wall of the compressor casing. The value of the clearance is further influenced during rotation by the deflection of the blades by centrifugal forces, thermal expansion, but also by the stiffness of the bearing system of the impeller.



In a wide range of rotor rotation speeds with subsonic flow conditions, the radial compressor is dominated by tip clearance noise, which is produced by secondary flow through the clearance between the rotor blade tips and the casing wall, which, in turn, leads to the phenomenon of rotational instability observed earlier in axial flow machines. The mentioned phenomenon related to the formation of secondary flow was defined by [8] in the frequency domain through Equation (5).



Galindo et al. [28] stated assumptions in relation to the conditions for the formation of TCN. The tip clearance noise (TCN) dominated the BPF tone for subsonic flow conditions at low compressor speeds. TCN is a narrowband sound observed at frequencies around half the blade passing frequency (BPF) that increases with rotation speed. Alqaradawi et al. [29] reported on the generated flow through the clearance between the compressor casing and the blade tipping edges. The vortex structure, which was already formed from the leading edge, gradually passed over the tipping edge of the blade, which also confirms the shape of the streamlines [28]. The process of TCN formation in a centrifugal compressor was described by Swamy and Pandurangadu [30]. The TCN in the centrifugal compressor caused leakage of pressurized fluid from the pressure surface to the suction surface of the impeller blade, resulting in a complex flow field and affecting performance.



Towards operating conditions characterized by low mass flow, the time-averaged pressure fields bound to the rotor blades are more asymmetric. This will increase the broadband acoustic sound level by approximately 2–4 dB. The change can be observed in static interference modes at all frequencies. The point spectra of sound pressure level (SPL) show narrowband characteristics in this frequency interval, i.e., εR > 1 [31]. The noise of TCN was identified in the range of spectra in the range (0.5–0.9)εR [32]. Experiments confirm the existence of a tone at approximately 70% of the rotor rotation frequency at the indicated operating point. We attribute this to the failure caused by tip clearance and rotating stall [20].



In the case of the comparison of centrifugal compressors when evaluating the TCN noise source, the relative tip clearance parameter is introduced. In prior studies [30], researchers defined the relative value of tip clearance as the ratio of the clearance of the wheel blades t and the width of the blades at the exit from the impeller b2 by the equation t/b2. The ratio defining the clearance tip was expressed as a percentage. Parameters t and b2 express the relative tip clearance, and their position in the compressor is shown in Figure 2a. The relative tip clearance is used for the purpose of assessing the impact of different designs of the compressor in terms of performance and, at the same time, in terms of generated values of sound pressure levels. With an increased tip clearance value, a significant pressure difference occurs between the suction and pressure side of the impeller blade. The described pressure difference causes a secondary flow in the compressor during operation. The direction of the secondary flow in the impeller is shown in Figure 2b.



Identification of the TCN sound source in centrifugal compressors requires certain assumptions that have been presented in previous publications [8,19,27,28,29]. From the point of view of the operating condition of the compressor, TCN itself dominates at lower operating rotating speeds. At the mentioned compressor speeds, a secondary flow is created, which passes through the clearance between the tipping edges of the blades and the wall of the compressor. The passing secondary flow generates a narrowband sound. At high compressor speeds, TCN cannot be identified. Compressor parameters from individual studies are presented in Table 2, which are used for TCN identification purposes. On the basis of research from prior publications, it is possible to assume the formation of TCN in centrifugal compressors at subsonic velocities. This was the value of the relative velocity of the working medium in the input part of inducer of the impeller, respectively, at the tipping edges of the inducer. When the phenomenon occurred, it was necessary to consider reaching subsonic velocity in the described location with a defined condition M1rel < 0.95, which is confirmed by previous studies [8,27,31]. On the basis of the set definitions of the phenomena, the expected frequency of the phenomenon can be expressed according to [8,19,27,28,29] in the range (0.3–0.9)fBPF through the excitation frequency.



In the case of comparing the range of the predicted frequency of the vortex shedding phenomenon and the range of the frequency of the TCN phenomenon, the values overlap. This is the maximum range value for the vortex shedding phenomenon and the minimum range value for the TCN phenomenon. Both phenomena can be estimated in the above overlapped ranges. When identifying the TCN phenomenon, one can consider frequency values that are in the frequency spectrum bounded by a narrow band. The band in the frequency spectrum defines the frequency range in which the identified TCN frequency is located. When identifying the vortex shedding phenomenon, one can consider the frequency values that appear in the frequency spectrum as one separate value.




2.3. Buzz-Saw Phenomena


In a centrifugal compressor, in addition to the vortex shedding phenomenon and the TCN phenomenon, from the point of view of aerodynamics, one more phenomenon generating noise can be identified. If, during compressor operation, supersonic velocity is reached at the tipping edges of the inducer and at the tipping edges of the impeller at the output, respectively, the condition of M1rel > 0.95 is met, it is possible to define another aerodynamic phenomena under the described conditions. For example, if supersonic conditions occur in a compressor, the dominant frequency of the acoustic sound is caused by the blade passing frequency and its multiples [32]. The event described is expressed by the excitation frequency. Equation (3) can be used to determine the excitation frequency. The calculation of the frequency ratio εR for the buzz saw source, which enters Equation (3), defines the phenomena as super-harmonic. In the case of the acoustic spectrum, taking into account the aerodynamic assumptions, what is known as a buzz-saw occurs.



In terms of the assumptions of the generated aerodynamic phenomena in a centrifugal compressor, Sharma et al. [32] conducted research on this subject. Low-speed operation corresponded to subsonic conditions dominated by TCN as a narrowband sound. A narrowband sound was identified at approximately half the BPF. At higher operating speeds corresponding to transonic conditions, the spectrum was dominated by buzz-saw tones and BPF. Under specific operation conditions, shock pressure waves occurred in the area of the channels of the rotating blades of the impeller, which caused harmonic oscillations of the wheel. The process of the pressure waves reached the character of a saw shape. The occurrence of the noise source was directly related to the achieved velocity in channels with a value of 0.95 < M1rel < 1.14 according to [32].



The main source of the buzz-saw noise was the pressure fields of the rotor itself, which were stable in the reference frame of the rotor, i.e. pressure fields bound to the rotor. At supersonic velocity, peaks the locked rotor pressure fields were controlled by shock waves bound to the blades. The pressure field of the rotor itself propagated upstream in the inlet pipe [8]. Sharma et al. [32] presented the assumed parts of the impeller blades, which are characterized by reaching supersonic velocities during the generated of the buzz-saw source. The achievement of supersonic conditions was visible at the leading edges of the inducer, and at the outlet edges of the main blades and at the splitter blades.



As already mentioned, the pressure fields of the impeller contain a larger number of rotation modes whose velocity is the same as the rotation speed of the impeller. And in the case of the buzz-saw source, each of the impeller speed harmonics is assumed to contain one azimuthal mode. Similar assumptions were mention by Raitor and Niese [8], and they defined the calculation of the angular frequency ωM for the described modes. The essential thing was that the shock waves were created around the edges of the blades. The described shock waves were bound to the edges of the blades, and eventually caused the buzz-saw noise. This is the primary source of noise in transonic axial compressors [8]. The intensities of shock waves are sensitive to the blade geometry and the relative position of the blades. Appropriate blades design can help reduce the intensity of shock waves, which are believed to eventually reduce the tonal sound [33]. In a previous study [24], Chen described the operating conditions of a turbocharger compressor, where supersonic flow was generated in the compressor flow particles, causing the buzz-saw phenomenon. A notable feature was the sharp pressure spike at the leading edge of the blade. This is caused by the impact of the entrance edge of the arc and the discontinuity of the curvature of the blade surface in the area of the leading edge. The main source of the buzz-saw noise was the pressure field of the rotor itself, which was stable in the reference frame of the rotor. At supersonic velocities, this pressure field was dominated by shock and expansion waves that propagated upstream of the compressor. Shock waves were located at or near the leading edge of the blades, while expansion waves were coupled to the blades [34]. For the purpose of comparison and subsequent assessment of suitability for identification needs, compressor parameters from individual studies were presented. At the same time, for the purposes of comparison, the parameters of the compressor from the experimental part were listed. In another publication [8], a study of the inducer of the buzz-saw phenomenon for a centrifugal compressor was developed. The parameters of the compressor are listed in Table 2. Similarly, for the centrifugal compressor from another study [32], the compressor parameters are also described in Table 2. The buzz-saw phenomenon mentioned in prior studies [24] was investigated for a centrifugal compressor, the parameters of which are presented in Table 3. The assumed formation of shock waves in the area of the inlet edges of the impeller blades, and the supersonic speeds achieved, is shown in Figure 3.



The speed of the working medium in the mentioned part must reach supersonic velocity, a similar assumption was made by [8,32,35]. At subsonic velocity, the pressure field of the rotor impeller is not affected by shock and expansion waves. When supersonic velocities are reached, the pressure field of the impeller is affected by shock and expansion waves. The generated expansion waves are bound to the blades, and the generated shock waves can be located near the leading edge of the blades. Acting shock and expansion waves, deviations in the geometry of the individual blades of the wheel, and deviations in the position of the blades generate an irregular pressure curve before entering the impeller. The irregular pressure pattern can be repeated once per wheel revolution. Harmonic excitation of rotation frequencies occurs [36,37]. Shock waves propagate against the direction of flow in the pipeline at different speeds, and the pressure curve takes on the character of an irregular saw-tooth shape. One of the possibilities to achieve a regular sawtooth pressure curve is related to the use of the same geometry of all wheel blades, and the same position of the blades located in the wheel. The radiation of the buzz-saw sound source is significantly manifested in the propagation of waves against the flow direction.



The described frequency reaches a lower value compared to the blade frequency value. Based on the set definitions of the phenomena through the excitation frequency, the expected phenomena frequency can be expressed according to [8,32,34] in the range (0.96–1.1)fBPF.




2.4. Blade Passing Phenomena


Previous sources of negative centrifugal compressor noise were related to aerodynamics. The source of the sound can be identified in the frequency spectrum, which can be determined in terms of the number of blades and the operating speed of the compressor. This is a tonal sound. The tonal sound is produced in a centrifugal compressor due to periodic interactions between the rotating impeller and the compressor casing. In the case of the spiral-shaped compressor, it is assumed that a tonal sound occurs in a place known as the tongue. Another assumed place of origin can be defined in the inlet part of the diffuser of the compressor. The phenomena plot can be labeled as fBPF. Similarly, as with aerodynamic phenomena, it is necessary to determine the excitation frequency. The excitation frequency is defined by Equation (2). The supposed places where the noise source originates in the spiral casing of the compressor is shown in Figure 4.



In a previous study [24], they described the assumption that the BPF noise source was a result of the loading of the blades during rotation. The pressure difference (load) on both surfaces of the blade created a pressure disturbance during rotation. Said interference propagated as a sound wave, the frequency of which was equal to the number of blades and the frequency of rotation of the blades. The amplitude of the sound wave increased with the pressure difference. Raitor and Neise [8] a Liu et al. [16] developed an experimental study of the noise characteristics of the impeller in the inlet and outlet pipes of a centrifugal compressor. In [8], researchers described the influence of tone sound radiation into the pipeline system of the compressor. The tone components in the outlet pipe were higher than in the inlet pipe. This clearly showed that the rotor–stator interaction was important for the sound radiation to the outlet pipe, but not for the radiation to the inlet pipe [8]. With this in mind, the noise of the BPF compressor was radiation primarily from the compressor impeller, and it was extremely difficult for the noise in the diffuser and scroll to propagate through the rotating impeller towards the compressor inlet [16]. The experimental frequency spectrum in the impeller region was dominated by the BPF, with the overall sound level over the entire frequency range compared to the numerical spectrum [32].



Sharma et al. [22] developed a numerical study that dealt with the acoustics of a centrifugal compressor. The study was supplemented with an experimental part and defined the research assumptions from the numerical and experimental part. In the frequency spectrum that was obtained experimentally, the BPF achieved the largest sound pressure value, compared to the numerical spectrum. In the experimental part of the study [29], they defined the influence of the position of the microphone with regard to the achieved BPF value of the noise. The position of the microphone had a large effect on the sound pressure level. If the microphone was located at the outlet of the impeller, there was a more pronounced BPF noise, and its harmonic components were also more pronounced [29]. The experimental results of measurements of the acceleration and sound pressure level at different rotation speeds indicated that the discharge pipe connected to the spiral casing was experiencing excitation to oscillate. This was most intense at the blade passing frequency (BPF) and acted as a major contributor to the compressor noise [35].



Based on the findings stated in the studies of Lee et al. [21], Sharma et al. [22], and Broatch et al. [23], the occurrence of broadband sound appears to occur during compressor operation near the surge limit. In summary, most researchers detected broadband noise near the 1–3 kHz band, which they attributed to operation near surge and backflow related to blade stalling.





3. Materials and Methods


3.1. Experimental Setup


The experimental part of the study was focused on measuring the sound pressure of the turbocharger compressor in an anechoic chamber using six microphones. In order to evaluate and determine the methodology for identifying the aerodynamic sources of compressor sound, a test device was designed that enabled the measurement of boost pressure, temperature, compressor revolutions, acceleration, and flow. The measurement of sound pressure and other parameters was carried out on the compressor of a small Garrett turbocharger of the GT model series. The turbocharger is used to supercharge internal combustion engines, and its parameters are intended for the power range of an internal combustion engine from 37 kW to 97 kW. For measurement purposes, it was necessary to use a complete turbocharger in the test facility, even though the measurements were compressor-oriented. The start of the compressor through the turbine was provided by compressed air from a pressure reservoir located at a distance from the chamber. Air from the reservoir flowed into the inlet part of the turbine through a pressure hose in which the valve was located. Similarly, a pressure hose was connected to the outlet of the turbine, which carried the compressed air away from the turbine. Figure 5a shows the turbocharger placed in the test rig during the experiments. Figure 5b shows experimental centrifugal compressor.



The experimental turbocharger (the compressor’s parameters are given in Table 4) is an assembly created by a radial turbine. The turbine housing is supplemented by a wastegate valve. The turbine inlet and outlet were connected to the air pressure circuit in the test facility. The turbine impeller, together with the shaft and compressor impeller, form the rotor assembly. The bearing housing connects the turbine housing and the compressor housing and also forms the rotor housing. The housing contains a lubrication system, which was connected to a pressure circulation lubrication system during the experiments. The turbocharger system is complemented by a centrifugal compressor, the inlet and outlet of which were connected to a piping system equipped with sensors.



The test equipment used compressed air heated to 600 °C in the combustion chamber as the working fluid. A chamber was located in front of the compressor, where the inlet pressure and temperature were measured and maintained at a constant level. Other measured variables were compressor speed, flow rate, and acceleration. The technical parameters of the sensors are shown in Table 5. The deployment of the sensors and microphones measuring acoustic pressure is shown in Figure 6.



In addition to sensors from Table 5, additional technical equipment was used, such as a B&K acoustic camera, power supply, and a data acquisition device with a B&K analyzer. The B&K acoustic camera placed in the position to the right of the compressor monitored the generated noise sources in the compressor space in real time during the measurement process and made it possible to capture stationary, non-stationary, and transient conditions related to the operation of the compressor. Sensors designed to detect boosting pressure and temperature were installed in the inlet and outlet pipes of the compressor. The flowmeter measured the volume flow in the inlet part of the compressor inlet pipe, in the area before the pressure and temperature sensing. Microphones were placed at measurement points surrounding the compressor in an anechoic chamber. The acceleration sensor as part of the technical equipment of the test rig was placed on the outer surface of the inlet flange of the turbine housing. The designed experimental test rig of the turbocharger, which was used during the experiments, is shown in Figure 6.



The procedure for measuring the sound pressure level emitted by a centrifugal compressor was implemented for six speed lines of the compressor. At each revolution line, the acoustic pressure was recorded from six microphones, as well as the course of the volume flow. Furthermore, the course of the turbocharger pressure and temperature of the working medium was recorded. Determining the rotation speed of the compressor provided information about the achievement of the necessary speed for starting the recording of the measured values. Adjusting the position of the valve in the output pipe of the compressor ensured that the compressor rotation speed needed to start recording the measured values were achieved. The measurements of the quantities for specific rotation speed were obtained at five points. From the measured selected data, the course of the quantities in the time interval was obtained, with the assumption of considering the steady state. The data were further used during processing in the Matlab R2021a program for the purpose of FFT analysis and work with the characteristics of the compressor in order to create a methodology for identifying the aerodynamic sources of noise in a centrifugal compressor.




3.2. Results Processing Method


The described aerodynamic sources of compressor noise were identified based on empirical relationships with the assumed position of the source in the frequency spectrum. The use of empirical relationships and the identification of sources required the definition of a methodological procedure. The proposed source identification methodology assumed the use of the measured acoustic signal through microphones, signal processing by FFT analysis, and the use of the EWT method for spectrum segmentation, signal filtering, and signal demodulation. In the segmentation process, several boundaries emerged in the spectrum to which empirical modes can be assigned. The largest spiciness components with the corresponding frequency values in the spectrum were extracted from the empirical modes. Input parameters intended to identify the sources included acoustic pressure, reduced flow rate, compressor speed, temperature, and pressure of the working medium in the area of the wheel intake. They were also used for identification determined values of the relative Mach number of the working medium in the area of the wheel intake. The identification algorithm was designed in the PyCharm 2025.1.1.1 program.



The individual steps of the flowchart workflow (Figure 7 and Figure 8) are defined as follows:



	
Step 1: In the first step, it was necessary to process the obtained signal pa(t) through the FFT analysis algorithm. FFT analysis was used in the proposed development diagrams in order to create a spectrum y(p+1).



	
Step 2: The spectrum obtained by FFT analysis was subsequently decomposed adaptively by detecting local maxima of the signal through the EWT method.



	
Step 3: Extraction of select features from the EWT mode by the demodulation of the signal pa(t).



	
Step 4: In order to classify aerodynamic noise sources, the features from the extraction were classified according to individual types.



	
Step 5: After reaching convergence, the display of the assumed sources was finished. The running algorithm was terminated.



	
Step 6: In last step, the algorithm plotted an FFT spectrum and compressor noise map with the identities of the noise sources of the compressor.






The aforementioned algorithm intended to identify the dynamic sources of the noise of the centrifugal compressor could use the acoustic signal generated from the results of the numerical simulation of the acoustics of the centrifugal compressor. Commercial programs dealing with the numerical solution of acoustics could be used to simulate the acoustics of the reciprocating compressor. When choosing programs, it is necessary to plan the cooperation of the algorithm with the post-processing of the simulation program. From the assumed programs, software from the Hexagon software company (Actran) or Ansys software (Acoustics) can be selected.





4. Results and Discussion


Measurements of the sound pressure level of the compressor were carried out in several operating conditions of the compressor. A series of sound pressure level measurements was made using six microphones, whose task was to record changes in sound pressure, with respect to operating points in the characteristic of the compressor. Figure 9 shows an overview of the points in the compressor characteristic where the sound pressure level measurements were plotted using the PyCharm 2025.1.1.1 program.



The sound pressure level results from microphones 5 and 6 were used for the evaluation. Microphone 5 was located between the vertical and horizontal positions, respectively, in the place between microphone 2 and microphone 6. Microphone 6 was placed in a horizontal position, in the space of the inlet and outlet pipes of the compressor. In comparison with the position of microphone 4, microphone 6 provided a more appropriate recording of the progress of the sound pressure level of the compressor, in the case of focusing on aerodynamic sources of noise. For the purposes of evaluation, the values of the frequency ratio for the amplitudes of the levels were obtained for the acoustic pressure values in the frequency spectra for microphones 2, 5, and 6. The obtained values of the frequency ratio, which were tied to a specific amplitude, can be seen in Figure 10. The graphical results from the FFT analysis were plotted using the Matlab R2021a program.



In the spectrum, in addition to the BPF, there were also aerodynamic sources that can be seen in the range from 2 to 8 of the frequency ratio. Furthermore, the rotor rotation frequency fR was marked in the spectrum. In the range from 7 to 9, the expected occurrence of aerodynamics was the represented by identified noise sources. In order to assign the type of aerodynamic source to the value of the frequency ratio in the spectrum, it was necessary to define the conditions. The first condition was related to reaching the Mach number of the inducer blades of the impeller. The condition defined by the value of the relative speed of the working medium M1rel > 0.95 was fulfilled. The second condition is related to the value of the frequency ratio εR determined for a specific aerodynamic event. When comparing the selected value of εR to the estimated source, it was found that the value of the ratio was in the range according to Table 3. The position of the source in the frequency spectrum was included in the assumed range (0.96–1.1)fBPF, which was given in Section 2.3.



The estimated aerodynamic source can be called the buzz-saw. In the case of TCN source identification, the same procedure can be used. The first condition was related to the value of the relative Mach number of the working medium in the inducer of the impeller, which was not met, i.e., M1rel < 0.95. The second condition was not met, because it was not possible to clearly determine the area suitable for assignment in the spectrum narrowband sound. The last verified aerodynamic source of the centrifugal compressor, mentioned in Section 2.1, was created in the case of meeting the condition of the relative Mach number of the working medium in the inducer of the impeller. The condition assumed the character of non-fulfillment if the relative Mach number of the inducer of the impeller M1rel > 0.95 was reached. When meeting the first condition, a source could be identified in the spectrum below the value of 4.



The next examined spectrum corresponded to a compressor speed     n   R   = 147,300     m i n   − 1    . Figure 11 shows the results of the FFT analysis for the compressor rotation speed     n   R   = 147,300     m i n   − 1    .



In the spectrum for revolutions nR = 147,300 min−1, the BPF noise source was identified at the highest achieved sound pressure value of 82 dB. In the spectrum, there were several maxima of sound pressure values in the range from 2 to 7. The procedure for identifying sound sources in the spectrum was the same as for the previous revolutions of the compressor. The position of the source in the frequency spectrum could be included in the assumed range, which was given in Section 2.2. The fulfillment of the second condition for the TCN source was related to the calculation of the frequency ratio εR. The calculated value of εR was in the range according to Equation (5). In the spectrum, it was possible to identify an area at the value of the frequency ratio of 6, which was assigned to narrowband sound. The position of the source in the frequency spectrum was included in the expected range from Section 2.2. The identification of the buzz-saw noise source for the described revolutions was developed in the spectrum above 4. The first identification condition was related to the required value of the Mach number. The condition was not met.



Aerodynamic sources in the frequency domain could be plotted in the compressor characteristics. The position of the individual sources in the characteristic was expressed by the points, which were defined by the dependence of the reduced mass flow and speed lines. In the characteristic of the compressor, an area with a certain distribution of points representing noise sources was created. The number of points and the position were directly related to the identified sources of the frequency domain depending on the reduced speed of the compressor. The area characteristic of the compressor, which was filled by the points, allowed the assignment of a specific aerodynamic source to a specific point.




5. Conclusions


Processing the results of centrifugal compressor measurements was one of the objectives of the study. The obtained measurement results included the values of the boost pressure, mass flow rate, compressed air temperatures, and acoustic pressure for the specified compressor speeds. The acoustic pressure values were processed using the Matlab program to create FFT analysis spectra. The FFT spectra were used in the proposed methodology for identifying aerodynamic noise sources. Another objective was to propose a methodology for identifying compressor noise sources.



The proposed methodology made it possible to identify the described sources, such as vortex shedding, TCN, buzz-saw, and BPF.



The methodology assumed the processing of the acoustic pressure signal necessary for the functionality of the proposed algorithm. Further development of the methodology resulted in the connection of the proposed algorithm and the numerical simulation of compressor aeroacoustics. Examples of identifying aerodynamic noise sources in FFT spectra were determined. Another result of the identification was the compressor map with a specified compressor noise map. The compressor map with the noise map and FFT spectra were created as outputs from the identification methodology.



The advantages of the study aimed at identifying the aerodynamic sources of centrifugal compressor noise were based on the possibility of directly verifying the assumptions published in other studies on a real turbocharger compressor. Another advantage was related to the use of measured results and FFT analysis. FFT analysis enabled faster identification of the assumed source of compressor noise through the frequency domain. In the case of determining the methodology for assigning maximum frequency values to a specific noise source in the frequency spectrum, the identification time was shortened compared to the results of numerical simulation of aeroacoustics. Based on a defined procedure, the proposed algorithm identified the resources in relation to the operating state of the compressor.



The study has the following limitations:




	-

	
Its conclusions cannot be automatically applied to other compressors.




	-

	
The influence of the working medium temperature on the compressor’s acoustic pressure results was not monitored.




	-

	
The source of noise could also be the result of the dynamics of the rotor or turbine itself.









These areas also point to the direction of further research, along with the possibility of optimizing the algorithm for transonic conditions.
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Figure 1. View showing the presumed formation of the vortex core and streamlines around the leading edge of the compressor wheel blade during operation and the depiction of the presumed source in the spectrum. 
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Figure 2. View showing (a) a centrifugal turbocharger compressor with marked parameters defining the relative clearance of the tip and (b) the assumed direction of the secondary flow in the impeller during the operation of the compressor at the occurrence of TCN with the assumed identification in the frequency spectrum. 
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Figure 3. A view showing the expected formation of shock waves in the area of the inlet leading edges of the blades at supersonic flow velocities in the impeller during compressor operation in the case of a buzz-saw based on [31] and an example of the identification of a noise source in the frequency spectrum. 
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Figure 4. View showing the assumed locations of the BPF noise source in the centrifugal compressor casing, based on [38]. 
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Figure 5. View showing the experimental turbocharger (a) placed in the test rig; (b) 3D model of the experimental centrifugal compressor. 
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Figure 6. View showing the designed compressor test rig with sensors for pressure, temperature, speed, flow, and microphone deployment in an anechoic chamber. 
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Figure 7. Flow diagram of the identification of aerodynamic noise sources of the centrifugal compressor based on a measured signal. 
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Figure 8. Flow diagram of the identification of aerodynamic noise sources as a combination of the numerical approach and proposed methodology. 
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Figure 9. Compressor noise map with the marked area (points) of sound pressure level measurements. 
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Figure 10. FFT evaluation in the frequency domain for the compressor rotation speed     n   R   = 206,200     m i n   − 1    , at compression ratio     π c   = 1.9   and flow rate       m ˙    r e d    = 0.15   kg / s  , with an indication of the expected occurrence of noise sources for better identification of the working condition. 
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Figure 11. FFT evaluation in the frequency domain for compressor rotation speed     n   R   = 147,300     m i n   − 1    , at a compression ratio of     π c   = 1.2   and a flow rate of       m ˙    r e d    = 0.11 kg / s   with an indication of the expected occurrence of noise sources for better identification of the working condition. 
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Table 1. List of parameters of centrifugal compressors mentioned in studies investigating the aerodynamic phenomenon of the vortex shedding type.
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	Author
	      ε   R      
	      M   1 r e l      
	      z   R      
	      π   C      
	    m    m ˙    r e d      
	      n   R      
	      r   v      
	      r   n      





	Chen [24]
	   6   
	   U / A   
	   16   
	   2.5   
	   1.6 – 1.8   
	   38,000   
	   U / A   
	   U / A   



	Dorney a Davis [25]
	   5.6   
	   0.12   
	   17   
	   1.182   
	   U / A   
	   7715   
	   152.4   
	   50.8   



	Bousquet et al. [26]
	   6   
	   U / A   
	   16   
	   2.55   
	   1.8   
	   38,000   
	   U / A   
	   U / A   



	Hong et al. [27]
	   5   
	   0.28   
	   10   
	   2.9   
	   0.36   
	   80,000   
	   29.7   
	   9.7   



	Summarization
	   5 – 6   
	   0.12 – 0.28   
	   10 – 17   
	   1.2 – 2.9   
	   0.36 – 1.8   
	   7715 – 80,000   
	   29.7 – 152.4   
	   9.7 – 50.8   










 





Table 2. List of parameters of centrifugal compressors mentioned in studies investigating the aerodynamic phenomenon of the TCN type.
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	Autor
	      ε   R      
	      M   1 r e l      
	      z   R      
	      π   C      
	    m    m ˙    r e d      
	      n   R      
	      r   v      
	      r   n      





	Raitor and Niese [8]
	   9.3 – 16   
	   0.95   
	   26   
	   4.0   
	   2.3 – 2.8   
	   50,000   
	   78   
	   26   



	Mendoca et al. [20]
	   4.3 – 7.6   
	   U / A   
	   12   
	   2.95   
	   0.28   
	   160,000   
	   U / A   
	   U / A   



	Sharma et al. [22]
	   5 – 8.9   
	   0.9   
	   14   
	   2.34   
	   0.315   
	   7736   
	   33.5   
	   8.2   



	Galindo et al. [28]
	   4.3 – 7.6   
	   0.9   
	   12   
	   2.22   
	   0.168   
	   85,000   
	   U / A   
	   U / A   



	Alqaradawi et al. [29]
	   10.8 – 19.2   
	   U / A   
	   30   
	   4.0   
	   4.5   
	   21,789   
	   U / A   
	   U / A   



	Swamy a Pandurangadu [30]
	   U / A   
	   U / A   
	   16   
	   1.018   
	   19.7   
	   2000   
	   150   
	   75   



	Summarization
	   4.3 – 19.2   
	<  0.95  
	   12 – 30   
	   1.02 – 4.0   
	   0.16 – 4.5   
	   2000 – 160,000   
	   33.5 – 150   
	   8.2 – 75   










 





Table 3. List of parameters of centrifugal compressors mentioned in studies investigating the aerodynamic phenomenon of the buzz-saw type.






Table 3. List of parameters of centrifugal compressors mentioned in studies investigating the aerodynamic phenomenon of the buzz-saw type.





	Autor
	      ε   R      
	      M   1 r e l      
	      z   R      
	      π   C      
	       m ˙    r e d      
	      n   R      
	      r   v      
	      r   n      





	Raitor and Niese [8]
	   4 – 6   
	   1   
	   26   
	   4.0   
	   2.3 – 2.8   
	   50,000   
	   78   
	   26   



	Chen [24]
	   U / A   
	   U / A   
	   16   
	   2.5   
	   1.6 – 1.8   
	   38,000   
	   U / A   
	   U / A   



	Sharma et al. [32]
	   6 – 8   
	   0.9 – 1.14   
	   14   
	   2.34   
	   0.315   
	   77,360   
	   33.5   
	   8.2   



	Wang [34]
	   5   
	   1.7   
	   26   
	   5.5   
	   2.55   
	   50,000   
	   39   
	   15   



	Alenius [35]
	   5 – 6   
	   1   
	   U / A   
	   2.9   
	   0.35   
	   185,000   
	   U / A   
	   U / A   



	Summarization
	   4 – 8   
	   0.9 – 1.7   
	   14 – 26   
	   2.34 – 5.5   
	   0.315 – 2.8   
	   38,000 – 185,000   
	   33.5 – 78   
	   8.2 – 26   










 





Table 4. Centrifugal compressor parameters.






Table 4. Centrifugal compressor parameters.





	Parameter
	Symbol
	Value





	Pressure ratio
	     π   C     
	   2.7   



	Corrected mass flow
	      m ˙    r e d     
	   0.22   k g / s   



	Rotation speed of compressor
	     n   R     
	   250,000     m i n   − 1     



	Number of blades
	     z   R     
	   8   



	Diameter of inlet to the compressor
	     D   v     
	   ∅   30.9   m m   



	Mean diameter of inlet to the compressor
	     D   1     
	   ∅   20.8   m m   



	Max. hub diameter of inlet to the compressor
	     D   n     
	   ∅   9.1   m m   



	Tip clearance
	   c   
	   0.28   m m   



	Type of impeller
	-
	   S e m i   O p e n e d   










 





Table 5. Parameters of the sensors of the test rig.






Table 5. Parameters of the sensors of the test rig.





	Quantity
	Manufacturer
	Type
	Accuracy





	Temperature
	Variohm
	ETP-AM-SP-100PT
	   ± 0.3   K   



	Pressure
	Variohm
	EPT12R
	  ± 1 %   at temp. room



	Rotation speed
	Micro–Epsilon
	DZ 140–DS1
	   < ± 0.2 %   



	Flow
	CS–Instruments
	VA–570
	   ± 1.5 %   



	Acceleration
	B&K
	4527-C
	   < ± 5 %   



	Acoustic pressure
	B&K
	2669-C
	   < ± 3 %   
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