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Abstract

To address the complex operating conditions and challenging dynamic characteristics of
bearings in the main shaft transmission system of wind turbines, this study investigates a
specific wind turbine model. By comprehensively considering factors such as main shaft
structure, cumulative damage, and stochastic wind loads, we adopt a modular analysis
framework integrating the wind field, aerodynamics, the structural response, and fatigue
life prediction to establish a method for predicting the fatigue life of main shaft bearings
under stochastic wind conditions. To verify this method, the fixed-end main shaft bearing of
a 4.5 MW wind turbine was selected as a case study. The research results show the following:
(1) Increases in both average wind speed and turbulence intensity significantly shorten the
fatigue life of the bearing. (2) Higher turbulence intensity amplifies the dispersion of the
speed and load of rolling elements, thereby increasing the probability of extreme operating
conditions and exerting an adverse impact on fatigue life. (3) The average wind speed
has a significant influence on the overall fatigue life: within a specific range, the fatigue
failure probability of the main bearing increases as the average wind speed decreases.
(4) The impact of wind speed fluctuations on the hub center load is much greater than that
caused by rotational speed changes. (5) In addition, the modular design method adopted
in this study calculates that the fatigue life of the fixed-end bearing is 28.8 years, with
an overall error of only 0.8 years compared to the 29.6-year fatigue life obtained using
Romax simulation software. This research provides important theoretical references and
engineering value for improving the operational reliability of wind turbines and enhancing
the accuracy of bearing fatigue life prediction.

Keywords: wind turbine; main bearing; random wind speed; aerodynamic loading; fatigue
life prediction

1. Introduction
Wind energy constitutes one of the most rapidly growing electricity generation sources.

However, turbines operating in extreme environments frequently experience premature
component failures. Research demonstrates that main shaft bearings exhibit particular
vulnerability to premature failure, with actual service lives consistently falling below
theoretical design lifetimes [1]. This accelerated degradation occurs primarily because main
bearings support substantial rotor and shaft masses while simultaneously being subjected
to severe dynamic loading from stochastic environmental conditions—including variable
wind fields, atmospheric pressure fluctuations, and random load variations. Consequently,
accurate fatigue life analysis requires careful assessment of random wind speed effects.
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Current research on the fatigue life of wind turbine main shaft bearings primarily
focuses on three directions: multiphysics coupling modeling, dynamic load characteristic
analysis, and data-driven life prediction methods. Additionally, advanced techniques
such as stochastic resonance array technology and noise-enhanced weak signal detec-
tion in fractional-order nonlinear systems demonstrate significant potential for extracting
subtle fault features in high-noise environments, offering new perspectives for condition
monitoring and fault diagnosis [2–4]. (1) In the field of multi-field coupled modeling,
Li et al. [5] combined the thermal-fluid-solid coupling model with Voronoi microscopic
characterization to analyze the bearing microscopic stress and motion law, and established
the fatigue life prediction method. Lu et al. [6] proposed the CDTA method (coupled diffu-
sion process + time-attention mechanism), which can significantly improve the accuracy
of residual life prediction through the enhancement of time-sequence features (PHM 2012
dataset). Zhao et al. [7] combined the multi-axis load statistics and transient contact model
to predict the wheel bearing life through the improved LP theory and iterative algorithm,
and the validity was verified by a bench test. (2) In the field of dynamic load characteri-
zation, Wang et al. [8] improved the LP theory to establish a damage model considering
the load sequence, revealed the influence of variables through sensitivity analysis, and
verified the validity of the model with 6209 bearings; Cavacece et al. [9] revealed the inter-
facial degradation mechanism of self-aligning roller bearings under high load oscillations
through durability testing and topographic analysis, and compared it with deep groove ball
bearings. Kong et al. [10] developed a dynamic model of a gear-bearing system, revealing
that the load fluctuation caused by meshing significantly reduces the life, and corrected the
prediction deviation of the static model. William Jacobs et al. [11] explored the dynamic
change in the oil film and the early polished wear (0.5% of the life period) under high
variable loads through multi-axis acceleration tests, revealing the early failure mechanism.
Guo et al. [12] combined vehicle–rail dynamics and LP theory to propose a life prediction
method for motor bearings considering wheel–rail impacts, revealing the accelerated dam-
age effect of flat scars >30 mm. (3) In the data-driven field, Gao et al. [13] constructed a
degradation model based on Bayesian theory, fused the vibration features and dynamically
updated the parameters by the M-H algorithm to achieve accurate life prediction in the
XJTU-SY dataset. Ying et al. [14] established a 4-stage model with roughness/cracking,
dynamically updated the parameters by RMS, and realized the crack growth as an indicator
of free crack growth. Guo et al. [15] fused the gray model/CEEMD/RVM and realized
long-term stable prediction by error reconstruction and online update.

However, studies specifically addressing the fatigue life of main bearings under the
direct influence of random wind speeds remain scarce. This gap stems from two main
challenges: the strong spatiotemporal randomness of wind fields leading to complex,
fluctuating bearing loads, and the high cost and difficulty in obtaining the massive real-
world data required for traditional data-driven methods.

To address these challenges, this study proposes a novel modular framework for
predicting main bearing fatigue life under random wind conditions. The main contents of
this study are as follows: (1) A turbulent wind speed model is established by superimposing
sinusoidal waves of specific frequencies and modes, and a time-varying wind field with
different mean wind speeds and turbulence levels is obtained according to the design
standard of the International Electrotechnical Commission (IEC). (2) Based on the BEM
theory, the aerodynamic loads of wind turbine blades are calculated, and the transformation
from random wind speed to hub center load is realized. (3) Taking the main shaft structure
of a 4.5 MW wind turbine as the object of analysis, the internal and external loads of
the wind turbine are converted into axial and radial loads applied to the fixed-end main
shaft bearing through mechanical analysis. (4) The framework of bearing dynamics and
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L-P-Miner fatigue analysis is constructed, and the technical feasibility of the proposed life
prediction method is verified using a 4.5 MW wind turbine as an object.

2. Fatigue Life Prediction of Wind Turbine Main Bearings Under Random
Wind Speeds

As a critical component of the transmission system, the main shaft bearing of a wind
turbine withstands substantial impeller gravity and aerodynamic thrust loads. Natural
wind is characterized by high turbulence intensity, with random spatiotemporal variations
in both speed and direction. These fluctuations induce corresponding changes in the
aerodynamic loads acting on the blades, which are then transmitted through the hub to the
main shaft and bearings. As a result, the main shaft bearing experiences high-frequency
random fluctuations in axial thrust, radial force, and pitching moment [16,17]. This complex
loading environment subjects the bearing to a highly dynamic, multi-directional stress
state, rather than a condition of constant force. In light of this, the present study establishes
a modular fatigue life prediction method for main shaft bearings under stochastic wind
fields, encompassing five key steps: random wind speed generation, aeroelastic simulation,
evaluation of external loads on the main shaft bearing, analysis of internal bearing loads,
and fatigue life prediction.

2.1. Turbulent Wind Speed Model

A turbulent wind speed model is obtained by superimposing sinusoidal waves of
specific frequencies and modes to simulate the spatial structure and temporal variation in
turbulence as the principle:

vw,turn(µ, ψ) = vw[1 + Asin(2πiµ)sin(jψ)]

A = σu
vw

i = f ·R
vw

j = k · B

µ = r
R

ψ = ωt + 2π(j−1)
B

(1)

In the equation, vw is the average wind speed at the hub height, in m/s; A is the
turbulence intensity scaling factor; σu is the turbulence intensity; i is the radial pulsation
frequency; j is the circumferential pulsation frequency; B is the number of blades; µ is the
dimensionless radius; r is the local radius, representing the distance from a point on the
blade cross-section to the hub center; R is the tip radius; ψ is the blade azimuth angle,
in rad.

This turbulent wind speed model balances computational efficiency with the need
to capture turbulent spatial coherence and critical frequencies of wind turbines through
simplified physics-driven engineering, providing a parameterized foundation for IEC load
simulation. Using the turbulent wind speed model, random, full-field turbulent wind
fields are generated. According to the design standards of the International Electrotechnical
Commission (IEC), time-varying wind fields with different average wind speeds and
turbulence levels are defined. As shown in Table 1:

Table 1. Turbulence Levels in IEC Design Standards.

Turbulence Level Turbulence Intensity

A 0.16
B 0.14
C 0.12
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2.2. Aeroelastic Simulation of Wind Turbines

The aerodynamic load calculation of a 4.5 MW wind turbine blade is carried out
according to the BEM theory [18]. First, assume initial values a = 0 and a′ = 0; calculate the
parameter values for the initial inflow angle ϕ, F, σ′, Cn, and Ct; substitute these values
into the solutions for the axial and tangential disturbance factors; and if convergence is
achieved, output a and a′; if not, re-assume the values of a and a′.

If a ≤ a_c, then:

a =
1

4Fsin2 ϕ
σ′Cn

+ 1
(2)

If a > ac, then:

a =
1
2

[
2 + K(1 − 2ac)−

√
(K(1 − 2ac) + 2)2 + 4(Ka2

c − 1)
]

(3)

a′ =
1

4Fsinϕcosϕ
σ′Ct

− 1
(4)

K =
4sin2ϕ

σ′Cn
(5)

According to the conservation of momentum:

tanϕ =
(1 − a)vw

(1 + a′)ωr
(6)

F = f root · f tip (7)

σ′ =
cB

2πr
(8){

Cn = Clcosϕ + Cdsinϕ

Ct = Clsinϕ − Cdcosϕ
(9)

In the equation, ac is the critical value, taken as 0.2; ϕ is the angle of attack, in radians;
F is the Prandtl correction factor; σ′ is the solidity; Cn and Ct are the normal/tangential
coefficients; a′ is the tangential interference factor; and a is the axial interference factor.

Dynamic angle of attack correction:

α = ϕ − θtwist − θpitch + ∆αtilt + ∆β (10)

∆αtilt = [γtilt + γtower]cosψ (11)

γtower = arctan
(

δtower

H

)
(12)

θtwist is the blade twist angle, in degrees; θpitch is the unified pitch angle, in degrees;
γtilt is the rotor tilt angle, in degrees; γtower is the tower displacement angle, in degrees; ∆β
is the independent pitch angle, in degrees.

Split the blade into a number of leaf elements along the spreading direction; each
leaf element is regarded as an independent airfoil, and the rotating blade is regarded as
an actuating disk. Analyze the conservation of mass and momentum in the flow tube,
and solve for the combined force per unit spreading length, determining the aerodynamic
density of the leaf elements in the direction of the three degrees of freedom as follows:
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
F′

n = 1
2 ρw2

relcCncos χ

F′
r =

1
2 ρw2

relc(Cl + Cd)sin χ

F′
t =

1
2 ρw2

relc(Clsin ϕ − Cdcos ϕ)

(13)

Relative wind speed:

wrel =
vw(1 − a)

sin ϕ
(14)

Angle between blade and vertical plane:

χ = δ − (γtilt + γtower)sin ψ (15)

Cl and Cd are the lift/drag coefficients of the airfoil, whose values are related to the
dynamic angle of attack α; c is the chord length of the blade.

Integration of the leaf vein aerodynamic density yields the blade root load:

Froot =
∫ R

0

F′
r

F′
t

F′
n

dr, Mroot =
∫ R

0

 0
0

rF′
t

dr (16)

Rotation matrix (azimuth ψj):

Tj =

cosψj −sinψj 0
sinψj cosψj 0

0 0 1

 (17)

Transformation of blade root loads in conjunction with a rotation matrix:

Fhub
j = TjFroot,j, Mhub

j = Tj Mroot,j (18)

Hub center force synthesis:

Fhub =
N

∑
j=1

Fhub
j =

N

∑
j=1

TjFroot,j (19)

Decomposition of translational degrees of freedom:
Fx = Fhub ·

[
1, 0, 0]T

Fy = Fhub ·
[
0, 1, 0]T

Fz = Fhub ·
[
0, 0, 1]T

(20)

Wheel hub center moment of force synthesis:

Mhub =
N

∑
j=1

(
Mhub

j + rj × Fhub
j

)
(21)

The radial vector rj is the offset vector from the root of the blade to the center of
the hub.

rj =
[
0, 0,−zhub]

T(zhub > 0) (22)
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Rotational freedom decomposition:{
My = Mhub ·

[
0, 1, 0]T

Mz = Mhub ·
[
0, 0, 1]T

(23)

Spindle speed:
RotSpeed = P0/Mhub (24){

P0 =
1
2

ρπR2V3CP (25)

In the equation, P0 is the output power of the impeller (the input power of the trans-
mission system); ρ is the air density, kg/m3; R is the impeller radius, in meters; V is the
wind speed, m/s; CP is the wind energy utilization coefficient.

2.3. Assessment of External Loads on Main Bearings

Wind turbine drivetrains typically employ two hub-bearing configurations. The first
utilizes a single main bearing, while the second incorporates dual bearing rows arranged
in a straddle-mounted or downwind configuration. Both configurations demonstrate
analytical equivalence, though this study focuses on the more prevalent straddle-mounted
arrangement. As main shafts typically incorporate a tilt angle, we decompose the 5-degree-
of-freedom hub load sequence into orthogonal Cartesian components relative to the shaft
coordinate system for enhanced analytical clarity. The hub center coordinates, spindle
system layout, and stress analysis are shown in Figures 1–3.

 
Figure 1. Diagram showing the center coordinates of the wheel hub.

Figure 2. Layout diagram of the main shaft system.
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Figure 3. Simplified diagram of the force analysis of the main shaft.

Balance equation along the X axis:

FX + FBX + FDX + M1gsinα + M2gsinα = 0 (26)

Balance equation along the Y axis:

FX + FBX + FDX + M1gsinα + M2gsinα = 0 (27)

Balance equation along the Z axis:

FZ + FBZ + FDZ − Mlgcosα − M2gcos α = 0 (28)

Take the rectangle at point A, and the equilibrium equation around the Y-axis:

MY + FBZL1 + Mlgcosα(L1 + L2)− FDZ(L1 + L2 + L3)

+M2gcosα(L1 + L2 + L3 + L4) = 0
(29)

Take the moment of A point, and the equilibrium equation around the Z axis:

MZ + FBY L1 + FDY(L1 + L2 + L3) = 0 (30)

Radial force Fa on the fixed-end bearing of the spindle:

Fr =

√
FDY

2 + FDZ
2 (31)

Axial force Fa on the fixed-end bearing of the spindle:

Fa = FDX (32)

Radial force Ffr on the floating-end bearing of the spindle:

Ff r =
√

F2
BY + F2

BZ (33)

Since the floating-end bearing of the spindle does not bear axial force, its axial force
Ffa = 0. The hub load, torque, spindle drive system size, and other data can be put into
the Formulas (26)–(33) to calculate the fixed-end bearing random wind speed axial load
and radial load. Similarly, the axial load and radial load under random wind speed can be
calculated for the floating-end bearing.

2.4. Theoretical Calculation of Internal Load Distribution of Main Bearings

Spherical roller bearings in the form of double rows of rollers can withstand strong
radial loads and some axial loads. Due to the lack of constraint relationship between the
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inner and outer rings, spherical roller bearings cannot withstand moment effects [19]. In
order to analyze the roller-raceway contact force and the corresponding displacement of
the bearing under external load, the global and local coordinate system of the bearing
established by taking the center of the outer ring and the center of each roller as the origin,
respectively, F = [Fx,Fy,Fz] is the external load applied to the inner ring of the bearing, and
δ = [δx,δy,δz] is the corresponding displacement of the inner ring under the action of each
load. The parametric model of the ROMAX main bearing is shown in Figure 4.

  
(a) Floating-end bearings (b) Fixed-end bearing 

Figure 4. ROMAX main bearing parametric model.

The rollers of self-aligning roller bearings come into contact with the inner and outer
rings via spherical raceways. When there is an angular misalignment between the inner
and outer rings, a certain inclination angle is generated between their radial cross-sections,
thereby achieving automatic self-alignment [20]. For convenience in calculation, it is
specified that, when the inner ring is offset in the clockwise direction as shown in the figure,
the self-aligning angle αs is positive; otherwise, it is negative. The arrangement of rollers in
self-aligning roller bearings can be either parallel or staggered, meaning that there may be
an offset angle θ1t2 between the first and second rows of rollers. Bearing roller numbering,
position angle, and local coordinate system, as shown in Figures 5 and 6.

Figure 5. Bearing roller numbers and position angles.
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Figure 6. Local coordinate system.

Specify the roller number 1/2j and then the position angle of the jth roller in the 1st
and 2nd columns:

θ1j/2j =
2π

Z
(j − 1) + θ0 + θ1t2 (34)

In the formula, the interlacing angle θ1t2 is only effective for the position angle of the
second column of rollers.

Based on geometric relationships, the displacement of the jth axial section of the inner
ring raceway along the Yr1j/r2j axis can be obtained.{

δi1j = δycosα1jcosθ1j + δzcosα1jsinθ1j − δxsinα1j

δi2j = δycosα2jcosθ2j + δzcosα2jsinθ2j + δxsinα2j
(35)

In the formula, α1j and α2j are the contact angles of the jth roller in the 1st and 2nd
columns, respectively.

When the bearing generates an alignment angle αs, the contact angles α1j/2j of each
roller will change with different position angles θ1j/2j, specifically as follows:

α1j/2j =

{
αini +

∓2θ1j±π

π αs, 0 ≤ θ1j/2j ≤ π

αini +
±2θ1j∓3π

π αs, π < θ1j/2j < 2π
(36)

In the formula, the upper and lower symbols are used for the first and second columns
of rollers, respectively.

When the inner ring of the bearing undergoes displacement in the global coordinate
system, the rollers also undergo corresponding motion. Therefore, the relative displace-
ments between the jth roller in the first and second rows and the inner and outer ring
raceways are, respectively, {

δir1j/ir2j = δi1j/i2j − δr1j/r2j

δor1j/or2j = δr1j/r2j
(37)
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In the equation, δr1j and δr2j represent the displacement of the jth roller in the 1st and
2nd columns along the Yr1j and Yr2j axes, respectively. The subscripts i and o represent the
inner and outer rings, respectively.

Further, the normal contact deformation between the jth roller in columns 1 and 2 and
the inner and outer ring raceways can be obtained as follows.

δi1jp/o1jp/i2jp/o2jp = δir1j/or1j/ir2j/or2j −
Pd

4cosα1j/2j
(38)

In the formula, Pd is the radial clearance of the self-aligning roller bearing, which is
taken as 0.398 in this paper.

The raceway of the roller contacts the ellipse as shown in Figure 7. According to Hertz
point contact theory [21], the normal contact loads between the jth roller in the first and
second rows of the bearing and the inner and outer ring raceways are respectively

Qi1j/i2j = Kiδ
3
2
i1jp/i2jp

Qo1j/o2j = Koδ
3
2
o1jp/o2jp

(39)

Figure 7. The raceway of the roller contacts the ellipse.

In the equation, Ki and Ko are the contact stiffness coefficients of the inner and outer
ring raceways and rollers, respectively. If the calculated values of δi1jp/i2jp and δo1jp/o2jp

are negative, it indicates that the rollers are not loaded, and the corresponding Qi1j/i2j and
Qo1j/o2j should be set to zero.

Where Ki and Ko can be expressed as

Ki/o =
2.0678π

3
(

1−ν2
i/o

Ei/o
+ 1−ν2

r
Er

)
√√√√√√
[
2.0006 + 1.1936

(
Rirx/orx
Riry/ory

)]( Riry/ory
Rirx/orx

)1.272[
1.5277 + 0.6023ln

( Riry/ory
Rirx/orx

)]3
∑ ρir/or

(40)

In the equation, νi/o, Ei/o, and Er are the Poisson’s ratios and elastic moduli of the
inner and outer rings and rollers, respectively. Rirx/orx and Riry/ory are the equivalent radii
of the contact ellipse between the inner and outer rings and rollers in the long and short
semi-axis directions, respectively. ∑ ρir/or are the principal curvatures at the contact points
between the inner and outer rings and rollers, and the equivalent radii at the contact points
between the inner and outer ring raceways and rollers, respectively.{ 1

Rirx/orx
= ±2γ

D(1∓γ)
+ 2

D
1

Riry/ory
= − 1

ri/o
+ 1

R
(41)
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ri/o = R + ∆i/o (42)

∑ ρir/or =
±2γ

D(1 ∓ γ)
− 1

ri/o
+

2
D

+
1
R

(43)

In the equation, the symbols i and o are used to denote the inner and outer rings,
respectively. ∆i/o represents the curvature difference between the inner and outer raceways
and the rollers, typically ranging from 2% to 5% of the roller radius. The specific value
should be adjusted based on load, material, and bearing type; in this paper, a value of 3%
is adopted.

In the equation, the upper and lower symbols represent the inner and outer rings,
respectively. D is the roller diameter, and R, ri, and ro are the contour radii of the roller,
inner ring, and outer ring raceways in the axial cross-section, respectively. γ is defined as

γ =
Dcosαini

dm
(44)

In the equation, αini is the initial contact angle of the bearing, and d_m is the
pitch diameter.

The self-aligning roller bearings used in this paper are for the main shaft of wind
turbines. The inner ring speed is low, and the centrifugal force generated by the circumfer-
ential motion can be neglected, i.e., the normal contact loads between the inner and outer
ring raceways and the rollers are approximately equal. The equilibrium equations for the
jth roller in the first and second rows can be listed as follows:{

Qi1j − Qo1j = 0
Qi2j − Qo2j = 0

(45)

At the same time, the normal contact load of the roller on the inner ring should be
balanced with the external loads Fx, Fy, and Fz. The overall balance equation of the bearing
can be listed as follows:

Fx +
Z
∑

j=1
Qi1jsinα1j −

Z
∑

j=1
Qi2jsinα2j = 0

Fy −
Z
∑

j=1
Qi1jcosα1jcosθ1j −

Z
∑

j=1
Qi2jsinα2jcosθ2j = 0

Fz −
Z
∑

j=1
Qi1jcosα1jsinθ1j −

Z
∑

j=1
Qi2jsinα2jsinθ2j = 0

(46)

Obviously, the system of simultaneous equations in Equations (45) and (46) contains
2Z+3 unknowns, which is a relatively large number. The Newton–Raphson iteration
method can be used to solve the above system of equations.

2.5. Theory of Fatigue Life Calculation for Self-Aligning Roller Bearings

Fatigue life analysis of rolling bearings is a critical component of bearing design. In
the 1940s, Lundberg and Palmgren proposed the L-P theory for the fatigue life of rolling
bearings, which serves as one of the foundational theories for predicting the fatigue charac-
teristics of rolling bearings and is commonly used to analyze their fatigue properties [22].
Although subsequent material and process innovations led to the simplification of stan-
dards, resulting in the international standard ISO 281 [23], its simplified model ignores
differences in load distribution between rolling elements, leading to limitations in life
estimation. Therefore, this paper still adopts the L-P theory to calculate bearing life, in
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order to more accurately characterize the influence of contact stress gradients on fatigue
damage. Its expression is as follows:

L10 =

(
C
P

)p
(47)

In the formula, L10 is the 90% reliability life, C is the rated dynamic load, and P is the
equivalent load; p = 3 for ball bearings and p = 10/3 for roller bearings. This theory unifies
the material fatigue mechanism, stress field distribution, and statistical failure probability
for the first time.

Based on the statistical failure model of L-P theory and the characteristics of the
Weibull distribution, the fatigue life expression for double-row self-aligning roller bearings
with point contact characteristics is as follows:

L = (L1
− 10

9 + L2
− 10

9 )−
9
10 (48)

In the formula, L1 and L2 are the fatigue lives of the rollers and raceways in the first
and second rows, respectively, and are generally measured in millions of revolutions.

The roller-raceway life of each row of self-aligning roller bearings can be calculated
using the fatigue life formula for single-row point-contact bearings, i.e.,

L1/2 = (L− 10
9

1i/2i + L− 10
9

1e/2e)
− 9

10 (49)

In the formula, L1i, L2i, L1e, and L2e are the fatigue life of the inner and outer raceways
of columns 1 and 2, respectively.

Considering the contact area characteristics of the material, the fatigue limit stress,
and the average stress, the fatigue life of each contact point on the inner raceway can be
calculated using the following formula [24]

N1ij/2ij = C

(
ασ1ijmax/2ijmax

√
1 − R1i/2i

2
− σ1iac,e/2iac,e

)β

(50)

α =
2σs

σs + σ0
(51)

Among them, C and β are material constants. σijmax represents the maximum contact
stress at each contact point between the roller and the inner raceway. σac,e is the equivalent
stress amplitude. R is the stress ratio, σs is the yield strength, and σ0 is the yield strength of
similar materials when the average stress sensitivity coefficient is 0.5.

Since the contact stress at any point on the inner raceway varies periodically with the
rotation of the inner ring, it can be calculated using Miner’s linear damage accumulation
criterion. The Miner criterion states that, when a series of cycles are subjected to different
stress amplitudes σ1, σ2, σ3, . . ., the fatigue life corresponding to each stress amplitude
is Nf1, Nf2, Nf3, . . ., and the actual number of cycles is N1, N2, N3, . . ., the fatigue life
consumed under each stress amplitude is the actual number of cycles Nk divided by the
life cycle Nfk, i.e., Nk/Nfk [25]. The total damage value for the entire operational process
of the component can be obtained by accumulating the damage values from all stress
cycles, i.e.,

N1

Nf1
+

N2

Nf2
+

N3

Nf3
+ . . . = ∑

k=1

Nk
Nfk

= 1 (52)
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For the sake of convenience in research, the engineering field has integrated the macro
framework of fatigue damage accumulation with the micro mechanism of local stress
analysis in bearings, combining Miner’s linear damage accumulation theory with the L-P
bearing fatigue theory [24]. Since the number of rolling elements is not unique, ui can be
used to represent the number of rolling elements passing through a certain point on the
inner ring when the inner ring rotates one revolution. The fatigue damage caused by the
inner ring can then be expressed as:

D1i/2i =
u1i/2i

∑
j=1

1
N1ij/2ij

u1i/2i (53)

Then, calculate the fatigue life of the inner ring using the following formula:

L1i/2i =
1

D1i/2i
=

1

∑
u1i/2i
j=1

1
N1ij/2ij

u1i/2i
(54)

The maximum contact stress on the outer raceway occurs at the 0-degree position
angle. Therefore, it can be assumed that the fatigue life at this point is equal to the fatigue
life of the outer ring, i.e.,

L1e/2e =
N1e/2e
u1e/2e

(55)

N1e/2e = C

(
ασ1emax/2emax

√
1 − R1e/2e

2
− σ1eac,e/2eac,e

)β

(56)

Among them, σemax is the maximum contact stress on the outer raceway. ue represents
the number of rolling elements passing through a certain point on the outer ring when the
inner ring rotates one revolution.

Similarly, based on the stress–strain interference theory, the cumulative damage anal-
ysis method is used to analyze the fatigue life of rolling bearings. When the cumulative
fatigue damage is less than the critical damage, the bearing can operate normally; otherwise,
it is considered to be fatigue failure [26]. The fatigue limit state function is created as:

G = Dc − D = Dc −
t

R(v)
(57)

In the equation, R(v) represents the bearing’s lifespan under the influence of the
random variable vw,turb„ and Dc is the lifespan threshold. According to the GL wind
turbine industry design standards, the operational lifespan of the main shaft bearings
in wind turbines should reach 20 years [27]. Based on an average main shaft speed of
12 r/min, the converted result is Dc = 105.12 × 106 revolutions. When G < 0, the bearing
fatigue life is below the specified threshold.

P f (0, T) = P[G(vw,turb, D(t), t) < 0, t ∈ [0, T]] (58)

The overall calculation method for predicting the fatigue life of a self-aligning roller
bearing with a fixed shaft end under random wind speeds is shown in the Figure 8.
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Figure 8. Overall calculation flowchart.

3. Case Study and Discussion
This study takes the 4.5 MW wind turbine as the research object, the main shaft support

type is a two-point support, near the hub end is a floating-end bearing, near the gearbox end
is a fixed-end bearing, and both main shaft bearings are double row spherical roller bearings.
The spindle system parameters are shown in Table 2. The spherical roller bearings installed
in the main shaft are FD-240/800X3/HC W33 (Luoyang, China) double-row spherical roller
bearings (fixed-end bearing of the main shaft) and FD-249/1060CA/HC W33 (Luoyang,
China) double-row spherical roller bearings (floating-end bearing of the main shaft). There
are no models of the two main bearings in the Romax bearing library, so it is necessary to
input the parameters of the two bearings to establish the parameterization of the fixed-end
and floating-end bearings. The parameters of the fixed-end and floating-end bearings are
shown in Tables 3 and 4, and the simulation model of the two bearings in Romax is shown
in Figure 9. In Romax, the materials of the fixed-end and floating-end bearings of the
spindle are defined: the rollers and inner and outer rings of the two bearings are of the
same material, both of which are G20Cr2Ni4A, with a density of 7.82 g/cm3 [28].
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Table 2. Parameters of the spindle system.

Parameters Unit Numerical Value

Distance L1 from hub center to
floating-end bearing mm 2667.5

Distance L2 from the floating-end bearing
to the center of gravity of the spindle mm 1443

Distance L3 from the center of gravity of the
spindle to the fixed-end bearing mm 957

Distance L4 from fixed-end bearing
to gearbox mm 1922

Combined mass of spindle and rotor lock disc M1 kg 27,200
Gearbox quality M2 kg 39,739

Spindle angle a ◦ 6

Table 3. Fixed-end bearing materials and dimensional parameters.

Main Shaft Fixed-End Bearing
Parameters Unit Numerical Value

Bearing outer diameter D mm 1210
Bearing inner diameter a mm 800

Bearing width B mm 404
Number of rolling element rows j list 2

Number of rolling elements Z in single
row bearings individual 24

Interlaced angle θ1t2
◦ 0

Initial contact angle
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The technical parameters of the bearings and typical operating conditions of a 4.5 MW
wind turbine generator are as follows:

3.1. Analysis of Main Shaft Speed Under Random Wind Speeds

Combining the turbulent wind speed model from Section 2.1, a turbulent wind speed
curve with an average wind speed of 12 m/s and turbulence intensity of Class B was
generated, as shown in Figure 10. To further analyze the turbulence wind speed model,
a traditional two-parameter Weibull distribution wind speed model was introduced for
comparative analysis. Based on Reference [29], a random wind speed curve with an average
wind speed of 12 m/s and a wind speed variance of 14 m2/s2 was generated, as depicted
in Figure 11. Based on the content of Sections 2.2 and 2.3, aerodynamic elasticity theory,
and the structural information of the wind turbine, a main shaft rotational speed curve was
generated under these random wind speed conditions, as shown in Figure 12.

Figure 10. Turbulent Wind Speed 12-B.

Figure 11. Two-parameter Weibull wind speed model.

Figure 12. Spindle speed diagram.

Analysis of Figures 10–12 shows that:

(1) It can be observed that the curve of the traditional two-parameter Weibull wind speed
model exhibits significant local fluctuations, yet its overall variation remains relatively
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small. It does not display the gradual, smooth trend characteristic of long-term wind
speed monitoring. In contrast, the turbulence wind speed model curve shows smaller
local fluctuations but exhibits smoother overall variation with a distinct trend.

(2) Wind speed increased from 11 m/s to 13 m/s between 10 and 25 s, with the rotational
speed increasing synchronously from 12.0 rpm to 12.4 rpm; 40–50 s: Wind speed
decreases, and rotational speed drops. This indicates that the main shaft rotational
speed is significantly correlated with turbulent wind speed in the mid-to-low fre-
quency range. Large-scale turbulent changes directly drive rotational speed changes,
reflecting the dominant role of aerodynamic torque in energy capture. Turbulent
wind speed and wind turbine main shaft rotational speed exhibit frequency-domain
selective coupling—large-scale turbulence dominates the energy capture trend.

(3) The wind speed curve exhibits sawtooth-like fluctuations within 0–10 s, but the rota-
tional speed curve is smoother (with significantly compressed fluctuation amplitude).
This is because the inertia of the transmission chain and MPPT control work together
to suppress high-frequency disturbances, compressing the rotational speed fluctu-
ation amplitude to 24% of the wind speed. This mechanism is consistent with the
intrinsic laws of stable operation of wind turbines in random wind fields [30]. The
correctness of the aerodynamic load calculation model proposed in this paper has
been demonstrated, and it also provides a theoretical foundation for dynamic load
prediction and control optimization of the transmission system.

3.2. Hub Center Load Analysis

Using MATLAB R2020a software, the time-series wind speed generated by the tur-
bulent wind speed model is input into the theoretical model in Section 2.2 for aeroelastic
simulation. The aim is to extract the hub center loads with five degrees of freedom from the
random wind speed for the wind turbine, namely Fx, Fy, Fz, My, and Mz. The time-series
load curves are shown in the Figure 13.

  
(a) Hub center load Fx. (b) Hub center load Fy. (c) Hub center load Fz. 

  
(d) Hub center torque My. (e) Hub center torque Mz. 

Figure 13. Five-degree-of-freedom load curve at the hub center.

From the curves of the hub center load for the five degrees of freedom in Figure 13,
it can be observed that the hub center load Fy curve has the smallest fluctuation range,
approximately 60 kN, but a higher fluctuation frequency. The hub center load Fx curve
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has the lowest fluctuation frequency but a higher fluctuation amplitude. The fluctuation
trajectory of the hub center torque Mz curve between 10 and 50 s exhibits a high degree of
similarity to the random wind speed curve in Figure 10, while the fluctuation of the hub
center torque My curve between 20 and 50 s is relatively small. Overall, the fluctuation
range of the hub center load across the five degrees of freedom in Figure 13 is relatively
small. However, the local numerical fluctuations are greater than those in Figures 10 and 12,
indicating that wind speed variations exert a more pronounced influence on the hub
center load.

3.3. Verification of the Evaluation of Main Bearing External Loads

First, the hub center loads in Section 2.2 are randomly sampled, and finally summa-
rized into the fatigue load spectra of 16 working conditions, as shown in the following
Table 5:

Table 5. Hub center loads under different working conditions.

Operating
Conditions Fx/kN Fy/kN Fz/kN My/kN·m Mz/kN·m

1 800 −30 −1070 −1100 −300
2 800 10 −1070 −1100 −300
3 600 −30 −1070 −1100 −300
4 600 10 −1070 −1100 −300
5 800 −30 −1070 −1100 800
6 800 10 −1070 −1100 800
7 600 −30 −1070 −1100 800
8 600 10 −1070 −1100 800
9 800 −30 −1070 1600 −300

10 800 10 −1070 1600 −300
11 600 −30 −1070 1600 −300
12 600 10 −1070 1600 −300
13 800 −30 −1070 1600 800
14 800 10 −1070 1600 800
15 600 −30 −1070 1600 800
16 600 10 −1070 1600 800

Subsequently, combined with the main shaft structural parameters and formulas
(26)–(32), theoretical calculations and Romax simulation calculations were carried out
respectively. Finally, the theoretical calculation results under the 16 working conditions
were compared with the Romax results (as shown in the Figure 14), and it can be found
that the two sets of calculation results are almost identical.

 
Figure 14. Bearing load diagram.
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3.4. Verification and Analysis of the Roller-Raceway Normal Contact Load Model

The results of the analysis of the normal contact load between the roller and raceway
of the fixed-end bearing using the theoretical model introduced in Section 2.4 of this paper
are compared with those obtained using the industry-standard analysis software Romax.
This comparison aims to demonstrate that the contact load model for the roller-raceway
interface of self-aligning roller bearings exhibits high accuracy. When using dynamic
spindle speed as the input, the computational load is significant. To simplify calculations
and result analysis, this section sets the spindle speed to 12 rpm, with the axial load Fx
of the fixed-end bearing at 200 kN, and radial loads Fy and Fz at 500 kN and 300 kN,
respectively. The calculation results for both are shown in the Figure 15.

  
(a) The first row of rollers (b) The second row of rollers 

Figure 15. Roller-Race Radial Contact Load Comparison with Romax Results.

Analysis of the differences in roller loads between the two rows, as well as the com-
parison between the theoretical model and the calculation results from Romax software,
reveals that the normal contact loads of the rollers in the second row are generally higher
than those in the first row. The maximum contact loads for the first and second rows are
73.82 kN and 233.71 kN, respectively. The average error does not exceed 0.5%, indicating
good fitting performance, which demonstrates that the contact load model for the rollers
and raceways of self-aligning roller bearings has high accuracy.

3.5. The Effect of Average Wind Speed and Turbulence Intensity on Fatigue Life

Three wind farms (i.e., 12-A, 12-B, and 14-A) with average wind speeds (12 rpm
and 14 rpm) and turbulence intensities (Class A and Class B) were used to simulate
the aeroelasticity of wind turbines. Then, based on the theoretical method proposed in
Section 2.5, a failure probability analysis and fatigue life prediction were performed on the
main bearing, with the results shown in the figure.

Figures 16a, 16b, and 16c are, respectively, the histograms of the failure probability of
the main bearing under random wind speeds with an average wind speed corresponding to
12 rpm or 14 rpm and a turbulence intensity of Class A or Class B. The ordinate represents
the probability, and the abscissa represents the number of rotations that the bearing should
achieve within 20 years at the rotational speed generated by the corresponding wind speed.
The red color indicates fatigue failure of the bearing (i.e., its fatigue life is less than 20 years),
while the blue color indicates no fatigue failure.

Comparing Figures 16a and 16c, respectively, the probability distribution of fatigue
life shows significant differences for different average wind speeds. In Figure 16a, the
probability of fatigue failure is generally below 4%, while in Figure 16c, the probability
of fatigue failure is mostly above 8%. This indicates that, within a certain range, wind
farms with higher average wind speeds have lower bearing failure probabilities, and
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average wind speed significantly affects fatigue life and failure probability. Therefore, the
probability of fatigue life is closely related to average wind speed and decreases as average
wind speed increases.

   
(a) 12-A (b) 12-B (c) 14-A 

Figure 16. Effect of random wind speed on bearing fatigue failure probability.

Comparing Figures 16a and 16b, respectively, the probability distribution of fatigue
life remains generally similar across wind farms with different turbulence intensities.
However, the probability of bearing fatigue failure in Figure 16b is lower than in Figure 16a.
This implies that turbulence intensity has a relatively minor impact on the average level
of fatigue life, but higher turbulence intensity does increase the probability of bearing
fatigue failure.

Utilizing an integrated framework of turbulent wind speed modeling, blade element
momentum theory, bearing dynamics, and L-P-Miner fatigue analysis, the calculated fa-
tigue life of the double-row spherical roller bearing at the fixed end of the wind turbine
main shaft is 28.8 years under stochastic wind conditions (average wind speed: 12 m/s,
turbulence intensity class B). This result falls within the predicted lifespan range of 25.45 to
30.59 years reported in reference [28]. Consequently, the proposed methodology demon-
strates validity for predicting main bearing fatigue life in wind turbines operating under
stochastic wind fields.

4. Conclusions
In order to solve the problem of complex operating conditions and difficulty in ac-

curately describing the dynamic characteristics of wind turbine main shaft drive system
bearings, this study takes the 4.5 MW wind turbine main shaft fixed-end double-row
spherical roller bearings as the main research object; establishes a random wind speed
model, a pneumatic load model, and a bearing fatigue life prediction model, combining
it with the roller-raceway contact load calculation model; and proposes a method for pre-
dicting the fatigue life of wind turbine main bearings in a random wind field. The load
fluctuation caused by random wind speed in the main shaft drive system of WTGs, and
the influence of average wind speed and turbulence intensity on the fatigue life of the
main bearings of high-power WTGs are investigated, which is of great theoretical and
engineering significance for improving the operational reliability of WTGs. However, this
study has not yet explored the specific wind speed range in which the probability of fatigue
failure increases when the average wind speed decreases, nor has it examined the effects of
other environmental factors (such as temperature and humidity) besides wind speed. This
is one of the directions for the author’s future research.

Based on the comprehensive analysis in this paper, the following conclusions can
be drawn:
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(1) Average wind speed significantly affects the overall level of fatigue life. Within a
certain range, the probability of fatigue failure of the main bearing increases with a
decrease in the average wind speed.

(2) The effect of wind speed fluctuations on the hub center load is more pronounced than
that of the spindle speed.

(3) An engineering formula for evaluating the fatigue life prediction of main bearings at
random wind speeds of wind turbines was obtained, which can be used to evaluate
the compatibility of the main bearings and wind turbine structure with the wind field
characteristics of the installation site.
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