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Abstract


This article points out some of the forces acting on the components of a hydraulic system. These forces can lead to changes in the spectrum of pressure pulsations under certain conditions. These forces can originate from outside the hydraulic valve and can be the result of vibrations in the machine frame or the movement of the machine over uneven ground. In addition, an immanent feature of an operating hydraulic system is the pressure pulsation resulting from the pulsation of the output. This is caused by the kinematics of the pump’s displacement components and the impedance of the hydraulic system. A method of determining the amplitude of the pressure pulsation created by the pulsation of the pump performance is presented. It was pointed out that the frequency of the resulting pressure pulsation can vary depending on the type of forcing. Often, the frequency range of pressure pulsation is wide. This study presents the concept of a pressure pulsation damper operating over a wide frequency range. By reducing the amplitudes of pressure pulsations, a reduction in the operating noise of the hydraulic system is also achieved.
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1. Introduction


Noise level is an important criterion for evaluating the quality of machinery and equipment. In terms of noise protection, the European Union Machinery Directive 2006/42/EC [1] has established that the machine must be designed and constructed in such a way that the hazards of emitted noise are reduced to the lowest level, in accordance with technical progress and taking into account the available means of reducing noise, especially at the sources of its generation.



This can be confirmed by the requirement set forth in Directive 2000/14/EC [2] on the permissible sound power level of machinery emitting noise into the environment. An example here is a wheel loader with a power of up to 55 kW. The level of this power, until 3 January 2002, was 104 dB, while as of 3 January 2006, the permissible sound power level of this type of machine has already been reduced to 101 dB.



Hydrostatic drives have displaced previously used mechanical or electric drives in many areas. This is dictated, among other things, by the fact that these systems are relatively easy to automate, especially with the use of proportional or servo valves in microprocessor-controlled or regulated systems [3,4]. Hydrostatic drives are commonly used in mobile machinery, marine vessels and aircraft [5,6,7]. Drive and work-executive systems are most often built based on the principle of hydrostatic systems (refer to Figure 1); each working machine can be treated both as a source and receiver of vibrations. Hydraulic systems in machines and devices often generate mechanical vibrations across a broad frequency spectrum [8,9]. These vibrations impact the components of the hydraulic system itself. Frequently, contamination of hydraulic fluids with solid or gaseous particles disrupts the smooth functioning of these components. The issue of oscillations in hydraulic systems is complex and can be viewed from two points. First, hydraulic systems can produce mechanical oscillations at various frequencies, which can impact nearby equipment and personnel. Second, hydraulic systems can also absorb external mechanical oscillations, meaning the system’s components are affected by vibrations originating from outside sources [10].



An important advantage of the hydrostatic drive is the possibility of obtaining an extremely high stream density of transmitted power in the drive system. Values of working pressures of 35 ÷ 40 MPa are now quite normal. Power of 1 kW, at these pressures, can be obtained from a stream of working fluid with a volumetric flow rate of only 30 ÷ 25 cm3/s (1.8 ÷ 1.5 dm3/min). Thus, the elements of the hydrostatic propulsion system have a compactness that is unattainable for other types of propulsion systems, namely a low mass per unit of generated or transmitted power.



Trends in the development of hydrostatic propulsion systems go toward minimizing energy losses and mass as well as increasing the transmitted power and thus still increasing the power-to-weight ratio [11]. Vibration introduces various negative impacts, often triggering oscillations in the control elements of hydraulic components [12]. For example, when components like the spool or poppet begin to vibrate in the hydraulic valve, the gap’s surface area fluctuates [13]. This fluctuation leads to efficiency pulsations within the hydraulic system, which, in turn, result in pressure pulsations and increased noise. One of the limitations of increasing this ratio is the increasing noisiness of hydrostatic systems and components as the generated or transmitted power increases. It is often the case that nuisance noise levels cannot be sufficiently eliminated in the design phase, and this is the reason for abandoning this type of drive in a particular device due to exceeding noise limits.



The issue of vibration in the hydraulic drive has been widely discussed in the literature over time. Many studies, however, concentrate on the self-excited vibrations of hydraulic control elements. For instance, the authors of study [14] theoretically and experimentally explore the mechanism of self-excited vibrations in a pressure relief valve within a basic vessel-valve-pipe setup. In another study [15], researchers examine leaking spherical valves subjected to periodic vibrations, which result in notable pressure pulsation amplitudes and noise problems. Paper [16] presents an innovative device for reducing the pressure pulsation generated by a compressor. The main parts of the device are a spring supporting a specially shaped nozzle. This solution, although it suppresses pressure pulsation, works for a specific, single frequency of pressure pulsation. The frequency of pressure pulsations that is reduced by the solution presented in this paper is due to the stiffness of the spring and the mass of the nozzle. The selection of the nozzle shape and dimensions is carried out on the basis of a theoretical method based on the transmittance method [17]. There are also interventions made in the design of the source of the performance pulsation in order to reduce it and thus the pressure pulsation. Such an approach is presented in the paper [18], in which the authors presented a specially constructed rectangular damping groove in the end plate of a rotary energy recovery device. Paper [19] proposes an adaptive damper based on a combination of cone-slide valve control, specifically designed to mitigate pulsations in the fluid power system. By developing a mathematical model of the damper, the parameters affecting its pulsation absorption rate and response characteristics were investigated. The paper presents experimental results showing that increasing the volume of the gas chamber and reducing the stiffness of the bellows significantly increases the pulsation absorption rate of the damper. However, despite this, the damper under consideration performs selectively. In contrast, the presented damper shows good pulsation damping performance with varying system pressure and input flow rate. The issue of pressure pulsation reduction is also analysed using active pressure pulsation methods. Paper [20] presents an active pressure pulsation damping method. Active pressure pulsation suppression uses active vibration eliminators to generate secondary pressure pulsations of equal amplitude and opposite phase to the initial pressure pulsations, which overlap to suppress the pulsations. Among other things, the paper presents the concept of a distributed pulsation damping method. A branch line is derived from the main hydraulic pipeline and an active pulsation damping valve is installed, which is basically the equivalent of a controlled-opening relief valve. Through a specific control method, the active vibration damping valve generates secondary pulsation sources of the same amplitude and opposite phase to the initial pulsation source. These two sources are superimposed and damped.



Excessive noise and vibration of machinery and equipment equipped with hydrostatic systems adversely affect the environment, including humans. For the human body, the particularly unfavourable frequency range of vibration and noise is in the low frequencies, below 100 Hz. In particular, infrasound noise causes adverse effects on human health and is poorly damped by matter propagating over considerable distances. From a review of the available literature [21,22,23] and our own experience, one of the important causes of excessive noise in hydraulic systems is pressure pulsation resulting from fluctuations in the flow rate of the hydraulic system.



This article presents the concept and experimental results of the effectiveness of a pressure pulsation damper, both in the low-frequency range (below 100 Hz) and at higher frequencies (above 200 Hz), in the process of reducing pressure fluctuations and, consequently, the noise of the hydrostatic drive system of a mobile machine.




2. Sources of Pressure Pulsation in a Hydraulic System


The phenomenon of pressure pulsation is a consequence of two factors. The first is the periodic variation of the flow rate of the working medium, which is due to the cyclic nature of the work of the displacement elements of the pumps, and the second is the result of external forcing in the form of mechanical vibrations acting on the elements of the hydraulic system attached to various types of supporting structures, such as the frame of the loader. These vibrations are not without influence on the hydraulic parameters of the systems under consideration. From this point of view, it seems expedient to analyse and identify the mechanical vibrations of machines and equipment with hydraulic systems. An example of vibration of the frame of a wheel loader during operational work is shown in Figure 2.



In order to confirm the influence of vibrations of the foundation on which the hydraulic component is mounted on the changes in the pressure pulsation spectrum, an experimental study was carried out in a specially set up test stand. As an example, the results of the pressure pulsation spectrum analysis of a hydraulic system in which the relief valve was placed on the table of a hydraulic simulator and subjected to vibrations with parameters similar to those occurring in real working machinery are shown (Figure 3). The tests consisted of mounting a single-stage relief valve in the holder of a Hydropax ZY25 (Bosch Rexroth AG, Lohr am Main, Germany) hydraulic simulator. This simulator provided a source of external mechanical vibrations acting on the hydraulic valve. The simulator generated mechanical vibrations of a fixed amplitude and frequency. At the same time, the pressure pulsation in the hydraulic system in which the vibrating relief valve was operating was measured with a piezoelectric sensor [24]. The most important component of the Hydropax simulator is the servo valve, which controls the operation of the vibration-generating cylinder. Attached to the piston rod of the vibration-generating cylinder is a table (6) of the simulator moving along the bed, equipped with a handle in which a relief valve (3) was installed.



As shown in experimental studies, there are frequencies (in the range of up to 100 Hz) of external forcing at which an increase in the amplitude of pressure pulsations in the hydraulic system is observed and, consequently, an increase in noise in the analysed frequency range. The reasons for this phenomenon are to be found in the value of the natural frequency of the control elements of hydraulic valves.



The second source of pressure pulsation is the performance pulsation caused by the drive kinematics of the displacement elements of hydraulic pumps. The external gear pump was used in the experimental research, so the performance pulsation of this type of pump was determined analytically.



Based on source materials [25], the instantaneous capacity of an external gear pump can be represented as:


  Q =    b ·   ω   1     2    ·     r   w 1   2   +      r   t 1       r   t 2      ·   r   w 2   2   −   r   t 1   ·     r   t 1   +   r   t 2     −   1 +      r   t 1       r   t 2        ·   u   2     ,  



(1)




where: b—width of the wheels; ω1 = (dφ1)/d—angular velocity of the gear; rw1—the radius of the vertex circle of the active wheel; rw2—radius of the vertex circle of the passive wheel; rt1—rolling circle radius of the active wheel; rt2—rolling circle radius of the passive wheel; u = rz∙φz—instantaneous distance of the contact point of the teeth moving along the engagement line from the mesh pole; rz—radius of the base wheel; φz—rotation angle of the gears.



The theoretical model reflecting Equation (1) was implemented in Matlab R2022b using the Simulink package. The technical documentation for the external gear pump was used for the computer simulation of the instantaneous capacity of the pump. A diagram of the specially developed interface that allows the user to enter the necessary design and operating data and the MATLAB Simulink blocks representing Equation (1) are shown in Table 1 and Figure 4, respectively.



The time course of the instantaneous performance of the external gear pump was then obtained (Figure 5). The waveform shown in Figure 5 was obtained after the parameterization of Equation (1).



For discrete analysis of the amplitude–frequency spectrum, the Origin 7.5pro program was used. The amplitude–frequency spectrum of the pump’s performance pulsation is shown in Figure 6. The dominant frequency is calculated according to:


    f   K   =    n · z   60    · K     H z   .  



(2)







In this case f1 = 250 Hz, since the number of teeth in the considered external gear pump is z = 10, and the pump shaft speed is n = 1500 rpm. With K being the number of the next harmonic component of the spectrum.



In the spectrum in Figure 6, the first component is dominant. Higher harmonics have a smaller amplitude. The pulsation of the working fluid flow and the impedance of the hydraulic system result in pressure pulsations in the hydraulic system. The analytical determination of the components of the pressure pulsation spectrum caused by capacity pulsation has four steps:




Step 1. Decomposition of the function Q = Q(t) into harmonic components of a Fourier series;






Step 2. Determination of the complex hydraulic impedance of the system for successive harmonics;






Step 3. Determination of the amplitudes of the individual pressure harmonics as products of the performance amplitudes and hydraulic impedances;






Step 4. Representation of the pressure pulsations as the sum of the expressions of the Fourier series.





On the basis of the previous analyses of the displacement pump performance pulsations, the distribution of the performance pulsations into a Fourier series can be given in general form written by the equation:


  Q   t   =   a   0   +   ∑  K = 1   k        a   K   · c o s   K ·   ω   1   · t   +   b   K   · s i n   K ·   ω   1   · t       ,  



(3)




or


  Q   t   =   a   0   +   ∑  K = 1   k        q   K     · c o s   K ·   ω   1   · t +   λ   K       ,  



(4)




where:


    a   K   =    2   T      ∫  0   T    Q   t     · c o s   K ·   ω   1   · t   d t ;  



(5)






    b   K   =    2   T      ∫  0   T    Q   t     · s i n   K ·   ω   1   · t   d t ;  



(6)






      q   K     =    a   K   2   +   b   K   2    ;  



(7)






    λ   K   = a r g     q   K     = a r c t a n      b   K       a   K      ;  



(8)






  T =    2 π   z    ;  



(9)






    ω   1   = ω · z .  



(10)







The relationship between harmonic variations in capacity and pressure is determined by the hydraulic impedance ZK defined according to the relationship:


    Z   K   =        p  ~    K         q  ~    K      ,  



(11)




where:       p  ~    K     i       q  ~    K    —the instantaneous value of pressure and flow rate respectively; K—the subsequent harmonic.



The hydraulic impedance ZK is a complex quantity that depends on the structure of the hydraulic system. Assuming a harmonic forcing at the beginning of the pipe in the form of a sinusoidal change in capacity, the relationship between the complex amplitudes of the harmonic changes in capacity and pressure at the beginning and end of the pipe can be written [26]:


         Q   p   K   =   Q   K   · c o s      l     v   0      · K ·   ω   1     + i ·      p   K   · A    ρ ·   B   z       · s i n      l     v   0      · K ·   ω   1           p   p   K   =   p   K   · c o s      l     v   0      · K ·   ω   1     + i ·   Q   K   ·     ρ ·   B   z      A    · s i n      l     v   0      · K ·   ω   1          ,  



(12)




where:     Q   p   K    —the harmonic component of the complex performance at the beginning of the system (at the pump discharge port);     p   p   K    —harmonic component of the complex pressure at the beginning of the system; pk—pressure at the end of the pipe; Qk—flow rate at the end of the pipe; l—pipe length; A—cross-sectional area of the pipe; v0—speed of propagation of the pressure wave; Bz—equivalent bulk modulus of elasticity; ρ—the density of the working liquid; K—successive harmonic component.



Transforming Equation (12) yields a hydraulic impedance of the form:


    Z   K   =      p   p   K       Q   p   K      =      p   K   · c o s     l     v   0     · K ·   ω   1     + i ·   Q   K   ·    ρ ·   B   z      A   · s i n     l     v   0     · K ·   ω   1         Q   K   · c o s     l     v   0     · K ·   ω   1     + i ·     p   K   · A    ρ ·   B   z      · s i n     l     v   0     · K ·   ω   1        .  



(13)







By transforming the above equation, a relationship containing the load impedance can be obtained:


    Z   K   =    R   1 +   t a n   2       l     v   0     · K ·   ω   1       + i ·      ρ ·   B   z      A   −     R   2   · A    ρ ·   B   z        · t a n     l     v   0     · K ·   ω   1       1 +       R · A    ρ ·   B   z      · t a n     l     v   0     · K ·   ω   1         2      .  



(14)







In the above equation, R is the load impedance, which, when linearised, is defined by the expression [27]:


  R =    Δ   p   s t r       Q   z      ≈      p   K       Q   K      ,  



(15)




where: Δpstr—pressure drop across the load (throttling) valve; Qz—the flow rate through the load (throttling) valve.



The hydraulic impedance defined by relation of Equation (14) is a complex quantity whose modulus and argument can be defined by the relations:


      Z   K     =      R e     Z   K         2   +     I m     Z   K         2    ,  



(16)






    Ψ   K   = a r g   Z   K   = a r c t a n    I m     Z   K       R e     Z   K         



(17)







The complex amplitudes of the individual harmonic pressure pulsation waveforms can be determined from the relationships presented:


      p   K     =     q   K     ·     Z   K     ,  



(18)




where:     q   K    —modulus of the K-th harmonic component of the performance pulsation;     Z   K    —modulus of the K-th harmonic component of hydraulic impedance.



Once the parameters of the hydraulic system have been taken as given in Table 2, the amplitude of the pressure pulsation resulting from the pulsation of the displacement pump performance can be determined.



Given the numerical values (Table 2) in Equation (13), the value of the first component of the pressure pulsation spectrum will be |pK| ≈ 0.024 MPa (Figure 7).



The frequencies of the pressure pulsation created in this way are higher than the frequencies of the pressure pulsation created by the excitation of the control elements of the hydraulic valves. Typically, the first harmonic component of the pressure pulsation spectrum originating from the performance pulsation is in the range 175–350 Hz. The subsequent, higher components of the spectrum of such pulsation are multiples of the fundamental component.




3. The Base of Calculation of Pressure Pulsion Damper in the Low and High Frequency Range


In order to reduce pressure fluctuations, it is proposed to use a pressure pulsation damper that is effective, as assumed, both in the low-frequency range (below 100 Hz) as well as in the range resulting from the pulsation of displacement pump performance, that is, several hundred Hz and more. The solution concept for this type of damper is shown in Figure 8.



The idea of the proposed solution is to combine a branch-type passive damper [28] and an active damper [29]. The branch-type damper is a conduit of sufficient length, inserted perpendicular to the main conduit and capped at the end [30].



In the proposed solution, the branch damper is a connection of a certain length L, plugged with the piston of the active damper. The calculation of the branch damper is reduced to the determination of its length L, providing the maximum damping as a function of the forcing frequency and the parameters of the fluid and the pipe. The mathematical model of the branch damper uses the relationships for the hydraulic transmission line.



The matrix transition function in operator form, which relates the pressure p and flow rate Q at the two ends of the hydraulic transmission line (the beginning and end of the damper), has the form [16,28,31,32]:


         p   1         Q   1        =        cosh  ⁡    L ⋅ Γ   s           Z   c     s   ⋅   sinh  ⁡    L ⋅ Γ   s             Z   c   − 1     s   ⋅   sinh  ⁡    L ⋅ Γ   s           cosh  ⁡    L ⋅ Γ   s                     p   2         Q   2        ,  



(19)




where: p1, p2, Q1, Q2—pressures and flow rates at the entrance and end of the silencer, respectively; L—length of the damper; Since the damper pipe is blinded at the end—so Q2 = 0; Γ—propagation operator and Zc—wave impedance:


  Γ   s   =    Z   0   ⋅   Y   0    ;  



(20)






    Z   c     s   =       Z   0       Y   0       ;  



(21)






    Z   0   =   R   0   +   M   0   ⋅ s ;  



(22)






    Y   0   =   C   0   ⋅ s ;  



(23)






    M   0   =    ρ   π ⋅   r   2      ;  



(24)






    C   0   =    π ⋅   r   2       B   z      ;  



(25)






    R   0   =    8 ⋅ μ   π ⋅   r   4      .  



(26)







The listed quantities form longitudinal parameters:




	-

	
Resistance R0 (active resistance), which takes into account the effect of fluid viscosity;




	-

	
Inertance M0 (passive resistance), which takes into account the effect of fluid inertia, and the transverse parameter;




	-

	
Capacitance C0, which characterizes the influence of the compressibility of the fluid and the elasticity of the pipe material;




	-

	
Determining the input impedance ZD = p1/Q1 of the branch damper in the operator form after a series of transformations was obtained:











    Z   D   =         B   z     8 μ +   r   2   ρ s       π   2     r   6   s      t g h   L    1     B   z     r   2       8 μ s +   r   2   ρ   s   2           ,  



(27)




where: s—Laplace transform operator; ρ—density of the working medium; r—inner radius of the line; Bz—equivalent value of the volume modulus of elasticity of the fluid and the line; μ—dynamic viscosity coefficient.



Due to the relatively complex form of Equation (27), the minimum of the initial impedance of the damper was not sought in analytical form, and the course of this function, with harmonic forcing (s = iω) as a function of length L at a fixed value of forcing frequency ω is presented graphically. The results are shown in Figure 9 a flexible pipe was adopted, and the propagation speed of the pressure wave was determined experimentally [29]. The pump shaft speed is n = 1000 rpm. Figure 9 shows graphically the course of the ZD function described by Equation (20).



The choice of parameters for the active damper boils down to ensuring that the resonant frequency of the piston-hydropneumatics spring system is equal to the frequency of the pressure pulsation fw that is to be suppressed. Using pneumomechanical analogies, the stiffness of a hydropneumatics spring can be expressed:


    K   s   =      F   0   2       C   A      .  



(28)







The relationship describing the CA capacitance of a hydropneumatics accumulator follows from the definition of the isentropic coefficient (for constant entropy S = const.):


    C   A   =          ∂ V   g       ∂ p   g          S   ,  



(29)




where: Vg—volume of gas in the accumulator.



The stiffness of the hydropneumatics spring should depend on the design parameters of the damper F0, p0, V0. On the other hand, changes in pressure and gas volume in a hydropneumatics accumulator are bound by the polytropic equation:


    p   0     V   0   n   =   p   1     V   1   n   ,  



(30)




where: p0 and V0 are the initial gas pressure and the initial gas volume respectively, p1 and V1 are the final gas pressure and the final gas volume respectively, and n is the polytropic exponent.



Changes in the ΔV volume of the gas are related to the x displacement of the piston:


  Δ V =   F   0   x .  



(31)







It is therefore possible to write:


    V   1   =   V   0   −   F   0   x .  



(32)







Based on Equations (30) and (32), the final pressure p1 can be determined as a function of the initial pressure p0, the initial volume V0 and the piston displacement x:


    p   1   =      p   0         1 −     F   0       V   0     x     n      .  



(33)







When both sides of Equation (33) are multiplied by the active area of the piston F0, the dependence of the hydropneumatics spring force Psh as a function of displacement x is obtained:


    P   s h   =      F   0     p   0         1 −     F   0       V   0     x     n      .  



(34)







After linearizing Equation (34), using the MacLaurin series expansion and taking into account the first two expressions, the result was obtained:


  Δ   P   s h   =    n   F   0   2     p   0       V   0      Δ x +   F   0     p   0   .  



(35)







Using the defining relationship for the stiffness of the system according to Equation (36), an expression describing the stiffness of the hydropneumatics spring can be obtained Equation (37).


    K   s   ≝    ∂   P   s h     ∂ x    ;  



(36)






    K   s   =    n   F   0   2     p   0       V   0      ,  



(37)




where, ∂Psh is the increment of hydropneumatics spring force, ∂x increment of piston displacement



After taking into account the determined stiffness Ks and assuming a system pressure value corresponding to the accumulator gas pressure pk, the resonant frequency of the active damper is described by the relation [31]:


  ω =     n   F   0   2     p   k   2       p   0     V   0     m   z r       ,  



(38)




where: n—the polytropic exponent; F0—the active surface area of the piston; pk—the value of the pressure in the system; p0—the value of the initial pressure of the gas in the accumulator; V0—the initial volume of the gas in the accumulator; mzr—the reduced mass of the oscillating system.



The effectiveness of the attenuator at high pulsation frequencies comes down to the selection of the appropriate length of the branch line, while the effectiveness of the attenuator at low pulsation frequencies comes down to the selection of the reduced mass and the dimensions of the piston (diameter). Equation (38) can also be used to evaluate the effect of gas charge pressure or volume on the natural frequency of the active muffler. An increase in p0 and v0 results in a decrease in ω.




4. Experimental Verification


Experimental verification of the effectiveness of the proposed solution of the pressure pulsation damper was carried out on a real object, which was the lifting mechanism of the boom of the loader. For this purpose, the system was placed in a diffusion acoustic chamber, and pressure pulsation and acoustic tests were carried out twice—the first time without the damper and then under the same conditions but after installation of the pressure pulsation damper. The length of the branch damper was assumed to be 0.118 m, and the parameters of the active damper were chosen so that its resonant frequency was 15 Hz.



The test rig consists of three integrally related parts: the acoustic chamber, the drive system and the hydraulic feed system (to eliminate the occurrence of cavitation in the pump suction port). The test conditions were as follows: working fluid HL68 hydraulic oil; working fluid temperature T = 323 ± 2 K; delivery pressure pt = 0…16.0 MPa; suction pressure ps = 0.01 MPa; rotational speed n = 1000 rpm.



Acoustic tests were carried out with gear pump type P2C2110C5B26A (Waryński Origin, Żelichów, Poland—such a pump is used in the factory version). A schematic diagram of the hydraulic system for lifting the loader boom, which was placed in an acoustic chamber (the drive motor as well as the power supply system are outside the chamber, whose isolation is defined as 50 dB in the frequency range 20–20,000 Hz) is shown in Figure 10.



The acoustic tests were preceded by an examination of the pressure pulsation spectrum shown in Figure 11 of the considered external gear pump fitted to the system. The tests were carried out for cases both with and without a broadband damper.



Figure 12 shows a schematic of the noise measurement and the analysis system. The study includes only sample acoustic results of Figure 13 and Figure 14.



Results show that the effectiveness of the proposed damper in the process of noise reduction depends on the value of the average pressure in the system. The greatest noise reduction of the tested hydraulic system was recorded for lower values of the average pressure, which is about 3 MPa (see Table 3). The effectiveness of the reduction of the corrected sound pressure level LA is understood as the ratio of the amplitude LAd for the system with the damper related to the amplitude LAw for the system without the damper for a given value of the average pressure in the hydraulic system.



Subsequently, the effectiveness of the reduction in the corrected sound pressure level decreases, but still remains at about 1.5 dB for an average hydraulic pressure value of 16 MPa. It can be seen that as the average system pressure increases (pump load increases), the effectiveness of the silencer’s noise reduction decreases. This is related to the fact that as the load on the pump increases, the noisiness of the working of the pump increases.




5. Conclusions


This study presents the concept of a pressure pulsation damper that is effective in the low- and high-frequency ranges of pressure pulsations. This damper is a combination of a branch-type passive damper and an active damper. The principle of operation of the passive damper (effective for higher forcing frequencies) is the interference of the current pressure wave with the reflected wave, while the active damper (which reduces the amplitudes of pressure fluctuations in the lower frequency range) is for the absorption of the energy of the pressure wave. This damper constitutes an acoustic filter of hydrostatic systems. This was confirmed in experimental studies by obtaining a reduction in the corrected sound pressure level in the actual system of lifting the boom of a wheel loader from 2–3 dB(A).



It was indicated that the effectiveness of the presented damper depends on the value of the average pressure, with higher effectiveness observed for lower values of the average pressure in the hydraulic system. At the same time, a reduction in operating noise was achieved over the entire range of the tested average pressures in the hydraulic system. This effect was achieved by reducing the amplitudes of pressure pulsations over a wide range of forcing frequencies from the displacement pump and external influences. This is also manifested in the noise spectrum. Reduction in the value of pressure pulsation amplitudes results in a reduction in the adverse effects of the hydraulic system on the environment.
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Nomenclature




	b
	width of the wheels



	ω1 = (dφ1)/dt
	angular velocity of the gear



	rw1
	the radius of the vertex circle of the active wheel



	rw2
	radius of the vertex circle of the passive wheel



	rt1
	rolling circle radius of the active wheel



	rt2
	rolling circle radius of the passive wheel



	u = rz∙φz
	instantaneous distance of the contact point of the teeth moving along the engagement line from the mesh pole



	rz
	radius of the base wheel



	φz
	rotation angle of the gears



	n
	pump shaft speed



	z
	number of teeth



	m0
	module



	x
	tooth aspect ratio



	y
	tooth height ratio



	rr
	radius of the circle



	tz
	length of the buttress section



	       p  ~    K     
	instantaneous value of pressure



	       q  ~    K     
	instantaneous value of flow rate



	K
	subsequent harmonic



	     Q   p   K     
	harmonic component of the complex performance at the beginning of the system (at the pump discharge port)



	     p   p   K     
	harmonic component of the complex pressure at the beginning of the system



	pk
	pressure at the end of the pipe



	Qk
	flow rate at the end of the pipe



	l
	pipe length



	A
	cross-sectional area of the pipe



	v0
	speed of propagation of the pressure wave



	Bz
	equivalent bulk modulus of elasticity



	ρ
	the density of the working liquid



	Δpstr
	pressure drop across the load (throttling) valve



	Qz
	flow rate through the load (throttling) valve



	     q   K     
	modulus of the K-th harmonic component of the performance pulsation



	     Z   K     
	modulus of the K-th harmonic component of hydraulic impedance



	p1
	pressure at the entrance of the damper



	p2
	pressure at the end of the damper



	Q1
	flow rate at the entrance of the damper



	Q2
	flow rate at the end of the damper



	L
	length of the damper



	Γ
	propagation operator



	Zc
	wave impedance



	s
	Laplace transform operator



	r
	inner radius of the pipe



	Bz
	equivalent value of the volume modulus of elasticity of the fluid and the pipe



	μ
	dynamic viscosity coefficient



	Vg
	volume of gas in the accumulator



	p1
	final gas pressure



	V1
	final gas volume



	n
	polytropic exponent



	∂Psh
	increment of hydropneumatics spring force



	∂x
	increment of piston displacement



	F0
	active surface area of the piston



	pk
	value of the pressure in the system



	p0
	value of the initial pressure of the gas in the accumulator



	V0
	initial volume of the gas in the accumulator



	mzr
	reduced mass of the oscillating system



	a0, aK, bK
	coefficients of the Fourier series
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Figure 1. Mobile machine (wheel loader) as a source and receiver of mechanical vibrations. 
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Figure 2. Acceleration of vibrations of the frame of a construction loader for middle frequencies in terciles (spectrum is limited to a frequency of 80 Hz). 
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Figure 3. Example results of the pressure pulsation spectrum analysis of a hydraulic system in which the relief valve was placed on the table of a hydraulic simulator: (a) Arrangement of measurement points in the relief valve test system: 1—the pump supplying the test system of the component under consideration; 2—the safety valve; 3—the Mannesmann-Rexroth DBDH 6 G18/100 relief valve under test placed on the simulator table; 4—the oil tank; 5—the point where the change in pressure value is measured with the Piezotronics M101A04 piezoelectric sensor; 6—the table of the HYDROPAX ZY25 hydraulic simulator constituting a kinematic forcing with a harmonic function for the component under test at the point of measuring the table position; (b) Amplitude–frequency spectrum of pressure pulsation in a hydraulic system with a relief valve forced from a frequency of f = 20 Hz. 
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Figure 4. Block model of the performance pulsation of the external gear pump, presented using the Simulink package. 
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Figure 5. Theoretical course of instantaneous output as a function of time for pump (rotational speed 1500 rpm). 
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Figure 6. Amplitude–frequency spectrum of the instantaneous output of considered external gear pump. 
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Figure 7. Amplitude–frequency spectrum of the pressure pulsation caused by the pulsation of the pump performance. 






Figure 7. Amplitude–frequency spectrum of the pressure pulsation caused by the pulsation of the pump performance.



[image: Machines 13 00025 g007]







[image: Machines 13 00025 g008] 





Figure 8. Concept of the design solution for an effective pressure pulsation damper in the low and high frequency range: 1—active damper; 2—hydropneumatics accumulator. 
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Figure 9. Impedance of a flexible hydraulic line as a function of its length for different oil viscosities, flow with losses according to Equation (11): 1: μ = 1000 × 10−3 Ns/m2; 2: μ = 500 × 10−3 Ns/m2; 3: μ = 200 × 10−3 Ns/m2; 4: μ = 30 × 10−3 Ns/m2 (propagation speed of the pressure wave c = 800 m/s). 
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Figure 10. Diagram of the hydraulic system for lifting the loader boom with throttle valves and damper: 1—pump; 2—directional control valve R1011VF1V; 3—throttle valve; 4—broad-band damper; 5 and 6—pressure sensors. 
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Figure 11. Pressure pulsation amplitude spectrum of the loader boom hydraulic lifting system without damper and after fitting a broadband pressure pulsation damper (discharge pressure pt = 14 MPa; p1—amplitude of pressure pulsations in the system; p0—amplitude of reference pressure). 
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Figure 12. Block diagram of the system for noise measurement and analysis (THS—tested hydraulic system; MP—resistive measurement microphone type 4165 from Brüel-Kjaer (Virum, Denmark); MX—multiplexer 8-channel type 2811 from Brüel-Kjaer; AMP—universal measurement amplifier type 2607 from Brüel-Kjaer; FA—two-channel frequency analyzer type 2144 from Brüel-Kjaer); PC—personal computer; PR—printer. 
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Figure 13. The course of the noise characteristics LA = f(pt) of the hydraulic lifting system of the loader boom (pump speed n = 1000 rpm). 
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Figure 14. Comparison of the tertial noise spectrum of the hydraulic system for lifting the loader boom (pump speed n = 1000 rpm). 
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Table 1. The gear pump construction and operation data entry interface for simulation.
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	Parameters
	Value





	Number of teeth
	10 [-]



	Tooth outline displacement factor (x)
	0.4 [-]



	Tooth height factor (y)
	1 [-]



	Modulus (m)
	4.838 × 10−3 [m]



	Tooth outline angle (αo)
	20 [°]



	Rolling pressure angle (αp)
	27 + 11/60 [°]



	Gear width (b)
	25.413 × 10−3 [m]



	Angular velocity
	1500 [rpm]



	Length of pressure line (l)
	18.2 × 10−3 [m]










 





Table 2. Numerical values of the coefficients of the model Equation (13).
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	Coefficient
	Numerical Values





	pk
	2 × 106 [Pa]



	Qk
	0.12 × 10−3 [m3/s]



	l
	2.0 [m]



	A
	0.2 × 10−3 [m2]



	ρ
	890 [kg/m3]



	Bz
	805 × 106 [Pa]



	v0
	951 [m/s]



	z
	10 [-]



	w
	151 [rad/s]



	w1
	1510 [rad/s]



	K
	1 [-]










 





Table 3. Effectiveness of reduction of the corrected sound pressure level LA [dB] depending on the value of the average pressure in the system.
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	Average Pressure (pt)
	(LAd/LAw) × 100%





	3 MPa
	96.0



	6 MPa
	96.8



	8 MPa
	97.6



	10 MPa
	97.6



	12 MPa
	98.6



	16 MPa
	98.3
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