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Abstract: An air compressor is the core component of the air supply system of a hydrogen fuel cell,
which demands high efficiency and reliable stability in a wide operation region. In this work, a
centrifugal air compressor for a hydrogen fuel cell is first designed and then measured experimentally.
Furthermore, a test rig for assessing the aerodynamic performance of the centrifugal air compressor
is established, which includes a pipeline, gas flowmeter, flow regulating valve, pressure transmitter,
centrifugal compressor, controller, DC power supply and computer. Then, the orthogonal method is
employed to conduct the aerodynamic performance optimization. Four optimization parameters—
including blade number, blade angle at the inlet, blade angle at the outlet and wrap angle—are set
with three levels. Nine compressor individuals are designed according to the orthogonal method, and
then numerical simulation is implemented to confirm the aerodynamic performance and flow pattern.
Results show that the blade number has the greatest influence on the compressor’s performance,
and the blade angle at inlet is also very important. The optimal performance of the compressor
improves compared to that of the baseline compressor; the efficiencies of the baseline compressor and
optimal compressor are 81.3% and 83.8%, respectively, improving by 2.5%. The frequency domain of
pressure fluctuation in the centrifugal compressor is related to the stator-rotor interaction. The peak
value of pressure fluctuation amplitude occurs at the rotation frequency of 833 Hz and its harmonic
frequency. In comparison with the baseline compressor, the pressure fluctuation amplitude of the
optimal compressor is obviously reduced, especially near the volute tongue.

Keywords: centrifugal compressor; optimization design; experimental measurement; multiple
parameter; pressure fluctuation

1. Introduction

An air compressor is an important component of a hydrogen fuel cell because it
compresses air into the cathode of the cell in order to provide oxygen for the chemical
reaction. Therefore, the air compressor is the core component of the air supply system of
the hydrogen fuel cell, and it will greatly affect the overall performance of the fuel cell [1,2].
In a hydrogen fuel cell vehicle, the cost of the air supply system accounts for about 16%
of the total cost of the battery [3,4]. In an engineering application, the air compressor in
a hydrogen fuel cell vehicle should work with high efficiency and reliable stability [5–8].
Compared with the traditional volumetric compressor, a centrifugal compressor has the
advantages of high efficiency, wide operation range and compact structure, which can be
widely used in the air supply system of a hydrogen fuel cell [9–12].

Relevant institutions and scholars have carried out a lot of work on the optimization
design of centrifugal compressors. Marconcini et al. [13] studied an ultra-high-speed
centrifugal compressor with a rotating speed of 247,000 rpm by means of measurement

Machines 2023, 11, 559. https://doi.org/10.3390/machines11050559 https://www.mdpi.com/journal/machines

https://doi.org/10.3390/machines11050559
https://doi.org/10.3390/machines11050559
https://creativecommons.org/
https://creativecommons.org/licenses/by/4.0/
https://creativecommons.org/licenses/by/4.0/
https://www.mdpi.com/journal/machines
https://www.mdpi.com
https://orcid.org/0000-0001-5415-787X
https://orcid.org/0000-0003-2599-9482
https://doi.org/10.3390/machines11050559
https://www.mdpi.com/journal/machines
https://www.mdpi.com/article/10.3390/machines11050559?type=check_update&version=1


Machines 2023, 11, 559 2 of 15

and numerical simulation, and they analyzed the overall flow, leakage and secondary flow
in the centrifugal compressor. Krain et al. [14] conducted a lot of experimental research on
the accuracy of numerical simulation in a centrifugal compressor; they found that there
was a certain deviation between numerical simulation and test results at high speed and
that the deviation increased with the increase in speed. Hildebrandt et al. [15] studied the
influence of the blade’s back sweep angle and deflector on the flow-field distribution at
the outlet of an air compressor and found that the jet wake is associated with the impeller
outlet flow rate. Expanding the blade’s back sweep angle has a certain improvement effect
on the impeller outlet flow rate separation. In 2016, Hyundai Motor Corporation of Korea
developed the centrifugal compressor for the third generation of on-board fuel cells [16,17]
and its power increased from 8 kW to 10 kW.

Zhao et al. [18] studied the nonlinear relationship between the pressure, flow, speed
and height of the centrifugal air compressor for an aircraft fuel cell and concluded prin-
ciples on flow and pressure control of the fuel cell high-speed centrifugal compressor.
Qiu et al. [19] used CFX software to numerically simulate the flow field of a centrifugal
compressor, revealing the changes in pressure, velocity, and temperature in the flow field
and capturing flow characteristics, such as vortex and secondary flow. Zuo et al. [20] used
the Kriging model to optimize the parameters of a centrifugal impeller; as a result, the
compression ratio at the design point increased by 3.56% and the isentropic efficiency
increased by 1.02%. These studies provide important references for the optimization design
of centrifugal compressors.

Many scholars have also carried out a lot of research on the unsteady flow and pressure
fluctuation in a centrifugal compressor. Lu et al. [21] found that the main frequency of
pressure fluctuation in the impeller channel under the design condition was the blade
frequency or twice the blade frequency by numerical simulation, and the main frequency of
pressure fluctuation under the non-design condition was the blade frequency. Sun et al. [22]
studied the influence of the number of blades on the pressure fluctuation of a centrifugal
pump through numerical simulation and found that the position of the maximum pressure
fluctuation varies with the number of blades. Zhang et al. [23] studied the pressure
fluctuation characteristics in the volute of a vertical centrifugal pump. The research shows
that the main frequency in the guide vane is the blade passing frequency, and the occurrence
of low frequency pressure fluctuation is closely related to the periodic large-scale vortex in
the guide vane. Zhou et al. [24,25] studied the effect of the number of impeller blades on the
stall characteristics of centrifugal pumps in detail. Li et al. [26] used a compressor model
level test rig to verify pressure pulsation in the compressor cavity. Based on the test results,
the characteristic amplitudes corresponding to the blade channel frequencies at different
rotational speeds were obtained. During the experiment, it was found that the amplitude of
pressure fluctuations caused by acoustic resonance would increase exponentially, resulting
in a strong destructive effect. It has been confirmed that acoustic resonance can significantly
increase the internal pressure pulsation of the compressor, providing a basis for monitoring
the condition of centrifugal compressor blades and suppressing damage.

In this work, a centrifugal air compressor in a 65 kW hydrogen fuel cell system was
taken as the research object. The aerodynamic design of the impeller was conducted first,
and then the numerical simulation and experimental measurements were taken in order to
confirm the energy performance of the centrifugal air compressor. Finally, the orthogonal
optimization was employed to improve the energy performance and suppress the pressure
fluctuation of the centrifugal air compressor.

2. Aerodynamic Design
2.1. Design Parameter

The design parameters are based on a 65 kW hydrogen fuel cell system [27,28]. The
design speed is 50,000 r/min, the total pressure ratio is 1.5, the working medium is
20 ◦C air and the mass flow is 0.1 kg/s. Table 1 shows the design parameters of the
centrifugal compressor.
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Table 1. Basic design parameters.

Design Parameters Value

Rated speed N0 50,000 r/min
Mass flow Qm 0.1 kg/s

Inlet temperature T0 293.15 K
Inlet pressure P0 101,325 Pa

Total pressure ratio ε 1.5

2.2. Design Process

The geometrical parameters of the impeller and volute were determined by combining
theoretical formula with CFturbo design software. Firstly, the geometrical parameters, such
as impeller inlet diameter, outlet diameter and outlet width, were determined through
a design theory of centrifugal air compressors. Then, a geometrical model of the blade
was generated in CFturbo software. CFturbo is a professional software for the design of
turbomachinery, which can automatically generate blade geometry according to the given
parameters, and the blade geometrical parameters such as blade meridian flow passage,
blade profile and flow angle can be adjusted and optimized.

2.3. Design Result

When the design process was completed, the three-dimensional geometries of the
impeller and volute were established. The impeller was a closed backward-curved impeller,
and the blade number was initially set as twelve. In consideration of the strength, the inlet
and outlet thickness of the blade were set as 1 mm. The blade angle and blade wrap angle
were calculated according to the CFturbo software. The geometrical parameters of the
centrifugal compressor are shown in Table 2.

Table 2. Impeller geometrical parameters.

Structural Parameters Value

Impeller inlet diameter D1 50 mm
Impeller outlet diameter D2 100 mm

Impeller outlet width b2 5 mm
Blade inlet installation angle β1A 50◦

Blade outlet installation angle β2A 60◦

Blade wrap angle ϕ 60◦

The volute was then designed on the basis of the impeller, the shape line was spiraled,
and the diameter of base circle D = 1.1 D2 = 110 mm. Figure 1 shows the designed impeller
and volute.
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3. Numerical Simulation and Experimental Measurement
3.1. Computational Domain and Grid

The computational domain consisted of the inlet section, impeller, volute and outlet
section. The length of the inlet section was three times that of the impeller inlet diameter,
and the length of the outlet section was five times that of the volute outlet diameter. Figure 2
shows the whole computational domain of the centrifugal air compressor.
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Figure 2. Computational domain.

The overall computational domain of the centrifugal compressor was divided by the
structured mesh. H-grid structured mesh was generated by ICEM for the inlet domain
and the outlet domain. Hexahedral structured mesh was generated by Turbogrid for the
impeller domain. Unstructured mesh was generated for the volute. The meshes near the
wall were refined to capture the detailed flow structure. The boundary layer was set on the
walls of the blade, volute, inlet section and outlet section, and the overall grid quality was
above 0.35. The y+ values of the grid were basically within 30, which meets the calculation
requirement of the turbulence model in this work. Figure 3 shows the computational mesh
of the compressor.
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Figure 3. Computational mesh.

3.2. Grid Independence Verification

In order to reduce the influence of the number of grids on the numerical results as
much as possible, the grid independence of the numerical calculation was verified. By
adjusting the grid size, the total pressure ratio and efficiency of centrifugal compressors
with different grid numbers were calculated, and the results are shown in Figure 4. It can
be seen from Figure 4 that when the total number of grids exceeds 2.5 million, the relative
pressure ratio and overall efficiency of the centrifugal compressor did not significantly
improve with the increase in the number of grids. Considering the calculation accuracy
and time, the total number of grids was controlled at 2.5 million.
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Figure 4. Grid independence verification.

3.3. Computational Settings

The flow field of the centrifugal compressor was numerically calculated by CFX. The
rotation speed of the impeller basin was set as 50,000 r/min. The pressure ratio of the
compressor was relatively small, and the influence of changes in gas physical properties
due to gas temperature changes on the simulation can be ignored. Therefore, the fluid
medium was set as ideal gas, and the heat transfer model was selected as total energy. The
turbulence model was selected as a standard kε model. The inlet boundary condition was
set as the pressure inlet and the outlet boundary condition was set as the flow outlet. The
dynamic and static interface was selected as the stage interface, and the other walls were
set as non-slip.

For unsteady calculation, the inlet boundary condition, outlet boundary condition and
wall condition were the same as those of the steady calculation. The transient frozen rotor
method was selected to deal with the interface between the rotating parts and the stable
parts. In order to monitor the pressure fluctuation in the flow field, five and seven moni-
toring points were set in the impeller and volute, respectively. Figure 5 shows monitoring
points in the compressor.
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Figure 5. Monitoring points in compressor.

A time step of 0.00001 s was set, a cycle took 0.0012 s, and 8 cycles in total were
calculated. Figure 6 shows the change of pressure at M3 point with time through unsteady
calculation. The pressure fluctuation was calculated with two different time steps, and the
change trend of the two was basically the same. If the calculation interval is too small, the
calculation time will be very slow, so we set the calculation interval to 0.00001 s.



Machines 2023, 11, 559 6 of 15

Machines 2023, 11, x FOR PEER REVIEW 6 of 16 
 

 

  
(a) Impeller monitoring points M1–M5  (b) Volute monitoring points V1–V7 

Figure 5. Monitoring points in compressor. 

A time step of 0.00001 s was set, a cycle took 0.0012 s, and 8 cycles in total were cal-

culated. Figure 6 shows the change of pressure at M3 point with time through unsteady 

calculation. The pressure fluctuation was calculated with two different time steps, and the 

change trend of the two was basically the same. If the calculation interval is too small, the 

calculation time will be very slow, so we set the calculation interval to 0.00001 s. 

 

Figure 6. Comparison of pressure fluctuation. 

3.4. Numerical Simulation Results 

Figure 7a shows the pressure distribution in the impeller at z = 27 mm plane. It can 

be seen from the figure that the internal pressure in the flow field was approximately ra-

dially distributed from the impeller inlet to the outlet, and the maximum pressure ap-

peared at the volute outlet. In the vicinity of the volute tongue, the pressure distribution 

was relatively complex. The pressure distribution from the volute tongue to the volute 

outlet was uneven, and a low-pressure zone appeared near the volute tongue. This is be-

cause the asymmetric structure of the tongue resulted in the stator-rotor interaction. Fig-

ure 7b shows the pressure distribution at the meridian surface of the compressor. From 

the impeller inlet to the volute, the pressure gradually increased, and the pressure gradi-

ent was relatively even. 
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3.4. Numerical Simulation Results

Figure 7a shows the pressure distribution in the impeller at z = 27 mm plane. It can be
seen from the figure that the internal pressure in the flow field was approximately radially
distributed from the impeller inlet to the outlet, and the maximum pressure appeared at the
volute outlet. In the vicinity of the volute tongue, the pressure distribution was relatively
complex. The pressure distribution from the volute tongue to the volute outlet was uneven,
and a low-pressure zone appeared near the volute tongue. This is because the asymmetric
structure of the tongue resulted in the stator-rotor interaction. Figure 7b shows the pressure
distribution at the meridian surface of the compressor. From the impeller inlet to the volute,
the pressure gradually increased, and the pressure gradient was relatively even.
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Figure 7. Pressure distribution in centrifugal compressor.

3.5. Experiment Measurement

In order to verify the accuracy of the numerical simulation, a test rig for aerodynamic
performance measurement was established. Figure 8 shows the schematic diagram of the
test apparatus, which consisted of an air supply section and a compressor section. The
air supply section included a pipeline, gas flowmeter, flow regulating valve and pressure
transmitter. The compressor section included the centrifugal compressor, a controller, a DC
power supply and a computer.
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Figure 8. Schematic diagram of test apparatus.

The flow of the centrifugal compressor was measured by a gas flowmeter, with a range
of 0–450 m3/h and an accuracy of 1.5%. The flowmeter was installed horizontally in the
inlet pipe of the compressor, and the length of straight pipe section before and after was
greater than 5 times the pipe diameter. The pressure difference between the inlet and outlet
of the centrifugal compressor was measured by the pressure transmitter on the inlet air
pipe. The pressure transmitter had a range of −10–0 kPa and an accuracy of 0.5%. The
speed of the centrifugal compressor was controlled by a computer program, with a speed
range of 0–18,000 rpm and an accuracy of 1%. Through the above configuration, the energy
performance of the centrifugal compressor could be measured.

The test speed was kept at 8000 r/min, and the test results were compared with the
simulation results at the same speed. The test results and simulation results are shown in
Figure 9. It can be seen that the overall change of the test results and simulation results was
basically the same, and the test value was slightly higher than the simulation value. As the
flow rate increased, the test value decreased significantly. In general, the simulation value
was basically consistent with the test value, which indicates that the numerical calculation
can reflect the actual flow inside the centrifugal compressor.
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4. Orthogonal Optimization and Pressure Fluctuation
4.1. Multiple Parameter Optimization

The impeller is a crucial component of the centrifugal compressor and is the only work
component in the compressor. Whether the impeller structure is reasonable directly affects
the working performance of the whole machine [29,30]. In this section, multi-parameter
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optimization design [31,32] will be carried out for the impeller structure to improve the
aerodynamic performance of the centrifugal air compressor.

The efficiency of the centrifugal compressor was set as the optimization objective; four
parameters—namely, the blade number, the blade angle at the inlet, the blade angle at the
outlet and the blade wrap angle—were selected as the optimization parameters. The initial
selections of the number of blades, inlet blade angle, outlet blade angle and wrap angle
were 12, 50◦, 60◦ and 50◦, respectively.

The orthogonal method was adopted to conduct the optimization design according to
the standard orthogonal test table L9 (34), in which three levels are set for each parameter.
According to our research experience, the regions of blade number, blade angle at inlet,
blade angle at outlet and wrap angle were set as 9–15, 40–60, 45–75 and 40–60, respectively.
Table 3 shows the orthogonal parameter and level. A, B, C and D represent four factors,
and 1, 2 and 3 represent three levels.

Table 3. Orthogonal parameter and level.

Level Blade Number
(A)

Blade Angle at
Inlet/◦ (B)

Blade Angle at
Outlet/◦ (C)

Wrap Angle/◦

(D)

1 9 40 45 40
2 12 50 60 50
3 15 60 75 60

According to the orthogonal table, nine individuals were determined and then nine
compressors were designed, meshed and simulated. Table 4 shows the details of parameter,
pressure ratio and efficiency of the compressor. The minimum and maximum pressure
ratios are 1.435 and 1.58, respectively. The minimum and maximum efficiencies are 77.74%
and 83.12%, respectively.

Table 4. Orthogonal table.

Scheme A B/◦ C/◦ D/◦ ε η/%

1 9 40 45 40 1.435 79.25
2 9 50 60 50 1.447 79.60
3 9 60 75 60 1.463 77.74
4 12 40 60 60 1.52 82.20
5 12 50 75 40 1.556 80.20
6 12 60 45 50 1.492 80.75
7 15 40 75 50 1.58 82.01
8 15 50 45 60 1.532 83.12
9 15 60 60 40 1.558 80.81

In the orthogonal method, in order to evaluate the influence of every specific parameter,
the average value k of pressure ratio is defined as follows:

ki =
1
n

n

∑
j=1

ε j (1)

where i is the level of the parameter, n is the individual number of the corresponding
parameter at level i and εj is the pressure ratio of tested compressors with level i. The
average value of efficiency is defined as the same formula.

Range R describes the influence weight of each parameter, and can be defined as follows:

R = max(ki)− min(ki), i = 1, 2, 3 (2)

Table 5 shows the range analysis for compressor efficiency. According to Table 5, the
number of blades had the greatest impact on the efficiency of the centrifugal compressor,
followed by the blade angle at the inlet. The blade angle at the outlet and the blade wrap
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angle also had an impact on the efficiency, but the impact was relatively weak. According
to the analysis results, A3B1C1D3 was selected as the optimal result to design the finial
optimal impeller of the compressor.

Table 5. Range analysis for compressor efficiency.

Average Value A/% B/% C/% D/%

k1 78.86 81.18 81.04 80.09
k2 81.05 80.97 80.87 80.82
k3 82.01 79.77 80.01 81.02
R 3.15 1.41 1.03 0.93

Table 6 shows the comparison of structural parameters between the baseline impeller
and the optimized impeller.

Table 6. Comparison of baseline compressor and optimal compressor.

Scheme A B/◦ C/◦ D/◦ ε η/%

Baseline 12 50 60 60 1.518 81.3
Optimal 15 40 45 60 1.535 83.8

Figure 10 shows the comparison of external characteristic curves of the baseline
compressor and the optimal compressor. It can be seen from the figure that the change
trend of external characteristics was basically the same for the baseline compressor and the
optimal compressor, and the external characteristics of the optimal centrifugal compressor
were significantly better than those of the baseline. Compared with the baseline, the
pressure ratio and efficiency of the optimal compressor were improved, which indicates
that the optimal blade geometry and flow field were more reasonable. At a design flow
rate of 0.1 kg/s, the pressure ratios of the baseline compressor and the optimal compressor
were 1.518 and 1.535, respectively, improving by 1.12%. Additionally, the efficiencies of
the baseline compressor and the optimal compressor were 81.3% and 83.8%, respectively,
improving by 2.50%.
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Figures 11 and 12 show the velocity distribution of the baseline and the optimal
centrifugal compressors at different blade height sections. It can be seen from the figure
that the velocity in the flow field gradually increased with the increase in blade height
due to the centrifugal force. Compared with the baseline, the local high-speed zone of the
flow passage between the blades of the optimized centrifugal compressor was significantly
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reduced. At 70% and 90% of the blade height, the improvement of the local high-speed
zone was the most obvious. The local high-speed zone of the optimized impeller blade was
significantly reduced, and the flow field changed more evenly, which indicates that the
matching degree of the impeller and volute was improved, and the flow separation has
been effectively suppressed.
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Figure 12. Velocity distribution at different blade height sections of optimal compressor.

Figures 13 and 14 show the pressure distribution nephogram of the baseline and the
optimized centrifugal compressor at different blade height sections. It can be seen that after
the air entered from the impeller inlet, the pressure gradually increased as the impeller
rotated. After impeller optimization, with the reduction of the local high-speed zone
between blades, the local low-pressure zone in the flow field was also significantly reduced.
The transition from the low-pressure zone at the impeller inlet to the high-pressure zone at
the impeller outlet was more natural, the pressure distribution in the flow field was more
uniform, the blade structure was more reasonable and the overall change of the flow field
was more stable.
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4.2. Pressure Fluctuation Suppression

Pressure fluctuation is a common phenomenon in a compressor, and severe pressure
fluctuation will cause vibration, unstable operation and irregular noise, affecting the
operation efficiency and stability of the compressor [33–35]. For the centrifugal compressor,
it is particularly important to maintain stable operation. Frequency domain analysis is a
commonly used analysis method for pressure fluctuation. In frequency domain analysis, the
time domain signal of pressure fluctuation is directly converted into frequency domain by
the Fast Fourier Transform. In this work, the dimensionless pressure fluctuation coefficient
CP was used to represent the pressure fluctuation of the monitoring point, and it can be
expressed as follows:

CP =
P − P

0.5ρ2U22 (3)

where P is the pressure of the monitoring point, P is the average value of pressure, ρ2 is the
air density and U2 is the circumferential speed at the impeller outlet.

Figure 15 shows the frequency domain of pressure fluctuation for the baseline com-
pressor. Figure 16 shows the frequency domain of pressure fluctuation for the optimal
compressor. It can be seen that the peak of pressure fluctuation amplitude in the impeller
occurred at the impeller rotation frequency (833 Hz) and its harmonic frequency. Among
these monitoring points, the dominant frequencies for points M1, M2 and M3 were four
times that of the rotation frequency, and the dominant frequencies for points M4 and
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M5 were the rotation frequency. On the whole, the amplitude of pressure fluctuation
increased from the impeller inlet to the outlet. The pressure fluctuations at the monitoring
points V1–V7 in volute were affected by the impeller rotation frequency and the blade
passing frequency. The peak value of pressure fluctuation occurred at the impeller rotation
frequency and blade passing frequency. The blade passing frequency was related to the
rotation frequency and blade number. In the volute, the peak value of pressure fluctuation
near the volute tongue was obviously large, and the stator-rotor interaction along the
volute circumference gradually decreased, which made the peak of pressure fluctuation
also gradually decrease.
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The comparison of frequency domain between the baseline compressor and the opti-
mal compressor shows that the pressure fluctuation of the optimal compressor was greatly
reduced, especially near the volute tongue. The reason is that the optimal impeller geom-
etry was more reasonable for the flow field in the impeller, and the pressure fluctuation
was optimized and reduced. Based on the flow-field analysis, it can be seen that the airflow
velocity at the inlet of the impeller increased, and the flow separation phenomenon at
the outlet was suppressed. The local high-speed area in the flow channel shrank, and
the low-pressure area correspondingly decreased. The flow field was more fluent, and
the pressure gradient was more uniform, which resulted in a decrease in the intensity
of pressure fluctuation. The peaks of the pressure fluctuation coefficient at point M1 in
the baseline compressor and the optimal compressor were 0.0113 and 0.0073, respectively,
decreasing by 35.1%. The peaks of the pressure fluctuation coefficient at point V1 in the
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baseline compressor and the optimal compressor were 0.0140 and 0.0041, respectively,
decreasing by 70.5%.

5. Conclusions

In this work, the design optimization and pressure fluctuation suppression of a cen-
trifugal air compressor in a hydrogen fuel cell was investigated. First, the aerodynamic
design of the impeller was conducted; then, the numerical simulation and experimental
measurements were taken in order to confirm the energy performance of the centrifugal
air compressor. Finally, the orthogonal optimization was employed to improve the en-
ergy performance and suppress the pressure fluctuation of the centrifugal air compressor.
According to the investigation, the following conclusions can be drawn:

(1) A test rig for the aerodynamic performance of the centrifugal air compressor is
established, including a pipeline, gas flowmeter, flow regulating valve, pressure
transmitter, centrifugal compressor, controller, DC power supply and computer. A
baseline centrifugal compressor is designed and measured in the test rig, and its
rated rotation speed, flowrate and pressure ratio are 50,000 r/min, 0.1 kg/s, and 1.5,
respectively.

(2) Four optimization parameters—including blade number, blade angle at inlet, blade
angle at outlet and wrap angle—are chosen, and three levels for the optimization
parameters are determined by experience. According to a range analysis of the
orthogonal method, the influence level of optimization parameters on efficiency is
sorted by blade number, blade angle at inlet, blade angle at outlet and wrap angle.
The number of blades has the greatest impact on compressor efficiency due to its
ability to control the flow field, and the blade angle also has a great impact on
compressor efficiency due to the work principle of the Euler equation. The energy
performance of the optimal compressor is significantly improved than that of the
baseline compressor at design point of flow rate, which is 0.1 kg/s. The efficiencies of
the baseline compressor and optimal compressor are 81.3% and 83.8%, respectively,
improving by 2.5%.

(3) The frequency domain of pressure fluctuation in the centrifugal compressor is related
to the stator-rotor interaction. The peak value of pressure fluctuation amplitude
occurs at the rotation frequency of 833 Hz and its harmonic frequency. After opti-
mization, the matching between the impeller and the volute is improved, and the
intensity of pressure pulsation is reduced. The impeller structure is optimized based
on the orthogonal method, the flow separation phenomenon at the impeller outlet is
suppressed and the local high-speed area in the flow channel is reduced, which leads
to the low-pressure area being correspondingly reduced. The pressure gradient in
the flow channel is more uniform, and the intensity of pressure pulsation is reduced.
In comparison to the baseline compressor, the pressure fluctuation amplitude of the
optimal compressor is obviously reduced, especially near the volute tongue. The peak
of the pressure fluctuation coefficient at point M1 is decreased by 35.1%, and the peak
of the pressure fluctuation coefficient at point V1 is decreased by 70.5%.

The flow field is crucial for the impeller’s efficiency and operation stability, and the
visualization methods of high-speed cameras and PIV (particle image velocimetry) have
been greatly developed. Therefore, visualization methods can be used to obtain the flow
details in the impeller and then applied to further optimize the impeller’s performance in
future work.
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