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Abstract

:

Modern direct-driven and high-speed rotary tables with torque motor are optimally suited for all handling and assembly applications that require the shortest indexing times and flexible positioning. The following paper is devoted to the study, the design, and the optimization of an innovative table clamping system (brake for accurate positioning) actuated by pneumatic energy, working at a maximum clamping pressure of 6 bar. The challenge for the aforementioned application is related to developing a solution able to provide a maximum tangential torque (with clamping actuated) in the range of thousands of Nm without leveraging the use of high-pressure hydraulic energy. The optimization of the proposed solution is based on the precise calculation of the stresses in order to perform a fatigue assessment and on the elastic deformation of the clamps in order to set the correct tolerances between the mating parts. Eventually, an experimental campaign is carried out in order to tune the numerical model, which is then used to validate the proposed design solution.
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1. Introduction


Machining operations are among the most widespread industrial manufacturing processes due to their extreme flexibility and achievable quality [1]. This wide spread makes the reduction of impacts of these processes a crucial research goal in order to enhance the sustainability of future industries [2,3]. Numerous studies pointed out the role of energy consumption on the overall environmental impact of these processes [4]. Accordingly, finding new design solutions able to increase energy efficiency at the machine level is a primary research aim [5,6].



Rotary Transfer Machines (RTM) are advanced reconfigurable systems consisting of numerous stations where multiple parts are machined simultaneously. Once the operations on all the stations are completed, the RTM rotates one angular step so as to transfer each working part to the next station [7]. Since RTMs are intended to achieve maximum production efficiency [8], the rotary table undergoes high values of angular acceleration used to rotate the table. These systems are of great interest in the modern industry due to their high flexibility and efficiency [9].



Previous studies highlighted how the adoption of proper design strategies can radically improve the environmental sustainability of these machines. Particularly, the design of RTMs should aim at replacing hydraulic systems, which are responsible for high energy consumption [10]. It is also worth mentioning that hydraulic systems are characterized by elevated production and maintenance costs. Moreover, the high working pressure of these systems determines a safety risk for operators. For these reasons, replacing hydraulic systems with alternative solutions can lead to significant environmental, economic and social benefits.



During machining operations, a clamping system is used to restrain the RTM disk against rotation. The role of this system is to prevent angular movements of the rotary table under the application of machining forces to workpieces. This role makes the clamping system a fundamental element of the RTM since it contributes to ensure the proper positioning of the part by suitably restraining it [11].This is a crucial aspect since it directly affects the accuracy of the machining process [12,13,14]. For this reason, the clamping system must guarantee high values of clamping torque so as to block the stations in the right position.



In the traditional design of RTMs, clamping systems are actuated by means of hydraulic power [10]. The present study investigates the feasibility to adopt a pneumatic solution for the clamping system of a large-scale RTM in order to reduce its environmental, economic and social impacts [4]. As mentioned above, hydraulic systems are characterized by higher working pressure than pneumatic ones. This means that, when moving from a hydraulic to a pneumatic clamping system, less input energy is available. A considerable design effort is thus necessary in order to guarantee sufficient clamping torque on the rotary table.



Previous studies investigated the design of pneumatic clamping systems for fixtures [15,16,17]. These systems are intended to anchor the workpiece to the turret during working [18,19,20]. A Finite Element Analysis (FEA) of a clamping system for turning has been carried out by Chavan et al. [21]. Nascimento et al. investigated the fatigue life of a pneumatic brake actuator [22].



To date, clamping systems for RTM have not been yet formally investigated and no standards are available for their design. These systems profoundly differ from those used for fixtures due to the different dimension, shape, degrees of freedom and forces of the rotary table. Thus, ad hoc design procedures must be defined. The present study proposes a systematic approach which starts with the definition of working pressure. This pressure has been imposed complying with the hypothesis of adopting a pneumatic system on the basis of sustainability motivations exposed above.



The clamping system is characterized by several geometrical parameters which could potentially affect its effectiveness. This study focuses on the design of the piston identifying the dimensions which are supposed to mostly affect its mechanical behaviour. Sensitivity analyses are then performed to quantify the influence of these parameters on the clamping torque and internal stresses. A sequential decision-making process is used to determine the main design parameters. As a result, two pseudo-optimal solutions are proposed. A fatigue verification of these solutions is presented. An experimental campaign is then carried out to assess the accuracy of the finite element model used in the preliminary design phase and tune on the basis of experimental data. Eventually, the refined model is used to verify the validity of the proposed design solution.




2. Materials and Methods


2.1. Architecture of the Clamping System


Figure 1 provides a schematic representation of the clamping system. Three main elements can be observed, namely the piston, the rotating disk and the base plate.



Figure 2 shows a detailed sketch of the piston highlighting the most relevant dimensions, namely the average contact diameter   D m  , the width of the expansion chamber 2a, the membrane thickness t and the two fillet radii   r 1   and   r 2  . For the scope of this study, the geometrical parameters shown in Figure 1 and Figure 2 have been varied in the ranges summarized in Table 1. Table 1 also reports the initial values of these parameters used for preliminary investigations.



To actuate the clamping, the pressurized air is pumped into the expansion chamber through an inlet. Two O-rings are used to prevent fluid leakage. As can be observed in Figure 1, the piston is fixed to the basement by the screws shown in Figure 2. These screws prevent piston scrolling. Clamping is achieved through piston deformation: Air pressure leads to the elastic deformation of the piston, which bends until it touches the peripheral region of the rotating disk. The force applied by the piston’s upper surface determines a deflection of the disk, which goes in contact with the fixed plate. It is worth remarking that clamping takes place when the rotating disk is stationary, i.e., there is no relative angular sliding contact between the parts. The friction generated between the piston and the disk and between the disk and the base plate determines a clamping torque   M  t b   , which can be estimated as in Equation (1)


   M  t b   =  μ   (  F  p d     D  m , p d   2  +  F  d b     D  m , d b   2  )   



(1)




where:




	
 μ  is the coefficient of static friction, assumed equal to 0.15 in the case of steel-on-steel non-lubricated contact [23];



	
  F  p d    is the force applied by the piston on the disk;



	
  F  d b    is the force applied by the disk on the base plate;



	
  D  m , p d    is the average diameter of the contact region between the piston and the disk, equal to 1130 mm.



	
  D  m , d b    is the average diameter of the contact region between the disk and the base plate, as shown in Figure 1, equal to 1134.5 mm.








All the elements of the system are made of 40CrMnMoS86 steel that is quenched and tempered at 600 °C. In order to limit wearing phenomena, the base plate matching the disk surface is made of structural steel S355J2. Surface hardening is used to achieve hardness between 48 and 50 HRC on the contact surface.




2.2. Finite Element Model


A FEA has been carried out using the Ansys simulation suite. The axisymmetric two-dimensional model shown in Figure 3 was used for the scope of this study.



As shown in Figure 3, a fixed support is imposed on the bottom surface of the piston, that is the surface joined by bolts. As a preliminary hypothesis, the external gasket ring only allows the piston to slide along the axial direction. Accordingly, a frictionless support is applied to the external surface of the piston. A resistant force directed downward is applied in correspondence with this support to simulate the friction of the O-ring. The magnitude   F  o r    of this force is assessed by assuming that the gasket is pushed against the machine base with a pressure equal to p.   F  o r    is thus calculated as in Equation (2):


   F  o r   = p  π   D e    h  o r    μ  



(2)




where   D e   and   h  o r    are, respectively, the external diameter and height of the gasket, whereas  μ  is the coefficient of friction between the O-ring and the cylindrical wall. An O-ring with   D e   = 1138 mm and   h  o r    = 3.2 mm is investigated. The value of  μ  is assumed to be equal to 0.8, which leads to a maximum value    F  o r   ≈ 6   kN at p = 6 bar. This value has been considered in all the simulations for the sake of safety.



The disk is constrained near the axis by a fixed support on the top surface, indicated by the letter D in Figure 3. This is consistent with the real assembly since this region of the disk is coupled to the rotating element by means of bolts, as shown in the scheme of Figure 1. Finally, a fixed support is imposed on the plate.



As can be observed in Figure 2, the disk is modeled in contact with the piston and the fixed plate. A frictionless contact is imposed in these regions to represent the gaps of the actual assembly shown in Figure 1. This unilateral contact means that the normal pressure between the two elements is null until the deformation of the elements is less than the initial gap, while varies according to the contact surface elsewhere. Since no friction is considered, the pairing surfaces are free to slide. Different values of the initial gap have been explored in this study, as detailed in the following.



The external load acting on the system consists in a uniform pressure p acting on the expansion chamber of the piston. For the scope of this study, an internal pressure p varying between 4 bar and 6 bar was considered. Specifically, the minimum value was used to verify the minimum clamping torque, while the maximum value was used to calculate the peak stress for fatigue verification. In fact, higher values of pressure determine more stress acting on the piston. On the other hand, the lower the pressure, the lower the deformation of the piston and, as a result, the clamping torque on the disk.



Different meshing strategies have been used on the elements of the assembly. Specifically, the base plate is represented by a single rigid quadrilateral element. A body sizing rule has been applied to the disk and piston to govern the maximum element size, which is set equal to 1 mm.



The mesh of the disk is locally refined nearby the two fillets highlighted in Figure 2 so as to capture the effects of localized stress concentrations. These become significantly relevant since the high clamping cycles determine fatigue stress on the disk. An iterative procedure has been adopted in order to establish the mesh size in these regions. Specifically, the maximum element dimension is halved until convergence on the second decimal digit of the peak stress (expressed in MPa) is observed.




2.3. Design Optimisation


The FEA presented in Section 2.2 has been used to optimize the design of the clamping system. Firstly, a sensitivity analysis has been carried out by varying the gaps (g) between the piston and the disk, and between the disk and the fixed plate have been varied between 0.01 mm and 0.1 mm with steps of 0.01. As a simplification, the values of the two gaps are assumed to be always equal in all the tested configurations. As will be shown in the following, these distances play a crucial role in the performance and cost of the system. On one hand, small gaps are expected to determine a quick response of the system and higher clamping torques. On the other hand, ensuring such small distances requires strict geometrical and dimensional tolerances in the manufacturing and assembly of components, which in turn determines an increase in costs. This is especially true if considering the relevant diameter of the disk.



Then, different geometries of the disk have been explored. Specifically, the study investigated three different values of the membrane thickness t (see Figure 1), namely 2 mm, 3 mm and 4 mm. For each combination of gaps g and thickness t, a simulation is run to determine the clamping torque acting on the disk.



As mentioned in Section 2.1, the piston undergoes cyclic stress due to repeated braking. Therefore, an analysis of the stress concentration on the two fillets depending on their radii is performed. The fatigue limit of the system is thus verified by means of Haigh’s diagram [24]. The stress gradient beneath the surface is also analysed to estimate the coefficient of stress gradient   C G  .



Finally, a further modification of the geometry is performed by varying the width of the expansion chamber. The effects of this change on the clamping torque and peak stresses are analysed.




2.4. Experimental Validation


An experimental activity was eventually set up in order to validate the results of the finite element calculation. Specifically, the deformation of the piston under the effect of air pressure has been investigated. In fact, based on the working principle of the clamping system described in Section 2.1, this is the most relevant factor to determine the effectiveness of the clamping system. Future studies will be devoted to validating the response of the other elements.



The axial displacement of the piston is evaluated by means of a dial gauge fixed to the machine base. A schematic representation of the experimental setup is shown in Figure 4a, while Figure 4b shows a picture of the real tests.



As shown in Figure 4, tests have been performed on an incomplete assembly of the final clamping system. The maximum test pressure has been thus limited to 2 bar in order to guarantee the safety of the experiment and prevent damages to other machine components. In more detail, the system has been tested under a pressure of 1 bar, 1.5 bar and 2 bar. Numerical simulations have been run with these values of pressure in order to compare the measured and calculated displacements. The finite element model has been finally refined to match the results of tests and used to verify the design solution obtained as discussed in the previous sections.





3. Results and Discussion


3.1. Effect of Gaps between Fixed and Rotating Elements


Table 2 summarizes the values of force calculated at the two interfaces, namely piston-disk and disk-plate, for different values of the initial gap g.



When increasing the gap, the force applied to the piston-disk interface decreases since more energy is spent on the elastic deformation of the piston. As can be highlighted in Table 2, even small variations in the gap determine a sharp drop in the force applied to the disk. This finding is particularly significant since, as introduced in the previous section, the real system may suffer from even small variations in the actual gap between elements due to geometrical, dimensional and assembly uncertainties. Such an issue becomes even more relevant in the case of large disks, where tight dimensional tolerances can be hardly obtained.



As previously described, the role of the piston is to deform the disk and put it in contact with the base plate. The force generated between the disk and the base plate is then responsible for the clamping torque acting on the system. Therefore, the difference between the force applied by the piston on the disk and that applied by the disk on the base plate consists in the force necessary to deform the disk. To better understand the effect of the gap on this dissipation, Figure 5 plots the percentage of the piston-disk force used for braking and deforming the disk. As it can be seen, in the case of a 0.01 mm gap the force applied to the disk by the piston is almost entirely transmitted to the plate, with a loss of around 2.6%. On the other hand, in the case of a 0.1 mm gap, 77% of the force is spent to deform the disk before touching the base plate.



As mentioned in Section 2.2, the finite element model is used to calculate the maximum stress on the piston considering an internal pressure of 6 bar. Specifically, the equivalent von Mises stress is investigated. Figure 6 plots the peak values of equivalent stress   σ  v M , f 1    and   σ  v M , f 2    acting on the first and second fillets, respectively, at p = 6 bar. The maximum equivalent stress   σ  v M , m    on the piston membrane, namely the region of the piston with thickness t (see Figure 2), is also reported. It is possible to notice that the stresses on the two fillets increase linearly with the gap but with different slopes. Particularly, a more severe effect of the gap on the peak stress on fillet 2 can be observed. The maximum stress on the membrane presents a non-linear dependency on the gap. It is possible to observe that this value is always lower than those calculated on the fillets due to the effect of stress concentration.




3.2. Effect of Membrane Thickness


The plots in Figure 7 show the variation of peak stress on the two fillets with the gap for different values of thickness t. In the case of the first fillet, increasing the thickness of the disk determines a more severe growth in stresses when the gap increases. Particularly, Figure 7a shows that, for gaps higher than 0.03 mm, thicker disks suffer from more relevant peak stresses. On the contrary, the maximum stress calculated on the second fillet is always lower for higher values of t (see Figure 7b).



Table 3 reports the values of clamping torque for all the investigated combinations of thickness and gaps. It is worth mentioning that in the case of t = 4 mm and g ≥ 0.07 mm the force   F  d b    is null, i.e., there is no contact between the disk and the base plate. In other words, the pressure applied by the incoming air is not sufficient to deform the disk enough to put it in contact with the fixed element of the system. This value of thickness has been thus excluded from the following analyses. Further, as mentioned in the previous sections, the manufacturing and assembly of the clamping system are affected by errors which make it hard to achieve tolerances below 0.05 mm. For this reason, the following analyses will be focused on the range from 0.05 mm to 0.1 mm.




3.3. Effect of Fillet Radius


In the original design, the radii   r 1   and   r 2   of the first and second fillets are equal to 0.5 mm and 1 mm, respectively. As well known, the concentration of stresses is strongly affected by the fillet radius, becoming more severe for small values. Therefore, a sensitivity analysis has been carried out by increasing the radius of each fillet separately and monitoring the corresponding variation in peak stress and clamping torque. The geometry with t = 3 mm has been considered. As mentioned in Section 2.2, the peak of equivalent von Mises stress and the clamping torque have been calculated at p = 6 bar and p = 4 bar, respectively, which are the most critical working conditions.



For the scope of this study, the radii have been augmented up to 2 mm with steps of 0.5 mm. Figure 8 shows the corresponding decrease in stresses calculated at g = 0.1 mm. As can be seen, an abrupt drop of the peak stress can be observed moving from 0.5 mm to 1 mm on fillet 1. For higher dimensions, both fillets show a linear reduction of the maximum stress.



The maximum value of the radius, namely 2 mm, has been considered for the following analysis in order to reduce the concentration of stresses and enhance the fatigue resistance of the part. This modification of the geometry determines also a drop in the clamping torque due to the increased piston stiffness against deflection. Therefore, the values in Table 3 have been recalculated. As demonstrated in the previous sections, the most critical conditions, namely lower clamping torque and higher peak stress, are observed for higher gap values. Therefore, only gaps higher or equal to 0.05 mm are considered in the following for the sake of safety. The values of clamping torque calculated under these assumptions are reported in Table 4. Interestingly, the increase in fillet radii yields to the outcome that the clamping torque drops in the case of t = 3 mm and g = 0.1 mm, i.e., no contact between the disk and the base plate is achieved in this case. Table 4 also reports the maximum stress   σ  v M , m a x   , namely the highest value among   σ  v M , f 1   ,   σ  v M , f 2    and   σ  v M , m   .




3.4. Effect of the Expansion Chamber Width


The findings presented in Section 3.3 show that the clamping torque dramatically decreases while increasing the gap between parts. Particularly, no contact is observed in the case of g = 0.1 mm and t = 3 mm. To compensate for this effect, a redesign of the disk is proposed in the case of t = 3 mm by varying the radial size of the expansion chamber 2a represented in Figure 1, which was originally set equal to 43.5 mm. Specifically, the width of the chamber has been varied between 45 mm and 55 mm with a step of 1 mm. The results in terms of clamping torque and maximum stress in the case of g = 0.1 mm are summarized in Table 5.



As can be highlighted in Table 5, the increase in 2a determines a considerable increase in the clamping torque but a moderate increase in the maximum stress. This result was expected since a wider expansion chamber leads to a larger surface on which the air pressure can transmit the force. Furthermore, this design solution increases the portion of the radius where the thickness is equal to the minimum value, thus increasing the displacement of the piston’s upper surface under loads. Results in Table 5 show that in the case of t = 3 mm and 2a = 55 mm the clamping torque becomes approximately equal to that of the case of t = 2 mm and g = 0.1 reported in Table 4 (2964 Nm vs. 2957 Nm). This design solution is thus considered suitable in order to ensure a proper clamping torque also in the case of the largest investigated assembly gap.




3.5. Fatigue Verification of the Design Solutions


Table 6 summarizes the geometrical parameters of the two designs proposed in the previous sections, named Design Solution 1 (DS1) and Design Solution 2 (DS2) in the following. These design are manufacturable and maximise the clamping torque on the disk. The fatigue resistance of these solutions is verified at p = 6 bar and g = 0.1 mm, which have been demonstrated to be the most critical working conditions.



During its lifecycle, the piston undergoes cyclic loads between 0 and the maximum value of stress. Therefore, the values of stress amplitude (  σ  a k   ) and medium stress (  σ  m k   ) are both equal to    σ  v M   / 2  . These values are compared to the fatigue resistance of the material Sn, obtained as in Equation (3):


   S n  = 0.5   S U    C L    C S    C G   



(3)




where   S U   is the Ultimate Tensile Stress (UTS) and the coefficients   C L  ,   C G   and   C S   account for the effects of load, stress gradient and surface finishing, respectively [24].



For the scope of this study,   C L   is set equal to 1 since the equivalent stress is compared to bending stress.   C S   is equal to 0.7, which corresponds to the surface quality of a machining operation for   S u   = 1000 MPa [24].



As shown in Figure 9, the value of equivalent stress   σ  v M    rapidly decreases immediately beneath the surface. Accordingly, it was decided to assume a stress gradient coefficient    C G  = 0.9  .



Considering that the UTS of the 40CrMnMoS86 is equal to 1000 MPa, Equation (3) leads to   S n   = 315 MPa. The load varies between 0 and the peak value, so the fatigue limit on the stress amplitude (  σ  a , l i m   ) and medium stress (  σ  m , l i m   ) can be calculated as in Equation (4):


   σ  a , l i m   =  σ  m , l i m   =   S n   1 +  S n  /  S u     



(4)




which is equal to 240 MPa.



Due to the complexity of geometry and stress distribution, it is not possible to define a fatigue stress concentration factor according to traditional calculation methods [24]. The corrected stress is thus estimated starting from the results of the static FEA [25,26]. Specifically, the Support Factor method is used [27]. This approach requires the calculation of the equivalent stress distribution in the direction normal to the maximum stress point (i.e., the direction shown in Figure 9). The gradient of the stress function at the maximum stress point, named   G σ  , is thus expressed by Equation (5):


   G σ  =   d  σ  v M     d  y ′      |    y ′  = 0    



(5)







For the scope of this study, the value of   G σ   is approximated by the secant to the equivalent stress curve shown in Figure 9 nearby the point of maximum stress. This can be expressed as in Equation (6):


   G σ  ≈    σ  v M , m a x   −  σ  v M (  y ′  * )      y ′  *    



(6)




where    y ′  *   is the distance to the first element along the normal direction y’, which varies between 0.04 and 0.06 mm in the investigated meshes.



The normalized stress ratio   s σ   is then calculated as in Equation (5):


   s σ  =   G σ   σ  v M , m a x     



(7)







The support factor   ν d   can be thus obtained by means of Equation (8):


   ν d  = 1 +    s σ    ρ *     



(8)




where   ρ *   is the characteristic length of the material [28]. According to [23],   ρ *   is supposed to equal to 0.01 mm for steel with   S u   = 1000 MPa.



Finally, the effective stress   σ  e f f    can be calculated as shown in Equation (9):


   σ  e f f   =   σ  v M , m a x    ν d    



(9)







Table 7 summarises the values of   G σ  ,   s σ  ,   ν d   and   σ  e f f    calculated for the two designs at p = 6 bar and g = 0.1 mm, which has been demonstrated to be the most critical working condition.



The amplitude and medium value of stress   σ a   and   σ m   are thus equal to    σ  e f f   / 2  . Figure 10 shows Haigh’s diagram. The working points corresponding to the two design solutions are represented.



The safety factor SF is then calculated as in Equation (10):


  S F =   σ  a , l i m    σ a   =   σ  m , l i m    σ m   =   2   S n     ( 1 +  S n  /  S u  )   σ  e f f      



(10)







SF is equal to 2.6 in the case of DS1 and equal to 2.9 in the case of DS2. These values demonstrate that both the proposed design solutions allow for resisting infinite braking cycles.




3.6. Operating Characteristic Curves


As mentioned, the actual gaps between rotating and fixed elements suffer from uncertainties due to manufacturing and assembly errors. Therefore, it is useful to report here the operating points of the system at different values of g. Figure 11 plots the clamping torque   M  t b    as a function of the gap g. As discussed in the previous sections, the two designs lead to similar values of   M  t b    when g = 0.1 mm and p = 6 bar. Nonetheless, different trends can be observed when varying g. Particularly, design 2 allows for achieving higher torque in the case of small gaps. The difference between the two designs becomes more evident in the case of higher pressure, i.e., p = 6 bar.



Figure 12 shows the effects of gaps and pressures on the safety factor calculated as in Equation (10). As in the case of clamping torque, the difference between the two solutions is more evident for smaller gaps. Interestingly, DS2 is characterised by higher values of SF, especially in the case of p = 4 bar. This finding, together with the considerations on clamping torques made above, allows for concluding that DS2 is preferable to DS1.




3.7. Experimental Results


DS2 was manufactured and tested according to methods presented in Section 2.4. Table 8 summarizes the measured values of vertical displacement (  d  Y , m e a s   ) at different pressure.



It can be highlighted that the measured displacement varies linearly with the incoming pressure p.



The results of FEA (  d  Y , F E A   ) are also reported for comparison. These values have been calculated by varying the resistance force   F  O R    of the O-ring according to Equation (2); the corresponding values of   F  o r    are also included in Table 8.



The values in Table 8 show that the trend of displacement while increasing pressure is consistent with the results of the numerical simulation. Nevertheless, the value of actual displacement is approximately twice that calculated by means of FEA in all the testing conditions. As a first hypothesis, this effect had been supposed to be due to the compliance of the bolted connection between the piston and the base. Nevertheless, measuring the displacement by means of a second comparator it was observed that this region is fixed during piston expansion. Therefore, it is reasonable to think that the difference between theoretical and real deformation derives from the hypothesis used to model the contact between the piston and the external O-ring. In fact, the real contacts between the O-ring, the piston and the machine are characterised by a non-uniform pressure distribution which in turn determines complex phenomena at the interface [29,30]. A fine-tuning of the finite element model is thus carried out in the next section to find the equivalent interface force matching experimental results.




3.8. Fine-Tuning of the Finite Element Model


Firstly, simulations have been replicated excluding the resistant force   F  o r    acting on the support, i.e., assuming a frictionless contact between the O-ring and the structure. The results showed that the increase in vertical displacement is negligible and does not fill the gap with experimental observations. On the other hand, if the effect of the O-ring is ignored, i.e., the frictionless support is removed, and no resistant force is applied the results of FEA exceed the experimental observations, as shown in Figure 13.



A fine-tuning of the resistant force is thus carried out on the finite element model. Specifically, the direct optimisation tool of Ansys is used to the resistant force   F  o r    leading to the measured values of vertical displacement reported in Section 3.7. The values of   F  o r    calculated at different pressures and the corresponding vertical displacement (  d  Y , F E A  *  ) are reported in Table 9. It can be highlighted that the value of   F  o r    linearly increases with the pressure p. Specifically, the values reported in Table 9 can be interpolated by means of Equation (11) (where p is in bar) with a coefficient of determination    R 2  = 99.6 %  .


   F  o r   = 2014 p + 2140.3  



(11)







In order to verify the proposed solution, a new simulation is performed with the new finite element model. Specifically, the frictionless support shown in Figure 3 is removed and the resistant force   F  o r    is calculated as in Equation (11), being equal to 10,194 N and 14,221 N at, respectively, p = 4 bar and p = 6 bar.



The fatigue verification at p = 6 bar returns a safety factor equal to 2.6. This value is lower than the one calculated during the preliminary design phase (SF = 2.9) but allows for ensuring the infinite fatigue resistance of the component with an adequate margin.



The calculation at p = 4 bar reveals a decrease in the clamping torque   M  t b    from 2957 Nm to 2659 Nm. This value is still sufficient to firmly anchor the rotary table during machining operation. Consequently, the design solution proposed is considered valid.





4. Conclusions


Pneumatic clamping systems represent a more sustainable alternative to hydraulic solutions, allowing for significant savings on energy consumption. Moreover, these systems determine less risk for operators as well as lower initial and maintenance costs. The main limit to their adoption derives from the difficulty to ensure adequate clamping torques with low pressure. This study demonstrates that high performances can be achieved by minimising the gap between rotating and fixed elements of the clamping system. However, this is practically impossible in many real applications due to the manufacturing and assembly tolerances. Results of the finite element analyses pointed out that small differences in the gap between elements result in enormous variations of the clamping torque acting on the disk. The clamping torque is also largely influenced by the thickness of the disk, decreasing for higher values of it. On the other hand, small values of thickness determine an increase in the peak stress acting on the fillet. The systematic design optimisation presented in this paper allowed for achieving two design solutions with different combinations of membrane thickness and expansion chamber width. Both these solutions ensure clamping torques up to 2960 Nm even with assembly gaps of 0.1 mm between fixed and rotating elements. Moreover, the safety factor to fatigue limit is equal to or higher than 2.6, ensuring the long-term resistance of the component under cyclic loads. Future studies will be devoted to exploring the effects of other design parameters on the torque and stresses of the clamping system.



Experimental tests revealed that the FEA model used in the preliminary design phase underestimates the vertical displacement of the piston. Therefore, the model has been modified to match the observed values of displacement and used to verify the model. The results show a slight decrease in braking torque and safety factor, which are nevertheless suitable for the application.



The findings presented in this study are of great relevance since they demonstrate that it is feasible to substitute a hydraulic brake by a pneumatic one. This allows for a sharp reduction of energy consumption, complexity and cost in large rotary transfer machines, which in turn positively affects the overall sustainability of machining operations.
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Figure 1. Schematic representation of the clamping system. 






Figure 1. Schematic representation of the clamping system.
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Figure 2. Schematic representation of the most relevant dimensions of the piston. 
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Figure 3. Axisymmetric finite element model of the clamping system. 
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Figure 4. (a) Scheme of the experimental setup and (b) picture of the real experiment. 
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Figure 5. Percent force spent for braking and for piston deformation. 
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Figure 6. Maximum stress on fillets and membrane as a function of the gap (@p = 6 bar). 
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Figure 7. Peak stresses on (a) fillet 1 and (b) fillet 2 for different thicknesses of the membrane (p = 6 bar). 






Figure 7. Peak stresses on (a) fillet 1 and (b) fillet 2 for different thicknesses of the membrane (p = 6 bar).



[image: Machines 11 00207 g007]







[image: Machines 11 00207 g008 550] 





Figure 8. Peak stresses on the fillets designed with different radii (results at p = 6 bar, t = 3 mm and g = 0.1 mm). 
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Figure 9. Schematic representation of stress gradient beneath the maximum stress point. 
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Figure 10. Haigh’s diagram for the two proposed design solutions. 
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Figure 11. Clamping torque as a function of the gap g for different designs and pressure values. 
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Figure 12. Safety factor as a function of the gap g for different designs and pressure values. 
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Figure 13. Vertical displacement of the piston by experimental tests and different FEAs. 
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Table 1. Investigated ranges of geometrical parameters (dimensions in mm).
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	Parameter
	Initial Value
	Min Value
	Max Value





	g
	-
	0.01
	0.1



	t
	3
	2
	4



	   r 1   
	0.5
	0.5
	2



	   r 2   
	1
	1
	2



	2a
	43.5
	43.5
	55
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Table 2. Forces at the interfaces as a function of the gap (p = 4 bar).
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	g (mm)
	   F pd    (N)
	   F db    (N)
	   M tb    (Nm)





	0.01
	32,766
	31,909
	5492



	0.02
	29,242
	27,882
	4851



	0.03
	25,714
	23,847
	4208



	0.04
	22,184
	19,809
	3566



	0.05
	18,659
	15,784
	2924



	0.06
	15,234
	12,003
	2312



	0.07
	12,105
	9026
	1794



	0.08
	9062
	6235
	1299



	0.09
	6030
	3462
	806



	0.1
	2998
	689
	313
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Table 3. Clamping torque (in Nm) for different combinations of gap (g) and membrane thickness (t) (p = 4 bar).
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	g (mm)
	
	
	
	
	
	
	
	
	



	
	0.01
	0.02
	0.03
	0.04
	0.05
	0.06
	0.07
	0.08
	0.09
	0.1



	t (mm)
	
	
	
	
	
	
	
	
	
	



	2
	5421
	5154
	4886
	4618
	4350
	4082
	3817
	3557
	3323
	3110



	3
	5492
	4851
	4208
	3566
	2924
	2312
	1794
	1299
	806
	313



	4
	5610
	4502
	3394
	2291
	1323
	509
	110
	90
	70
	50
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Table 4. Clamping torque and thickness for fillet radii of 2 mm.
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	Gap (mm)
	Thickness (mm)
	Clamping Torque (Nm) @p = 4 bar
	   σ  v M , m a x     (MPa) @p = 6 bar





	0.05
	2
	4236
	171



	0.06
	2
	3958
	185



	0.07
	2
	3684
	198



	0.08
	2
	3419
	212



	0.09
	2
	3183
	225



	0.10
	2
	2964
	239



	0.05
	3
	2762
	178



	0.06
	3
	2145
	187



	0.07
	3
	1618
	195



	0.08
	3
	1109
	203



	0.09
	3
	601
	211



	0.10
	3
	179
	219
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Table 5. Clamping torque and maximum stress for different values of 2a (t = 3 mm, g = 0.1 mm).
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	2a
	(mm)
	45
	46
	47
	48
	49
	50
	51
	52
	53
	54
	55





	  M  t b    (@p = 4 bar)
	(Nm)
	502
	767
	1029
	1285
	1538
	1785
	2028
	2264
	2500
	2732
	2957



	  σ  v M , m a x    (@p = 6 bar)
	(MPa)
	211
	207
	209
	210
	212
	213
	215
	216
	218
	220
	221
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Table 6. Summary of the geometrical parameters of the optimal design solutions.
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	Design
	t (mm)
	   2 a    (mm)
	   r 1    (mm)
	   r 2    (mm)





	DS1
	2
	43.5
	2
	2



	DS2
	3
	55
	2
	2
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Table 7. Measured and calculated values of axial displacement at different pressure levels.
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	Design
	   G σ    (   N  mm 3    )
	   s σ    (   mm  − 1    )
	    ν d    
	   σ  e f f     (MPa)





	Solution 1
	0.26
	9.14
	1.30
	183



	Solution 2
	0.18
	12.4
	1.35
	164
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Table 8. Measured and calculated values of axial displacement at different pressure levels.
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	Pressure (bar)
	   F or    (N)
	   d  Y , meas     (mm)
	   d  Y , FEA     (mm)





	1
	900
	0.18
	0.10



	1.5
	1300
	0.31
	0.15



	2
	1800
	0.45
	0.20
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Table 9. Measured and calculated values of axial displacement at different pressure levels.






Table 9. Measured and calculated values of axial displacement at different pressure levels.





	Pressure (bar)
	    F ri   ( p )     (N)
	   d  Y , meas     (mm)
	   d  Y , FEA  *    (mm)





	1
	4116
	0.18
	0.18



	1.5
	5237
	0.31
	0.31



	2
	6129
	0.45
	0.45
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