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Abstract: Squeeze film dampers (SFDs) are components used in many industrial applications, ranging
from turbochargers to jet engines. SFDs are applied when the vibration levels or some instability
threatens the safe operation of the machine. However, modeling these components is difficult and
somewhat counterintuitive due to the multiple complex phenomena involved. After a thorough
investigation of the state of the art, the most relevant phenomena for the characterization of the SFDs
are highlighted. Among them, oil film cavitation, air ingestion, and inertia are investigated and
modeled. The paper then introduces a numerical model based on the Reynolds equation, discretized
with the finite difference method. Different boundary conditions for oil feeding and discharging are
implemented and investigated. The model is validated by means of experimental results available in
the literature, whereas different designs and configurations of the feeding and sealing system are
considered. Eventually, an example of the application of a SFD to a compressor rotor for the reduction
of vibration and correction of the instability is proposed. The paper provides an insight regarding the
critical aspects of modeling SFDs, underscoring the limits of the numerical model, and suggesting
where to further develop and improve the modeling.

Keywords: squeeze film damper; seal instability; rotor dynamics; lubrication

1. Introduction

Vibrations represent an intrinsic problem in all fields of mechanical engineering
including rotordynamics. Rotating machines are subject to remarkable loads and, with the
development of machines that operate above some critical speeds, the control of vibrations
is fundamental to guarantee long time operation. The typical problems in this field are
excessive steady state synchronous vibration levels and subsynchronous rotor instabilities.
The first one usually arises from excessive unbalance or due to operation close to a critical
speed. The second one may depend on the presence of instability sources, connected to
cross-coupling effects present in bearing systems and seals, among others. In some cases,
the increase of the vibration, when crossing a critical speed during a runup or a rundown,
can be harmful for the operation of the machine and the addition of some damping to the
system is often required.

To this aim, squeeze film dampers remain one of the most effective components
used because they offer the advantage of dissipating vibration energy when the shaft is
supported by rolling element bearings. In addition, SFDs can improve the dynamic stability
characteristics of rotor-bearing systems.

The most common design for these components is the one coupled with a rolling
element bearing, as shown in Figure 1. The shaft is supported by a rolling element bearing
and the coupling is often referenced as journal. The shaft vibration is transferred to the
external ring of the bearing that “squeezes” the lubricant film, placed between the housing
and the outer surface of the journal, generating high dynamic pressures. Therefore, dynamic
forces counteract the lateral displacement of the shaft generating the damping effect. The
anti-rotation pin is often applied to avoid any spinning motion of the journal, so that only
translational displacements are possible, i.e., the journal can only translate or orbit without

Machines 2022, 10, 781. https:/ /doi.org/10.3390 /machines10090781

https:/ /www.mdpi.com/journal/machines


https://doi.org/10.3390/machines10090781
https://doi.org/10.3390/machines10090781
https://creativecommons.org/
https://creativecommons.org/licenses/by/4.0/
https://creativecommons.org/licenses/by/4.0/
https://www.mdpi.com/journal/machines
https://www.mdpi.com
https://orcid.org/0000-0003-4381-3135
https://orcid.org/0000-0003-4170-009X
https://orcid.org/0000-0001-8174-0462
https://doi.org/10.3390/machines10090781
https://www.mdpi.com/journal/machines
https://www.mdpi.com/article/10.3390/machines10090781?type=check_update&version=1

Machines 2022, 10, 781

2 of 26

spinning about its axis of symmetry. The shaft spinning is decoupled from the journal
motion thanks to the presence of the bearing.

Anti-rotation pin

Lubricant film

Journal

Shaft

Rolling element
bearing

Housing

Figure 1. Simple squeeze film damper without centering mechanism, shaft rotation indicated by
the arrow.

This configuration is characterized by strong non-linearities due to the “bottoming-
out”: the journal remains in contact with the casing surface at the run-up; when the level
of the vibration is increased, the detachment of the two components happens resulting in
a discontinuous change of the properties of the system. To reduce the non-linearity and
the risk of collision between the static element and the whirling one in the case of large
journal displacements, different supports are used, such as O-rings and squirrel cages. The
selection of the proper stiffness of the support is fundamental for the correct operation of
the SFD. If the support is too stiff, no relative motion between the shaft and the cage will be
possible, i.e., no squeezing of the oil film; whereas if the stiffness is too low, the SFD can
behave like a non-supported one [1,2].

Damping is the design parameter for all SFDs, and an optimal value for each appli-
cation must be obtained. As a matter of fact, the utilization of a device whose damping
capability is not aligned with the one requested by the system is useless if not dangerous.
If the level of damping is too high, the SFD will dynamically behave as a rigid connec-
tion. Conversely, if the level of damping is too small, nothing will change in the dynamic
response of the machine.

There are many studies in the literature that provide guidelines to determine the correct
damping needed by a machine. In general, it depends on the dynamic characteristics of the
machine itself, the typical operating conditions, and the kind of excitations [3,4].

Different models with different levels of complexity have been developed to predict the
dynamic characteristics of SFDs. The first ones were based on the 1 D Reynolds equation for
short plain journal bearings. This approximation is legitimate when the length to diameter
ratio is lower than 0.25 and if no sealing mechanism is adopted, [5]. The effect of the SFD on
the journal is modeled by means of linearized stiffness and damping coefficients likewise
oil-film bearings. If no spinning motion is considered, no stiffening effect is obtained from
the SFD. On the contrary, the long bearing approximation can be adopted when the length
to diameter ratio tends to infinity or if seals limiting the oil flow are applied. In both cases,
an analytical solution is possible. For this reason, many estimations of the coefficients are
present in the literature [2,3].

The motion of the shaft is modelled, for convenience, as i) circular synchronous
precessions, centered or with a static eccentricity, or ii) small amplitude motions about a
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static displaced center. The first model is usually applied when the response to unbalance
is investigated, the second one is used for critical speed and stability analyses as shown by
San Andrés in [6].

From these early works, it is possible to understand that the clearance and the length
to diameter ratio are two important parameters influencing the operation of the bearing
together with the amplitude of the vibration, [1-3].

The 1-D Reynolds equation model has the advantage of simplicity, but the predictions
can be considered reliable only for very simple geometries and for a limited range of
operating conditions.

The main phenomena affecting the dynamic performance of SFDs are the fluid inertia,
the liquid cavitation, the air ingestion, and the geometrical features.

Inertia is usually neglected in the derivation of the Reynolds equation, but for large
clearances and amplitudes of motion, associated to higher vibrational frequencies, the
added mass produced by the oil dynamic pressurization found experimentally has a value
comparable to the mass of the entire SFD as highlighted by San Andrés and Vance in [7].
Different models that consider the effect of inertia can be found in the literature. As also
reported by San Andrés and Vance in [8], for moderate values of the squeeze Reynolds

number (Re = p“;l—clz < 10 with p and u being the density and dynamic viscosity of the oil
respectively, w the vibration frequency and c; the SFD clearance) the fluid inertia can be
assumed not to affect the shape of the fluid purely viscous velocity profiles and consider
the fluid temporal inertia in the modeling of SFDs. In [9], the effects of convective inertia
and temporal inertia are considered together. In [10], a detailed description of the equations
necessary to include the inertial contribution is presented together with an application.

Cavitation is stated as one of the principal reasons why predictions on the force
coefficients, made with the simple model used in [1,5], do not fit the experimental results.
For this reason, relevant effort has been put in the investigation and modeling of cavitation.
In [11], Zeidan and Vance experimentally recognized five different cavitation regimes:
un-cavitated film, cavitation bubble following the journal, oil-air mixture, vapor cavitation,
vapor and gaseous cavitation. The second regime is considered as a transient condition,
steady only for reduced whirling frequencies, that evolves in the third one with the shaft
acceleration. The most common regimes are the third and fourth that sometimes combine
with each other. Diaz and San Andrés in [12] concentrated mostly on vapor cavitation and
air entrainment. They tested a bearing in open-ends and in fully flooded configuration,
changing whirling frequencies and pressure of supply oil, and measuring the dynamic
pressure generated. The authors showed the difference between the pressure evolution
in time for the two-cavitation mechanism. For the vapor cavitation, the pressure profile
is nearly identical for every cycle, while for air entrainment the pressure measurements
showed great variability from one cycle to the other. Similar conclusions regarding the
gaseous cavitation can be found in [13].

Due to the differences measured between the two phenomena, vapor cavitation and
air ingestion are treated and modeled differently. Different vapor cavitation models and
algorithms have been developed. The first cavitation model that was introduced is the
so called 7t-film model, also known as Gumbel condition. Here, the relative pressure
is considered zero in the region where it assumes negative values. According to this
hypothesis, the ruptured film extends over half the angular length of the bearing. One of
the most used algorithms is the so-called Elrod’s cavitation algorithm, [14]. An evolution of
this approach consists in the adoption of the linear complementarity problem (LCP), [15].

In [8,16,17] the effect of air ingestion and bubbly mixture is experimentally investi-
gated. Air is “sucked” inside the SFD, and, after some cycles, the bubbles of air are finely
dispersed in the mixture and persist also in the high-pressure zone. The presence of a com-
pressible foamy mixture can explain the variability of the pressure’s peak values. Different
models that take into account the air ingestion are present in the literature. Among them,
Diaz [18] provided a detailed procedure, supported by a series of experimental results,
to include the air ingestion effect in the 2D Reynolds equation, based on the hypothesis
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of a homogeneous bubbly mixture. To correctly determine the percentage of air inside of
the mixture, a reference value is needed. In the experimental campaign, the air volume
fraction is controlled at the feeding system. In industrial applications the SFD is fed with
pure oil and air is ingested from the discharge locations. It is therefore necessary to predict
the reference value of ingested air. In [19], the authors introduced a model to evaluate the
air entrainment in open-ends short SFDs. Some years later, Mendez et al. [20] adapted
Diaz’s model to finite length bearings. Both the models presented in [18,20] are based on a
simplified form of the Rayleigh-Plesset equation to model the presence of air bubbles in the
oil in open-ends SFDs. Gehannin et al. in [21] considered instead the complete form of the
equation and proposed a comparison with experimentally derived measures to evaluate
the impact of these two different forms of the equation on the accuracy of the model.

Regarding the geometrical characteristics of the SFD, in [22], San Andrés et al. reported
an extensive experimental campaign that thoroughly investigates the effect of different
geometrical features on the dynamic properties of the SFDs. Six different configurations
are tested, and the focus is set on the effect on the force coefficients of film clearance, length
of the SFD, groove feeding and hole feeding, sealing ends and open ends, whirl orbit
amplitude, shape of orbit, and number and disposition of feed holes.

In this paper, a comprehensive model based on the 2D Reynolds equation is introduced:
The different phenomena described above are taken into considerations and discussed. The
model is then validated with experimental and numerical data taken from the literature.
The modeling of the different phenomena describing the dynamic behavior of SFDs is taken
from several past works found in the literature. A simplified approach is considered to
reduce the level of the difficulty and the parameters to be controlled. The goal of this work
is to obtain a model that can be easily replicated and adapted.

In the literature there are more refined models based on the bulk-flow equations [23],
and computational fluid dynamics [24-27]. Both approaches guarantee higher precision
of the results, but the modeling and computational effort is higher than the one required
by the model proposed in this work. The latter one gives the opportunity of investigating
different phenomena in an approachable and straightforward way.

Eventually, an example of application of a SFD to a centrifugal compressor rotor for
the reduction of vibration is proposed and a parametric investigation on the different
parameters influencing the dynamic behavior of SFDs is performed. Moreover, the effect
of the application of a SFD on the correction of an instability is also presented. In future
works, the model proposed will be revised and improved to increase the accuracy.

2. Materials and Methods

The proposed model is based on the 2D Reynolds equation discretized with the finite
difference approach. The inertia and air ingestion are modeled as extra terms of the
Reynolds equation.

2.1. Oil Film Modeling

The approach to the analysis of the dynamic performance of SFDs is to simulate
circular orbits of the shaft, whether centered (see Figure 2a) or not (Figure 2b), or small
perturbations around the position of equilibrium. For simplicity, the proposed model is
developed for centered circular orbits (CCOs), but it can easily be adopted for non-centered
circular orbits or even noncircular orbits and oscillations around the equilibrium position if
it is possible to identify a function that describes the behavior of the oil film thickness as a
function of the time.
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Figure 2. (a) Representation of circular centered orbit, (b) representation of circular eccentric orbit.
Journal orbit represented by the red circle.

The rotation 6 in the absolute frame of reference (X-Y) and the rotation « in the relative
frame of reference (X’-Y’) are related as follows:

0 = a + wt, 1)

By considering the fixed reference system, it is possible to write the variation of the oil
film thickness h in time and space domains:

h(6,t) = c; — (e cos wt + es cos Os) cos 0 — (e sin wt + e sin 6s) sin 6, )

where e is the orbit radius and, e; and 6 are the amplitude and phase of the static eccentricity
respectively (see Figure 2).
Considering Equation (1), at each time instant:

0 0 d
5= Wi = Wi 3)
This assumption is valid only in case of CCOs and if the pressure field can be assumed
to remain constant along the orbiting motion, no feedholes, discharge holes and piston ring
seals. Moreover, if the orbiting frequency remains constant in time, Equation (3) allows to
simplify every time derivative as a spatial one. This transformation allows to reduce the
calculation time. In fact, it is not necessary to develop a time transient simulation since the
simulation at one time instant is representative of the behavior of the oil for the entire orbit
of the shaft.

2.2. Reynolds Equation

The general equations to describe the dynamic behavior of a viscous Newtonian fluid
are the 3-D Navier-Stokes equations:

dp EANE
% W.(pv) _o, @
a‘_} — = 2
N —
ol 5+ V.v(v) = VP+V~<],1VV) +V(3VVV> + 08, 5)

where (4) is the continuity equation and (5) are the conservation of momentum equations
within the flow boundary.
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Taking into consideration the SFD application it is possible to adopt some simplify-
ing hypotheses, such as: (i) fluid density p is considered constant, valid if cavitation is
not present, (ii) fluid kinematic viscosity is constant, valid if temperature can be con-
sidered almost constant, (iii) inertia and body forces are neglected, (iv) fluid flow is
considered laminar.

Finally, considering the SFD geometry the classical Reynolds equation can be ob-

tained, [5]:
9 (,40P\ 9 (,50P\ . 9
ax(h ax) + E)y(h E)y) = 12p5; (k). ©)

In the case of constant whirling frequency, Equation (3) can be substituted inside
Equation (6).

2.3. Fluid Inertia

In general, the fluid inertia forces are negligible if the value of the squeeze film
Reynolds number is lower than 1. In case of high vibration frequencies, or SFDs with larger
clearance, for example in case of inlet and outlet grooves, this value is greater than one and
is usually lower than 50, [6]. As reported in [28,29], models that include inertia’s effect give
results closer to ones obtained experimentally for both force coefficients.

In this work, an approach similar to the one proposed in [30], a single Reynolds-like
equation, is considered in which the effect of temporal inertia is added. Convective inertia
terms are considered negligible as in [28]. Using cylindrical coordinates, the equation used

in the model is:
d W ap o ([ h® 9P d h2 9%h
— | T = :—(h)-f—p——z. ?)
Ra6 \ 12y Ro6 oy \ 12u dy ot 12p ot

2.4. Air Ingestion

To fully consider the effect of air entrainment, the same approach adopted by the
authors in [19] has been adopted. The Reynolds equation must be modified to consider
the compressibility of the fluid and the effect of the presence of air bubbles on density and
dynamic viscosity.

] h3 9P o ([ ph®oP ] h? 9%ph
R0 %7 (- :*(Ph)wLLig, ®)
u Roo oy \ 12u oy ot 12p ot

p=(1-ppL, ©)

p=~0-pB)uL (10)

1
B= 5 . (11)
(x,t)—Py (1
1+ 26 (L 1)

where S is the air-mixture volume fraction, B¢ is the reference value for B, Pg, is the
pressure of the air bubble for the critical radius, P, is the vapor cavitation pressure, and .
and p, are the dynamic viscosity and density for the pure oil.

In [19], a model to evaluate B is presented for short SFDs. However, the short-length
bearing approximation is not always applicable. For example, it is limited to L/D < 0.25.
In [20], it is proposed to numerically evaluate the volumetric inflow of air at the sides
of finite length SFD and evaluate the new reference value of volume air fraction. The
pressure cycle is then repeated with the updated value of By. This procedure is continued
until the convergence on f is reached. A procedure like this one has been adopted in the
present work and the starting value of reference volume fraction of ingested air will be
considered zero.
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2.5. Negative Pressure Zone

As previously mentioned, different models and algorithms that deal with vapor
cavitation have been adopted in the literature. In this work, the approach presented
by Fan and Behdinan in [31,32] is applied. The vapor cavitation is solved as a linear
complementarity problem as suggested in [15]. The algorithm proposed in [33] is applied
in the solution of the LCP.

2.6. Geometrical Discretization
The cylindrical geometry of the SFD il flattened in a 2D plane, as shown in Figure 3.

Tangential direction, #

‘/ Symmetry J

| Oulel o pane
-, /A

Circumferential / \4 l / Clrcumferentlal

periodicity Outlet Feeding holes periodicity

Axial direction, ¥

Figure 3. 2D geometrical transformation of the SFD.

A structured mesh is considered for the spatial discretization. The approach followed
for the discretization of the holes is explained in the following sub-section.

2.7. Inlet Boundary Conditions

Different types of boundary conditions can be adopted at the inlet port. If the feeding
holes are not considered in the modeling, it is possible to consider only half of the SFD by
the symmetry boundary condition:

P

5 = 0. (12)

Symmetry plane

Conversely, if the feeding system is considered, the flowrate is imposed at each hole.
If the laminar flow is assumed and no central groove is present, the flow rate is as follows:

7’1’13
Qintet = Ci (Psupply - P(xh/ Zh)) {S:| ’ (13)

where P(x;,yy,) is the pressure of the oil at the hole location and C; is a coefficient that
includes the orifice area and flow coefficient. In a 3-D model, this flow rate would be
directed radially but, since this model is planar, it will be considered in the axial and
tangential directions. A more detailed description can be found in [34].

The circular geometry of the hole is simplified as a rectangle, as shown in Figure 4. At
the edges of the boundary, the pressure is constant and equal to the feeding one imposed at
the center. Considering that the flow from the hole is delivered in both axial and tangential
directions, the whole geometry of the SFD must be considered.
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Figure 4. Mesh representation for the feeding hole boundary condition.
Considering the flow entering from one side of the discretized hole:
W3 9P [m?
S N 14
& 12p oz [ s ] (14)
It is possible to solve
i (P Poupply 2D 15
= ya ,
Q1 127 Dx (15)

where P is the interpolation of the three points above the boundary of the hole, and h; is
the oil film height at % from the side of the rectangle. Similar expressions can be written
for the rest of the flow vectors. The same holds for all other sides P,, P3, and Py.

In general, when the pressure of the oil inside the SFD in the vicinity of the feeding
hole is higher than the supply pressure, a backflow happens: a flow rate of oil exits the
land of the SFD and enters the supply circuit. As reported in [35], in practical application,
check valves are applied to the feeding ducts to avoid backflows and to reduce the effect of
pulsating pressure in the supply circuit. A detailed description of the application of check
valve is present in [36]. For this reason, when the presence of feeding orifices is simulated
in this model, Equation (13) will be used at the nodes where the orifices are located. If the
pressure at the hole location is higher than the supply pressure, no boundary condition will
be assigned.

In many applications, central grooves are applied as shown in Figure 5a.

In [34,37] it is proposed to model the feeding groove as a reservoir of oil at the feeding
pressure. In [22], San Andrés et al. report instead that large values of dynamic pressure
in the groove region occurred proving the previous assumption to be wrong. The same
approach introduced in [28] is considered when modeling the presence of grooves. As
shown in Figure 5b, the flow inside the groove is divided into two regions: a recirculating
one and a through-flow close to the journal. Only the second one is active in the dynamic
pressure generation, and therefore an effective groove depth is considered. Moreover, the
feeding orifices are considered.
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Recirculation

(a) (b)

Figure 5. 3D representation of SFD equipped with central groove (a); Schematic representation of the
flow paths passing through the central groove (b). Adapted from [28].

The value of the effective groove depth (de.) is usually optimized using as benchmark
the force coefficients obtained experimentally [28].

2.8. Outlet Boundary Condition

As reported in [5], many different boundary conditions can be assigned for the outlet
section. In general, the SFD can be exposed to ambient pressure air, and in this case the
boundary condition to be assigned is:

P(Lr t) = Puir, (16)

where P,;, is the ambient pressure at the outlet.

In this case the SFD is subjected to high air entrainment, comporting a reduction of
the damping capacity of the device. With an open-ends configuration, the exiting flow rate
is higher, a condition that will require a higher inlet flow rate of oil. For this reason, SFDs
are usually sealed at the ends. The sealing is usually not complete otherwise. Due to the oil
heating, the damping capacity would decrease. In the scientific literature, it is possible to
find many types of sealing to reduce the leakage of the SFD. One of the most common is
the piston ring shown in Figure 6 [5,35,38].

(a) (b)

Figure 6. 3D representation of SFD equipped with piston-ring as sealing mechanism at the outlet (a);
Frontal view of SFD equipped with piston-ring as sealing mechanism at the outlet (b).
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The piston ring seal represents a limitation on the outlet flowrate, and it can be defined
as follows [34]:

(17)

Cp(P(6,L) — Pour)l, [mz}
Jout = — |

12pw, s

where C, is the piston ring loss coefficient, 0 < C, < 1, P,y is the pressure outside the seal,
usually ambient pressure, 11, and w), are the piston ring radial gap and axial dimension
respectively. C, has a main impact on the evaluation of the outlet flowrate. Moreover, it
may not be straightforward to be obtained. In this application is considered as a tuning
parameter to evaluate the effect of the seals.

Substituting Equation (17) into Equation (15):

" P CpP(6,L)h3 _ CpPouth | 18)
12u 9y |1 12pw, 12pw,

The modeling of the inlet and outlet boundary conditions proposed in this work is
simplified with respect to what can be found in other references [35,39]. The future improve-
ment of the proposed model will re-evaluate the modeling of these boundary conditions,
especially if different configurations of sealing and feeding mechanisms are considered.

2.9. Circumferential Periodicity

The circumferential periodicity must be satisfied at the edges of the flattened geometry
(Figure 3). To maintain the continuity, the pressure and the circumferential gradient of
the pressure along the axial direction must be equal on both sides. It was noted that the
assignment of the pressure boundary condition is enough for the circumferential periodicity:
the pressure gradient calculated on the two edges is equal.

2.10. Forces and Force Coefficients

Once the geometry and the mesh are defined and the boundary conditions are as-
signed, the Reynolds equation can be solved, and the pressure distribution obtained. The
forces acting on the journal can be obtained by integrating the pressure profile along the
circumferential and axial directions as follows:

E] L cos
[Fj - _ /0 /O P(6,2,1) Line]Rdey. (19)

where F,; and F;, are the horizontal and vertical force in the absolute reference frame
respectively (Figure 2).

The dynamic behavior of the SFD is represented by the force coefficients. As reported
in many sources, among them [6,22], the SFD itself does not generate any kind of stiffness
because, without the journal spinning, no pressure is generated at a given static displace-
ment if there is no precession. The SFD forces are represented in the linearized form

as follows:
PR g | &
Fy Cyx Cyy] Loy Myx Myy] [ay]’
where vy and v, are the instantaneous journal velocities and ay, a, are the instantaneous
journal accelerations.

Damping and added mass coefficients along the x and y directions are typical of small
shaft orbiting around the static equilibrium position. In case of circular centered orbits, the
SFD generates a constant reaction film force in a relative frame rotating with frequency
w. In most rotodynamic applications, linearized force coefficients are considered. They
represent changes in bearing reaction forces to infinitesimal amplitude motions about an
equilibrium position. As the definition states, these coefficients are applicable only in the
case of small motions around an equilibrium position. As reported in [40], in SFDs the orbit
radius can go to half the clearance, defining an orbit far from being close to the equilibrium
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position and thus violating the main hypothesis behind linearized force coefficients. For
this reason, an orbit-based model, such as the one proposed in [40], is adopted in this work.
The counterclockwise orbit of the SFD is divided into points where the forces are evaluated.
The equation of motion is then written in the frequency domain by applying the Fourier
transform to both the orbit points and the forces:

rx(n)] _ (m [cxx cxy} . {M MxyD {X(O)} 21)

F,(Q)) Cyx  Cyy Myx My, Y(Q)
Equation (21) can be rewritten as follows:
Fx@)} — _H(O [X@)} 2
no] =) 2

where H;; coefficients are the four unknowns in Equation (22), but only two equations are
available. For this reason, the same procedure is applied to the clockwise orbit, obtained by
applying a negative value of w. So, the final system to be solved is

P;ng; XCC(Q)
Q) | _ Y<(0)
FE(Q) Ye(Q)

where the apex c stands for clockwise and the apex cc stands for counterclockwise.
Once the matrix of complex stiffness H is obtained, the single coefficients can be
calculated as:

Imag(h;;)
=, 24)
Real (h;;)

3. Model Validation

The model was validated with both numerical and experimental data available in the
literature. The numerical and experimental results presented in [22] were considered due
to the different geometrical configuration tested. In this work, four configurations (SFD A,
B, E and F) were selected as reference for the validation. They differ in terms of clearance,
SFD length, as well as the presence of a central groove and an end seal. The tested diameter
is constant and equal to 127 mm. In [22], the oil has density p; = 805 kg/m3 and dynamic
viscosity p; = 0.0265 Pa-s. The geometrical characteristics of the SFDs considered for the
validation are listed in Table 1.

Table 1. Geometrical characteristics of SFDs from [22]. d; and L represent the physical depth and
length of the central groove, not present in SFD E and F. dr and Lg represent the depth and length of
the grooves at the discharge, not present in SFD E and F. Piston ring seals are applied only for SFD B.

SFD A SFD B SFD E SFD F

Clearance ¢; [mm] 0.141-0.251 0.138 0.122 0.267
Length L [mm] 2 x 254 2 x127 254 254
Central groove depth dg [mm)] 9.5 9.5 no no
Central groove length Lg [mm] 12.5 12.5 no no
End groove depth dp [mm] 35 35 no no
End groove length Lg [mm] 25 2.5 no no
Seal - yes yes no no

SFDs E and F are tested with a fixed static eccentricity and by changing the amplitude
of the circular orbit vibration. The considered e/cl ratios are: 0.05, 0.14, 0.29, and 0.43.
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The tested frequencies are 10 < 250 Hz for SFD E and 10 =+ 100 Hz for SFD F. The obtained
coefficients are constant for the whole frequency range, therefore only the values at 100 Hz
and 50 Hz are shown respectively. The evolution of both the mass and damping coefficients
for SFD F is shown in Figure 7, where it is possible to see that the results obtained with the
model presented in this paper agree well with both the experimental and numerical results
in [22].
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Figure 7. SFD F: numerical and experimental results from [22]. (a) Evolution of mass coefficient as a

function of the orbit radius; (b) Evolution of damping coefficient as a function of the orbit radius.

Both the numerical results for the mass coefficient shown in Figure 7a underestimate
the experimental results. In [22], the authors attribute the discrepancy to the high value of
the feeding pressure that determines a higher value of the radial component of the force,
directly responsible for the mass coefficient.

Similarly, the evolution of the mass and damping coefficient for SFD E is shown in
Figure 8. In this case only the experimental results are available. It is possible to notice an
acceptable agreement for the damping coefficients, the maximum difference between the
experimental and numerical results is lower than the 25%. On the other hand, an important
discrepancy between for the mass coefficients is shown. A possible explanation could be the
high level of the feeding pressure that strongly affects the dynamic pressure distribution.
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(a) (b)

Figure 8. SFD E: experimental results from [22]. (a) Evolution of mass coefficient with orbit radius;
(b) Evolution of damping coefficient with orbit radius.
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SFDs B and A are tested in [22] at different static eccentricities with a constant orbit
radius e = 0.055¢; and for the frequency range 110 — 210 Hz. Moreover, for these config-
urations, there is no variation of the force coefficients with the frequency and the only
frequency considered is 150 Hz. For both configurations, the effective groove depth is tuned
to match the results presented in [22]. The evolution of the dynamic coefficients with the
static eccentricity for the open-ends configuration of SFD B is shown in Figure 9. Similarly
to SFD E, the numerical results agree well with the experimental ones. A similar trend was
obtained for SFD A. The results are not reported for the sake of brevity. In Figure 9, the
values of the force coefficients are adimensionalized considering the same reference values
reported in [22].

SFD B

35 T

© - -
1) 3
_____ Model M San Andrés et al. =—==—=-=Model C_ San Andrés et al.
_____ Model Myy San Andrés et al 2r —==u=Model va San Andrés et al. | |
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O Exp MW San Andrés et al. O Exp. Myy San Andrés et al
0 L I L | L 1 1 1 1 0 ! L L L L 1 1 1 |
0 005 01 015 02 025 03 035 04 045 05 0 005 01 015 02 025 03 035 04 045 05
e lc e_/c
sl sl
(a) (b)

Figure 9. SFD B open ends: experimental and numerical results from [22]. (a) Evolution of mass
coefficient with static eccentricity; (b) Evolution of damping coefficient with static eccentricity.

For every SFD configuration, the mesh independency check was performed consider-
ing a structured grid. Both rectangular and squared grids were considered, and the final
number of elements adopted was selected with a trade-off between numerical accuracy
and computational time. The evolution of the radial and tangential force relative error with
the number of mesh points is reported.

For the sake of brevity, only the evaluation conducted for SFD F is reported. The num-
ber of axial points Ny is selected and the tangential point Ny are evaluated as Ny = kN, @
with 0 < k < 1. When k = 1, the elements are squared.

The evolution of the radial and tangential forces as a function of the number of mesh
points and for some values of k (0.05, 0.125 0.5, 1) is shown in Figure 10. Increasing the
number of mesh points both errors reach an asymptote. When k is reduced, i.e., when for
the same number of axial points, the number of tangential points is reduced, the shape of
the error evolution is flat. Generally, a relative error below 1% can be considered acceptable.
To keep the alculation time low, for SED F, the mesh configuration selected has k = 0.125
and approximately 1 x 10* mesh points.
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Figure 10. (a) Radial force error evolution with number of mesh points for SFD F; (b) tangential force
evolution with number of mesh points for SFD F.

4. Application

The proposed model has been integrated in the finite beam element analysis of a
high-speed centrifugal compressor coupled with a gear element. The shaft of the machine
is long 0.7 m and the nominal diameter is 50 mm. The impeller is 70 mm long and has
a maximum diameter of 140 mm, while the minimum one is 33 mm. The finite element
discretization of the structure, with a total of 34 nodes, is shown in Figure 11.

Mass diameter

*—0—--0—-0--0—-*—0—-0—0—-0-—-u-—ﬂ--o—-»-—u—}\-—o--—4

Stiffness diameter

1
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Figure 11. Finite element discretization of the machine from node 1 to node 34, sealing element in
green rectangle.

As shown in Figure 11, the stiffness and mass diameter are different for the different
elements. The yellow triangles represent the two roller element bearings. The green
rectangle represents the region where a sealing element is placed. The scheme of the
machine represents an actual application while the application investigated in the next
pages is a hypothesis. In the analysis an unbalance force of 3 x 107¢ [Kg-m] is placed in the
yellow node of the impeller (node 31). The effect of the seal is not taken into consideration
while the attention is focused on the reduction of the vibration of the machine, focusing
on the impeller. The operational speed range of the compressor goes from 0 — 300 Hz and
200 Hz is considered as the operating frequency. The forced responses to the unbalance
at three nodes of the impeller are shown in Figure 12. It is possible to see that, due to the
characteristics of the bearings, the system is barely damped and when crossing the natural
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frequency, at 186 Hz, the vibration’s amplitude is, in the last node, higher than 2 x 104 m.
Due to the small gaps between the impeller and the cage and to reduce the aerodynamic
losses, it is important to reduce as much as possible the level of the vibration.
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o

Figure 12. Amplitude and phase of vibration at nodes 26, 30, and 34.

To reduce the vibration peak, a SFD is applied in parallel with the first bearing. The
new structure is shown in Figure 13. The SFD is supposed to be supported by an external
squirrel cage defined by its own mass (mcage) and stiffness (kcage), respectively. Moreover,
the squirrel cage acts as a centering mechanism. The SFD introduces an external source of
damping (cspp) and added mass (mgpp).

E+++BT4+++I++++BX++++++EE£%

Figure 13. Finite element discretization with SFD.

For simplicity, a plain SFD without grooves, feeding system, and seals is considered.
The geometrical characteristics of the SFD and the properties of the ISO VG 46 oil considered
are listed in Table 2.
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Table 2. Geometrical characteristics and oil properties of the SFD.

SFD
Clearance ¢; [mm] 0.3
Length L [mm] 30
Diameter D [mm] 100
Oil dynamic viscosity ur [Pa-s] 0.0775
Oil density pr [Kg/m?] 870
Cage mass Meage [Kg] 1.16
Cage stiffness keage [N/m] 2 x 107

At first, the forced response of the configuration with the squirrel cage but without
considering the presence of the oil is performed. The comparison between the two forced
responses for the same impeller nodes considered in Figure 12 is shown in Figure 14.

. = o SFD c
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E
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1+ 1 =100¢f
g
pd
0 L =200 : -
0 100 200 300 0 100 200 300
-4
2 x10 0
E
o
o
# 1 =100}
B3
e]
2 L
0 =200 . -
0 100 200 300 0 100 200 300
x107* 0
E2[
<
(3]
E=3 1 -100¢f
3
o
E L
0 - 200 : :
0 100 200 300 0 100 200 300
Rotational speed [Hz] Rotational speed [Hz]

Figure 14. Forced response comparison for the original configuration and the configuration with the
squirrel cage.

As it is possible to see from Figure 14, the introduction of the squirrel cage significantly
changes the forced response. The introduction of the squirrel cage has the effect of a tuned
mass damper. The resonance peak at 182 Hz is moved to 161 Hz. Moreover, a second
resonance peak is present at 252 Hz.

Then, the previously mentioned SFD is considered for the forced response. The com-
parison between the forced response between the original configuration, the configuration
with the squirrel cage, and the SFD configuration is shown in Figure 15. The introduction
of the SFD is strongly effective in the reduction of the level of the vibration peak.
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Figure 15. Forced response comparison for the original configuration, the configuration with the
squirrel cage, and the configuration with the SFD (a). Forced response comparison for the original
configuration, the configuration with the squirrel cage, and the configuration with the SFD for node
34 (b).

Then, the effect of some geometrical parameters on the forced response of the system
is evaluated. As previously mentioned, the operating frequency considered is 200 Hz.
Therefore, considering the evolution of the forced responses shown in Figure 15, the
frequency range from 150 Hz to 200 Hz is considered for the following analysis.

4.1. SFD Clearance

The first parameter to be investigated is the clearance of the SFD. The ratio between
the forced response at 200 Hz of the configuration with the SFD and the original one is
shown in Figure 16. The forced response decreases with the increase of the SFD clearance
even though the damping coefficients increases when the SFD clearance is decreased. This
behavior is related to the increase of the resonance frequency when the SFD clearance is
reduced. Therefore, a higher level of vibration is obtained at 200 Hz (see Figure 17).
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Figure 16. Forced response ratio at 200 Hz for node 30 for different values of SFD clearance (a),

()

evolution of SFD force coefficients with clearance (b).
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Figure 17. Comparison of forced response for different values of SFD clearance, circle markers
indicate the clearance value.

4.2. SFD Length

The effect of the length of the SFD on the forced response is investigated. For this
analysis, the selected SFD clearance is 0.3 mm because it minimizes the vibration level at
200 Hz and guarantees an acceptable level for the resonance peak vibration. The ratio of the
forced response at 200 Hz for the original configuration and the configuration with the SFD
is shown in Figure 18a. The minimum forced response is obtained when the shortest SFD is
considered. The force coefficients of the SFD increase with the SFD length, see Figure 18b.
Therefore, also in this case, the most suitable SFD to reduce the vibration level at 200 Hz is
the one characterized by the lowest force coefficients.

Node 30

N
3]

N
o

-
o

Forced response 200 Hz ratio
SFD damping coefficient [kN s/m]
@

02 B

0.1 1

25 30 35 40 45 50 0 0.5 1 1.5 2 2.5 3 35 4 4.5

SFD length [mm] SFD mass coefficient [kg s2/m]
(a) (b)

Figure 18. Forced response ratio at 200 Hz for node 30 for different values of SFD length (a), evolution
of SFD force coefficients with length (b). Red line for system without SFD, blue line indicates system
with SFD of (a). Markers highlights tested configurations.
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The comparison between the forced responses obtained considering the different
values of length of SFD is shown in Figure 19. Moreover, in this case, the results are reported
in the frequency range of interest. It is possible to see that the minimum forced response at
200 Hz is obtained with the shortest damper. On the contrary, the minimum of the vibration
peak is obtained when L = 37.5 mm, as shown in the right part of Figure 19. Therefore, the
proper SED configuration must be selected according to the optimization required.
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Figure 19. Comparison of forced response for different values of SFD length at node 30, markers
highlight configurations tested.

4.3. Groove Effective Depth

Another tuning parameter that can be selected for the geometry of the SFD is the
effective depth of the groove. For this reason, different values of d¢, have been investigated.
For convenience, the relative value of the effective groove depth is considered (dge/cl). The
ratio of the forced response at 200 Hz for the original configuration and the configuration
with the grooved SFDs is shown in Figure 20a. The clearance considered is 0.3 mm and
the lands of the SFD have a length of 12.5 mm. The groove length considered is 5mm and
it is placed in the center of the SFD. When the effective groove depth is one, the damper
geometry results in a grooveless damper of length 30 mm. From the analysis shown in
Figure 20a, the higher the groove depth, the lower the forced response at 200 Hz. The
evolution of the ratio between the SFD force coefficients for the different values of the
relative effective groove depth and the values obtained when d¢./cl = 1 is shown in
Figure 20b. Increasing the groove depth, the damping coefficient is reduced while the mass
coefficient is highly increased. The evolution of the forced responses for the considered
frequency range is shown in Figure 21. Moreover, in this case, the configuration that
minimizes the forced response at 200 Hz is not the one that minimizes the amplitude of
the peak.
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Figure 20. Forced response ratio at 200 Hz for node 30 for different values of relative effective groove
depth (a), evolution of SFD force coefficients ratio with effective groove depth (b). Red line for system
without SFD, blue line indicates system with SFD of (a). Markers highlights tested configurations.
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Figure 21. Comparison of forced response for different values of relative groove effective depth at
node 30. Markers highlight tested configurations, arrow highlights growing direction of d.¢ /cl.

4.4. Feeding Pressure

In this section, the feeding system is considered. The SFD considered has a length of
30 mm and clearance equal to 0.3 mm, and the diameter of the holes is considered equal to
2 mm. Moreover, the coefficient C; is considered as 1 x 1077 sstu The effect of the feeding
pressure on the forced response has been investigated. The ratio of the forced response at
200 Hz for the original configuration and the configuration with SFDs is shown in Figure 22.
When the feeding pressure is considered zero, the feeding system is not included in the
modeling. The presence of the feeding system seems to have a small impact on the forced
response at 200 Hz, and the inlet pressure is not influencing the forced response.
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Figure 22. Forced response ratio at 200 Hz for node 30 for different values of feeding pressure depth.
Red line for system without SFD, blue line indicates system with SFD.

If the feeding system is not considered in the modeling and no cavitation or air
ingestion is present, both the direct SFD force coefficients are equal and constant with the
tested frequencies. On the contrary, when the feeding system is modeled, the xx and yy
force coefficients are slightly different. Moreover, the mass coefficients show a dependency
with the frequency which is more evident when the feeding pressure is increased, as shown
in Figure 23.
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Figure 23. Evolution of xx mass and damping coefficient with the rotational speed considering
different inlet pressure values.

The differences in the force coefficients shown in Figure 23 determine different forced
response between the modeling with and without the feeding system (Figure 24). On the
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contrary, the evolution of the mass coefficient with the rotational speed does not have an
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Figure 24. Comparison of forced response for different values of inlet pressure at node 30.

4.5. End Seals

For convenience, the effect of the sealing mechanism is shown considering the overall
seal coefficient Cg,,; = Cph“;; /wpp. The highest value of C,,; corresponds to the open ends
condition while the lowest value of Cg,,;; corresponds to the ideal condition of complete
sealing. The ratio of the forced response at 200 Hz for the original configuration and the
configuration with the sealed SFDs is shown in Figure 25a. Increasing the sealing effect
determines an increase of the forced response at 200 Hz at node 30. The evolution of the
force coefficients with Cg,,; at 200 Hz is shown in Figure 25b. Increasing the sealing effect
determines an increase of both the force coefficients of the SFD.
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Figure 25. Forced response ratio at 200 Hz for node 30 for different values of Cg,,; (a), evolution of

SFD force coefficients for different values of Cq,,; (b). Red line for system without SFD, blue line

indicates system with SFD of (a). Markers highlights tested configurations.
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The evolution of the forced responses for the considered frequency range is shown in
Figure 26. Moreover, in this case, when the force coefficients are increased, the frequency of
the peak of the forced response increases.
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Figure 26. Comparison of forced response for different values of Cg,,; at node 30.

4.6. Correction of an Instability

In this section the effect of the seal placed before the impeller is considered as source
of instability. The stiffness matrix at the nodes of the seal is introduced as follows:

_ 0 kseal
Kseal - l:_kseal 0| (26)

The parameter k,,; determines whether the compressor is affected by instability. The
effect of kg, on the stability of the system is investigated. The first instability is present at
kseq = 15,000 N/m. However, the system is unstable for the whole frequency range only
when kg,,;; > 17,500 N/m. For this reason, our analysis is focused at kg.;; = 17,500 N/m.

The same architecture shown in Figure 13 is considered. The damping introduced in
the system by the SFD tends to have a stabilizing effect. The dimensionless damping factor
is studied as an indication of the stabilizing effect. This indicator is defined as:

Real();)
ni= " Imag(n;)’ (27)

The SFD considered is similar to that described in Table 2 but now the clearance is
set to 0.5 mm. The dimensionless damping factor for the original system, system with the
cage, and the system with the SFD is shown in Figure 27. Both the original system and the
system with the cage are affected by instability. On the contrary, when the SFD is added to
the system the correction of the instability is achieved.



Machines 2022, 10, 781

24 of 26

Original

SFD

Dimensionless damping factor
w

1r UNSTABLE | T

100 120 140 160 180 200 220 240 260 280 300
Rotational frequency [Hz]

Figure 27. Evolution of dimensionless damping factor for unstable modes with rotational frequency
of original system, system with cage, and system with SFD.

5. Conclusions

In this paper, a thorough investigation on the state of the art of SFDs is reported.
The most critical features are highlighted and an evaluation of how to treat them is given.
A comprehensive model based on the 2D Reynolds equation is presented. The classic
Reynolds equation is modified to include an extra term to take into consideration the effect
of the temporal inertia and the air ingestion modeling is also considered. The equation is
numerically solved with the finite difference approach.

The proposed model is then validated with numerical and experimental results avail-
able in the literature. At first, the effect of the air ingestion is considered. Secondly, the
overall effect of different geometrical configurations is considered. The results obtained
show an acceptable agreement for the evaluated configurations.

A finite element code to simulate the dynamic behavior of turbomachines was devel-
oped. The effect of the SFD is included considering the force coefficients calculated from
the finite difference solution of the Reynolds equation. A slightly unbalanced centrifugal
compressor was considered and a parametric investigation on several parameters of the
SFD was performed to test the effectiveness of the SFD in the vibration reduction. In
general, the application of the SFD is effective in reducing the level of the vibration. From
the investigation, it is highlighted that the selection of the most appropriate design of the
SFD is highly influenced by the application. Moreover, the application of the SFD also
proved effective in the correction of the instability.

The model derived in this paper has proven effective and efficient in the prediction
of the dynamic properties of SFDs and can therefore be considered a useful tool in the
initial design of these critical components. More accurate and precise models based on
CFD simulations are present in the literature, but these are characterized by a higher level
of complexity and longer simulation times.



Machines 2022, 10, 781 25 of 26

Author Contributions: Conceptualization, E.G.; methodology, E.G. and S.C.; software, E.G. and
S.C.; validation, E.G.; formal analysis, E.G.; investigation, E.G.; resources, PP,; data curation, E.G.;
writing—original draft preparation, E.G.; writing—review and editing, A.V.; visualization, E.G.;
supervision, A.V.; project administration, P.P.; funding acquisition, P.P. All authors have read and
agreed to the published version of the manuscript.

Funding: This research received no external funding.
Data Availability Statement: Data used are confidential and cannot be shared.

Conflicts of Interest: The authors declare no conflict of interest.

References

1.

10.

11.

12.

13.

14.
15.

16.

17.

18.

19.

20.

21.

22.

23.

Zeidan, FY.; San Andrés, L.; Vance, ].M. Design and Application of Squeeze Film Dampers in Rotating Machinery. In Proceedings of
the 25th Turbomachinery Symposium, Houston, TX, USA, 13-15 September 2022; Texas A&M University, Turbomachinery Laboratories:
College Station, TX, USA, 1996; pp. 169-188.

Vance, ].M.; Zeidan, FY.; Murphy, B. Machinery Vibrations and Rotordynamics; John Wiley & Sons Inc.: Hoboken, NJ, USA, 2010.
Gunter, E.J., Jr.; Barrett, L.E.; Allaire, P.E. Design and Application of Squeeze Film Dampers for Turbomachinery Stabilization; Texas
A&M University, Gas Turbine Laboratories: College Station, TX, USA, 1975; pp. 127-141. [CrossRef]

Chen, W.J.; Rajan, M.; Rajan, S.D.; Nelson, H.D. Optional Design of Squeeze Ilm Dampers for Flexible Rotor Systems. J. Mech.
Transm. Autom. Des. 1988, 110, 166—174. [CrossRef]

della Pietra, L.; Adiletta, G. The Squeeze Film Damper over Four Decades of Investigations. Part I: Characteristics and Operating
Features. Shock Vib. Dig. 2002, 34, 3-26.

San Andrés, L. Squeeze Film Damper: Operation, Models and Theoretical Issues. In Modern Lubrication Theory; Texas A&M
University: College Station, TX, USA, 2012.

San Andrés, L.; Vance, ] M. Effects of Fluid Inertia and Turbulence on the Force Coefficients for Squeeze Film Dampers. |. Eng.
Gas Turbine Power 1986, 108, 332-339. [CrossRef]

San Andrés, L.A.; Vance, ].M. Effects of Fluid Inertia on Finite-Length Squeeze-Film Dampers. ASLE Trans. 1987, 30, 384-393.
[CrossRef]

Hamzehlouia, S.; Behdinan, K. Squeeze Film Dampers Executing Small Amplitude Circular-Centered Orbits in High-Speed
Turbomachinery. Int. J. Aerosp. Eng. 2016, 2016, 5127096. [CrossRef]

Chen, X.; Ren, G.; Gan, X. Dynamic Behavior of a Flexible Rotor System with Squeeze Film Damper Considering Oil-Film Inertia
under Base Motions. Nonlinear Dyn. 2021, 106, 3117-3145. [CrossRef]

Zeidan, EY.; Vance, ].M. Cavitation Regimes in Squeeze Film Dampers and Their Effect on the Pressure Distribution. Tribol. Trans.
1990, 33, 447-453. [CrossRef]

Diaz, S.E.; San Andrés, L.A. Air Entrainment vs. Lubricant Vaporization in Squeeze Film Dampers: An Experimental Assessment
of Their Fundamental Differences. |. Eng. Gas Turbine Power 2001, 123, 871-877. [CrossRef]

Reinke, P.; Ahlrichs, J.; Beckmann, T.; Schmidt, M. High-Speed Digital Photography of Gaseous Cavitation in a Narrow Gap Flow.
Fluids 2022, 7, 159. [CrossRef]

Elrod, H.G. Cavitation Algorithm. J. Lubr. Technol. 1981, 103, 350-354. [CrossRef]

Almgqvist, A.; Fabricius, J.; Larsson, R.; Wall, P. A New Approach for Studying Cavitation in Lubrication. J. Tribol. 2014, 136, 011706.
[CrossRef]

Diaz, S.E.; Andres, L.A. Reduction of the Dynamic Load Capacity in a Squeeze Film Damper Operating with a Bubbly Lubricants.
J. Eng. Gas Turbine Power 1999, 121, 703-709. [CrossRef]

San Andrés, L.; Diaz, S.E. Flow Visualization and Forces from a Squeeze Film Damper Operating with Natural Air Entrainment.
J. Tribol. 2003, 125, 325-333. [CrossRef]

Diaz, S.E. An Engineering Model for Prediction of Forces in SFD’s and Experimental Validation for Operation with Entrainment; Texas
A&M University: College Station, TX, USA, 1999.

Diaz, S.; San Andrés, L. A Model for Squeeze Film Dampers Operating with Air Entrainment and Validation with Experiments.
J. Tribol. 2001, 123, 125-133. [CrossRef]

Méndez, T.H.; Torres, J.E.; Ciaccia, M.A.; Diaz, S.E. On the Numerical Prediction of Finite Length Squeeze Film Dampers
Performance with Free Air Entrainment. J. Eng. Gas Turbine Power 2010, 132, 012501. [CrossRef]

Gehannin, J.; Arghir, M.; Bonneau, O. Evaluation of Rayleigh-Plesset Equation Based Cavitation Models for Squeeze Film
Dampers. . Tribol. 2009, 131, 024501. [CrossRef]

San Andrés, L.; Jeung, S.; Den, S.; Savela, G. Squeeze Film Dampers: An Experimental Appraisal of Their Dynamic Performance.
In Proceedings of Asia Turbomachinery Pump Symposium, Kuala Lumpur, Malaysia, 23-26 May 2022; Turbomachinery Laboratory,
Texas A&M Engineering Experiment Station: Singapore, 2016.

Gehannin, J.; Arghir, M.; Bonneau, O. Complete Squeeze-Film Damper Analysis Based on the “Bulk Flow” Equations. Tribol.
Trans. 2010, 53, 84-96. [CrossRef]


http://doi.org/10.21423/R1T37D
http://doi.org/10.1115/1.3258922
http://doi.org/10.1115/1.3239908
http://doi.org/10.1080/05698198708981771
http://doi.org/10.1155/2016/5127096
http://doi.org/10.1007/s11071-021-06978-z
http://doi.org/10.1080/10402009008981975
http://doi.org/10.1115/1.1383258
http://doi.org/10.3390/fluids7050159
http://doi.org/10.1115/1.3251669
http://doi.org/10.1115/1.4025875
http://doi.org/10.1115/1.2818530
http://doi.org/10.1115/1.1510878
http://doi.org/10.1115/1.1330742
http://doi.org/10.1115/1.2981182
http://doi.org/10.1115/1.3063819
http://doi.org/10.1080/10402000903226382

Machines 2022, 10, 781 26 of 26

24.

25.

26.

27.

28.

29.

30.

31.

32.

33.

34.

35.

36.

37.

38.

39.

40.

Lee, G.J.; Kim, J.; Steen, T. Application of Computational Fluid Dynamics Simulation to Squeeze Film Damper Analysis. J. Eng.
Gas Turbine Power 2017, 139, 102501. [CrossRef]

Xing, C.; Braun, M.J.; Li, H. A Three-Dimensional Navier-Stokes-Based Numerical Model for Squeeze-Film Dampers. Part
1-Effects of Gaseous Cavitation on Pressure Distribution and Damping Coefficients without Consideration of Inertia. Tribol. Trans.
2009, 52, 680-694. [CrossRef]

Xing, C.; Braun, M.J.; Li, H. A Three-Dimensional Navier-Stokes-Based Numerical Model for Squeeze Film Dampers. Part
2-Effects of Gaseous Cavitation on the Behavior of the Squeeze Film Damper. Tribol. Trans. 2009, 52, 695-705. [CrossRef]

Zhou, H.-L.; Chen, X.; Zhang, Y.-Q.; Ai, Y.-T.; Sun, D. An Analysis on the Influence of Air Ingestion on Vibration Damping
Properties of Squeeze Film Dampers. Tribol. Int. 2020, 145, 106168. [CrossRef]

Delgado, A.; San Andrés, L. A Model for Improved Prediction of Force Coefficients in Grooved Squeeze Film Dampers and Oil
Seal Rings. . Tribol. 2010, 132, 032202. [CrossRef]

Hamzehlouia, S.; Behdinan, K. Thermohydrodynamic Modeling of Squeeze Film Dampers in High-Speed Turbomachinery. SAE
Int. J. Fuels Lubr. 2018, 11, 129-146. [CrossRef]

Fan, T.; Hamzehlouia, S.; Behdinan, K. The Effect of Lubricant Inertia on Fluid Cavitation for High-Speed Squeeze Film Dampers.
J. Vibroeng. 2017, 19, 6122-6134. [CrossRef]

Fan, T.; Behdinan, K. The Evaluation of Linear Complementarity Problem Method in Modeling the Fluid Cavitation for Squeeze
Film Damper with Off-Centered Whirling Motion. Lubricants 2017, 5, 46. [CrossRef]

Fan, T.; Behdinan, K. Investigation into the Effect of Piston Ring Seals on an Integrated Squeeze Film Damper Model. ]. Mech. Sci.
Technol. 2019, 33, 559-569. [CrossRef]

Almgqvist, A. A Pivoting Algorithm Solving Linear Complementarity Problems 2020. Available online: https://it.mathworks.
com/matlabcentral/fileexchange/41485-a-pivoting-algorithm-solving-linear-complementarity-problems  (accessed  on
6 September 2022).

Marmol, R.A.; Vance, ]. M. Squeeze Film Damper Characteristics for Gas Turbine Engines. J. Mech. Des. Trans. ASME 1978, 100,
139-146. [CrossRef]

San Andrés, L.S.; Koo, B.; Jeung, S.-H. Experimental Force Coefficients for Two Sealed Ends Squeeze Film Dampers (Piston Rings
and O-Rings): An Assessment of Their Similarities and Differences. . Eng. Gas Turbine Power 2019, 141, 021024. [CrossRef]
Andrés, L.S.; Rodriguez, B. On the Experimental Dynamic Force Performance of a Squeeze Film Damper Supplied Through a
Check Valve and Sealed With O-Rings. |. Eng. Gas Turbine Power 2021, 143, 111011. [CrossRef]

Lund, ].W,; Smalley, A ].; Tecza, A.].; Walton, J.F. Squeeze-Film Damper Technology: Part 1-Prediction of Finite Length Damper
Performance. In Turbo Expo: Power for Land, Sea, and Air, Phoenix, AR, USA, 27-31 March 1983; American Society of Mechanical
Engineers: Houston, TX, USA, 1983. [CrossRef]

San Andrés, L.; Koo, B. Effect of Lubricant Supply Pressure on SFD Performance: Ends Sealed with O-Rings and Piston Rings.
In Proceedings of the 10th International Conference on Rotor Dynamics—IFToMM, online; Springer Science and Buisness Media B.V.:
Dordrecht, The Netherlands, 2019; Volume 60.

Jeung, S.-H.; San Andrés, L.; Den, S.; Koo, B. Effect of Oil Supply Pressure on the Force Coefficients of a Squeeze Film Damper
Sealed with Piston Rings. J. Tribol. 2019, 141, 061701. [CrossRef]

San Andrés, L.; Jeung, S.-H. Orbit-Model Force Coefficients for Fluid Film Bearings: A Step beyond Linearization. J. Eng. Gas
Turbine Power 2016, 138, 022502. [CrossRef]


http://doi.org/10.1115/1.4036511
http://doi.org/10.1080/10402000902913303
http://doi.org/10.1080/10402000902913311
http://doi.org/10.1016/j.triboint.2020.106168
http://doi.org/10.1115/1.4001459
http://doi.org/10.4271/04-11-02-0006
http://doi.org/10.21595/jve.2017.19314
http://doi.org/10.3390/lubricants5040046
http://doi.org/10.1007/s12206-019-0109-4
https://it.mathworks.com/matlabcentral/fileexchange/41485-a-pivoting-algorithm-solving-linear-complementarity-problems
https://it.mathworks.com/matlabcentral/fileexchange/41485-a-pivoting-algorithm-solving-linear-complementarity-problems
http://doi.org/10.1115/1.3453878
http://doi.org/10.1115/1.4040902
http://doi.org/10.1115/1.4051964
http://doi.org/10.1115/83-GT-247
http://doi.org/10.1115/1.4043238
http://doi.org/10.1115/1.4031237

	Introduction 
	Materials and Methods 
	Oil Film Modeling 
	Reynolds Equation 
	Fluid Inertia 
	Air Ingestion 
	Negative Pressure Zone 
	Geometrical Discretization 
	Inlet Boundary Conditions 
	Outlet Boundary Condition 
	Circumferential Periodicity 
	Forces and Force Coefficients 

	Model Validation 
	Application 
	SFD Clearance 
	SFD Length 
	Groove Effective Depth 
	Feeding Pressure 
	End Seals 
	Correction of an Instability 

	Conclusions 
	References

