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Abstract: The cantilever dual-rotor system is a typical structure of the blade output end of the open
rotor engine and the coaxial output turboshaft engine. The excessive unbalanced vibration of a
coupled cantilever dual-rotor system is one of the main factors limiting the application of the above
engine type. In order to accurately describe the vibration coupling effect between the dual-rotor-
intermediate bearings, the unbalanced response of the cantilever dual-rotor system is analyzed, and
the self-sensitivity coefficient is proposed to guide the selection of measuring points and vibration
suppression experiments for the dual-rotor system. On this basis, a new online automatic balance
actuator applicable to this dual-rotor system is designed, and a feasibility experiment is carried out.
The experimental results indicate that: (1) The self-sensitivity coefficient can be used as the basis for
the actual vibration measuring point arrangement and unbalanced vibration suppression strategy
of the dual-rotor system, and the proposed step-by-step vibration suppression strategy can reduce
the vibration of the dual-rotor system by more than 80%. (2) The designed online automatic balance
actuator can reduce the unbalanced vibration by 53% in 3.52 s. The proposed method in this study
can provide guidance for the vibration suppression of the dual-rotor system.

Keywords: dual-rotor system; unbalance; coupling vibration; self-sensitivity coefficient; automatic
balance; actuator; vibration suppression

1. Introduction

The traditional coaxial dual-rotor system with a high-pressure rotor and low-pressure
rotor is widely used in the field of aero engines. However, the cantilever coaxial dual-rotor
system at the output of open rotor engines and the coaxial output turboshaft engines has
limited application. The power of the open rotor engine and the coaxial output turboshaft
engines is output to the planetary gear reducer through the power turbine. Then, the
power is distributed by the planetary gear reducer to the two output shafts, which drive the
propeller rotation. It should be noted that the inner and outer rotors system at the output
end is cantilevered. The inner and outer rotors are connected by intermediate bearings,
and their vibration response affects each other, leading to the vibration coupling of the
dual-rotor-support-casing system. The unbalanced vibration of the rotor system is a crucial
factor affecting the reliability of the aero engine. Significant stresses and deformations can
be caused by excessive unbalance, which can loosen the connections, load the bearings
beyond the allowable range, and damage the engine [1,2]. In order to reduce the engine
vibration and improve the safety, reliability, and lifetime of the engine, it is necessary to
study the unbalanced vibration mechanism, vibration suppression strategy, and vibration
suppression method for the dual-rotor system.

At present, enormous research has been conducted on the dynamic characteristics,
vibration coupling mechanisms, and vibration suppression of aero-engine dual-rotor sys-
tems by scholars. The analysis of the dynamic characteristics and vibration mechanism
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is the key to the aero-engine design and intelligent maintenance. In engineering, perfect
dynamic balance does not exist, and the rotor misalignment problem is inevitable due to
the coupling. For this reason, Wang et al. derived the dynamics equations of the unbalance–
misalignment coupling fault of the dual-rotor system by using modern nonlinear dynamics
theory to derive dynamics equations for the unbalance–misalignment coupling fault of the
dual rotor system. The influence of different rotational speeds, eccentricity, and parallel
eccentricity on the vibration response of the dual-rotor system was analyzed [3]. Consider-
ing the coupling effect of an intermediate bearing, Ma Pingping et al. studied the effects
of the unbalance position, unbalanced size, phase, and intermediate bearing stiffness on
the vibration characteristics of the dual-rotor system and revealed the vibration response
law, vibration transmission law, and vibration sensitivity of the rotor system caused by
the vibration coupling of the inner and outer rotors in unbalancing [4]. The coupling of
dynamic characteristics between the dual-rotor system is caused by intermediate bearings.
Ma Yanhong et al. studied and quantitatively evaluated the coupling characteristics of the
dual rotor system, and obtained the correlation between the characteristic structural param-
eters such as the intermediate bearing position and the coupled vibration characteristics
of the system [5]. A coupled vibration control method, based on the modal superposition
principle for the response of the dual-rotor system, was proposed. Rolling bearings are
the primary support of an aero-engine dual-rotor system. Ma Xingxing et al. analyzed
the effects of ball bearing clearance, unbalance, concentrated spring stiffness, and oil film
clearance of a squeezed oil film damper on the nonlinear steady-state response of a dual-
rotor system [6]. Lu et al. investigated the influence of an aero-engine’s rolling bearing
radial clearance, vertical force, and speed ratio on the nonlinear response of the dual-rotor
system [7,8]. The turbine-shared support structures have broad applications in aero engines,
but the related research is scarce. Han et al. investigated the coupled vibration response of
the squeezed film damper–rotor–bearing system with a turbine’s shared-support dual-rotor
structure at different differential speed ratios [9].

Vibration suppression is a difficult problem in the operation and maintenance of aero
engines. Therefore, vibration suppression research, in both passive and active control,
has been performed by scientists in various countries. To reduce maintenance costs and
data processing, Shamsah et al. reduced the number of acceleration sensors from two to
one for rotor unbalance measurement [10]. Aiming at reducing the excessive vibration
of aero engines affected by the assembly quality, Chen et al. established an optimization
function with the assembly angle as the optimization variable and the maximum vibration
velocity at the bearing as the optimization objective. Then, the high-pressure rotor system
was assembled based on the optimal assembly angle calculated by simulation, and the
assembly accuracy was improved to suppress rotor vibration [11]. For the near-frequency
separation problem in the dynamic balancing process of the dual-rotor system, Ponci and
Zhang et al., respectively, proposed the method of increasing the sampling time method,
the nonwhole beat correlation method, and the whole beat correlation method to separate
the inner and outer rotor unbalances and then perform dynamic balancing [12–14]. The
vibration suppression method mentioned in the above literature is passive control. How to
make the equipment perform active vibration control during operation is also a research
hot topic. Fang and Gong et al. used electromagnetic bearings to suppress rotor unbalance
vibration online and in real-time [15,16]. Fan and Pan et al. designed an electromagnetic
automatic balance actuator based on the axial excitation and radial excitation principles,
respectively [17,18]. The effectiveness of the automatic balance actuator was verified by
experiments. For large rotors operating at high speeds, Zhang and Pan et al. proposed
liquid-driven and gas-driven automatic balance actuators, which achieved a significant
vibration suppression effect in the simulation test bed [19,20]. Although electromagnetic
bearings and automatic balance actuators based on electromagnetic, liquid-driven, and gas-
driven have significant vibration suppression effects, none of these actuators are suitable for
application in aero engines. Therefore, Airbus proposed a motor-based automatic balance
actuator that can be used in open rotor engines in 2015 [21].
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Regarding the research on the unbalanced coupling vibration suppression of the
dual-rotor system, the vibration coupling mechanism of the dual-rotor system and the
vibration suppression strategy have not been combined by scholars. In terms of the research
objects concerned, scholars have studied the high-pressure rotor and low-pressure rotor
in the core of turbofan engines or turboshaft engines, and there is no relevant research
on the internal and external dual-rotor system at the output end of the open rotor engine
or the turboshaft engine. In addition, very few scholars have studied online automatic
balance actuators applicable to aero engines. Therefore, in this paper, a dynamic model
called “coaxial counter-rotating cantilever dual-rotor system” for the output rotor system
of an open rotor engine was established, its coupling vibration mechanism was analyzed,
and a set of new motor-based online automatic balance actuator suitable for aero engines
was designed. Finally, an unbalanced coupling vibration suppression experiment and a
feasibility experiment of the automatic balance actuator were carried out on the simulated
test rig.

2. Structural Characteristics of the Cantilevered Coaxial Counter-Rotating
Dual-Rotor System

The dual-rotor coupling structure is widely used in aero engines. The typical dual-
rotor aero-engine structure is mainly composed of the low-pressure rotor and high-pressure
rotor. The low-pressure rotor is composed of a low-pressure compressor and a low-pressure
turbine, and the high-pressure rotor is composed of a high-pressure compressor and a
high-pressure turbine. The counter-rotating dual-rotor structure can reduce the influence
of rotor gyroscopic moment, improve the aero engine’s surge margin and the efficiency of
the compressor, and reduce the number of guide vanes to reduce the weight of the engine,
reduce the load on the casing, and further improve aircraft maneuverability.

In addition to the dual-rotor system commonly found in turbofan and turbojet engines,
there are some special coaxial counter-rotating dual-rotor aero engines for helicopters, trans-
port aircraft, and bombers, such as the open-rotor engines from Ukraine, Rolls-Royce (UK),
GE (USA), Boeing (USA) and SNECNA (France) [22–25]. The dual-rotor structure is con-
nected to the aero engine core through a planetary reducer, and the output end is connected
with the propeller in a cantilever structure. The research objects of this paper are the
cantilevered coaxial counter-rotating dual-rotor systems of the open-rotor engine.

The coaxial counter-rotating dual-rotor structure at the output end of an open-rotor
engine is shown in Figure 1. The power turbine outputs power through the planetary reducer,
and the inner and outer rotors rotate at reverse microdifferential speed. The inner rotor is
connected to the sun wheel and supported by the 3# and 4# intermediate bearings on the
inner wall of the outer rotor. The outer rotor is connected to the reducer ring gear, supported
by the 1# and 2# bearings. The output structure is cantilevered, and the inner rotor is fully
supported on the inner wall of the outer rotor without external support.

The automatic balance actuator of the inner and outer rotor is placed at the inner
and outer rotor fan end near the paddle hub and connected to the intelligent controller
through the signal transmission device to form the dual-rotor automatic balance system.
The intelligent controller contains signal processing, dynamic balancing algorithm, and
control strategy, with real-time monitoring, unbalance calculation, and actuator control
command output function. The controller command is received by actuators and then
makes the compensation mass disk run to the target position to generate a synthetic
compensation mass to suppress unbalanced vibration caused by mass unbalance in real
time. The cantilevered coaxial dual-rotor automatic balance system is demonstrated in
Figure 2. At present, the dual-rotor automatic balance system has some research difficulties,
such as a slow signal acquisition and complex control strategy.
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Figure 2. The cantilevered coaxial dual-rotor automatic balance system.

3. Dynamic Characteristic Analysis of Dual-Rotor System
3.1. Equations of Motion for a Dual-Rotor System

For the coaxial counter-rotating cantilevered dual-rotor structure system, the equiv-
alent dynamics model shown in Figure 3 was established. k1, k2, k3, and k4 denote the
bearing stiffness of the 1#, 2#, 3#, and 4# supports, respectively, qw and qn are the displace-
ment vectors of the outer and inner rotors, w and n denote the outer rotor and inner rotor,
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respectively. Ωw and Ωn are the rotation speeds of the outer and inner rotors, and the
aerodynamic load was not considered in the model. The equivalent dynamic equations of
the dual-rotor system were established based on the finite element method.

Machines 2022, 10, x FOR PEER REVIEW 5 of 19 
 

 

 

Figure 3. Equivalent dynamics model of coaxial counter-rotating dual-rotor system. 

The axis element was defined as the Timoshenko beam, and the equation of motion 

of the unit in a fixed coordinate system was as follows [26,27]: 

e_oute e e e e e e ,
Iρ

 
+ − + = 

 
M Μ q G q K q F  (1) 

where
ρ
eM  is the mass matrix, e

IM is the mass inertia matrix, eG is the gyroscopic matrix, 

eK is the stiffness matrix, e_outF is the external force on the unit, and eq is the generalized 

displacement vector. Each axis element had two nodes, and each node had two directions 

of displacement and two directions of rotation. In the subsequent assembly of the axis 

element matrix, since a node was shared by two adjacent axis elements, the coefficient 

matrices corresponding to the shared node needed to be superimposed. The number of 

degrees of freedom was 4 in a node, so the number of degrees of freedom of each axis 

element was 8. Therefore, the generalized displacement vector was as follows: 

1 1 1 1 2 2 2 2 ,
T

e
y z y z y z y zq q q qθ θ θ θ =

 
q  (2) 

where 1yq  and 2yq  are the displacements of both ends of the axis element in the Y direc-

tion, 1zq  and 2zq  are the displacements of both ends of the axis element in the Z direc-

tion, 1yθ  and 2yθ  are the rotation angles of the two ends of the axis unit around the Y-

axis, 1zθ  and 2zθ  are the rotation angles of the two ends of the axis unit around the Z-

axis. 

Considering that the bearings used in the simplified rotor model were deep groove 

ball bearings and the rotor was isotropic, the damping and cross stiffness of the bearings 

were not considered. Therefore, the motion equation of ordinary bearings, 1# and 2# sup-

ports was as follows: 

( )

i i_out
y yi

i i_out
i z z

0 0 0

0 0 0
, i 1,2

0 0 0 0 0 0

0 0 0 0 0 0

q Fk

k q F

    
    
    

− = =    
    
         

 (3) 

where i_out
yF and i_out

zF denotes the external force at the bearing in Y direction and Z di-

rection. The rotor system is isotropic, so 
ik (i = 1,2) denotes the principal stiffness of the 

1# and 2# supports, i
yq  and i

zq  denote the displacement of the 1# and 2# bearings in the 

Y direction and Z direction, respectively. Since there was only one node at the location of 

the bearing, there were displacements in two directions at the node, but there was no ro-

tation angle, so the number of degrees of freedom of the bearing node was 2. However, 

considering the convenience of the subsequent rotor system assembly, the above matrices 

were all expressed as 4th-order matrices. 

Figure 3. Equivalent dynamics model of coaxial counter-rotating dual-rotor system.

The axis element was defined as the Timoshenko beam, and the equation of motion of
the unit in a fixed coordinate system was as follows [26,27]:(

Me
ρ + Me

I

)..
qe − ΩGe .

qe
+ Keqe = Fe_out, (1)

where Me
ρ is the mass matrix, Me

I is the mass inertia matrix, Ge is the gyroscopic matrix,
Ke is the stiffness matrix, Fe_out is the external force on the unit, and qe is the generalized
displacement vector. Each axis element had two nodes, and each node had two directions
of displacement and two directions of rotation. In the subsequent assembly of the axis
element matrix, since a node was shared by two adjacent axis elements, the coefficient
matrices corresponding to the shared node needed to be superimposed. The number of
degrees of freedom was 4 in a node, so the number of degrees of freedom of each axis
element was 8. Therefore, the generalized displacement vector was as follows:

qe =
[
qy1 qz1 θy1 θz1 qy2 qz2 θy2 θz2

]T , (2)

where qy1 and qy2 are the displacements of both ends of the axis element in the Y direction,
qz1 and qz2 are the displacements of both ends of the axis element in the Z direction, θy1
and θy2 are the rotation angles of the two ends of the axis unit around the Y-axis, θz1 and
θz2 are the rotation angles of the two ends of the axis unit around the Z-axis.

Considering that the bearings used in the simplified rotor model were deep groove ball
bearings and the rotor was isotropic, the damping and cross stiffness of the bearings were
not considered. Therefore, the motion equation of ordinary bearings, 1# and 2# supports
was as follows:

−


ki 0 0 0
0 ki 0 0
0 0 0 0
0 0 0 0




qi
y

qi
z

0
0

 =


Fi_out

y
Fi_out

z
0
0

, (i = 1, 2) (3)

where Fi_out
y and Fi_out

z denotes the external force at the bearing in Y direction and Z direction.
The rotor system is isotropic, so ki(i = 1,2) denotes the principal stiffness of the 1# and 2#
supports, qi

y and qi
z denote the displacement of the 1# and 2# bearings in the Y direction

and Z direction, respectively. Since there was only one node at the location of the bearing,
there were displacements in two directions at the node, but there was no rotation angle, so
the number of degrees of freedom of the bearing node was 2. However, considering the
convenience of the subsequent rotor system assembly, the above matrices were all expressed
as 4th-order matrices.
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The intermediate shaft bearing force satisfies:

Fn_out
j + Fw_out

j = 0, (j = 3, 4) (4)

where Fn_out
j and Fw_out

j represent the interaction force between the outer rotor and the
inner rotor in the 3# and 4# bearings, respectively. When considering the equation of motion
of the dual-rotor system, the inner and outer rotors are not adjacent to each other at the
intermediate bearing node, so the interaction force does not need to be counteracted by
each rotor directly and should be calculated separately by the external force. Therefore, the
motion equation of the intermediate bearing can be expressed as:

kj 0 −kj 0
0 kj 0 −kj
−kj 0 kj 0

0 −kj 0 kj




un
vn
uw
vw

 =

[
Fn_out

j
Fw_out

j

]
, (5)

where un and uw, respectively, represent the displacement of the intermediary bearing
node in the horizontal direction of the inner and outer rotors, and vn and vw, respectively,
represent the displacement of the intermediary bearing node in the vertical direction of the
inner and outer rotors.

According to the structure of the dual-rotor system, it was divided into N elements,
and the number of corresponding nodes was N + 2. Each element was expressed according
to the above equations, and then the mass matrix, gyroscopic matrix, stiffness matrix, and
bearing stiffness expression matrix of all beam units were assembled (due to the limited
space, this paper does not present the assembled system in detail) to obtain the dynamic
equations of the dual-rotor system, whose dynamic equations can be expressed as [28]:

M
..
q − (ΩnGn + ΩwGw)

.
q + Kq = Fout, (6)

where Ωn and Ωw are the internal and external rotor speeds, respectively, q denotes the
generalized displacement vector of the system, Fout is the generalized force vector of the
system, M is the mass matrix of the system, Gn and Gw represent the gyroscopic matrix of
the inner and outer rotors, respectively, and K is the stiffness matrix of the system.

3.2. Unbalanced Steady-State Response Analysis of a Dual-Rotor System

According to the structure shown in Figure 1, a cantilever dual-rotor test bench was
designed as shown in Figure 4. In order to adjust the relative position of the inner and
outer rotors, the rotor was designed as a bare shaft with the following parameters: the inner
diameter of the inner rotor was 18 mm, the outer diameter was 30 mm, and the length was
800 mm. The inner diameter of the outer rotor was 50 mm, the outer diameter was 60 mm,
and the length was 500 mm. The inner and outer rotors and counterweight discs were made
of 45 steel with a mass density of 7850 kg/m3, a modulus of elasticity of 206,000 N/mm2,
and a shear modulus of 79,230.8 N/mm2.

DyRoBeS (Dynamics of Rotor-Bearing Systems) software was used for the finite ele-
ment modeling of the dual-rotor system. Considering that the counterweight disc was a
rigid disc, the counterweight disc and the rotor were modeled as a whole. The bearings
used in the test rig were deep groove ball bearings, so their damping and cross stiffness
were ignored in the modeling. The finite element model of the cantilevered dual-rotor
system is shown in Figure 5, containing two rotors and four bearings, with a total of
31 elements, 33 nodes, and 132 degrees of freedom.

Performing a critical speed analysis of this specific rotor in DyRoBeS, Figure 6a re-
vealed the lowest critical speed of 4851 rpm, Figure 6b revealed the second-order criti-
cal speed of 8515 rpm. The highest speed of the test bench designed in this study was
1100 r/min. The rotor can be considered as rigid in this speed range.
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The steady-state response of different nodes was analyzed to determine the sensitivity
of each node to unbalance so as to provide guidance for the establishment of actual mea-
surement points. Here, firstly, the letter n was defined to represent the ratio between the
outer rotor speed and the inner rotor speed. A positive n meant that the rotation direction of
the inner and outer rotors was the same, and a negative n meant that the rotation direction
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of the inner and outer rotors was opposite. Under the condition of n = −1.5, the same size
of unbalance was applied to the inner and outer rotor counterweight discs, respectively, in
this section, and the unbalance response was obtained by a steady-state analysis at each
measurement point. According to the test bench, the eddy current sensor locations were at
the proposed inner rotor nodes 2, 4, and 11 and at the outer rotor nodes 26, 27, and 28, as
the available measurement points of the sensor. Measuring point 1 corresponded to node 2,
measuring point 2 corresponded to node 4, measuring point 3 corresponded to node 11,
measuring point 4 corresponded to node 26, measuring point 5 corresponded to node 27,
measuring point 6 corresponded to node 28, and the specific measuring points were as
shown in Figure 7.
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By adding the same unbalance mass to the inner and outer counterweight disks,
respectively, the steady-state response of the dual rotor system at different measuring
points under the unbalanced force was studied. The unbalance of the simulation was
2599 gmm, and the measured response corresponded to a speed of 1000 r/min (inner rotor
speed). When the inner rotor was unbalanced, the steady-state response of each measured
point was as shown in Figure 8a. When the unbalance was on the outer rotor, the steady-
state response of each measured point was similar to Figure 8a. The unbalanced vibration
response under all operating conditions is shown in Figure 8b, and the corresponding
unbalanced vibration response data are shown in Table 1.
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Table 1. Response of each measuring point.

Measuring Point
Amplitude/µm

Initial Condition Unbalance Case Inner Unbalance Case Outer

1 0.003 8.902 7.231
2 0.002 6.100 4.956
3 0.006 16.824 11.708
4 0.002 5.235 6.371
5 0.003 5.951 7.192
6 0.003 6.684 8.049

In this paper, the concept of self-sensitivity coefficient (S) is proposed, which is the
percentage of the vibration value caused by the unbalance of the structure itself where the
measurement point is located and the actual vibration measurement value. It is used to
describe the sensitivity of the measurement point to the vibration caused by the structure
where the measurement point is located. Its calculation formula is as follows:

S1 =
A1

A1 + A2
, (7)

A1 indicates the vibration amplitude caused by the unbalance of component 1 at the
measuring point, and A2 indicates the vibration amplitude caused by the unbalance of
component 2 at the measuring point. According to Equation (7), the self-sensitivity coeffi-
cient corresponding to each measuring point of the inner and outer rotor is calculated, as
shown in Table 2.

Table 2. Response of each measuring point.

Measuring Point Self-Sensitivity Coefficient

Inner rotor
1 55.2%
2 55.2%
3 59.0%

Outer rotor
4 54.9%
5 54.7%
6 54.6%

As seen in Figure 8b, the transmission law of vibration on the rotor system is that
the closer to the vibration source, the greater the vibration, that is, the more sensitive the
vibration is. From the self-sensitivity coefficient in Table 2, it can be seen that the self-
sensitivity coefficient of the inner rotor measuring point 3 is larger than that of measuring
points 1 and 2. That is, measuring point 3 is more sensitive to the unbalance of the inner
rotor itself, so measuring point 3 is more suitable for the actual sensor measuring point
layout. The self-sensitivity coefficients of the measuring points 4, 5, and 6 of the outer
rotor are basically the same, reflecting that these three measuring points have the same
sensitivity to the unbalance of the outer rotor itself. At the same time, a 54% self-sensitivity
coefficient for these three measuring points is greater than 50%, reflecting the low vibration
sensitivity of the inner rotor at these measurement points, so all three measuring points can
be used as the actual sensor measuring point layout. Since the self-sensitivity coefficient
of measurement point 3 of the inner rotor is 59.0% larger than that of the three simulated
measuring points of the outer rotor, it is believed that the unbalance vibration signal
measured at this measurement point can reflect the unbalance vibration information of
the rotor to a greater extent. Hereby, when the vibration of the dual rotor was suppressed,
the dynamic balance of the inner rotor system was performed first, and then the dynamic
balance of the outer rotor system was performed.
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4. A New Online Automatic Balance Actuator Based on Ultrasonic Motor
4.1. Principle

The motor-type automatic balancing actuator uses a micromotor and a transmission
system to drive the counterweight plate to run, and finally reaches the target position
to suppress vibration. The first motor-type automatic balancing device was proposed
by Vande, which uses a small motor powered by a carbon brush slip ring to drive the
counterweight block through the worm gear and worm [29,30]. Later, the Korean scholar
Lee et al. used batteries to replace the carbon brush slip ring to power the motor, and
realized the wireless control of the automatic balancing actuator [31]. At present, motor-
type automatic balancing actuators represented by Italian Marposs and American SBS have
been widely used in high-end grinders, but their existing structures cannot be used in
aero-engines [32,33]. In addition, there are still the following three problems in motor-type
automatic balancing actuators: (1) the carbon brush wear problem is faced in the process
of signal transmission; (2) the transmission system of the actuator is the gear reduction
mechanism such as worm gear and worm, and the installation space is large; (3) the
actuator requires very high processing accuracy of internal precision parts such as gears
and racks, resulting in very high costs. Aiming at the existing problems, this paper proposes
a new type of an online automatic balancing actuator based on ultrasonic motor, which is
introduced in the following.

The motor-type online automatic balance actuator presented in this paper used an
ultrasonic motor as a power device. An ultrasonic motor can apply an AC voltage of
ultrasonic frequency to the piezoelectric ceramic to excite the microvibration of the stator
elastomer, making it rub against the rotor fixed with friction material. Finally, the micro-
vibration is converted into the rotation of the motor rotor and output by using the common
vibration frequency of the piezoelectric ceramic plate. Ultrasonic motors can change the
standing wave vibration displacement of the stator plasmas by adjusting the excitation
voltage frequency, thus achieving a stable regulation of the rotor speed of the motor [34].
Currently, it is widely used in medical devices, microelectromechanical systems, and
aerospace fields. The ultrasonic motor has a simple structure, the response speed can reach
the millisecond level, and it is not disturbed by external magnetic fields, so it has a good
stability [35]. Therefore, an ultrasonic motor was introduced into the online automatic
balance actuator so that the automatic balance system had a fast response and strong
anti-interference ability. In terms of mechanical structure, the ultrasonic motor not only
simplifies the complex transmission structure of worm-gear, but also makes the whole
device lighter and smaller overall, making it more suitable for dual-rotor systems with
limited installation space.

According to whether there is relative motion with the rotor to be balanced, the motor-
type online automatic balance actuator is divided into two parts: a rotating ring and a
fixed ring. The start and stop of the ultrasonic motor are controlled by infrared remote
control. The power transmission path of the actuator is shown in Figure 9 (green line with
arrows). After the ultrasonic motor runs, the torque is transmitted to the gear mechanism,
and the counterweight part is driven to rotate through the planetary gear–ring gear, and
the counterweight plates on the left and right planes can be independently controlled. The
counterweight blocks in two different planes rotate in the circumferential direction, and
the resultant vector generated by the two counterweight planes (adjusting the mass of the
counterweight blocks or the angle between the two counterweight blocks) is used to offset
the external unbalance of the system to achieve balance.
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4.2. Structural Design

The automatic balance actuator is divided into two parts: the rotating ring and the
fixed ring. The rotating ring consists of a gear component consisting of the planetary
wheel–inner gear ring and a counterweight component, as shown in Figure 10. The gear
component includes a planetary gear-ring gear. The counterweight component includes a
counterweight block–counterweight disc. When the ultrasonic motor is started by infrared
remote control, the counterweight component is driven to rotate through the meshing drive
of the gear component, which makes the counterweight block reach the target position.
Among them, a double-stop centering connection structure is designed between the rotating
ring and the fixed ring on the end face of the inner gear ring and the counterweight disc,
respectively, to ensure the stability of torque transmission. When the actuator is in operation,
the balanced rotor is also rotating, so the bearing connection between the balanced rotor
and the rotating ring is chosen. At the same time, the bearing also plays a supporting role
in the counterweight components.
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Figure 10. Explosion diagram of automatic balance actuator: 1. control module; 2. counterweight
component; 3. ring gear; 4. planetary gear; 5. ultrasonic motor.

Based on the principle of the double-sided dynamic balance method, the balancing
actuator has two disks on the left and right, corresponding to the space of two calibration
fronts, respectively. The front of the calibration is perpendicular to the rotor axis, where the
center of gravity of the counterweight is located. The eccentric mass can be formed in two
ways: by adding weight and reducing weight. The counterweight block can be installed on
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the side of the counterweight plate, or the counterweight plate can be reduced in weight by
punching a hole on one side of the counterweight plate, as shown in Figure 11. The vectors
u1 and u2 are generated in the left and right discs, respectively, and the resulting vector w
is synthesized to compensate for the unbalanced vector of the rotor being balanced.

Machines 2022, 10, x FOR PEER REVIEW 12 of 19 
 

 

  
(a) (b) 

Figure 11. Schematic diagram of eccentric mass. (a) Adding weight; (b) reducing weight. 

5. Experimental Verification 

5.1. Unbalance Vibration Suppression Test Based on Self-Sensitivity Coefficient 

Based on the structural characteristics of the dual-rotor system at the output of the 

open rotor engine, the dual-rotor test bench shown in Figure 12 was built. The test bench 

was mainly composed of a rotor-bearing system, motor, frequency converter, sensor, data 

acquisition, and computer. The rotor-bearing system was mainly composed of an inner 

rotor, outer rotor, bearings, and counterweight discs. The outer rotor was fixed to the base 

of the test bench through the bearing seat, and the inner rotor was supported on the inner 

wall of the outer rotor by two rolling bearings as intermediate bearings. The inner and 

outer rotors were driven by motors, and the motor speed and direction of rotation could 

be adjusted by the frequency converter. The sensors used for the test included eddy cur-

rent sensors, photoelectric sensors, and acceleration sensors. The speed of the outer rotor 

was measured by the photoelectric sensor, and the speed of the inner rotor was measured 

by the eddy current sensor at the left end. 

 

Figure 12. Dual-rotor test bench: 1. computer; 2. frequency converter; 3. eddy current sensor; 4. mo-

tor of the inner rotor; 5. outer rotor; 6. eddy current sensor; 7. eddy current sensor; 8. counterweight 

discs; 9. front end circuit; 10. counterweight discs; 11. acceleration sensor; 12. NI; 13. photoelectric 

sensor; 14. motor of the outer rotor; 15. inner rotor. 

For the dual-rotor system composed of a high-pressure rotor and low-pressure rotor, 

the differential speed between the inner and outer rotors was relatively large. For the dual-

rotor system at the output end of the open rotor engine and the coaxial output turboshaft 

engine, the rotational speed maintained a slight differential or the speed was the same. 

Therefore, vibration suppression experiments were carried out in this section according 

to the differential speeds of a high-pressure rotor and low-pressure rotor of real engines 

and the microdifferential conditions of the open rotor engine and the coaxial output tur-

boshaft engine. For the differential speed condition, the speed ratio (n is used to represent 

Figure 11. Schematic diagram of eccentric mass. (a) Adding weight; (b) reducing weight.

5. Experimental Verification
5.1. Unbalance Vibration Suppression Test Based on Self-Sensitivity Coefficient

Based on the structural characteristics of the dual-rotor system at the output of the
open rotor engine, the dual-rotor test bench shown in Figure 12 was built. The test bench
was mainly composed of a rotor-bearing system, motor, frequency converter, sensor, data
acquisition, and computer. The rotor-bearing system was mainly composed of an inner
rotor, outer rotor, bearings, and counterweight discs. The outer rotor was fixed to the base
of the test bench through the bearing seat, and the inner rotor was supported on the inner
wall of the outer rotor by two rolling bearings as intermediate bearings. The inner and
outer rotors were driven by motors, and the motor speed and direction of rotation could be
adjusted by the frequency converter. The sensors used for the test included eddy current
sensors, photoelectric sensors, and acceleration sensors. The speed of the outer rotor was
measured by the photoelectric sensor, and the speed of the inner rotor was measured by
the eddy current sensor at the left end.
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Figure 12. Dual-rotor test bench: 1. computer; 2. frequency converter; 3. eddy current sensor; 4. motor
of the inner rotor; 5. outer rotor; 6. eddy current sensor; 7. eddy current sensor; 8. counterweight
discs; 9. front end circuit; 10. counterweight discs; 11. acceleration sensor; 12. NI; 13. photoelectric
sensor; 14. motor of the outer rotor; 15. inner rotor.
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For the dual-rotor system composed of a high-pressure rotor and low-pressure rotor,
the differential speed between the inner and outer rotors was relatively large. For the dual-
rotor system at the output end of the open rotor engine and the coaxial output turboshaft
engine, the rotational speed maintained a slight differential or the speed was the same.
Therefore, vibration suppression experiments were carried out in this section according to
the differential speeds of a high-pressure rotor and low-pressure rotor of real engines and
the microdifferential conditions of the open rotor engine and the coaxial output turboshaft
engine. For the differential speed condition, the speed ratio (n is used to represent the
speed ratio) was selected as −1.5 and −1.2, respectively. To simulate the actual working
condition, the speed ratio of the inner and outer rotors was chosen as −1.04 (that is, the
speed difference was 60 r/min). In this paper, the vibration suppression under two speed
ratios was carried out for different working conditions of the dual-rotor system. The two
speed ratios were represented by n (outer rotor speed/inner rotor speed), where n was
–1.5 and −1.2, respectively (“–” indicates the reverse rotation of the inner and outer rotors).
The rotational speed of the outer rotor remained unchanged at 1500 r/min. Since the inner
and outer rotors were unbalanced, the vibration suppression experiments were carried out
based on the coupling vibration suppression strategy obtained by the simulation. That is,
the inner rotor was balanced first, and then the outer rotor was balanced.

At each speed ratio, the unbalance mass added to the inner and outer rotors is shown
in Table 3.

Table 3. The unbalance mass of inner and outer rotors at each speed ratio.

Rotor
The Unbalance Mass/g

n = −1.5 n = −1.2 n = −1.04

Inner rotor 44.9 45 54.6
Outer rotor 45.2 89.6 54.8

5.1.1. n = −1.5

The initial vibration of the inner and outer rotors at operating speed was measured,
respectively, and the vibration of the inner rotor was measured after adding a test weight
of 44.8 g ∠ 0◦ to the inner rotor. The counterweight of the inner rotor was calculated and
added to the counterweight plate of the inner rotor. Then, a test weight of 44.9 g ∠ 45◦ was
added to the outer rotor, and the vibration of the outer rotor after adding the test weight
was measured. The counterweight to be added to the outer rotor was calculated and
added to the outer rotor counterweight plate. Finally, the residual vibration of the inner
and outer rotor was measured. The theoretical counterweights calculated and the actual
counterweights added to the inner and outer rotors are shown in Table 4, and the initial
and residual vibrations of the inner and outer rotors are shown in Figure 13a.

Table 4. The theoretical counterweights and the actual counterweights.

Rotor Theoretical Counterweight /g◦ Actual Counterweight /g◦

Inner rotor 22.39 ∠ 75.86 4.0 ∠ 0 + 20.4 ∠ 90
Outer rotor 43.72 ∠ 96.97 43.4 ∠ 90 + 5.3 ∠ 180
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The horizontal coordinate 1 represents the initial state, the horizontal coordinate 2 represents the
dynamic balance of the inner rotor, and 3 represents the dynamic balance of the outer rotor.

5.1.2. n = −1.2

The operating speed of the outer rotor was 1500 r/min, and the speed of the inner rotor
was controlled at 1250 r/min. The vibration suppression test was carried out according to
the vibration suppression test procedure with a speed ratio of −1.5. The initial vibration
and residual vibration of the inner and outer rotors are shown in Figure 13b.

5.1.3. n = −1.04

The operating speed of the outer rotor was 1500 r/min, and the speed of the inner rotor
was controlled at 1440 r/min. The vibration suppression test was carried out according to
the vibration suppression test procedure with a speed ratio of −1.5. The initial vibration
and residual vibration of the inner and outer rotors are shown in Figure 14.
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Figure 14. Vibration suppression effect under the condition of slight differential speed. The horizontal
coordinate 1 represents the initial state, the horizontal coordinate 2 represents the dynamic balance of
the inner rotor, and 3 represents the dynamic balance of the outer rotor.

It can be seen from the effect of the coupling vibration suppression in Figures 13 and 14
that balancing the inner rotor first causes the vibration amplitude of the outer rotor to decrease
synchronously. From the perspective of coupling vibration, when the speed ratio is −1.5, the
inner rotor is balanced, and the vibration of the outer rotor is reduced by 26% synchronously.
When the speed ratio is −1.2, the inner rotor is balanced, and the vibration of the outer rotor
is simultaneously reduced by 7%. When the speed ratio is −1.04, the inner rotor is balanced,
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and the vibration of the outer rotor is simultaneously reduced by 3%. Therefore, balancing
the inner rotor first to cause the vibration of the outer rotor to decrease synchronously is also
desired positive feedback. From the final vibration suppression effect, the final reduction of
the inner rotor vibration is 91%, and that of the outer rotor vibration is 81% for a speed ratio
of −1.5. When the speed ratio is −1.2, the vibration of the inner rotor is finally reduced by
85%, and the vibration of the outer rotor is finally reduced by 90%. When the speed ratio is
−1.04, the vibration of the inner rotor is finally reduced by 93%, and the vibration of the
outer rotor is finally reduced by 84%. It can be seen that the coupling vibration suppression
strategy obtained from the simulation is reasonable, and the vibration suppression effect is
remarkable. In conclusion, the experimental results illustrated the following phenomena:
(1) balancing the inner rotor can synchronously reduce the vibration of the outer rotor;
(2) the step-by-step vibration suppression strategy of balancing the inner rotor first and
then balancing the outer rotor can achieve the final vibration suppression effect. According
to the above two phenomena, a dual-actuator step-by-step automatic balancing strategy
can be formed to suppress the unbalanced vibration of the dual-rotor system, as shown
in Figure 15. That is, when there is an unbalanced fault in the rotor system, the automatic
balancing actuator will run in sequence according to the specific situation, thereby the
unbalanced fault is eliminated.
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5.2. Feasibility Test Verification of the Balancing Actuator

We completed the assembly and static test of the balancing actuator by machining,
assembling, and testing the relevant parts. The balancing actuator was a circular structure
that could be installed through the shaft, with an overall diameter of 160 mm and an
axial length of no more than 110 mm, and the designed balancing capacity could reach
3400 gmm.

In order to verify the feasibility and effectiveness of the online automatic balance
actuator, the spindle of a test bench was used as the rotor to be balanced, and the balancing
actuator was installed to one end of the spindle through the connecting flange with a
dummy shaft, as shown in Figure 16. The acceleration sensor was fixed to the bearing seat
of the test bench by the magnetic suction base, and the vibration signal was collected in
real time by the acceleration sensor. The vibration signal was subjected to a fast Fourier
transformation through LabVIEW, and the displacement amplitude of the spindle was
obtained by quadratic integration.
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Figure 16. Overall structure drawing of the test device.

Due to the limitation of the vibration condition of the spindle rotor itself, the speed of
this test did not exceed 1200 r/min. In the experiments, the frequency converter was adjusted
to change the speed of the rotor being balanced. At the speeds of 400 r/min, 800 r/min,
900 r/min, 1000 r/min, and 1100 r/min, the ultrasonic motor was controlled by the infrared
remote controller to start and drive the counterweight to rotate. The amplitude curve of
spindle vibration of the fundamental frequency was obtained, as shown in Figure 17.

It can be seen from the amplitude curve of the spindle vibration at 1X frequency under
five different rotation speeds in Figure 17 that the amplitude of the rotor vibration changes
in a sinusoidal pattern under the actuator working without a break. It indicates that the
actuator can achieve automatic balance. In addition, the vibration of the balanced rotor
can be reduced by more than 34% in 5 s under different test speeds by using the balancing
actuator, which is more substantial evidence that the actuator has a fast response speed.
The fast response speed is also the most significant advantage of the actuator proposed
in this paper. Therefore, the feasibility test results show that the actuator is capable of
automatic balance.
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6. Conclusions

In this paper, the typical cantilever coaxial dual-rotor system at the output end of an
open engine and a coaxial output turboshaft engine was analyzed, and a coaxial counter-
rotating dual-rotor test bench with a similar structure was designed. The dynamic charac-
teristic analysis and unbalance vibration suppression experiment of the designed dual-rotor
structure were carried out. Then, an automatic balance actuator applicable to the dual-rotor
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structure was designed, and feasibility experiments were completed. The main conclusions
drawn in this paper are as follows:

1. The unbalance response analysis of the dual-rotor system under the condition of
a –1.5 speed ratio was carried out by DyRoBeS software. The results showed that the
law of vibration transmission on the rotor system applied: for rigid rotors, the closer
to the vibration source, the more sensitive the vibration, that is, the more suitable for
the layout of vibration measurement points;

2. Based on the unbalance response analysis, the concept of self-sensitivity coefficient
was established to describe the sensitivity of the measurement point to the vibration
caused by the structure where the measurement point is located. The experimental
results of unbalanced vibration suppression under three operating conditions of −1.5,
−1.2, and −1.04 speed ratios showed that the self-sensitivity coefficient could be used
as a theoretical basis for the actual vibration measurement point arrangement and
unbalanced vibration suppression strategy of the dual-rotor system.

3. An automatic balance actuator suitable for a dual-rotor structure at the output end of
open rotor engines and coaxial output turboshaft engines was designed and analyzed
on a rotor test bench for feasibility. The results showed that the vibration of the
balanced rotor could be reduced by more than 34% in 5 s under different test speeds by
using the balancing actuator. It was further demonstrated that the actuator had a fast
response, satisfying self-locking requirements, and a stable operation. Ultimately, the
actuator could quickly suppress the vibration within the range of balance capability.

In subsequent research, the influence of large propeller blades in the real structure
and actual differential speed conditions on the dynamic characteristics and vibration
suppression of the dual-rotor system will be further considered. Then, the structure of the
balancing actuator will continue to be improved. Finally, the multiactuator online control
strategy applicable to the dual-rotor system will be studied to provide technical support
for the engineering application of this technology.
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