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Abstract: Oil film characteristics are critical to the high-reliability operation of high-pressure aviation
piston pumps (APPs). However, there is still a lack of research on oil film modeling and characteristic
analysis of high-pressure APPs. This paper takes the oil film at the cylinder block/valve plate interface
of a 35 MPa high-pressure APP as the research object. By introducing a full oil film computational
fluid dynamics (CFD) model considering non-isothermal and cavitation effects under multi-field
coupling conditions, a cylinder block/valve plate interface oil film model is established, which
includes a viscous wedge geometric model, multi-body dynamics model, and full oil film CFD
model. The mesh independence test and force balance error analysis ensure the accuracy of the
model calculation. Based on the established model, the oil film’s lubricating, sealing, load-bearing,
and overturning characteristics are comprehensively and systematically analyzed, and the evolution
law of different oil film characteristics with pressure changes is revealed. Moreover, suggestions for
improving the structure and operating conditions of a 35 MPa high-pressure APP are proposed to
optimize the oil film characteristics of the cylinder block/valve plate interface.

Keywords: oil film; aviation piston pump; high pressure; cylinder block/valve plate interface;
modeling

1. Introduction

The aviation piston pump (APP) is the core power component that converts mechanical
energy into hydraulic energy and is usually called the “heart” of an aircraft hydraulic
system [1]. The swash plate piston pump has become the most widely used APP due to its
compact structure, small rotational inertia, large flow rate, and easy control of variables [2].
Unlike piston pumps used in other industrial scenarios, APPs embody the highest level
of piston pump technology. APPs not only operate in harsh environments [3] (such as at
high pressures (21∼35 MPa), in wide temperature ranges (−55∼135 ◦C), at high speeds
(≥3000 rpm), and at high vibrations (≥30 g), etc. but also have high requirements for
power density (≥6 kW/kg) and reliability (such as high mean time between failure (MTBF)
(≥25,000 h) and long service life (≥35,000 h)). A focus on high power density and high
reliability is one of the main trends in the development of APPs [4]. Studies have shown
that increasing the operating pressure is the most effective way to increase the power
density of APPs [5]. However, an increase in the operating pressure will destroy the oil
film formation conditions in the lubricating interfaces and disturb the lubrication and
state of the APP. Furthermore, it will lead to increased leakage or frictional wear, thereby
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reducing reliability and the life of the APP. The primary functions of the oil film are to
provide lubrication, sealing, heat dissipation, and load bearing, which are some of the
critical factors that determine the reliability of APPs. Excessive oil film thickness will lead
to increased leakage and significantly reduced volumetric efficiency, thereby reducing the
energy efficiency of APPs [6]. A small oil film thickness will increase Coulomb frictional
and viscous frictional heating between components’ contact surfaces, thereby reducing
torque efficiency. The above effects will further lead to the failure of the APP, such as
vibration, noise, pulsation, a temperature increase, burned disk flaking, or sticky copper
bite. Therefore, the ideal oil film formation conditions and appropriate oil film thickness
distribution are key to the high reliability of high-pressure APPs.

The modeling and performance analysis of oil films are crucial for the highly reli-
able design, fabrication, and predictive maintenance of high-pressure APPs. Although
researchers have conducted much research on oil film modeling and performance analy-
sis [7–9], most of the research objects were not APP and the operating pressure of most
piston pumps is lower than 35 MPa. The modeling of the oil film in a piston pump can be
traced back to the parallel plate gap model, which can only analyze the simple leakage char-
acteristics of an oil film with a fixed thickness, and the pressure is simplified to a logarithmic
distribution [10–12]. After that, Yamaguchi et al. [13,14] and Bergada et al. [15] established
the wedge-shaped oil film rigid model based on the 2D Reynolds equation and cylinder
dynamics to analyze the micro-motion characteristics of the piston pump cylinder attitude.
Since the 21st century, many researchers have considered power loss in oil film modeling,
and the non-isothermal oil film model was established to analyze the multi-parameter cou-
pling characteristics of oil film temperature–pressure–viscosity–density [16–18]. For the first
time, Ivantysynova et al. [19,20] and Huang et al. [21] proposed a surface flexibility analysis
method for lubricating interfaces that can consider pressure deformation, which indicates
that the oil film analysis method has entered the elastohydrodynamic model stage. Based on
this model, researchers analyzed the effect of component surface micro-topography on the
lubricating performance of oil films [22–24]. According to Li et al. [25], Ivantysyn et al. [26],
and Chacon et al. [27], oil film modeling has entered the stage of non-isothermal elastohy-
drodynamic models that can consider the surface temperature and pressure deformation,
making it possible to analyze oil film characteristics with non-uniform thicknesses. How-
ever, there are few studies on oil film modeling and characteristic analysis of high-pressure
APPs. To the best of the authors’ knowledge, there is no oil film model and systematic oil
film characteristic analysis specifically for 35 MPa high-pressure APPs.

In an APP, the working area of the oil film at the cylinder block/valve plate interface
is large and the force is complex. Unlike the oil film at the piston/cylinder block interface
and slipper/swash plate interface, the oil film at the cylinder block/valve plate interface
needs to balance forces and moments at the same time and is very sensitive to operating
conditions such as pressure. The state of the oil film at the cylinder block/valve plate
interface is one of the main factors that determine the reliability and service life of an APP.
Therefore, this paper focuses on the modeling and characteristic analysis of the oil film at
the cylinder block/valve plate interface. In this paper, an accurate cylinder block/valve
plate interface oil film model is established for a 35 MPa high-pressure APP, the oil film
characteristics are systematically analyzed, and the effects of pressure changes on different
oil film characteristics are revealed. The main contributions are as follows: (1) A cylinder
block/valve plate interface oil film model of a 35 MPa high-pressure APP is established
by introducing a full oil film computational fluid dynamics (CFD) model considering the
non-isothermal and cavitation effects under multi-field coupling conditions; the established
model includes a viscous wedge geometric model, multi-body dynamics model, and full
oil film CFD model; (2) Based on the established oil film model, the lubricating, sealing,
load-bearing, and overturning characteristics of the oil film at the cylinder block/valve
plate interface are comprehensively and systematically analyzed and the evolution law
of different oil film characteristics with pressure changes is revealed; and (3) Suggestions
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for improving the structure and operating conditions of a 35 MPa high-pressure APP are
proposed to optimize the oil film characteristics of a cylinder block/valve plate interface.

The remainder of this paper is organized as follows. Section 2 presents the operating
principles of APPs and the formulation of the oil film modeling problem. In Section 3,
detailed modeling of the cylinder block/valve plate interface oil film model is provided.
Based on the established oil film model, the different characteristics of the oil film are
comprehensively and systematically analyzed in Section 4. The conclusions are provided
in Section 5.

2. Problem Formulation

An APP comprises rotating components, variable displacement components, oil-
suction/discharge components, etc. It usually adopts the control mode of variable dis-
placement with constant pressure to match the load demand, and its structure is shown
in Figure 1. When the APP runs, the drive shaft transmits mechanical power (moment
and speed) to the rotating components such as the cylinder block, piston, and slipper. As
the piston rotates around the drive shaft, it also reciprocates axially so the volume of each
piston chamber varies sinusoidally with the rotational angle of the drive shaft. When
the piston chamber volume increases, negative pressure will be formed and the oil will
enter the chamber through the oil-suction channel and oil-suction kidney groove. When
the piston chamber volume decreases, the oil pressure increases and the oil is discharged
from the pump through the oil-discharge channel and kidney groove. In this reciprocating
operation, the APP can continuously convert the mechanical energy that drives the rotation
of the drive shaft into hydraulic energy.

Cylinder block / 

valve plate 

interface

Piston / cylinder 

block interface

Piston ball / 

slipper socket 

interface

Slipper / swash 

plate interface

Oil suction and discharge assembly, Rotating assembly, Variable Displacement assembly       

Valve plate
Cylinder 

block 
Piston Slipper

Drive 

shaft
Swash plateCylinder 

block spring

Figure 1. Structure of the APP.

When the APP operates under full lubrication conditions, due to the combined action
of the hydrodynamic effects produced by the relative motion of the components and the
hydrostatic effects produced by the external pressure, a viscous oil film with a thickness of
several microns to tens of microns is formed in the wedge-shaped gap of the lubricating
interfaces. An oil film of an ideal thickness can withstand external loads and separate
friction surfaces. When friction occurs within the oil film, the coefficient of friction is
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minimal, as well as the resulting wear. The oil film formation conditions are affected by the
operating conditions (such as pressure, temperature, and rotational speed) and structural
parameters of the APP.

Currently, the rated operating pressure of APPs is usually 21 MPa or 28 MPa [28].
When the pressure increases to 35 MPa, on the one hand, the thickness of the oil film
decreases, the friction loss increases, and the lubricating and heat dissipation states of the
oil film are destroyed. On the other hand, leakage and cylinder block overturning due to the
pressure difference between the oil-suction and -discharge channel also increases, destroy-
ing the sealing and load-bearing state of the oil film. This paper focuses on the modeling
and characteristic analysis of the oil film at the cylinder block/valve plate interface.

3. Oil Film Modeling
3.1. Model Overview

A valve plate is usually used in an end-mating APP. In addition to assisting the oil
suction and oil discharge, the valve plate can also provide axial thrust for the rotating
components such as the cylinder block, which is equivalent to an end thrust bearing [29].
The oil film exists at the cylinder block/valve plate interface and is mainly distributed in the
inner sealing belt, outer sealing belt, and auxiliary support belt. As shown in Figure 2, the
oil film is divided into discrete annular regions by the piston kidney groove of the cylinder
block, the oil-suction and -discharge kidney groove, and the relief groove of the valve plate.
The oil film pressure needs to be constantly changed to match the external load changes
caused by the inertial forces of the rotating components. Unlike the piston/cylinder block
interface and slipper/swash plate interface, the contact area of a cylinder block/valve
plate interface changes periodically due to the cylinder rotation, and its oil film shape and
pressure boundary also change periodically.

The cylinder block/valve plate interface oil film model established in this paper in-
cludes a viscous wedge geometric model, multi-body dynamics model, and non-isothermal
full oil film CFD model, as shown in Figure 2. The established oil film model is equidistantly
discretized in the radial and circumferential directions of the cylinder block/valve plate
interface. The time required to rotate through a mesh at a fixed speed is taken as a time step.
In the model calculation, the structural size parameters of the cylinder block/valve plate
interface and the current operating parameters (such as rotational speed, pressure, tempera-
ture, displacement, etc.) are initialized first, as well as the oil film thicknesses and thickness
change rates of the feature points P1(Rcv4, 0◦, h1), P2(Rcv4, 120◦, h2), and P3(Rcv4, 240◦, h3).
First, input the above initialization parameters into the geometric model. Then, based on
the operating parameters and the multi-body dynamics model, the non-oil film loads on the
cylinder block are calculated and substituted into the geometric model as the nonlinear dy-
namic boundary of the oil film. Based on the operating parameters, initialization conditions,
and non-isothermal full oil film CFD model, the pressure and temperature in the oil-suction
and -discharge kidney grooves and piston chamber are calculated and substituted into
the geometric model as the boundary for solving the dimensionless Reynolds equation.
Next, the oil film pressure is obtained by iteratively solving the dimensionless Reynolds
equation through a hybrid algorithm combining the cyclic tridiagonal matrix algorithm
(CTDMA) [30] and the tridiagonal matrix algorithm (TDMA) [31]. The Newton–Raphson
method is utilized to iteratively solve the multi-body dynamics equations to obtain the
change rate of the oil film thickness at the current moment and the oil film thickness at the
next moment. Finally, record the obtained parameters (such as oil film pressure, thickness,
force, moment, convergence residual, pitch angle, azimuth angle, etc.) and start the model
calculation at the next moment.

It is worth mentioning that at the initial moment of the oil film model calculation, the
oscillation of boundary conditions caused by the periodic motion of the rotating compo-
nents will cause large fluctuations in the oil film thickness. After several iterations, the
oil film characteristic parameters gradually match the dynamic load of the cylinder block.
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The actual model calculation results show that the oil film thickness can be stabilized after
about 7∼8 cycles (equivalent to 14∼16 revolutions of the cylinder block).

zA

rA

θA

Cylinder 

block

P1

P3 P2

h3

ω

Valve plate

OA

Auxiliary belt Drain

Suction

Discharge 

ω

Internal sealingExternal sealing

P2

P3

P1

Rcv4Rcv2

Rcv4

Rcv3

Rcv1

Figure 2. Geometry of the oil film.

3.2. Viscous Wedge Geometric Model

Before modeling, the following assumptions should be stated: (1) The valve plate
and the cylinder block are both rigid; (2) The oil film is an incompressible Newtonian
fluid; (3) There is no turbulence and flow field curl in the oil film area and the cylinder
block has no radial and axial movement; (4) The gravity of the oil film can be ignored; and
(5) The centrifugal force and convective effect of the temperature difference, which are
much smaller than the viscosity of the oil film, are not considered.

In order to facilitate the generation of finite element meshes in the oil film region,
this paper adopts the analytical geometry method to model the oil film. Figure 3 shows
the geometry of the oil film at the cylinder block/valve plate interface. Rcv1 and Rcv2 are
the inner and outer radii of the inner sealing belt. Rcv3 and Rcv4 are the inner and outer
radii of the outer sealing belt. Rcv5 and Rcv6 are the inner and outer radii of the auxiliary
support belt.

The accuracy of the mesh will affect the calculation accuracy of the oil film’s load-
bearing force. In finite element analysis, unstructured meshes that can discretize the
target region more accurately are generally used to deal with discontinuous time-varying
boundaries [32]. However, using unstructured meshes leads to remeshing of the oil film
when the drive shaft rotates at any aperiodic angle, which greatly reduces the dynamic
computational efficiency of the model [33]. Considering the calculation accuracy and
efficiency comprehensively, this paper adopts an orthogonal structural mesh to divide the
fluid region of the oil film in the cylindrical coordinate system.

As shown in Figure 3, the origin OA of the cylindrical coordinate system OArAθAzA is
set as the center of the valve plate surface, and the zA axis is the driving axis of the cylinder
block. The cylinder block rotates clockwise around the zA axis at an angular velocity ω and
is subjected to moments from other components in the directions of θA and rA, forming a
wedge-shaped oil film (Figure 4) and turning the cylinder block over (Figure 5). In order to
determine the geometry of the wedge-shaped oil film, at least three non-collinear feature
points need to be selected. As shown in Figure 4, this paper selects three feature points
P1(Rcv4, 0◦, h1), P2(Rcv4, 120◦, h2), and P3(Rcv4, 240◦, h3), which are independent of each
other and spaced at 120◦ along the θA direction. The nθ and nr meshes are uniformly set
along the θA and rA directions, respectively, as the boundaries of the geometric model.
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Figure 3. The calculation flow of the oil film model.
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The thickness of the oil film at the cylinder block/valve plate interface is calculated as

h =
2h1 − h2 − h3

3Rcv4
rcosθ +

√
3(h2 − h3)

3Rcv4
rsinθ +

h1 + h2 + h3

3
(1)

where h is the thickness of the oil film mesh, r is the radius of the oil film mesh, and θ is the
circumferential azimuth of the oil film mesh. h1, h2, and h3 are the oil film thicknesses at P1,
P2, and P3, respectively.

The change rates of the oil film thickness with time t and with the mesh circumferential
azimuth θ are calculated as follows:

∂h
∂t

=
rcosθ

3Rcv4

(
2

∂h1

∂t
− ∂h2

∂t
− ∂h3

∂t

)
+

√
3rsinθ

3Rcv4

(
∂h2

∂t
− ∂h3

∂t

)
+

1
3

(
∂h1

∂t
+

∂h2

∂t
+

∂h3

∂t

)
(2)

∂h
∂θ

=

√
3(h2 − h3)

3Rcv4
rcosθ − 2h1 − h2 − h3

3Rcv4
rsinθ (3)
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The radial and circumferential linear velocities of each mesh are calculated as

vr =
1

2µ

∂p
∂r

z2 − h
2µ

∂p
∂r

z (4)

vθ =
1

2µr
∂p
∂θ

z2 −
(

h
2µr

∂p
∂θ
− ωr

h

)
z (5)

where vr is the radial linear velocity, vθ is the circumferential linear velocity, µ is the
dynamic viscosity of the oil, p is the pressure of the oil film mesh, z is the coordinate of the
oil film in the direction of the zA axis, and ω is the angular velocity.

As shown in Figure 5, the overturning attitude of the cylinder block can be calculated
by the oil film thickness at the center of the valve plate, the pitch angle, and the azimuth
angle, as follows:

h = ho + rtanαcvcos(θ − ϕcv) (6)

where ho is the oil film thickness at the center of the valve plate (i.e., the average oil film
thickness), αcv is the pitch angle, and ϕcv is the azimuth angle.

Although either Equation (1) or (6) can be utilized to calculate the oil film thickness,
Equation (1) does not need to calculate the derivative of the trigonometric function. In
order to reduce the cumulative round-off error in the model calculation, Equation (1) is
adopted in this paper.

The dimensionless Reynolds equation characterizing the lubricating characteristics of
the cylinder block/valve plate interface can be simplified as

1
r̄

∂

∂r̄

(
r̄h̄3 ∂ p̄

∂r̄

)
+

(
1

2π

)2 1
r̄2

∂

∂θ̄

(
h̄3 ∂ p̄

∂θ̄

)
= 2

∂h̄
∂t̄
− 1

2π

∂h̄
∂θ̄

(7)

r̄ =
r

Rcv4
, θ̄ =

θ

2π
, h̄ =

2h
hmax + hmin

, p̄ =
p(hmax + hmin)

2

24µωR2
cv4

, t̄ = ωt (8)

where r̄, θ̄, h̄, p̄, and t̄ are the normalized parameters of r, θ, h, p, and t, and hmax and hmin
are the maximum and minimum oil film thicknesses, respectively.
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The convergence criteria for solving Equation (7) are as follows:

∑
i,j
Ω pk+1

i,j −∑
i,j
Ω pk

i,j

∑
i,j
Ω pk

i,j

≤ ERRp (9)

where k is the number of iterations, Ω is the number of meshes in the oil film region, pi,j is
the pressure of the (i, j)th mesh, and ERRp is the allowable error of the oil film pressure
solution (set to 1× 10−4 in this paper).

The parameter settings are shown in Table 1.

Table 1. Parameter settings.

Parameters Symbols Values

Discharge pressure (MPa) pH 28/35
Drain pressure (MPa) pc 0.7

Suction pressure (MPa) pL 0.35
Maximum angle of swash

plate (◦) β 15

Rotational speed (rpm) n 4200
Dynamic viscosity of the oil

(Pa·s) µ 0.0116

Fluid density (kg/m3) ρ 840
Piston number (-) Np 11

3.3. Multi-Body Dynamics Model

Before modeling, the following assumptions should be stated: (1) The valve plate, cylin-
der block, piston-slipper assembly, swash plate, and drive shaft are all rigid;
(2) The friction between the piston and the cylinder block can be ignored; and (3) There is
no metal-to-metal contact between the valve plate and the cylinder block.

The load-bearing force and anti-overturning moment of the oil film are obtained based
on the equilibrium conditions of the cylinder block force and moment. The main sources of
the non-oil film loads on the cylinder block are the oil in the piston chamber, cylinder block
spring, drive shaft, and piston. The forces on the cylinder block are shown in Figure 6 and
its three-dimensional Cartesian coordinate system is OAxAyAzA. The drive shaft drives the
rotating components to rotate around the zA axis through splines. Due to the alternating
action of the hold-down plate retainer, shoe hold-down plate, and shoe bearing plate, the
piston-slipper assembly performs a linear reciprocating motion along the direction of the
piston bore of the cylinder while rotating. The outer dead center (ODC) [34] is the position
where the piston is farthest from the valve plate. When the piston is at the ODC, the
volume of the piston chamber is the largest. The inner dead center (IDC) [34] is the position
where the piston is closest to the valve plate. When the piston is at the IDC, the volume
of the piston chamber is the smallest. The ODC (also known as the bottom dead center
(BDC)) is set as the initial position of the cylinder block rotation. As the cylinder block
rotates toward the IDC (also known as the top dead center (TDC)), the piston squeezes
the closed chamber of the piston bore, increasing the oil pressure in the chamber and
discharging the oil outward. As shown in Figure 6, the center point of the piston ball hinge is
Ppiston(xi, yi, zi), the effective action area of a single piston is Ap, the transient pressure
of the piston chamber is pr(θi), the preload force of the cylinder block spring is Fsp, the
overturning force on the cylinder block is Fv, and its action point is Pv(lx, ly, 0). The inner
and outer forces of the piston on the copper bushing of the piston bore are Fii and Foi.
The force and moment of the drive shaft acting on the cylinder block are Fsh and Msh,
respectively. Among them, the direction of pr(θi) is the negative direction of the zA axis;
lz, lin, lout, and lsh are fixed constants; and the directions of the other parameters are the
positive direction of the coordinate system.
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Figure 6. Forces on the cylinder block.

The force on the piston-slipper assembly is shown in Figure 7 and its three-dimensional
Cartesian coordinate system is the same as that of the cylinder block (Figure 6). The reaction
force of the swash plate on the slipper is FN , the reaction force of the cylinder block on the
piston is Fcp, and the friction force of the reciprocating motion of the piston is Ff . The axial,
circumferential, and radial resultant forces on the piston-slipper assembly are Fpa, Fτ , and
Fn, respectively. The resultant force of the circumferential and radial resultant forces on the
piston-slipper assembly is Fnτ . The directions of FN and Fn are shown in Figure 7 and the
directions of the other parameters are the positive direction of the coordinate system.
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Figure 7. Forces on the piston-slipper assembly.

The center point displacement of the piston ball hinge is

xi = rpistonsinθi (10)

yi = rpistoncosθi (11)

zi = lz + rpistoncosθitanβ (12)

where rpiston is the piston pitch radius, θi is the phase angle of the ith piston, lz is the
position of the swash plate, and β is the maximum angle of the swash plate.

According to Figure 7, the reaction force of the swash plate on the slipper is calcu-
lated as

FN =
Ap pr − (mp + ms)z̈i

cosβ
(13)
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where Ap is the effective action area of a single piston, pr is the transient oil pressure in the
piston chamber, ms is the mass of the slipper, and mp is the mass of the piston.

Next, in the directions of the xA axis and yA axis, the reaction forces of the cylinder
block on the piston are Fx

cp and Fy
cp, respectively. They are calculated as

Fx
cp = −(mp + ms)ω

2xi (14)

Fy
cp =

2(mp + ms)z̈i

sin(2β)
− Ap prtanβ (15)

According to the equilibrium conditions of the cylinder block force and moment, the
inner and outer forces of the piston on the copper bushing of the piston bore are calculated
as follows: [

Fx
ii Fy

ii
Fx

oi Fy
oi

]
=

1
lin

[
−(zi − lz + lout)

(zi − lz + lout) + lin

]
[−Fx

cp − Fy
cp] (16)

where lin and lout are the effective lengths of the piston inside and outside the piston
bore, trespectively.

The overturning force Fv and moment (Mcx and Mcy) on the cylinder block can be
calculated by combining the transient pressure of each piston chamber, the force and
moment of the drive shaft acting on the cylinder block, the preload force of the cylinder
block spring, and the overturning force of the piston-slipper assembly

Fv =
Np

∑
i=1

Ap pr − Fsp (17)

Mcx =
Np

∑
i=1

[Ap prrpistoncosθi + Ap prtanβ(lsh + rpistoncosθitanβ)+

2(mp + ms)

sin(2β)
ω2rpistoncosθitanβ(lz + rpistoncosθitanβ)]

(18)

Mcy = −
Np

∑
i=1

{[
ω2(mp + ms)(lz + rpistoncosθitanβ) + Ap pr

]
rpistonsinθi

}
(19)

where lsh is the position of the spline.
According to Equations (17)–(19), the coordinates of the equivalent action point of the

overturning force on the cylinder block can be obtained:

(lx, ly, 0) =
(
−Mcx

Fv
,

Mcy

Fv
, 0
)

(20)

where lx and ly are the distances from the equivalent action point of the overturning force
to the yA axis and xA axis, respectively.

3.4. Non-Isothermal Full Oil Film Fluid Model

Before modeling, the following assumptions should be stated: (1) The oil film thickness
does not change during the simulation process; (2) The oil is a Newtonian fluid; and (3) The
angle of the swash plate and the rotational speed of the drive shaft remain constant.

As shown in Figure 8, the rotation and reciprocating motion of the piston cause
periodic changes in the volume of the piston chamber V(θi), as does the transient pressure
pr(θi) in each piston chamber. The oil pressure of multiple piston chambers connected
with the oil-suction and -discharge kidney grooves jointly determines the oil-suction and
-discharge pressure of the piston pump, as well as the pulsation. The pressure boundary of
the oil film at the cylinder block/valve plate interface is mainly composed of the oil-suction
and -discharge kidney groove pressure, piston chamber transient pressure, and case drain
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pressure. The pressure boundary cannot be calculated using the multi-body dynamic
model alone. In order to simplify the model calculation, existing studies usually simplify
the pr(θi) curve to different levels. Chen et al. [24] directly replaced the pr(θi) curve
containing high-frequency noise with a smooth curve. Huang et al. [35] replaced the pr(θi)
curve with the simplified pressure pulsation curve output from the lumped parameter
model of the piston pump. Although the above research simplifies the calculation of the
pressure boundary to some extent, it reduces accuracy. Since the CFD model can accurately
simulate the heat transfer, swash plate vibration, oil suction [36], discharge damping
characteristics [37], and cavitation in piston pumps [38–40], the pressure boundary can be
calculated more accurately.

yA

xA

n

zA 

yA Case drain pc

Discharge pH

Suction pL

θ2

θ1

θ3

θ4

θ5θ7

θ8

θ9

θ10

θ11

θ6

BDC

TDC

Discharge Transition Suction

Figure 8. Pressure boundary of the oil film.

By establishing the non-isothermal full oil film CFD model of the APP, the pr(θi) curve
calculated using the CFD model is used as the pressure boundary of the dimensionless
Reynolds equation for the first time. Specifically, the fluid domain model of the APP
is first established, including the piston chamber, valve plate kidney groove, damping
groove, slipper oil chamber, oil-suction and -discharge channels, and different lubricating
interfaces, as shown in Figure 9a. Then, the fluid domain is meshed. The structured dynamic
meshes are set up for active regions such as the piston chamber, slipper oil chamber,
and lubricating interfaces. The binary tree method is used to quickly set up Cartesian
meshes for stationary regions such as the oil-suction and -discharge channels, valve plate
kidney grooves, and damping grooves. The fully implicit mismatched grid interface (MGI)
technology automatically forms connections between the dynamic and static meshes. As
shown in Figure 9b, the mesh size of the oil-suction and -discharge channels, valve plate
kidney grooves, damping grooves, slipper chambers, and other regions is a maximum of
0.02 mm and a minimum of 0.001 mm. The surface mesh side length is 0.01 mm. Next,
a standard k-epsilon turbulence model, fully cavitated cavitation model, and thermal
radiation model are added. Parameters such as the fluid density, vaporization pressure,
vapor density, dynamic viscosity, mass air content, oil-suction and -discharge pressure, and
drain pressure are set and are shown in Table 1. The calculated pressure distribution of
the fluid domain is shown in Figure 9c. Figure 9d shows the overall mesh diagram of the
CFD model. Figure 9e,f shows the mesh diagrams of the suction and discharge channels,
respectively. These two regions have complex structures with irregular and dense meshes.
Figure 9g shows the mesh diagram of the piston chamber. The structure of this region is
regular and the grid is also regular and low density. Figure 9h shows the mesh diagram of
the ball clearance and slipper chamber. These two regions are small in size, with irregular
and dense meshes.
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Figure 9. Full oil film CFD model of the APP. (a) Fluid domain. (b) Mesh division. (c) Pressure clouds.
(d) Overall mesh diagram. (e) Suction channel. (f) Discharge channel. (g) Piston chamber. (h) Ball
clearance and slipper chamber.

The pressure boundary results calculated using the CFD model and the lumped
parameter model are shown in Figure 10. The pressure in the oil-suction and -discharge
channels, piston chamber transient pressure, and case drain pressure are indicated by
different curves in Figure 10a. The variation in the transient pressure pr with the phase
angle of the ith piston θi is represented by a polar plot, as shown in Figure 10b. Under the
combined action of the swash plate cross angle (i.e., secondary swash plate angle) and the
kidney groove angle of the valve plate, there is a certain angle between the line of the ODC
and IDC (i.e., red dashed line) and the center line of the valve plate (i.e., solid black line),
which is called the indexing angle (i.e., indexing) and plays a role in the pre-compression
and pre-decompression pressure. Before the piston kidney groove is connected to the
discharge kidney groove, the transient pressure of the piston chamber is raised to 35 MPa,
reducing the backfilling at the pump discharge port. Before the piston kidney groove is
connected to the oil-suction kidney groove, the transient pressure of the piston chamber is
reduced to 0.35 MPa, thereby reducing cavitation at the oil-suction channel.

Figure 10c,d shows the calculated pr(θi) curves from the lumped parameter model
and the CFD model, respectively. There are many similarities between the two curves.
The pressure of the oil-suction kidney groove is about 0.35 MPa and the pressure of the
oil-discharge kidney groove is about 35 MPa. The piston chamber’s transient pressure
varies with the piston’s phase angle. When the piston is within the oil-suction kidney
groove, its pressure curve coincides with the pressure curve of the oil-suction kidney
groove. When the piston is within the oil-discharge kidney groove, its pressure curve
coincides with the pressure curve of the oil-discharge kidney groove. When the piston is
in the transition region, the transient pressure of the piston chamber shows a nonlinear
upward or downward trend and the slope is large. However, the pressure pulsations of
the two curves are different. For the pr(θi) curve calculated using the lumped parameter
model, when the oil-discharge kidney groove and the piston chamber are within the oil-
discharge kidney groove, the pressure pulsation amplitude is about 1% and the pressure
overshoot of the piston chamber caused by backfilling is about 0.5%. In contrast, for the
pr(θi) curve calculated using the CFD model, the pressure pulsation amplitude is about
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12% and the pressure overshoot of the piston chamber caused by backfilling is about 20%.
It can be seen that the CFD model is more accurate than the lumped parameter model in
the calculation of dynamic characteristics such as pressure pulsation and overshoot. Using
the calculation results of the CFD model as the pressure boundary of the oil film at the
cylinder block/valve plate interface, the calculation of the characteristics of the oil film will
be more accurate.
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Figure 10. Comparison of pr(θi) curves. (a) Pressure boundary. (b) Indexing angle. (c) pr(θi) curves
from the lumped parameter model. (d) pr(θi) curves from the CFD model.

Combining the pressure boundary obtained in Figure 10 and the dynamic boundary
(Equations (17)–(19)) calculated using the multi-body dynamics model, the overturning force
and moment of the cylinder block are calculated and shown in Figure 11a. Figure 11b–d
shows the polar plots of the overturning force Fv and the moments (Mcx and Mcy) on the
cylinder block as a function of the rotational angle of the drive shaft, respectively. The
overturning force Fv varies in the range of 34.5∼39 kN and the overturning moments Mcx
and Mcy vary between −170∼−50 N·m and −820∼−790 N·m, respectively. Since the
pistons are spaced evenly around the centerline of the cylinder block, the petal-shaped
overturning force and moment curves have a variation period of 2π/Np. The overturning
moment of the cylinder block is mainly due to the pressure difference between the oil-
suction and -discharge kidney grooves, inertial force, and centrifugal force of the piston-
slipper assembly. When the APP operates under high-pressure and low-speed conditions,
the influence of the pressure difference between the oil-suction and -discharge kidney
grooves is dominant and the absolute value of Mcy is much larger than that of Mcx. When
the APP operates under low-pressure and high-speed conditions, the influence of the
inertial force and centrifugal force of the piston-slipper assembly is dominant and the
absolute value of Mcy is slightly larger than or even smaller than that of Mcx.
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Figure 11. Overturning force and moments on the cylinder block. (a) Overturning force and moments.
(b) Overturning force curve. (c) The moment curve in the xA axis direction. (d) The moment curve in
the yA axis direction.

The cylinder overturning forces and moments in Figure 11 are theoretical values calcu-
lated from the pressure and dynamic boundaries of the oil film at the cylinder block/valve
plate interface. The pressure of the mesh of the oil film pi,j obtained by solving the dimen-
sionless Reynolds equation is discrete. The discrete pressures are integrated according to
Equations (21)–(23), and the anti-overturning force Fz and moments M f x and M f y of the
oil film can be further obtained based on the vicious wedge geometric model.

Fz =
nr

∑
1

nθ

∑
1

pi,jri,j∆r∆θ (21)

M f x =
nr

∑
1

nθ

∑
1

pi,jr2
i,jcosθi,j∆r∆θ (22)

M f y =
nr

∑
1

nθ

∑
1

pi,jr2
i,jsinθi,j∆r∆θ (23)

(Ex, Ey, 0) =
(
−

M f y

Fz
,

M f x

Fz
, 0
)

(24)

where nθ and nr are the number of meshes in the circumferential and radial directions of
the oil film, respectively. pi,j, ri,j, and θi,j are the pressure, radius, and radian of the (i, j)th
oil film mesh. ∆r and ∆θ are the radial length and circumferential radian of the oil film
mesh, respectively. Ex and Ey are the distances from the equivalent action point of the
anti-overturning force to the yA and xA axes, respectively.

The dimensionless Reynolds equation (Equation (7)) considers the variation in oil film
thickness. Under the same operating conditions with the same piston pump structure, the
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same drive shaft rotational angle, and different oil film thickness change rates, the oil film
pressures at the cylinder block/valve plate interface obtained according to Equation (7)
are different. Since the initial value of the oil film thickness change rate is artificially
set before the model calculation, it is necessary to use the Newton–Raphson method to
solve Equation (25) to obtain the correct oil film thickness change rate. Further, three
pairs of forces or moments are made equal, namely the overturning force Fv and anti-
overturning force Fz, the overturning moment Mcx and anti-overturning moment M f x, and
the overturning moment Mcy and anti-overturning moment M f y.

EQ
[

∂h1

∂t
,

∂h2

∂t
,

∂h3

∂t

]
=

 (Fz − Fv)/Fv
(M f x −Mcx)/Mcx
(M f y −Mcy)/Mcy

 =

EQF
EQx
EQy

 = 0 (25)

‖EQ‖∞ = max
{
|EQF|, |EQx|,

∣∣EQy
∣∣} ≤ ERREQ (26)

where EQF is the axial force error of the oil film, EQx is the moment error in the direction
of the xA axis, EQy is the moment error in the direction of the yA axis, EQ is the resultant
vector composed of errors in all directions, and ERREQ is the allowable error of the oil film
force and moment solution (set to 1× 10−2 in this paper).

The above describes the complete modeling process of the cylinder block/valve
plate interface oil film model of the APP. Based on the established model, the oil film
characteristics under different operating conditions (such as pressure, speed, displacement)
and structures are studied in the next section.

4. Simulation Results and Analysis
4.1. Simulation Setup

Before the simulation analysis, a mesh independence test and oil film force balance
error analysis should be carried out to determine the number of meshes and verify the
accuracy of the oil film pressure calculation results, respectively.

4.1.1. Mesh Independence Test

The calculation of the cylinder block/valve plate interface oil film model included
the discrete solution of the elliptic partial differential equation. The total error between
the partial differential equation’s exact solution and the discrete equation’s numerical
solution consisted of the dispersion error and the rounding error, and there was a mutually
restrictive relationship between the two errors. When the mesh density increased, the
dispersion error decreased, the rounding error increased, and the computational efficiency
decreased. When the mesh density decreased, the dispersion error increased, the rounding
error decreased, and the computational efficiency increased. Therefore, under the premise
of ensuring the accuracy of the model calculation results, it was necessary to verify the
independence of the mesh to improve the calculation efficiency as much as possible. The
mesh density was used as a variable during the independence test and gradually increased.
The mesh was considered independent when the calculated pressure results no longer
changed significantly. The specific steps are as follows: (1) Calculate the convergence result
of the oil film pressure at a low mesh density; (2) Increase the mesh density to calculate the
oil film pressure; and (3) Compare the calculation results of steps (1) and (2) to determine
whether the oil film pressure difference is less than the threshold. If so, select the mesh
density value used in step (1) as the final density value. If not, continue to increase the
mesh density for calculation and comparison.

The mesh density settings for the oil film model included the radial and circumferential
directions. To determine the radial and circumferential mesh densities, the pressures at
different mesh densities were calculated, and the results are shown in Figures 12 and 13.
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Figure 12. Mesh independence test results of the circumferential mesh. (a) Variation in circumferential
pressure with mesh density. (b) Mesh pressures at the 90◦ phase.
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Figure 13. Mesh independence test results of the radial mesh. (a) Variation in radial pressure with
mesh density. (b) Mesh pressures at the radius of 29.6 mm.

After cross-comparison, it was found that when the number of radial meshes was 720,
the requirement of mesh independence could be met. Therefore, the radial mesh number
was set to 720. As shown in Figure 12, as the circumferential mesh density increased, the
pressure changes at all mesh nodes in the circumference direction gradually decreased. The
authors noticed that the mesh node pressure at the 90◦ phase varied most significantly with
the circumferential mesh density so this mesh was chosen as a proxy for the independence
test. The test results show that when the number of circumferential meshes is 1080, the
mesh pressure tends to be stable (about 11.4 MPa). Therefore, the number of circumferential
meshes in the oil film model is 1080.

Once the appropriate circumferential mesh density was determined, it was necessary
to determine the appropriate radial mesh density. As shown in Figure 13, as the radial
mesh density increased, the pressure changes at all mesh nodes in the radial direction
gradually decreased. The authors noticed that the mesh node pressure at the radius of
29.6 mm varied most significantly with the radial mesh density so this mesh was chosen as
a proxy for the independence test. The test results show that when the radial mesh number
is 720, the mesh pressure tends to be stable (about 0.4 MPa). Therefore, the radial mesh
number in the oil film model is 720.

4.1.2. Oil Film Force Balance Error Analysis

The Newton–Raphson method used in this paper is a mathematically common method
for solving nonlinear algebraic equations. This method transforms the process of solving
nonlinear equations into the process of repeatedly solving the corresponding linear equa-
tions, which introduces accumulated errors. As shown in Figure 14, when the cylinder
block rotates to the 16th turn (the cumulative angle is 5580◦), the absolute value of the axial
force error of the oil film satisfies |EQF| ≤ 0.1%, the absolute value of the moment error
in the direction of the xA axis satisfies |EQx| ≤ 1%, and the absolute value of the moment
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error in the direction of the yA axis satisfies
∣∣EQy

∣∣ ≤ 0.05%. All errors meet the model
accuracy requirements.
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Figure 14. Oil film force balance error test results. (a) Oil film axial force error. (b) Moment error in
the direction of the xA axis. (c) Moment error in the direction of the yA axis.

4.2. Simulation Design

The characteristics of the oil film at the cylinder block/valve plate interface are the fo-
cus, as well as the challenges, of APP design. First, based on the oil film model established in
Section 3, the pressure and thickness distribution of the oil film can be obtained through
model calculation. The pressure and thickness are the basis for analyzing oil film character-
istics such as lubricating, sealing, load bearing, and overturning. Therefore, in Section 4.3,
the oil film pressure and thickness under pressures of 28 MPa and 35 MP are compared.
The distribution law of the oil film pressure and thickness is summarized and the effects of
the pressure increase on the oil film pressure and thickness distribution are analyzed.

Then, by substituting the oil film pressure and thickness into Equations (4) and (5), the
radial and circumferential velocities of each oil film mesh can be further obtained, where
the radial velocity is related to the leakage and the circumferential velocity is related to the
viscous friction force/moment and friction coefficient. In Section 4.4, the viscous friction
moment and friction coefficient of the cylinder block/valve plate interface are compared
under pressures of 14∼42 MPa. The distribution law and extreme point orientation of the
viscous friction moment are analyzed, the main factors that dominate the distribution of
the viscous friction moment are revealed, and the regions that wear easily under high-
pressure conditions are highlighted. In addition, by comparing the relationship between
the friction coefficient and the oil film thickness under different pressures, the variation
law and sensitive factors of the friction coefficient under a steady-state thickness are found.

Next, based on the radial velocities of the oil film at the radii Rcv1 and Rcv4, the leakage
flow rate can be further obtained to evaluate the sealing characteristic of the cylinder
block/valve plate interface and the volumetric efficiency of the APP. In Section 4.5, under
pressures of 14∼42 MPa, the variation law of the leakage is compared with the average
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thickness of the oil film. The characteristics of the leakage distribution on the circumference
are summarized and the effect of the pressure increase on the leakage is analyzed. In
addition, the volumetric efficiency of the APP is analyzed.

The axial load-bearing force is an indicator for measuring the oil film resistance to
the load disturbance and the upper limit of the load-bearing capacity. In Section 4.6,
under pressures of 14∼42 MPa, the variation law of the oil film thickness with the drive
shaft rotational angle is revealed and the influence of the pressure increase on the oil film
thickness is analyzed. The variation laws of the anti-overturning force action point under
different operating conditions (such as pressure, rotational speed, and displacement) are
compared and a method for optimizing the APP is provided.

Finally, in Section 4.7, under pressures of 14∼42 MPa, the variation laws of the over-
turning pitch of the cylinder block and azimuth angle are revealed. The reasons for the
change in the cylinder block azimuth angle caused by the pressure increase are analyzed.
The stages and areas where the cylinder block/valve plate interface may experience colli-
sion and wear are highlighted

4.3. Oil Film Pressure and Thickness

Based on the established cylinder block/valve plate interface oil film model, this paper
compared the oil film pressure and thickness under pressures of 28 MPa and 35 MPa, as
shown in Figure 15.

At a pressure of 35 MPa, the oil film pressure distribution changed periodically with
the drive shaft rotational angle. In the first few cycles, the average value of the oil film
pressure in the discharge region was large due to the significant pressure difference between
the oil-suction and -discharge kidney grooves. Due to the squeeze effect of the gap flow
and the cylinder block, the oil film pressure decreased logarithmically along the direction
of the oil-suction and -discharge kidney grooves to the case. When the cylinder block was
overturned, the sealing belt of the oil-suction kidney groove had negative pressure, and the
larger the oil film radius, the greater the pressure on the edge of the oil film. Therefore, the
periodic local high pressure in the sealing belt varied with the azimuth angle of the cylinder
block. At 28 MPa, the oil film pressure distribution was similar to that at 35 MPa. However,
due to the low pressure of the oil-discharge kidney groove, the mean and variance of the
oil film pressure at 28 MPa were small, the azimuth angle of the cylinder body was small,
and the local high pressure of the sealing belt was also reduced.

At a pressure of 35 MPa, the oil film thickness distribution changed periodically with
the drive shaft rotational angle. During the first few cycles, the maximum, minimum,
and average values of the oil film thickness gradually decreased and the average value
gradually converged to 0.37 µm. Due to the squeeze action of the wedge-shaped oil film,
the maximum and minimum values of the oil film thickness always appeared in pairs in the
sealing belt opposite the cylinder block/valve plate interface and the maximum value was
more likely to appear on the side of the oil-discharge kidney groove. The line connecting the
maximum and minimum points of the oil film thickness rotated counterclockwise and the
rotational period was 4π. The rotational speed was uneven throughout the cycle, starting
slowly and ending quickly. At 28 MPa, the oil film thickness distribution was similar to that
at 35 MPa. However, at 28 MPa, the pressure of the oil-discharge kidney groove was low,
the cylinder block squeezed the oil film less, and the pressure difference between the suction
and discharge kidney grooves was also small. Therefore, the average oil film thickness
at 28 MPa was larger and the steady-state convergence value of the mean thickness was
about 0.44 µm. In addition, the steady-state convergence values of the oil film thickness at
14∼42 MPa were also calculated. Specifically, these values were about 0.68 µm at 14 MPa,
about 0.52 µm at 21 MPa, and about 0.32 µm at 42 MPa.
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Figure 15. Oil film pressure and thickness results.

4.4. Lubricating Characteristics

The lubrication state of the oil film at the cylinder block/valve plate interface affects
the torque efficiency of the APP, and the viscous friction moment and friction coefficient
are essential indicators for characterizing the lubrication state. Based on the established oil
film model, this paper compared the viscous friction moment and friction coefficient under
pressures of 14, 21, 28, 35, and 42 MPa, as shown in Figures 16 and 17.

The friction coefficient of the oil film is calculated as

f =
1
Fv

nr

∑
1

nθ

∑
1

µ
∂vθ

∂z
ri,j∆θ∆r (27)

Figure 16 shows a comparison of the viscous friction moment of the oil film at different
pressures and the mesh color represents the magnitude of the viscous friction moment.
At 35 MPa, the oil film viscous friction moment presented an eccentric elliptical ring pat-
tern, which means that the viscous friction moment increased with the radius increase.
However, the magnitudes were different in different directions. The maximum and mini-
mum values of the viscous friction moment always occurred on the opposite side of the
cylinder block/valve plate interface. Unlike the oil film thickness, when the maximum
value of the viscous friction moment appeared on the outside of the outer sealing belt, its
minimum value appeared on the inside of the opposite inner sealing belt. Under the dual
action of the hydrodynamic effects and pressure difference, the maximum value of the
viscous friction moment (25× 10−4 N·m) appeared in the outer region near the upper-right
corner of the oil-discharge kidney groove, whereas the minimum value (4.1× 10−4 N·m)
appeared in the inner region near the lower-left corner of the oil-suction kidney groove.
At 14 MPa, 21 MPa, 28 MPa, and 42 MPa, the viscous friction moment distributions of
the oil film were similar to that at 35 MPa. The difference is that the maximum and
minimum values of the viscous friction moment increased with the increasing pressure
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and the pressure sensitivity decreased. At different pressures, the maximum and mini-
mum values of the viscous friction moment were 13× 10−4 N·m and 2.3× 10−4 N·m at
14 MPa, 18× 10−4 N·m and 3.1× 10−4 N·m at 21 MPa, 22× 10−4 N·m and 3.8× 10−4 N·m
at 28 MPa, and 27× 10−4 N·m and 4.4× 10−4 N·m at 42 MPa.

Figure 16. Viscous friction moment at different pressures. (a) Maximum friction moment at different
pressures. (b) Minimum friction moment at different pressures.
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Figure 17. The relationship between the oil film thickness and friction coefficient.

Figure 17 compares the friction coefficient and oil film thickness under different
pressures. At 35 MPa, the friction coefficient decreased exponentially with increasing oil
film thickness. The smaller the oil film thickness, the higher the sensitivity of the friction
coefficient to thickness; conversely, it is lower. The steady-state convergence value of the oil
film thickness at 35 MPa was about 0.37 µm and the friction coefficient was about 0.033. At
pressures of 14, 21, 28, and 42 MPa, the oil film friction coefficients were similar to that at
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35 MPa. At different pressures, the friction coefficients corresponding to the steady-state oil
film thickness were 0.053 at 14 MPa, 0.042 at 21 MPa, 0.037 at 28 MPa, and 0.031 at 42 MPa.

It should be noted that when the pressure is at 35 MPa or higher, there is a high
probability that the lubrication state of the cylinder block/valve plate interface is mixed
lubrication, especially before the run-in process is finished. At this time, asperity contacts
potentially occur but were neglected in this study. Under high-pressure conditions, the
pressure of the oil film is enough to cause micron-level deformation in the local area of the
cylinder block copper plating, which will increase the local oil film thickness and decrease
the local pressure. Since this study is based on the assumption that the cylinder block and
valve plate are rigid, the influence of pressure deformation on the oil film characteristics
was not considered.

To sum up, when the pressure of the APP increases, the friction coefficient and torque
loss ratio become smaller. This conclusion is consistent with the torque efficiency measure-
ment results of PV3 series APPs by the Eaton Company [41]: the higher the pressure, the
higher the torque efficiency. For every 7 MPa increase in pressure, the torque efficiency
increases by 1∼2%.

4.5. Sealing Characteristics

The sealing state of the cylinder block/valve plate interface affects the volumetric
efficiency of the APP and leakage is one of the key indicators for characterizing the sealing
state. Based on the established oil film model, the leakages at 14, 21, 28, 35, and 42 MPa
were compared, as shown in Figures 18 and 19.

Figure 18 compares the leakage and oil film thickness of the cylinder block/valve plate
interface at different pressures. At 35 MPa, the leakage at the cylinder block/valve plate
interface increased, fluctuating with the oil film thickness, and the average value of the
leakage increased exponentially with the oil film thickness. The smaller the oil film thick-
ness, the higher the fluctuation frequency and the smaller the leakage amplitude. When
the steady-state convergence value of the oil film thickness was 0.37 µm, the leakage was
0.095 mL/min. At 14, 21, 28, and 42 MPa, the leakages were similar to that at 35 MPa. Al-
though the relationship between the leakage and pressure is complex in the local thickness
range, the average leakage increased with the pressure. The leakages at different pressures
were 0.125 mL/min at 14 MPa, 0.115 mL/min at 21 MPa, 0.105 mL/min at 28 MPa, and
0.085 mL/min at 42 MPa. Unlike the average leakage at the cylinder block/valve plate
interface, the steady-state value of the leakage decreased with increasing pressure.
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Figure 18. The relationship between oil film thickness and leakage.

Next, this paper compared the leakage of the mesh nodes in the inner and outer sealing
belts under different pressures and analyzed the leakage at different drive shaft rotational
angles. Figures 19 and 20 represent the leakage of the mesh nodes by the polar diameter of
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the polar coordinates and the nodes’ orientation by the phase. Note that the leakage to the
case was positive and the leakage to the sealing belt was negative.

Figure 19 shows the total circumferential leakage of the cylinder block/valve plate
interface at 35 MPa for drive shaft rotational angles of 0 and π. In order to facilitate
comparative analysis, the leakages of the inner and outer sealing belts are presented as a
graphic, as seen in Figure 19. It can be seen that the cylinder block/valve plate interface
mainly leaked to the case in the oil-discharge kidney groove region (i.e., positive leakage)
and absorbed oil from the case in the oil-suction kidney groove region (i.e., negative
leakage). The positive leakage was much larger than the negative leakage. No matter
where the drive shaft rotated, the absolute value of the outer sealing belt leakage was
greater than that of the inner sealing belt, and the positive leakage of the oil-discharge
kidney groove was much larger than that of the oil-suction kidney groove. According to
the extreme points of the oil film thickness indicated in Figure 19, it can be seen that the
positive and negative leakage extreme points occurred near the extreme points of the oil film
thickness but they did not completely coincide. This is due to the circumferential rotation of
the cylinder block and the centrifugal phenomenon of the oil. The maximum and minimum
values of the outer sealing belt leakage were 1.97× 10−7 L/min and −0.22× 10−7 L/min,
respectively. The maximum and minimum values of the inner sealing belt leakage were
1.37× 10−7 L/min and −0.0088× 10−7 L/min, respectively.
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Figure 19. Leakage at 35 MPa. (a) θ = 0. (b) θ = π.

Figure 20 shows the total circumferential leakage of the cylinder block/valve plate
interface when the drive shaft rotational angles were 0 and π. It can be seen that at 14,
21, 28, and 42 MPa, the total circumferential leakages were similar to that at 35 MPa. In
Figure 20, it can be seen that the positive leakage decreased with increasing pressure,
whereas the absolute value of negative leakage increased with increasing pressure. Among
them, the maximum and minimum values of leakage around the outer sealing belt were
4.2× 10−7 L/min and−0.76× 10−7 L/min. The maximum and minimum values of leakage
around the inner sealing belt were 2.8× 10−7 L/min and −0.35× 10−7 L/min. Both the
maximum and minimum values mentioned above occurred at 14 MPa. At the same time,
since the width of the inner sealing belt (2.35 mm) was smaller than that of the outer sealing
belt (2.4 mm), the absolute value of the outer sealing belt leakage was always larger than
that of the inner sealing belt.

Theoretically, an increase in pressure must lead to an increase in leakage. However,
under the premise that the structure of the APP remains unchanged, the oil film thickness
will decrease with the increase in pressure and the thickness decrease will lead to a leakage
decrease. The model calculation results in this paper show that with the increase in pressure,
the leakage decreased, indicating that the influence of the oil film thickness on the leakage
was greater than that of the pressure. In addition, an increase in pressure resulted in an
increase in volumetric loss. The volumetric loss consisted of the compression volumetric
loss of the oil and the leakage volumetric loss of all lubricating interfaces. This paper only
considered the leakage volumetric loss of the cylinder block/valve plate interface.
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To sum up, when the pressure of the APP increases, the leakage becomes smaller
and the volumetric loss becomes larger. This conclusion is consistent with the volumetric
efficiency measurement results of PV3 series APPs by the Eaton Company [41]: the higher
the pressure, the higher the volumetric efficiency. The volumetric efficiency will decrease
by about 1% for every 7 MPa increase in pressure.
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Figure 20. Leakage at different pressures. (a) θ = 0. (b) θ = π.

4.6. Load-Bearing Characteristics

When the cylinder block is pressed against the valve plate under the combined action
of the piston chamber transient pressure, rotating component inertia force, and centrifugal
force, the balance of the cylinder block needs to be maintained through the anti-overturning
force and the moment generated by the oil film. Due to the viscous squeeze inside the oil
film, it can provide the fixed anti-overturning force and moment and dynamically adapt
to the overturning force and moment of the cylinder block. The load-adaptive capability
of the oil film is the core of the cylinder block/valve plate interface design. Based on the
established oil film model, the changing trends in the oil film thickness at pressures of 14,
21, 28, 35, and 42 MPa were compared, as shown in Figure 21. At the same time, the effects
of the pressure, rotational speed, displacement, and piston number on the Fz equivalent
action point were also compared, as shown in Figure 22.

14 21 28 35 42

0.4

0.6

0.8

1.0

μ
m

MPa

 12 -360°

 11 -360°

 10 -360°

 09 -360°

Pressure (MPa)

O
il

 f
il

m
 t

h
ic

k
n

e
ss

 (
μ

m
)

(a)

14 21 28 35 42

0.4

0.6

0.8

1.0

μ
m

MPa

 12 -360°

 11 -360°

 10 -360°

 09 -360°

Pressure (MPa)

O
il

 f
il

m
 t

h
ic

k
n

e
ss

 (
μ

m
)

(a)

14 21 28 35 42

0.4

0.6

0.8

μ
m

MPa

 16 -360°

 15 -360°

 14 -360°

 13 -360°

Pressure (MPa)

O
il

 f
il

m
 t

h
ic

k
n

e
ss

 (
μ

m
)

(b)

14 21 28 35 42

0.4

0.6

0.8

μ
m

MPa

 16 -360°

 15 -360°

 14 -360°

 13 -360°

Pressure (MPa)

O
il

 f
il

m
 t

h
ic

k
n

e
ss

 (
μ

m
)

(b)

12th

11th

10th

09th

16th

15th

14th

13th

Figure 21. Variation in oil film thickness with pressure. (a) 9th∼12th circles. (b) 13th∼16th circles.

It can be seen in Figure 21 that at 35 MPa, the average thickness of the oil film
decreased with the increase in the drive shaft rotational angle and the sensitivity of the oil
film thickness to the drive shaft rotational angle decreased. At other pressures, the variation
laws of the average oil film thickness with the drive shaft rotational angle were similar to
that at 35 MPa and the average oil film thickness decreased with the pressure increase. On
the one hand, the increase in pressure will lead to an increase in the overturning force of
the cylinder block and the oil film is further squeezed, increasing the viscosity and stiffness
while reducing the thickness and increasing the friction coefficient. On the other hand,
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since the increase in pressure will lead to a rise in the throttling leakage loss, reducing the
oil film thickness is equivalent to reducing the throttling area and suppressing the leakage.
It is worth noting that according to the results of the lubrication state in Section 4.3, it is also
concluded that the higher the pressure, the larger the friction coefficient, which is consistent
with the experimental results in the existing literature.

The Fz action point trajectory is one of the key indicators for evaluating the degree of
cylinder overturning. It is also a direct reflection of the oil film load-bearing capacity, which
can be calculated using Equation (24). When designing the APP, its working conditions
and structural parameters should be comprehensively considered to ensure that the Fz
action point trajectory is in the center area of the valve plate to prevent the cylinder from
overturning. Figure 22 shows the Fz action point trajectories of APPs with 5, 7, 9, and
11 pistons under different pressure, rotational speed, and swash plate inclination conditions.

Figure 22. Fz action point trajectories.

As seen in Figure 22, the Fz action point trajectory resembles a closed butterfly shape.
The trajectory envelope decreased with the piston number and was offset with the pressure,
rotational speed, and displacement. Due to the considerable pressure difference between
the oil-suction and -discharge kidney grooves, the oil film was forced to form a moment in
the yA axis direction and the trajectory deviated from the yA axis and was in the region of
the positive half-axis of the xA axis. Figure 22 shows that the greater the number of pistons,
the more concentrated the trajectory. When the number of pistons was five, the trajectory
envelope was the largest, representing the most significant degree of cylinder overturning.
When the number of pistons increased, the trajectory envelope and overturning degree
of the cylinder block became smaller. When the piston number, rotational speed, and
displacement were the same, the pressure was higher, the trajectory amplitude in the yA
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axis direction was smaller, and the trajectory was offset to the negative direction of the
yA axis and the positive direction of the xA axis. When the piston number, pressure, and
displacement were the same, the rotational speed was higher and the trajectory amplitude
in the direction of the yA axis was smaller. At the same time, the trajectory was offset to
the positive direction of the yA axis. When the piston number, pressure, and rotational
speed were the same, the displacement was higher and the trajectory was offset more in
the negative direction of the yA axis. Therefore, according to the above laws, the piston
number, rotational speed, or displacement can be changed to prevent the cylinder block
from overturning.

To sum up, when the pressure of the APP increases, the oil film thickness decreases.
As the pressure, rotational speed, or displacement of the APP increase, the offset radius of
the Fz action point trajectory increases. As the number of pistons increases, the trajectory
envelope shrinks. When the envelope or offset radius of the trajectory is too large, the
cylinder block periodically overturns and the edge of the cylinder block/valve plate
interface wears.

4.7. Overturning Characteristics

The overturning attitude of the cylinder block is one of the key pieces of information
needed to accurately predict the lubricating, sealing, and load-bearing state of the oil
film. Based on the established oil film model, this section compares the variation laws of
the cylinder block pitch angle and azimuth angle under different pressures, as shown in
Figures 23 and 24.

The overturning azimuth angle of the cylinder block is calculated as

ϕcv = arctan

[ √
3(h2 − h3)

2h1 − h2 − h3

]
(28)

The overturning pitch angle of the cylinder block is calculated as

αcv = arctan
[

hmax − hmin
2Rcv4

]
(29)

Figure 23 shows the variation in the cylinder block azimuth angle ϕcv with the drive
shaft rotational angle. At 35 MPa, ϕcv changed periodically with the drive shaft rotational
angle, with a range of 0 ∼ 360◦ and a period of 4π. The magnitude of ϕcv changed rapidly
as the drive shaft rotated to periodically alternating angles. The ϕcv at 14, 21, 28, and 42 MPa
was similar to that at 35 MPa. The ranges of ϕcv at different pressures were 130 ∼ 190◦ at
14 MPa, 110 ∼ 230◦ at 21 MPa, 90 ∼ 270◦ at 28 MPa, and 0 ∼ 360◦ at 42 MPa. Combined
with Figure 5, it can be seen that as the pressure decreased, the range of ϕcv was greatly
reduced, and ϕcv always pointed to the transition area and slightly biased the oil-discharge
kidney groove. The reason for this phenomenon is that when the pressure decreases, the
overturning effect caused by the pressure difference between the oil-suction and -discharge
kidney grooves gradually weakens, and the overturning effect caused by the inertial and
centrifugal force of the rotating components gradually dominates. Therefore, it can be
concluded that the overturning attitude of the cylinder block is volatile under high-pressure
conditions. Since the cylinder block/valve plate interface is not in a state of pure fluid
lubrication during the actual operation of the APP, the rapid change in ϕcv during cycle
alternation can easily cause the cylinder block and the valve plate to collide, resulting in
the surface deflection and wear.

Figure 24 shows the variation in the cylinder block pitch angle αcv with the drive shaft
rotational angle. At 35 MPa, αcv changed periodically with the drive shaft rotational angle,
with a period of 4π. When the drive shaft was rotated to periodically alternating angles,
the value of αcv was approximately 0◦. The maximum value of αcv always occurred in
the middle of the cycle. At 14, 21, 28, and 42 MPa, the αcv was similar to that at 35 MPa.
However, as the pressure increased, the periodic maximum value of αcv decreased gradually.
Referring to Figure 23, it can be seen that when the APP operated under high-pressure



Machines 2022, 10, 1196 26 of 31

conditions, the cylinder block was more likely to fall into periodic small-amplitude damped
oscillations. This phenomenon was more obvious when the rotational speed was low and
the displacement was large. In addition to low torque efficiency, this is one of the reasons
why APPs generally do not operate at low rotational speeds. When the rotational speed is
high, and the displacement is small, the cylinder block/valve plate interface will become
more reliable due to the hydrodynamic effect.
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Figure 23. Overturning azimuth angle of cylinder block.
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Figure 24. Overturning pitch angle of cylinder block.

4.8. Discussions

Based on the obtained oil film characteristics and laws of the cylinder block/valve plate
interface, further suggestions for improving 35 MPa high-pressure APPs are proposed in
terms of torque efficiency, volumetric efficiency, load-bearing capacity, and anti-overturning
capacity, as follows:

(1) Figures 16 and 17 show that at 35 MPa, the viscous friction moment of the outer sealing
belt increases significantly and the lubricating characteristic decreases. The reason is
that increased pressure increases the viscosity and cylinder block overturning force
while reducing the oil film thickness and load-bearing area. In terms of structure, this
paper proposes to increase the load-bearing area of the oil film by adding auxiliary
support belts. In terms of operating conditions, this paper proposes to reduce the
cylinder block overturning force by reducing the rotational speed and the viscosity by
increasing the temperature. The above suggestions can optimize the lubrication state
of the cylinder block/valve plate interface, reduce its viscous friction moment, and
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ease its wear. After adopting these suggestions, the edge wear of the valve plate will
be significantly reduced at 35 MPa.

(2) Figures 18–20 show that at 35 MPa, the leakage of the cylinder block/valve plate
interface increases significantly and the sealing characteristic decreases. The reason is
that an increase in pressure increases the pressure difference between the oil-suction
and -discharge kidney grooves and the case. In terms of structure, this paper proposes
to appropriately increase the pre-compression length and stiffness of the cylinder block
spring to increase the residual compression coefficient of the cylinder block/valve
plate interface, thereby reducing the oil film thickness and leakage. After adopting
these suggestions, the leakage of the cylinder block/valve plate interface will be
reduced at 35 MPa.

(3) Figure 22 shows that at 35 MPa, the oil film thickness of the cylinder block/valve plate
interface is significantly reduced, the anti-overturning force action point trajectory
moves outward, and the load-bearing characteristic is greatly reduced. The reason is
that the pressure increase will weaken the oil film hydrodynamic effect and increase
the cylinder block overturning force. In terms of structure, an 11-piston layout is
proposed in this paper to reduce the overturning force trajectory envelope of the
cylinder block. In terms of operating conditions, this paper proposes to reduce the
rotational speed and the swash plate inclination angle at zero displacement, which can
enhance the hydrodynamic effect and load-bearing characteristic of the oil film while
reducing the overturning force of the cylinder block. After adopting these suggestions,
the anti-overturning force and load-bearing capacity of the cylinder block/valve plate
interface will be increased at 35 MPa.

(4) Figures 23 and 24 show that at 35 MPa, the pitch angle and azimuth angle of the
cylinder block both show severe periodic changes, resulting in easy edge collision and
wear with the valve plate. The reason is that the pressure increase will aggravate the
overturning behavior of the cylinder block in the axial and circumferential directions.
In terms of structure, this paper proposes to adopt an external support cylinder
configuration (that is, to add an extra bearing between the cylinder block and the
case) to fix the cylinder circumferentially and optimize the force-bearing form of the
drive shaft. This method can fundamentally eliminate the risk of collision between
the cylinder block and the valve plate. After adopting these suggestions, the cylinder
block will not overturn at 35 MPa.

5. Conclusions

In this paper, the cylinder block/valve plate interface of a 35 MPa high-pressure APP
is taken as the research object. Firstly, an oil film model that can simultaneously analyze
the characteristics of lubricating, sealing, load-bearing, and overturning is established.
The model consists of a viscous wedge geometric model, multi-body dynamics model,
and full oil film CFD model. The calculation accuracy of the oil film model is ensured
through a mesh independence test and force balance error analysis. Then, parameters, such
as oil film thickness and pressure, viscous friction moment, friction coefficient, leakage,
overturning force action point trajectory, cylinder block pitch angle, and azimuth angle at
different pressures are obtained through model calculations. The different characteristics
of oil film are analyzed comprehensively and systematically, and the evolution laws of
different characteristics with pressure changes are revealed. With the increase in the APP
operating pressure, the friction coefficient and torque loss ratio of the cylinder block/valve
plate interface will become smaller and the volumetric loss ratio will increase. At the same
time, the Fz action point trajectory will offset to the negative direction of the yA axis and
the positive direction of the xA axis, which will aggravate the periodic overturning of
the cylinder block and the wear of the valve plate. After that, suggestions are proposed
to optimize the torque efficiency, volumetric efficiency, load-bearing capacity, and anti-
overturning capacity of a 35 MPa high-pressure APP.
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MTBF Mean Time Between Failure
CTDMA Cyclic Tridiagonal Matrix Algorithm
TDMA Tridiagonal Matrix Algorithm
ODC Outer Dead Center
BDC Bottom Dead Center
IDC Inner Dead Center
TDC Top Dead Center
Nomenclature
Ap Effective action area of a single piston (m2)
EQF Axial force error of the oil film (N)
EQx Moment error in the direction of the xA axis (N·m)
EQy Moment error in the direction of the yA axis (N·m)
EQ Resultant vector composed of errors in all directions (-)
ERREQ Allowable error of the oil film force and moment solutions (-)
ERRp Allowable error of the oil film pressure solution (-)
Ex, Ey Distances from the anti-overturning force equivalent to the action point

to yA/xA axes (m)
f Friction coefficient (-)
Fcp Reaction force of the cylinder block to the piston (N)
Fx

cp, Fy
cp Reaction forces of the cylinder block to the piston

in the directions of the xA/yA axes (N)
Ff Friction force of the piston reciprocating motion (N)
Fii, Foi Inner/outer forces of the piston on the copper bushing of

the piston bore (N)
FN Reaction force of the swash plate to the slipper (N)
Fnτ Resultant force of the circumferential and radial resultant forces

on the piston-slipper assembly (N)
Fx

oi, Fy
oi Outer forces of the piston on the copper bushing of the piston bore

in the directions of the xA/yA axes (N)
Fpa, Fτ , and Fn Axial/circumferential/radial resultant forces

on the piston-slipper assembly (N)
Fsh, Msh Force/moment of the drive shaft on the cylinder block (N)/(N·m)
Fx

sh, Fy
sh Forces of the drive shaft on the cylinder block

in the directions of the xA/yA axes (N)
Fsp Preload force of the cylinder block spring (N)
Fv Overturning force on the cylinder block (N)
Fz Anti-overturning force (N)
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h Thickness of the oil film mesh (m)
hmin, hmax Minimum/maximum oil film thicknesses (m)
ho Oil film thickness at the valve plate center (m)
h1, h2, and h3 Oil film thicknesses at points P1, P2, and P3 (m)
k Number of iterations (-)
lin, lout Effective lengths of the piston inside/outside the piston bore (m)
lsh Position of the spline (m)
lx, ly Distances from the overturning force equivalent action point

to the yA/xA axes (m)
lz Position of the swash plate (m)
Mcx, Mcy Overturning moments on the cylinder block

in the directions of the xA/yA axes (N·m)
M f x, M f y Anti-overturning moments in the direction of xA/yA (N·m)
mp Mass of the piston (kg)
ms Mass of the slipper (kg)
n Rotational speed (rev/min)
Np Number of pistons (-)
nθ , nr Number of meshes in the circumferential/radial directions of

the oil film (-)
p Pressure of the oil film mesh (Pa)
pH , pL, pc Discharge/suction/drain pressure (Pa)
pr Transient pressure in the piston chamber (Pa)
qcv1, qcv4 Leakages of inner/outer sealing belt (L/min)
r Radius of the oil film mesh (m)
rp Radius of the piston (m)
rpiston Piston pitch radius (m)
Rcv1, Rcv2 Inner/outer radii of the inner sealing belt (m)
Rcv3, Rcv4 Inner/outer radii of the outer sealing belt (m)
Rcv5, Rcv6 Inner/outer radii of the auxiliary support belt (m)
t Time (s)
V Piston chamber volume (m3)
vr, vθ Radial/circumferential linear velocities (m/s)
xi, yi, and zi Center point displacements of the piston ball hinge

in the direction of xA/yA/zA (m)
z Coordinate of the oil film in the direction of the zA axis (m)
żi, z̈i Piston velocity/acceleration in the direction of the zA axis (m/s)/(m/s2)
αcv Pitch angle (rad)
β Maximum angle of the swash plate (◦)
θ Circumferential azimuth of the oil film mesh (rad)
ω Angular velocity (rad/s)
µ Dynamic viscosity of the oil (Pa·s)
ρ Fluid density (kg/m3)
ϕcv Azimuth angle (rad)
∆r, ∆θ Radial length/circumferential radian of the oil film mesh (m)
θi Phase angle of the ith piston (rad)
Ω Number of meshes in the oil film region (-)
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