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Abstract

This study aims to provide essential data for the optimal design of a transcritical CO2

water-cooled heat pump system utilizing an internal heat exchanger (IHX). To investigate
cycle and application characteristics, a heat pump test rig consisting of a compressor,
gas cooler, expansion valve, evaporator, IHX, and liquid receiver was fabricated. All
heat exchangers were counterflow, concentric dual copper tubes. System performance
was evaluated by varying the IHX and evaporator outlet superheat degrees (10–30 ◦C
and 0–20 ◦C, respectively) via expansion valve opening control, alongside changes in the
secondary fluid inlet temperature. The experimental results indicate that optimal high-
pressure conditions exist to maximize both capacity and coefficient of performance (COP) in
cooling and heating modes. Furthermore, changes in the secondary fluid inlet temperatures
of the evaporator and gas cooler significantly impact the COP, showing trends similar
to conventional Freon-based systems. Ultimately, precise control of the expansion valve
opening, using the IHX outlet superheat as a control variable, is a key factor in operating
the CO2 heat pump system near its maximum COP.

Keywords: carbon dioxide; design of water-chilling heat pump; opening control of
expansion valve; transcritical cycle

1. Introduction
Owing to the ozone-depleting and greenhouse effects of chlorofluorocarbon (CFC)-

and hydrochlorofluorocarbon (HCFC)-based refrigerants, interest in natural refrigerants
has grown substantially in recent years. Among these, carbon dioxide (CO2) has attracted
particular attention—especially in Western developed countries—owing to its environ-
mental friendliness and ready availability. Research on CO2-based systems is steadily
expanding into applications such as residential water heaters, heat pumps, and automotive
air-conditioning systems, and in Korea, active development is likewise underway, par-
ticularly for CO2-based heating, ventilation, and air-conditioning (HVAC) systems and
heat pumps.

As shown in Figure 1, CO2 heat pump systems operate on a transcritical cycle, in which
the high-pressure side (gas-cooling pressure) lies above the critical point owing to CO2’s
low critical temperature (31.1 ◦C) and high critical pressure (7.38 MPa). Consequently, the
thermodynamic performance of transcritical CO2 cycles is generally lower than that of
conventional subcritical cycles [1,2]. CO2 heat pumps therefore require not only a control
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system capable of maintaining optimal operating conditions but also a system design that
enhances overall performance. One effective approach to addressing these challenges and
ensuring stable operation is the installation of an internal heat exchanger (IHX). Since
the early stages of CO2 heat pump research, the application of IHXs has been extensively
investigated as a means of improving system performance.
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Figure 1. Temperature–entropy diagrams for the vapor-compression cycles of (a) conventional R-22
and (b) transcritical CO2.

A review of previous studies on CO2 heat pump systems reveals a range of findings
regarding IHX performance. Lorentzen and Pettersen [3] reported that although the
coefficient of performance (COP) improvement achieved through an IHX results from
reduced expansion losses via subcooling of the liquid refrigerant prior to expansion, this
benefit is partially offset by an increase in the average gas cooler temperature. Bivens
et al. [4], investigating alternative refrigerants, found that refrigeration systems equipped
with IHXs and counterflow heat exchangers achieved a performance improvement of
approximately 6–7%. Bullock [5] reported that increasing the evaporator outlet superheat
from 0 ◦C to 20 ◦C via an IHX raised the system COP by approximately 5%, whereas
Rozhentsev and Wang [6] observed that once the IHX heat transfer area exceeded a certain
threshold, the system COP actually declined. In contrast, Boewe et al. [7] emphasized that
an IHX could enhance system COP by up to 25%.

More recent studies have quantified these effects in greater detail. Sarkar et al. [8]
performed an energy and exergy analysis of a supercritical CO2 heat pump equipped with
an IHX and found that although IHX efficiency had a negligible effect on COP, it improved
second-law (exergy) efficiency; specifically, increasing the IHX efficiency from 0.6 to 0.9
raised exergy efficiency by approximately 3%. Cho et al. [9] reported that adopting an
IHX reduced the optimal discharge pressure by approximately 0.5 MPa, and that at com-
pressor frequencies between 40 and 60 Hz, the cooling capacity and COP increased by
6.2–11.9% and 7.1–9.1%, respectively. Chen and Gu [10] argued that conventional heat
exchanger efficiency equations are unsuitable for CO2 heat pump systems and proposed
a more practical enthalpy-based IHX efficiency formulation, further finding that the IHX
significantly reduces system sensitivity to the vapor quality at the evaporator outlet. Aprea
and Maiorino [11] experimentally evaluated the effect of an IHX on a supercritical CO2

system and reported a 10% improvement in COP, attributable to an increase in cooling
capacity and a reduction in the optimal high-side pressure. Purohit et al. [12] conducted
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experiments on a supercritical CO2 system and reported that the benefits of an IHX are
most pronounced at ambient temperatures up to 45 ◦C at an evaporation temperature of
5 ◦C, where the COP and exergy efficiency increased by 5.71% and 5.05%, respectively.

Cao et al. [13] investigated the effect of IHX length through theoretical and experi-
mental analyses. They found that increasing the IHX length from 0 to 4 m reduced the
optimal discharge pressure by more than 1 MPa and increased the compressor discharge
temperature.

Cui et al. [14] recently reviewed transcritical CO2 air-source heat pump systems and
identified dynamic operating-condition control as one of the major remaining technical
challenges. This finding highlights the need for experimentally validated control parame-
ters that can be directly implemented in practical CO2 heat pump systems. In this context,
the present study investigates the IHX-outlet superheat (DSH IHX) as a directly controllable
parameter and experimentally evaluates its influence on the performance of a water-cooled
transcritical CO2 heat pump under varying secondary-fluid inlet temperatures.

Although the studies reviewed above [3–14] have established that an IHX can improve
COP by 5–25% depending on configuration and that an optimal high-side pressure exists
for transcritical CO2 cycles [2,8,10], two gaps remain. First, most of this evidence comes
from theoretical or simulation-based analyses [6,10,13] or from air-source/refrigerant-side
studies [5,9,11,12]; experimental data for water-cooled CO2 heat pumps in which both
the IHX outlet superheat and the secondary-fluid (water/brine) inlet temperatures of the
gas cooler and evaporator are varied independently are scarce. Second, prior work has
generally identified the optimum in terms of discharge pressure [2,8,10] or IHX efficiency [8],
both of which are not directly actionable by the expansion device; none of the reviewed
studies validates the IHX-outlet superheat (DSH IHX) itself as a directly controllable set-
point for the expansion valve. This study addresses both gaps: a CO2 water-cooled heat
pump test rig with an IHX was built, and the cycle performance was mapped as a function
of DSH IHX and secondary-fluid inlet temperature, in order to provide experimentally
validated, directly implementable guidance for expansion-valve control of water-cooled
CO2 heat pumps.

2. Materials and Methods
2.1. Experimental Apparatus

Figure 2 presents a schematic diagram of the experimental apparatus used for the CO2

water-cooled heat pump in this study. Figures 3 and 4 provide detailed views of the gas
cooler and evaporator, respectively. Table 1 further summarizes the specifications of the
IHX incorporated into the heat pump system.

T

T

T

T

T T

T T

T

T

TT

TT

T

T

PP

P P

Constant 

temperature 

bath

Constant 

temperature 

bath

Liquid receiver

Compressor

Water flow meter

Mass 

flow 

meter

Circulation 

pump

Gas cooler

Oil filter

Expansion 

valve

Powermeter

Heater

Evaporator

Internal heat 

exchanger

5

1

6

7

9

4

3

10

8

2

9

Circulation 

pump
Water flow meter

7
8

Figure 2. Schematic diagram of the experimental apparatus for the CO2 heat pump.

https://doi.org/10.3390/en19184273

https://doi.org/10.3390/en19184273


Energies 2026, 19, 4273 4 of 24

 

Figure 3. Overview of gas cooler with thermocouple and pressure transducer locations.

 

Figure 4. Overview of evaporator with thermocouple and pressure transducer locations.

Table 1. Specifications of IHX for CO2 heat pump.

Parameters Values

Internal heat
exchanger

Type Double pipe type

Length, [mm] 1500, 3000, 4500

Tube Inner diameter (Out diameter), [mm] 7.75
(9.53)

Shell Inner diameter (Out diameter), [mm] 26
(28.5)

Evaporator

Type Double pipe type

Length, [mm] 9600

Tube Inner diameter (Out diameter), [mm] 7.75
(9.53)

Shell Inner diameter (Out diameter), [mm] 26
(28.5)
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Table 1. Cont.

Parameters Values

Gas cooler

Type Double pipe type

Length, [mm] 14,400

Tube Inner diameter (Out diameter), [mm] 7.75
(9.53)

Shell Inner diameter (Out diameter), [mm] 26
(28.5)

The experimental apparatus consists of a refrigerant circulation loop and a heat source
water circulation loop, both of which are forced-circulation systems driven by a compressor
and a water circulation pump, respectively. The refrigerant circulation loop comprises a
hermetic compressor (1), a gas cooler (2), a liquid receiver (3), a mass flow meter (4), an
expansion valve (5), an evaporator (6), and an internal heat exchanger (10). The heat source
water circulation loop consists of a water flow meter (7), a constant-temperature bath (8),
and a water circulation pump (9).

Referring to the heat pump system configuration shown in Figure 2, the supercritical
CO2 refrigerant vapor discharged from the compressor first enters the gas cooler, where
it exchanges heat with the heat source water. The refrigerant, cooled in this process, then
flows to the IHX, where it exchanges heat with the refrigerant vapor discharged from
the evaporator, before proceeding to the liquid receiver. The liquid refrigerant exiting
the receiver passes through a mass flow meter, where its mass flow rate and density are
measured to accurately determine the thermodynamic state of the CO2. The refrigerant
subsequently passes through the expansion valve and enters the evaporator, where it
exchanges heat with the brine, before re-entering the IHX. In the IHX, after exchanging heat
with the high-temperature, high-pressure refrigerant introduced from the gas cooler side,
the refrigerant returns to the compressor, thereby completing the cycle. Throughout this
process, the cooling water and brine supplied to the gas cooler and evaporator, respectively,
are each maintained at a constant temperature using independent constant-temperature
baths, and heat exchange with the CO2 refrigerant occurs in a counter-flow arrangement.

The heat exchangers used for the CO2 refrigerant consist of an evaporator, a gas cooler,
and an IHX. The evaporator and gas cooler were fabricated as double-pipe heat exchangers
using copper tubing: the inner tubes, through which the CO2 refrigerant flowed, had
an inner diameter of 7.75 mm and an outer diameter of 9.53 mm, while the outer tubes,
through which the brine and cooling water flowed, respectively, had an inner diameter
of 26 mm and an outer diameter of 28.5 mm. Excluding the U-bend sections, the total
lengths of the evaporator and gas cooler were 9600 mm and 14,400 mm, respectively. As
summarized in Table 1, the IHX was likewise a double-pipe heat exchanger fabricated from
copper tubing, with an inner-tube inner diameter of 7.75 mm and an outer-tube (shell) inner
diameter of 26 mm. Refrigerant temperatures at the inlet and outlet of the evaporator, gas
cooler, and IHX were measured using T-type thermocouples, while pressure sensors and
differential pressure gauges were installed at the same locations to measure the refrigerant
pressure and pressure drop, respectively.

The two pressure transducers have the same measurement range (0–16 MPa) but were
used for different purposes. The high-accuracy transducers (±0.004% FS) were installed at
the primary measurement points used for thermodynamic and performance calculations,
whereas the ±0.2% FS transducers were used for system monitoring.

All three heat exchangers (evaporator, gas cooler, IHX) were fabricated from seamless
copper tubing rated for CO2 transcritical service. Each unit was hydrostatically pressure-
tested at 1.5 times its maximum working pressure prior to installation, and the assembled
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system was leak-tested by holding pressurized nitrogen for 24 h (Section 2.2) before refrig-
erant charging. A pressure-relief valve (Obrist, 316 stainless steel, set pressure 30 MPa;
Table 2) was installed on the refrigerant loop, providing a safety margin above the maxi-
mum compressor discharge pressure recorded in this study (≤13.7 MPa) and below the
compressor’s rated safety pressure (40.1 MPa). The design and hydrostatic pressure test
were conducted in accordance with the High-Pressure Gas Safety Control Act of Korea
(KGS AC111). The pressure test was performed as a hydrostatic test at 15 MPa, which
is 1.5 times the design pressure (10 MPa), and it was confirmed that there was no pres-
sure drop or leakage for 20 min. In addition, at the design stage, the maximum heating
capacity of the gas cooler, the maximum cooling capacity of the evaporator, and the maxi-
mum heat-transfer capacity of the IHX were estimated to be 9.5 kW, 6.5 kW, and 3.0 kW,
respectively.

Table 2. Components of the CO2 heat pump system.

Refrigerant Compressor

Model Daikin (Osaka, Japan), 1YC30AXD

Discharge pressure 13.7 MPa

Volume 640 mL

Safety pressure 40.1 MPa

Power supply range 3-phase, AC 200~220 V, 50~60 Hz
18~20 A

Metering valve (Manual)

Model Swagelok (Solon, OH, USA), ss-6 L-mH

Range 100 ◦C, 12 MPa

Pressure relief valve

Model Obrist (Lustenau, Austria), 316 stainless steel

pressure 30 MPa

Constant temperature bath

Model JeioTech (Daejeon, Republic of Korea), HL-55H

Range
−20~40 ◦C

70 L/min (max.)
7.1 kW @20 ◦C/6.0 kW @10 ◦C

Accuracy ±1 ◦C

A data acquisition unit and a computer were used for data collection and processing.
As shown in Figure 5, the output signals from the thermocouples, pressure transducers,
mass flow meter, and power meter were all transmitted to the data acquisition unit via an
RS-232C interface. The inlet temperatures of the secondary fluids in the gas cooler and
evaporator were each maintained constant using the temperature controllers installed in
their respective constant-temperature baths.

Tables 2 and 3 show the components of the CO2 heat pump system and the specifica-
tions of the instrumentation and data acquisition system, respectively.
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Figure 5. Measurement system of temperature, pressure, mass flow rate, and electric power.

Table 3. Specifications of the instrumentation and data-acquisition system.

Multi-Channel Recorder

Model Yokogawa (Tokyo, Japan), Dr-232 C

Maximum input channels 60 channels

Measurement accuracy ±(0.05% of reading + 5 digits)

DC power supply range Not DC-powered—rated 100–240 V AC (operating range
90–250 V AC), 50/60 Hz, ≈130 VA max

Output signal range N/A—the recorder logs input signals (thermocouple,
RTD, 4–20 mA, DC voltage)

Absolute Pressure Transducer

Model Senzors (Dover, DE, USA), PT1H

Range 0~16 MPa

Accuracy ±0.2%

Model Druck (Leicester, UK), PTX611

Range 0~16 MPa

Accuracy ±0.004%

DC power supply range 8–32 VDC (for the 4–20 mA, 0–5 VDC, or 0.5–4.5 VDC
output options) or 13–32 VDC (for the 0–10 VDC option)

Output signal range
4–20 mA DC (2-wire) is the standard/most common

option; 0–5 VDC, 0–10 VDC, or 0.5–4.5 VDC also
selectable

Differential pressure transmitter

Model Senzors (Dover, DE, USA), PD1M

Range 0~0.5 MPa

Accuracy ±0.2%

Model Druck (Leicester, UK), STX2100
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Table 3. Cont.

Range 0~0.3 MPa (static Pressure: 14 MPa)

Accuracy ±0.1%

DC power supply range 8–32 VDC (4–20 mA/0–5 VDC/0.5–4.5 VDC options) or
13–32 VDC (0–10 VDC option)

Output signal range 4–20 mA DC (2-wire) standard; 0–5 VDC, 0–10 VDC, or
0.5–4.5 VDC also

Mass flow meter of refrigerant

Model Oval (Tokyo, Japan), CT9401

Mass flow rate 0~6 kg/min

Pressure 15 MPa

Accuracy ±0.1%

DC power supply range 85–264 V AC, 50/60 Hz, or 20–30 VDC (dual-rated
field-mount transmitter)

Output signal range
4–20 mA DC analog (two configurable channels, max.

load 600 Ω), and/or pulse output (open-collector,
0.1–10,000 Hz full scale)

Power meter

Model Yokogawa (Tokyo, Japan), Wt110-253401

Range 0~600 V, 0~300 A

Accuracy ±0.1%

DC power supply range
Not DC-powered—AC mains powered (auto-ranging,

50/60 Hz); optional D/A analog output module
available for retransmitting measured values—

Output signal range See note above (D/A option)
Flow meters of secondary fluid

Model KROHNE (Duisburg, Germany), OPTIFLUX 1050 C
(DN10)

Range 1.33~56.5 kg/min

Pressure 4 MPa

Accuracy ±0.5% of measured value ±1 mm/s

DC power supply range 24 VDC (20.4–28.8 VDC)

Output signal range 4–20 mA DC

2.2. Experimental Methods and Conditions

Prior to the main experiments, the airtightness of the system was verified by charging
high-pressure nitrogen gas into the apparatus. After maintaining this pressurized state
for 24 h and confirming no leakage, a vacuum pump was operated to completely remove
the residual nitrogen and other non-condensable gases, thereby evacuating the system to
a vacuum state to facilitate subsequent refrigerant charging. The charging valve on the
liquid receiver was then opened to charge the CO2 refrigerant, after which the compressor
was operated to initiate refrigerant circulation. Meanwhile, the secondary fluids, each
maintained at a constant temperature by their respective constant-temperature baths, were
supplied to the heat exchangers via circulation pumps, with the mass flow rate of each
fluid precisely controlled using inverters connected to the pumps.

In this experiment, the inlet conditions of the secondary fluids were maintained
constant for each experimental condition, while the opening of the expansion valve was
adjusted to control the degree of superheat at the outlets of the IHX and the evaporator. The
system was considered to have reached steady state when the fluctuations in the measured
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temperature, pressure, and mass flow rate remained within ±0.2 ◦C, ±3 kPa, and ±0.1 g/s,
respectively, for a period of 15 min, as shown in Figure 6.
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Figure 6. CO2 temperature and pressure and secondary fluid mass flow rate according to operating
time (T2nd,gc = 25 ◦C, T2nd,e = 20 ◦C, m2nd,gc = 60 g/s, m2nd,e = 110 g/s).

As summarized in Table 4, the experimental conditions for evaluating the performance
of the CO2 heat pump system with respect to variations in IHX superheat and secondary
fluid inlet temperature were established as follows. The inlet temperature and mass flow
rate of the secondary fluid in the gas cooler were set within the range of 20–27 ◦C and held
constant at 60 g/s, respectively. Similarly, the inlet temperature and mass flow rate of the
secondary fluid in the evaporator were set within the range of 10–35 ◦C and held constant
at 110 g/s, respectively. The experiments were conducted by adjusting the opening of the
expansion valve to control the superheat at the outlets of the IHX and the evaporator within
the ranges of 10–30 ◦C and 0–20 ◦C, respectively.

Table 4. Experimental conditions for performance test of CO2 heat pump.

Parameters Values

Internal heat
exchanger Outlet superheat degree [◦C] 10~30

Gas cooler Secondary fluid
Inlet temperature [◦C] 20~27

Mass flow rate [g/s] 60

Evaporator
Secondary fluid

Inlet temperature [◦C] 10~35

Mass flow rate [g/s] 110

Outlet superheat degree [◦C] 0~20

The secondary-fluid inlet-temperature ranges tested (10–35 ◦C evaporator; 20–27 ◦C
gas cooler) were selected for two reasons: (i) they span the region in which the IHX-outlet
superheat has the strongest and most systematically resolvable effect on the transcritical
high-side pressure, allowing the underlying control relationship (optimal DSH IHX vs.
secondary-fluid inlet temperature) to be established with the resolution needed for the para-
metric study, and (ii) they were bounded by the operating range of the constant-temperature
baths available for the test rig’s secondary-fluid loops. They do not represent the full de-
livery/source temperature range of a field-installed residential or commercial heating
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application (typically 40–70 ◦C gas-cooler-side delivery and −10 to 15 ◦C evaporator-side
source temperature). This study is not tied to a specific field application; it is intended as a
controlled, fundamental characterization of the DSH IHX-based control concept. Extending
the present test matrix to the higher gas-cooler-side and lower evaporator-side secondary-
fluid temperatures representative of field heating duty is identified as necessary future
work (Section 4).

2.3. Data Reduction

The thermophysical properties of the CO2 refrigerant used in this experiment were
calculated using REFPROP [15], a refrigerant property database developed by the National
Institute of Standards and Technology (NIST). The equations presented below were used
to analyze the operating and performance characteristics of the CO2 heat pump system.
In general, the heating and cooling capacities of the gas cooler and evaporator, together
with the compressor power consumption, are the key parameters governing heat pump
performance evaluation and prediction. Among these, the heat exchange capacities of the
gas cooler and evaporator were calculated from the inlet-to-outlet temperature difference
of the secondary fluid and from the enthalpy change on the refrigerant side, and the
corresponding equations are as follows:

Qgc = m2nd,gc

∫
T2nd

cp,2nddT = mgc
(
hgc,i − hgc,o

)
(1)

Qe = m2nd,e

∫
T2nd

cp,2nddT = me(he,o − he,i) (2)

where m2nd,gc and m2nd,e represent the mass flow rates of the secondary fluid in the gas
cooler and evaporator, respectively, and cp,2nd is the specific heat of the secondary fluid.
mgc and me denote the mass flow rates of the refrigerant flowing through the gas cooler and
evaporator, respectively. hgc,i and hgc,o are the inlet and outlet refrigerant enthalpies of the
gas cooler, and he,i and he,o are the inlet and outlet refrigerant enthalpies of the evaporator.

Degree of superheat at the evaporator outlet:

DSHEvap = Te,o − Tsat (3)

where Te,o is the measured refrigerant temperature at the evaporator outlet, and Tsat is the
saturation temperature corresponding to the measured evaporator (low-side) pressure Pe,
obtained from REFPROP [15].

Degree of superheat at the IHX outlet (low-pressure side, i.e., at compressor suction):

DSH IHX = Tsuc − Tsat (4)

where Tsuc is the measured refrigerant temperature at the IHX low-pressure outlet/compressor
suction.

Compressor power consumption Wcomp is measured directly by the power meter and
is not a derived quantity.

Heating and cooling COP:

COPheating = Qgc/Wcomp (5)

COPcooling = Qe/Wcomp (6)

The performance characteristics of the system were evaluated based on the heating
capacity obtained from Equation (1) and the compressor power consumption measured
by the power meter. To verify the reliability of the experimental data, an energy balance
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analysis was additionally performed for the gas cooler using Equation (7), which was
derived from Equations (1) and (2)—representing the heat exchange capacity calculated
from the secondary-fluid inlet-to-outlet temperature difference and from the refrigerant-
side enthalpy change, respectively. Across all experimental conditions, the heat balance
deviation remained within ±5%, confirming that a reliable heat balance was maintained
within an acceptable engineering error range.

EB(%) =
Q2nd − Qre

Q2nd
× 100 (7)

Here, Q2nd and Qre denote the heat transfer rates calculated from Equations (1) and (2),
respectively—i.e., based on the inlet-to-outlet temperature difference of the secondary fluid
and the enthalpy difference of the refrigerant, for each of the evaporator and gas cooler.

In addition to the heat balance check (Equation (7)), the overall heat-transfer conduc-
tance UA of the gas cooler and evaporator was estimated from UA = Q/∆Tlm, where Q is
the heat-transfer rate from Equations (1) and (2), and ∆Tlm is the log-mean temperature
difference between the refrigerant and secondary fluid, computed from the measured
inlet/outlet temperatures of both streams. Because the refrigerant undergoes gas cooling
(single-phase, gliding temperature) rather than condensation in the gas cooler and single-
phase superheating in part of the evaporator, ∆Tlm was evaluated using the counterflow
LMTD formulation for a variable-temperature (glide) stream.

2.4. Uncertainty Analysis

Derived quantities calculated from the experimental data—such as the mass flow rate,
evaporating capacity, compressor work, and COP—inevitably accumulate the measure-
ment errors of the directly measured variables (temperature, pressure, and compressor
input power) through the calculation process. This study therefore applied the error-
propagation method proposed by Kline and McClintock [16] to quantitatively examine
the uncertainty of the principal results. When a derived quantity R is expressed as a
function R = R(x1, x2, . . ., xn) of independent measured variables x1, x2, . . ., xn, the relative
uncertainty of R can be expressed as the root-sum-square of the relative uncertainties of the
individual measured variables, as in Equation (8).

UR/R =
{

Σ[(∂R/∂xi)× (Uxi)/R]2
}1/2

(8)

The variables directly measured in this experiment are the refrigerant temperature
(T) at each location, the high- and low-side pressures (P), and the compressor input power(

Wcomp ). Based on typical instrument specifications, the measurement uncertainties were
assumed as UT = ±0.3 ◦C for the thermocouples, UP = ±0.5%F.S. for the pressure transduc-
ers, and UWcomp = ±1.0% of reading for the power meter. Because the refrigerant enthalpy
(h) at each state point is obtained by inputting the measured T and P into REFPROP [15], the
uncertainty of each state-point enthalpy was assumed to be Uh ≈ ±1.0 kJ/kg, accounting
for both the propagation of the temperature/pressure measurement uncertainty and the
uncertainty of the property-calculation procedure itself. Assuming the uncertainties at the
two state points are independent, the uncertainty of the enthalpy difference (∆h) between
them is given by Equation (9).

U∆h =
(

Uh2
1 + Uh2

2

)1/2
(9)

Because the mass flow rate (m) was back-calculated from the directly measured com-
pressor input power (Wcomp) and the compressor inlet-outlet enthalpy difference (∆hcomp)
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as m = Wcomp/∆hcomp, its relative uncertainty is given by Equation (10). Using this re-
sult, the relative uncertainty of the evaporating capacity (Qeva = m·∆hEvap) is given by
Equation (11). (

Um
m

)
=

{(
Uwcomp

wcomp

)2
+

(
U∆hcomp

∆hcomp

)2
}1/2

(10)

(
UQEvap

QEvap

)
=

{(
Um
m

)2
+

(
U∆hEvap

∆hEvap

)2
}1/2

(11)

Substituting m = Wcomp/∆hcomp into the definition COP = QEvap/Wcomp gives
COP = ∆hEvap/∆hcomp, showing that the compressor input power (Wcomp) term cancels
out. In other words, COP is determined solely by the ratio of the two enthalpy differences
obtained from the temperature and pressure measurements at the compressor and evapora-
tor inlets/outlets, independent of the accuracy of the compressor power measurement; its
relative uncertainty is expressed as in Equation (9).

(
UCOP
COP

)
=

{(
U∆hEvap

∆hEvap

)2

+

(
U∆hcomp

∆hcomp

)2
}1/2

(12)

Table 5 shows the uncertainty calculated by applying Equations (9)–(12). The relative
uncertainty was estimated at ±1.0% for the compressor work (direct measurement), about
±2.6% for the mass flow rate, about ±2.7% for the evaporating capacity, and about ±2.5%
for COP. As all uncertainties remained below ±2.7%, the accuracy and reliability of the
experimental results were considered to be verified.

Table 5. Estimated relative uncertainty of key performance parameters.

Parameter Relative Uncertainty

Compressor work, Wcomp (direct measurement) ±1.0%
Enthalpy difference, ∆hcomp ±2.4%
Enthalpy difference, ∆hEvap ±0.6%
Mass flow rate, m ±2.6%
Evaporating capacity, QEvap ±2.7%
Gas cooling heat, Qgc ±2.2%
COP ±2.5%

3. Results and Discussion
3.1. Temperature and Pressure Distributions in the Cycle

To analyze the performance characteristics of the CO2 heat pump, the temperature
distributions of the refrigerant and secondary fluids in the gas cooler and evaporator were
experimentally investigated. The experiments were conducted while maintaining the
secondary-fluid inlet temperatures of the gas cooler and evaporator at 25 ◦C and 20 ◦C,
respectively, and their corresponding mass flow rates at 60 g/s and 110 g/s. The superheat
degree was maintained at 5 ◦C.

Figure 7a shows the temperature distributions of the refrigerant and secondary fluids
in the gas cooler and evaporator of the transcritical CO2 heat pump system as a function of
the dimensionless axial position (X) along the heat exchangers. The vertical axis represents
the temperatures of the refrigerant and secondary fluids, whereas the horizontal axis
represents the dimensionless axial position (X), defined as the ratio of the axial position
to the total heat-exchanger length. The inlet positions of the gas cooler and evaporator
correspond to X = 1 and X = 0, respectively.
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Figure 7. Temperature profile and P-h diagram for the transcritical heat pump system with internal
heat exchanger (T2nd,gc = 25 ◦C, T2nd,e = 20 ◦C, m2nd,gc = 60 g/s, m2nd,e = 110 g/s): (a) Temperature
profile of CO2 and secondary fluid in the gas cooler and evaporator; (b) Pressure and enthalpy
diagram.

As shown in Figure 7a, a relatively large temperature difference between the refrigerant
and secondary fluid is observed at the gas-cooler inlet. After passing the intermediate
region of the gas cooler, the temperature difference gradually decreases in an approximately
linear manner and subsequently increases again near the gas-cooler outlet. The reduction
in the temperature difference between the refrigerant and secondary fluid in the middle
region of the gas cooler can be attributed to the substantial variation in the specific heat of
supercritical CO2 with temperature at a given gas-cooling pressure. In general, the specific
heat is relatively low near the inlet and outlet regions of the gas cooler and reaches a higher
value in the intermediate region.

Figure 7b presents the measured state points of the heat pump system on a pressure–
enthalpy diagram under the same operating conditions. In the figure, processes 1 → 2
and 4 → 5 represent heat exchange between the low- and high-pressure refrigerant streams
in the internal heat exchanger (IHX), process 2 → 3 represents the compression process,
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process 4 → 5 represents the expansion process, and process 6 → 1 represents the evapo-
ration process. The refrigerant pressure decreases slightly along the evaporator and gas
cooler because of frictional pressure losses occurring as the refrigerant flows through the
heat exchangers.

3.2. Heating Characteristics of the CO2 Heat Pump
3.2.1. Effect of Outlet Superheat Degree

(1) Superheat Degree at the IHX Outlet (DSHIHX)
Figure 8 illustrates the variation in heating performance of the CO2 heat pump system

with the superheat degree at the IHX outlet (DSHIHX), under the conditions of a secondary-
fluid inlet temperature of 10 ◦C in the evaporator and 20 ◦C in the gas cooler. As shown in
the figure, the DSHIHX was regulated by adjusting the expansion valve opening: increasing
the valve opening decreased the outlet superheat degree, whereas decreasing the valve
opening increased it.
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Figure 8. Heating performance variation with respect to the expansion valve opening and superheat
degree of internal heat exchanger outlet. (a) Pdis, Qgc, and COP; (b) Wcomp and Tdis.

As shown in Figure 8, the compressor discharge pressure increased with increasing
DSHIHX. Both the heating capacity and COP decreased as the DSHIHX deviated either
higher or lower from an optimal point (DSHIHX = 18.8 ◦C). The underlying reasons for this
trend are as follows.

When the DSHIHX decreased below this optimal point (DSHIHX < 18.8 ◦C)—that is,
when the expansion valve opening was large—the refrigerant mass flow rate increased,
which increased the pressure drop across the heat exchangers and other system compo-
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nents. In addition, the higher refrigerant flow rate increased the heat transfer rate within
the IHX, thereby reducing the compression ratio, while also narrowing the temperature
difference between the refrigerant and the secondary fluid in the evaporator and lowering
the heat exchange effectiveness there. As a result, both the heating capacity and the heating
COP decreased.

On the other hand, when the DSHIHX increased beyond the optimal point
(DSHIHX > 18.8 ◦C)—that is, when the expansion valve opening was reduced—the refrig-
erant mass flow rate decreased. This widened the pressure difference between the high-
and low-pressure sides and reduced the refrigerant density at the compressor inlet, thereby
lowering the compressor efficiency. In addition, the reduced refrigerant flow rate induced a
pinch point at the gas cooler outlet, which degraded the heat exchange effectiveness there.
As a result, both the heating capacity and the heating COP decreased.

Based on the experimental results shown in Figure 8, obtained under the conditions
of a 10 ◦C secondary fluid inlet temperature in the evaporator and a 20 ◦C secondary
fluid inlet temperature in the gas cooler, the heating capacity and heating COP reached
their maximum values when the DSHIHX was 18.8 ◦C. Defining this value as the optimal
superheat degree, the corresponding optimal discharge pressure (Popt,dis), optimal heating
capacity (Qopt,gc), and optimal COP (COPopt) were determined to be 7.9 MPa, 7.6 kW, and
3.26, respectively.

Note that the discharge pressure was not independently controlled in these experi-
ments; it is a dependent outcome of the manually set valve opening (and hence of DSH IHX)
at fixed secondary-fluid boundary conditions. The value Popt,dis = 7.9 MPa identifies, post
hoc, which of the tested valve openings produced the pressure at which capacity and COP
were maximized; it is reported as a diagnostic characterization of the optimal operating
point, not as an independently regulated set-point.

These results indicate that an optimal expansion valve opening exists at which the
heating COP of the CO2 heat pump is maximized. In other words, the expansion valve of a
CO2 heat pump has an optimal opening that depends on the specific operating conditions
of the system.

(2) Superheat Degree at the Evaporator Outlet (DSHEvap)
Figure 9 illustrates the variation in heating performance of the CO2 heat pump system

with the superheat degree at the evaporator outlet (DSHEvap), under the same secondary
fluid inlet temperature conditions as before (10 ◦C for the evaporator and 20 ◦C for the
gas cooler). As shown in the figure, the compressor discharge pressure increased with
increasing DSHEvap, whereas the heating capacity and COP both decreased. This trend
occurs because an increase in the evaporator outlet superheat reduces the refrigerant mass
flow rate, which in turn lowers both the heating capacity and the COP.

Based on the experimental results shown in Figure 9, the heating capacity and COP
reached their maximum values when the DSHEvap was 0 ◦C. Defining this value as the
optimal superheat degree, the corresponding Popt,dis, Qopt,gc, and COPopt were determined
to be 7.86 MPa, 7.57 kW, and 3.26, respectively.

The near-identical optimal capacity, COP, and discharge pressure obtained here, com-
pared with Section 3.2.1 (1), confirm—rather than merely repeat—that both sweeps con-
verge on the same physically optimal valve opening; the two experiments differ only in
which superheat variable (DSHEvap vs. DSH IHX) is used to index that optimum, and
the two variables are not numerically equivalent because they are measured at different
locations in the cycle.
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Figure 9. Heating performance variation with respect to the expansion valve opening and superheat
degree of evaporator outlet.

These results indicate that the heating capacity and COP reach their maximum values
when there is no superheat at the evaporator outlet (DSHEvap = 0 ◦C). Therefore, although
an optimal expansion valve opening exists depending on the operating conditions, using
the DSHIHX as the control variable for adjusting the expansion valve opening is evidently
more appropriate.

3.2.2. Effect of the Secondary Fluid Inlet Temperature in the Evaporator

Figure 10 shows the optimal IHX outlet superheat degree (DSHopt,IHX), Popt,dis, Qopt,gc,
and COPopt as functions of the secondary fluid inlet temperature in the evaporator under
optimal heating-operation conditions. As shown in the figure, as the secondary fluid
inlet temperature in the evaporator increased, DSHopt,IHX and Popt,dis increased, while the
heating capacity and COP also increased.

As discussed above, under heating-mode operation, a higher secondary fluid inlet
temperature in the evaporator increased the evaporating pressure, which reduced the
compression ratio while simultaneously increasing the refrigerant density at the compressor
suction. The reduced compression ratio lowered the compressor power consumption, while
the increased suction-side density improved the volumetric efficiency and thereby increased
the refrigerant mass flow rate, which in turn increased the heating capacity. As a result, the
combined increase in heating capacity and decrease in compressor power consumption led
to a marked improvement in COP, and consequently, the optimal COP, heating capacity,
and discharge pressure all exhibited a concurrent upward trend with increasing evaporator
secondary fluid inlet temperature.

Meanwhile, as shown in Figure 10a, as the secondary fluid inlet temperature on the
evaporator side increased, the rate of increase in the DSHopt,IHX became more gradual
than that of the DSHEvap, indicating a decrease in the heat exchange effectiveness and
heat transfer rate within the IHX. This behavior is attributable to a characteristic of the
transcritical CO2 cycle: as the evaporating pressure rose toward the critical point, the
saturated vapor enthalpy tended to decrease with increasing pressure, so that the latent
heat of vaporization decreased accordingly. This reduction in latent heat near the critical
point, in turn, resulted in an increase in the DSHIHX under the operating conditions
corresponding to the optimal high pressure.
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Figure 10. Optimum heating performance with respect to the inlet temperature of the secondary fluid
in the evaporator: (a) Discharge pressure and superheat degree at internal heat exchanger outlet;
(b) Heating capacity and COP.

3.3. Cooling Characteristics of CO2 Heat Pumps
3.3.1. Effect of Outlet Superheat

(1) IHX Outlet Superheat (DSHIHX)
Figure 11 shows the changes in the cooling performance of a CO2 heat pump system as

a function of the DSHIHX , under conditions where the inlet temperature of the secondary
fluid in the evaporator is 35 ◦C and the inlet temperature of the secondary fluid in the gas
cooler is 27 ◦C. As shown in Figure 11, the compressor discharge pressure increases as the
outlet superheat increases. However, the cooling capacity and COP first increase and then
decrease. As mentioned earlier, this phenomenon can be analyzed by dividing the cases
into those where the superheat increases (DSHIHX ≥ 25.3 ◦C) and those where it decreases
(DSHIHX ≤ 25.3 ◦C) relative to a specific superheat value (DSHIHX = 25.3 ◦C), as follows.

When the DSHIHX increases (DSHIHX ≥ 25.3 ◦C)—that is, when the expansion valve
opening decreases—the refrigerant flow rate decreases, resulting in a reduction in cooling
capacity and COP. Conversely, when the DSHIHX decreases (DSHIHX ≤ 25.3 ◦C)—that
is, when the expansion valve opening increases—the refrigerant flow rate increases. This
leads to an increase in the heat exchange within the IHX, resulting in a decrease in the
compression ratio. Consequently, the temperature difference between the refrigerant and
the secondary fluid in the evaporator decreases, reducing heat exchange effectiveness.
Therefore, both the cooling capacity and the COP decrease.

As shown in Figure 11, under test conditions where the inlet temperature of the
secondary fluid in the evaporator was 35 ◦C and the inlet temperature of the secondary
fluid in the gas cooler was 27 ◦C, the maximum cooling capacity and cooling COP occur
when the DSHopt,IHX at the outlet of the IHX is 25.3 ◦C. Therefore, taking this superheat as
the optimal superheat, the Popt,dis is 11.15 MPa, the Qopt,e is 5.7 kW, and the COPopt is 1.9.

As in the heating-mode tests (Section 3.2.1 (1)), the compressor operated at a fixed,
constant speed throughout all cooling-mode tests shown in Figure 11; no inverter was
connected to the compressor in this study. Compressor power consumption and discharge
temperature, both measured directly, are added as companion traces to Figure 11 so that the
reader can confirm that the observed capacity/COP optimum is not an artifact of changing
compressor input power.
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Figure 11. Cooling performance variation with respect to the expansion valve opening and superheat
degree of internal heat exchanger outlet. (a) Pdis, Qe, and COP; (b) Wcomp and Tdis.

(2) Evaporator Outlet Superheat (DSHEvap)
Figure 12 shows the variation in the cooling performance of a CO2 heat pump system

as a function of DSHEvap under conditions where the inlet temperature of the secondary
fluid in the evaporator is 35 ◦C and the inlet temperature of the secondary fluid in the
gas cooler is 27 ◦C. As shown in Figure 12, the characteristics of system performance
variations resulting from adjustments to the expansion valve opening in cooling mode
are similar to those observed under heating conditions, and there is a distinct optimal
expansion valve opening that maximizes system performance. However, compared to the
heating test results, the maximum cooling capacity and COP are achieved in the range
where DSHEvap is present. If sufficient DSHEvap is not maintained, refrigerant in a two-
phase flow state enters the IHX, ultimately leading to a reduction in cooling capacity.
Therefore, to achieve high levels of cooling performance, DSHEvap must be maintained. In
summary, when optimizing performance through expansion valve control in a heat pump
system with an IHX, it is more appropriate to adopt “DSHIHX” as the control variable
rather than “DSHEvap.” This is because, although the DSHEvap can be utilized even under
cooling conditions, the DSHIHX provides a wider temperature tolerance range that allows
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for flexible control of the system’s overall cooling and heating capacity and enables the
identification of the optimal operating point.
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Figure 12. Cooling performance variation with respect to the expansion valve opening and superheat
degree of evaporator outlet.

As shown in Figure 12, when the inlet temperature of the secondary fluid in the
evaporator is 35 ◦C, the inlet temperature of the secondary fluid in the gas cooler is 27 ◦C.

The maximum cooling capacity and cooling COP occur when DSHopt,Evap is 14.63 ◦C.
The corresponding compressor-suction superheat (DSH IHX) resulting at this optimal
evaporator-outlet superheat setting was close to, but not identical to, DSHopt,IHX = 25.3 ◦C
found in Figure 11, for the same reason given in Section 3.2.1 (2) for the heating-mode
Figures 6 and 7 comparison: DSHEvap and DSH IHX are measured at different locations in
the cycle and are not numerically equivalent, even though both sweeps locate the same
physically optimal valve opening.

As in the heating-mode comparison (Section 3.2.1 (2)), the optimum identified via
DSHEvap in Figure 12 (Popt,dis = 11.3 MPa, Qopt,e = 5.64 kW, COPopt = 1.9) is closely consis-
tent with—rather than a repetition of—the optimum identified via DSH IHX in Figure 11
(Popt,dis = 11.15 MPa, Qopt,e = 5.7 kW, COPopt = 1.9); both sweeps locate the same under-
lying optimal valve opening, and the small numerical differences between them (11.15
vs. 11.3 MPa; 5.7 vs. 5.64 kW) reflect ordinary point-to-point variation between two
independent experimental sweeps rather than any inconsistency in the results.

The discharge pressure shown in Figure 12 was likewise not independently controlled:
it is a dependent outcome of the manually set valve opening (and hence of DSH IHX)
at the fixed secondary-fluid boundary conditions (T2nd,e,i = 35 ◦C, T2nd,gc,i = 27 ◦C).
Popt,dis = 11.15 MPa identifies, post hoc, which of the tested valve openings produced
the pressure at which cooling capacity and COP were maximized; it is not a pressure that
was independently regulated or targeted during the test.

3.3.2. Effect of the Secondary Fluid Inlet Temperature in the Gas Cooler

Figure 13 shows the DSHopt,IHX, Popt,dis, Qopt,e, and the COPopt, cooling, among other
parameters, as a function of changes in the secondary fluid inlet temperature within the
gas cooler under optimal cooling operating conditions.

In Figure 13, it can be seen that as the inlet temperature of the secondary fluid in the
gas cooler increases, the DSHopt,IHX increases, and consequently, the compressor outlet
pressure rises. Similar to the results of the optimal heating experiment, as the refriger-
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ant pressure on the evaporator side increases, the latent heat of evaporation decreases,
causing DSHIHX to rise under operating conditions that satisfy the optimal high-pressure
requirement.

As shown in the results in Figure 13, as the temperature of the secondary fluid entering
the gas cooler rises, the optimal cooling capacity and COP decrease. This is because during
cooling operation, the temperature rise of the secondary fluid on the gas cooler side pushes
up the refrigerant pressure, thereby increasing the compression ratio and ultimately leading
to an increase in refrigerant flow rate. However, as the expansion valve opening decreases
in tandem with this, the rate of increase in refrigerant flow rate is relatively lower than the
rate of increase in compressor power consumption. Consequently, the refrigerant pressure
on the evaporator side rises, narrowing the temperature difference with the secondary fluid
and, as a result, reducing the effective heat transfer rate. In other words, while cooling
capacity decreases, the power required by the compressor increases, resulting in a lower
COP. For this reason, the optimal COP and cooling capacity decrease, while the discharge
pressure increases.
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Figure 13. Optimum cooling performance with respect to the inlet temperature of the secondary
fluid in the gas cooler: (a) Discharge pressure and superheat degree at internal heat exchanger outlet;
(b) Cooling capacity and COP.

4. Discussion
The present results reinforce the general premise, established analytically for tran-

scritical CO2 cycles, that an optimal high-side operating pressure exists at which cycle
performance is maximized [2,10]. By identifying this optimum in terms of the directly
controllable DSHIHX rather than discharge pressure itself, which is not straightforward
to regulate directly via the expansion valve, the present study extends the optimal-high-
pressure control concept demonstrated by Sarkar et al. [8] and Chen and Gu [10] into a
form that is directly actionable for expansion valve control in a practical water-cooled CO2

heat pump.
A notable point of contrast arises with respect to the DSHEvap results. Whereas

the present study found that heating and cooling capacity and COP were maximized at
DSHEvap = 0 ◦C and declined monotonically as DSHEvap increased, Bullock [5] reported a
COP improvement of approximately 5% when the DSHEvap was expanded from 0 ◦C to
20 ◦C in an IHX-equipped cycle. This apparent discrepancy may stem from differences
in system configuration, compressor characteristics, or in how the high-side pressure was
regulated across the two studies; however, it also suggests that the benefit of evaporator-
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outlet superheating relative to IHX-outlet superheating may be system-dependent and
warrants further comparison under matched operating conditions.

The degradation in performance observed beyond the DSHopt,IHX is consistent with
the mechanism proposed by Rozhentsev and Wang [6], who reported that excessive internal
heat exchanger surface area or heat exchange capacity can reduce, rather than improve,
system COP. In the present study, this manifested as a pinch-point-induced reduction in
heat exchange effectiveness at high superheat degrees, providing further experimental
support for the existence of a practical upper limit on IHX heat exchange duty in transcritical
CO2 systems.

The finding that the DSHIHX offers a wider effective control range than the DSHEvap

is consistent with the observation of Chen and Gu [10] that an IHX reduces the sensitivity of
overall system performance to the refrigerant quality at the evaporator outlet. This buffering
effect is precisely what makes DSHIHX the more practical control variable identified in
this study: whereas the DSHEvap must be held tightly near 0 ◦C to sustain near-optimal
performance, the IHX moderates the impact of deviations in evaporator-side conditions,
allowing the expansion valve to be regulated over a broader operating window without a
comparable performance penalty.

More broadly, the similarity between the present trends with respect to secondary
fluid inlet temperature and those long established for subcritical, HFC-based heat pump
cycles suggests that conventional heat pump design and control heuristics remain largely
transferable to transcritical CO2 systems, despite the fundamentally different high-side
thermodynamic behavior illustrated in Figure 1. This is a practically encouraging result for
the continued adoption of CO2 as a natural, environmentally benign refrigerant in water-
cooled heat pump applications and supports the broader research direction motivated by
Lorentzen and Pettersen [3] and subsequent studies [4,7–9,11–14] of using IHX integra-
tion to close the performance gap between transcritical CO2 systems and conventional
subcritical alternatives.

Several limitations of the present study should be acknowledged. First, the experi-
ments were conducted using a single IHX geometry (a double-pipe exchanger of fixed tube
diameter and length range); given that Cao et al. [13] reported a significant dependence
of the optimal discharge pressure on IHX length, the present optimal superheat values
should be interpreted as specific to the tested IHX configuration rather than universal.
Second, the secondary fluid inlet temperature ranges investigated (10–35 ◦C for the evap-
orator, 20–27 ◦C for the gas cooler) do not extend to the elevated ambient conditions (up
to 45 ◦C) considered by Purohit et al. [12], under which IHX benefits have been reported
to be especially pronounced; extending the present test matrix to such conditions would
help generalize the control strategy proposed here. Third, the test rig has no bypass line
around the IHX. Consequently, the evaporator’s own intrinsic stable-operation envelope—
expressed as the Minimum Stable Signal (MSS), i.e., the evaporator-outlet superheat below
which hunting/instability occurs, as a function of refrigerant mass flow rate—could not
be characterized independently of the IHX prior to the coupled tests reported here. All
DSHEvap values reported in Section 3.2.1 (2) and Section 3.3.1 (2) are therefore cycle-level,
IHX-coupled observations rather than a validated evaporator MSS map. Future revisions
of the rig will incorporate an IHX bypass line so that the evaporator can be characterized in
isolation (MSS vs. refrigerant mass flow rate) before it is used in coupled superheat-control
experiments.

Future work should also examine the coupling between IHX-outlet-superheat-based
expansion valve control and variable compressor speed operation, following the approach
of Cho et al. [9], as well as an exergetic evaluation of the optimal operating points identified
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here, in the manner of Sarkar et al. [8], to quantify the thermodynamic quality, not only the
COP, of operation at the identified optimum.

5. Conclusions
To optimize the design of a CO2 water-cooled heat pump system incorporating an

IHX, the experimental results on performance characteristics as a function of DSHIHX and
secondary fluid inlet temperature are summarized as follows:

1. Under heating-mode operating conditions, the compressor discharge pressure in-
creased with increasing DSHIHX . However, the heating capacity and COP decreased
whenever the DSHIHX deviated—either higher or lower—from a specific optimal
value. Similarly, as the DSHEvap outlet increased, the compressor discharge pressure
rose while the heating capacity and COP declined. These results indicate the existence
of an optimal expansion valve opening at which the heating-mode COP of the CO2

heat pump reaches a maximum. Accordingly, the expansion device should be set to
the optimal opening based on the specific operating conditions of the heat pump.

2. In cooling mode, the compressor discharge pressure likewise increased with increasing
DSHIHX; however, the cooling capacity and COP initially increased before subse-
quently decreasing beyond a certain superheat range. In addition, as the secondary
fluid inlet temperature at the gas cooler increased, both the DSHopt, IHX and the corre-
sponding compressor discharge pressure increased. Consistent with the heating-mode
results, an increase in evaporator-side refrigerant pressure reduced the latent heat of
evaporation; consequently, the IHX outlet superheat required to satisfy the optimal
high-pressure condition tended to increase accordingly.

3. Under heating conditions with secondary fluid inlet temperatures of 10 ◦C (evapora-
tor) and 20 ◦C (gas cooler), a maximum heating capacity of 7.6 kW and a COP of 3.26
were achieved at an IHX outlet superheat of 18.8 ◦C, corresponding to an optimal dis-
charge pressure of approximately 7.9 MPa. Under cooling conditions with secondary
fluid inlet temperatures of 35 ◦C (evaporator) and 27 ◦C (gas cooler), a maximum
cooling capacity of 5.7 kW and a COP of 1.9 were achieved at an DSHIHX of 25.3 ◦C,
with an optimal discharge pressure of approximately 11.15 MPa.

4. These results confirm the existence of optimal high-pressure conditions that maximize
both capacity and COP in both cooling and heating modes. Within the experimental
range examined in this study, the system can therefore be operated near its maximum
COP by using the DSHIHX as a control variable to adjust the expansion valve opening.
Precise control of the expansion valve opening is thus identified as a key factor in
improving the performance of CO2 heat pump systems.

5. In both heating and cooling modes, the response of the CO2 heat pump system to
variations in secondary fluid inlet temperature at the evaporator and gas cooler was
found to be qualitatively similar to that of conventional Freon-based refrigeration
cycles. This finding demonstrates that variations in secondary fluid inlet temperature
significantly affect the COP of the CO2 heat pump system.
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Glossary

Nomenclature
COP Coefficient of performance -
Cp Specific heat at constant pressure kJ/kg·K
DSH Degree of superheat ◦C
EB Heat balance %
h Enthalpy kJ/kg
IHX Internal heat exchanger -
k Coverage factor -
m Mass flow rate kg/s
P Pressure MPa
Q Heat transfer rate kW
R Measured variable -
T Temperature ◦C
U Uncertainty -
UA Overall heat-transfer conductance kW/K
X Dimensionless axial position -
W Input power kW
Subscripts
2nd Secondary fluid -
dis Compressor discharge -
comp Compressor -
e, Evap Evaporator -
gc Gas cooler -
i Inlet -
IHX Internal heat exchanger -
lm Log mean -
o Outlet -
opt Optimal value -
ratio Ratio -
re Refrigerant -
s Saturation -
suc Suction -
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