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Abstract: As a clean energy technology, air source heat pump (ASHP) technology has gar-
nered increasing attention nowadays; however, the sharp decline in energy efficiency under
low-temperature conditions remains a significant challenge impeding their widespread
adoption. In this paper, in response to the demand under the Australian standard, math-
ematical modeling was carried out to explore the technical strategy for improving the
performance of an ASHP; then, these strategies were evaluated by simulation calculation
and experiment. The results show that, using frequency conversion, the coefficient of
performance of the heat pump system (COP) reaches a maximum value of 2.48 when the
frequency is 50 Hz, and the COP of the heat pump can reach a maximum value of 2.51 when
the opening of the expansion valve is about 40%. Then, a new type of mixed refrigerant
(R134a:R600a:R290) was proposed; the COP of the system reaches 2.502 when the mixture
ratio is 1:6:3, which is an improvement of 6.61% compared to the use of only R134a. Finally,
an analysis of the annual energy consumption under Australian weather conditions was
conducted; the average COP is about 3.894, which is 6.3% higher than the result of using
R134a. These results provide a theoretical basis for the development of a heat pump system
that meets Australian standards.

Keywords: air source heat pump water heater (ASHPWH); coefficient of performance
(COP); annual performance; low-temperature conditions; improvement strategy

1. Introduction
In recent years, driven by the global push for carbon neutrality and the growing com-

plexity of the international energy landscape resulting from regional instability, countries
have reached broad consensus on the urgent need to accelerate the transformation of energy
structures. Within this framework, air source heat pump (ASHP) technology has emerged
as a promising clean energy solution for large-scale application. Among the various ASHP
technologies, air source heat pump water heater (ASHPWH) systems have become a focal
point for development, with ongoing advancements in both their fundamental theory and
engineering applications.

The efficiency of an ASHP is heavily influenced by fluctuations in ambient temperature.
In colder environments, conventional systems often experience inadequate evaporation
pressure, leading to a substantial rise in the compressor’s pressure ratio. This results in a
marked decline in the compressor’s energy efficiency and elevated exhaust temperatures.
At extremely low temperatures, such as −30 ◦C, traditional air source heat pumps struggle
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to achieve the desired water temperature [1]. Therefore, enhancing their stability and
efficiency during winter remains a critical technical challenge for broader adoption. To
address this, researchers have proposed numerous solutions for effective winter heating.

With regard to the optimization and enhancement of the structural design of ASHPWH
systems, Bahman et al. [1] have emphasized that the precise regulation of the compressor
discharge temperature is decisive for safeguarding the long-term reliability and operational
efficiency of the system under low-temperature operating conditions. Studies have con-
firmed that this temperature control goal can be effectively achieved by using engineering
and technical means, such as multiphase compression cycles, gradient cycle regulation
strategies, and oil and gas separation devices. Zhang, D. [2] conducted empirical ex-
perimental studies under varying climatic conditions by establishing a multi-operating
condition experimental platform for an enhanced steam-injection air source heat pump
system. Notably, the coefficient of performance (COP) of this innovative system remained
exceptionally high at 2.0, even under extreme operating conditions of −11.2 ◦C. These im-
pressive data offer strong evidence that steam-injection technology significantly enhances
the performance of heat pump systems under various operating conditions.

Bach, C. K. [3] investigated a multifunctional heat pump configuration capable of
operating through three operational strategies: adjustable dual-stage air injection, flash
gas bypass, and conventional single-stage compression. Under fixed compressor rotation
conditions, the modified system exhibited a 28% enhancement in heating capacity at the
8.33 ◦C operating condition relative to conventional non-injected systems. Notably, when
matching heating outputs through compressor speed regulation between standard and
vapor-injection configurations, the system achieved up to a 6% improvement in COP under
sub-zero conditions (−8.33 ◦C). Xu, Y. et al. [4] performed experimental research on a
leaf-grid air source heat pump in the harsh −20 ◦C conditions of northern China, analyzing
the effects of ambient temperature and operational modes on the system’s COP. The
results revealed that the COP could consistently exceed 1.69. Recent studies suggest that
dividing the refrigerant compression process into multiple stages is a common approach
to improving air source heat pump performance in sub-zero temperatures. However,
the implementation of the lobe-grid cycle is limited by the high initial costs, and multi-
stage compressors often experience significant performance degradation under off-design
conditions. In contrast, techniques such as variable frequency regulation of conventional
compressors and the use of variable expansion valves are still considered more effective for
optimizing the annual performance of air source heat pump systems.

Research into refrigerants reveals that air source heat pumps utilizing conventional
refrigerants like pure R134a experience notable COP deterioration under lower ambient
temperatures [5]. Luo, J. et al. [6] conducted comprehensive analytical and experimental
investigations on an integrated single-stage air source heat pump employing a ternary
refrigerant blend. The system’s operating parameters, such as pressure and concentration,
were precisely controlled through the coordinated adjustment of multiple valves and
reservoirs. By employing CO2/R134a/R600 as the refrigerant, the operating pressure and
mixture concentration were effectively managed within an ambient temperature range
of −30 ◦C to 0 ◦C. Additionally, the coefficient of performance (COP) rose from 1.834 to
2.546 when generating hot water at 75 ◦C.

Xiao, B. et al. [7] from the Green Energy Research Laboratory proposed a refrigerant
blend composed of R290, R600a, and R13I1, which has a low global warming potential
(GWP) and zero ozone depletion potential (ODP), as a substitute for R134a in an ASH-
PWH. They also evaluated the cycling performance of this proposed blend, a control blend,
and R134a under various operating conditions. The analysis aimed to show that, com-
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pared to R134a, the blend offers advantages such as reduced condensing pressure, lower
compression ratio, higher heat capacity, and an improved coefficient of performance (COP).

Current research highlights that pure CO2, R290, R600a, and refrigerant mixtures are
viable options for low-temperature applications. However, pure CO2 is unsuitable for
systems where the return water temperature surpasses its critical temperature limit [5,8].
Conversely, mixed refrigerants demonstrate superior performance in applications requiring
substantial thermal gradients between heat exchangers and thermal sources, particularly in
hydronic systems where supply/return water temperatures exceed ambient conditions.

Li, J. [9] conducted a performance evaluation of a hybrid heating system integrating a
large-scale flat-plate solar collector (FPC) with an air source heat pump (ASHP). Through
experimental and numerical investigations, the study revealed an average collector effi-
ciency of 0.42 for the FPC system, with solar energy contributing 31.8% of seasonal heating
demand and an average system COP of 3.08, demonstrating effective synergy between solar
and ambient energy utilization. In subsequent research [10], Li further investigated an air
source heat pump-assisted solar evacuated tube water heater (SETWH-ASHP) for winter
heating, performing a comprehensive analysis of technical and economic viability across
three operational configurations. The results indicated that, during the heating season, the
solar water heat pump (SWHP) delivered 6300.3 kWh of thermal energy at an average COP
of 3.5, while the auxiliary ASHP provided 7970.8 kWh with a COP of 2.9.

The advancement of single-stage air source heat pump systems employing eco-friendly
refrigerant combinations for low-temperature water heating represents a critical research
focus, balancing thermal performance optimization, system configuration complexity, capi-
tal expenditure requirements, and ecological sustainability considerations. However, the
existing literature needs to be more robust with studies of region-specific design conditions,
and studies of year-round system energy optimization are relatively scarce, especially in
regard to compliance with Australian standards. The purpose of AS/NZS4234:2021 [11] is
to provide methods to quantify the energy consumption of a heating liquid system and to
calculate the energy savings relative to a reference heater. The reference heater system used
to quantify energy savings relative to the previous version has been updated in accordance
with the latest environmental protection and service requirements as well as the most recent
weather records for a typical meteorological year. This regulatory evolution necessitates
the accelerated development of standardized heat pump systems compliant with updated
benchmarking criteria.

2. System Modelling
2.1. Principle of Heat Pump for Air Source Water Heater

The thermodynamic operational principles of an ASHPWH share fundamental par-
allels with vapor-compression refrigeration cycles. A minimal electrical input drives
compressor operation, generating a high-enthalpy vapor state. This pressurized vapor
undergoes phase transition in the condenser, transferring latent heat to elevate water tem-
perature while condensing to high-pressure liquid. The refrigeration cycle is completed
through isenthalpic expansion and subsequent ambient heat absorption in the evaporator
via metered refrigerant flow control. During the condensation phase, a phase-change heat
rejection process elevates stored water temperatures to the 50–65 ◦C operational range,
sustaining cyclical heating as schematized in Figure 1. However, the operational efficacy of
air source water heating systems exhibits strong thermal coupling with ambient conditions,
accompanied by inherently transient thermodynamic characteristics. This interdependence
necessitates the implementation of adaptive control frameworks integrating real-time com-
pressor frequency modulation synchronized with dynamic thermal load fluctuations and
coordinated electronic expansion valve orifice adjustments. Through such synergistic
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actuation strategies, precise superheat regulation and enhanced COP can be systematically
maintained across variable operating regimes, thereby optimizing energy conversion effi-
ciency while ensuring stable system operation under transient environmental conditions.

Energies 2025, 18, x FOR PEER REVIEW 4 of 20 
 

 

conditions, accompanied by inherently transient thermodynamic characteristics. This in-
terdependence necessitates the implementation of adaptive control frameworks integrat-
ing real-time compressor frequency modulation synchronized with dynamic thermal load 
fluctuations and coordinated electronic expansion valve orifice adjustments. Through 
such synergistic actuation strategies, precise superheat regulation and enhanced COP can 
be systematically maintained across variable operating regimes, thereby optimizing en-
ergy conversion efficiency while ensuring stable system operation under transient envi-
ronmental conditions. 

 

Figure 1. Pressure–enthalpy diagram of the system. 

In the operational cycle of an air source heat pump water heater (ASHPWH), the 
compressor elevates low-temperature, low-pressure refrigerant vapor from the evapora-
tor outlet (State 1) to a high-enthalpy vapor state (State 2). While ideal compression fol-
lows an isentropic trajectory (Process 1–2), practical deviations (1–2′ to 1–2′′) arise from 
variable-speed modulation and non-ideal compression efficiency. The superheated vapor 
then undergoes phase transition in the water-cooled condenser (The ideal Process is 2–3, 
but in practice it is 2′–3′ or Process 2″–3″), rejecting latent heat to the hydronic loop and 
transitioning to a subcooled liquid state (State 3). Subsequent isenthalpic expansion 
through the electronically regulated metering device induces flash vaporization, yielding 
a low-quality two-phase mixture (State 4). Theoretically modeled as a constant-enthalpy 
process (3–4), actual throĴling dynamics (3–4 to 3–4′) are governed by valve aperture 
modulation and transient pressure differentials. This biphasic refrigerant subsequently 
enters the air source evaporator, absorbing ambient thermal energy during isobaric evap-
oration (Process 4–1 or Process 4′–1′), thereby completing the thermodynamic cycle. 

The operational parameters of a refrigeration cycle typically encompass a range of 
variables, including the condensing temperature, evaporating temperature, subcooling 
temperature, and superheat. The required parameters will be determined according to the 
climate characteristics of the area where the unit is applicable and according to relevant 
norms and experience. The mathematical model of an ASHPWH is based on the following 
assumptions [12,13]: 

(1) The pressure drop of the refrigerant in the exchanger and piping is assumed to be 
negligible. 

(2) Heat loss from the evaporator, condenser, compressor, electronic expansion valve, 
and piping to the surroundings needs to be addressed. 

(3) The compressor inlet superheat temperature is assumed to be 5 °C, with a subcooling 
of 5 °C at the condenser outlet temperature. 

Figure 1. Pressure–enthalpy diagram of the system.

In the operational cycle of an air source heat pump water heater (ASHPWH), the
compressor elevates low-temperature, low-pressure refrigerant vapor from the evaporator
outlet (State 1) to a high-enthalpy vapor state (State 2). While ideal compression follows an
isentropic trajectory (Process 1–2), practical deviations (1–2′ to 1–2′ ′) arise from variable-
speed modulation and non-ideal compression efficiency. The superheated vapor then
undergoes phase transition in the water-cooled condenser (The ideal Process is 2–3, but
in practice it is 2′–3′ or Process 2′′–3′′), rejecting latent heat to the hydronic loop and
transitioning to a subcooled liquid state (State 3). Subsequent isenthalpic expansion through
the electronically regulated metering device induces flash vaporization, yielding a low-
quality two-phase mixture (State 4). Theoretically modeled as a constant-enthalpy process
(3–4), actual throttling dynamics (3–4 to 3–4′) are governed by valve aperture modulation
and transient pressure differentials. This biphasic refrigerant subsequently enters the air
source evaporator, absorbing ambient thermal energy during isobaric evaporation (Process
4–1 or Process 4′–1′), thereby completing the thermodynamic cycle.

The operational parameters of a refrigeration cycle typically encompass a range of
variables, including the condensing temperature, evaporating temperature, subcooling
temperature, and superheat. The required parameters will be determined according to the
climate characteristics of the area where the unit is applicable and according to relevant
norms and experience. The mathematical model of an ASHPWH is based on the following
assumptions [12,13]:

(1) The pressure drop of the refrigerant in the exchanger and piping is assumed to
be negligible.

(2) Heat loss from the evaporator, condenser, compressor, electronic expansion valve, and
piping to the surroundings needs to be addressed.

(3) The compressor inlet superheat temperature is assumed to be 5 ◦C, with a subcooling
of 5 ◦C at the condenser outlet temperature.

(4) The throttling process in the throttle valve is isenthalpic.
(5) The compression process of the compressor is adiabatic.

2.2. Compressor Modelling

The compressor represents the most critical component in an ASHP, exerting a di-
rect influence on the operational characteristics of the unit. The rotational speed of the
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compressor can be determined through a calculation based on the compressor’s rotational
frequency ( f ), the rate of rotation (s), and the logarithm of the electrode. This calculation is
presented in Equation (1):

N =
60 f (1 − s)

p
(1)

The refrigerant mass flow rate through the compressor can be calculated using four
key parameters: the compressor’s displacement volume (V), volumetric efficiency (ηv),
rotational speed (N), and the refrigerant’s inlet-specific volume. This relationship is math-
ematically represented in Equation (2), which provides the formula for determining the
compressor’s mass flow rate:

.
m = ηv ·

N · V
v

(2)

The compressor’s volumetric efficiency (ηv) and isentropic efficiency (ηs) exhibit func-
tional dependence on the pressure ratio (ε), with their mathematical correlation explicitly
established in Equation (3) [14]:

ηv = 0.959 − 0.006422ε, ηs = 0.874 − 0.0135ε (3)

The compressor’s shaft power can be determined through the thermodynamic rela-
tionship analytically defined in Equation (4):

Pts =
.

m(h2 − h1) (4)

Within the thermodynamic framework,
.

m denotes the refrigerant mass flow rate
through the compressor, with h1 (state point 1) and h2 (state point 2) corresponding to
the refrigerant’s specific enthalpy at the suction and discharge ports, respectively. The
discharge enthalpy h2 is derived through the isentropic efficiency, a critical thermodynamic
parameter formulated in Equation (5) that quantifies the deviation between actual and
ideal compression processes:

h2 = h1 +
h2s − h1

ηs
(5)

Equation (5) above calculates the isentropic power. However, due to the existence
of heat exchange loss, friction, and other factors in the compressor itself, the mechanical
efficiency (ηm), indicated efficiency (ηi), and motor efficiency (ηmo) also need to be taken
into account in calculating the actual efficiency of the compressor. Therefore, the actual
power of the compressor can be expressed in Equation (6) as follows:

P =
Pts

ηiηmηmo
(6)

2.3. Condenser Modelling

In ASHPWH systems, the condenser assembly integrates a tubular heat exchanger
immersed within the insulated water storage vessel. The refrigerant-side thermal char-
acteristics are governed by the phase-change heat transfer correlation expressed in
Equation (7) [7]:

Qr = hr Ai(Tm,r − Twall) (7)

The heat exchanger performance on the refrigerant side can be obtained by the follow-
ing Equation (8):

Qw = hw Ao(Twall − Tm,w) (8)
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where Q, h, and Tm represent the total thermal transport capacity, heat transfer coefficient,
and logarithmic mean temperature differential, respectively, and A is the heat transfer area.
The subscripts r and w represent the refrigerant side and the water side, respectively, and the
subscripts i and 0 indicate the internal and external wall temperatures of the condensing coil.
For single-phase flow on the refrigerant interfaces, the heat transfer coefficient can be calculated
using the standard Dittus–Boelter model by the following Equations (9) [15] and (10):

hr = 0.023R0.8
e P0.3

r (9)

hr =
αidi

λ
, Re =

ρvdi
µ

(10)

where λ is the thermal conductivity, v is the refrigerant flow rate, αi is the refrigerant side of
the heat transfer coefficient, µ is the viscosity coefficient, ρ is the density of the refrigerant,
and di is the diameter of the refrigerant circulation pipe.

In this study, a one-dimensional condenser heat transfer model is proposed to describe
the energy exchange process between refrigerant and hot water. According to this model,
it can be deduced that the refrigerant can be approximated to maintain a relatively stable
temperature distribution during the heat transfer process, which ensures that the overall
heat exchange capacity of the condenser basically matches the actual working conditions.
The modelling method has been validated in the literature [7] and proved to be suitable for
the analytical calculation of one-dimensional steady-state heat transfer processes. For more
accurate condenser model modelling, a three-dimensional heat transfer model is required.

2.4. Throttle Modelling

The throttling phenomenon occurring within the throttle valve is regarded as an
isenthalpic process, wherein the specific enthalpy of the refrigerant exhibits invariance
prior to and subsequent to the throttling event. Consequently, the mass flow rate traversing
the throttle valve can be determined via the subsequent Equation (11):

.
mvalve = Avalve · Cvalve ·

√
2ρvalve,in(Pvalve,in − Pvalve,out) (11)

where Cvalve is the flow coefficient of the throttle valve. ρvalve,in is the refrigerant density at
point 3 of the valve inlet. Pvalve,in and Pvalve,out are the inlet pressure and outlet pressure of
the valve, i.e., the pressure at state point 3 and state point 4, respectively. According to the
opening of the throttle valve (φ) and nominal orifice (Avalve), the effective flow area of the
throttle valve can be obtained as follows:

Avalve = Avalve,n · (1 − (1 − φ)2)Cvalve (12)

where the openness φ ranges from 0% to 100%.

2.5. Evaporators

The mass flow rate of the refrigerant in the evaporator corresponds to the compressor’s
mass flow rate; consequently, the thermal energy transfer on the refrigerant side can be
derived utilizing Equation (13):

Qr = mr(h4 − h1) = αr A(Tre − Tt) (13)

where mr is the flow rate of refrigerant in the tube, h4, h1 is the enthalpy of refrigerant at 4
points and 1 point, respectively, αr is the heat transfer coefficient of the refrigerant side of
the evaporator, A is the heat transfer area of the refrigerant side, and Tre, Tt is the tube wall
temperature and the average temperature of the refrigerant, respectively.
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The heat exchange capacity on the air side can be obtained from the following
Equations (14) and (15):

Qa = ma(h4 − h1) = ξαa Aout(Ta − Tt) (14)

ξ =
h1 − h2

cpa(Ta1 − Ta2)
(15)

where ma is the flow rate of air in the tube, h2, h1 are the enthalpy of the air outlet and
inlet, respectively, αa is the heat transfer coefficient of the evaporator air measurement, Aout

is the outer surface area of the evaporator tube, Ta is the average temperature of the air,
Ta =

1
2 (Ta1 + Ta2). ξ is the coefficient of humidity precipitation, and cpa is the specific heat

of the air. For single-phase flow on the refrigerant side, the heat transfer coefficient αa is
calculated using the Petukhov–Popov formula [16]:

Nu =
ardi−e

λ
=

f
8 RePr

1.07 + 12.7
√

f
8 (Pr

2
3 − 1)

(16)

where Pr is the Prandtl number of the refrigerant, Re is the Rayleigh number, f is the
turbulent friction number, and λ is the thermal conductivity of the refrigerant.

2.6. Performance Analysis Modelling

The schematic configuration of the ASHPWH system is illustrated in Figure 2. The sys-
tem incorporates four principal components: an evaporator unit, a condensation assembly,
a reciprocating compressor, and an expansion device. The experimental setup employed a
Panasonic H124C6REAAC2 compressor (Model: SC-51173999-FG-01, Panasonic Wanbao
(Guangzhou) Compressor Co., Ltd., Guangzhou, China), featuring a rotational velocity of
2900 rpm and a displacement volume of 12.4 cm3. The thermal exchange subsystems consist
of an air-side finned-tube heat exchanger for evaporative processes and a water-cooled
shell-and-tube heat exchanger for condensation applications.
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To investigate the thermodynamic performance of aerothermal heat pump systems,
Trnsys v18 simulation software was initially employed for assessing critical operational
metrics, including energy expenditure and coefficient of performance (COP). However, this
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research entails dynamic modulation of multiple system variables—compressor frequency,
electronic expansion valve aperture, and evaporative/condensing temperature thresholds—
introducing parametric control limitations within the Trnsys environment. Consequently,
an Aspen-based simulation framework was implemented, with the integrated system
architecture presented in Figure 3. The Aspen platform enables methodical development of
component-level models for the four principal subsystems of aerothermal pumps, facili-
tating system-level simulation through parameter optimization processes. Furthermore,
composition modulation of novel refrigerant mixtures can be systematically executed via
Aspen’s thermodynamic libraries. Through bidirectional data interfacing between Aspen
and Trnsys, cross-platform parameter correlation was achieved. By transmitting Aspen’s
simulation results to Trnsys, relevant data can be correlated. A transient model of a heat
pump capable of analyzing the annual thermal performance of an ASHPWH was devel-
oped, and the Aspen and Trnsys joint simulation system was constructed, as shown in
Figure 3.
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2.7. Performance Analysis at Different Air and Water Temperatures
2.7.1. Simulation Results

The variation in ambient temperature and outlet water temperature exerts a direct
impact on the operational performance of air source heat pumps. Through simulation
analysis of the model, this study derived the correlation between the COP of the air
source heat pump unit and outlet water temperature variations under different ambient
temperature conditions, as illustrated in Figure 4. The results demonstrate that, when
the system’s initial water temperature was set at 20 ◦C, the maximum COP value of
10.79 was achieved under combined conditions of 35 ◦C ambient temperature and 35 ◦C hot
water temperature. However, as the ambient temperature decreased and the outlet water
temperature increased, the COP exhibited a gradual decline, showing particular sensitivity
to ambient temperature fluctuations. Notably, under extreme operating conditions with
ambient temperature dropping to −15 ◦C and outlet water temperature rising to 65 ◦C, the
system’s COP diminished significantly to 1.283.



Energies 2025, 18, 1392 9 of 19

Energies 2025, 18, x FOR PEER REVIEW 9 of 20 
 

 

 

Figure 3. Simulation model based on ASPEN and TRNSYS. 

2.7. Performance Analysis at Different Air and Water Temperatures 

2.7.1. Simulation Results 

The variation in ambient temperature and outlet water temperature exerts a direct 
impact on the operational performance of air source heat pumps. Through simulation 
analysis of the model, this study derived the correlation between the COP of the air source 
heat pump unit and outlet water temperature variations under different ambient temper-
ature conditions, as illustrated in Figure 4. The results demonstrate that, when the sys-
tem’s initial water temperature was set at 20 °C, the maximum COP value of 10.79 was 
achieved under combined conditions of 35 °C ambient temperature and 35 °C hot water 
temperature. However, as the ambient temperature decreased and the outlet water tem-
perature increased, the COP exhibited a gradual decline, showing particular sensitivity to 
ambient temperature fluctuations. Notably, under extreme operating conditions with am-
bient temperature dropping to −15 °C and outlet water temperature rising to 65 °C, the 
system’s COP diminished significantly to 1.283. 

 

Figure 4. System COP under different weather and water discharge temperatures. 

  

Figure 4. System COP under different weather and water discharge temperatures.

2.7.2. Analysis of Causes

The reason for this change pattern is that, as the demand for hot water temperature
increases, the heat exchange temperature difference of the condenser gradually decreases,
and the compressor needs to increase power to meet the increase in heat exchange capacity,
resulting in an increase in COP. Similarly, as the demand temperature decreases, the
heat exchange temperature difference of the evaporator decreases, and the compressor
also needs to increase power to improve the working fluid flow rate and outlet demand
conditions, resulting in a decrease in the COP of the air heat pump system. As shown in
the figure, when the ambient temperature is below 5 ◦C, the energy efficiency of the heat
pump is only about 2.3, which is more than double that of 25 ◦C. Therefore, improving
the energy efficiency of the system under low-temperature conditions is the primary issue
faced by air source water heaters, and this deserves further discussion and analysis.

2.7.3. Experimental Result

In order to verify the accuracy of the simulation model, the environmental conditions
of the simulation and experiment are detailed in Table 1, and several key temperature points
in the heating process were simulated, specifically including the inlet water temperatures
of 20 ◦C, 30 ◦C, 40 ◦C, and 50 ◦C, respectively. The leading test equipment is shown in
Figure 5.

Table 1. Experimental environmental conditions.

Ambient Dry Bulb
Temperature

Ambient Wet Bulb
Temperature

Ambient Relative
Humidity

Inlet Water
Temperature

20 ◦C 15 ◦C 60.95% 20 ◦C

As shown in Figure 6, by comparing the simulated data with the experimental results,
we find that there is a certain error between the experimental power and the simulated
power, and the maximum power error is 13.4%. As can be seen from the last two figures,
this error is mainly due to the deviation between the inlet and discharge temperatures
of the compressor in the simulation and experiment. It was found that the difference
between the simulated and experimental results at low inlet temperatures, especially at
the suction temperature shown in Figure 6, can be attributed to several potential factors.
These factors are usually related to limitations of the model or experimental setup rather
than measurement errors. The following are possible reasons for such differences. The



Energies 2025, 18, 1392 10 of 19

simulation model may have made certain assumptions or simplifications that do not fully
reflect the complex behaviors at lower inlet temperatures. For example, the model may not
take into account certain non-linear or transient effects that become more pronounced at
lower temperatures, leading to differences from actual behaviors. Heat transfer coefficients
or thermodynamic properties may be simplified or assumed to be constants, whereas
in reality, they may vary with temperature, especially at low temperatures, making the
simulation model relatively accurate. Based on this model, research on energy consumption
improvement schemes for heat pump systems can be carried out.

Energies 2025, 18, x FOR PEER REVIEW 10 of 20 
 

 

2.7.2. Analysis of Causes 

The reason for this change paĴern is that, as the demand for hot water temperature 
increases, the heat exchange temperature difference of the condenser gradually decreases, 
and the compressor needs to increase power to meet the increase in heat exchange capac-
ity, resulting in an increase in COP. Similarly, as the demand temperature decreases, the 
heat exchange temperature difference of the evaporator decreases, and the compressor 
also needs to increase power to improve the working fluid flow rate and outlet demand 
conditions, resulting in a decrease in the COP of the air heat pump system. As shown in 
the figure, when the ambient temperature is below 5 °C, the energy efficiency of the heat 
pump is only about 2.3, which is more than double that of 25 °C. Therefore, improving the 
energy efficiency of the system under low-temperature conditions is the primary issue 
faced by air source water heaters, and this deserves further discussion and analysis. 

2.7.3. Experimental Result 

In order to verify the accuracy of the simulation model, the environmental conditions 
of the simulation and experiment are detailed in Table 1, and several key temperature 
points in the heating process were simulated, specifically including the inlet water tem-
peratures of 20 °C, 30 °C, 40 °C, and 50 °C, respectively. The leading test equipment is 
shown in Figure 5. 

Table 1. Experimental environmental conditions. 

Ambient Dry Bulb 
Temperature 

Ambient Wet Bulb 
Temperature 

Ambient Relative 
Humidity 

Inlet Water Tem-
perature 

20 °C 15 °C 60.95% 20 °C 

 

Figure 5. Main system equipment. 

As shown in Figure 6, by comparing the simulated data with the experimental re-
sults, we find that there is a certain error between the experimental power and the simu-
lated power, and the maximum power error is 13.4%. As can be seen from the last two 
figures, this error is mainly due to the deviation between the inlet and discharge temper-
atures of the compressor in the simulation and experiment. It was found that the differ-
ence between the simulated and experimental results at low inlet temperatures, especially 
at the suction temperature shown in Figure 6, can be aĴributed to several potential factors. 
These factors are usually related to limitations of the model or experimental setup rather 
than measurement errors. The following are possible reasons for such differences. The 

Figure 5. Main system equipment.

Energies 2025, 18, x FOR PEER REVIEW 11 of 20 
 

 

simulation model may have made certain assumptions or simplifications that do not fully 
reflect the complex behaviors at lower inlet temperatures. For example, the model may 
not take into account certain non-linear or transient effects that become more pronounced 
at lower temperatures, leading to differences from actual behaviors. Heat transfer coeffi-
cients or thermodynamic properties may be simplified or assumed to be constants, 
whereas in reality, they may vary with temperature, especially at low temperatures, mak-
ing the simulation model relatively accurate. Based on this model, research on energy 
consumption improvement schemes for heat pump systems can be carried out. 

 

Figure 6. The comparison between the simulation and experimental results. 

3. Results of COP Improvement Strategies 
3.1. Compressor Inverter 

Unlike in Europe, the heat pumps used in Australia are capable of operating inde-
pendently throughout the year without support from other heat sources. Therefore, com-
pared to other energy control strategies, variable frequency compressor technology is the 
most widely used and effective technology available. Adjusting the compressor speed to 
achieve the basic idea of frequency converter energy control is to change the compressor 
speed so that the mass flow of refrigerant changes. The corresponding simulation condi-
tions are shown in Table 2. 

Table 2. Simulation working conditions. 

Ambient Temper-
ature 

Temperature of the Wa-
ter to be Heated 

Evaporation Tempera-
ture 

Condensing Tem-
perature 

0 °C 20 °C −10 °C 50 °C 

The variation in the coefficient of performance (COP) of the heat pump unit with 
compressor frequency is shown in Figure 7. The results of the analysis show that the COP 
of the heat pump unit shows an increasing and then decreasing trend as the compressor 
frequency increases. When the motor frequency is 25 Hz, the COP of the heating system 
is 2.25, and when the frequency is increased to 50 Hz, the COP reaches the simulated max-
imum value of 2.48 and then gradually decreases. The reason for this is that, as the com-
pressor frequency increases, the work mass flow rate increases, while the specific enthalpy 
of the refrigerant at the compressor outlet (approximately equal to the specific enthalpy 
at the condenser inlet) remains basically unchanged, and the optimum heat exchange con-
dition of the equipment in the condenser and evaporator is gradually reached, which is 
consistent with the design of the system at the rated frequency with the highest energy 
efficiency; however, as the compressor speed is further increased, the heat exchange is 
limited by the design of the condenser and evaporator, and the exchange rate is limited 
by the design of the condenser and evaporator. However, as the compressor speed 

Figure 6. The comparison between the simulation and experimental results.

3. Results of COP Improvement Strategies
3.1. Compressor Inverter

Unlike in Europe, the heat pumps used in Australia are capable of operating indepen-
dently throughout the year without support from other heat sources. Therefore, compared
to other energy control strategies, variable frequency compressor technology is the most
widely used and effective technology available. Adjusting the compressor speed to achieve
the basic idea of frequency converter energy control is to change the compressor speed so
that the mass flow of refrigerant changes. The corresponding simulation conditions are
shown in Table 2.

Table 2. Simulation working conditions.

Ambient
Temperature

Temperature of the
Water to Be Heated

Evaporation
Temperature

Condensing
Temperature

0 ◦C 20 ◦C −10 ◦C 50 ◦C
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The variation in the coefficient of performance (COP) of the heat pump unit with
compressor frequency is shown in Figure 7. The results of the analysis show that the COP
of the heat pump unit shows an increasing and then decreasing trend as the compressor
frequency increases. When the motor frequency is 25 Hz, the COP of the heating system
is 2.25, and when the frequency is increased to 50 Hz, the COP reaches the simulated
maximum value of 2.48 and then gradually decreases. The reason for this is that, as the
compressor frequency increases, the work mass flow rate increases, while the specific
enthalpy of the refrigerant at the compressor outlet (approximately equal to the specific
enthalpy at the condenser inlet) remains basically unchanged, and the optimum heat
exchange condition of the equipment in the condenser and evaporator is gradually reached,
which is consistent with the design of the system at the rated frequency with the highest
energy efficiency; however, as the compressor speed is further increased, the heat exchange
is limited by the design of the condenser and evaporator, and the exchange rate is limited by
the design of the condenser and evaporator. However, as the compressor speed continues
to increase, due to the design of the condenser and evaporator and the limitations of the
heat exchange rate, the heat exchanged becomes saturated, resulting in the increase in
compressor power not being effectively utilized and the COP showing a decreasing trend.
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The simulation results show that the heating system exhibits optimum values when
the compressor frequency is between 45 and 55 Hz. Since the inlet water temperature
is constant, the outlet water temperature increases almost linearly from 29.26 ◦C at the
beginning to 42.09 ◦C at the end; the energy efficiency of the compressor has to be sacrificed
in order to obtain the required hot water temperature.

3.2. Electronic Expansion Valve Regulation

Theoretical modeling shows that regulating the opening of the expansion valve also
achieves regulation of the flow rate and state of the refrigerant, so the use of an electronic
expansion valve is also an effective means of regulating the efficiency of the system as the
temperature changes.

The relationship between the COP of the heat pump system and the opening of the
electronic expansion valve at low temperatures is shown in Figure 8. Other things being
equal, the COP shows a tendency to increase and then decrease as the opening of the
electronic expansion valve increases. When the degree of opening is 0.1, the COP is 2.01;
when the degree of opening is increased to 0.4, the COP reaches the maximum value of



Energies 2025, 18, 1392 12 of 19

2.51; then, with a further increase in the degree of opening, the COP gradually decreases,
and the rate of decrease gradually slows down until the degree of opening reaches 1. At the
same time, the temperature of the outlet water continues to increase from the initial value
of 25 ◦C to the final value of 50 ◦C, although the rate of increase gradually slows down.
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This is due to the fact that increasing the opening of the expansion valve causes a
change in the refrigerant flow rate, which increases the heat absorption in the evaporator
and the overall heat production, increasing the coefficient of performance (COP). However,
the COP of heat pump systems is inherently constrained by evaporator heat exchanger
design limitations, as these systems exhibit an optimal COP threshold. When operational
demands exceed this design threshold, compressor capacity must be augmented to maintain
prescribed condensation temperatures, resulting in a marginal COP degradation due to
disproportionate energy input requirements. In addition, the electronic expansion valve
opening is adjusted by controlling the percentage of the circle radius relative to the opening
diameter (see Equation (12)). At smaller orifices, the change in flow area is significant
and rapid, whereas at larger orifices, the change in flow area is relatively slow. Therefore,
the rate of decrease in the COP of the heat pump system is slower. At the same time, the
change in outlet water temperature shows a similar trend, which is mainly caused by the
change in refrigerant flow rate. In the initial stage, the outlet water temperature increases
rapidly with the rapid increase in the refrigerant flow; however, as the rate of change in the
refrigerant flow decreases, the rate of increase in the outlet water temperature slows down.

3.3. New Refrigerant Mass Ratio

The rapid pressure escalation of R134a with rising temperatures, particularly under
Australia’s relatively warm winter conditions, poses challenges to improving system en-
ergy efficiency. Consequently, optimizing more efficient and environmentally sustainable
refrigerants is imperative to enhance the heating capacity of air source heat pump sys-
tems. Among various refrigerants, R290 and R600a are recognized for their low global
warming potential (GWP) and zero ozone depletion potential (ODP), establishing them as
eco-friendly alternatives. Systematic optimization of their blending ratios may yield a novel
environmentally benign refrigerant mixture with enhanced thermodynamic cycle perfor-
mance, thereby improving heat pump operational efficacy under extreme low-temperature
conditions. Key parameters of R290, R600a, and R134a are summarized in Table 3.
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Table 3. Parameter performance table.

R290 R600a R134a

Molecular formula CH3CH2CH3 CH3CH(CH3)CH3 CH2FCF3
Relative molecular mass 44.10 58.12 102.03

Standard boiling point (◦C) −42.1 −11.6 −26.5
Critical pressure (MPa) 4.25 3.63 4.06

Critical temperature (◦C) 96.7 134.7 101.1

In Figure 9a, it can be seen that, at the same pressure, the condensation temperature
of R600a is the highest at 0 ◦C, followed by R134a with a condensation temperature of
−10 ◦C, and the condensation temperature of R290 is the lowest at −30 ◦C. Although the
changes in the entropy of these three refrigerants as they change the state of matter are
relatively close to each other, they are all around 20 cal/mol-K, and to ensure the effective
heat production of the air source heat pump system in the low-temperature conditions of
Australia, the ratio of these three refrigerants must be adjusted appropriately to optimize
their heat absorption capacity.
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for RI34a, R600a, and R290 vaporization curves. (b–d) Temperature–entropy plots for mixed masses
with different mass ratios (R134a:R600a:R290).

In order to ensure that the refrigerants can absorb more heat during the phase change
process, the molar ratios of the R134a, R600a, and R290 blends in this study were set to
1:1:8, 1:2:7~1:8:1 alternately. The temperature–entropy variations under different mixing
ratios are shown in Figure 9b–d.
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In Figure 9b, it can be seen that, when the molar proportion of R290 in the mixed mass
is kept constant, with the increase in the molar proportion of R134a in the mixed refrigerant,
the bubble point temperature of the mixed mass substance decreases significantly from the
initial 0 ◦C to −20 ◦C. At the same time, the entropy of the mixed mass substance decreases
significantly from the initial 0 ◦C to −20 ◦C. At the same time, the entropy value during
the change in substance morphology also experiences a significant change, decreasing from
−104.4 cal/mol-K to −82.4 cal/mol-K.

In Figure 9c, it can be seen that, when the mole ratio of R600a in the mixed medium is
kept constant, the bubble point temperature of the mixed medium is almost unchanged with
the increase in the mole ratio of R134a, and it is always kept at about −25 ◦C. The entropy of
the mixed medium changes only slightly from −87.7 cal/mol-K to −82.4 cal/mol-K. At the
same time, the entropy of the working medium changes only slightly from −87.7 cal/mol-K
to −82.4 cal/mol-K. It can be concluded that, if the molar ratio of R600a is kept constant,
the heating capacity of the mixture would not change significantly, even if the ratios of
R134a and R290 were changed significantly.

In Figure 9d, it can be seen that, when the molar fraction of R134a in the mixed mass
is kept constant, the bubble point temperature of the mixed mass gradually increases as the
R600a fraction increases, from an initial −30 ◦C to a final 0 ◦C. At the same time, the entropy
at the change in state changes correspondingly from −87.7 cal/mol-K to −104.4 cal/mol-K.
These changes lead to a decrease in the corresponding pressure at the same condensation
temperature, which increases the work required to reach the same evaporation temperature.

Through the analysis of the temperature–entropy diagram, it can be seen that the
molar ratio of the refrigerant has a significant influence on the thermodynamic performance
of the mixed refrigerant, such as bubble point temperature, critical pressure, etc. In order
to accurately determine the optimum mixing ratio of the mixed refrigerant under the
environmental conditions in Australia, this study uses Aspen to simulate the performance
of the air heat pump system model with different mixing ratios of the refrigerant. Under
the same condensing and evaporating temperature conditions, the energy efficiency ratio
(COP) of the air heat pumps with each proportion of mixed refrigerant was compared to
identify the optimum mixing ratio. The simulation results are shown in Figure 10.
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According to the simulation results, the COP of this heat pump simulation system
reached a maximum value of 2.502 when the molar ratio of the mixed work mass was set
to R134a:R600a:R290 = 0.1:0.6:0.3, which is 6.61% higher than when pure R134a was used
under the same conditions (2.347). In addition, from a practical safety point of view, R600a
and R290 have the potential to cause an explosion when exposed to open flames in the
volume concentration ranges of 1.8% to 8.4% and 2.1% to 9.5%, respectively. However, the
optimum mix ratio we have chosen is not within this hazardous range, and therefore, the
safety of the mix ratio can be confirmed.

4. Calculation of Annual Energy Consumption Under Australian Standards
4.1. Annual Performance Analysis

In order to investigate the feasibility of refrigerant blends to replace R134a in low-
temperature environments, this study analyzes the heating capacity of the refrigerant
blends and their performance under standard Australian conditions using Trnsys software
based on the simulation results in the previous section. Sydney was used as the study site,
and its daily ambient maximum and minimum temperatures are shown in Figure 11. As
Australia is located in the southern hemisphere, the maximum ambient temperature in
Sydney usually occurs from November to January and reaches 37 ◦C, while the minimum
ambient temperature occurs from June to August and drops to 5 ◦C.
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Figure 12 illustrates the hourly heating capacity variations in the heating system across
annual operation. Under rated operating conditions, the heat pump system delivers a
heating capacity of 2.5 kW. As demonstrated in the figure, the system’s heating output
progressively intensifies with rising ambient temperatures. The system maintained heating
capacity at or above the rated level for 6106 operating hours annually, accounting for
approximately 69.70% of the total operational duration. At an ambient temperature of 5 ◦C,
the minimum heating output was measured at 1.9306 kW, while the peak capacity reached
4.679 kW under elevated ambient conditions of 35.3 ◦C.
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4.2. Years of Thermal Performance

To evaluate the annual thermal performance of the air source heat pump employing the
newly formulated refrigerant blend, the COP of this mixed refrigerant was systematically
compared with that of R134a, as illustrated in Figure 13. The findings indicate a temperature-
dependent COP enhancement, aligning with the previously established correlation between
COP elevation and increased evaporating temperatures. Figure 13 reveals that the heat
pump utilizing the blended refrigerant exhibited marginally superior COP values relative
to the R134a-based system for the majority of operational hours annually. The novel
refrigerant configuration achieved a maximum COP of 6.5, with an annual average COP of
3.894, surpassing the R134a-based system’s annual average COP (3.66) by 6.3%.
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5. Conclusions
To address the low thermal efficiency of an ASHPWH in low-temperature environ-

ments, this study simulated an ASHPWH system using Aspen and Trnsys software based
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on experimental validation of the simulation model. In addition, a detailed performance
analysis was carried out under the climatic conditions of Sydney, Australia. The main
research findings can be summarized as follows:

(1) An innovative joint Aspen and Trnsys simulation model was developed for this study.
The model combines the flexibility of Aspen v11 software in constructing models of the
four main components of the heat pump and setting parameters and the advantages
of Trnsys software in evaluating the energy consumption and the COP of the system
to reflect the system behavior under different operating conditions accurately. Based
on this common simulation platform, we were able to thoroughly study the effects
of various improvement measures and ensure that the results obtained are highly
reliable and practical.

(2) In a low-temperature environment, when the compressor frequency is adjusted indi-
vidually, the heating system shows the best performance in the frequency range of
45 to 55 Hz, with a coefficient of performance (COP) of 2.51. At the same time, the
outlet water temperature continues to increase as the frequency increases.

(3) In a low-temperature environment, the COP tends to increase and then decrease as
the opening degree of the electronic expansion valve increases. When the degree
of opening is 0.4, the coefficient of performance reaches a maximum value of 2.51;
then, as the degree of opening continues to increase, the coefficient of performance
gradually decreases. At the same time, the water temperature continues to rise, but
the rate of increase has also slowed down.

(4) A new hybrid refrigerant R290/R600a/R134a is proposed to replace the conventional
R134a in the air source heat pump system, and the simulation results show that, when
the molar ratio of the mixed work masses is set to R134a:R600a:R290 = 0. 1:0.6:0.3, the
COP of the simulated heat pump system reaches a maximum value of 2.502, which
is higher than that of R134a. Under the same conditions, the COP of R134a (2.347) is
improved by 6.61%.

(5) Based on the previous optimization conclusions, a full-year energy analysis for stan-
dard Australian weather conditions was carried out, which showed that the ASHPWH
system with this refrigerant could operate up to 69.70% for one year. The minimum
heating capacity is 1.9306 kW, and the maximum heating capacity can be up to
4.679 kW. The maximum COP is 6.5, and the average COP is approximately 3.894,
which is a 6.3% improvement over the results using R134a.

All these results provide a theoretical basis for the development of a heat pump system
that meets Australian standards.
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Nomenclature
Abbreviations
COP Coefficient of performance
ASHPWH Air source heat pump water heater
COMP Compressor
EVA Evaporator
CON Condenser
EXV Expansion valve
ai Input air
ao Eliminate air
wi Water inlet
wo Water outlet
GWP Global warming potential
ODP Ozone depletion potential
English letters
A Area, m2

Avalve Effective passage flow area of the valve, m2

Avalve,n Nominal orifice of the valve, m2

Cvalve Discharge coefficient of the throttle valve
f Frequency, Hz
h Specific enthalpy, kJ · kg−1

m Mass flow, kg/s
N Rotational speed
p Number of electrode pairs/Pressure, MPa
Q Heating capacity, kW
T Temperature, ◦C
V Volume, m3

ν Specific volume, m3 · kg−1

Greek symbols
ε Compression ratio
ρ Density, kg/m3

ηv Volumetric efficiency
ηs Isentropic efficiency
ηm Mechanical efficiency
ηi Indicated efficiency
ηmo Motor efficiency
φ Opening degree of the valve
Subscripts
1–4 State point in Figure 1
m Average
i Inner wall of condenser
0 Outer wall of condenser
r Refrigerant
valve, in Inlet of the valve
valve, out Outlet of the valve
w Water
wall Wall
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