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Abstract

:

This article deals with improving waste heat transformation in heat-using thermotransformers. Based on the directives of the European Commission on refrigeration equipment requirements, the possibility of using carbon dioxide (R744) in heat-using thermotransformers was evaluated. The possibility of the effective use of heat-using thermotransformers operating within the Chistyakov–Plotnikov cycle in the heat pump mode was assessed. As a result, a comparative analysis was performed with existing modern plants for combined cycles with an expander, for the expansion of CO2 in saturated steam, a suction gas heat exchanger (SGHE), and a compressor–expander unit. The design schemes with a throttling device and an SGHE were selected for a comparative analysis. As a result, calculation models for evaluating the operating parameters for the initial and proposed design schemes were developed. These models allow for evaluating thermodynamic and mode parameters for heat-reducing thermotransformers. They also allow for ensuring energy efficiency indicators and conversion factors for each cycle. Overall, the dependencies for the cycle conversion ratio for the pressure increase stage in the compressor were obtained for various under-recovery rates. Moreover, the cycle conversion ratios for the proposed design schemes were obtained depending on the discharge pressure of the first compressor. The proposed design schemes allow for increasing the energy efficiency of heat-using thermotransformers by an average of 23%, depending on the suction pressure in the compressor.
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1. Introduction


At the current stage of development of heat pump technology, the key issues are energy efficiency and environmental safety [1,2]. Due to the need to fulfill international agreements, many traditional refrigerants based on hydrofluorocarbons (HFC) are abandoned to limit the emission of substances that increase the greenhouse effect. Therefore, refrigerants based on natural low-boiling substances are more widely used (e.g., carbon dioxide R744, ammonia R717, and isobutane R600a). One of the refrigerants that can be used in these conditions is CO2 (R744) since it is safe, non-flammable, not expensive, and widely available on the market.



R744 has advantages over existing analogs, e.g., zero ozone-depleting potential (ODP). Moreover, its global warming potential (GWP) is thousands of times smaller than common refrigerants. Also, CO2 has several significant thermodynamic properties, including a high heat transfer coefficient, relatively low sensitivity to pressure losses, and relatively low viscosity [3].



Heat-using thermotransformers are heat and cold supply systems based on waste heat transformation. They are widely used in climatic installations. However, international standards, which permanently update refrigerant requirements, require an improvement of the available design schemes. Therefore, process innovation in heat-using thermotransformers and using environmentally friendly and safe refrigerants is an urgent problem. It is necessary to perform a comparative analysis with existing analogs to evaluate the energy efficiency of the refrigerant R744 in such systems.



While heat-using thermotransformers are becoming widespread, a more detailed study of the operating process and improvements to their working cycle are needed [4]. The research works [5,6] considered the possibility of using CO2 in heat pump systems. However, this creates a problem associated with high condensation and evaporation temperatures, leading to a transcritical cycle. Simultaneously, in articles [7,8,9], the feasibility of implementing transcritical cycles of heat pump systems on carbon dioxide with a throttle system and an expander system was evaluated [10,11]. The authors note that these types can be implemented in one- or two-stage design schemes. Nevertheless, using a two-stage scheme increases the energy efficiency of the working cycle [12].



Another way to increase the energy efficiency of heat-using thermotransformers is by using combined cycles (i.e., an expansion of CO2 in the saturated steam region, a regenerative heat exchanger, or a compressor–expander unit) [13]. Notably, the research work [14] stated that the combined cycle with CO2 expansion in the saturated steam region is used for high-performance installations. Expanding the expansion zone and ensuring the outlet temperature in the saturation region is necessary for its implementation. However, the implementation of a combined cycle with a regenerative heat exchanger is possible if the steam is overheated before the compressor. This process can be implemented in a regenerative heat exchanger with relatively low inlet steam superheating and flow expansion to the saturation mode in the expander. As a result, an insignificant difference in the specific adiabatic work occurs, which allows an acceptable cycle coefficient of performance to be maintained [15].



Simultaneously, the combined cycle with a compressor–expander unit makes it possible to increase the cycle’s conversion factor due to an increase in the temperature difference of the medium heated in the secondary circuit. Particularly, the research works [16,17] proposed a heat pump cycle in which expansion with subsequent throttling was implemented.



Also, based on the results of numerical and experimental studies [18,19,20,21], it can be concluded that CO2 use is quite effective in a specific range of pressures and temperatures. On the other hand, a possible way to create an energy-efficient heat-using thermotransformer is to switch to the Chistyakov–Plotnikov cycle [22], combining the abovementioned advantages. Also, the transition from traditional HFC-type refrigerants to natural and safe ones (e.g., R744) additionally increases the environmental safety indicators of the proposed circuit solutions [23,24].



Based on numerical studies of R744-based heat-using thermotransformers for combined cycles with expansion in the saturated steam region and a regenerative heat exchanger and with a compressor-expander unit [25,26,27], the proposed design schemes can potentially have relatively high energy efficiency indicators. Remarkably, the main difference from the traditional scheme is the development of the cycle of the CO2-based heat-use thermotransformer in the heat pump mode.



Due to the analysis mentioned above, the following research gaps were identified. Firstly, refrigeration technologies’ rapid development requires the permanent development of energy-effective and environmentally friendly refrigerants. Also, chlorine- and HFC-containing compounds should be completely abandoned.



Secondly, the results of recent studies are primarily aimed at finding schematic solutions and the most effective modes of operation of technological systems of heat and cold supply through the implementation of critical cycles. Simultaneously, the possibility of waste heat transformation is almost not considered. However, this also can increase the energy efficiency of R744 heat-using thermotransformers.



This article aims to improve the efficiency of heat-recovery thermotransformers with the R744 working medium, which operates based on the Chistyakov–Plotnikov working cycle. To achieve this goal, the following research objectives were formulated. Firstly, existing installations of heat-using thermotransformers should be analyzed with subsequent selection of the most energy-efficient working cycles. Secondly, the development of an improved design scheme for R744 heat-using thermotransformers should be proposed.



Thirdly, a calculation model for evaluating the thermodynamic and mode parameters of the working cycle should be developed for a heat-using thermotransformer with the refrigerant R744 in heat pump mode. Such a model should allow for evaluating the energy efficiency indicators of the proposed cycle. Finally, the obtained energy efficiency indicators should be analyzed, and practical recommendations to introduce R744 heat-using thermotransformers should be formulated.



Overall, the article evaluates the influence of the overheating of carbon dioxide vapors in front of the compressor on energy efficiency.




2. Materials and Methods


2.1. The Initial Design Schemes


After analyzing the existing design schemes of thermotransformers, two main types can be highlighted. The first (Figure 1) is based on a throttling device (Figure 1), and the second (Figure 2) is with a suction gas heat exchanger (SGHE).



In the basic scheme (Figure 1), during the process 1–2 in compressor C1, CO2 vapor is compressed after the evaporator to the intermediate pressure p2 of the cycle. The operation of compressor C1 is realized due to the transfer of mechanical work generated in the gas turbine T during the expansion of CO2 from the state at point 5 to the state at point 6. Simultaneously, the conditions p6 = p2 and, consequently, t6 = t2 are supported.



Next, in the gas cooler GC, the carbon dioxide mixture after the turbine and compressor C1 is cooled to the state at point 3 (process 2–3). This process is implemented due to the heat exchange between carbon dioxide and the heating medium:




	-

	
In the heat pump mode—the heating of the coolant for the consumer of the heat load (e.g., heating, hot water supply, and so on);




	-

	
In the cooling mode—the discharge of heat in the process 2–3 into the environment or deeper energy utilization.









After the gas cooler, the flow of CO2 with the parameters at point 3 is divided into two parts. Part M (from the total mass flow through the gas cooler) is returned through the throttle device to the evaporator and then to compressor C1, and part (1 − M) goes to compressor C2 for compression.



In compressor C2, carbon dioxide is compressed to pressure p4 and acquires the state parameters at point 4. Compression is provided due to the introduction of mechanical work from an external engine. A further increase in the energy of the CO2 gas flow for the turbine (state of point 5) is realized in the gas heater GH by supplying heat from the flow of the external coolant (of any generation or aggregate state):     Q ˙   4 − 5   =   Q ˙   1 m − 2 m    . The second part of the carbon dioxide after the gas cooler is throttled to the pressure in the evaporator (process 3–7). Evaporation of the CO2 liquid phase (process 7–1) occurs due to the transfer of low-potential heat from an external source (manufactured or natural), depending on the operation mode of the thermotransformer:     Q ˙   7 − 1   =   Q ˙   1 x − 2 x    . Overall, the total energy resource used for thermal transformation is hybrid. It consists of the energy of the drive motor for the compressor C2 and heat for heating CO2 in the gas heater.



The main difference between the basic scheme (Figure 2) and the scheme presented in Figure 1 is that the CO2 vapors in front of the C1 compressor are overheated by 5–20 °C due to heat in the SGHE. Simultaneously, carbon dioxide after the gas cooler is subcooled in the SGHE (process 3–3*). The installation of a regenerative heat exchanger in this scheme provides the following advantages of the cycle. Firstly, it allows higher temperature values, t2 = t6, to be obtained and, accordingly, higher heating temperatures of the external coolant for the heat pump operation mode. Secondly, due to the supercooling of the gas under intermediate pressure after throttling, it also allows saturated steam (state of point 7) with less dryness to be obtained and the heat load on the evaporator to be increased.



Therefore, the proposed design scheme is rational for the heat pump mode of operation of the thermotransformer.




2.2. The Calculation Model


Below, a calculation model for the initial and proposed design schemes is developed under certain assumptions. Firstly, the model assumes the equality of the parameters of the refrigerant when mixing after the turbine and compressor C1. In other words, the parameters at point 2 are equal to those at point 6. Secondly, the parameters at points 2s and 4s are determined under conditions of isentropic compression in compressors C1 and C2, respectively. Thirdly, the parameters at points 2 and 4 are determined under the conditions of polytropic compression in compressors C1 and C2, respectively.



Under these assumptions, the temperature at point 3 is determined as follows:


   t 3  =  t  1 x   + Δ  t  u r   ,  



(1)




where ∆tur is the under-recovery rate used to assess the energy efficiency of the design scheme.



Point 5s is a point that assumes the state of the refrigerant at the turbine inlet. It was introduced so that the final state in the refrigerant’s isentropic expansion at 5s–6 was characterized by the parameters at point 6, which are equal to the parameters at point 2. This assumption is acceptable in the given interval of pressure changes, p5–p2.



Also, the inlet pressure in turbine T equals the outlet pressure from the gas heater GH (p4 = p5). It is determined as follows:


   p 5  = β ·  p 2  ,  



(2)




where β = 1.2–1.8 is the pressure ratio for the compressor C2.



The throttling process is considered isoenthalpic. Therefore, h7 = h3, and other parameters at point 7 are determined under the condition p7 = pev.



Within the intersection of external material and energy flows (Figure 1, contour “a”), the energy balance is as follows:


    Q ˙   G H   +   Q ˙   E V   +  N  e , C 2     =   Q ˙   G C   ;  



(3)






   G T  ·    h  1 T   −  h  2 T     +  G x  ·    h  1 x   −  h  2 x     +  N  e , C 2     =  G w  ·    h  2 w   −  h  1 w     .  



(4)







The energy balance equation, Equation (3), from the side of the refrigerant takes the following form:


    m ˙   G H   ·    h 5  −  h 4    +   m ˙   E V   ·    h 1  −  h 7    +   m ˙   G H   ·  l  e , C 2     =   m ˙   G C   ·    h 2  −  h 3    ,  



(5)




where le,C2 = (h4—h3)/ηmech,C2 is the specific effective work of the compressor C2.



The refrigerant mass flow rate balance is as follows:


    m ˙   G C   =   m ˙   G H   +   m ˙   E V   .  



(6)







After considering the mass flow rate through the evaporator and, accordingly, through the compressor C1,


  M =     m ˙   E V       m ˙   G H     =     m ˙   C 1       m ˙   G H     ,  



(7)




the mass flow through the gas cooler takes the following form:


    m ˙   G C   =   m ˙   G H   ·   1 + M   .  



(8)







After equal transformations and considering that for the throttling process h7 = h3,


     h 5  −  h 4    + M ·    h 1  −  h 3    +    h 4  −  h 3     η  m e c h ,   C 2       =   1 + M   ·    h 2  −  h 3    ;  



(9)






     h 5  −  h 4    +    h 4  −  h 3     η  m e c h ,   C 2       −    h 2  −  h 3    = M ·    h 2  −  h 1    .  



(10)







The ratio M becomes equal to


  M =      h 5  −  h 4    +    h 4  −  h 3     η  m e c h ,   C 2       −    h 2  −  h 3       h 2  −  h 1    ;  



(11)






  M =   Δ q +  l  e , C 2      l  i , C 2     ,  



(12)




where li,C2 = h2 − h1 is the specific work of the compressor C1; ∆q = qGH—qGC = (h5 − h4) −



− (h2—h3).



Based on the heat load transferred to the gas cooler, the mass flow can be determined as follows:


    m ˙   G C   =     Q ˙  V     q  G C     =     Q ˙   G C        h 2  −  h 3      .  



(13)







Therefore,


    m ˙   G H   =     m ˙   G C       1 + M     ;  



(14)






    m ˙   E V   =   m ˙   C 1   =   m ˙   G C   −   m ˙   G H   =   m ˙   G C   ·  M    1 + M     .  



(15)







The energy efficiency of the working cycle is as follows:


  C O  P  T N   =     Q ˙   G C       Q ˙   G H   +  N  e , C 2     ;  



(16)






  C O  P  T N   =     m ˙   G C   ·  q  G C       m ˙   G H   ·  q  G H   +   m ˙   G H   ·  l  e , C 2     ;  



(17)






  C O  P  T N   =     1 + M   ·    h 2  −  h 3         h 5  −  h 4    +    h 4  −  h 3     η  m e c h ,   C 2         =     1 + M   ·  q  G C      q  G H   +    l  i , C 2      η  m e c h ,   C 2         .  



(18)







Also, the cycle coefficient of performance for primary energy resources takes the following form:


  C O  P Σ  =     Q ˙   G C         Q ˙   G H     C O  P  T G     +    N  e , C 2     C O  P  E G       ;  



(19)






  C O  P Σ  =     1 + M   ·    h 2  −  h 3         h 5  −  h 4    C O  P  T G     +    h 4  −  h 3     η  m e c h ,   C 2 · C O  P  E G           =     1 + M   ·  q  G C        q  G H     C O  P  T G     +    l  e , C 2     C O  P  E G       ,  



(20)




where COPTG = 0.9 and COPEG = 0.3 are the energy efficiency of thermal and electricity generation, respectively.



For the design scheme presented in Figure 2, Equation (5) takes the following form:


    m ˙   G H   ·    h 5  −  h 4    +   m ˙   E V   ·    h  7 ”   −  h 7    +   m ˙   G H   ·  l  e , C 2     =   m ˙   G C   ·    h 2  −  h 3    ,   m ˙   G C   =     Q ˙  V     q  G C     =     Q ˙   G C        h 2  −  h 3      ,  



(21)




or after considering the ratio M:


     h 5  −  h 4    + M ·    h  7 ”   −  h   3 *      +    h 4  −  h 3     η  m e c h ,   C 2       =   1 + M   ·    h 2  −  h 3    .  



(22)







For the option with the SGHE, the balance equation is as follows:


   h 1  −  h  7 ”   =  h 3  −  h   3 *    ,  



(23)







Therefore, h7″ − h3* = h1—h3, and Equation (21) completely repeats Equation (9). Moreover, Equations (10)–(20) can be applied to calculate this option.




2.3. The Proposed Design Schemes


The proposed design schemes and working cycles are presented in Figure 3 and Figure 4. The functioning of thermotransformers, according to alternative schemes, involves switching the drive for the compressor C2 from the gas turbine T2. In this case, after the gas heater, the flow of CO2 is divided into two turbines in proportion to the mechanical work required to drive compressors C1 and C2, respectively. The turbines operate in the same range of parameters (process 5–6). Due to the change in the energy supply to drive the compressor C2, the thermal load on the gas heater increases (due to the increase in the mass flow rate of both media in the heater). Such a scheme is more energy-effective when using resettable coolants. The operation of other system components is similar to the basic schemes shown in Figure 1 and Figure 2.




2.4. The Calculation Model of the Proposed Design


The energy balance equation for the design scheme presented in Figure 3 within the contour “a”,


    Q ˙   G H   +   Q ˙   E V   =   Q ˙   G C   ,  



(24)




has the following solution from the side of the refrigerant:


    m ˙   G H   ·    h 5  −  h 4    +   m ˙   E V   ·    h 1  −  h 3    =     m ˙   G H   +   m ˙   E V     ·    h 2  −  h 3    .  



(25)







As for the initial design scheme, the ratio M of the mass flow rate through the evaporator is also considered:


  M =     m ˙   E V       m ˙   G H     =     m ˙   C 1       m ˙   G H     .  



(26)







After an equal transform, this equation takes the following form:


     h 5  −  h 4    + M ·    h 1  −  h 3    =   1 + M   ·    h 2  −  h 3    ;  



(27)






     h 5  −  h 4    −    h 2  −  h 3    = M ·    h 2  −  h 1    .  



(28)







Therefore, the ratio M takes the following form:


  M =      h 5  −  h 4    −    h 2  −  h 3       h 2  −  h 1    ;  



(29)






  M =    q  G H   +  q  G C      l  i , C 1     .  



(30)







The mass flow rates,     m ˙   G H    ,     m ˙   E V    , and     m ˙   G C   ,   are determined by the same equations, Equations (13)–(15), as for the initial design scheme. However, in contrast to the initial scheme, the mass flow rate of the refrigerant after the gas heater is divided into two flows that pass through the turbines T1 and T2 with parts Z and (1 − Z), respectively.



Therefore, the following partial relations are introduced:


  Z =     m ˙   T 1       m ˙   G H     ;  



(31)






  1 − Z =     m ˙   T 2       m ˙   G H     .  



(32)







Thus, for the design scheme presented in Figure 5, the following relations can be written:


    m ˙   G H   ·    h 4  −  h 3    +   1 − Z   ·   m ˙   G H   ·    h 6  −  h 5    = 0 ;  



(33)






   h 4  −  h 3  =   1 − Z   ·    h 5  −  h 6    ;  



(34)






  1 − Z =    h 4  −  h 3     h 5  −  h 6    ;  



(35)






  Z = 1 −    h 4  −  h 3     h 5  −  h 6    .  



(36)







Overall, the energy efficiency of the cycle in the heat pump mode is as follows:


  C O  P  T N   = C O  P Σ  ;  



(37)






  C O  P  T N   =     Q ˙  W      Q ˙  T    =     Q ˙   G C       Q ˙   G H     ;  



(38)






  C O  P  T N   =     m ˙   G C   ·    h 2  −  h 3        m ˙   G H   ·    h 5  −  h 4      ;  



(39)






  C O  P  T N   =   1 + M   ·    q  G C      q  G H     .  



(40)









3. Results


The energy efficiency calculation results obtained for the initial and proposed design schemes are presented below.



Calculations were carried out for different operating modes of the thermotransformer depending on the pressure ratio between compressors C1 and C2. Table 1 shows the calculation of the mode parameters of the refrigerant R744 at the nodal points of the cycle for the basic scheme (Figure 1) and the proposed scheme (Figure 3). Table 2 shows the same for the basic scheme (Figure 2) and the proposed scheme (Figure 4).



The results are given for one mode of operation; however, there are about 50 operating modes.



Figure 6 shows the cycle coefficient of the performance calculation results for the initial design scheme presented in Figure 1.



Figure 6 shows that at the same value of the pressure ratio β = p4/p2, but at different values of the pressure p2 at the inlet to the compressor C1, the value of the cycle conversion factor will be different. Particularly, for β = 1.2, the efficiency of the cycle will be greatest at a pressure value of p2 = 100 bar. The same will be observed with an increase in the pressure rate β.



Simultaneously, if the pressure ratio in compressor C2 is increased, at the pressure values of p2 = 90 bar and p2 = 95 bar at the outlet of compressor C1, the value of ηΣ will decrease for a certain pressure value p2. Overall, the cycle coefficient of the performance for the initial design scheme is ηΣ = 0.775 − 0.941.



Figure 7 presents the calculation results of the cycle coefficient of the performance for the proposed scheme presented in Figure 3.



Figure 7 shows that for the proposed scheme, as well as for the basic one, at the same value of the pressure ratio β = p4/p2, but at different values of the pressure p2 at the input to the compressor C1, the value of the cycle conversion factor will be different. However, the main difference is that with an increase in the pressure p2 at the outlet of the compressor C1, the value of the conversion factor of the cycle constantly increases in the range of β = 1.2–1.8. Overall, the cycle coefficient of the performance for the initial design scheme is ηΣ = 1.010–1.096.



After analyzing the results presented in Figure 6 for the basic scheme and Figure 7 for the proposed scheme, it can be concluded that using a new heat-using scheme makes it possible to increase the conversion factor of the cycle by an average of 18.5%.



Moreover, an interesting feature of the curves presented in Figure 6 and Figure 7 is that an increase in the pressure ratio in the compressor C2 leads to an increase in the cycle coefficient of the performance, COPΣ.



Figure 8 presents the proposed design scheme’s cycle coefficient of the performance calculation results for the pressure ratio β = 1.1–5.0 in the compressor C2.



Figure 8 shows that with an increase in the degree of the pressure ratio in a range of β = 2.0—5.0, the curves of the cycle conversion factor for the pressure p2 = 90 bar reach the extremum at β = 2.2, and for p2 = 100 bar at β = 4.0. Therefore, the most significant values of the cycle conversion coefficients for p2 = 90 bar will be in the interval β = 1.8–2.5, and for p2 = 100 bar at β = 3–5.



For the value of the suction pressure in the compressor C1 near p2 = 110 bar, the curve of the values of the conversion coefficients of the cycle will have a constantly increasing character. Therefore, the highest efficiency ratio will be in the range of β = 4–5.



Another energy efficiency indicator is the dependence of the cycle coefficient of performance, ηΣ, on the suction temperature, t1, in the compressor C1 (Figure 9).



From Figure 9, an increase in the suction temperature of the compressor C1 increases the energy efficiency of the proposed design scheme of the R744 heat-using thermotransformer. Therefore, the most significant cycle coefficient of the performance is reached at t1 = 25–30 °C.




4. Discussion


Thus, after analyzing the results obtained in Section 2 and evaluating the numerical calculation results for the initial and proposed design schemes presented in Figure 1, Figure 2, Figure 3 and Figure 4, it is possible to determine a number of advantages of using the proposed design schemes with a throttling device (Figure 3) and an SGHE (Figure 4). The primary advantage is the rejection of the drive motor, which is necessary to drive the compressor C2 in the initial design schemes.



Also, in the proposed design schemes, the equality of the capacities of the compressor C1 and the turbine T1, located on a joint shaft, is ensured due to regulating mass flow rates in these devices. The cycle coefficient of performance is also increased for the proposed design scheme compared to the previous research results [7,8,9,10,11].



The results obtained in Section 3 show that the energy efficiency of the proposed design schemes is higher than that of the initial ones. It is increased with an increase in the pressure ratio in the compressor. Also, the efficiency of the proposed design schemes is increased by an increase in this ratio and the suction pressure in the compressor. This is explained by separating the mass flow of the refrigerant after the gas heater into two flows that pass through the turbines T1 and T2.



When creating a calculation model, as presented in Section 2, the given assumptions can be considered a research limitation. They do not significantly affect the accuracy of the obtained results, although their reduction significantly complicates the proposed model. Nevertheless, the results’ reliability is proven by the relative calculation error, which does not exceed 5%. This value is sufficient for the evaluation of energy efficiency indicators.



Overall, this research presents the numerical calculation results for heat-using thermotransformers according to the proposed design model. The novelty of this article is the development of a model for evaluating the efficiency of thermotransformers.



A comparison with the experimental studies for existing analogs [12,13,14,15,16,17] at different operation modes and refrigerants will be carried out in further studies. Finding an optimal value of the pressure ratio between compressors C1 and C2 is also one of the next stages.




5. Conclusions


As a result of the analysis of existing heat-using thermotransformers, the two most effective design schemes were determined. The first is a design scheme with a throttling device, and the second is a suction gas heat exchanger (SGHE), which operates as an evaporator. These schemes have a cycle coefficient of performance of 0.775–0.941. However, using an SGHE before the compressor enables an overheating of the refrigerant at the inlet of the compressor.



Heat recovery units were proposed to increase the energy efficiency of the initial design schemes. Due to the proposed design solutions, they allowed for the abandonment of the use of an external engine to drive the compressor. This made it possible to reduce electrical energy consumption and spend it on starting the turbine only. As a result of using new heat utilization schemes, the conversion factor of the cycle has increased up to 1.010–1.096.



A calculation model was developed to determine the thermodynamic and mode parameters of the cycle for a heat-using thermotransformer with the refrigerant R744 operating at the heat pump mode. Additionally, a calculation model was developed to evaluate the proposed cycle’s energy efficiency indicators and assess the expediency of implementing the proposed design scheme. As a result, it was shown that using the proposed heat utilization schemes allows the cycle coefficient of performance to be increased by an average of 18.5%.



An analysis of the obtained energy efficiency indicators showed that implementing the proposed design scheme allows the energy efficiency of heat-using thermotransformers to be increased by an average of 23%, depending on the suction pressure in the compressor.
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Figure 1. The initial design scheme (contour “a”) and working cycle of an R744 heat-using transformer: GH—gas heater; GC—gas cooler; EV—evaporator; C1, C2—compressors; T—turbine; E—engine; TD—throttling device; M1, M2—collectors; 1–7—the working substance of the circulation circuit; 1m, 2m—heating medium; 1x, 2x—coolant; 1w, 2w—consumer coolant or cooling tower. 
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Figure 2. The initial design scheme (contour “a”) and working cycle of an R744 heat-using transformer with an SGHE: GH—gas heater; GC—gas cooler; EV—evaporator; C1, C2—compressors; T—turbine; E—engine; TD—throttling device; M1, M2—collectors; 1–7—the working substance of the circulation circuit; 1m, 2m—heating medium; 1x, 2x—coolant; 1w, 2w—consumer coolant or cooling tower. 
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Figure 3. The proposed design scheme (contour “a”) and working cycle of an R744 heat-using thermotransformer with throttling in the reverse cycle circuit: GH—gas heater; GC—gas cooler; EV—evaporator; C1, C2—compressors; T1, T2—turbines; TD—throttling device; M1–M4—collectors; 1–7—the working substance of the circulation circuits; 1m, 2m—heating medium; 1x, 2x—coolant; 1w, 2w—consumer coolant or cooling tower. 
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Figure 4. The proposed design scheme (contour “a”) and working cycle of an R744 heat-using thermotransformer with an SGHE: GH—gas heater; GC—gas cooler; EV—evaporator; C1, C2—compressors; T1, T2—turbines; TD—throttling device; M1–M4—collectors; 1–7—the working substance of the circulation circuits; 1m, 2m—heating medium; 1x, 2x—coolant; 1w, 2w—consumer coolant or cooling tower. 
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Figure 5. The design scheme of inlet and outlet flows. 
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Figure 6. The cycle coefficient of performance calculation results for the initial design scheme shown in Figure 1. 
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Figure 7. The cycle coefficient of performance calculation results for the proposed design scheme, shown in Figure 3. 
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Figure 8. The cycle coefficient of performance calculation results for the proposed design scheme of an R744 heat-using thermotransformer for the pressure ratio β = 1.1–5.0 in compressor C2. 
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Figure 9. The dependence of the cycle coefficient of performance on the suction temperature in compressor C1 for the proposed design scheme of an R744 heat-using thermotransformer: ◯—t3 = 35 °C; △—t3 = 45 °C; ☐—t3 = 55 °C; ⊠—t1 = tev = 5 °C. 
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Table 1. Parameters of the refrigerant R744 at the nodal points of the cycle for the basic scheme (Figure 1) and the proposed scheme (Figure 3).
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p2 = 90 bar; β = p4/p2 = 1.3; tev = 5 °C; t3 = 45 °C




	
Parameter

	
1

	
2s

	
2

	
3

	
4s

	
4

	
5s

	
5

	
6

	
7




	
t, °C

	
5.0

	
68.0

	
72.1

	
45.0

	
61.7

	
62.1

	
94.2

	
93.3

	
72.1

	
5.0




	
p, bar

	
39.7

	
90.0

	
90.0

	
90.0

	
117.0

	
117.0

	
117.0

	
117.0

	
90.0

	
39.7




	
h, kJ/kg

	
427.8

	
459.1

	
466.9

	
387.5

	
394.8

	
396.6

	
479.0

	
477.2

	
466.9

	
387.5




	
s, kJ/(kg·K)

	
1817.3

	
1817.3

	
1840.1

	
1598.7

	
1598.7

	
1604.2

	
1840.1

	
1835.2

	
1840.1

	
–




	
v, 10–6 m3/kg

	
875.0

	
471.0

	
492.0

	
291.0

	
252.0

	
255.0

	
408.0

	
405.0

	
492.0

	
–




	
p2 = 100 bar; β = p4/p2 = 1.3; tev = 5 °C; t3 = 45 °C




	
Parameter

	
1

	
2s

	
2

	
3

	
4s

	
4

	
5s

	
5

	
6

	
7




	
t, °C

	
5.0

	
76.7

	
81.4

	
45.0

	
56.9

	
57.2

	
103.8

	
102.8

	
81.4

	
5.0




	
p, bar

	
39.7

	
100.0

	
100.0

	
100.0

	
130.0

	
130.0

	
130.0

	
130.0

	
100.0

	
39.7




	
h, kJ/kg

	
427.8

	
463.6

	
472.6

	
347.7

	
353.5

	
354.9

	
485.1

	
483.2

	
472.6

	
347.7




	
s, kJ/(kg·K)

	
1817.3

	
1817.3

	
1842.8

	
1466.0

	
1466.0

	
1470.4

	
1842.8

	
1837.8

	
1842.8

	
–




	
v, 10–6 m3/kg

	
875.0

	
437.0

	
458.0

	
201.0

	
184.0

	
185.0

	
382.0

	
378.0

	
458.0

	
–




	
p2 = 120 bar; β = p4/p2 = 1.3; tev = 5 °C; t3 = 45 °C




	
Parameter

	
1

	
2s

	
2

	
3

	
4s

	
4

	
5s

	
5

	
6

	
7




	
t, °C

	
5.0

	
92.0

	
97.8

	
45.0

	
59.0

	
53.5

	
120.7

	
119.6

	
97.8

	
5.0




	
p, bar

	
39.7

	
120.0

	
120.0

	
120.0

	
156.0

	
156.0

	
156.0

	
156.0

	
120.0

	
39.7




	
h, kJ/kg

	
427.8

	
471.8

	
482.8

	
314.6

	
319.9

	
321.3

	
496.2

	
494.2

	
482.8

	
314.6




	
s, kJ/(kg·K)

	
1817.3

	
1817.3

	
1847.2

	
1351.2

	
1351.2

	
1355.3

	
1847.2

	
1842.2

	
1847.2

	
–




	
v, 10–6 m3/kg

	
875.0

	
385.0

	
406.0

	
153.0

	
146.0

	
147.0

	
341.0

	
338.0

	
406.0

	
–
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p2 = 90 bar; β = p4/p2 = 1.2; tev = 5 °C; t1 = 10 °C; t3 = 45 °C




	
Parameter

	
1

	
2s

	
2

	
7″

	
3

	
3*

	
4s

	
4

	
5s

	
5

	
6

	
7




	
t, °C

	
10.0

	
74.0

	
78.8

	
5.0

	
45.0

	
43.6

	
56.6

	
56.9

	
94.4

	
93.7

	
78.8

	
5.0




	
p, bar

	
39.7

	
90.0

	
90.0

	
39.7

	
90.0

	
90.0

	
108.0

	
108.0

	
108.0

	
108.0

	
90.0

	
39.7




	
h, kJ/kg

	
437.0

	
470.5

	
478.8

	
427.8

	
387.5

	
378.2

	
392.5

	
393.7

	
487.7

	
486.3

	
478.8

	
378.2




	
s, kJ/(kg·K)

	
1850.4

	
1850.4

	
1874.3

	
1817.3

	
1598.7

	
1569.5

	
1598.7

	
1602.5

	
1874.3

	
1870.7

	
1874.3

	
1639.3




	
v, 10–6 m3/kg

	
935.0

	
501.0

	
524.0

	
875.0

	
291.0

	
271.0

	
263.0

	
265.0

	
459.0

	
456.0

	
524.0

	
699.5




	
p2 = 90 bar; β = p4/p2 = 1.2; tev = 5 °C; t1 = 15 °C; t3 = 45 °C




	
Parameter

	
1

	
2s

	
2

	
7″

	
3

	
3*

	
4s

	
4

	
5s

	
5

	
6

	
7




	
t, °C

	
15.0

	
79.9

	
85.3

	
5.0

	
45.0

	
42.6

	
56.6

	
56.9

	
101.1

	
100.3

	
85.3

	
5.0




	
p, bar

	
39.7

	
90.0

	
90.0

	
39.7

	
90.0

	
90.0

	
108.0

	
108.0

	
108.0

	
108.0

	
90.0

	
39.7




	
h, kJ/kg

	
445.3

	
480.7

	
489.5

	
427.8

	
387.5

	
369.9

	
392.5

	
393.7

	
498.8

	
497.4

	
489.5

	
369.9




	
s, kJ/(kg·K)

	
1879.4

	
1879.4

	
1904.3

	
1817.3

	
1598.7

	
1543.3

	
1598.7

	
1602.5

	
1904.3

	
1900.6

	
1904.3

	
–




	
v, 10–6 m3/kg

	
988.0

	
528.0

	
552.0

	
875.0

	
291.0

	
254.0

	
263.0

	
265.0

	
483.0

	
480.0

	
552.0

	
–




	
p2 = 90 bar; β = p4/p2 = 1,2; tev = 5 °C; t1 = 20 °C; t3 = 45 °C




	
Parameter

	
1

	
2s

	
2

	
7″

	
3

	
3*

	
4s

	
4

	
5s

	
5

	
6

	
7




	
t, °C

	
15.0

	
85.6

	
91.6

	
5.0

	
45.0

	
41.8

	
56.6

	
56.9

	
107.7

	
106.7

	
91.6

	
5.0




	
p, bar

	
39.7

	
90.0

	
90.0

	
39.7

	
90.0

	
90.0

	
108.0

	
108.0

	
108.0

	
108.0

	
90.0

	
39.7




	
h, kJ/kg

	
453.0

	
490.0

	
499.3

	
427.8

	
387.5

	
362.3

	
392.5

	
393.7

	
509.0

	
507.5

	
499.3

	
362.3




	
s, kJ/(kg·K)

	
1905.7

	
1905.7

	
1931.3

	
1817.3

	
1598.7

	
1519.0

	
1598.7

	
1602.5

	
1931.3

	
1927.4

	
1931.3

	
–




	
v, 10–6 m3/kg

	
1037.0

	
553.0

	
578.0

	
875.0

	
291.0

	
239.0

	
263.0

	
265.0

	
505.0

	
502.0

	
578.0

	
–

















	
	
Disclaimer/Publisher’s Note: The statements, opinions and data contained in all publications are solely those of the individual author(s) and contributor(s) and not of MDPI and/or the editor(s). MDPI and/or the editor(s) disclaim responsibility for any injury to people or property resulting from any ideas, methods, instructions or products referred to in the content.











© 2023 by the authors. Licensee MDPI, Basel, Switzerland. This article is an open access article distributed under the terms and conditions of the Creative Commons Attribution (CC BY) license (https://creativecommons.org/licenses/by/4.0/).








Check ACS Ref Order





Check Foot Note Order





Check CrossRef













media/file13.jpg
Cyele conversion factor 7

]
Coolant: R744
My Dsec By l00 b
f,=45°C
Lo
1.05 1.05
Toi
Lo
= Lozs
. — o
o

1.0 12 1.3 14 4.5 16 L7 18





media/file4.png
P

R744






media/file18.png
Cycle conversion factor #s

1.15

Coolant: R744

91405
N

1.14

working mode: heat pump ‘/Gyﬁ/—-———-r
113 | 4 =50C

ev [‘ \
1.12 | P,=110bar 2

i /N.11
1.11 __M
/ 202 _ e g =TT A%

1.10 fél\j A
1.09 1.0878] - 972 A ———’—'€§0935

108K

7[\&074

1\065

ﬂo.eps

i

n=1.3 T _
N0686 4 ——=—=—
1,07 Log_ /=== Lo
1.06 _ 1.0%%:, = -, .
562 039l n=1.2 |, osss //1; 52

1.0 e e AN
S L LA 0i79 =
103 | off—" |23 o -

' 1,025 [ _(":1’3__J=_1_-;0_21__’—————’—__——|:
1.02 ——

1.01{3—/—/ =i
1.01
1.00
0.99
5 10 15 20 25 30

Suction temperature #1, °C





media/file3.jpg
SGHE

]

L
5
s
|

2m

ol

P

R744






media/file7.jpg
2m,

N
2

]
bt
Y

SGHE

GH

3 : GC
e S

M2






media/file10.png





media/file19.png





media/file14.png
Cycle conversion factor #s

1.1

1.05

1.0

|
Coolant: R744
tev :5OC P2 :]00 bar , 1 096
t,=45°C =
1.0704) B )
P,=95 bar¢ e
11067
,ﬂm '
"
1.034
r P, =90 bar
1.024 | 