
Citation: Vallis, A.G.; Zannis, T.C.;

Hristoforou, E.V.; Yfantis, E.A.;

Pariotis, E.G.; Hountalas, D.T.;

Katsanis, J.S. Design of Container

Ship Main Engine Waste Heat

Recovery Supercritical CO2 Cycles,

Optimum Cycle Selection through

Thermo-Economic Optimization

with Genetic Algorithm and

Its Exergo-Economic and

Exergo-Environmental Analysis.

Energies 2022, 15, 5398. https://

doi.org/10.3390/en15155398

Academic Editor: Andrea Baccioli

Received: 29 April 2022

Accepted: 20 July 2022

Published: 26 July 2022

Publisher’s Note: MDPI stays neutral

with regard to jurisdictional claims in

published maps and institutional affil-

iations.

Copyright: © 2022 by the authors.

Licensee MDPI, Basel, Switzerland.

This article is an open access article

distributed under the terms and

conditions of the Creative Commons

Attribution (CC BY) license (https://

creativecommons.org/licenses/by/

4.0/).

energies

Article

Design of Container Ship Main Engine Waste Heat Recovery
Supercritical CO2 Cycles, Optimum Cycle Selection through
Thermo-Economic Optimization with Genetic Algorithm and
Its Exergo-Economic and Exergo-Environmental Analysis
Athanasios G. Vallis 1 , Theodoros C. Zannis 2,* , Evangelos V. Hristoforou 3 , Elias A. Yfantis 4,
Efthimios G. Pariotis 2, Dimitrios T. Hountalas 5 and John S. Katsanis 2

1 Hellenic Navy Fleet, Hellenic Navy, Salamis Naval Base, 18900 Salamis, Greece; vallisathanasios@gmail.com
2 Naval Architecture and Marine Engineering Section, Hellenic Naval Academy, End of Hatzikiriakou Ave.,

18539 Piraeus, Greece; pariotis@hna.gr (E.G.P.); katsanis@hna.gr (J.S.K.)
3 Laboratory of Electronic Sensors, School of Electrical and Computer Engineering, National Technical

University of Athens, 15780 Athens, Greece; hristoforou@ece.ntua.gr
4 Marine and Offshore Science, Technology, and Engineering Centre, Cyprus Marine and Maritime Institute,

P.O. Box 40930, Larnaca 6023, Cyprus; elias.yfantis@cmmi.blue
5 Internal Combustion Engines Laboratory, School of Mechanical Engineering, Thermal Engineering Section,

National Technical University of Athens, 15780 Athens, Greece; dx1961@central.ntua.gr
* Correspondence: thzannis@hna.gr; Tel.: +30-210-458-1663

Abstract: In the present study, energy and exergy analyses of a simple supercritical, a split super-
critical and a cascade supercritical CO2 cycle are conducted. The bottoming cycles are coupled with
the main two-stroke diesel engine of a 6800 TEU container ship. An economic analysis is carried
out to calculate the total capital cost of these installations. The functional parameters of these cycles
are optimized to minimize the electricity production cost (EPC) using a genetic algorithm. Exergo-
economic and exergo-environmental analyses are conducted to calculate the cost of the exergetic
streams and various exergo-environmental parameters. A parametric analysis is performed for the
optimum bottoming cycle to investigate the impact of ambient conditions on the energetic, exergetic,
exergo-economic and exergo-environmental key performance indicators. The theoretical results of
the integrated analysis showed that the installation and operation of a waste heat recovery optimized
split supercritical CO2 cycle in a 6800 TEU container ship can generate almost 2 MW of additional
electric power with a thermal efficiency of 14%, leading to high fuel and CO2 emission savings from
auxiliary diesel generators and contributing to economically viable shipping decarbonization.

Keywords: waste heat recovery; supercritical cycle; CO2; thermos-economic analysis; EPC; optimization;
exergo-economic; exergo-environmental

1. Introduction

Maritime transport is the leader of international trade because around 80% (by volume)
of global trade takes place by sea [1]. International shipping is also responsible for around
796 million tons of CO2 emissions, i.e., 2.2% of total greenhouse gas emissions, according
to the 3rd International Maritime Organization (IMO) Greenhouse Gases (GHG) Study [2].
Based on the same study, growing energy demands and general economic development all
over the world will lead to an enormous increase in CO2 emissions, i.e., from 50% to 250%
by 2050. This would then constitute 12% to 18% of the total allowable CO2 emissions. In
2011, the IMO decided to adopt, at the 62nd Meeting of the Marine Environment Protection
Committee (MEPC), new mandatory measures to make ships more energy efficient. These
measures were the Energy Efficiency Design Index (EEDI) for all new ships and the Ship
Energy Efficiency Management Plan (SEEMP) for all ships in operation. These regulations
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have been effective since the 1st of January 2013 for ships weighing 400 GT and over [3].
In 2018 at MEPC 72, the IMO set a new strategy with the intention of achieving a 40%
reduction in greenhouse gases (GHG) by 2040 and at least 50% by 2050, compared to
2008 levels. To achieve these targets, the IMO introduced new mandatory measures, i.e.,
the Attained Energy Efficiency Existing Ship Index (EEXI) and the annual Carbon Intensity
Indicator (CII). The EEXI is calculated for ships of 400 GT and over and indicates a ship’s
efficiency compared to a baseline. Every ship is obliged to meet a minimum required EEXI.
The CII specifies the annual reduction factor needed to provide continuous enhancement
of each ship’s operational carbon intensity in comparison to a specific rating level.

Clearly, regulations for CO2 emissions reductions are becoming more and more strict.
Shipping companies are searching for new technologies to implement in ships to achieve
the new IMO targets. An existing and very efficient approach is the use of waste heat
recovery systems, which harness waste heat from the main engine and convert it to useful
electric power. These systems can utilize different thermodynamic cycles and various
working mediums which depend on the type of the bottoming installation. Furthermore,
these systems can be comprised of different components to recover waste heat such as
regenerators, evaporators, and recuperators [4].

A wide range of technologies have been suggested in the literature for the utilization
of waste heat from marine diesel engines. Liu et al. [5] investigated the potential of CO2
thermodynamic cycles to recover waste heat. In this study, we analyzed the applications
which are more suitable for transcritical and supercritical CO2 cycles. It was found that
transcritical cycles are more suitable to low temperature heat sources and simple systems,
while supercritical cycles are more efficient for absorbing waste heat in high temperature
heat sources and in more complex systems.

Another interesting study referred to the utilization of a transcritical Rankine cycle for
multiple waste heat recovery using CO2 and hydrocarbons [6]. The optimal turbine inlet
pressure was adjusted in this study to maximize the efficiency of the cycle and minimize
the cost of the produced electricity. For the optimal turbine inlet pressure, several organic
fluids were examined, and it was concluded that even though CO2 does not produce the
most power in comparison to other fluids, it absorbs more heat from the regenerator and
the engine coolant than other fluids and requires a smaller turbine to produce electricity.

Wang et al. [7] proposed a transcritical CO2 cycle to harness heat from a supercritical
CO2 Brayton cycle in order to produce power. A parametric analysis was conducted to
demonstrate the influence of the key variables of the cycle. The exergo-economic indicators
of the combined system were optimized, and it was found that the combined system
showed better exergo-economic performance than a simple supercritical cycle. Another
significant point of that study was that the increase in the reactor’s outlet temperature
decreased the total cost rate of the system.

In another study [8], a dual turbine-alternator-compressor supercritical CO2 Brayton
cycle was proposed as a means to recover heat from the exhaust gas of the main engine of a
9000 TEU container ship. The functional parameters of the installation were optimized to
determine the optimal operation of the system in order to maximize the cycle efficiency
and minimize the generated power cost. The study illustrated that all the key performance
indicators of this system were significantly better than those of the supercritical CO2
Brayton cycle.

Another study examined the application of a supercritical CO2 (S-CO2) cycle combined
with a transcritical CO2 (T-CO2) cycle for the recovery of waste heat from an LNG engine [9].
Engine exhaust gas heat was transferred both to the S-CO2 cycle and the T-CO2 cycle. A
parametric analysis was performed to identify the effect of various operating parameters.
Moreover, the optimal operating conditions of the combined system were examined, taking
into consideration both thermodynamic and economic aspects in the developed software.
The results showed that the proposed bottoming installation contributed significantly to
increasing the energy and exergy efficiency of the combined system.
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Xia et al. [10] proposed the utilization of a simple CO2 Rankine cycle, where the
CO2 is condensated by a ‘cold’ LNG stream and is heated by ambient air. The effects
of varying the ambient temperature and CO2 mass flow rate were investigated. It was
shown that the decrease of these two parameters decreased most of the performance
indicators. An off-design analysis was also performed, which was then compared with the
designed condition.

Kim et al. [11] investigated the application of three different supercritical cycles for
harnessing waste heat from a gas turbine. These three cycles were the simple cycle, the
split cycle, where the CO2 stream was divided into streams after the compressor, and the
cascade cycle, where the exhaust gas transferred heat in two cycles, i.e., the high and the
low temperature cycle. According to the theoretical results, the split cycle was more energy
and exergy efficient than the other two cycles under a wide range of operating conditions.

Exergo-economic analyses have been conducted at various thermodynamic cycles, as
evidenced from an examination of the literature. Belman-Flores et al. [12] investigated the
exergo-economic performance of four different transcritical CO2 cycles. Marques et al. [13]
calculated the exergo-economic indicators of an electricity-cooling cogeneration system.
Valencia Ochoa et al. [14] performed an advanced exergo-economic analysis of a Rankine
waste heat recovery system which harnessed exhaust gas heat from an internal combustion
engine. All of these studies investigated variations of the exergy stream cost rates to
define the inefficiencies of the examined thermodynamic cycles and to find the components
with the worst exergetic performance. In another study Nami et al. [15], exergo-economic
and exergo-environmental assessments of a waste heat bottoming system comprising a
supercritical CO2 Brayton cycle and an organic Rankine cycle (ORC) were performed. A
parametric analysis of various decision parameters was carried out, showing how they
affected the exergo-economic performance of the bottoming installation. Moreover, these
parameters were optimized to minimize the capital investment cost, the exergy destruction
cost, and the environmental impact cost. The results of that study [15] showed that
the cost of the generated power of the bottoming system decreased significantly under
optimized conditions.

The present study demonstrates the following innovative features, which are comple-
mentary to the information presented in the previously mentioned studies:

• The design and implementation of three novel supercritical cycles (a simple cycle, a
split cycle, and a cascade cycle) are conducted in order to harness waste heat from a
container ship main two-stroke diesel engine.

• An integrated thermodynamic, heat transfer, and economic analysis for all the newly
designed cycles is performed.

• An optimization procedure is adopted using a genetic algorithm to select the optimal
bottoming cycle from the three possible designs in terms of the minimum EPC.

• Exergo-economic and exergo-environmental analyses are carried out for the optimum
cycle in order to assess its exergy cost rates and its key exergo-environmental indicators.
These combined analyses were performed for the first time for a specially designed,
optimized marine energy system.

2. Description of the Examined Container Ship Main Diesel Engine

In the present study, a two-stroke marine diesel engine, used as the main engine for a
6800 TEU container ship, is considered. The maximum continuous rating (MCR) of this
engine is 68,640 kW at 84 rpm, it has three parallel turbochargers, and it is compliant
with the Tier II NOx emissions limits [16]. Moreover, the specific fuel consumption of
the examined engine at MCR is 165 g/kWh [16,17]. Figure 1 shows the variation of the
brake specific fuel consumption (BSFC) (Figure 1a), exhaust gas mass flow rate (Figure 1b),
exhaust gas temperature after T/C (Figure 1c), scavenge mass flow rate (Figure 1d), and
scavenge air temperature before the intercooler (Figure 1e) with engine load. As evidenced
from Figure 1a, BSFC varies from 160.1 g/kWh at 65% of MCR to 172 gr/kWh at 25%
of MCR. According to Figure 1b, the exhaust gas amount increases almost linearly from
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55.9 kg/s to 151.9 kg/s as the engine load increases. The exhaust gas temperature increases
from 221 ◦C to 261 ◦C until 35% of MCR, before decreasing to 220 ◦C at 75% of MCR and
finally again increasing to 100% of MCR, as evidenced from Figure 1c. The scavenge air
amount increases almost linearly from 55 kg/s to 148.9 kg/s as the engine load increases,
as shown in Figure 1d. As indicated in Figure 1e, the scavenge air temperature increases
almost linearly from 76 ◦C to 214 ◦C with the increase of engine load.
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Figure 1. Variation of (a) BSFC, (b) exhaust gas mass flow rate, (c) exhaust gas temperature,
(d) scavenge air mass flow rate, and (e) scavenge air temperature before the intercooler with engine
load. Experimental results are given for a two-stroke main marine diesel engine using data adopted
from Ref. [16].

Hence, having in mind the variation of exhaust gas temperature and the corresponding
variation of exhaust gas mass flow rate with engine load, there is a considerable available
exhaust gas energy which can be harnessed with waste heat recovery bottoming cycles.
Also, as shown in Figure 1d,e, which illustrate the variation of scavenge air temperature
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and mass flow rate, significant amounts of waste heat can be harnessed from scavenge
intake air at the intercooler, leading, in conjunction with exhaust gas heat harnessing, to an
enhancement of the bottoming cycle generated electric power.

3. Brief Description of the Properties of CO2 as Working Medium

The selection of the working medium in a waste heat recovery system is significant.
The use of a supercritical CO2 cycle in waste heat recovery systems is gaining increasing at-
tention for several reasons. Supercritical CO2 cycles operate in wide range of temperatures.
Furthermore, CO2 is a nontoxic refrigerant, and its environmental footprint is smaller in
comparison with other organic fluids. Supercritical CO2 cycles offer higher efficiencies and,
as a result, exploit the heat source to a higher degree. In addition, CO2 cycles utilize heat
exchangers with lower capacities due to their lower working fluid steam volume, therefore
leading to system downsizing and decreases in the capital cost of components [18]. In
Table 1 are shown the critical properties of CO2.

Table 1. Critical point properties of CO2.

Properties CO2

Critical Temperature (K) 304.13
Critical Pressure (MPa) 7.37

Critical Density (kg/m3) 467.6

4. Description of Supercritical CO2 Cycles

In this study, waste heat is harnessed from intake air after it exits the turbocharger,
and from the exhaust gas of the engine. The heat exchanger of the intake air works in the
same way as the intercooler of the engine, but it does not reduce the temperature of the air
to the same degree as the intercooler, since the supercritical carbon dioxide cycles cannot
recover heat at very low temperatures. As far as the recovered heat from the exhaust gas is
concerned, in the split and cascade cycle, two heat exchangers are utilized to harness waste
heat. The main advantage of supercritical CO2 cycles is that they indicate high expansion
ratios, and thus, their operation can lead to high expansion work outputs for the same
amount of supplied thermal energy. Hence, one of the key advantages of supercritical
CO2 cycles is their high thermal efficiency, which is higher compared to other bottoming
cycle installations coupled to main two-stroke diesel engines. On the other hand, the main
disadvantage of supercritical CO2 cycles is the energy requirements of their compressing
systems, which are required to keep the pressure levels of all points of the supercritical
CO2 thermodynamic cycles higher that the critical pressure. These high-pressure levels
create problems with the operation of heat exchangers, which are obliged to operate under
significantly high pressures, creating a risk for excessive CO2 leakage and the loss of
generated electric power at the expander of the supercritical cycle. Another disadvantage
of supercritical CO2 cycles is that CO2 leakages will contribute the greenhouse effect, since
CO2 is a key greenhouse gas.

4.1. Description of a Simple Supercritical CO2 Cycle

Figure 2 shows a schematic view of a simple supercritical CO2 cycle, and Figure 3
presents a temperature–entropy (T-s) diagram of this cycle. In this cycle, waste heat is
harnessed from the exhaust gas of the main diesel engine and from the compressed intake
air before it enters the engine’s intercooler. The installation consists of a compressor, where
the supercritical CO2 stream is compressed, a recuperator, where the cold fluid stream is
heated by the expanded hot fluid stream, two heaters, where the fluid receives heat from
the intake air and the exhaust gas, an expander, where the heated CO2 stream is expanded,
and a condenser, where heat is dissipated using sea water to repeat the thermodynamic
cycle. To enhance the thermal efficiency of the cycle, the inlet temperature of the turbine
should be raised as much as possible. However, a higher turbine inlet temperature leads to
lower heat recovery efficiency of the rejected heat. For this reason, the working medium is
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preheated by the recuperator [19]. The CO2 stream at State 1 enters the compressor, where
it is compressed. Subsequently, at State 2, it enters the recuperator and receives heat from
the ‘hot’ CO2 stream, which exits the turbine at State 6. At State 3, the supercritical stream
enters Heater 1, where it receives heat from the compressed scavenge air of the engine.
Afterwards, at State 4, it exits Heater 1 and enters Heater 2, where heat is transferred from
the exhaust gas of the engine to the supercritical CO2 stream. The stream at State 5 is
expanded at the turbine. At State 7, the CO2 stream rejects heat at the condenser to repeat
the thermodynamic cycle.
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4.2. Description of the Split Supercritical CO2 Cycle

Figure 4 shows a schematic view of a split supercritical CO2 cycle, and Figure 5
presents a diagram of this cycle at temperature–entropy (T-s). This installation consists of a
compressor, where the supercritical CO2 stream is compressed, a recuperator, where a part
of the ‘cold’ CO2 stream is heated by the expanded hot CO2 stream, three heaters, where
the stream receives heat from the intake air and the exhaust gas, an expander, where the
heated CO2 stream is expanded, and a condenser, where CO2 rejects heat into sea water.
The supercritical CO2 stream is compressed at State 1 in the compressor. At State 2, the
stream is divided into two parts. The first stream enters Heater 1, where it recovers heat
form the exhaust gas, which exits the heater at an intermediate temperature. The second
stream enters the recuperator, where it recovers heat from the ‘hot’ expanded CO2 stream.
Both streams are mixed again at State 3 and enter Heater 2 before the CO2 stream enters
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Heater 3 at State 4, where it receives rejected heat from the intake air and the exhaust gas.
The heated CO2 stream at State 5 is expanded at the turbine. Then, at State 6, it enters the
recuperator, and finally, at State 7, is condensed at the condenser, where heat is dissipated
into sea water. After the condenser, the thermodynamic cycle is repeated.
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4.3. Description of the Cascade Supercritical CO2 Cycle

Figures 6 and 7 show a schematic view of the cascade supercritical CO2 cycle and the
T-s diagram of this cycle, respectively. This installation is comprised of a compressor, where
the supercritical CO2 stream is compressed, a recuperator, where the High Temperature
(HT) ‘cold’ CO2 stream is heated by the expanded hot HT CO2 stream, three heaters, where
the stream receives heat from the intake air and the exhaust gas, two expanders, where
the HT and LT CO2 streams are expanded, and a condenser, where both streams reject
heat at sea water. At State 1, the CO2 stream is compressed in the compressor, and at
State 2, is divided into two different cycles, i.e., the High Temperature (HT) and the Low
Temperature (LT). In the HT cycle, the supercritical stream recovers heat consecutively from
the recuperator, i.e., the HT Heater 1 at State 3H, where the rejected heat comes from the
intake air before it enters the engine’s intercooler and the HT Heater 2 at State 4H, where
the exhaust gas loses part of its heat. The HT stream expands in the HT turbine at State 5H
and subsequently enters the recuperator at State 6H, where it is mixed before entering the
condenser with the LT stream. In the LT cycle, the stream recovers heat from the LT heater.
Then, at State 3L, it is expanded in the LT Turbine, and afterwards, is mixed with the HT
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stream. The mixed stream is condensated at State 8 in the condenser, rejecting heat into
sea water.
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5. Energy and Exergy Analysis of the Three Examined Supercritical CO2 Cycles
5.1. Thermodynamic Processes of the Simple Supercritical CO2 Cycle

The following processes describe the simple supercritical cycle, according to the
Figures 3 and 4:

• Processes 1 and 2: The isentropic efficiency of the compressor and the mechanical
power consumption are calculated as follows:

nC =
h2,S − h1

h2 − h1
(1)

.
WC =

.
mCO2(h2 − h1) (2)

• Processes 2, 3, 6, and 7: The transferred specific heat in the recuperator from the ‘hot’
CO2 stream to the ‘cold’ CO2 stream may be calculated using the following equation:

qrecup = εrecup(h6 − h7) = h3 − h2 (3)

• Processes 3 and 4: The transferred heat rate from the intake air after the turbocharger
to the CO2 stream in Heater 1 may be calculated using the following equation:
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.
Qheater1 = εheater1

.
maircpair(Tair,in − Tair,out) =

.
mCO2(h4 − h3) (4)

• Processes 4 and 5: The transferred heat rate from the exhaust gas to the CO2 stream in
Heater 2 may be calculated using the following equation:

.
Qheater2 = εheater2

.
mgascpgas(Tgas,in − Tgas,out) =

.
mCO2(h5 − h4) (5)

• Processes 5 and 6: The isentropic efficiency of the turbine and the calculation of the
produced power are depicted as follows:

nT =
h5 − h6

h5,is − h6
(6)

.
WT =

.
mCO2(h5 − h6) (7)

• Processes 7 and 1: The rejected heat rate from the ‘hot’ CO2 stream to the sea water in
the condenser may be calculated using the following equation:

.
Qcond = εcond

.
mCO2(h7 − h1) =

.
mwatercpwater(Twater,out − Twater,in) (8)

5.2. Thermodynamic Processes of the Split Supercritical Cycle

The following processes describe the Split Supercritical Cycle, according to Figures 5 and 6:

• Processes 1 and 2: The isentropic efficiency of the compressor and the mechanical
power consumption may be calculated in the same way as in the simple cycle.

• State 2: At this state, the stream is divided in two streams:
.

mCO2R = x · .
mCO2 (9)

mCO2H = (1 − x) · mCO2 (10)

• Processes 2, 3R, 6, and 7: The transferred heat in the recuperator from the ‘hot’ CO2
stream to the ‘cold’ CO2 stream may be calculated using the following equation:

Qrecup = εrecupmCO2(h6 − h7) = mCO2R(h3R − h2) (11)

• Processes 2 and 3H: A part of the heat from the exhaust gas is recovered in Heater 1;
this may be calculated using the following equation:

.
Qheater1 = εheater1

.
mgascpgas(Tgas,mid − Tgas,out) =

.
mCO2H(h3H − h2) (12)

• State 3: Both streams are mixed at this state as follows:

mCO2 · h3 = mCO2R · h3R + mCO2H · h3H (13)

• Processes 3 and 4: The transferred heat from the intake air after the turbocharger to
the CO2 stream in Heater 2 may be calculated using the following equation:

.
Qheater2 = εheater2

.
maircpair(Tair,in − Tair,out) =

.
mCO2(h4 − h3) (14)

• Processes 4 and 5: The remaining heat from the exhaust gas is recovered in the heater
3 and may be calculated as follows:

.
Qheater3 = εheater3

.
mgascpgas(Tgas,in − Tgas,mid) =

.
mCO2(h5 − h4) (15)

• Processes 5 and 6: The isentropic efficiency of the turbine and the produced power
may be calculated in the same way as in the simple cycle.

• Processes 7 and 1: The rejected heat from the ‘hot’ CO2 stream to the sea water in the
condenser may be calculated in the same way as in the simple cycle.
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5.3. Thermodynamic Processes of the Cascade Supercritical Cycle

The following processes describe the Cascade Supercritical Cycle, according to the Figure 7.

• Processes 1 and 2: The isentropic efficiency of the compressor and the mechanical power
consumption are calculated in the same way as in the Split and the Cascade cycle.

• State 2: At this state, the main cycle is divided into two cycles, i.e., the High Tempera-
ture (HT) with mass flow: .

mCO2H = x · .
mCO2 (16)

and the Low Temperature (LT) with mass flow:
.

mCO2L = (1 − x) · .
mCO2 (17)

• High Temperature Stream:

# Processes 2, 3H, 6H, and 7H: The transferred heat in the recuperator from the
‘hot’ HT CO2 stream to the ‘cold’ HT CO2 stream may be calculated using the
following equation:

qrecup,HT = εrecup,HT(h6H − h7H) = h3H − h2H (18)

# Processes 3H and 4H: The transferred heat from the intake air after the tur-
bocharger to the HT CO2 stream in HT Heater 1 may be calculated using the
following equation:

.
Qheater1,HT = εheater1,HT

.
maircpair(Tair,in − Tair,out) =

.
mCO2H(h4H − h3H) (19)

# Processes 4H and 5H: A part of the heat from the exhaust gas is recovered in HT
Heater 2, as may be calculated using the following equation:

.
Qheater2,HT = εheater2,HT

.
mgascpgas(Tgas,in − Tgas,mid) =

.
mCO2(h5H − h4H) (20)

# Processes 5H and 6H: The isentropic efficiency of the HT turbine and the produced
power in the HT cycle are depicted as follows:

nT,HT =
h5H − h6H

h5H,is − h6H
(21)

.
WT,HT =

.
mCO2H(h5H − h6H) (22)

• Low Temperature Stream:

# Processes 2 and 3L: The remaining heat from the exhaust gas is recovered in the
LT Heater and may be calculated as follows:

.
Qheater,LT = εheater,LT

.
mgascpgas(Tgas,mid − Tgas,out) =

.
mCO2L(h3L − h2) (23)

# Processes 3L and 4L: The isentropic efficiency of the LT turbine and the produced
power in the LT cycle are depicted as follows:

nT,LT =
h3L − h4L

h3L,is − h4L
(24)

.
WT,LT =

.
mCO2L(h3L − h4L) (25)

• State 8: At this state, the HT and LT streams are mixed as follows:
.

mCO2h8 =
.

mCO2Hh7H +
.

mCO2Lh4L (26)

• Processes 8 and 1: The rejected heat from the ‘hot’ CO2 stream to the sea water in the
condenser may be calculated using the following relation:
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.
Qcond = εcond

.
mCO2(h8 − h1) =

.
mwatercpwater(Twater,out − Twater,in) (27)

The net generated power of each cycle is the difference between the power generated
by the turbines and the power consumed by the compressors of each installation:

.
Wnet = ∑

.
WT,i − ∑

.
WP,i (28)

The thermal efficiency of each cycle is described by the relation below:

nth =

.
Wnet

∑
.

Qheater,i

(29)

5.4. Exergy Analysis

The total exergy of the stream at every point of the cycle comprises four components:
physical, chemical, kinetic, and potential [12]. The physical exergy can be assessed as follows:

.
Eph =

.
m[(hi − h0)− T0(si − s0)] (30)

where T0, s0, and h0 refer to the temperature, entropy, and enthalpy at the dead state.
In this study, it is assumed that the chemical exergy does not change from one state to

another [20], and for that reason, it has not been taken into consideration. Furthermore,
kinetic and chemical exergy are neglected because it is assumed that there are no velocity
or level changes in the system [12].

The exergy efficiency of the system is calculated by:

nex =

.
Wnet

∑
.
Ein

(31)

5.5. Model Assumptions

The main assumptions are the following:

• Each of the proposed installations operates under steady state conditions.
• Pressure drops in the pipelines are negligible.
• The isentropic efficiency of each compressor and turbine is assumed to be 0.9.
• The effectiveness (ε) of each heat exchanger has been assumed to be 0.9.
• At dead state, T0 and P0 are set at 27 ◦C and 1 bar.
• The lowest limit of the outlet temperature of the exhaust gas is 150 ◦C, i.e., 30 ◦C higher

than the dew point of the exhaust gas [21].

6. Heat Transfer Analysis and Dimensioning of Heat Exchangers

In the present study, a plate heat exchanger is selected. The main benefits of these
exchangers are their simple construction and compact size. The main drawback of plate heat
exchangers is that the material which connects the plates limits their working temperature.
Furthermore, the operating pressure is restricted due to the small distance of the plates.
However, there are studies in the literature which indicate that plate heat exchangers have
been successfully used with high pressure working fluids. To define the dimensions of
each heat exchanger, the required heat transfer area, and the total heat transfer coefficient,
a heat transfer analysis was conducted, as described below. The selected method for this
analysis was the logarithmic mean temperature difference (LMTD). Based on this method,
the heat transfer rate may be calculated as follows:

.
Q = U × A × ∆TLMTD (32)

∆TLMTD =
∆Tmax − ∆Tmin

ln(
∆Tmax

∆Tmin
)

(33)
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The overall heat transfer coefficient can be calculated using the following equation:

1
Uplate

=
1

hin
+ rin +

δ

λ
+ rout +

1
hout

(34)

The fouling resistance for the different fluids was set as follows:

• The fouling resistance of internal CO2 stream rin in all plate heat exchangers is set at
0.0002, as proposed by Cao [22].

• The fouling resistance of external intake air flow rout is set at 0.0002 [22].
• The fouling resistance of the external exhaust gas flow rout is set at 0.002 [22].
• The fouling resistance of the external seawater flow rout is set at 0.00009 [22].

The convection heat transfer coefficient for the internal and external fluid is expressed
by the following relation [22]:

hi =
kNu
Dh

(35)

The Nusselt number for the single-phase working fluid can be calculated from the
relation above [23,24]:

Nu = 0.724
(

6β
π

)0.646
Re0.583Pr1/3 (36)

Reynolds number is obtained from the following relation [23]:

Re =
GDh
µ

(37)

The mass flux can be expressed as follows [23]:

G =
m

N × w × b
(38)

The hydraulic diameter of the flow channel can be calculated as follows [23]:

Dh =
4wb

2(w + b)
(39)

7. Economic Analysis

In this study, an economic analysis was made to calculate the direct and overhead
costs for each component of each installation. The Module Costing Technique (MCT) is a
method which calculates the bare module cost of chemical plants [25]. According to the
MCT, the capital cost of the heat exchanger can be calculated as follows:

CHX =
CEPCI2020

CEPCI2001
FSC0

HX(B1,HX + B2,HXFM,HXFP,HX) (40)

where the Chemical Engineering Plant Cost Index (CEPCI) is employed to adjust the precise
costs for various components of the bottoming installation, CEPCI2020 and CEPCI2001 are
the Chemical Engineering Plant Cost Indexes for years 2020 and 2001, respectively, CHX

0

is the bare module cost of the heat exchanger, FS is the construction overhead cost factor,
B1,HX and B2,HX are constants based on the heat exchanger type, and FM,HX and FP,HX are
the material and pressure factors, respectively. The values of CEPCI2020 and CEPCI2001 are
607.5 [26] and 397, respectively [27].

The bare module cost of the heat exchanger is calculated as follows:

logC0
HX = K1,HX + K2,HXlogAHX + K3,HX(logAHX)

2 (41)

where K1,HX, K2,HX, and K3,HX are constants that depend on the heat exchanger type, and
AHX is the heat exchanger area. The values of constants for estimating the capital cost of
the heat exchanger are provided in Table 2.
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Table 2. Values of constants for estimating the capital cost of the heat exchanger [28].

Constant Value

FS 1.70
B1,HX 0.96
B2,HX 1.21
FM,HX 2.40
K1,HX 4.66
K2,HX −0.1557
K3,HX 0.1547
C1,HX 0
C2,HX 0
C2,HX 0

The pressure factor of the heat exchanger is [25]:

logFP,HX = C1,HX + C2,HXlogPHX + C3,HX(logPHX)
2 (42)

where C1,HX, C2,HX, and C3,HX are constants that depend on the type of heat exchanger, and
PHX is the design pressure of the heat exchanger.

The capital cost of the utilized compressors may be estimated as follows [25]:

CC =
CEPCI2020

CEPCI2001
FSC0

CFBMFP,C (43)

where C0
C is the bare module cost of the compressor and FBM is the bare module factor.

The bare module cost of the compressor is [25]:

logC0
C = K1,C + K2,ClogWC + K3,C(logWC)

2 (44)

where K1,C, K2,C, and K3,C are constants that depend on the type of circulation compressor
and WC is the power consumption thereof. The values of constants for estimating the
capital cost of the compressor are given in Table 3.

Table 3. Values of constants for estimating the capital cost of the compressor [28].

Constant Value

FS 1.70
FBM 1.20
K1,C 2.2897
K2,C 1.3604
K3,C −0.1027
C1,C 0
C2,C 0
C3,C 0

The pressure factor of the compressor can be calculated as follows:

logFP,C = C1,C + C2,ClogPC + C3,C(logPC)
2 (45)

where C1,C, C2,C, and C3,C are constants that depend on the type of circulation compressor
and PC is the design pressure thereof.

The cost of the expander can be expressed as follows:

CEXP =
CEPCI2020

CEPCI2001
FSC0

EXPFMP (46)

where C0
EXP is the bare module cost of the expander and FMP is the additional expander factor.
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The bare module cost of the expander is [25]:

logC0
EXP = K1,EXP + K2,EXPlogWEXP + K3,EXP(logWT)

2 (47)

where K1,EXP, K2,EXP, and K3,EXP are constants that depend on the type of the expander,
and WT is the power output thereof. In Table 4 are provided the values of constants that
are used for calculating the capital cost of expander.

Table 4. Values of constants for estimating the capital cost of expander [28].

Constant Value

FMP 3.5
FS 1.70

K1,EXP 2.2659
K2,EXP 1.4398
K3,EXP −0.1776

The total investment cost (TIC) of the system is the sum of the capital cost of each
component of the installation:

Ctot = ∑ CHX + CC + CEXP (48)

The Capital Recovery Factor (CRF) is [29]:

CRF =
i(1 + i)LTpl

(1 + i)LTpl − 1
(49)

where i is the interest rate and LTpl is the plant lifetime. The value of interest rate i is
12% [30] and that of LTpl is 15.

The Electricity Production Cost (EPC) is:

EPC = Ctot
CRF + fk

(WT − WC)hfull_load
(50)

where fk is the maintenance and insurance cost factor, equal to 0.06 [31], and hfull_load are
the full load operation hours, which are 7200.

8. Optimization of the Supercritical Cycles with a Genetic Algorithm

Genetic Algorithms are used to optimize processes; they are gaining increasing at-
tention for use in multi-objective problems. This method has existed since the 1960s, and
was developed by John Holland and collaborators [32]. It is a probabilistic, rather than
a minimalistic method, based on the genetic structure and behavior of chromosomes. In
this study, a genetic algorithm was utilized as an internal optimization method of the
engineering software EES.

A genetic algorithm was utilized to set the prices of the functional parameters of the cy-
cles to minimize the cost of the produced electricity (EPC) and make the investment of these
installations more feasible. The load of the engine was set at 80% of the MCR and the exter-
nal conditions were considered ISO (Air Temperature = 25 ◦C, Water Temperature = 25 ◦C).
It is necessary to clarify that the minimization of the EPC does not mean the maximization
of the produced power, because the EPC is dependent on the total investment cost, the
generated power, and the operating hours. The maximization of the produced power
would lead to a significant increase in the total investment cost. To conclude, the EPC was
optimized to achieve a balance between the produced power and the installation cost. The
parameters inserted into the genetic algorithm of every cycle are the following:

• the pressure ratio in the compressor (phigh/plow).
• the pinch point temperature difference (PPTD) in the heat exchanger of the intake air
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• the pinch point temperature difference (PPTD) in the heat exchanger of the exhaust
gas, where it exits at an intermediate temperature (only in the split and cascade cycles)

• the pinch point temperature difference (PPTD) in the heat exchanger of the exhaust
gas, where it exits at its final temperature

• the pinch point temperature difference (PPTD) in the recuperator
• the intermediate temperature of the exhaust gas (only in the split and cascade cycles)
• the final temperature of the exhaust gas

The starting pressure and temperature of the stream were set at 75 bar and 30 ◦C, and
the PPTD in the condenser was set at 5 ◦C.

9. Exergo-Economic Analysis

Introduced by Lazzaretto and Tsatsaronis [33], exergo-economic analysis attributes
cost to exergy streams in every component of a thermodynamic system based on existing
energy, exergy, and economic analyses. In order to undertake this analysis, a cost balance
equation for each component of the system has to be applied. The cost balance equation is
the following [34,35]:

∑
.

Cexergy,out + ∑
.

Cw = ∑
.

Cexergy,in + ∑
.

Qth + ∑
.

Ccapital,component (51)

where
.

Cexergy,out is the cost rate of the exergy stream that exits each component,
.

Cw is the

cost rate of the produced power in each component,
.

Cexergy,in is the cost rate of the exergy

stream that enters each component, and
.

Ccapital,component is the capital cost rate of each
component. The previous equation can be expressed differently, as follows [36]:

∑ (cexergy,out
.
Eexergy,out) + ∑ (cw,produced

.
Wproduced) =

∑ (cexergy,in
.
Eexergy,in) + ∑ (cq,thermal

.
Eq,thermal) + ∑

.
Ccapital,component

(52)

where ci are the costs per exergy unit. The capital cost rate
.

Ccapital,component of each compo-
nent may be calculated using the following equation [20,37]:

.
Ccapital,component =

(
CRF

hfull_load
+

fk
hfull_load

)
Ccomponent (53)

which sums the annual investment cost and the annual maintenance and operating costs.
The values of CRF, fk, and hfull_load are depicted in the economic analysis. It should be noted
at this point that the exergetic cost rate balance equations were used to calculate the energy
costs of the components of the bottoming installation. In these equations, the exergetic
mass flow rates that enter and exit each component of the installation have been introduced,
and the capital cost rate of each component of the waste heat recovery installation has
been derived. Hence, the inlet and outlet exergetic mass flow rates of each component
of the bottoming installation, in conjunction with the capital cost rate of each component,
constituted a system of equations, which was solved, providing the cost rate of all inlet
and outlet exergy streams. Table 5 illustrates a system of equations which includes the
cost balance equations and additional equations for each component. The solution of this
system contains the cost rate for all the entering and exiting exergy streams and the cost
per exergy unit for the produced and consumed power in each component at 80% of MCR.
·
CWATER,IN,

·
CWATER,OUT are set at zero due to the fact that the cooling water is sea water,

which is free in the environment, and consequently, its cost is negligible [37]. Furthermore,
·
CGAS,IN,

·
CAIR,IN are set at zero [34], because the heat is harnessed from the exhaust gases

of the engine before they exit the engine, and from the compressed air before it enters the
intercooler; consequently, these are non-cost sources of heat.
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Table 5. Exergetic cost rate balance equations of an optimum split cycle [37].

Component Exergetic Cost Rate Balance Equation Additional Equation

Compressor
.

C2 =
.

C1 +
.

CWC +
.

CC

.
CWC

WC
=

.
CWT

WT

Recuperator
.

C7 +
.

C3R =
.

C6 +
.

C2R +
.

Crecup

.
C6
E6

=

.
C7
E7

,
.

C2R = x
.

C2

Heater 1
.

C3H =
.

C2H +
.

Cgas,mid +
.

Cheater1
.

C2H = (1 − x)
.

C2

Heater 2
.

C4 =
.

C3 +
.

Cair,in +
.

Cheater2
.

C3 =
.

C3H +
.

C3R,
.

Cair,in = 0

Heater 3
.

C5 +
.

Cgas,mid =
.

C4 +
.

Cgas,in +
.

Cheater3
.

Cgas,in = 0,

.
C5
E5

=

.
C4
E4

Turbine
.

C6 +
.

CWT =
.

C5 +
.

CT

.
C6
.
E6

=

.
C5
.
E5

Condenser
.

C1 +
.

Cwater,out =
.

C7 +
.

Cwater,in +
.

Ccond
.

Cwater,in = 0,
.

Cwater,out = 0

10. Exergo-Environmental Analysis

Exergo-environmental analyses contains measurements about the exergetic efficiency
of a system [38–40]. To perform this analysis, it is necessary to calculate the exergy de-
struction rate for each component of the supercritical cycle utilizing the relations depicted
in Table 6.

Table 6. Exergy destruction rate for each component of the optimal split cycle [38–40].

Component Exergy Destruction Rate

Compressor (
.
E1 −

.
E2) + Wp

Recuperator (
.
E2R −

.
E3R) + (

.
E6 −

.
E7)

Heater 1
( .

E2H −
.
E3H

)
+

( .
Egas,mid −

.
Egas,out

)
Heater 2

( .
E3 −

.
E4

)
+

( .
Eair,in −

.
Eair,out

)
Heater 3 (

.
E4 −

.
E5) + (

.
Egas,in −

.
Egas,mid)

Turbine
( .

E5 −
.
E6

)
− WT

Condenser (
.
E7 −

.
E1) + (

.
Ewater,in −

.
Ewater,out)

The exergo-environmental factor is described as the total exergy destruction rate
divided into the rate of inlet exergy, as follows:

fei =
∑

.
ED

∑
.
Ein

(54)

The environmental damage effectiveness factor is described as the exergo-environmental
factor divided into the exergy efficiency of the cycle, as follows:

Jei = fei × Cei (55)

where:
Cei =

1
nex

(56)

is a coefficient of exergo-environmental impact.
The exergy stability factor is expressed as the total exergy destruction rate divided

into the summation of total output exergy rate and total exergy destruction rate, as follows:

fes =
∑

.
ED

∑
.
Extot,out + ∑

.
ED + 1

(57)
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The previous parameters are preferred to reach their lowest possible value in order to
exploit the maximum amount of exergy in the installation [40].

It should be clarified that the computational platform that was used to perform all
calculations reported in the present study was the Engineering Equation Solver (EES) [41].

11. Results and Discussion
11.1. Multi-Optimization in the Simple Cycle

In the simple cycle, five parameters were inserted in the genetic algorithm with the
following limits:

• Pressure Ratio (phigh/plow): 1.5–3.5
• PPTD in the heat exchanger of the intake air: 10–30 ◦C
• PPTD in the heat exchanger of the exhaust gas: 10–30 ◦C
• PPTD in the recuperator: 10–30 ◦C
• Outlet temperature of the exhaust gas:160–190 ◦C

The results from the multi-optimization in the simple cycle are depicted in Table 7. As
shown, the PPTD in the heat exchangers received the value of their lowest limits, except
for the PPTD of the Heater 1. Moreover, the outlet temperature of the exhaust gas takes
an intermediate value between the lowest and the upper limit, even though it could be set
at its lowest rate to recover the maximum waste heat. This can be explained because to
minimize the EPC, it is necessary to maintain a balance between the cost of the installation
and the produced power. The thermal efficiency of the supercritical cycle is 11.07%, which
is an average rate. As far as the cost of the components of the installation is concerned, the
most expensive component is the compressor, followed by the turbine, with the overall cost
reaching 4 million Euros. As far as the cost of the produced electricity is concerned, it is
0.05637 €/kWh.

Table 7. Results from the optimization of the simple cycle with the genetic algorithm.

Parameters Simple Cycle

Phigh/plow 2.184
PPTDRecup(

◦C ) 11.6
PPTDHeater1(

◦C ) 16
PPTDHeater2(

◦C ) 10
PPTDCond(

◦C ) 5
TGAS,OUT(

◦C ) 164.5
.

mCO2 (kg/s) 71.02
.

Wnet(kW) 1.899
.

QRecup(kW) 1.688
.

QHeater1(kW) 8.850
.

QHeater2(kW) 8.305
nth(%) 11.07

CRecup(€) 497,802
CHeater1(€) 569,981
CHeater2(€) 575,062
CCond(€) 1,119,000

CP(€) 844,054
CEXP(€) 419,924

CTOTAL(€) 4,025,823
EPC (€/kWh) 0.05637

11.2. Multi-Optimization in the Split Cycle

In the split cycle, seven parameters were inserted in the genetic algorithm with the
following limits:

• Pressure Ratio (phigh/plow): 2–4
• PPTD in the heat exchanger of the intake air: 10–30 ◦C
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• PPTD in the intermediate heat exchanger of the exhaust gas: 10–30 ◦C
• PPTD in the recuperator: 10–30 ◦C
• PPTD in the final heat exchanger of the exhaust gas: 10–30 ◦C
• Intermediate temperature of the exhaust gas: 190–205 ◦C
• Outlet temperature of the exhaust gas: 150–180 ◦C

Table 8 demonstrates the results from the multi-optimization of the split cycle. The
value of PPTDs in the heat exchangers are relatively low. The intermediate temperature
of the exhaust gas almost reaches its upper limit, and consequently, Heater 3 harnesses
most of the heat from the exhaust gas. The thermal efficiency of the supercritical cycle is
14%, which is relatively high. Despite the higher efficiency of the split cycle, the produced
power in this cycle is less than in the simple cycle. As far as the cost of the installation
is concerned, the most expensive component is the compressor; the overall cost reaches
3.3 million Euros. Finally, the cost of the produced electricity is 0.0518 €/kWh.

Table 8. Results from the optimization of the split cycle with the genetic algorithm.

Parameters Simple Cycle

phigh/plow 2.679
PPTDHeater1(

◦C ) 15.95
PPTDRecup(

◦C ) 10
PPTDHeater2(

◦C ) 10
PPTDHeater3(

◦C ) 13.16
PPTDCond(

◦C ) 5
TGAS,INTERMED(

◦C ) 202
TGAS,OUT(

◦C ) 156.5
.

mCO2 (kg/s) 42.88
x 0.346

.
Wnet(kW) 1.687
.

QRecup(kW) 759.8
.

QHeater1(kW) 6.284
.

QHeater2(kW) 2.925
.

QHeater3(kW) 2.843
nth(%) 14

CRecup(€) 335,098
CHeater1(€) 391,797
CHeater2(€) 388,694
CHeater3(€) 380,298
CCond(€) 662,022

CP(€) 714,459
CEXP(€) 413,017

CTOTAL(€) 3,285,385
EPC (€/kWh) 0.0518

11.3. Multi-Optimization in the Cascade Cycle

In the cascade cycle, eight parameters were inserted in the genetic algorithm with the
following limits:

• Pressure Ratio (phigh/plow): 1.5–3
• PPTD in the heat exchanger of the intake air: 10–30 ◦C
• PPTD in the intermediate heat exchanger of the exhaust gas: 10–30 ◦C
• PPTD in the final heat exchanger of the exhaust gas: 10–30 ◦C
• Intermediate temperature of the exhaust gas: 190–210 ◦C
• Outlet temperature of the exhaust gas: 150–180 ◦C

In Table 9, the results from the optimization of the cascade cycle are illustrated. The
final temperature of the exhaust gas is the lowest limit, and subsequently, this cycle
harnesses the maximum heat. The pressure ratio receives an intermediate value. The
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net produced power is 2.007 kW, which is the highest value among the supercritical
cycles, and the thermal efficiency is 12.66%. The component with the highest installation
cost is the condenser; the overall cost is 4.843 million Euros. The cost of the produced
electricity is 0.0642 €/kWh, which is higher than in the other cycles due to the high cost of
the installation.

Table 9. Results from the optimization of the cascade cycle with the genetic algorithm.

Parameters Simple Cycle

phigh/plow 2.486
PPTDRecup,HT(

◦C ) 10
PPTDHeater1,HT(

◦C ) 10
PPTDHeater2,HT(

◦C ) 10
PPTDHeater,LT(

◦C ) 15.04
PPTDCond(

◦C ) 5
TGAS,INTERMED(

◦C ) 199.9
TGAS,OUT(

◦C ) 150
.

mCO2 (kg/s) 64.57
.

mCO2H(kg/s) 31.64
.

mCO2L(kg/s) 32.93
.

Wnet(kW) 2.007
.

QRecup,HT(kW) 1.059
.

QHeater1,HT(kW) 5.383
.

QHeater2,HT(kW) 2.709
.

QHeater,LT(kW) 6.716
nth(%) 12.66

CRecup,HT(€) 443,939
CHeater1,HT(€) 517,033
CHeater2,HT(€) 559,643
CHeater,LT(€) 530,759

CCond(€) 1,081,000
CP(€) 950,281

CEXP,HT(€) 388,610
CEXP,LT(€) 372,182
CTOTAL(€) 4,843,447

EPC (€/kWh) 0.06417

11.4. Comparative Results from the Multi-Optimization of the Supercritical Cycles

Multi-optimization of the supercritical cycles with the genetic algorithm was carried
out to find out which cycle had the lowest cost for the produced electricity. All cycles kept
this cost low, but the split cycle showed the lowest value, as shown in Figure 8. Furthermore,
Figure 9 depicts that the split cycle illustrated the highest energy efficiency and the lowest
cost of installation but produced the least power. The simple cycle was in second place
regarding the cost of the produced electricity, produced power, energy efficiency, and the
cost of the installation. The cascade cycle produced the most power but had the highest
electricity cost, the lower energy efficiency, and the highest installation cost.
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Figure 9. Theoretical results for the net generated power, the installation cost, and the thermal
efficiency of the simple supercritical CO2 cycle, the split supercritical CO2 cycle, and the cascade
supercritical CO2 cycle.

11.5. Results from the Exergo-Economic Analysis

The system in Table 5 utilizing the EES software provided the results shown in Table 10.
The objective of this table is to depict the cost of exergy streams in each component of the
system in order to find out which streams have the highest cost. As observed, the streams
entering and exiting Heater 3 are the costliest, at 527.4 €/h and 564.1 €/h, respectively.
In these points, the exergy of the CO2 stream is maximized. On the other hand, the
streams exiting the recuperator and Heater 1 are the least costly streams, i.e., 179.2 €/h
and 338.3 €/h, respectively. In these states, the exergy of the CO2 stream is minimized. To
conclude, the cost of the exergy stream seems to be proportionate to the amount of exergy
it contains at each state.
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Table 10. Cost of Exergy Streams of Split Cycle.

State Fluid
Pressure

(Bar) T (◦C)
Enthalpy

(kJ/kg)
Entropy
(kJ/kg K)

Exergy
(MW)

Costs
.
C(€/h)

.
c(€/GJ)

1 CO2 75 30 −215.1 −1.44 9.342 455.4 13.54
2 CO2 200.93 54.64 −195.7 −1.434 10.100 517.7 14.24

3R CO2 200.93 74.82 −144.5 −1.282 3.587 195.1 15.12
3H CO2 200.93 144.1 6.079 −0.8846 7.637 322.1 11.72
3 CO2 200.93 116 −46.13 −1.014 11.119 517.2 12.92
4 CO2 200.93 149.6 15.39 −0.8625 11.804 527.5 12.41
5 CO2 200.93 188.8 75.02 −0.7274 12.624 564.2 12.41
6 CO2 75 99.51 16.25 −0.7155 9.949 444.7 12.41
7 CO2 75 84.82 −3.465 −0.7694 9.798 437.9 12.41

11.6. Parametric Analysis of the Split Supercritical Cycle

A parametric analysis was carried out to depict the variation of various operating
indicators in the split cycle with an engine load ranging from 55% to 100% of MCR in three
different environmental conditions. These conditions are:

• the ISO condition, where the air and seawater temperature are both 25 ◦C
• the specified condition, where the air and seawater temperature are both 10 ◦C
• the tropical condition, where the air temperature is 45 ◦C and the seawater temperature

is 36 ◦C

Figure 10a illustrates the variation of the brake specific fuel consumption (bsfc) im-
provement with engine load in different environmental conditions. As observed, the bsfc
was enhanced more in tropical conditions as the engine load increased; its highest value
was almost 5%. The bsfc improvement in ISO conditions followed, it reaching its highest
value, 4.24%, as the engine load increased. The lowest bsfc improvement was noticed in
specified conditions, which the highest value was 2.6%. Figure 10b demonstrates the pro-
duced power in the split cycle in different conditions. In all conditions, the generated power
increased as the engine load increased. In tropical conditions, the most generated power
was 3542 kW, while in ISO conditions, this value is 3040 kW, and in specified conditions,
1800 kW. Figure 10c illustrates the thermal efficiency of the split cycle. As depicted, the
efficiency changed slightly as the engine load increased. The efficiency of this cycle ranged
from 13.7% to 14.5% in ISO conditions, from 12.4% to 13.5% in tropical conditions, and
from 10.6% to 11.9% in specified conditions. Figure 10d shows the variation of the overall
efficiency of the two-stroke engine combined with the split cycle. The overall efficiency
of this installation ranged from 52.4% to 55.5% in ISO conditions, from 50.7% to 55.2% in
tropical conditions, and from 52.89% to 54.4% in specified conditions. Based on Figure 10,
it can be concluded that in tropical conditions, the bsfc is mostly improved and it generates
the most power, whereas in ISO conditions, the efficiency of the cycle is higher.

Figure 11a demonstrates the variation of exergetic efficiency of the split cycle in
different conditions. In ISO and tropical conditions remained almost stable as the engine
load changed. The highest exergetic efficiency was observed in ISO conditions, where it
ranged from 15.6% to 16.5%. In tropical conditions, the efficiency varied from 13.9% to
15.1%, and in specified conditions from 12.3% to 13.7%. Figure 10b illustrates the variation
of total exergy destruction rate, which increased as the engine load increased. The lowest
destruction was observed in specified conditions, in which the lowest value was 3560 kW
and the highest was 11,370 kW. In ISO conditions, the total exergy destruction rate ranged
from 5630 kW to 15,200 kW. In tropical conditions, the total exergy destruction rate ranged
from 6948 kW to 19,487 kW.
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Figure 12a,b demonstrate the exergy destruction rate of each component in full load
and in 80% of MCR. As indicated, the destruction rates in the compressor, the recuperator,
the turbine, and the condenser were low and did not highly differ in full and partial
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loads. On the other hand, Heaters 1,2, and 3 were mainly responsible for the total exergy
destruction rate. All the components had the maximum exergy destruction rate in tropical
conditions, which was expected, given the data presented in Figure 11. In full load,
Heater 2 presented the highest destruction rate, i.e., almost 7000 kW; Heater 1 was in
second place with almost 6500 kW, and Heater 3 was in third place, with 4000 kW. At 80%
MCR (partial load), Heater 1 presented the highest destruction rate, i.e., almost 5500 kW;
Heater 2 was in second place with 2250 kW, and Heater 3 was in third place with 1800 kW.
The exergy destruction rate of Heater 1 did not highly differ since the intermediate and
outlet temperature of the exhaust gas did not change with different loads. In contrast,
the exergy destruction rate of Heaters 2 and 3 differed significantly because the inlet
temperature of exhaust gas changed considerably.
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Figure 12. Variation of (a) the exergy destruction rate of each component at full engine load and
(b) the exergy destruction rate of each component at 80% of full load for ISO, tropical, and
specified conditions.
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Figure 13a illustrates the variation of exergo-environmental factors in different condi-
tions. The exergo-environmental factor increased as the engine load reached higher values.
In ISO conditions, the exergo-environmental factor ranged from 0.85 to 1.29, in tropical
conditions from 0.87 to 1.37, and in specified conditions from 0.87 to 1.39. Figure 13b
demonstrates the variation of the exergy stability factor in different conditions. This factor
remained almost stable as the engine load increased. In ISO conditions, the exergy stability
factor ranged from 0.77 to 0.78, in tropical conditions from 0.80 to 0.81, and in specified
conditions from 0.81 to 0.83. Figure 13c depicts the variation of environmental damage
effectiveness. In ISO conditions, the environmental damage effectiveness ranged from
5.4 to 7.85, in tropical conditions from 6.1 to 9.1, and in specified conditions from 6.7 to
10.1. These factors were the basis of the exergo-environmental analysis in this study; it
was desirable for them to be as low as possible. Of course, in ISO conditions, these factors
reached the lowest values.
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mental damage effectiveness with engine load for ISO, tropical, and specified conditions.

Figure 14 illustrates the cost rate of exergy streams at each state of the split cycle
with full and partial loads in different conditions. The lowest cost rates were observed
at State 3R in partial load and State 3H in full load. The highest cost rate was found at
State 5 in both loads. The conditions did not significantly change the cost rate at most
states, although in partial load and in ISO conditions, the cost rate was slightly higher than
the other conditions in almost every state. Furthermore, it was noticed that in full load,
every state had a higher cost rate, with the exception of State 3R.
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Figure 14. Variation of cost rate of exergy streams at each state at (a) full engine load and (b) 80% of
full load for ISO, tropical, and specified conditions.

Figure 15 demonstrates the cost per exergy unit at each state of the split cycle at partial
and full loads. Of course, in specified conditions, every state has higher exergy unit costs
in both loads. This can be explained by the fact that the physical exergy in these conditions
is less than in the other conditions. The lowest values occurred in tropical conditions. As
for the split cycle states, the highest exergy unit cost occurred at State 3R and the lowest
exergy unit cost at State 3H in both loads.

At this point, it would be useful to present a discussion about the relationship be-
tween the analysis and the results of the present study compared to the corresponding
analyses and results presented in other studies. The concept for the design and analysis of
the three supercritical CO2 cycles was based on a similar study by Kim et al. [11], which
modeled a simple, a split, and a cascade supercritical CO2 cycle to harness waste heat
from a gas turbine in a shore installation. However, the three supercritical CO2 cycles
presented and analyzed in the present study were not the same as the ones presented and
modelled in that study [11], because they were modified to be coupled optimally with the
temperature levels of waste heat streams of the main two-stroke marine diesel engine of
the examined 6800 TEU container ship. As such, they were quite different from the ones
harnessing waste heat from a gas turbine, as discussed in [11]. In addition, the theoreti-
cal results of the present thermo-economic, exergo-economic, exergo-environmental, and
optimization study can be compared with the results of the thermodynamic analyses of
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Kim et al. [11] only on a qualitative basis, as they are not directly related is a quantitative
sense. Furthermore, the exergo-economic and exergo-environmental analyses presented in
the literature [12–15] are related to shore installations and to the utilization of waste heat
from energy sources other than two-stroke main marine diesel engines. Hence, a compari-
son of the present exergo-economic and exergo-environmental results with pertinent results
from the literature [12–15] can only be made on a qualitative basis. It can be concluded
that since there is not a direct match between the integrated theoretical analysis and results
of the present study with pertinent analyses and results presented in other studies, the
present study is innovative in nature.
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Figure 15. Variation of cost per exergy unit at each state at (a) full engine load and (b) 80% of full
engine load for ISO, tropical, and specified conditions.
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Nomenclature

A Area (m2)
AHX Heat exchanger area (m2)
B1,HX Constant that is based on the heat exchanger type
B2,HX Constant that is based on the heat exchanger type
b channel spacing (m)
C1,HX Constant that depend on the type of heat exchanger
CHX

0 Bare module cost of the heat exchanger
C1,C Constant that is based on the compressor
C2,HX Constant that depend on the type of heat exchanger
C2,C Constant that is based on the compressor
C3,HX Constant that depend on the type of heat exchanger
C3,C Constant that is based on the compressor
CEXP Capital cost of the expander
CEXP

0 Bare module cost of the expander
CHX Capital cost of the heat exchanger
CHX Capital cost of the heat exchanger
CC Capital cost of the compressor
CC

0 Bare module cost of the compressor
cp heat capacity (J/kgK)
.

C cost balance rate
c cost per exergy unit
Dh Hydraulic port diameter (m)
fei exergoenvironmental factor
fk Maintenance and insurance cost factor
FM,HX Material factor of heat exchanger
FBM Material factor of the compressor
FMP Additional expander factor
FP,HX Pressure factor of heat exchanger
FP,C Pressure factor of the compressor
FS Construction overhead cost factor
h Convective heat transfer coefficient (W/m2 K)
h Specific enthalpy (J/kg)
hfull_load Full load operation hours
hin Convective heat transfer coefficient of the heat exchanger internal

flow (W/m2 K)
i Interest rate
E exergy
K1,EXP Constant that is based on the type of the expander
K1,HX Constant that is based on the heat exchanger type
K1,C Constant that is based on the compressor
K2,EXP Constant that is based on the type of the expander
K2,HX Constant that is based on the heat exchanger type
K2,C Constant that is based on the compressor
K3,EXP Constant that is based on the type of the expander
K3,HX Constant that is based on the heat exchanger type
K3,C Constant that is based on the compressor
k Thermal conductivity (W/m K)
l Length (m)
LTpl Plant lifetime
m Mass (kg)
.

m Mass flow rate (kg/s)
n Efficiency
N Number
p Pressure (MPa)
phigh high pressure of the cycle
plow low pressure of the cycle
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.
WT Power output of turbine

.
WC Power consumption of compressor

.
Wnet Net power produced
q Specific heat (J/kg)
Q Heat (J)
.

Q Heat transfer rate (W)
rin Fouling resistance of the heat exchanger internal flow (m2 K/W)
rout Fouling resistance of the heat exchanger external flow (m2 K/W)
s Specific entropy (J/kgK)
T Temperature (◦C)
T0 Reference temperature of exergy destruction rate (K)
U heat transfer coefficient (W/m2K)
w Channel width (m)
x percentage of mass flow rate
Greek
β Rib effect coefficient or chevron angle
δ Fin height (m)
∆T temperature difference (K)
ε Convection factor or effectiveness of the heat exchanger
ε Heat exchanger effectiveness
λ Thermal conductivity (W/m K)
µ Dynamic viscosity ()
θei environmental damage effectiveness factor
Subscripts
0 Reference
is isentropic
recup recuperator
heater1 heat exchanger of exhaust gas
heater2 heat exchanger of scavenge air
heater3 heat exchanger of exhaust gas
air scavenge air
gas exhaust gas
gas,in exhaust gas inlet
gas,out exhaust gas outlet
air,in scavenge air inlet
air,out scavenge air outlet
cond condenser
ex exergetic
water sea water
water,in sea water inlet
water,out sea water outlet
gas,mid exhaust gas intermediate outlet
T turbine
C compressor
D destruction
cond condenser
H high
L low
R recuperator
th thermal
in input
ph physical
max maximum
min minimum
plate plate heat exchanger
tot total
exergy,in exergy input
exergy,out exergy output
w produced power
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Dimensionless numbers
Nu Nusselt number
Pr Prandtl number
Re Reynolds number
Abbreviations
bsfc Brake specific fuel consumption
CEPCI Chemical engineering plant cost index
CO2 Carbon dioxide
CRF Capital recovery factor
EPC Electricity production cost
HT High temperature
HX Heat exchanger
LNG Liquefied natural gas
LT Low Temperature
MCT Module cost technique
TIC Total investment cost
TEU twenty-foot equivalent unit
MCR maximum continuous rating
LMTD Logarithmic mean temperature difference
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