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Abstract: The overturning and eccentric abrasion of the slipper worsens the lubrication characteristics
and increases the friction power loss and kinetic energy consumption of the slipper/swashplate
interface to reduce the axial piston pump efficiency. A coupling lubrication numerical model and
algorithm and a micro-chamfering structure are developed and proposed to predict more precisely
and improve the lubrication characteristics of the slipper/swashplate interface. The simulation results
reveal that the slipper without micro-chamfering overturns and contacts with the swashplate, while
the one with micro-chamfering forms a certain oil film thickness to prevent this contact effectively.
The minimum total power loss of the slipper/swashplate interface has to be effectively ensured under
the worst working conditions, such as the high pressure, the low speed, the maximum swashplate
inclination angle and the minimum house pressure. The optimal micro-chamfering width and depth
are 1.2 mm and 3.5 pm or C1.2-3.5, the simulation average oil film thickness of which is approximately
equal to the optimal analytical value. The experimental friction power loss of the slipper/swashplate
interface is basically consistent with the simulation one, confirming the correctness and effectiveness
of the coupling lubrication numerical model, and the optimization method and providing the further
design direction of axial piston pumps.

Keywords: power loss; numerical model; coupling algorithm; lubrication characteristics; axial
piston pumps

1. Introduction

The function of the hydraulic pumps is to transform mechanical energy into hydraulic
energy, so minimizing energy loss in the sliding interfaces is important to keep the high
whole pump efficiency. Axial piston pumps are the common hydraulic ones extensively
used in various engineering fields, such as aviation, automobiles, construction machin-
ery, and energy saving machinery, etc. [1-4]. The slipper/swashplate interface is one
of three key friction interfaces in axial piston pump, such as cylinder/valve plate pair,
slipper/swashplate pair and cylinder/piston pair [5-7]. Under the alternating loads from
displacement chamber and torques, the slipper is easy to overturn and even wear out
eccentrically [8,9]. Pictures of the slipper eccentric abrasion are shown in Figure 1. With the
high speed and high pressure development of the axial piston pumps, the loads and torques
magnify to lead the slipper more prone to overturn. The slipper/swashplate interface
is required to have the higher lubrication performance for the long lasting working life
and reliability and simultaneously to meet the sealing function, which is a research hot of
scholars at home and abroad in recent years [10-14].
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(b)

Figure 1. Pictures of slipper eccentric abrasion, where (a) is before eccentric abrasion; (b) is after

eccentric abrasion.

Wieczorek and Ivantysynova [15] constructed a simulation tool CASPAR for calcu-
lating the oil film of friction interfaces in swashplate axial piston pumps. Shang and
Ivantysynova [16], Schenk and Ivantysynova [17] both studied the fluid-structure-thermal
interaction lubrication models of the slipper/swashplate interface. Ztoto and Kowalski [18]
discussed the influence of working conditions and design parameters on the slipper load.
Xu et al. [19-21] investigated the wedge oil film formed by the overturning moment on the
slipper/swashplate interface. Qun et al. [22] built the experimental platform to measure
the oil film thickness in the slipper bearing. Tang et al. [23,24] researched the impact of
the inner—outer diameter ratio of the sealing land and the length—diameter ratio of the
fixed damping hole on the leakage, friction torque, and power loss of the slipper pair. Nie
et al. [25] proposed a slipper structure with annular damping groove and studied its effect
on the friction coefficient between slipper and swashplate in water pumps. Ma et al. [26]
analyzed the oil film of the slipper/swashplate interface based on CFD. Chen et al. [27]
investigated the influence of the slipper groove structure on the oil film lubrication per-
formance and its optimization in aviation piston pumps. Borghi et al. [28] studied the
influence of some different convex profiles on the dynamic behavior of a slipper bearing
of an axial piston machine. Hooke et al. [29,30] examined the relationship between such a
slipper non-flatness and the minimum film thickness of the slipper bearing under steady
operating conditions in axial piston pumps. Manring et al. [31] investigated experimentally
the performance characteristics of similar slipper bearings using different socket geometries
based on a linear bearing deformation assumption. Sun et al. [32] researched the influence
of working conditions on the oil film lubrication performance for the slipper/swashplate
interface designed by the residual pressing force coefficient. Wang et al. [33] discussed the
influence of micro-chamfering on the micro motion of piston/cylinder interface. Sharma
and Yadav [34] studied the impact of dimple geometry on fully textured hybrid thrust pad
bearing. In summary, some researches have been done to reveal the mathematical models
and lubrication characteristics of the slipper/swashplate interface. Micro structures and
non-flatness have been successfully introduced in the piston/cylinder interface and the
thrust or slipper bearing to improve their lubrication performance. However, based on the
coupling lubrication numerical model, the parameter optimization of the micro-chamfering
structure, and the friction power loss measured separately in the testing platform have yet
to be published focusing on the slipper/swashplate interface.

Based on the developed coupling lubrication numerical model and algorithm in this
papet, the reasons of slipper overturning are analyzed and the micro-chamfering structure
is proposed. Then, the oil film lubrication characteristics is profoundly researched on
the slipper/swashplate interface and the structural parameters of micro-chamfering are
optimized. Finally, the friction power loss of the slipper/swashplate interface is measured
by experiments.
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2. Lubrication Model and Coupling Algorithm
2.1. Axial Piston Pump Structure

Figure 2 is the structural diagram of the axial piston pumps. The main shaft, connected
with the cylinder block by a spline, is driven by a motor or an engine to bring the piston-
slipper assembly a reciprocating linear motion in the displacement chamber. The high and
low pressure ports are isolated by the valve plate to realize the oil suction and discharge
function of the axial piston pumps. The slipper is pressed on the swashplate plane under the
spring or retainer to form a plane motion low pair. The pressure load in the displacement
chamber is transferred to the swashplate plane through the slipper and oil film.

Displacement Chamber
., Pressure (MPa)

Swashplate

. Piston Valve Plate *
Slipper B

Main Shaft @ = E—
Rl §
— _
=

o3 8 120 180 29 240 280 30 %0
Shaft Angle, ¢(°)

Cylinder Block
Slipper.
X Oil Pool
Sealing Land Swashplate

Figure 2. Structural diagram of axial piston pump.

2.2. Kinetic and Force Analysis of Slipper
The kinetic analysis diagram of the slipper is shown in Figure 3.

Figure 3. Kinetic analysis diagram of slipper.

The slipper, which is connected with the piston through the ball hinge, has three macro
motion directions in the cylinder coordinate system Oy, such as the linear motion along
the piston axis, the rotational motions around the main shaft and its own axis. The slipper
is pressed on the swashplate plane under the spring or retainer, so the slipper motion can
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be transformed into the coordinate system Og,sys located on the swashplate plane. This
motion follows an elliptical trajectory, expressed as,

x5 v -1 )
R¢? (Rf/cos'y)2
where xs, ys are the coordinate values at any position on the elliptical trajectory; Ry is the
pitch circle radius of cylinder bores; 7 is the swashplate inclination angle.
According to the kinetic analysis of the slipper, the parameters on the slipper bottom
or the oil film upper boundary can be expressed as,

Ry = \/,,2 + Rj%(l + tan*ycos? @) 4 2rRyy/1 4 tanycos? psinf

Rpcosy
—w
cos2 p+-cos2ysin’ g @)
UHr = UHCOSK
UHe = UHSINK — rwy

OH =

where Ry is the distance between one point on the slipper bottom and the main shaft; r is
the distance from that point to the slipper center; vy is the linear velocity at one point on the
slipper bottom and the vectorial sum of the radial component vy, and the circumferential
component viyg; & is the angle between vy and vyyy; ¢ is the shaft angle; w is the shaft
speed; wy is the slipper rotational speed around its own axis, which is equal in magnitude
and opposite in direction against the shaft speed.

In order to keep balance between the reaction forces and the periodic external loads,
the slipper has to do micro motions to modify the oil film thickness and extrusion velocity
for adjusting the oil film pressure distribution. The control points definition of the micro
motions of the slipper is shown in Figure 4. The three points, Hi, Hy, and Hj, are located
on the outer circumference of the slipper with an interval of 120°.

Figure 4. Control points definition of micro motions of slipper, where (a) is positions of control
points; (b) is grids of oil film.

According to the constraints, the slipper has three micro motion directions, such as
the translation along the slipper central axis zy, the rotations around xy and vy axes. As
seen in Figure 4, the translations of three located points can be used to replace three micro
motions. Based on the geometric theory, the oil film thickness at one point on the bottom of
the slipper and the central one are expressed as,

rsind rcoso

1
hp(r,0) = (21 —hy — h3) + —=———(ha — h3) + 5 (h1 + ha + h3) 3)
V/3rHsout 3

37Hsout

hy = (hl +hy + h3) (4)

Q=
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al’lH(T’, 9)

where 0 is the angle between one point on the slipper bottom and xy axis; k1, hy, and h3
are the oil film thicknesses at three located points, respectively; h is the central oil film
thickness; rysout is the radius of the outer circumference of the slipper.

By deriving Equations (3) and (4) from time, the micro motion velocity at the point on
the slipper bottom and the central one are expressed as,

ot

1

C12r

rh38p> d <h3 ap)] EaZ)Hr OHr (h ah) h aZJHe UHo oh oh _
u or

rsinf d”ll dhz dhg rcos6 dhz dhg, 1 d]’l1 dhz dh3
= Brrson (zdt_ o dt) T A e (dt_dt> +3<dt+dt+dt) ©)

ohy _ 1 (dh  dhy  dhs
ot 3\ dt dt dt

The force analysis of the slipper is shown in Figure 5.

(6)

R¢

Figure 5. Force analysis of slipper.

There are five forces and three torques acted on the slipper, such as the pressing force
from the piston, the spring or retainer force, the centrifugal force and torque, the friction
force and torque, the reaction force and torque. The pressing force from the piston is the
main slipper load, which is the resultant force of the displacement chamber pressure, the
friction between the cylinder and piston bore and the inertial force of the slipper/piston
assembly. Because this force is considered to act through the center of the slipper, a torque
about the slipper ball hinge is not produced. The force balance equations of the slipper are
written as,

MPHXH + MwH = 0 (7)

{ FNa—Fza—Fu =0
MPHyH + M =0

where My, and Mypy g are the torques from the reaction force about xy and yy axes,
respectively; My is the centrifugal torque; My is the friction torque.

Because the micro motion of the slipper is regarded to be instantaneous compared
with the main shaft speed, the micro motion velocity is not visually shown in the balance
equations. However, this velocity determines the oil film extrusion velocity, which gener-
ates the extrusion effect to adjust the oil film pressure distribution for a new force balance
of the slipper.

2.3. Pressure and Power Loss Models

According to the characteristics of the oil film lubrication of the slipper/swashplate
interface, the assumptions are made in the oil film fluid, as follows:

(1) The fluid in the oil film is the incompressible and Newtonian one;

(2) The fluid velocity on the boundary is the same as the velocity of the working surface;

(3) Because the oil film thickness is micron level, the fluid flow can be considered to be
the laminar one.

The Reynolds equation of the oil film of the slipper/swashplate interface can be
deduced in cylindrical coordinate system, as follows,

i

0\wrae) T2 T2 2 90  2r a0 ot @®
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where & is the oil film thickness; p is the oil film pressure; i is the oil dynamic viscosity.
Through the finite volume method, Equation (8) can be solved to get the oil film
pressure distribution. The mesh and the pressure boundary conditions are shown in
Figure 4b. The mesh density is increased near the inner and outer boundary to capture
more precisely the pressure information in the solution process.
Figure 6 is the control volume diagram of the central oil pool, whose pressure is the
boundary condition for solving Equation (8) or Reynolds equation.

dHK dDK

QHCout}i

Figure 6. Control volume diagram of central oil pool.

Because the depth of the oil pool is always 0.7-1.0 mm, the pressure distribution can
be regarded as uniform or the same at the whole pool. Based on the flow continuity theory
and the fluid compressibility, its pressure built equation is expressed as,

dhy

d K
PHC _ (QHCin — QHCout — Mrigin - ) )

- 2
dt Tt Hsin lac

dt

where pyyc is the central oil pool pressure; K is the bulk elastic modulus of the hydraulic
fluid; ryysin and Ijyc are the radius and depth of the central oil pool, respectively; Qpcin is
the flow through the fixed orifice in the slipper; Qncout is the flow through the gap between
the slipper and swashplate.

The ratio of length to diameter of the fixed orifice is always less than 100. The fluid
flow can be considered as the laminar one, which is expressed as,

_ 1y
QHCin = am(lﬁx — pHC) (10)

where Cg is the flow coefficient; dyk and Iyk are the length and diameter of the fixed orifice,
respectively; ppc is the displacement chamber pressure.

The flow through the gap between the slipper and swashplate can be solved by
integrating the radial fluid velocity in the oil film along the thickness and circumferential
directions. This flow is also named as the leakage of the slipper/swashplate interface,
which is expressed as,

2 rh 27 h3 ap h
QHCout = /O /0 verZdG = /O |:_12y ’ g + EvHr rHSoutdQ (11)

where the first term is the flow caused by the pressure difference between the central
oil pool and the pump house; the second term is the flow caused by the fluid shearing
movement in the oil film.

The power loss includes the leakage and friction one between the slipper and swash-
plate. If the oil film lubrication cannot be generated between the slipper and swashplate,
the metal friction causes the friction power loss to greatly increase and reduces the me-
chanical efficiency of the whole pump. However, the oil film lubrication can be effectively
formed to decrease the friction power loss to improve the mechanical efficiency. Based on



Energies 2021, 14, 1961

7 of 19

the Newton internal friction law, by integrating the viscous friction stress along the radial
and circumferential directions of the slipper, the viscous friction power loss is expressed as,

27T THSout h ar} OHyr h ap OUHo
Pr —/ /r < 53, THTomr + (Gog )UH9>7drd9 (12)

HSin

According to Equation (11), the leakage and total power loss are written as,

27 h3 ap
PQ = QHCout' (pHC - pHouse) = /0 |:12y or + UHr] rHSoutde (pHC - pHouse) (13)

ou ) i
Pr = Pr —|—PQ = 027T f”Hs t((%ai; —F“MUL)UH;, + (2r86' +‘MUH€)UH9)I’drd9

rHSm

(14)
+ f { thy ar + ZUHr} rasoutdd -+ (PHC — PHouse)

where pHouse is the pump house pressure; ryseut is the radius of the sealing land of
the slipper.

2.4. Coupling Algorithm

The coupling algorithm block diagram of lubrication model is shown in Figure 7. There
is a strong coupling relationship among dynamic balance, oil film pressure distribution,
central oil pool pressure, and micro motions. This algorithm is realized using C++ and
OpenFOAM tools, where Reynolds equation is solved by the finite volume method; force
balance of slipper is computed by the Newton’s method and central oil pool pressure is
calculated by the relaxation factor and iterative method.

Initial values (n=0)
—»[Slipper position A", k), h ]

[Extrusion rate", A, A
New position
B =+ B -di

A A

New extrusion rate
'y B, B
A

Solving
Reynolds Equaition

Update puc

Center oil pool

New time step pressure loop

Prc convergence?
Force balance
of slipper?

Revolution loop

Force
balance
loop

New
revolution

A

N

W, R
,
onvergence"

Figure 7. Coupling algorithm block diagram of lubrication model.

As seen in Figure 7, the innermost calculating loop firstly works out the central oil
pool pressure. Then the program enters the force balance loop to calculate the micro motion
velocity by the Newton iteration method. When the time step adds step by step, it arrives
in the revolution loop. Finally, all the oil film thickness difference of every revolution are
checked to satisfy the convergence error requirements of 1 x 10~8 m and the program ends.
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3. Impact of Micro-Chamfering on Oil Film Lubrication

The slipper structure diagram is shown in Figure 8. The micro-chamfering width
and depth are expressed by L¢ and Hc, respectively. The oil film thickness with micro-
chamfering is written as,

L0 (Op — iy — h3) + f“i(hz —h3)+ (i +hy+h3) + %[V — (rHS0ut — Lc)], THSout — L < 7 < rHsout

( ) 3 rHSout 3 rHSout (15)
hH r,9 =
S (2 —hy — ha) + AL (g —h3) + (I + B2 +h3), 7 < rsow — Lc
Lc
(a) (b)

Figure 8. Slipper structure diagram, where (a) is without micro-chamfering; (b) is with micro-
chamfering.

Table 1 shows the parameters used in the lubrication numerical model from the real
pump A10VOS45.

Table 1. Parameters used in the lubrication model.

Symbols Value Units
R¢ 33.5 mm
THSin 5.9 mm
THSout 10.7 mm
ZHK 2.9 mm
dHK 0.8 mm
Iac 0.9 mm
Cq 0.63 -
K 2 GPa
i 0.02784 N-s/m?
0% 18 °
PHouse 0.1 MPa
PL 10 MPa
w 1500 r/min

The convergence process of the oil film thickness of the slipper/swashplate interface
is shown in Figure 9, where CO0 is the slipper without micro-chamfering and C0.5-10 is the
one with micro-chamfering of 0.5 mm width and 10 um depth.

As seen in the solid lines of Figure 9, the oil film thickness of CO achieves the con-
vergence requirements after five calculation cycles, and finally the slipper is in contact
with the swashplate. The reason for this is that the direction of the wedge-shaped oil film
generated by the slipper forward tilt movement (h;_CO0 < k;_CO0 and h3_C0) is opposite to
the one of the generating dynamic pressure requirements. However, as seen in the dotted
lines of Figure 9, the convergent oil film thickness indicates that the slipper tilts backward,
h3_C0.5-10 < hy_C0.5-10 and hy_C0.5-10, and that the wedge-shaped oil film meets the
requirement of the dynamic pressure effect. Therefore, the micro-chamfering structure
makes the slipper/swashplate interface generate the stable oil film.
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Figure 9. Convergence process of oil film thickness, where (a) is the convergence error; (b) is the oil film thickness.

The pressure distribution of the slipper bottom at the main shaft angle of 90° in the
oil discharge area is seen in Figure 10. It can be seen in Figure 10 that the slipper without
micro-chamfering generates the huge contact pressure. However, the slipper with micro-
chamfering is not in touch with the swashplate and forms the stable oil film pressure
distribution. From Figures 9 and 10, micro-chamfering is beneficial to form the oil film and
to prevent the slipper in contact with the swashplate. It is necessary to optimize its width
and depth to acquire the optimal oil film lubrication performance.

Yu Yu
4 “an
Oy Xy Xy

Contact pressure Oil film pressure | o6
(a) Without micro-chamfering

YH VH L de+6
I 2e+6
. 0.0e+00
XH Xu

Contact pressure Oil film pressure
(b) With micro-chamfering

p (Pa)

l 1.0e+07

— 8e+6

Figure 10. Pressure distribution of slipper bottom at shaft angle of 90°.

4. Optimization of Micro-Chamfering Parameters

According to the above analysis, micro-chamfering is helpful to improve the oil film lu-
brication performance of the slipper/swashplate interface. It is very necessary to optimize
micro-chamfering parameters to obtain the best lubrication performance. Optimization
working conditions and objective are firstly analyzed. Then the micro-chamfering parame-
ters is optimized. Finally, the lubrication performance of the slipper/swashplate interface
with the optimal micro-chamfering is analyzed.

4.1. Working Conditons Selected of Optimization

Working conditions including shaft speed, working pressure, swashplate inclination
and pump house pressure play a decisive role in the lubrication performance of the
slipper/swashplate interface. The central oil film thickness of the slipper/swashplate
interface under the different working pressure and shaft speed is shown in Figure 11.
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Figure 11. Central oil film thickness under different working pressure and shaft speed, where (a) is under different working
pressure at shaft speed of 1500 r/min; (b) is under different shaft speed at working pressure of 10 MPa.

-
o

As seen in Figure 11, the central oil film thickness of the oil discharge area (0°-180°) is
less than that of the oil suction area (180°-360°). The reason for this is that the displacement
chamber pressure in the discharge area is more than that in the suction area. It is found in
Figure 11a that the oil film thickness decreases with the increase in the working pressure.
Because it enhances the slipper load. Figure 11b illustrates that the oil film thickness
increases with the increase in the shaft speed. The greater the shaft speed is, the stronger
the dynamic pressure effect is.

Figure 12 shows the central oil film thickness under the different swashplate inclination
angle and pump house pressure.

©

1

12
—— - 0° — - 0 MPa
—— - 9° 10 —— 1,-0.01 MPa
—— h,-18°

(o]

1 1

1 1 1 1 1 1 1 1 1

Central Oil Film Thickness, 4 (um)

0 " " n " n PR "
0 45 90 135 180 225 270 315 360
Shaft Angle, ¢ (°) Shaft Angle, ¢ (°)

Central Oil Film Thickness, 4 (um)

0 " L " L n PR - L
0 45 90 135 180 225 270 315 360

(a) (b)

Figure 12. Central oil film thickness under different swashplate inclination angle and pump house pressure, where (a) is
under different swashplate inclination angle; (b) is under different pump house pressure.

As seen in Figure 12a, the oil film thickness decreases with the increase in the swash-
plate inclination angle. The variation in the discharge area is more obvious than that in the
suction area. Because the swashplate inclination angle is a positive correlation with the
slipper load which in the discharge area is more than that in the suction area. Figure 12b
illustrates that the oil film thickness slightly increases with the increase in the pump house
pressure. The variation in the suction area is obvious. The reason for this is that the pressure
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of the pump house is closer to that of the central oil pool in the suction area, resulting in
having a great influence on the oil film pressure distribution.

As long as the oil film lubrication can be generated under the harsh working conditions
of high pressure, low shaft speed, maximum swashplate inclination angle, and minimum
pump house pressure, the lubrication is also guaranteed under the others. Therefore, the
working conditions of optimization can be selected as the shaft speed of 1000 r/min, the
working pressure of 30 MPa, the swashplate inclination angle of 18° and the pump house
pressure of 0 MPa.

4.2. Optimization Objective

Through the analysis of the parallel oil film of the slipper/swashplate interface, the
optimization objective can be found. The diagram of the parallel oil film between the
slipper and swashplate is shown in Figure 13. The slipper is assumed to be always parallel
to the swashplate during the operation of piston pumps.

/.

”

hParallel

Parallel oil film

Swashplate

A

YYYYYY

Parallel oil film
pressure distribution

Figure 13. The diagram of parallel oil film between the slipper and swashplate.

According to the slit flow theory between two parallel plates, the parallel oil film
pressure distribution, pparaner, of the slipper/swashplate interface is expressed as,

PHC ,0<r< THSin (16)
Parallel = In(r/r
PRl = oot spric Tisin <7 < Tisout

The leakage, friction, and total power loss of the slipper/swashplate interface in the
parallel oil film lubrication are deduced as,

3 2
_ hpyanaPiic
611 (rusout / "Hsin)
W Rz
_ ety 2
P FParallel = -~ ° (THSOUt - rHSin)

P TParallel = P QParallel + P FParallel

P QParallel —
17)

where lip,rayiel is the parallel oil film thickness; Pqparaliel, Prparaliel, and Prparallel are the leak-
age, friction and total power loss of the parallel slipper/swashplate interface, respectively.

When the total power loss is the smallest value, or d Prpyraiiel / 01paraltel = 0, the optimal
parallel oil film thickness value is solved, as follows,

1
hParallelOpt = PE {1/ ZVZWZRJZI p %IC (rIZ‘ISOUt - 7%{5111) In (7’HSout / VHSin) (18)

Under the selected working conditions of optimization, Equations (16) and (17) are
calculated to obtain the influence of the parallel oil film thickness on the leakage, friction
and total power loss and the optimal thickness, as shown in Figure 14.
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Figure 14. Influence of parallel oil film thickness on leakage, friction, and total power loss.

It is found in Figure 14 that with the increase in the oil film thickness the leakage
power loss increases but the friction power loss decreases. Both have a wane and wax
relationship. The curve of the total power loss exists an inflection point (as seen in the black
line) where the coordinate values are the optimal oil film thickness value of 5.63103 um
and the minimum total power loss of 20.31 W. The leakage and friction power losses
are 4.99 and 15.32 W, respectively. The minimum total power loss can be taken as the
optimization objective.

4.3. Optimization of Micro-Chamfering

Based on the coupling lubrication numerical model, the total power losses under
the selected working conditions of optimization are solved for the micro-chamfering of
different parameters. The different micro-chamfering widths and depths are grouped by
the orthogonal method, as shown in Table 2.

Table 2. Different micro-chamfering widths and depths

Width Lc (mm)
Depth 0.5 1.0 1.5 2.0
1 C0.5-1 C1.0-1 C1.5-1 C2.0-1
3 C0.5-3 C1.0-3 C1.5-3 C2.0-3
Hc (um)
C0.5-5 C1.0-5 C15-5 C2.0-5
10 C0.5-10 C1.0-10 C1.5-10 C2.0-10

Figure 15 shows the influence of the micro-chamfering parameters on the total power
loss of the slipper/swashplate interface.

For the same micro-chamfering depths, it is seen in Figure 15a that the total power
losses all firstly decrease and then increase with the increase in the widths and that the
width is about 1.2 mm at the minimum power loss. Similarly, it is found in Figure 15b that
the total power losses have the same variable trends and the optimal depth is about 3.5 um.
In order to verify whether the group of C1.2-3.5 is the optimal parameter combination of
micro-chamfering, its simulation results have to be further analyzed and compared with
the optimal parallel oil film thickness.
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Figure 15. Under the selected working conditions, optimization, influence of micro-chamfering parameters on total power
loss, where (a) is under the different widths (Lc) for the same depths; (b) is under the different depths (H¢) for the
same widths.

4.4. Lubrication Perfomance Analysis with Optimal Micro-Chamfering

Under the selected working conditions of optimization, the lubrication numerical
model of C1.2-3.5 is figured out to get the results, as seen in Figure 16. It is seen in
Figure 16a that the micro-chamfering of C1.2-3.5 makes the slipper/swashplate interface
generate the stable wedge-shaped oil film satisfying the requirement of the dynamic
pressure effect to improve the lubrication characteristics. From Figure 16b, the power
loss of the slipper/swashplate interface is mainly from the friction power loss. It in the
discharge area (0°-180°) is much more than that in the suction area (180°-360°) and has a
positive overshoot at the shaft angle of about 12°. The reason for this is that the slipper
load from the displacement chamber in the discharge area is greater than that in the suction
area and has a pressure shock at the angle of about 12° within the transition region from
low to high pressure.

18 55 — P,
16 g — P
~ 45 | —— P.
e T
EAL a0l
=
12 Z35)
% & 30 H
e 2
° 2251
R 5200
E 6 2154
T ~
=y 10 4
@) 5H
2 oll
0 1 1 1 1 1 1 1 _5 1 1 1 1 1 1 1 1
0 45 90 135 180 225 270 315 360 0 45 90 135 180 225 270 315 36
Shaft Angle, ¢(°) Shaft Angle, ¢(°)
(a) (b)

Figure 16. Simulation results of C1.2-3.5 under the selected working conditions, where (a) is the oil film thickness; (b) is the
leakage, friction and total power loss of the slipper/swashplate interface.
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The average oil film thickness, h,y, for one cycle can be regarded to be the average
value of the central one which is expressed as,

1 359

hay= 360 l;) ho_c1255
1 391 ' ‘
1 1 i
= 360 l;,) 3 (M 1235 T h 1235 15 c12:35)

(19)

where hO_C1.2-3.5/ hl_C1.2-3.5/ h2_c1.2_3.5, and h3_C1,2-3,5 are the central oil film thickness,
the ones at three control points of the slipper with the optimal micro-chamfering of
C1.2-3.5, respectively.

The average leakage, friction and total power loss for one cycle are expressed

as, respectively,
359

PQav = Téo 'Zo Pg
1=l
359

Pray = % 'ZO Pp (20)
1=

1 359
Pray = 360 Z Pr
i=0

where Pqay, Pray, and P,y are the average leakage, friction and total power loss for one cycle of
the slipper/swashplate interface with the optimal micro-chamfering of C1.2-3.5, respectively.

For the lubrication parameters of the slipper/swashplate interface, the simulation
results of C1.2-3.5 are compared with the analytical optimization ones, as shown in Table 3.

Table 3. Comparison between the analytical and simulation optimization results.

Parameters Analytical Results Simulation Results
h (um) 5.63103 5.80803
Pg (W) 4.99 2.57
Pr (W) 15.32 22.07
Pr (W) 20.31 24.64

It is found in Table 3 that the oil film thickness have a good agreement between the
analytical and simulation results and that the analytical leakage power loss is more than
the simulation one while the friction power loss is less than the simulation one. Because for
the same average oil film thickness, the whole oil film in the parallel lubrication analytical
model is assumed to be uniform but the oil film in the numerical lubrication model is
wedge-shaped.

5. Experiments

Figure 17 shows the experimental platform for the friction power loss of the slip-
per/swashplate interface, which is mainly composed of a closed oil tank, an experimental
pump, a torque-speed sensor, and a motor. The experimental pump is transformed from
the real pump (A10VSO45) by the inverse method of the swashplate rotation, which can
simulate the relative motion between the slipper and swashplate. With the swashplate’s
rotation and the help of the retainer or spring force, the piston makes a reciprocating linear
motion resulting in the displacement chamber volume change to realize the function of oil
suction and discharge in the experimental pump.
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Figure 17. The friction power loss testing platform for the slipper/swashplate interface. (a) Schematic diagram. (b)

In order to verify the feasibility of the inverse method, the simulation results of the
friction power loss of the slipper/swashplate interface firstly need to be compared between
the real pump and the experimental pump. According to the proposed the coupling
lubrication numerical model, the power loss and average value under the shaft speed of
1500 r/min, the working pressure of 10 MPa, the swashplate inclination angle of 18° and
the inlet pressure of 0.1 MPa are shown in Figure 18.
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Figure 18. Simulation results of friction power loss of the slipper/swashplate interface.

It can be seen from Figure 18 that the friction power loss of the slipper/swashplate
interface in the real pump is less than that in the experimental pump and that the difference
of the average value is about 6 W. The centrifugal motion and the rotation around the
own axis of the slipper in real pump are not simulated in the experimental pump. The
centrifugal motion is helpful to generate the wedge-shaped oil film and the rotation can
enhance its dynamic pressure effect. The better oil film lubrication is formed to reduce the
friction power loss. However, the simulation results show in Figure 18 that the variation
tendency of the power loss is basically similar, so the inverse method of the swashplate
rotation is feasible in the experimental pump.

As shown in Figure 17, the cylinder/valve plate interface is eliminated by replacing
the valve plate with the check valves. The influence of the piston/cylinder interface can
be almost removed through the following experimental steps. Firstly, the experimental
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pump is not connected to the torque-speed sensor and the no-load power of the motor is
measured under the shaft speed of 1000, 1500, 2000 r/min. Secondly, the experimental
pump is connected and the swashplate inclination angle is set to 0°. The power of the
experimental platform is measured. Thirdly, the inclination angle and the pump outlet
pressure are set to 18° and 0 MPa. The power of the experimental platform is measured
once more. Finally, above of the former three steps, it is easy to obtain the power loss
of the motor with no-load and piston/cylinder interface and to embed it into the data
acquisition module of the power loss of the slipper/swashplate interface. Because the
friction power loss of the piston/cylinder interface is little affected by the displacement
pressure, it is considered to be basically unchanged. Owing to the limitation of the sampling
frequency of the torque-speed sensor, the instantaneous value of the power loss of the
slipper/swashplate interface cannot be captured and the average value can be measured
under the working pressure of 5, 10, 15 MPa, as shown in Figure 19.
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Figure 19. Experimental results of friction power loss of the slipper/swashplate interface. (a) Under
the working pressure of 10 MPa. (b) Under the shaft speed of 1500 r/min.

As seen in Figure 19, the experimental results show that the friction power loss of the
slipper/swashplate interface increases with the increase in the working pressure and shaft
speed, which is consistent with the simulation results (as shown in Figure 20).
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Figure 20. Simulation results of friction power loss of the slipper/swashplate interface. (a) Under
the working pressure of 10 MPa. (b) Under the shaft speed of 1500 r/min.
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The average friction power losses of the slipper/swashplate interface with the different
shaft speed and working pressure are shown in Tables 4 and 5, respectively.

Table 4. Average friction power loss under different shaft speed with working pressure of 10 MPa.

Shaft Speed Average Friction Power Loss (W)
(r/min) Experimental Results Simulation Results
1000 21.864 21.104
1500 34.372 33.795
2000 51.555 50.748

Table 5. Average friction power loss under different working pressure with of shaft speed 1500 r/min.

Working Pressure Average Friction Power Loss (W)

(MPa) Experimental Results Simulation Results
5 28.823 27.611
10 34.372 33.795
15 39.777 38.938

As seen in Tables 4 and 5, the experimental results are essentially consistent with the
simulation results, which conforms the lubrication numerical model to be correct. Both the
simulation and experimental results show that the shaft speed has a greater influence on
the friction power loss than the working pressure.

6. Conclusions

In order to improve the lubrication characteristics and reduce the power loss between
the slipper and swashplate, a coupling lubrication numerical model is developed and
a coupling algorithm and a micro-chamfering are proposed. Based on the results of
simulation and optimization, the following could be summarized.

(1) The oil film thickness decreases with the increase in the working pressure and the
swashplate inclination angle, but it increases with the increase in the shaft speed and
the pump house pressure.

(2) Micro-chamfering is conducive to generate the oil film lubrication and to reduce the
power loss between the slipper and swashplate.

(3) The minimum total power loss can be taken as the optimization objective. The optimal
parameter group of micro-chamfering is the width of 1.2 mm and the depth of 3.5 um
or C1.2-3.5.

(4) The simulation results of the optimal parameter group of micro-chamfering are
approximately equal to the analytical ones. The experimental results of the power loss
of the slipper/swashplate interface are also essentially consistent with the simulation
one. The coupling lubrication numerical model and the optimization are proved to
be correct and effective to provide a basis for further optimization design of axial
piston pumps.
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