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Abstract

:

In year-round hot climatic conditions, conventional air conditioning systems consume significant amounts of electricity primarily generated by conventional power plants. A compression-assisted, multi-ejector space cooling system driven by low-grade solar thermal energy is investigated in terms of energy and exergy performance, using a real gas property-based ejector model for a 36 kW-scale air conditioning application, exposed to annually high outdoor temperatures (i.e., up to 42 °C), for four working fluids (R11, R141b, R245fa, R600a). Using R245fa, the multi-ejector system effectively triples the operating condenser temperature range of a single ejector system to cover the range of annual outdoor conditions, while compression boosting reduces the generator heat input requirement and improves the overall refrigeration coefficient of performance (COP) by factors of ~3–8 at medium- to high-bound condenser temperatures, relative to simple ejector cycles. The system solar fraction varies from ~0.2 to 0.9 in summer and winter, respectively, with annual average mechanical and overall COPs of 24.5 and 0.21, respectively. Exergy destruction primarily takes place in the ejector assembly, but ejector exergy efficiency improves with compression boosting. The system could reduce annual electric cooling loads by over 40% compared with a conventional local split air conditioner, with corresponding savings in electricity expenditure and GHG emissions.
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1. Introduction


Building energy consumption accounts for 20–40% of the total delivered energy consumed worldwide [1]. Hot climate regions are characterized by elevated building cooling loads, the majority of which are fulfilled using fossil energy, particularly in developing economies [2]. In, for example, the Middle East Basin, approximately 30% of yearly electricity consumption is for residential buildings, of which approximately half is for building cooling, reaching over 60% in summer [3]. Building cooling loads are expected to increase with growth in populations and prosperity in developing economies and climate change [4,5]. Electrically-powered vapor compression refrigeration equipment, which is the most widely-used space cooling system worldwide, consume significant amounts of primary energy with consequent greenhouse gas (GHG) emissions and contribute to high peak electrical loads in hot climate conditions.



Solar air conditioning is a sustainable alternative to conventional space cooling and has the advantage of correlating solar energy availability and demand time-wise in solar abundant regions. Solar ejector-based refrigeration systems, which are the focus of this study, can convert low-grade thermal energy gained using solar collectors into mechanical work to compress the working fluid of a thermodynamic refrigeration cycle, and can deliver refrigerant evaporation temperatures in the 5–10 °C range [6]. In such systems, the electricity-driven mechanical compressor used in conventional vapor compression cycles (VCCs) is replaced by a generator–ejector–pump assembly [6], which acts as a thermal compressor, thereby reducing cooling electricity consumption. The basic operating principle of an ejector is the use of a high-pressure motive fluid to induce flow from a lower pressure source (i.e., suction fluid) and eject the mixture at an intermediate pressure [7]. Ejector-based refrigeration systems offer simplicity of assembly and installation, compatibility with low-temperature renewable/excess heat (e.g., solar, geothermal, waste heat) and a range of working fluids, the absence of moving parts, low maintenance requirements, and affordability [6,8]. Their disadvantages are the complexity of detailed ejector geometric design optimization associated with a complex flow field, limited ejector operating range, and overall coefficient of performance (COP)—typically less than 0.3 [6,8]. In general, the performance of solar ejector refrigeration systems is constrained by the low-temperature heat input (i.e., 85–95 °C), and degrades at increasing condenser temperatures [9] imposed by the ambient temperature. These limitations can be addressed through ejector cycle enhancements, and/or by hybridizing or applying ejector-based refrigeration driven by a sustainable heat source in parallel with another air conditioning technology [6] for primary energy savings or cooling capacity/performance augmentation relative to ejector-based-only refrigeration. In this study, a compression-assisted multi-ejector air conditioning concept is investigated to provide supplemental cooling in yearly-elevated ambient temperature conditions and thus, reduce the electric load and associated GHG impact of a conventional VCC at an extended operational range relative to a simple ejector refrigeration system.



Complex cycles previously proposed to improve the performance of ejector refrigeration systems include cascaded, hybrid (e.g., compression-, absorption-, adsorption-based), regenerative, multi-ejector, and multi-stage ejector cycles and variable geometry ejectors [7,8,10]. Despite the variety of cycle configurations proposed, few specifically tackle the limited operating range of ejectors, and hence the ability to cope with varying off-design conditions in actual space cooling conditions. Furthermore, none of the configurations proposed have targeted specifically hot ambient conditions, nor have the annual energy and exergy performance in such conditions for actual air conditioning applications been investigated. Studies aimed at addressing ejector operational range constraints are reviewed as follows.



Sokoloz and Hershgal [11] proposed a parallel ejector assembly concept in which each effective ejector area is geometrically sized using an analytical one-dimensional (1-D) model to operate at a specific condenser pressure. Using CFC R-114 refrigerant, in moderate climate conditions, the thermal COP of a single ejector sub-cycle (i.e., the ratio of evaporator cooling output to generator heat input) was estimated to range from 0.28 to 0.52 at condensation, generation, and evaporation temperatures of 30–35 °C, 102 °C, and 4 °C, respectively [11]. However, no annual performance analysis was reported for the multi-ejector refrigeration concept. It was also envisaged to extend the system operation to a heating mode for the heating season, using a bypass connection to divert the heat collected by the generator to the evaporator for heat rejection to the surroundings. Arbel and Sokolov [12] evaluated the use of compression boosting to increase secondary ejector flow inlet pressure, which can either improve the secondary to primary ejector mass flow ratio (i.e., entrainment ratio, a measure of ejector efficiency [13]) and thermal COP, raise the ejector back (i.e., condenser) pressure, or enable operation at lower evaporator pressures. In parallel, an intercooler heat exchanger was introduced between the booster outlet and secondary ejector inlet to reduce the booster work. For a low-ozone depletion (ODP) refrigerant (i.e., R-142b, as a substitute to R-114), at 50–150 °C generation and 4 °C evaporator temperatures, thermal COPs up to three times higher than for the corresponding simple ejector cycle were reported. Mansour et al. [14] observed a 21% enhancement of the COPs of an R134a ejector refrigeration cycle using compression boosting relative to the simple cycle, at 30 °C, 10 °C, and 90 °C condenser, evaporator, and generator temperatures. Takleh and Zare [15] optimized the exergy efficiency of a booster compressor-assisted, single ejector cycle, for six low-ODP working fluids at refrigeration evaporation temperatures (i.e., −5 to +5 °C). With ejector cycle exergy efficiency expressed as the ratio of evaporator cooling exergy output to the mechanical (compression) exergy input (i.e., without including the generator thermal exergy input), exergy efficiency improvements of 5.5–11% were obtained relative to the corresponding simple (i.e., non-compression-assisted) ejector cycles. The cycle COPs and mechanical exergy efficiency were found to exhibit a mild peak within an optimum range of booster pressure ratios (i.e., ~1.4–1.6 for a 5 °C evaporation temperature depending on the working fluid), however, with less than a 3% loss in COP or exergy efficiency observed within a larger range of booster pressure ratios (i.e., 1.2–2). Compression-assisted ejector sub-cycles have also recently been reported as part of hybrid (e.g., absorption-ejector [16], thermoelectric-ejector [17]) co-generation (e.g., power and cooling) cycles, and found to improve the cooling capacity and co-generation first-law efficiency, but reduce the co-generation exergy efficiency due to reduced power output [16,17]. Variable ejector geometries (i.e., adjustable effective area ratios) have also been proposed for improved performance in variable operating conditions [7,8]. However, annual system performance evaluation for practical air conditioning applications was not the focus of the above studies [11,12,15,16,17].



Thus, the performance assessment of ejector-based refrigeration systems has generally focused on fixed boundary conditions and either parametric analysis or mathematical optimization, rather than annual or seasonal performance evaluation with time-variable conditions in practical space cooling applications. Only a few such studies have been reported [18,19] with attention to harsh climatic conditions, such as are representative of the Middle East and North Africa (MENA). Tashtoush et al. [18] performed an annual dynamic hourly energy analysis of a simple 7 kW R134a solar ejector cooling cycle for Jordanian climatic conditions, focusing on the solar collector and hot water storage system design. The evacuated tube collector solar fraction was found to range from 0.52 to 0.542, and the overall ejector cooling cycle COP from 0.52 to 0.547. Allouche et al. [19] performed a dynamic analysis of a 3.5 kW solar simple ejector air conditioning cycle with integrated phase change material storage using an ideal gas ejector model during the summer cooling period in Tunisia. The overall ejector cycle COP was found to range from 0.0094 to 0.195 at a constant evaporator temperature of 15 °C, based on which it was recommended to improve the ejector cycle time-averaged performance in variable operating conditions.



With regard to ejector modeling, the majority of solar ejector cooling studies published to date have employed 1-D analytical models with ideal gas properties, which may not reliably represent refrigerant behavior [20], and which have focused on the critical operation (i.e., condensing pressure lower than the critical condensing pressure) [21]. Ejector cycle analytical model development efforts were extended to real gas properties and sub-critical operation by Chen et al. [20], and to unconstant-pressure mixing for off-design performance and variable geometry analysis [7] by Wang et al. [22]. However, the design of variable ejector geometries and their control is considered even more challenging than for fixed ejector geometries [22], and may require more computationally expensive computational fluid dynamics methods.



In this study, to reduce the energy intensity of air conditioning in small-scale individual building applications exposed to harsh variable climatic conditions, such as in the Middle East Basin, and to address the above research gaps, a solar ejector refrigeration system was thermodynamically investigated. The system integrates a low-grade solar thermal energy collector and thermal storage system with a compression-assisted multi-ejector cycle operated with environmentally-friendly refrigerants, to adjust cooling provision to seasonal and daily fluctuating requirements. Rather than a cascaded multi-stage or hybrid refrigeration cycle to cope with large evaporator–condenser temperature lifts in hot climate conditions, the use of compression boosting, in conjunction with a limited number of ejectors, was adopted in this study to avoid prohibitive cycle complexity. The system is designed to provide supplemental cooling, in parallel with auxiliary generator heating, or a conventional refrigeration system. The refrigeration sub-system mathematical model is based on a validated analytical 1-D real gas ejector model with the ability to analyze both critical and sub-critical ejector operation modes. The system year-round energy and exergy performance, and GHG emission savings potentials, are evaluated. The solar space cooling scheme and its thermodynamic modeling are described in Section 2 and Section 3, respectively. The modeling results are presented and discussed in Section 4, with the main conclusions of this study summarized in Section 5.




2. Solar-Assisted Ejector Space Cooling System


The solar ejector refrigeration system, illustrated in Figure 1, is designed to provide supplemental indoor refrigeration to small-scale residential buildings at variable condenser heat rejection temperatures, representative of ambient hourly temperatures in hot climates. The system performance is investigated for a representative space cooling application consisting of a villa in the Middle East Basin (i.e., UAE (24°28′ N 54°22′ E)) with an annual monthly cooling load profile as illustrated in Figure 2. The local global horizontal irradiance (GHI) and ambient temperature data are presented in Figure A1 and Figure 3, respectively [23]. The monthly average GHI varies from 3.9 kWh/day/m2 in December to 7.8 kWh/day/m2 in June, with values exceeding 7.2 m2 kWh/day/m2 from May to August (Figure A1). The daily GHI distribution peaks between 11:00 a.m. and 13:00 p.m., at 0.61–0.62 kWh/hour/m2 in December and at 0.99–1.02 kWh/hour/m2 in June (Figure 2). Hourly ambient temperatures typically range from 13 °C to 42 °C (Figure 3).



The refrigeration sub-system configuration consists of a compression-assisted, triple parallel ejector cooling sub-system, driven by thermal energy provided by a solar thermal collector sub-system. The number of parallel ejector sub-cycles is intended to limit the system layout complexity while providing sufficient flexibility to adjust the system cooling capacity to hourly fluctuating requirements. The solar sub-system includes a water solar thermal collector, two electrically-driven hydraulic pumps (Pumps 1 and 2), an auxiliary water heater, and a hot water storage tank. Two candidate types of collector were initially considered, namely the flat plate (FP) and evacuated tube (ET), which were compared in terms of performance. Thermal energy absorbed by the solar collector water during irradiation periods is transferred to the working fluid of the power/refrigeration sub-system in the generator heat exchanger. The vaporized working fluid exits the generator at a high pressure/temperature and saturated conditions (State 1, Figure 1a). Excess solar thermal energy collected during high solar irradiation periods is stored in the hot water tank to supply refrigeration during low or zero (e.g., nighttime) solar irradiation periods. The auxiliary heater can provide additional heat input if the water temperature at the generator inlet is below its design value (i.e., 95 °C), when insufficient collected/stored thermal energy is available. Alternatively, the ejector refrigeration system may be operated as a supplemental air conditioning system in time periods when collected thermal energy is sufficient to maintain the generator water inlet temperature at its design value. In other hourly periods (i.e., when insufficient solar thermal energy is gained), a conventional refrigeration system may be employed. In this operating strategy, the system acts as a peak shaver.



The power/refrigeration sub-system extracts power and refrigeration from the working fluid and includes the generator, evaporator, condenser, pump (i.e., Pump 3), throttling valve, three ejectors, and two booster compressors. The generator, ejectors, compression boosters, and pump effectively replace the mechanical compressor of a conventional vapor compression refrigerator [6]. Each ejector is assumed to operate in critical mode (i.e., condenser pressure lower than condenser critical back pressure) to maintain a constant entrainment ratio. Constant pressure ejectors were adopted, as they can maintain their critical mode at higher condenser pressures (and hence, ambient temperatures) than constant area ejectors [7]. However, due to limitations of the ejector operating range [6,8,10], a simple ejector cycle would not permit the range of variable building cooling loads to be met over the range of condenser heat rejection (sink) conditions considered (i.e., 22–42 °C) without significant ejector performance degradation. The compression-assisted, triple parallel ejector configuration of Figure 1 is intended to provide variable indoor cooling capacities over the range of condenser heat rejection temperatures considered, with improved ejector and refrigeration sub-system performance, relative to a simple ejector cycle operated in the same conditions. Only one ejector is activated at a time, depending on the condenser saturation pressure, and hence, outdoor temperature, which primarily determines the space cooling load [24]. Thus, although humidity also partly contributes to the cooling load, temperature-only based models are considered viable because of the strong correlation between humidity and temperature [24]. Ejectors A, B, and C are geometrically sized for operation at relatively low-, medium-, and high-bound condenser heat rejection temperatures, respectively. This triple parallel ejector configuration avoids the sudden drop in performance of a simple ejector cycle at back pressures exceeding the critical back pressure, thereby extending the range of operating condenser temperatures [10]. In parallel, the booster compressors placed between the evaporator and secondary flow inlets of ejectors B and C, by producing a moderate increase in secondary flow inlet pressure, reduce the secondary ejector inlet-to-back pressure ratio (i.e., pressure lift ratio) to prevent the degradation in secondary ejector mass flow, and hence, entrainment ratio, refrigeration capacity, and refrigeration sub-system thermal COP at elevated ejector back pressures (i.e., elevated condenser pressures) [10,11,12,25]. In parallel, the mechanical COP of the compression-assisted system remains elevated [11].



In the refrigeration sub-system, the high-pressure, high-temperature (primary) motive fluid stream from the generator (State 1, Figure 1b) enters one ejector and passes through the converging nozzle section, where its pressure energy is converted to kinetic energy to reach supersonic speed, with an accompanying pressure reduction. The refrigerant stream passing through the evaporator is vaporized using the heat gained from the cooled space and enters the secondary inlet of the ejector. The high-speed, high-pressure primary motive stream and the low-pressure secondary stream enter the mixing chamber, where the momentum of the motive stream is transferred to, entrains, and accelerates the secondary stream to sonic velocity. The supersonic flow zone ends with a shock wave, either in the mixing chamber or diffuser. The kinetic energy of the mixed stream is converted to pressure energy in the diffuser to reach a pressure higher than the back pressure (State 2, Figure 1b), and then exits the ejector (State 2, Figure 1b) at an intermediate pressure (i.e., between the primary (State 1, Figure 1b) and secondary flow pressures (State 6, Figure 1b)). The mixed stream condenses to a saturated liquid (State 3, Figure 1b) after rejecting heat (Qc) to the environment in the condenser. To complete the power sub-cycle, a portion of the fluid exiting the condenser (State 3, Figure 1b) is pumped back to the generator. The remaining fluid is expanded in a throttling valve to a saturated vapor–liquid mixture and enters the evaporator (State 5, Figure 1b) to complete the refrigeration sub-cycle.



The system components, including the parallel ejectors, solar collector, and hot water storage, were sized and system performance evaluated for a representative residential villa with a floor area of approximately 400 m2 and an occupancy of 5 users. The building indoor air temperature was assumed to be maintained at a constant setpoint, with air conditioning available only when outdoor temperatures exceed a given threshold temperature, as adopted by, for example, the authors of [26], based on building regulations, and reflecting observations that local space cooling loads are primarily determined by outdoor temperature, with temperature-only-based models considered viable [24]. A threshold temperature of 22 °C was assumed in this study, which is considered to be representative of consumers in the region [27,28,29]. The total annual cooling demand is approximately 140 MWh/year, with the corresponding monthly cooling load distribution illustrated in Figure 2. Peak hourly cooling loads are up to 15% higher than monthly average hourly loads, and peak at approximately 36 kWh in summer. So as to implement three ejector cooling sub-cycles and determine their respective cooling capacity requirements, hourly cooling loads were grouped into three ranges. The system cooling capacities for sub-cycle ejectors A, B, and C were determined to be 9 kW, 28 kW, and 36 kW, respectively, to meet the peak hourly cooling load requirements. Figure 3 presents the hourly operational map of each ejector, superposed onto local hourly ambient temperatures for Abu Dhabi [23]. The effective cross-sectional areas of each primary ejector nozzle throat (A1), primary nozzle exit (A2), and constant area section (A3) (Figure 1b) were determined to meet the above cooling capacity requirements using the one-dimensional real gas ejector model developed in this study and described in Section 3.4 and Appendix B.
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Figure 3. Monthly average hourly ambient temperature distribution in Abu Dhabi, UAE (24°28′ N 54°22′ E), based on the TRNSYS TMY2 database [23], with the range of activation of refrigeration sub-system Ejector A, B, and C branches (Figure 1b) also shown. 
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The following four dry-type candidate refrigerants, characteristics of which are summarized in Table 1, were identified for performance evaluation of the solar cooling system: R11, R141b, R245fa, and R600a. These refrigerants are suitable to operate at typical generation, evaporation, and condensation conditions for ejector-assisted air conditioning cycles [30]. Hydrochlorofluorocarbon (HFC) R245fa and hydrocarbon (HC) R600a, which have zero ozone depletion potential (ODP) and relatively low to moderate global warming potential (GWP), are the primary candidates, while R11 and R141b, which have been widely used in both actual air conditioning systems and experimental and numerical ejector refrigeration studies [31], thereby providing performance and model validation data (e.g., [20,21,32,33]), serve as a benchmark. Due to their low or zero ODP, HCFs, including R245fa, have served as transition working fluids to replace CFCs and HCFCs [16,34]. R245fa is widely employed in actual low-grade thermal energy conversion systems, and has been investigated in recent ejector refrigeration performance studies, such as [35,36]. Although, given their GWPs, HFCs are planned to be phased out globally by 2025‒2040 [16,34] according to the Montreal Protocol Kigali agreement and Kyoto Protocol [37,38], different baseline and delayed phase-down periods have been granted to developing and/or high ambient temperature countries, including, for example, India [16] and GCC countries [39,40]. Certain nations may not be prepared for compliance due to a lack of commitment, financial means, or knowledge [34]. While R600a may be considered the preferred working fluid based on the ODP and GWP criteria in this study, it is classified as highly flammable, which has raised safety concerns for residential air conditioning applications [20,31,41,42]. In addition, although new HFOs with near-zero or zero ODP and GWP appear to be, overall, less flammable than hydrocarbons [43], they are currently up to eight times more expensive than HFCs [41] and, consequently, may not be affordable in certain developing economies with a high demand of air conditioning in hot climates.




3. Mathematical Modeling


The modeling equations for the solar refrigeration system processes are based on mass, momentum, and energy conservation, and exergy balances. A real gas, transonic ejector model was developed based on the framework by Chen et al. [20], and implemented in Engineering Equation Solver (EES) [45]. The model is based on one-dimensional mass, momentum, and energy conservation with the use of effective ejector geometric cross-sectional areas, and constant pressure mixing. Although the model developed is capable of predicting ejector critical and sub-critical mode operations, its application focuses on critical mode operation in this study. The solar collector and refrigeration sub-systems models were implemented in the TRNSYS 18 software [46] and EES software, respectively. The solar and refrigeration sub-systems modeling assumptions were as follows:




	
Steady-state conditions [32,47]



	
Reference ambient temperature and pressure at 25 °C and 100 kPa, respectively [32,47]



	
Adiabatic fluid piping, heat exchangers, compression/expansion devices, and ejector walls [19,32]



	
The refrigerant streams exit the generator (State 1, Figure 1b) and evaporator (State 6, Figure 1b) at saturated vapor conditions [32,47], and the refrigerant exits the condenser (State 3, Figure 1b) as a saturated liquid [19,32]



	
Isenthalpic expansion in the throttling valve [19]



	
Negligible pressure drop through piping and heat exchangers, with pumping electricity consumption for the condenser cooling fluid, evaporator chilled fluid, and solar collector water (i.e., Pumps 1 and 2) neglected in the refrigeration system efficiency evaluation [15,16,19,32,47].








The ejector-specific modeling assumptions were as follows:




	
One-dimensional steady flow [20]



	
Critical mode operation or double choking, with less ejector back pressure than ejector critical back pressure (Pc < Pc*) and ejector entrainment ratio independent of ejector back pressure, Pc [20,25]



	
Negligible kinetic energy at the primary and secondary flow inlets, and diffuser exit [20,25,32]



	
Isobaric mixing process between the hypothetical throat (y) and section (m) [20,36]



	
Friction and mixing losses are accounted for in the form of isentropic efficiencies for the primary and secondary flows, and in the form of a frictional loss coefficient in the constant area mixing section [20,36]








The ejector modeling equations are detailed in Appendix B, and the model validation is documented in Section 3.4. The solar collector and refrigeration sub-systems thermodynamic models are described in Section 3.1 and Section 3.2 for energy and exergy analysis, respectively, and the system performance metrics in Section 3.3. The input modeling parameters are listed in Table 2.



Boosters B and C compressor pressure ratios in Table 2 were selected to provide the maximum ejector entrainment ratio and overall COP at the ejector loop operating conditions considered. These pressure ratios are within the ranges (~1–3) previously considered in [12,15,17]. Increasing Boosters B and C pressure ratios above their values in Table 2 would result in the evaporator cooling output exceeding its cooling requirement, thereby producing unnecessary cooling.



3.1. First Law Analysis


The first law analysis for the solar collector and refrigeration sub-systems is based on the following general mass and energy conservation for each system component in steady-state conditions [51]:



Mass conservation:


    ∑   i ∈ i n     m ˙  i  −   ∑   i ∈ o u t     m ˙  i  = 0  



(1)







First law:


    ∑   i ∈ i n    h i    m ˙  i  −   ∑   i ∈ o u t    h i    m ˙  i  +  Q ˙  −  W ˙  = 0  



(2)







The solar collector sub-system model, implemented in TRNSYS 18 [46], evaluates the quantity of solar thermal energy available and supplied to the refrigeration sub-system, so as to provide indoor cooling.



The FP and ET collectors were modeled using the TRNSYS Type 1 and 71 models, respectively. The thermal energy gained by the solar collector heat transfer fluid (i.e., water) is expressed as the following equation:


     Q ˙   s c   =  η  sc      A  sc      I t    =   m ˙  f       C    pf        T  sc , out   −  T  sc , in       



(3)




where ηsc is the collector thermal efficiency, Asc is the collector surface aperture area, It is the incident solar radiation, and     m ˙  f    is the collector heat transfer fluid mass flow rate. The collector efficiency is evaluated using the Hottel–Whillier–Bliss equation [46]:


   η  sc   =  a 0  −  a 1    Δ T    I t    −  a 2    Δ  T 2     I t     



(4)




where ΔT is the average temperature difference between the collector fluid temperature and ambient air temperature, and a0 and a1 are the collector performance parameters determined from standard testing procedures [46,52]. The collector fluid mass flow rate in Equation (3),     m ˙  f   , was set at 2000 kg/hr, above which the useful thermal energy collected did not improve significantly, and to avoid an adverse impact on the energy consumption of the source-side pump (i.e., Pump 1, Figure 1a).



The hot water storage tank was modeled as a constant volume stratified storage tank using TRNSYS Type 158. The model assumes that the tank comprises N fully mixed equal volume segments, with N = 6 nodes assumed here. The nodal segments’ temperatures (i = 1 to N) were evaluated from the following unsteady energy balance, given for the ith tank segment [46]:


   M i    Cp  f    d  T i    dt   =      α   i      m ˙  h   C  pf      T h  −  T i    +  β i      m ˙  L   C  pf      T L  −  T i    +   UA  i     T  amb   −  T i     



(5)




where Mi and Ti are the masses of the fluid and the fluid temperature in the tank i-th section, respectively, Cpf is the specific heat of the fluid in the tank,      m ˙   h    and Th are the fluid mass flow rate and the temperatures of the fluid flowing from the heat source (i.e., solar collector), respectively, and      m ˙   L    and TL are the fluid mass flow rate and the temperature of the fluid flowing to the load (i.e., generator), respectively. Tamb is the temperature of the environment surrounding the tank.    α i      and    β i    are control functions equal to 1 if the tank segment (i) is where the fluid from the heat source and load enter, respectively, and equal to 0 otherwise. UAi denotes the conductance for heat loss for the i-th node. Based on parametric analyses and space constraints, a base-case hot storage volume of 5 m3 was employed, above which no significant improvement in useful thermal energy collected was obtained.



The solar collector sub-system source-side Pump 1 is a single-speed pump, modeled using the TRNSYS Type 114 model [46]. This circulation pump is controlled by an ON/OFF differential controller modeled using the TRNSYS Type 165 model.



By controlling the water flow rate on the load-side of the solar collector sub-system, the heat delivered to the ejector refrigeration sub-system is adjusted depending upon the ejector branch activated (i.e., either A, B, or C). Thus, the solar collector sub-system load-side Pump 2 is a variable speed pump, the maximum flow rate of which is determined from the required generator heat transfer capacity, calculated as the following [46]:


    m ˙   pump 2 , max   =     Q ˙   g ,    max       C  pw      T  w , in   −  T  w , out        



(6)







The variable speed Pump 2 outlet mass flow rate in Equation (10) is calculated as the following [46]:


    m ˙   pump 2 ,    out    =    γ      m ˙   pump 2 , max    



(7)




where  γ  is the variable speed pump control function (0 ≤ γ ≤ 1) and     m ˙   p , max     is the pump maximum flow rate. The Pump 2 outlet mass flow rate,     m ˙   p ,    out     , is varied with respect to the required generator heat capacity at the given overall system operating conditions (i.e., to meet a given evaporator load in the refrigeration sub-system at a given outdoor temperature,   Q ˙  g). The values of the Pump 2 control function,  γ , are calculated as the ratio of the desired generator flow rate to the maximum flow rate,     m ˙   p , max    , which delivers the highest required generator heat capacity. The Pump 2 control function,  γ , is specified by the Time-Dependent Forcing Function, and was modeled using the TRNSYS Type 14 model, which is used to control the fluid mass flow rate entering the auxiliary fluid heater and then the generator.



The auxiliary heater was modeled using the TRNSYS Type 138 model. The heater maximum heating rate (  Q ˙  max) is defined by the user to maintain the heater outlet temperature at the desired set temperature (i.e., 95 °C). The heater maximum heating rate is selected to be the highest required generator heat capacity,   Q ˙  g. The auxiliary heater outlet fluid temperature is expressed using the heater steady-state energy balance [46]:


   T  aux , out   =     Q ˙   max        η    heater   +  m ˙   C  pf    T i  +    UA   T  amb   −   UA  T i   2       m ˙   C  pf   +   UA  2     



(8)




where     Q ˙   max     is the heater’s maximum heating rate, and    η  heater     the heater energy conversion efficiency value, which was taken as 90% [53]. The heater heat transfer rate may also be expressed as the difference between the useful solar thermal energy and generated heat transfer rate [54]:


    Q ˙   aux   =   Q ˙  g  −   Q ˙  u   



(9)







A controller for Tempering Valves, modeled using the TRNSYS Type 115 model, is used to control the fluid flow rate on the load side of the solar collector sub-system. The water flow exiting the generator either flows back to the storage tank or to the auxiliary heater. If the storage tank outlet fluid temperature is lower than the generator water inlet temperature, the fluid exiting the generator directly flows into the heater. If the storage tank outlet fluid temperature is higher than the generator water inlet temperature, using the diverter (controlled flow diverter—TRNSYS Type 11), a fraction of the flow exiting the generator is mixed with the storage outlet water using the mixer (mixer—TRNSYS Type 11) to maintain the generator water inlet temperature at its design value (i.e., 95 °C).



The mass and energy relations for the refrigeration sub-system units derived from the generic relations (1)–(2) are listed in Table 3.




3.2. Exergy Analysis


The exergy analysis is based on the following general exergy balance for each refrigeration sub-system component (k) in steady-state conditions [51], with the corresponding exergy relations listed in Table 4:


    ∑   i ∈ i n   e  x i    m ˙  i  −   ∑   i ∈ o u t   e  x i    m ˙  i  +   1 −    T 0     T k       Q ˙  −  W ˙  =     E x  ˙    D j    



(10)







Neglecting kinetic and potential exergies, the specific exergy of a stream is the sum of its specific physical and chemical exergies:


   e  x i  = e  x  p h , i     + e  x  c h , i     



(11)







With no chemical or combustion reactions, the chemical exergy of each stream is set to zero. The specific physical exergy of stream  i  is defined as:


  e  x  p h , i   = (  h i  −  h 0  ) −  T 0  (  s i  −  s 0  )  



(12)







The total exergy flow rate of stream  i  is:


      E x  ˙   i  =   m ˙  i    e  x i   



(13)








3.3. Performance Indices


Typical performance indicators for solar and ejector cooling systems include the solar fraction (SF), the ejector entrainment ratio (ω), refrigeration sub-system mechanical and overall COPs, and exergy efficiency [19]. The SF is the ratio of the useful solar thermal energy transferred to the generator to the generator total thermal energy input, which includes the useful and auxiliary heat input:


  SF =     Q ˙  u      Q ˙  g     



(14)






     Q ˙  g  =   Q ˙  u      +   Q ˙   a u x     



(15)







The ejector entrainment ratio (  ω )   is expressed as the ratio of the secondary to the primary mass flow rate, and reflects the ejector efficiency [13]:


  ω =     m ˙  s      m ˙  p     



(16)







The refrigeration sub-system mechanical COP [10,12] is the ratio of the cooling output to the mechanical energy input (i.e., pumping and compression work):


    COP   mech   =     Q ˙  e      W ˙   pump 3   +       W  ˙   b    =   ω   (  h 6  −  h 5  )   (  h 8  −  h 3  ) + ω    w b     



(17)







The overall refrigeration sub-system COP is equal to the ratio of the cooling output (    Q ˙  e   ) to the total energy input to system (i.e., to the generator, pump, and booster compressors) [10]:


  COP =     Q ˙  e      Q ˙  g  +       W  ˙    pump 3   +   W ˙  b    =   ω   (  h 6  −  h 5  )   (  h 1  −  h 3  ) + ω    w b     



(18)







The exergetic efficiency of the refrigeration sub-system is the ratio of the exergetic product (i.e., exergy of evaporator heat transfer) to the exergetic inputs to the generator, pump, and booster compressors [32,56]:


   η  e x   =     Q ˙  e         T 0     T  H , e     − 1       Q ˙   g       1 −    T 0     T  H , g       +       W  ˙    pump 3   +       W  ˙   b     



(19)







The exergy destruction ratio of each system component,    y k   , is expressed as the ratio of the exergy destruction in the component (      E x  ˙    D , k    ) to the system total exergy destruction (      E x  ˙    D , s y s    ) [55]:


   y k  =       E x  ˙    D , k         E x  ˙    D , s y s      



(20)







The exergy efficiency of a component,    ε  e x , k    , can be defined as the ratio of the exergy rates of the component product,       E x  ˙    P , k    , and fuel supplied to the component,       E x  ˙    F , k    , when a fuel and product can be meaningfully defined for the component [55]:


   ε  e x , k   =       E x  ˙    P , k         E x  ˙    F , k      



(21)







The exergy rates of the component fuel, product, destruction, and loss,       E x  ˙    L , k    , can be related as the following [55]:


      E x  ˙    F , k   =     E x  ˙    P , k   +     E x  ˙    D , k   +     E x  ˙    L , k    



(22)








3.4. Ejector Model


The real gas ejector model, described in Appendix B, was validated for several ejector geometries and three working fluids (i.e., R141b, R245fa, and R11) in critical operation mode, in comparison with referenced experimental and numerical data from [20,21,33,35,57]. A portion of the model validation results is included in Figure 4 for 39 cases, combining a range of ejector geometries and primary (generation) and secondary flow (evaporator) pressures and temperatures, in comparison with the corresponding experimental data of Huang et al. [21] and the numerical data of Chen et al. [20,57] for fluid R141b. Prediction discrepancies in the ejector critical back pressure relative to the experimental data of Huang et al. [21] and numerical data of Chen et al. [20,57] are generally less than 6%. Prediction discrepancies in the entrainment ratio relative to the experimental data of Huang et al. [21], numerical data of Chen et al. [20], and numerical data of Chen et al. [57] are on average 5%, 2%, and 2.5%.



Additional ejector model validation results are presented for R245fa in Figure 5, which compares the critical entrainment ratio predictions as a function of the critical back temperature for a range of primary (generation) and secondary flow inlet (evaporation) temperatures with the corresponding experimental and numerical data of Shestopalov et al. [35]. These data illustrate the reduction in the critical entrainment ratio with increasing condensing temperatures and increasing generation temperatures. Prediction discrepancies in the ejector critical entrainment ratio are, on average, 1.8% and 6.0%, relative to the experimental and numerical data, respectively, of Shestopalov et al. [35].




3.5. Refrigeration Sub-System Model Validation


The refrigeration sub-system model was validated for a single ejector refrigeration cycle operated with R11, in comparison with the experimental COP data of Aphornratana et al. [33] and numerical data of Chen et al. [20] in ejector critical mode operation. A portion of these results, representing the COP as a function of the evaporator temperature (i.e., ejector secondary flow inlet temperature), are presented in Figure 6, at a fixed generator/boiler temperature of 110 °C and for two different ejector back (i.e., condenser) pressures. Both the reference data and present predictions denote a linear variation in the COP with evaporator pressure in ejector critical mode operation. Prediction discrepancies in the COP cycle are generally less than ±0.012 (10%) and ±0.009 (6%) relative to the experimental data of Aphornratana et al. [33] and real gas numerical data of Chen et al. [20], respectively.





4. Results and Discussion


The refrigeration sub-system thermodynamic performance was analyzed for each working fluid (i.e., R245fa, R600a, R141b, and R11). Section 4.1 presents the base case operating conditions (Table 2), and Section 4.2 presents the off-design conditions relevant to low-grade heat-driven air conditioning applications.



4.1. Refrigeration Sub-System Performance at Typical Operating Conditions


The performance of the simple ejector cycles (A, B, C) and compression-assisted ejector cycles (B, C) is represented in terms of the ejector entrainment ratio and refrigeration sub-system overall COP in Figure 7. Considering the simple ejector cycles without compression boosting, the ejector entrainment ratio and overall COP would degrade by approximately 2–4 times (depending on the working fluid) for Ejector B, and 6–17 times for Ejector C, relative to Ejector A (Figure 7). These reductions are related to higher ejector back pressure (i.e., ambient air temperature), that is, higher pressure lift ratios Pc/Ps [8,58]. Thus, Ejectors B and C were sized to meet medium- and high-bound ejector critical temperatures/pressures, respectively, which is at the expense of a reduced ejector entrainment ratio and overall refrigeration sub-system COP. For R245fa, less entrainment ratio and overall COP sensitivities to ejector back pressure are overall observed than for the other working fluids (Figure 7).



With the addition of booster compressors, the Ejector B and C entrainment ratios and overall refrigeration cycle COPs significantly improve relative to the corresponding simple cycles, to a level comparable to that of Ejector A (depending on the working fluid), which operates at a lower back pressure. These improvements in the entrainment ratio and overall COP for compression-assisted Ejectors B and C, relative to the corresponding simple ejector cycles, result from a reduction in the pressure lift ratio (i.e., Pc/Ps) that the ejector had to overcome [10]. R11 and R245fa led to overall higher ejector entrainment ratios and overall COPs than the other two working fluids (Figure 7). For R245fa, compression boosting improves the overall COP by factors of 3.4 and 8.2 for Ejector B and C cycles, respectively, relative to the simple Ejector B and C loops with no compression boosting that would deliver the same cooling output at the same operating conditions. For this fluid, the overall COPs range from 0.17 for Ejector A cycle, to 0.20 and 0.28 for compression-assisted Ejector C and B cycles, respectively. The associated generator heat input requirement is reduced by factors of 3.5 and 8.5 with compression boosting for Ejectors B and C, respectively, relative to the corresponding simple ejector cycles. In parallel, despite the additional booster compression work, high mechanical COPs are achieved for compression-assisted Ejector B and C cycles (e.g., 12.1 and 7.5, respectively, for R245fa). Such mechanical COPs are an advantage of ejector refrigeration over electricity-driven vapor compression cycles when a low-cost source of thermal energy is available to drive the ejector cycle. Based on the overall COP and safety/environmental attributes, R245fa is considered the most suitable refrigerant in this instance.



Effective ejector area dimensions increase with an increasing ejector back pressure, that is, with an increasing condenser temperature, due to corresponding increased cooling capacity requirements, when comparing Ejectors A, B, and C for a given working fluid (Table 5). However, compression boosting reduces the effective ejector cross-sectional areas for Ejector B and C sub-cycles, relative to the corresponding simple ejector sub-cycles providing the same system cooling output at the same operating conditions. This size reduction effect for the compression-assisted cycles is associated with increased secondary flow inlet pressure. Comparing the compression-assisted ejector cycles for each working fluid, R600a leads to the most compact cross-sectional area dimensions, followed by R245fa, while R141b leads to the largest ejector dimensions.



The exergy rates of the components’ fuel, product, destruction, and relative destruction (yk), as well as exergy efficiencies (εex,k), are given in Table 6. For the simple Ejector A cycle and compression-assisted Ejector B cycle, the largest single irreversibility rate occur in the ejector, followed by irreversibilities in the generator and condenser. In the case of the compression-assisted Ejector C cycle, irreversibilities in the ejector and condenser dominate at a comparable rate, followed by generator irreversibilities. Ejector irreversibilities are attributable to fluid friction losses in expansion and contraction within the primary divergent and convergent nozzle, mixing, and compression shock conditions in the ejector constant-area mixing section, while heat exchanger exergy losses are contributed by heat transfer through finite temperature differences. Differences in exergy destruction rates amongst Ejectors A, B, and C are attributable to differences in effective ejector geometries to meet different back pressure requirements (i.e., different ambient temperatures and cooling capacities), and differences in secondary ejector flow inlet and outlet conditions. The compression-assisted Ejectors B and C process a higher amount of fuel exergy than the simple Ejector A cycle. However, compression boosting at the secondary Ejector B and C inlets reduce the pressure lift ratio (i.e., Pc/Ps), and contributes to reduced ejector losses. Ejector exergy efficiency, defined as the ratio of ejector product exergy (i.e., outlet flow exergy rate) to ejector exergy input (i.e., fuel, consisting of the primary and secondary flow exergy rates), improves from Ejector A (40%), to compression-assisted Ejectors B (54%) and C (63%). Ejector C operates at the highest back pressure, with the condenser processing a large amount of input exergy, leading to a large exergy drop through the condenser and thus, high internal exergy losses. As the condenser temperature and total mass flow increase from Ejector A to Ejectors B and C cycles, and despite a reduction in generator heat exergy input from the collector water flow, the generator fuel exergy increases, and consequently, the generator internal exergy losses increase. However, the working fluid temperature is closer to the water temperature, and the generator exergy efficiency improves. The fraction of saturated vapor at the evaporator inlet is higher in the compression-assisted B and C cycles than in the simple A cycle, resulting in higher specific enthalpy and entropy, and lower specific exergy, which is offset by a higher mass flow, resulting in higher total flow exergy at the evaporator inlet. In parallel, the evaporator exergy of heat transfer increases in magnitude, leading to a higher fuel exergy input to the generator. Combining these effects, the evaporator exergy efficiency slightly decreases for the compression-assisted cycle relative to the simple cycle. In terms of the relative ejector exergy destruction (yk), the above trends are consistent with those obtained for single ejector refrigeration cycles, both for simple [32,47,49] and booster-assisted ejectors [49], where the largest exergy destruction rates are typically observed in the ejector. Exergy losses in the booster compressor, pump, and expansion valve may be considered unavoidable [49]. On the other hand, exergy losses in the ejector, generator, condenser, and evaporator could be reduced through geometry optimization using detailed component models, which is outside the scope of this work, and formal optimization of the operating conditions [49]. The overall exergy efficiency of the refrigeration sub-system ranges from 0.9% for Ejector A to 1.4% and 1% for the compression-assisted Ejector B and C cycles, respectively.



On an annual basis in the air conditioning application considered (Figure 1), one of three ejector refrigeration sub-cycles is activated in each hourly period of the year, depending on the hourly cooling load requirement. The monthly system solar fractions (SFs), which are the ratios of the useful solar energy collected to the total thermal energy required to drive the refrigeration cycle, are presented in Figure 8 for the FP and ET solar collectors, each with a surface area equal to approximately 75% of the building rooftop surface area. The SFs range from approximately 0.16 in June to 0.88 in January for the FP collector, and from 0.21 to 0.91, respectively, for the ET collector. Although solar irradiance and ambient temperature rise in summer relative to cooler months (Figure 3 and Figure A1), resulting in a larger amount of water thermal energy available to the generator, monthly cooling loads, and hence, the generator heat input requirement, increase more significantly (Figure 2). On an annual basis, the system SFs average 0.38 and 0.44 for the FP and ET collectors, respectively. These results may be considered conservative, considering the limited collector surface area relative to the cooling requirement in the harsh climatic conditions considered. Building ejector refrigeration applications typically have peak cooling loads that do not exceed 10 kW in less extreme ambient conditions than in this study [6,18,19]. The annual SFs of the present system could be improved using cooling load management, a larger collector field, subject to space availability, a larger number of ejector loops to more closely follow the annual cooling load distribution at the expense of increased system complexity, or potentially, variable ejector geometries.



On a yearly basis in elevated condenser temperatures (Figure 3), the compression-assisted parallel ejector assembly reaches an annual average entrainment ratio of 0.28. The annual average refrigeration sub-system overall and mechanical COPs are 0.21 and 24.5, respectively, and exergy efficiency is 1.2%. These figures are comparable to those previously reported for simple ejector refrigeration cycles at comparable generator and evaporator conditions (e.g., [32]), albeit at higher condenser heat rejection temperatures in this study. Thus, the multi-ejector refrigeration system effectively triples the operating condenser temperature range of a single ejector system to cover the range of annual outdoor conditions, while avoiding a severe degradation in performance at high condenser temperatures through compression boosting.



Based on the yearly solar energy collected with the 300 m2 ET collector, and using a typical electric vapor compression refrigeration COP of 2.5 for split units used in local small-scale buildings [59], a local grid emission factor of 0.655 kgCO2/kWhe [60], and a local subsidized electricity sale price of 83 USD/MWhe, the solar-based refrigeration system could reduce yearly electrical power consumption by approximately 24 MWhe (42%) compared with a conventional split system air conditioner, which is equivalent to 2000 USD electricity expenditure and 15.7 tCO2-eq emissions avoided annually.




4.2. Refrigeration System Performance at Off-Design Conditions


Performance maps, representing the sensitivity of the system cooling capacity (Qe), the ejector entrainment ratio (ω), overall COP, and exergy efficiency (   η  ex    ) to the generation and evaporation temperatures representative of solar air conditioning applications, are presented in Figure 9, Figure 10 and Figure 11, relative to the baseline performance described in Section 4.1 for R245fa. The range of generator temperatures considered is 80–100 °C, which represents a low-grade heat source from non-concentrated solar collectors. Evaporation temperatures of 5–16 °C are considered, which reflect typical indoor temperatures, hot–cold side temperature differences in the evaporator, and near-atmospheric evaporation pressures to avoid air bleeding into the refrigeration system. These maps are presented for the simple Ejector A cycle and compression-assisted Ejector C cycle, which encompass the bounds of outdoor temperatures and cooling capacities. Ejector B performance maps were found to display similar trends as those of Ejector C, and are therefore not included in Figure 9, Figure 10 and Figure 11 for brevity.



Effect of generation temperature: As the generation temperature increases, the generation pressure (Pg) also increases, resulting in an increased primary mass flow rate and effective primary flow cross-sectional area at the inlet of the mixing section [35]. This leads to a reduction in both the effective secondary flow cross-sectional area at the inlet of the mixing section and the secondary mass flow rate. The combined increase in primary mass flow and reduction in secondary mass flow result in a reduced entrainment ratio, cooling capacity, and overall COP (Figure 9 and Figure 10).



As the evaporator cooling capacity reduces with the increasing generation temperature, the exergy of heat transferred to the evaporator reduces. In parallel, as both the generator heat transfer rate and exergetic temperature factor (1 − T0/TH,g) increase with the increasing generator temperature, the exergy transferred by heat to the generator increases. Pumping work also increases with an increasing generator temperature, due to an increased primary mass flow. Although, for Ejector C, the booster compressor power consumption reduces with an increasing generator temperature, its effect on exergy efficiency is offset by the rise in the exergy transferred by heat to the evaporator. Consequently, for both the simple and compression-assisted ejector cycles, the exergy efficiency reduces with an increasing generator temperature (Figure 11).



Effect of evaporator temperature: In this analysis, the evaporator saturation temperature is varied while the generator outlet temperature is fixed, which is equal to the ejector primary flow inlet temperature, and consequently, the ejector primary mass flow rate also remains fixed. For Ejector A, which is not pressure-boosted, the secondary flow inlet temperature is equal to the evaporator exit temperature.



When Ejector A is activated, and as the evaporator pressure is increased, the pressure difference between the primary stream and secondary stream at the nozzle exit increases, which increases the secondary mass flow rate flowing through the evaporator, as reflected by the improvement in the entrainment ratio (Figure 10). The specific enthalpy difference through the evaporator also increases. Consequently, the cooling capacity significantly rises (Figure 9). In parallel, an increase in the secondary flow inlet pressure increases the mixed stream pressure in the ejector mixing section, thereby lowering the ejector pressure lift ratio (i.e., Pc/Ps), and slightly raising the ejector critical back pressure, which also contributes to improving the cooling capacity and overall COP (Figure 9 and Figure 10). As the evaporator temperature increases, the exergy efficiency increases for Ejector A (Figure 11). This is due to (i) an increase in the cooling capacity (i.e., Qe) with the increasing evaporator temperature, which leads to an increase in the exergy of heat transferred to the evaporator, (ii) a reduction in the exergy of heat transferred to the generator (due to the generator heat transfer rate decreasing with an increasing evaporator temperature), and (iii) a slight reduction in pumping work with an increasing evaporator temperature.



To avoid degradation of the entrainment ratio at high condenser temperatures, Ejector C pressure booster raises and maintains the secondary flow inlet pressure at a constant level, independent of evaporator conditions, thereby maintaining a constant secondary mass flow through the evaporator, and a constant entrainment ratio (since the primary mass flow is fixed, the generator outlet conditions being fixed), independent of the evaporator conditions. Therefore, for the pressure-assisted Ejector C, when the evaporator temperature is increased, the mass flow rate through the evaporator remains constant, while the working fluid specific enthalpy difference through the evaporator increases, resulting in a slight increase in the cooling capacity and, consequently, the COP (Figure 9 and Figure 10). For the pressure-assisted Ejector C cycle, the system exergy output (i.e., the exergy of heat transferred to the evaporator) slightly increases with the increasing evaporator temperature, due to the slight increase in the cooling capacity (Figure 9). In addition, the booster power consumption decreases with the increasing evaporator pressure, while both the exergy of heat transferred to the generator and pump work remain constant (i.e., do not change with evaporator pressure), as the primary flow inlet conditions are unchanged. Combined, these factors result in a slight improvement in exergy efficiency with an increasing evaporator pressure for compression-assisted Ejector C cycle (Figure 11).





5. Conclusions


A low-grade solar thermal energy-driven compression-assisted parallel ejector air conditioning system was investigated to reduce the electrical cooling loads of small-scale buildings in hot climate conditions. The multi-ejector system effectively triples the operating condenser temperature range of a single ejector system to cover the range of annual outdoor conditions while maintaining comparable performance through compression boosting.



Using R245fa and evaporation and generation temperatures of 10 °C and 85 °C, respectively, the monthly average system solar fraction using an evacuated tube collector varies from 0.21 to 0.91 in summer and winter, respectively. With an evacuated tube collector, yearly average mechanical and overall COPs of 24.5 and 0.21 are obtained, respectively, for the refrigeration system. Such mechanical COPs are an advantage over electricity-driven vapor compression when an affordable low-carbon heat source is available to drive the ejector cycle. Compression boosting reduces the generator heat input requirement and improves the refrigeration sub-system overall COP by factors of approximately 3–8 for ejectors operated at medium- to high-bound condenser temperatures, relative to the corresponding simple ejector sub-cycles that would deliver the same cooling output at the same operating conditions. Exergy destruction primarily takes place in the ejector assembly, condenser, and generator. The ejector exergy efficiency improves with compression boosting in ejector sub-cycles operated at mid and high-bound back pressures.



The proposed compression-assisted multi-ejector system could reduce annual electric cooling loads by approximately 24 MWhe (42%) compared with a conventional local split air conditioner, which is equivalent to 2000 USD of saved electricity expenditure and 15.7 tons of CO2-equivalent GHG emissions avoided annually.



The refrigeration sub-system cooling capacity and overall COP improve with an increasing evaporator temperature and reducing generator temperature. The system annual solar fraction could be enhanced using a larger collector field, subject to space availability, cooling load management, and additional ejector branches, to more closely follow the annual cooling load distribution, at the expense of increased system complexity. Finally, additional emerging working fluids, with zero or near zero-ODPs and GWPs and promising properties from technical performance, safety, high ambient temperature compatibility, and affordability perspectives, should be investigated for the present ejector air conditioning concept.
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Abbreviations




	
BAC

	
booster-assisted cycle




	
CFC

	
chlorofluorocarbon




	
ET

	
evacuated tube




	
FP

	
flat plate




	
GHG

	
greenhouse gas




	
GWP

	
global warming potential




	
HC

	
hydrocarbon




	
HCFC

	
hydrochlorofluorocarbon




	
HFC

	
hydrofluorocarbon




	
N

	
normal shock




	
ODP

	
ozone depletion potential




	
SC

	
simple cycle




	
VCC

	
vapor compression cycle




	
Main Notations




	
a

	
sonic velocity (m/s) or solar collector performance constant (-)




	
A

	
area (m2)




	
AL

	
atmospheric life (year)




	
COP

	
coefficient of performance (-)




	
Cp

	
specific heat capacity (kJ/kg-K)




	
D

	
diameter (m)




	
It

	
incident solar radiation (kW/m2)




	
GHI

	
global horizontal irradiance (Wh/m2)




	
h

	
specific enthalpy (kJ/kg)




	
M

	
mass (kg) or molecular weight (k/mol)




	
Ma

	
Mach number (-)




	
   m ˙   

	
mass flow rate (kg/s)




	
P

	
pressure (kPa)




	
   Q ˙   

	
heat transfer rate (kW)




	
s

	
specific entropy (kJ/kg-K)




	
T

	
temperature (°C)




	
U

	
overall heat transfer coefficient (kW/m2-K)




	
  v  

	
specific volume (m3/kg)




	
V

	
velocity (m/s)




	
y

	
exergy destruction ratio (-)




	
   W ˙   

	
electrical or mechanical power (kW)




	
SF

	
solar fraction (-)




	
Greek




	
α

	
storage tank control function (-)




	
β

	
storage tank control function (-)




	
Δ

	
difference




	
ε

	
component exergy efficiency (-)




	
ϕ

	
frictional loss coefficient (-)




	
γ

	
variable speed pump control function (-)




	
∑

	
summation




	
ω

	
ejector entrainment ratio (-)




	
η

	
device isentropic efficiency or system thermodynamic efficiency (-)




	
  ϕ  

	
mixing loss coefficient (-)




	
Superscript




	
*

	
ejector critical mode operation




	
Subscript




	
amb

	
ambient




	
aux

	
auxiliary heater




	
b

	
booster compressor




	
booster

	
booster compressor




	
c

	
condenser, critical, or ejector back




	
ch

	
chemical




	
D

	
destruction or destroyed




	
e

	
evaporator




	
ex

	
exergy




	
f

	
solar collector source-side fluid




	
F

	
fuel




	
g

	
generator




	
h

	
heat source




	
H

	
high temperature reservoir




	
heater

	
heater




	
hs

	
heat source




	
i

	
storage tank segment or stream




	
is

	
isentropic




	
in

	
inlet




	
k

	
component




	
L

	
load or low temperature reservoir or loss




	
m

	
mixing




	
max

	
maximum




	
mech

	
mechanical




	
mfe

	
mixed flow exit




	
out

	
outlet




	
overall

	
overall




	
p

	
ejector primary flow or product




	
ph

	
physical




	
pfe

	
primary flow exit




	
pump1

	
source-side single-speed water Pump 1




	
pump2

	
load-side variable speed water Pump 2




	
pump3

	
refrigeration sub-system Pump 3




	
s

	
ejector secondary inlet




	
sat

	
saturation




	
sc

	
solar collector




	
sys

	
system




	
t

	
ejector primary nozzle throat




	
u

	
useful energy




	
w

	
water




	
y

	
ejector hypothetical throat




	
0

	
reference state




	
1

	
generator outlet or ejector primary nozzle throat




	
2

	
condenser inlet or ejector primary nozzle exit




	
3

	
Pump 3 inlet or ejector constant-area section exit




	
4

	
expansion valve inlet




	
5

	
evaporator inlet




	
6

	
evaporator outlet




	
7′

	
Ejector A secondary inlet




	
7″

	
Ejector B secondary inlet




	
7‴

	
Ejector C secondary inlet




	
8

	
generator inlet









Appendix A. Global Horizontal Irradiation


Figure A1 presents the monthly hourly average solar global horizontal irradiation (GHI) in Abu Dhabi, UAE (24°28′ N 54°22′ E), based on TRNSYS database (TMY2).
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Figure A1. Monthly hourly average solar global horizontal irradiation (GHI) in Abu Dhabi, UAE (24°28′ N 54°22′ E), based on the TRNSYS database (TMY2) [23]. 
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Appendix B. Ejector Model


The transonic vapor ejector numerical model is based on the modelling framework of Chen et al. [20] for one-dimensional mass, momentum, and energy conservation, with the use of effective ejector geometric cross-sectional areas, assuming constant pressure mixing. The ejector modelling equations for critical mode operation are documented in Appendix B.1, Appendix B.2, Appendix B.3, Appendix B.4, Appendix B.5 and Appendix B.6.



Appendix B.1. Primary Flow in the Convergent and Divergent Nozzle


For a given primary flow pressure (Pp) and temperature (Tp), the enthalpy and entropy of the working fluid at the primary nozzle inlet can be found with the following equations:


    h p    = h    T p  ,  P p      



(A1)






    s p    = s    T p  ,  P p      



(A2)







The enthalpy and entropy of the primary stream at the nozzle exit (State pfe, Figure 1b) are calculated using an isentropic efficiency,       η   p   , for the processes occurring in both the converging and diverging nozzle sections:


   η p  =    h p  −  h t     h p  −  h  t , is      



(A3)






   η p  =    h p  −  h  pfe      h p  −  h  pfe , is      



(A4)






    s p    =  s  t , is     =  s  pfe , is     



(A5)






    h  t , is     = h    s  t , is   ,      P   t      



(A6)






    h  pfe , is       = h    s  pfe , is   ,      P    pfe       



(A7)




where    h  t , is     and    h  pfe , is     are the isentropic state enthalpies at the primary flow nozzle throat and exit, respectively, and    s  t , is     and    s  pfe , is     are the isentropic state entropies at the primary flow nozzle throat and exit, respectively. Energy conservation applied to the processes in the converging and diverging nozzle sections yields the following relations:


   h p  =    V t 2   2  +  h t   



(A8)






   h t  +    V t 2   2  =  h  pfe   +    V  pfe  2   2   



(A9)




where    V t    and    V  pfe     are the velocities of the primary stream at the nozzle throat and exit, respectively. With the first choking condition occurring at the nozzle throat,    V t    equals the sound speed,    a t   , which can be evaluated based on the working fluid thermodynamic properties:


    V t  =  a t    = a    h t  ,  P t      



(A10)







The primary mass flow rate can then be calculated based on the density,       ρ   t   , and entropy,    s t   , of the working fluid at the nozzle throat:


     m ˙  p    =  ρ t   V t   A 1    



(A11)




where


    s t    = s    h t  ,  P t      



(A12)






    ρ t    = ρ    h t  ,  P t      



(A13)




where    A 1    is the nozzle throat cross-section area. From the governing mass balance, the primary flow velocity at the nozzle exit,    V  pfe    , can be obtained as:


   V  pfe   =     m ˙  p     ρ  pfe        A   2     



(A14)




where    A  pfe     is the nozzle exit cross-sectional area, and    ρ  pfe     is the density of the working fluid at the nozzle exit, which can be evaluated based on the corresponding pressure and enthalpy with the following equation:


    ρ  pe     = ρ    h  pfe   ,  P  pfe       



(A15)








Appendix B.2. Primary Flow Core from Primary Flow Nozzle Exit (pfe) to Hypothetical Throat (y)


The primary flow core (i.e., from the nozzle exit plane, pfe, to the hypothetical throat, y, Figure 1b) is considered to be an extension of the working fluid expansion process as the stream exits the divergent part of the primary nozzle. The thermodynamic properties of the fluid at State y are obtained as follows, with the working fluid pressures of the primary and secondary streams at State y,    P  py     and        P    sy    , respectively, assumed to be the same as that of the mixed flow at Section m,       P   m   :


   s  pfe   =      s    py , is    



(A16)






    h  py       = h      s  py   ,  P m      



(A17)






    ρ  py       =  ρ       s  py   ,  P m      



(A18)






   P  py   =  P  sy   =  P m   



(A19)







Losses associated with the primary flow process between Sections pfe and y are accounted for using an isentropic efficiency:


   η  py   =    h  pfe   −  h  py      h  pfe   −  h  py , is      



(A20)







The fluid velocity at State y is derived from energy conservation and related to mass flow rate:


   V  py   =   2    h  pfe   −  h  py     +  V  pfe  2       



(A21)






   A  py   =    η  py       m ˙  p     ρ  py        V    py      



(A22)








Appendix B.3. Entrained Flow from Secondary Flow Inlet (s) to Hypothetical Throat (y)


According to the constant-pressure ejector model, the second choking condition occurs in the induced secondary stream at the hypothetical throat (i.e., State y, Figure 1b), where the stream velocity,    V  sy    , equals the sound speed, which can be calculated based on the secondary stream thermodynamic properties:


   V  sy   =  a  sy   = a    h  sy   ,  P  sy      



(A23)







The secondary stream thermodynamic properties at the hypothetical throat (enthalpy,    h  sy     and density,    ρ  sy    ) can be found based on those at the secondary flow inlet (i.e., State s) and the isentropic efficiency coefficient of the secondary flow before mixing with the primary flow,    η s   :


   η s  =    h s  −  h  sy      h s  −  h  sy , is      



(A24)






   s s  =  s  sy , is    



(A25)






   h   sy , is      = h    s   sy , is      ,  P  sy      



(A26)






   ρ  sy   = ρ    h  sy   ,  P  sy      



(A27)







The secondary mass flow rate,       m ˙    s   , can be calculated as the following:


    m ˙  s  =  ρ  sy        V    sy        A    sy    



(A28)







The cross sectional area of the constant area section, A3, is expressed as the following:


   A  sy   +  A  py   =  A 3   



(A29)








Appendix B.4. Mixed Flow at Section m, Upstream of the Normal Shock at Section (N)


The equations describing the mixing process occurring between the hypothetical throat at Section (y) and Section (m) are the mass balance (Equation (A30)), momentum balance (Equation (A31)), energy balance (Equation (A32)), and State (m) density (Equation (A33)):


   ρ m   V m   A 3  =   m ˙  s  +   m ˙  p   



(A30)






   ϕ m      m ˙  p   V  py   +   m ˙  s   V  sy     =     m ˙  p  +   m ˙  s     V m   



(A31)






    m ˙  p     h  py   +    V  py  2   2      +   m ˙  s     h  sy   +    V  sy  2   2      =     m ˙  p  +   m ˙  s       h m  +    V m 2   2       



(A32)






   ρ m  = ρ    h m  ,  P m     



(A33)







In Equation (A31), φm is a coefficient representing mixing losses associated with inefficient momentum transfer between the primary and secondary streams induced by friction between streams and between the working fluid and the ejector wall.




Appendix B.5. Mixed Flow across the Shock from Section (m) to (mfe)


The normal shock occurring in the constant-area section between Section (m) and the mixed flow exit (mfe) is represented by a mass balance (Equation (A34)), momentum balance (Equation (A35)), energy balance (Equation (A36)), and State (mfe) properties (Equations (A37) and (A38)).


   ρ m   V m  =  ρ  mfe    V  mfe    



(A34)






   P m  −  P  mfe   =      ρ    mfe    V  mfe  2  −  ρ m   V m 2   



(A35)






   h m  +    V m 2   2  =  h  mfe   +    V  mfe  2   2   



(A36)






   s  mfe   = s    h  mfe   ,  P  mfe      



(A37)






   ρ  mfe   = ρ    h  mfe   ,  P  mfe      



(A38)








Appendix B.6. Mixed Flow through Diffuser from Section (mfe) to the Diffuser Outlet at Section (Out)


The diffusion process is described by an energy balance (Equation (A39)) between Section (mfe) and the diffuser outlet section (out), and the properties of the diffuser outlet state (out) (Equations (A40) and (A41)):


   h  out   =  h  mfe   +    V  mfe  2   2   



(A39)






   s  out   =  s  mfe    



(A40)






   h   out      = h    s   out      ,  P   out         



(A41)
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Figure 1. Schematic representation of the solar compression-assisted, triple parallel ejector refrigeration system: (a) system layout; (b) schematic ejector geometry. D1, D2, and D3 refer to the effective area diameters of the ejector nozzle throat, nozzle exit, and mixing chamber, respectively. 
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Figure 2. Monthly cooling load distribution of small-scale building air conditioning application. 
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Figure 4. Comparison of ejector critical back pressure and entrainment ratio predictions in critical operation mode as a function of primary and secondary flow pressures and temperatures, critical condenser inlet pressure and temperature, and ejector primary nozzle geometrical parameters, with the corresponding experimental data of Huang et al. [21], and numerical data of Chen et al. [20,57], for R141b. AA, AB, AC, AD, AG, EC, ED, EE, EF, EG, and EH refer to the ejector geometries of Huang et al. [21]. 
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Figure 5. Comparison of ejector critical entrainment ratio predictions as a function of critical condenser temperature for several primary inlet (generation) and secondary inlet (evaporation) temperatures, with the corresponding experimental and numerical data of Shestopalov et al. [35] for R245fa. 
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Figure 6. Comparison of predicted ejector refrigeration system COP in critical mode operation as a function of the evaporator pressure, with the corresponding experimental data of Aphornratana et al. [33], and numerical data of Chen et al. [20], at a generation (i.e., primary flow inlet) temperature of 110 °C and condenser pressure of either (a) 160 kPa or (b) 170 kPa. 
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Figure 7. Entrainment ratio and overall refrigeration sub-system COP for each ejector sub-cycle in Figure 1b. SC = simple ejector cycle. BAC = booster-assisted ejector cycle. 
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Figure 8. System monthly solar fractions for FP and ET collectors. ET = evacuated tube. FP = flat plate. 
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Figure 9. Sensitivity of refrigeration sub-system cooling capacity as a function of the evaporator and primary flow inlet (generation) temperature for the simple Ejector A cycle and the compression-assisted Ejector C cycle with R245fa as the working fluid, normalized to a baseline capacity of Tp = 85 °C and Te = 10 °C: (a) Ejector A (SC); (b) Ejector C (BAC). 
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Figure 10. Sensitivity of the ejector entrainment ratio and refrigeration sub-system overall COP to the evaporator and primary flow inlet (generation) temperature for the simple Ejector A cycle and the compression-assisted Ejector C cycle with R245fa as the working fluid, normalized to a baseline entrainment ratio and overall COP of Tp = 85 °C and Te = 10 °C: (a) Ejector A (SC); (b) Ejector C (BAC). 
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Figure 11. Sensitivity of the refrigeration sub-system exergy efficiency to the evaporator and primary flow inlet (generation) temperatures for the simple Ejector A cycle and compression-assisted Ejector C cycle with R245fa as the working fluid, normalized to a baseline exergy efficiency of Tp = 85 °C and Te = 10 °C: (a) Ejector A (SC); (b) Ejector C (BAC). 
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Table 1. Thermodynamic, safety, and environmental properties of candidate refrigerants for the solar-assisted refrigeration system [13,30].
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	Working Fluid
	Molecular Structure
	M (g/mol)
	TC

(°C)
	Pc

(MPa)
	Tsat at 1 atm (°C)
	Safety
	AL

(year)
	ODP (-)
	GWP

(-)





	R11
	CCL3F
	137.37
	198
	4.41
	23.7
	A1
	45
	1
	4600



	R141b
	CH3CCL2F
	116.95
	204.2
	4.25
	32
	-
	9.3
	0.086
	700



	R245fA
	CHF2CH2CF3
	134.05
	154.1
	4.43
	15.1
	B1
	7.2
	0
	950



	R600a
	CH(CH3)2-CH3
	58.12
	134.7
	3.64
	−11.7
	A3
	-
	0
	∼20







Note: AL = atmospheric life. GWP = global warming potential (100 year). M = molecular weight. ODP = ozone depletion potential. Pc = critical pressure. Tc = critical temperature. Tsat = saturation temperature. Safety classification as per ASHRAE [44].
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Table 2. Input modeling parameters for the refrigeration sub-system and ejector assembly.






Table 2. Input modeling parameters for the refrigeration sub-system and ejector assembly.









	Parameter and Unit
	Value





	Refrigeration sub-system
	



	  Generator refrigerant outlet temperature, Tg (°C)
	85 (range of variation: 80−100) [18,20,21,35,48]



	  Evaporator refrigerant outlet temperature, Te (°C)
	10 (range of variation: 5−16) [18,20,21,25,35,48]



	  Minimum temperature difference (°C)
	



	   Generator
	10 [25,36]



	   Condenser
	3 [32]



	  Ejector
	



	   Primary nozzle exit to throat effective area diameter ratio, D2/D1 (-) 1
	1.7 [20,21]



	   Isentropic efficiency coefficient for primary nozzle,    η p    (-)
	0.95 [25,35,47]



	   Isentropic efficiency coefficient from nozzle exit to section y,    η  py     (-)
	0.88 (this study, based on [20,35])



	   Isentropic efficiency coefficient for secondary, flow    η s    (-)
	0.85 [20,47]



	   Frictional loss coefficient in mixing section,    φ m    (-)
	0.86 (this study, based on [17,20,25])



	  Booster compressor pressure ratio (-) 2
	1.7 (bB), 2.3 (bC) (this study, based on [12,15])



	  Booster compressor isentropic efficiency,    η b    (-)
	0.65 [49]



	  Pump 3 isentropic efficiency,    η  pump 3     (-)
	0.50 [50]



	Solar collector sub-system
	



	  Surface area (m2)
	300



	  Source-side mass flow rate,     m ˙  f    (kg/hr)
	2000



	  Storage tank volume (m3)
	5



	  Auxiliary heater efficiency (-)
	0.9







1 Primary flow nozzle referred to as Type A in [21], with the effective nozzle diameter ratio corresponding to the effective area ratio A2/A1 = 2.9. 2 Booster compressor pressure ratios = P7″/P6 and P7‴/P6 for Boosters B (bB) and C (bC), respectively.
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Table 3. Mass and energy relations for the refrigeration sub-system components [55].






Table 3. Mass and energy relations for the refrigeration sub-system components [55].





	Component
	Energy Relation
	Mass Relation





	Generator
	     Q ˙  g  =   m ˙  1     h 1  −  h 8      

     Q ˙  g  =   m ˙  w     h  w , i n   −  h  w , o u t       
	     m ˙  1  =   m ˙  8    

     m ˙   w , i n   =   m ˙   w , o u t     



	Evaporator
	     Q ˙  e  =   m ˙  6     h 6  −  h 5      
	     m ˙  5  =   m ˙  6    



	Condenser
	     Q ˙   c o n   =   m ˙  2     h 2  −  h 4      
	     m ˙  2  =   m ˙  3  +   m ˙  4    



	Ejector
	Section 3.1
	     m ˙  2  =   m ˙  1  +   m ˙  7    



	Booster compressor B
	     W ˙   b B   =   m ˙  6     h  7  ″    −  h 6      

    η  i s , b B   =      h  7  ″  s   −  h 6         h  7  ″    −  h 6        
	     m ˙  6  =   m ˙   7  ″        



	Booster compressor C
	     W ˙   b C   =   m ˙  6     h  7  ′ ′ ′    −  h 6      

    η  i s , b C   =      h  7  ′ ′ ′  s   −  h 6         h  7  ′ ′ ′    −  h 6        
	     m ˙  6  =   m ˙   7  ′ ′ ′        



	Pump 3
	     W ˙   p u m p 3   =   m ˙  3     h 8  −  h 3      

    η  i s , p u m p 3   =      h  8 s   −  h 3         h 8  −  h 3        
	     m ˙  3  =   m ˙  8    



	Expansion valve
	    h 4  =  h 5    
	     m ˙  4  =   m ˙  5    
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Table 4. Exergy relations for the refrigeration sub-system components [55,56].






Table 4. Exergy relations for the refrigeration sub-system components [55,56].





	Component
	        E x  ˙   F     
	        E x  ˙   P     
	        E x  ˙   D     





	Generator
	     Q ˙  g    1 −    T 0     T  H , g         
	       E x  ˙   1  −     E x  ˙   8    
	     Q ˙  g    1 −    T 0     T  H , g       −     E x  ˙   1  +     E x  ˙   8    



	Evaporator
	       E x  ˙   5  −     E x  ˙   6    
	     Q ˙  e       T 0     T  H , e     − 1     
	           E x  ˙   5  −     E x  ˙   6  − Q  ˙   e       T 0     T  H , e     − 1     



	Condenser
	       E x  ˙   2  −     E x  ˙   3    
	    Q ˙   c o n     1 −    T 0     T  L , c o n        

   T  L , c o n     =    T 0   
	       E x  ˙   2  −     E x  ˙   3  −   Q ˙   c o n     1 −    T 0     T  L , c o n         



	Ejector
	       E x  ˙   1  +     E x  ˙   7    
	       E x  ˙   2    
	       E x  ˙   1  +     E x  ˙   7  −     E x  ˙   2    



	Booster compressor B
	     W ˙   b B     
	       E x  ˙    7  ″    −     E x  ˙   6    
	     W ˙   b B   −     E x  ˙    7 ″   +     E x  ˙   6    



	Booster compressor C
	     W ˙   b C     
	       E x  ˙    7  ‴    −     E x  ˙   6    
	     W ˙   b C   −     E x  ˙    7 ‴   +     E x  ˙   6    



	Pump 3
	     W ˙   p u m p     
	       E x  ˙   8  −     E x  ˙   3    
	     W ˙   p u m p   −     E x  ˙   8  +     E x  ˙   3    



	Expansion valve
	       E x  ˙   4    
	       E x  ˙   5    
	       E x  ˙   4  −     E x  ˙   5    
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Table 5. Effective ejector area dimensions (m2) for simple and compression-assisted ejector sub-cycles at nominal conditions.






Table 5. Effective ejector area dimensions (m2) for simple and compression-assisted ejector sub-cycles at nominal conditions.





	
Working Fluid

	
Simple Cycle

	
Compression-Assisted Cycle




	
and Ejector

	
A2 (m2)

	
A3 (m2)

	
A2 (m2)

	
A3 (m2)






	
R245fa

	

	

	

	




	
A

	
0.000215

	
0.000453

	
---

	
---




	
B

	
0.001455

	
0.002426

	
0.000425

	
0.000709




	
C

	
0.006790

	
0.009370

	
0.000836

	
0.000935




	
R600a

	

	

	

	




	
A

	
0.000121

	
0.000154

	
---

	
---




	
B

	
0.001971

	
0.001923

	
0.000389

	
0.000380




	
C

	
0.004042

	
0.003795

	
0.000676

	
0.000514




	
R141b

	

	

	

	




	
A

	
0.000288

	
0.000532

	
---

	
---




	
B

	
0.002062

	
0.002569

	
0.001320

	
0.001644




	
C

	
0.029104

	
0.031827

	
0.001698

	
0.001693




	
R11

	

	

	

	




	
A

	
0.000158

	
0.000337

	
---

	
---




	
B

	
0.001037

	
0.001547

	
0.000565

	
0.000842




	
C

	
0.010424

	
0.009376

	
0.001604

	
0.001442








Note: A, B, and C refer to ejector refrigeration sub-cycles in Figure 1a. A1, A2, and A2 refer to ejector cross-sectional areas in Figure 1b.
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Table 6. Exergy rates of the fuel, product, destroyed exergy, exergy loss, and exergy efficiency for the simple Ejector A refrigeration sub-cycle and compression-assisted Ejector B and C sub-cycles at nominal conditions, with R245fa as the working fluid.






Table 6. Exergy rates of the fuel, product, destroyed exergy, exergy loss, and exergy efficiency for the simple Ejector A refrigeration sub-cycle and compression-assisted Ejector B and C sub-cycles at nominal conditions, with R245fa as the working fluid.













	Unit
	        E x  ˙    F , k     ( kW )    
	        E x  ˙    P , k     ( kW )    
	        E x  ˙    D , k     ( kW )    
	     y k    ( % )    
	εex,k (%)





	Ejector A (SC)
	
	
	
	
	



	Generator
	9.578
	7.357
	2.221
	22.8
	76.8



	Ejector
	8.840
	3.565
	5.275
	54.2
	40.3



	Condenser
	1.658
	0
	1.658
	17.0
	0



	Evaporator
	0.477
	0.088
	0.389
	4.0
	18.5



	Pump
	0.248
	0.114
	0.135
	1.4
	45.8



	Expansion valve
	0.35
	0.29
	0.061
	0.6
	82.7



	Overall cycle
	9.827
	0.088
	9.739
	100.0
	0.9



	Ejector B (BAC)
	
	
	
	
	



	Generator
	18.202
	14.391
	3.811
	18.9
	79.1



	Ejector
	18.828
	10.158
	8.670
	42.9
	54.0



	Condenser
	5.623
	0
	5.623
	27.8
	0



	Evaporator
	1.682
	0.281
	1.401
	6.9
	16.7



	Pump
	0.447
	0.180
	0.266
	1.3
	40.4



	Expansion valve
	1.256
	0.889
	0.357
	1.8
	71.6



	Booster compressor
	1.838
	1.7613
	0.077
	0.4
	95.8



	Overall cycle
	20.487
	0.281
	20.206
	100.0
	1.4



	Ejector C (BAC)
	
	
	
	
	



	Generator
	34.015
	27.885
	6.13
	16.0
	82.0



	Ejector
	37.632
	23.726
	13.906
	36.2
	63.1



	Condenser
	14.896
	0
	14.896
	38. 8
	0



	Evaporator
	2.414
	0.367
	2.048
	5.3
	15.2



	Pump
	0.79
	0.267
	0.523
	1.4
	33.7



	Expansion valve
	1.890
	1.106
	0.784
	2.0
	58.5



	Booster compressor
	3.971
	3.8479
	0.123
	0.3
	96.9



	Overall cycle
	38.776
	0.367
	38.410
	100.0
	1.0







Note: Exergy relations for system units given in Table 4.
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