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Abstract: Dual fuel engines induce benefits in terms of pollutant emissions of PM and NOx together
with carbon dioxide reduction and being powered by natural gas (mainly methane) characterized
by a low C/H ratio. Therefore, using natural gas (NG) in diesel engines can be a viable solution
to reevaluate this type of engine and to prevent its disappearance from the automotive market, as
it is a well-established technology in both energy and transportation fields. It is characterized by
high performance and reliability. Nevertheless, further improvements are needed in terms of the
optimization of combustion development, a more efficient oxidation, and a more efficient exploitation
of gaseous fuel energy. To this aim, in this work, a CFD numerical methodology is described to
simulate the processes that characterize combustion in a light-duty diesel engine in dual fuel mode by
analyzing the effects of the changes in engine speed on the interaction between fluid-dynamics and
chemistry as well as when the diesel/natural gas ratio changes at constant injected diesel amount.
With the aid of experimental data obtained at the engine test bench on an optically accessible research
engine, models of a 3D code, i.e., KIVA-3V, were validated. The ability to view images of OH
distribution inside the cylinder allowed us to better model the complex combustion phenomenon
of two fuels with very different burning characteristics. The numerical results also defined the
importance of this free radical that characterizes the areas with the greatest combustion activity.

Keywords: dual fuel; CFD analysis; combustion; ultraviolet visible spectroscopy

1. Introduction

The diesel engine has always played a central role in the energy and transportation
sectors. However, in recent years, a number of limitations related to exhaust emissions
have made it the subject of debate. Indeed, diesel engine reliability and low consumption
have led the academic and industrial world to offer alternatives with new fuel blends as
well as innovative injection and combustion techniques to comply with current emission
regulations. The dual fuel diesel engine still represents a valid alternative to the traditional
engine, especially for the reduction of carbon dioxide. Nonetheless, a typical drawback of
this new strategy is the employment of a fuel for which the engine setup is not optimized.
Therefore, a deep investigation is needed to outline the processes that characterize the
conversion of the chemical energy of a fuel source into mechanical work.

In this work, the authors, who have already been involved in the study of dual fuel for
several years [1–8], present a computational fluid dynamics (CFD) application to investigate
the phenomenon of combustion of the two fuels used in dual fuel engines (diesel and
natural gas/methane). In a dual fuel engine, diesel fuel is injected in minimal quantities to
facilitate the ignition of the mixture in the cylinder consisting of air and natural gas that
have been premixed in the intake duct.
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The formation of numerous flame nuclei scattered in the combustion chamber leads
to a complex ignition phenomenon that is difficult to characterize. A proper experimental
activity supported by three-dimensional modelling can make an interpretation of the
phenomenon possible. The purpose of this CFD study is in fact to prove the transferability
of the experimental results to real diesel engines operating in dual fuel mode and to obtain
more detailed information on the phenomena characterizing the dual fuel combustion.

Interest in this topic is demonstrated by the presence of many researchers in the
scientific literature who have been studying the dual fuel engine to deepen knowledge of
the combustion phenomenon and look for suitable injection strategies and methane rates,
making use of numerical methodologies and advanced schemes of chemical kinetics.

The authors in [9–11] developed a multi-zone model to predict the combustion process
with a detailed kinetic scheme that describes the partial oxidation of the gaseous fuel
during the compression and the expansion processes. They also addressed the study of
the processes that occur during the ignition delay since the introduction of the mixture
reduces the presence of oxygen in the cylinder, reducing the temperature and delaying the
combustion compared to a traditional diesel engine.

The evaluation of emissions whose reduction represents the primary target of this
technology is very important [12,13], as emphasized at the beginning and shown in the
next sections.

In particular, in [12], the authors analyzed the performance and the emissions in steady
state condition, improving the combustion and referring to the New European Driving
Cycle.

The pilot diesel fuel quantity and the pilot injection timing in dual fuel mode, influ-
ences highly the evolution of combustion and pollutant formation, as described in [14],
where the resulting carbon monoxide (CO) emission levels were higher than those under
normal diesel operation modes that were also at high load. On the other hand, the nitrogen
oxide (NOx) emissions decrease by 30% due to a major part of the fuel being burned under
lean premixed conditions with a lower local temperature.

The authors of [3] investigated the injection timing as well, emphasizing the influence
on the combustion development as well as on the total hydrocarbons (THC) and the
production of NOx fractions and the reduction of carbon dioxide (CO2).

In paper [15], Mancaruso et al. showed that dual-fuel combustion reduces the number
of soot particles, and the size is dependent on the combustion evolution. The diameter of
the particles is higher with respect to conventional diesel operation at low speed, while at
high speed, there is a high formation of particles of a smaller size. Another critical operating
condition of a dual fuel engine is the part load, as demonstrated by the authors themselves
in [2] and by others in [16,17]. An increase in pollutants can be due to a low penetration of
the diesel liquid droplets that evaporate late; this problem could be overcome by increasing
the quantity of diesel fuel, as demonstrated in [18].

As previously mentioned, CFD simulation is an important tool for the development
and optimization of dual fuel engines. Through CFD, numerous tests can be performed to
simulate a wide range of engine loads, variation the injection timing, and the amount of
natural gas. Efficient calculation models capable of reproducing experimental cases and
anticipating new combustion strategies are therefore necessary. An appropriate chemical
scheme has to be implemented for an accurate description of the combustion process.
In [18], Hockett et al. presented a chemical kinetic mechanism that consisted of 141 species
and 709 reactions in order to simulate the combustion of both fuels (n-heptane and natural
gas), while a simpler mechanism of 42 species and 57 reactions is shown in [19].

In recent papers [7,8], CFD results are achieved by using a new kinetic scheme by
adding 5 new species and 9 reactions for the autoignition of methane with the KIVA-3V
solver for a three-dimensional domain to the ‘one step’ model.

Since the authors have already investigated different operating conditions by vary-
ing the load level, the start of injection, and the amount of methane introduced to the
cylinder [2,3,6], this work is mainly focused on the effect of engine speed on dual fuel
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combustion development. Results showed that increasing the rotational speed can exert a
relevant influence on a number of time-dependent processes such as liquid fuel injection
and atomization, the mixing of reactant species, and chemical kinetics; therefore, a proper
choice in the injection setting can help to achieve ignition in each zone of the combus-
tion chamber. In this way, it is possible to obtain an efficient use of the chemical and
energetic contents of the fuel, with a consequent reduction of the emissions of unburned
hydrocarbons in the exhaust.

Such effects are analyzed via a CFD based approach aiming at the comparison between
two different engine regimes. Furthermore, an experimental validation is also attained
through the comparison of numerical results with experimental tests conducted on a
single-cylinder research engine.

2. CFD Methodology

As stated above, the computational activities described in this work were conducted
with the purpose of analyzing the effect of rotational speed on the phenomena that char-
acterize dual fuel combustion. This objective is pursued by means of a well-established
methodology that was defined in previous work conducted by multiple authors that is
briefly recalled in the following paragraphs.

The models used for these calculations have already proven to be suitable for the
prediction of dual fuel operating conditions [7,8] in terms of pressure, combustion timing,
and especially methane ignition. In addition, in this work, the availability of in-cylinder
visualizations can represent an important validation tool for the assessment of the reliability
of these models and for the description of 3D species distributions.

Simulations are performed with the KIVA-3V code [20] on a computational domain
consisting of the in-cylinder volume, the external ducts, and the valve lift laws, as illustrated
in Figure 1. It is important to mention that the geometry of the CFD domain is similar but
not identical to the one of the single-cylinder research engine employed for the experiments.
The dimensions of the computed engine are reported in Table 1. As a matter of fact, the
main difference between the two engines (real and simulated) is the bowl shape. The
domain used for the numerical calculations is derived from a commercial six-cylinder
engine; therefore, this methodology can allow the extension of the experimental results
to practical applications. Hence, while the simulated engine is in the shape of a classic
Mexican hat bowl, the research optical engine has a flat bowl shape due to the presence of
the sapphire window.
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Table 1. Computation domain dimensions.

Bore 8.4 cm
Stroke 8.9 cm

Swept Volume 493.22 cm2

Combustion Bowl 26.4 cm2

The presence of the gas exchange phase resulting from the open valve periods requires
the calculation of multiple engine cycles to achieve the numerical convergence to the
periodic regime and longer computational time. On the other hand, it allows for the correct
estimation of (I) the turbulence flow field, (II) the homogenous charge formation, (III) the
volumetric efficiency, and (IV) the amount of residual gases in the cylinder.

The multi-block structured Cartesian mesh was obtained by using the ICEM meshing
tool. The cylinder and bowl volume discretization are composed of nearly 58,000 and
5000 cells, respectively.

The kinetic mechanism consists of 18 species (Table 2) and 12 reactions (Table 3).
Dodecane (C12H26) is used as a diesel oil surrogate, and its oxidation is represented by a
one-step reaction (RR1). The natural gas composition is assumed to be 100% methane, the
oxidation of which occurs following two parallel paths represented by low temperature
reactions (from RR3 to RR11 in Table 3) and the traction of the RR12 activated below and
above the threshold value of 1300 K, respectively. In both cases, oxidation is completed
through the reaction of RR2.

Table 2. Detailed species present in the mechanism.

1 C12H26 7 H2 13 HO2
2 O2 8 O 14 CH3
3 N2 9 N 15 H2O2
4 CO2 10 OH 16 CH2O
5 H2O 11 CO 17 CHO
6 H 12 NO 18 CH4

Table 3. Reaction mechanism.

RR1 C12H26 + 37/2O2 → 12CO2 + 13H2O
RR2 CO + 1/2O2 ↔ CO2
RR3 CH4 + O2 → HO2 + CH3
RR4 CH4 + HO2 → H2O2 + CH3
RR5 CH4 + OH → H2O + CH3
RR6 CH3 + O2 → CH2O + OH
RR7 CH2O + OH → CHO + H2O
RR8 CHO + O2 → CO + HO2
RR9 CHO + M→ CO + H + M
RR10 H + O2 + M→ HO2 + M
RR11 H2O2 → 2OH + M
RR12 CH4 + 3/2O2 → CO + 2H2O

It is important to highlight that the group of 9 reactions from RR3 to RR11 is a part
of the mechanism presented by Li and Williams [21], which consists of 127 reactions
and 31 species. It is capable of predicting methane ignition in dual fuel conditions for
temperatures between 1000 K and 2000 K, pressures between 1 bar and 150 bar, and
equivalence ratios between 0.4 and 3. However, below 1300 K, only the 9 reactions listed
can be considered enabled. Moreover, while the temperature and pressure ranges of
this mechanism are compatible with those of a high compression ratio diesel engine, the
methane–air equivalence ratio can fall outside the validity limits of the model at engine
part loads. However, earlier diesel fuel combustion can increase the local equivalence ratio
by consuming the oxygen inside the cylinder.
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As already stated, computations aim at providing a more comprehensive interpreta-
tion of the tests and completing the experimental information. To this purpose, a kinetic
mechanism including important species such as the OH radical is necessary to assess how
they can affect the overall oxidation process. In this regard, trends and distributions of the
OH radical produced by the experimental activity has been an important validation tool
for numerical models. In fact, this species represents a significant signal of combustion
activity since its formation occurs in the areas characterized by a high level of combustion
intensity.

In addition, the well-established set of reactions for the prediction of NOx formation
introduced by Zel’dovich [22] and six equilibrium reactions (Table 4) are elaborated in the
CFD code.

Table 4. Equilibrium reactions.

e.1 H2 ↔ 2H
e.2 O2 ↔ 2O
e.3 N2 ↔ 2N
e.4 O2 + H2 ↔ 2OH
e.5 O2 + 2H2O↔ 4OH
e.6 O2 + 2CO↔ 2CO2

The low equivalence ratios of the test cases that locate the mixture outside the flamma-
bility limits prevent an efficient flame propagation and then lead to a combustion model
with reactions through a turbulent kinetic interaction, such as the Finite Rate–Eddy Dissi-
pation (FRED) model, for the description of the combustion process.

The Finite Rate–Eddy Dissipation model compares the kinetic with the turbulent
reaction rate, and only the smallest one is chosen as the governing factor of combustion.
In the KIVA-3V code, the kinetic constant is calculated via the Arrhenius correlation as
follows:

k = ATnexp(−Ta/T) (1)

where A is the pre-exponential factor, n is temperature exponent, and Ta is the activation
temperature. The related values are provided by Li and Williams as shown in Table 5.

Table 5. Values of A, n and Ta [21].

Reaction A [mol, cm3, s] N [-] Ta [K]

RR1 8.00 × 10+11 0.0 15,780
RR2 7.9899 × 10+14 0.0 11,613
RR3 3.980 × 10+10 0.0 28,626
RR4 9.04 × 10+09 0.0 12,401
RR5 1.60 × 10+04 1.83 1395
RR6 3.30 × 10+08 0.0 4498
RR7 3.90 × 10+07 0.89 204.5
RR8 3.00 × 10+09 0.0 0.0
RR9 1.86 × 10+09 −1.0 8552

RR10 6.76 × 10+16 −1.4 0.0
RR11 1.20 × 10+14 0.0 22,901
RR12 1.6596 × 10+15 0.0 20,643

Alongside this, the turbulent reaction rate is expressed according to the Magnussen
and Hjertager correlation [23]:

ωt = C
ε

κ
min

(
x f , xox

)
(2)

where x f and xox are the mass fractions of fuel and oxygen, κ the turbulent kinetic energy, ε
the turbulent dissipation rate, and C is the proportional factor that depends on both the flow
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conditions and the fuel composition. However, due to the premixing of the methane with
air, for the reactions from 3 to 12 in Table 3, only the kinetic rate is considered. Consequently,
the methane ignition time delay, which is based on a chain of kinetic equations, may result
in different angular intervals depending on engine rotational speed. On the other hand,
the turbulent governed combustion processes (Equation (2)) are strictly dependent on the
specific dissipation rate, ε/κ. As such, the different engine regimes could imply changes in
the characteristic times of RR1 and RR2 reactions.

Clearly, diesel vapour ignition, and, consequently, methane ignition are influenced by
the liquid spray distribution and the atomization of the diesel droplets that are responsible
for the flame cores. The breakup of the fuel jet was simulated through the WAVE since this
model has demonstrated in previous works [3,24] to be reliable for the simulation of this
process.

3. Numerical Test Cases

Based on the available experimental data discussed in the next sections, numerical
tests were performed at two engine speeds, 1500 and 2000 rpm. The experiments were
selected to evaluate the influence of methane presence on the combustion characteristics
of an automotive diesel engine operating in dual fuel mode. The methane contribution is
defined in terms of energy supply ratio of methane to total energy. It corresponds to the
premixing level (Premixed Ratio—RP) quantified according to the following relationship:

RP =
mpLHVp

mpLHVp + mdLHVd
× 10 (3)

where mp and md are premixed (methane) and directly injected (diesel) fuels mass flow
rates, respectively, whereas LHVp and LHVd are the lower heating values of the methane
and diesel fuels. Hence, the premixed ratio equal to zero represents normal diesel operation
and an RP greater than zero represents dual fuel operation.

The engine operating data used in this work for the calculations and the related
boundary conditions are listed in Table 6. It is worth noting that for each test case, the
operating conditions are significantly far from the usual load levels of a diesel engine, as
demonstrated by the low values of thermal power and indicated mean effective pressure
(IMEP).

Table 6. Operating conditions in computational cases.

Engine Speed, rpm 1500 2000

RP [%] 22 22
Thermal Power (fuel LHV) [kW] 6.125 8.16

IMEP [bar] 3.73 3.13
Trapped Air Mass [mg/cycle] 742 730

Start of injection 6 BTDC 10 BTDC
Injected diesel oil [mg/cycle] 8.9 8.9

Diesel inj. duration [µs] 450 450
Trapped Methane Mass [mg/cycle] 2.14 2.14

Methane mass fraction [-] 0.00287 0.002923
Air/Fuel Ratio [-] 67.23 66.12

Fuel/Air Equiv. Ratio [-] 0.224 0.228
Methane/Air Equiv. Ratio [-] 0.0497 0.0505

Pressure [bar] 1.27 1.25
Temperature [◦C] 49 53

In previous works [6,8], the case of RP = 22% at 1500 rpm was widely investigated.
Results demonstrated that the numerical models were fully capable of reproducing the
experimentally detected phenomena and adding important information to the knowledge
of methane ignition. Therefore, a second case with the same premixed ratio (22%) but
at 2000 rpm was performed in order to investigate the effects of the engine speed on
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combustion. Moreover, a third case at 2000 rpm and with a reduced premixed ratio (18%)
was compared with the second one to test the sensitivity of the Li and Williams mechanism
with different methane/air equivalence ratios. For all of the investigated strategies, the
same amount of diesel fuel was injected by means of a single main injection that had the
same duration and injection pressure but a different start in order to compensate for the
effect of the changes in engine speed.

Methane was injected at 5 bar in the intake manifold with both the intake and exhaust
valves closed. This means that the premixed ratio of the intake charge depended solely
on the amount of the injected methane. From the values of them measured air and fuel
masses during the experiments, it was possible to obtain the mass fraction of methane,
since in the KIVA code, this parameter is required to set the inflow from the intake ducts.
The mixture composition inside the cylinder was calculated by the code itself thanks to
the presence of the gas exchange phase. Boundary conditions at open boundaries, such as
pressure and temperature, allowed for the calculation of mass and energy flows for the
next computational cycles.

3.1. Case#1: RP = 22% 1500 vs. 2000 rpm

The two cases that are analyzed in this section are characterized by the same rel-
ative amount of methane introduced into the intake manifold, which means the same
premixed ratio (22%) and difference in the engine speed of 1500 and 2000 rpm, respectively.
As anticipated, the engine speed variation induced changes in the interaction between
chemistry and in-cylinder fluid-dynamics. In particular, Figure 2 shows that swirl and
tumble ratios were substantially unchanged, and this means that the real swirl and tumble
intensities increased by a 1.33 times at 2000 rpm. Similarly, the specific dissipation rate that
strongly affects the turbulence = chemistry interaction appears to be higher in the crank
angle interval close to the top dead center in the 2000 rpm case (Figure 3). Consequently,
an acceleration in both reactant mixing rate and the early phases of combustion can be
expected.

In Figure 4, the comparison of numerical pressures calculated in the two cases high-
lights that, as expected, the increase of the engine speed and injection advance causes an
increase in the peak pressure.
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Indeed, in order to ensure sufficient time for the completion of the kinetic reactions,
the start of the diesel oil injection was advanced in the case with higher engine speed. In
addition, the injection start (SOI) values of the liquid fuel reported in Table 5 refer to the
current signal provided by the experimental activity. As a matter of fact, it is important
to mention that a delay of 300 µs is detected between the current signal and the actual
opening of the injector. Hence, the actual SOI are 3.3 BTDC and 6.4 BTDC. This means that
they are shifted by 2.7 deg and 3.6 deg at 1500 and 2000 rpm, respectively. The evolution of
a multiphase flow pattern is displayed in Figure 5; in both cases, it is possible to observe
the spreading of the seven liquid jets, and the progressive decrease of droplet presence
with the corresponding enlargement of the regions with vaporized fuel.
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Clearly, a different start of injection implies a different correspondence of time at each
crank angle. However, at 10 crank angle degree after top dead center (ATDC), almost the
same amount of time had passed since the injection start (≈1.37 ms at 2000 rpm against
≈1.48 ms at 1500 rpm), and in both cases, an almost complete vaporization of liquid
particles was achieved, and the diesel vapour distributions involved the same areas. This
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confirms that engine speed affects the swirl motion intensity and, consequently, a faster
atomization, vaporization, and diesel vapour consumption are obtained.

Temperature distributions in Figure 6 outline that, as observed for the pressure trends,
an increase in engine speed leads to a higher peak temperature, although the same regions
are affected by the higher temperatures.
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In Figure 7a, the mass fractions of both fuels are reported for the two examined cases.
As previously mentioned, the development of diesel vapour consumption is difficult to
evaluate due to the different engine speed and injection advance. However, in the 1500 rpm
case, the diesel vapour starts to burn later, as demonstrated by the lower slope of the curve
with respect to the 2000 rpm case, and a slower combustion is observed, as both curves
occupy the same angular interval that corresponds to a longer time interval in the 1500 rpm
case. In both cases, it is possible to state that methane combustion is only activated after
diesel vapour ignition. A zoom of the methane mass fraction is displayed in Figure 7b in
order to better display the main features of methane combustion. Indeed, as evidenced
by the dashed circle, a slight decrease in methane content occurs before the real ignition,
and this may be due to the activation of the low temperature reactions. This behaviour
was already observed in [7]. In addition, as illustrated in Figure 8, the same species, i.e.,
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CH3, H2O2 and CH2O, involved in the first reactions of the Li and Williams scheme are
activated before diesel oil ignition.
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Moreover, Figure 7b displays a lower presence of methane at the end of combustion at
2000 rpm but also displays a different mass fraction level of methane inside the cylinder as
the intake valve closes. This may be explained by the different charge formation estimated
during the mass exchange phase through the valves.

Additionally, it is well known that the volumetric efficiency and the air mass entering
the cylinder are affected by the engine speed. With the purpose of identifying the case
that presents a more efficient consumption of gaseous fuel, it is necessary to analyze the
fraction of burned methane.

As a matter of fact, Figure 9 confirms that the increase of speed can be beneficial for
methane combustion, as the higher burned methane fraction is obtained in the 2000 rpm
case. Nevertheless, the same figure illustrates that a great amount of unburned hydrocar-
bons is present in the exhaust. Methane distributions reported in Figure 10 demonstrate
that the region where the gaseous fuel is not able to be oxidized is the combustion bowl.
In this sense, a future optimization of the direction of the liquid fuel jets and the injection
timing could be appropriate to overcome this issue.

In Figure 11, the total fuel burning rate (FBR) shows a lower and retarded peak in the
1500 rpm case, as expected, due to the less efficient combustion of methane, evidenced in
Figure 9, and due to the lower advance of start of injection. Finally, Figure 12 displays that
higher concentrations of nitric monoxide are produced in the 2000 rpm case. This is mainly
due to the wider zones at achieved a higher temperature in this context, as previously
illustrated in Figure 6.
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3.2. Case#2: RP = 18% vs. 22% at 2000 rpm

In this sub-section, the sensitivity of the Li and Williams mechanism to different
methane equivalence ratios is tested by comparing the RP = 22% at 2000 rpm, which was
previously analyzed, with a case operating at the same engine speed but with a reduced
percentage of energy due to methane, such as RP = 18%. In order to explain the results,
the fact that that the different premixed ratios were obtained with a methane addition to
the baseline diesel oil amount should be considered. This choice is substantially different
from the more common dual fuel strategy, which consists of a diesel oil substitution with
methane.

The pressure curve for RP = 18% displays a slight decrease with respect to the RP =
22% case, as plotted in Figure 13. This was expected since a reduced amount of fuel, i.e.,
methane, was introduced inside the engine. Nevertheless, if compared to the 1500 rpm
case, which was previously illustrated in Figure 5, the pressure level is higher during the
entire combustion process. This means that the engine speed and the start of injection have
a more important effect than the amount of fuel on combustion.
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Temperature contours in Figure 14 only show slight differences since combustion
is mainly driven by diesel oil, and the start of injection and the amount of liquid fuel is
the same. For the same reason, Figure 15a also does not depict significant differences in
n-dodecane consumption. Additionally, in the same figure, it is possible to notice that
the combustion of methane is activated by diesel vapour ignition. A better overview of
the methane mass fraction, reported in Figure 15b, shows that the different RP values
result in different compositions of the charge trapped in the cylinder. As matter of fact,
the higher concentration of methane in the RP = 22% case provokes higher emissions of
unburned hydrocarbons, despite the fact that the RP = 18% case is characterized by a
slower consumption of methane, as confirmed by Figure 16. As previously mentioned,
these test cases are characterized by an extremely low equivalence ratio that locate the
mixture outside the flammability limits of methane. However, by comparing the methane
consumption of RP = 18% with RP = 22% at 1500 rpm, it is possible to observe that
increasing the amount of methane is necessary to promote the development of an efficient
gaseous fuel combustion.
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Figure 16. Methane burned fraction for RP = 22 and 18% at 2000 rpm.

Moreover, as previously mentioned, the Li and Williams reaction mechanism activates
a weak methane oxidation before combustion, which also occurs with the reduced amount
of methane in the RP = 18% case (Figure 15b). All of the above considerations are evidenced
in the methane distributions at different crank angles, which are illustrated in Figure 17.

The total fuel burning rates (FBR) in Figure 18 show a slightly lower and delayed peak
in the RP = 18% case, which can likely be explained by the reduced amount of methane
introduced in the cylinder. For the same reason, the mass fractions of nitric monoxide in
Figure 19 show that the reduction of methane in the RP = 18% case causes a decrease of
this pollutant species in the exhaust.
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Figure 19. Numerical NO fraction for RP = 22 and 18% at 2000 rpm cases.

Finally, the OH radical is an important species in the Li and Williams kinetic mecha-
nism (Table 3), but this new scheme only describes the methane ignition process. Moreover,
the oxidation of the gaseous fuel is activated by the first three reactions (RR3 to RR5)
that do not present this radical among the products; only reaction RR5 involves OH as a
reactant resulting from the equilibrium equations e.4 and e.5 from Table 4. The contours
of the OH mass fractions in Figure 20 illustrate that this radical is located in zones at
higher temperatures previously already discussed in Figure 14, confirming that this species
may represent an important marker of the intensity of combustion. As also suggested by
Figure 21, higher concentrations are observed in the RP = 22% case because OH is only
present in the kinetic mechanism of methane, and it is expected to be more present in cases
with a higher methane supply. Moreover, it is interesting to notice how the distributions
present the same shape: the two cases being performed at the same engine speed confirm
that the same swirl motion has been established inside the cylinder, show the involvement
of the same regions in the oxidation process.
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4. Experimental Activity

The experimental activity was conducted on a single cylinder, four-stroke, direct
injection, diesel engine, with a multi valve production head of a 2 L engine. The engine is
able to run continuously. Table 7 reports the specifications of the engine and the injection
system.

Table 7. Engine and injection systems specifications.

Engine Type 4-Stroke Single Cylinder

Bore 8.5 cm
Stroke 9.2 cm

Connecting rod length 16 cm
Swept volume 522 cm3

Combustion bowl 19.7 cm3

Vol. compression ratio 16.5:1

Diesel injection system Common rail DI
Injector type Solenoid driven, Minisac nozzle

Number of holes 7
Cone angle of fuel jet axis 148◦

Hole diameter 0.141 mm
Rated flow @ 100 bar 440 cm3/30 s
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Table 7. Cont.

Engine Type 4-Stroke Single Cylinder

Methane injection system PFI
Number of holes 1

Maximum injection pressure 5 bar
Rated flow @ 3 bar 1600 cm3/min

The production head was modified for the single cylinder research engine with partic-
ular attention to the water-cooling and lubricating oil head ducts. The transparent engine
utilized a classic extended piston with piston crown window with a diameter of 46 mm,
which was made of sapphire. Using a 45◦ UV–VISible mirror inside the extended piston, a
full view of the combustion bowl was detected (Figure 22).
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The engine was equipped with common rail injection system capable of a maximum
injection pressure of 1800 bar. The injector with a solenoid valve was centrally located, had
the same cylinder axis, and mounted a single guide microsac nozzle. The nozzle had seven
holes that were symmetrically distributed, and each hole had a convergent-divergent shape.
The number of injections (up to 5) per cycle, the start of injection (SOI), and the energizing
timing of injection (ET) as well as the dwell time between the consecutive injections were
managed by a fully flexible electronic control unit (ECU). In Table 7, the injection system
specifications are reported. On the other hand, the production intake manifold of the engine
was modified to add and set an electronic injector that is commonly used in modern port
fuel injection (PFI) systems of methane engines. It was applied directly into the non-swirl
actuated intake port, where it injected pure methane fuel. The PFI system was fed by a
compressed methane bottle at a working pressure of 5 bar. A delay unit synchronized with
the engine shaft encoder was used to control methane injection in terms of SOI and ET. The
delay unit generated a pulse that managed the PFI injection timing. The desired amount of
methane fuel was managed through the pulse width for each injection event.

In the experimental apparatus, sensors were installed to control the following parame-
ters over time: the engine temperature, the intake air temperature and pressure, and the
exhaust gas temperature and pressure. The Sensyflow FMT500-IG was used to measure
the air mass flow rate. More details and specifications of the engine are reported in ref. [5].

For each operating condition that was investigated, the cylinder pressure and the drive
injector current signals were digitalized and recorded every 0.2 crank angle (approximately)
degrees. The average in-cylinder pressure was calculated from 200 consecutive combustion
cycles. The heat release rate was calculated from the averaged pressure data via the typical
first law and perfect gas analysis [25]. During the test, the engine was stopped, and the
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piston window was cleaned. Table 8 shows the properties of the diesel and methane fuels
used in the tests.

Table 8. Chemical and physical properties for diesel and methane fuels.

Feature Diesel Methane

Chemical formula CnH1.8n CH4
Density @ 15 ◦C [kg/m3] 833.1 0.678

Viscosity at 40 ◦C [mm2/s] 3.141 -
Cetane number 51.8 -

Research Octane Number - >120
Lower heating value [MJ/kg] 42.97 50

Auto-ignition temperature [◦C] 220 650
Flammability limits [% vol] 0.6–7.5 5–15

A/F st 14.54 17.24
Carbon [%, mol/mol] 85.22 75

Hydrogen [%, mol/mol] 13.03 25
Nitrogen [%, mol/mol] 0.04 -
Oxygen [%, mol/mol] 1.45 -

Figure 22 displays the experimental set-up used for the digital imaging analysis to
perform the natural emission measurements of the flame intensity in the ultraviolet (UV)
and visible (VIS) range, respectively. Spectroscopic measurements were conducted by
means of a gated intensified CCD (ICCD) camera and a spectrograph at high sensitivity in
the UV–VIS range. Table 9 shows the prominent spectral peaks of the intermediates and
products of combustion in the UV and VIS regions [26].

Table 9. Emission peaks of major combustion species determined in the engine.

CH (nm) OH (nm) CH2O (nm) C2 (nm) HCO (nm) CN (nm)

314 368 470–474 320, 330 358
387–389 302–309 * 384 516 * 330, 340 387, 388

431 * 395 558–563 355, 360
412–457 380, 385

An asterisk symbol highlights the strongest emission bands.

The spectroscopic measurements detected the temporal evolutions and the spatial
distribution of the UV–VIS emission light of the typical combustion species. The images
were recorded with an ICCD camera. In particular, the OH spatial distribution was
investigated by applying a band pass filter at the 310 nm wavelength in front of the objective
lens [26]. The filter had a band width of +/− 5 nm. Only one image per engine combustion
cycle was acquired with a step of approximately 1◦. The ICCD camera synchronization
with the engine was obtained by means of a delay unit. In particular, the images and spectra
were detected with an exposure time of 55 and 41 µs. They correspond to a 0.5◦crank angle
at engine speeds of 1500 and 2000 rpm, respectively.

5. Experimental Validation

In this last section, a comparison of the numerical results with the experimental
measurements is necessary to evaluate the reliability of the Li and Williams model to
describe methane ignition in different operating conditions.

The calculated in-cylinder pressures reported in Figure 23 show a fair compliance with
the experimental measurements in both the RP = 22% and 18% cases, especially regarding
the compression and expansion phases. Besides the divergence near the TDC, the rise to
the peak and the peak are also correctly detected both in terms of the crank angle and the
pressure level. However, it is important to highlight an increase in pressure near the top
dead center before the real rise to the peak was detected in the experimental activity. This
detail could be due to the low temperature reactions already evidenced in the diagrams
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of the methane mass fractions (Figures 7b and 15b). This means that the Li and Williams
model seems capable of simulating the correct methane ignition, although the intensity of
these reactions cannot be observed in the pressure curve, and perhaps this is not sufficient
to provoke the pressure increase near the TDC.
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Figure 24 compares the calculated total fuel burning rate and the OH measured during
the experimental activity, both non-dimensional, since they are two different variables.
Nevertheless, it should be noted that the start of FBR perfectly matches the start of OH rad-
ical formation. It is likely that the low temperature reactions do not include the formation
of this radical, as is already highlighted in Figure 8. In addition, the peaks of experimental
OH are anticipated at only about 1 crank angle degree with respect to the peaks of fuel
burning rates. Since the Total FBR takes the consumption of both fuels into account, this
may be due to the full activation of methane combustion. Finally, the duration of both
combustion and OH radical presence shows a strong relationship. Therefore, based on
these assumptions, it is possible to affirm that the hydroxyl radical OH can represent an
important signal for the description and development of dual fuel combustion.
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Figure 24. Non-dimensional experimental OH and numerical FBR curves in (a) RP = 22% and (b) RP = 18% cases @
2000 rpm.
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6. Conclusions

Supplying diesel engines with natural gas in dual fuel mode allows the revaluation of
this well-established technology by exploiting the advantages of a gaseous fuel to meet
environmental requirements. However, a correct understanding and description of the
combustion process are necessary for the research of optimization strategies in energy
conversion that avoid emissions of unburned hydrocarbons caused by the incomplete
oxidation of natural gas and the consequent improper exploitation of its energy content.

For these reasons, the effects of the engine speed on dual fuel combustion development
are analyzed via a CFD based approach on a light duty dual fuel diesel engine supplied
with an increasing amount of methane. The injection of diesel oil is unchanged, except
for the start, which has to be anticipated when increasing the speed regime. In particular,
two engine speeds (1500 and 2000 rpm) and two different methane energy supplies (RP
= 22 and 18%) were investigated. Moreover, the sensitivity of the Li and Williams model
for the description of methane ignition has been tested when the engine speed varies the
conditions of premixing formation inside the cylinder.

Results showed that the swirl and tumble intensities and the specific dissipation
rate increased proportionally to the engine speed. These variables strongly affect the
turbulence–chemistry interaction by improving the atomization, mixing of reactant species,
and chemical kinetics, leading to higher pressure levels and temperature peaks, even when
a lower amount of methane was introduced in the cylinder. Indeed, in the 1500 rpm
case, the diesel vapour started to burn later, and a slower combustion was observed with
respect to the 2000 rpm case. Additionally, the speed increase can be beneficial for methane
combustion, as a higher burned methane fraction was obtained in the 2000 rpm case. In
addition, a lower presence of methane at the end of combustion at 2000 rpm was observed,
as was a different mass fraction level of methane inside the cylinder as the intake valve
closed, demonstrating that a different charge formation was estimated during the mass
exchange phase through the valves.

The Li and Williams model proved its capability to describe the first phase of methane
oxidation by detecting a slight decrease before real ignition due to the activation of low
temperature reactions at 2000 rpm.

Finally, a validation of the simulations was achieved through a comparison with
the experimental measurements obtained from an experimental activity conducted on an
optically accessible single-cylinder research engine. In particular, the spatial distribution
and temporal evolutions of the UV–VIS emission allowed the visualization of the OH
radical, which represents an important marker of the intensity and the development of
combustion, which was confirmed by the numerical outcomes in terms of the total fuel
burning rate.
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Nomenclature

ATDC After Top Dead Center
BTDC Before Top Dead Center
CFD Computational Fluid Dynamics
DI Direct Injection
ECU Electronic Control Unit
FBR Fuel Burning Rate
FRED Finite Rate—Eddy Dissipation
IMEP Indicated Mean Effective Pressure
LHV Lower Heating Value
NG Natural Gas
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PFI Port Fuel Injection
PM Particulate Matter
RP Premixed Ratio
SOI Start of Injection
THC Total Hydrocarbons
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