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Abstract: CO2-based transcritical refrigeration cycles are currently gaining significant research
attention, as they offer a viable solution to the use of natural refrigerants (e.g., CO2). However, there are
almost no papers that offer an exergoeconomic comparison between the different configurations of
these types of systems. Accordingly, the present work deals with a comparative exergoeconomic
analysis of four different CO2-based transcritical refrigeration cycles. In addition, the work is
complemented by an analysis of the CO2 abatement costs. The influences of the variation of the
evaporating temperature, the gas cooler outlet temperature, and the pressure ratio on the exergy
efficiency, product cost rate, exergy destruction cost rate, exergoeconomic factor, and CO2 penalty
cost rate are compared in detail. The results show that the transcritical cycle with the ejector has the
lowest exergetic product cost and a low environmental impact.

Keywords: exergoeconomics; transcritical refrigeration; exergy destruction; product cost

1. Introduction

Carbon dioxide (CO2) is a natural refrigerant that in past decades has been widely used in
compression refrigeration systems due to its low cost, low global warming potential, zero ozone
depletion potential, and non-flammability. Carbon dioxide can be used in refrigeration processes
such as cascade systems and in transcritical systems. When transcritical CO2 is operated at high
ambient temperatures, its energy performance is low by comparison to conventional hydrofluorocarbon
refrigerants due to its thermodynamic properties. As a result, several researchers have conducted
studies in an effort to improve the energy performance [1,2], considering that the throttling phase
through which a refrigerant passes causes the greatest loss of work [3], amongst other factors. Therefore,
in order to reduce the irreversibilities in the expansion of a refrigerant, a common modification is the
use of a turbine or an ejector as a throttling device instead of a conventional valve. This has been shown
to increase the energy performance in a cycle, either through an increase in the cooling capacity or by a
decrease in the compressor’s power consumption. Elbel and Hrnjak [4] experimentally evaluated a
transcritical CO2 refrigeration system with an ejector and achieved improvements in the coefficient of
performance (COP) for a basic cycle with an expansion valve. The increase in the COP obtained in the
study was 7%, which also reduced the irreversibilities in the throttling to about 14.5%. Kursad and
Nagihan [5] evaluated the irreversibilities in a transcritical cycle with an ejector and compared them
to the turbine cycle and expansion valve systems. The results showed that the irreversibilities of the
ejector system were reduced to 39.1% and 5.46% in comparison to basic and turbine–expander systems,
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respectively. A variety of reviews in the literature summarize the use of ejectors as expansion devices
in the transcritical cycle [6,7]. Therefore, various papers show that energy improvements are produced
by an ejector when it is included in the transcritical refrigeration cycle.

The use of a turbine as an expansion device produces a reduction in the compressor’s energy
consumption. For example, Yang et al. [8] found that when using a turbine, the respective COP and
exergy efficiency were, on average, 33% and 30% superior to those obtained with an expansion valve.
In this regard, most of the studies on transcritical CO2 refrigeration systems have used a turbine and
have reported improvements in the COP of greater than 30% [9]. Another common modification to
the refrigeration cycle is the integration of an internal heat exchanger (IHX), the purpose of which
is to increase the energy performance of the cycle by improving its cooling capacity. For instance,
Boewe et al. [10] conducted an experimental study consisting of 178 tests for a prototype transcritical
refrigeration system and found a substantial improvement of 25% by incorporating an IHX into the
cycle. Meanwhile, Wang et al. [11] used an IHX in the transcritical refrigeration cycle and concluded
that the IHX produced relatively low power in the compressor when the high-pressure side was over
100 bar and the evaporation temperature was under 0 ◦C. Nilesh et al. [12] experimentally determined
that through the use of an IHX in a transcritical cycle, the COP and exergy efficiency could be increased
by 5.71% and 5.05%, respectively, at a room temperature of 45 ◦C and an evaporation temperature of
−5 ◦C.

On the other hand, exergoeconomic analysis, based on thermodynamic analysis, is a tool intended
to diagnose, improve, and optimize the design and operation of an energy system [13,14]. In the case
of refrigeration systems, the exergoeconomics is used to estimate the total cost of cold production,
and can also be used to optimize energy systems [15]. Various studies can be found in the literature
on transcritical systems in which exergy and exergoeconomic analyses were conducted [16–18].
For example, Gullo and Cortella [19] conducted a comparative study of different configurations
in supermarkets, with an emphasis on the use of an ejector as an expansion device. Their results
showed that implementing an ejector reduced the final cost of the product by 22.7% in comparison
to the basic cycle, which traditionally utilizes an expansion valve. This result was achieved for
medium-temperature refrigeration in the range of 30–42 ◦C. Nilesh et al. [20] conducted a comparative
study of five transcritical configurations and found that the highest annual energy saving was 22.16%
for a parallel compression configuration when using an expander in the throttling stage.

On the basis of the above, several studies have proposed improvements in the COP of transcritical
refrigeration systems and have carried out exergy and exergoeconomic analyses with certain
configurations of the transcritical cycle. In this article, a broader and more representative exergy and
exergoeconomic study are shown by including four transcritical cycle configurations. The objective is
to define the exergy destruction cost, exergy efficiency, unit exergy cost of the product, CO2 cost rate,
and exergoeconomic factor for a basic cycle, ejector cycle, turbine cycle and internal heat exchanger
cycle. The analysis was performed by varying the parameters, namely the gas cooler outlet temperature,
evaporating temperature and pressure ratio. An in-depth discussion of the results is then provided to
support the conclusions of the study.

2. System Configurations and Assumptions

2.1. Description of the Configurations

As noted above, four different configurations of the CO2-based transcritical refrigeration cycles
were analyzed, namely: (a) the basic cycle; (b) a cycle with an internal heat exchanger; (c) a cycle with
a turbine; (d) a cycle with an ejector. Table 1 presents the operating conditions under which the four
mentioned configurations were simulated. Most of the operating conditions were drawn from [1] and
represent the conditions in refrigeration applications at medium temperatures.
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Table 1. Proposed operating conditions for the transcritical cycle in the simulation.

Parameter Value

Evaporating temperature 263 K
Gas cooler temperature 308 K
Isentropic efficiency of the compressor ηc = 1.003− 0.121

(
P2
P1

)
[21]

Isentropic efficiency of the turbine 0.75
Internal heat exchanger effectiveness 0.5
Nozzle efficiency 0.85
Diffuser efficiency 0.85
Cooling capacity 7 kW
Pressure drop in the suction nozzle 0.03 MPa [22]

Environmental state 298 K
1.01 MPa

The basic transcritical refrigeration cycle layout is depicted in Figure 1. The Ph diagram shows
the thermodynamic states through which the CO2 passes across the entire cycle. The components
of the basic configuration are primarily the compressor, the gas cooler, the expansion valve, and the
evaporator. In addition, a liquid container guarantees saturated vapor at the compressor’s inlet.
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Figure 1. Schematic diagram of a basic transcritical CO2 refrigeration cycle (model 1: base cycle).

Amongst the most modern configurations used to improve the COP of a refrigeration cycle is a
configuration using an IHX. This has a dual effect in the cycle, on the one hand increasing the degree of
subcooling at the exit of the gas cooler, while on the other hand increasing the degree of superheating
at the exit of the evaporator, as is shown in Figure 2. This results in an increase in the cooling capacity
of the cycle, and therefore an improvement in its COP. In the current literature, some authors have
shown the thermodynamic advantages of having an IHX in a transcritical cycle [23].

Another alternative that can be used to improve the COP of a refrigeration cycle is the replacement
of the common expansion device with a turbine, which results in an increase in the COP by taking
advantage of the work generated during the expansion of the working fluid, reducing the energy
consumption of the compressor, as long as the system allows the turbine and compressor to be coupled
to the same shaft. Another advantage of the use of a turbine is the reduction of the irreversibility
enabled by the common expansion valve, which affects the COP. The main disadvantage of the inclusion
of the turbine in the cycle relates to its high investment cost, as proportionally the cost is relatively high
compared to expansion devices. The scheme for a cycle involving the incorporation of an expansion
turbine is shown in Figure 3.
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Figure 2. Schematic diagram of a transcritical CO2 cycle with an internal heat exchanger (model 2:
internal heat exchanger (IHX) cycle).
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Figure 3. Schematic diagram of the transcritical CO2 cycle with a turbine (model 3: turbine cycle).

Figure 4 shows the schematic diagram of a transcritical refrigeration cycle with an ejector and its
corresponding Ph diagram. Besides having the same components as the basic cycle, this configuration
has a liquid–vapor separator and an ejector as the main expansion device. The ejector is a device
comprising three fixed elements. A nozzle accelerates the mass flow rate from the gas cooler, creating a
pressure drop below the evaporation pressure. In turn, a mixing chamber mixes the two streams at a
constant pressure, whereas a diffuser decelerates the final mixture with increasing pressure [24].

The entrainment ratio is one of the most important parameters used to describe the ejector’s
performance. In this study, the characterization of this parameter varied according to the operating
conditions. Additionally, some considerations were considered to reduce the complexity of the model:

(1) The compressor, ejector, and turbine have fixed isentropic efficiencies;
(2) The refrigerant at the evaporator outlet is saturated vapor;
(3) The pressure drops and heat losses in the gas cooler and evaporator, as well as in the piping

systems, are negligible;
(4) A constant cooling capacity for the system.
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2.2. Mathematical Models

2.2.1. Exergy Model

Exergy (also called availability) is the maximum useful work that can be obtained in a specified
state and environment condition. The total exergy of a system consists of four components: physical,
chemical, kinetic, and potential exergy [25]:

.
Esys =

.
E

PH
+

.
E

CH
+

.
E

KN
+

.
E

PT
(1)

However, as there are no velocity or level changes in the system, only the physical and chemical
components of exergy are considered:

.
Esys =

.
E

PH
+

.
E

CH
(2)

Therefore, the physical exergy can be calculated with the following equation:

.
E

PH
=

.
m[(h− h0) − T0(s− s0)] (3)

Furthermore, assuming that the fluid’s chemistry does not change as it passes through the different
equipment, it is also neglected. The exergy balance of the total system becomes:

.
EF,tot =

.
EP,tot +

∑
k

.
ED,k +

.
EL,tot (4)

The exergy balance for each component is:

.
EF,k =

.
EP,k +

.
ED,k (5)

The exergy efficiency is given by the following equation:

ε =

.
EP,tot
.
EF,tot

(6)
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2.2.2. Exergoeconomic Model

According to the premise of thermoeconomics, all costs are associated with their corresponding
exergy streams [16]. Therefore, the exergy-based cost balance equation for any component is given as:

.
CP,k =

.
CF,k +

.
Zk (7)

where
.
CP,k and

.
CF,k stand for the cost rate associated with the product and fuel of the k-th component,

respectively, or alternatively in terms of average costs per unit of exergy (cp and cF):

.
CP,k = cP,k

.
EP,k (8)

.
CF,k = cF,k

.
EF,k (9)

For the evaluation of the unit cost of the product, the following equation is used:

cP,k =
cF,k

.
EF,k +

.
Zk

.
EP,k

(10)

The levelized investment cost rate associated with the investment (CI), operation, and maintenance
(OM) of the k-th component can be given as

.
Zk:

.
Zk =

.
Z

CI
k +

.
Z

OM
k (11)

where the levelized capital investment rate,
.
Z

CI
k , is given by:

.
Z

CI
k =

CRF·∅
τop

∗ ICC (12)

where τop is the yearly operating time (7000 h), ∅ denotes the maintenance factor with a value of
1.06 [26], and ICC stands for the investment capital cost of the equipment. The capital recovery factor
(CRF) can be calculated [27–29] as:

CRF =
ir·(1 + ir)

n

(1 + ir)
n
− 1

(13)

Here, ir stands for the interest rate (15%) and n is the expected lifetime of the plant (20 years) [27–29].
Table 2 provides the equations used for the calculation of the ICC values for each equipment setup.
Moreover, in order to identify the relative significance of non-exergy-related costs (i.e., capital

investment, operational, and maintenance costs) and irreversibility costs (i.e., exergy destruction),
the exergoeconomic factor for the k-th component can be calculated [30] as:

fk =

.
Zk

.
Zk + cF,k

.
ED,k

(14)

where
.
Zk is the total cost rate ($/h), cF,k the unit cost of fuel ($/kJ), and

.
ED,k stands for the exergy

destruction rate (kJ/h).
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Table 2. Cost function equations of the equipment considered in the refrigeration cycles.

Equipment Cost Function Equations Reference Values Ref.

Compressor ICC = 10167.5·
.

W
0.46 [31]

Evaporator ICC = ICCre f

(
A

Are f

)0.6 ICCref = 16000
Aref = 100 m2 [32]

Gas cooler ICC = ICCre f

(
A

Are f

)0.6 ICCref = 8000
Aref = 100 m2 [32]

Internal heat exchanger ICC = ICCre f

(
A

Are f

)0.6 ICCref = 12000
Aref = 100 m2 [32]

Ejector ICC = 0
Expansion valve ICC = 133

Additionally, it should be noted that the cost of the equipment is given for a reference year,
and therefore it is necessary to update it to the considered year with the following equation:

Original cost = re f erence cost·
[

cost index o f the original year
cost index o f the re f erence year

]
(15)

For this study, the reference year for the cost of the equipment was 2010, and so these values were
updated to 2020. Finally, Table 3 summarizes the exergy and exergoeconomics equations for each piece
of the equipment that was part of the different refrigeration cycles.

Table 3. Summary of the exergy and exergoeconomic equations for all refrigeration cycles.

Component Exergy Analysis Exergoeconomic Analysis

Compressor
.
EF,comp =

.
Wcomp

.
Co −

.
Ci =

.
Ccomp +

.
Zcomp.

EP,comp =
.
Eo −

.
Ei

.
Ccomp =

.
Wcomp ∗Celec

Gas cooler
.
EF,gasc =

.
Ei −

.
Eo

.
CP,gasc =

.
Ci −

.
Co +

.
Zgasc

.
EP,gasc =

(
1− T0

Tgasc

) .
Qgasc

.
CP,gasc =

.
EP,gasc ∗CP,gasc

Expansion valve
.
EF,expval =

.
Ei,

.
EP,expval =

.
Eo

.
Co =

.
Ci +

.
Zexpval

Evaporator

.
EF,evap =

.
Ei −

.
Eo

.
CP,evap =

.
Ci −

.
Co +

.
Zevap

.
EP,evap =

(
1− T0

Tevap

) .
Qevap

.
CP,evap =

.
EP,evap ∗CP,evap

Co = Ci

Ejector
.
EF,ejec =

∑ .
Ei.

EP,ejec =
.
Eo

.
Cp, ejec =

∑ .
Ci +

.
Zejec

aTurbine

.
EF,turb =

.
Ei −

.
Eo

.
CP,turb =

.
Ci −

.
Co +

.
Zturb.

EP,turb =
.

Wturb
.
CP,turb =

.
EP,turb ∗Cp,turb

Co = Ci

Internal heat
exchanger

.
CP,IHX =

.
CF,IHX +

.
ZIHX.

EP,IHX =
.
Ec,o −

.
Ec,i

.
CP,IHX =

.
EP,IHX ∗CP,IHX.

EF,IHX =
.
Eh,i −

.
Eh,o

.
CF,IHX =

.
EF,IHX ∗CF,IHX

Ch,o = Ch,i

2.2.3. Environmental Model

To complement this study, an environmental analysis is included that considers a simple model to
determine the CO2 penalty cost rate related to the electricity consumption of the compressor. Thus,
the equation used is:

.
Cenv =

.
mCO2·CCO2 (16)
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where Cco2 is the cost of avoided CO2, which takes the value of 0.09 $/kg of CO2 [33], and
.

mCO2 is the
annual amount of emitted CO2, which can be calculated as:

.
mCO2 = µCO2·

.
Eannual (17)

where µCO2 = 0.968 kg
kWh and

.
Eannual is the annual electrical energy consumption of the system in kWh.

3. Results

This section analyzes the influences on the exergy and exergoeconomic parameters of three of the
main operating variables in the refrigeration cycles, namely the evaporating temperature, gas cooler
outlet temperature, and compressor pressure ratio. The particular conditions under which the results
were obtained are indicated in the graphs. For the sake of comparison, the same cooling capacity
(Qevap = 7 kW) was considered in each of the refrigeration cycles cases.

3.1. Exergy Analysis

Figure 5 illustrates the variation in the exergy efficiency with the evaporating temperature, the gas
cooler outlet temperature, and the compressor pressure ratio for each of the transcritical refrigeration
cycles selected herein. As per Figure 5a, the lowest exergy efficiency was revealed by the basic cycle,
as expected. This was followed by the IHX cycle, then the turbine cycle, and finally by the ejector cycle
with the highest exergy efficiency.
Energies 2020, 13, x FOR PEER REVIEW 9 of 15 

 9 

 

Figure 5. Variations in exergy efficiency due to the: (a) evaporating temperature; (b) gas cooler outlet 

temperature; (c) pressure ratio. 

3.2. Exergoeconomic Analysis 

Figure 6 reveals the variations in the product cost rate as a function of (a) the evaporation 

temperature, (b) the cooler gas outlet temperature, and (c) the pressure ratio in the compressor. 

Referring to Figure 6a, the reduction in the evaporating temperature causes the product in the 

refrigeration system to be slightly more economical. When comparing this trend to that of the exergy 

efficiency (see Figure 5a), it can be seen that they are opposites. Increasing the exergy efficiency 

results in a reduction in the product cost. The maximum costs for the refrigeration cycles turn out to 

be 0.65 $/h for both the basic cycle and the cycle with IHX, 0.38 $/h for the cycle with the turbine, and 

finally 0.3 $/h for the cycle with the ejector. 

Figure 5. Variations in exergy efficiency due to the: (a) evaporating temperature; (b) gas cooler outlet
temperature; (c) pressure ratio.

The maximum difference in exergy efficiency between the basic cycle and that with the ejector was
approximately 59% at −10 ◦C. In all cases, decreasing the evaporating temperature had a slight positive
effect on the system’s exergy efficiency. This effect was caused by the reduction in the evaporating
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temperature and the exergy in the cooling chamber increasing (although the work of the compressor
increased), which caused the efficiency of the cycles to decrease.

On the contrary, Figure 5b reveals a significant effect of the gas cooler outlet temperature on
the exergy efficiency. It can be observed that by increasing the temperature of the gas cooler outlet
from 25 ◦C, the exergy efficiency of the basic cycle, as well as that of the cycles with IHX and the
turbine, gradually decrease shortly before 35 ◦C, after which a more rapid decrease can be observed.
An increase of 5 ◦C beyond this point represents a drop in exergy efficiency of about 40% for the basic
cycle and the one with a turbine, and 36% for the cycle with the IHX. In the case of the cycle with the
ejector, the impact is not as remarkable. For instance, prior to 35 ◦C, a 5 ◦C increase in temperature
represents a negative impact of no more than 3% on the exergy efficiency. Beyond that point, the same
difference in temperature has an influence of approximately 18% on the exergy efficiency.

Figure 5c shows the effect of the compressor pressure ratio on the exergy efficiency rates of the
four cycles for evaporating and gas cooler outlet temperatures of −10 ◦C and 35 ◦C, respectively. It is
interesting to note how the exergy efficiency curve of the ejector refrigeration cycle differs significantly
from those of the other refrigeration cycles. It falls slowly over the entire range of pressure ratios
considered herein, within which its maximum drop is approximately 9%. In the case of the other
refrigeration cycles, the exergy efficiency increases substantially in the first range, going from 2.8 to
the optimum pressure ratio of 3.3 (value with which the simulations are performed in this study).
This increase is approximately 240% for the basic cycle, 150% for the refrigeration cycle with the IHX,
and finally 125% for the refrigeration cycle with the turbine. Beyond this point, the exergy efficiency of
the refrigeration cycles decreases.

This finding can be explained by the fact that by increasing the pressure ratio, the pressure at the
compressor inlet is lower (at the constant outlet pressure), which causes an increase in the work of the
compressor and in the exergy of the evaporator. Below the optimum pressure ratio, the increase in the
evaporator’s exergy is greater than the increase in the compressor work, which causes the increase
in exergy efficiency. Beyond the optimum point, the increase in compressor performance is greater,
and therefore the exergy efficiency decreases.

3.2. Exergoeconomic Analysis

Figure 6 reveals the variations in the product cost rate as a function of (a) the evaporation
temperature, (b) the cooler gas outlet temperature, and (c) the pressure ratio in the compressor.
Referring to Figure 6a, the reduction in the evaporating temperature causes the product in the
refrigeration system to be slightly more economical. When comparing this trend to that of the exergy
efficiency (see Figure 5a), it can be seen that they are opposites. Increasing the exergy efficiency results
in a reduction in the product cost. The maximum costs for the refrigeration cycles turn out to be 0.65 $/h
for both the basic cycle and the cycle with IHX, 0.38 $/h for the cycle with the turbine, and finally 0.3 $/h
for the cycle with the ejector.

Figure 6b illustrates a marked influence of the gas cooler outlet temperature on the product cost
rate for the refrigeration cycles at 35 ◦C, with a constant evaporating temperature and a pressure ratio
of 2.67. For all refrigeration cycles, except for that with the ejector, the reduction in the gas cooler outlet
temperature leads to a fairly significant cost reduction. In the particular case of the basic cycle, lowering
the temperature from 45 ◦C to 35 ◦C implies a cost reduction of at least 75%. This trend is primarily due
to the reduction in the exergy efficiency of the cycle, as is shown above in Figure 5b. In addition, it can
be seen that below 35 ◦C, the cost of the product virtually remains constant. In contrast, the product
cost rate of the refrigeration cycle with the ejector is slightly reduced by increasing the temperature of
the gas cooler outlet. This finding may be explained by the fact that the use of the ejector reduces the
irreversibilities in the refrigeration cycle.
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The effect of the pressure ratio is also important for the product cost rate, as is shown in Figure 6c.
In the case of the basic cycle, the production cost rate falls by approximately 73%, whereas for the cycle
with the IHX, the drop is only 60%. For the turbine, the impact of the pressure ratio is still important.
In the case of the refrigeration cycle with the ejector, the change in the pressure ratio does not have a
major effect; in fact, it remains fairly constant throughout the selected pressure ratio range. The same
behavior can be observed for the subsequent refrigeration cycles after the optimal pressure ratio has
been reached. At a pressure ratio of 4.8, the maximum cost difference between the basic or exchanger
cycle and the ejector cycle is given, which is approximately 0.35 $/h.

The destruction of the exergy also incurs a cost generated by internal or external irreversibilities
in the system, which must be taken into account in any exergo-economic analysis, as it is part of the
cost of the final product [28]. Figure 7a, for example, reveals a slight variation in the ratio of the cost
of the exergy destruction. In this scenario, the refrigeration cycle with the IHX is the one that shows
the highest exergy destruction cost out of all cycles within the considered evaporating temperature
range. The maximum cost is 1 $/h at −10 ◦C and the minimum cost is 0.85 $/h at −2 ◦C. As expected,
the minimum cost is revealed by the refrigeration cycle with an ejector, which is 0.13 $/h on average
over the entire temperature range.

In contrast, the cost trend for the exergy destruction is to increase when the exit temperature of
the cooler gas increases (see Figure 7b). However, it is noteworthy that the cost of exergy destruction
decreases in the ejector cycle as the gas cooler outlet temperature increases. This is because the use of
an ejector in the refrigeration cycle reduces the compression work as the temperature of the gas cooler
outlet increases, and so the exergy destruction, and therefore its cost, is reduced. It is important to note
that the change in the costs of the exergy destruction occurs at a gas cooler outlet temperature of 35 ◦C.
The exergy destruction cost of the cycle with the IHX is about 89% higher than that of the refrigeration
cycle with the ejector.
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Moreover, the variation in the exergy destruction cost with respect to the compressor pressure ratio
for each of the refrigeration cycles is shown in Figure 7c. The most remarkable result to emerge from
this is that for the basic cycle at the lowest pressure ratio, the cost is as much as 4 $/h, which represents a
fairly significant economic loss compared to either a turbine or an ejector cycle. The exergy destruction
cost inflection occurs at the optimum pressure ratio, from which it remains virtually constant for all
cycles at pressure ratios higher than this.

With respect to the exergoeconomic factor, Figure 8 reveals how the variations in (a) the evaporating
temperature, (b) the gas cooler outlet temperature, and (c) the pressure ratio in the compressor influence
its behavior according to the conditions considered in each particular case. In the first case, the variation
in the evaporating temperature does not significantly affect the exergoeconomic factor of any of the
refrigeration cycles. It is important to note the fact that the exergoeconomic factor of the cycle with the
turbine is on average slightly higher than that of the cycle with the ejector. This is primarily due to the
investment cost of the turbine, which is higher than that of the ejector. The exergoeconomic factor
of the basic cycle is 0.3 units below the cycles mentioned above, whereas the cycle with the IHX is
0.45 units below. This implies that these two cycles are less efficient, as their exergy efficiency decreases,
as is discussed in Figure 5a. A possible explanation is that by increasing the evaporation temperature,
the irreversibilities increase, which makes the exergoeconomic factor decrease. Otherwise, to increase
the exregoeconomic factor of the two cycles, internal or external irreversibilities would have to be
reduced, which could possibly be achieved with more efficient equipment.

In the case of the variations in the gas cooler’s outlet temperature, as shown in Figure 8b, a greater
effect on the exergoeconomic factor can be seen. The trend for the exergoeconomic factor values when
increasing the temperature is downward, except for in the case of the cycle with the ejector. This trend
is consistent with that observed previously in the exergy efficiency analysis. Above 35 ◦C, the drop
in the factor is more noticeable. On the other hand, the exergoeconomic factor of the cycle with the
ejector tends to increase as the exit temperature of the gas cooler does. Therefore, the thermodynamic
gain of the refrigeration cycle is evident when the ejector is included.
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Figure 8c shows that the exergoeconomic factor values of the cycles, except for the ejector, grow as
the pressure ratio increases. This finding is associated with an increase in the exergy efficiency, i.e.,
the reduction of irreversibilities. At the optimum pressure ratio (3.3), the factor remains constant until
the end of the considered range is reached; however, it can be seen that for the turbine cycle, the factor
tends downwards. In the case of the cycle with the ejector, the exergoeconomic factor increases slightly
as the pressure ratio does. For these two cases in particular, this finding is mostly due to the increased
cost of the exergy destruction under these same conditions.

As far as the environmental analysis is concerned, Figure 9a shows a comparison of the CO2

cost rate (i.e., the penalty cost rate) calculated for each of the refrigeration cycles as a function of
the evaporating temperature. This cost particularly considers the CO2 emissions emitted into the
environment because of the consumption of electrical energy. Accordingly, the penalty cost rate is
decreased by increasing the evaporating temperature. Moreover, the higher and lower penalty cost
rates belong to the basic cycle (0.28 $/h on average) and that with the ejector (0.10 $/h), respectively.
Note that these correspond to systems with lower and higher exergy efficiencies (see Figure 5a).
Figure 9b illustrates the increase in the penalty cost rate as the outlet temperature of the gas cooler
increases for the cases of the basic cycle with IHX and the turbine. In the particular case of the
basic cycle, the penalty cost rate increases from 0.25 to 1.12 $/h at a temperature difference of 20 ◦C.
In contrast, the penalty cost ratio in the ejector refrigeration cycle tends to be reduced within the same
temperature difference.

Finally, the variations in the penalty cost rate due to changes in the compressor pressure ratio
are shown in Figure 9c. It is interesting to note that as the pressure ratio increases until it reaches its
optimum value, the penalty cost of the refrigeration cycle decreases, except for the cost of the ejector
cycle. This last segment increases by only 2% in the selected range. Beyond the optimum pressure rate,
the cost of the other cycles increases by about 2% as well. Hence, from an environmental point of view,
the most preferable refrigeration cycle is that with the ejector.



Energies 2020, 13, 6454 13 of 15

Energies 2020, 13, x FOR PEER REVIEW 13 of 15 

 13 

contrast, the penalty cost ratio in the ejector refrigeration cycle tends to be reduced within the same 

temperature difference. 

 

Figure 9. Variations of the CO2 penalty cost rate due to the: (a) evaporating temperature; (b) gas cooler 

outlet temperature; (c) pressure ratio. 

Finally, the variations in the penalty cost rate due to changes in the compressor pressure ratio 

are shown in Figure 9c. It is interesting to note that as the pressure ratio increases until it reaches its 

optimum value, the penalty cost of the refrigeration cycle decreases, except for the cost of the ejector 

cycle. This last segment increases by only 2% in the selected range. Beyond the optimum pressure 

rate, the cost of the other cycles increases by about 2% as well. Hence, from an environmental point 

of view, the most preferable refrigeration cycle is that with the ejector. 

4. Conclusions 

In this study, an advanced exergoeconomic method was used to compare in detail the behavior 

of four transcritical refrigeration systems, namely: a basic cycle, a cycle with an internal heat 

exchanger, one with a turbine, and one with an ejector. Balance equations were developed for the 

exergy and exergoeconomics of each of the components in the different cycles. These equations were 

programmed using EES software (v9, Madison, WI, USA). Additionally, the abatement cost of CO2 

was included to extend the analysis and was based on a comparison through a parametric analysis. 

The varied parameters were the evaporating temperature, the gas cooler outlet temperature, and the 

compressor pressure ratio. The performance indices were the exergy efficiency, the product cost rate, 

the exergy destruction cost rate, the exergoeconomic factor, and the CO2 penalty cost rate. The main 

conclusions of this study are summarized as follows: 

 The highest exergy efficiency was achieved for the ejector cycle, reaching an average value of 

33%. As expected, the basic cycle had the lowest exergy efficiency. In the exergy efficiency 

behavior, it was observed that the evaporation temperature was the variable that least 

influenced the measurements; 

Figure 9. Variations of the CO2 penalty cost rate due to the: (a) evaporating temperature; (b) gas cooler
outlet temperature; (c) pressure ratio.

4. Conclusions

In this study, an advanced exergoeconomic method was used to compare in detail the behavior of
four transcritical refrigeration systems, namely: a basic cycle, a cycle with an internal heat exchanger,
one with a turbine, and one with an ejector. Balance equations were developed for the exergy and
exergoeconomics of each of the components in the different cycles. These equations were programmed
using EES software (v9, Madison, WI, USA). Additionally, the abatement cost of CO2 was included
to extend the analysis and was based on a comparison through a parametric analysis. The varied
parameters were the evaporating temperature, the gas cooler outlet temperature, and the compressor
pressure ratio. The performance indices were the exergy efficiency, the product cost rate, the exergy
destruction cost rate, the exergoeconomic factor, and the CO2 penalty cost rate. The main conclusions
of this study are summarized as follows:

• The highest exergy efficiency was achieved for the ejector cycle, reaching an average value of
33%. As expected, the basic cycle had the lowest exergy efficiency. In the exergy efficiency
behavior, it was observed that the evaporation temperature was the variable that least influenced
the measurements;

• Regarding the cost rate product variation, the basic and IHX cycles were the configurations that
presented the highest cooling costs. For example, for an evaporation temperature of −2 ◦C, costs of
0.65 $/h were observed. This same behavior was reflected in the exergy destruction cost;

• With respect to the exergoeconomic factor, the cycles with the ejector and turbine were those that
showed the greatest factor values, ranging from 0.7 to 0.8. The lowest average value of 0.53 on
was shown by the IHX cycle;

• The variation in the penalty cost was another of the behaviors analyzed; in this case, the basic cycle
was the configuration with the most CO2 emissions emitted due to energy consumption. For high
gas cooler outlet temperature conditions (45 ◦C), a value of 1.12 $/h was obtained, whereas for the
same conditions, the cycle with an ejector gave a value of 0.05 $/h;
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• Finally, it can be concluded that according to the results discussed here, the transcritical cooling
cycle with the ejector turned out to be the most efficient method from an exergo-economic point of
view. However, it still requires further technological development to decrease its production cost.
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