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Abstract: Pump annular seals can cause fluid reaction forces that have great effects on the vibration
characteristic and stability of a pump system. For this reason, it is important to study rotordynamic
characteristics of annular seals. In this paper, a new transient computational fluid dynamics (CFD)
method with dynamic mesh is proposed to investigate rotordynamic characteristics of the pump
annular seal. The reliability of the transient CFD method is validated by comparison with the results
from the experiment and the bulk-flow method, and the relationship between the seal length and
rotordynamic characteristics is investigated by the transient CFD method. The results indicate that
direct stiffness decreases sharply even turns to negative as the seal length increases, this phenomenon
may change the direction of fluid force on the rotor surface and affect supporting condition of the
pump rotor. With the increasing seal length, the whirl frequency ratio gradually increases, which
would weaken the stability of the pump rotor system.

Keywords: pump annular seals; transient CFD method; rotordynamic characteristics; seal length

1. Introduction

Liquid annular seals are necessary components of pumps to control leakage flow, improve efficiency
and balance axial thrust. Annular seals mainly include impeller wear rings, inter-stage seals and balancing
drum gaps. The length of an impeller wear ring is short and the aspect ratio (L/D) is generally around 0.1.
The aspect ratios of inter-stage seals and balancing drum gaps can reach up to 3. Just like journal bearings,
small clearances, large axial pressure drops and shearing effects of pump rotors mean that annular seals
have an important effect on the vibration and stability characteristics of a rotor system.

In view of the important influence of annular seals on vibration characteristics of pump systems [1],
the bulk-flow method is commonly used in industry to study the dynamic characteristics of annular
seals. The bulk-flow method is based on the thin film assumption in Hirs’ turbulent lubrication theory,
which is actually a two-dimensional flow model as it ignores the radial gradients of flow variables.
Childs [2] first achieved the finite length solutions of dynamic coefficients of annular seals based on
the bulk-flow method. Then Dietzen et al. [3], Marquette et al. [4] and Sun et al. [5] used the bulk-flow
method to investigate the static and dynamic characteristics of annular seals. However, the bulk-flow
method lacks flow details and its accuracy largely depends on empirical correction coefficients such as
friction factors that will change with seal geometry and operating conditions. With the development
of computer technology, a CFD method [6] has been used as an effective method for predicting the
leakage flow rates and rotordynamic characteristics of annular seals. Compared to the bulk-flow
method, the CFD method is better at describing internal flow field, and is applicable for more complex
sealing structures and operating conditions. Tam et al. [7] applied the quasi-steady CFD method
to study fluid dynamic forces in seals and bearings. They assumed that the rotor performed the
circle whirl motion around the seal center and solved the whirl flow field in the rotating frame of
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reference (RFR) attached to the rotor using the quasi-steady CFD simulation. Mortazavi [8] used
the quasi-steady CFD method to predict the rotordynamic performance of the labyrinth seal and
showed that the results from the CFD method are in good agreement with the experimental results.
Because the quasi-steady CFD method can directly use the existing commercial CFD solver and
has good generality for complex seals, it has been accepted and widely used by researchers [9-15].
Subsequently, a transient-state CFD method in which the rotor position is physically perturbed in a
periodic whirling orbit using moving mesh techniques is proposed to deal with complex rotor motion.
In this method, the time-varying fluid response forces on the rotor surface and the equivalent dynamic
characteristics are obtained by integrating the pressure and shear stresses predicted in transient CFD
solutions. Williams et al. [16] first used dynamic mesh movement algorithms and finite difference
methods to solve the unsteady Navier-Stokes equations and obtained dynamic fluid forces in the
annular seal. Jiang et al. [17] identified the difference between the quasi-steady CFD method and the
transient CFD method in predicting the dynamic characteristics of liquid annular seals. The results
showed that the transient CFD calculation predicted the mass coefficient very well but the quasi-steady
CFD calculation under-predicted it by almost one half. Chochua et al. [18] applied a transient CFD
method with a single-frequency one dimensional (1D) whirl orbit on annular hole-pattern gas seals to
predict the frequency-dependent dynamic characteristics. The transient CFD method based on a 1D
whirl model was also applied on honeycomb seals and labyrinth seals by other researchers [19,20].
These above transient CFD methods are all single-frequency whirl methods. In order to reduce
calculation time, Li et al. [21] used a transient CFD method based on a multiple-frequency 1D whirl
model for rotordynamic coefficients of pocket damper seals and then the author applied this method
to labyrinth seals and hole-pattern seals based on a multiple-frequency elliptical whirl model [22].
Comparing the experimental data and the numerical simulation data demonstrated that the numerical
method with the multiple-frequency elliptical whirl model is available for predicting rotordynamic
coefficients of annular gas seals in turbomachinery. Yan et al. [23] also employed the multiple-frequency
whirl model for predicting rotordynamic coefficients of hole-pattern seals. The author revealed that
the computational time of the method is reduced significantly while the accuracy is still maintained.
Jiang [24] and Wu et al. [25] performed transient simulations describing a variable-speed whirl motion
to obtain dynamic characteristics of pump seals. The results showed that the method can keep the
same accuracy as the single-frequency whirl method, while largely saving the computational time.

In the present paper, a new transient CFD method with dynamic mesh was used to investigate the
rotordynamic characteristics of the pump annular seal. The prediction accuracy of the transient CFD
method is compared with that of the bulk-flow method [26]. Dynamic characteristics of the seal with
different lengths are also calculated by the transient CFD method. Direct stiffness, whirl-frequency ratio
and static pressure distributions of the seal with different lengths are compared and the mechanism of
seal length on the pump rotor system is explored.

2. Method for Determining Rotordynamic Coefficients

As the rotor location changes with time in a rotor-stator system, a transient CFD simulation is
applied to investigate the unsteady flow within a full 360-degree model of the seal. Before starting
the transient simulation, the rotor is at the seal center as shown in Figure 1a. During the simulation,
the rotor position is perturbed by using a circle orbit whirl model, and the maximum clearance and the
minimum clearance will appear in the seal as shown in Figure 1b. The circle whirl model consists of
two types of rotor whirling motions, one is forward whirling where the rotor whirls and rotates in
the same direction, and the other is backward whirling where the rotor whirls and rotates in opposite
directions. In this circle orbit whirling model, the moving displacements of the rotor in the x and y
directions are given in Equation (1), where the amplitude e denotes the whirl radius.

{ Xg= ecos(Ot), yy= esin(Qt)  (Forward whirl) 1)
Xg= ecos(Qt), y4= —esin(Qt) (Backward whirl)
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Figure 1. The schematic diagram of the position between the rotor and the stator: (a) initial position of
the rotor, (b) eccentric position of the rotor.

During the transient computations, the fluid forces (Fx, Fy) acting on the rotor at each time step are
captured by integrating the pressure and shear stresses. In order to quantify the fluid forces for small
perturbation around a concentric rotor position, the conventional rotordynamic model is expressed in
Equation (2) [2].

S 3 Bl (ol B B el 0 VY e S

where K and k are direct and cross stiffness coefficients, respectively; C and c are direct and cross

damping coefficients, respectively; and M is a direct mass coefficient. According to the relationship

between (Fx, Fy) and (Fr, Ft), the dynamic coefficients can be expressed as Equation (3).

Fr/e = -K-cQ+MQ? 3)
Ft / e = k -CO

3. Numerical Investigation

3.1. Geometry Model and Grid

The annular seal used in the present study is shown in Figure 2a, and the main geometric
parameters and operating conditions are shown in Table 1. The generated grid can be seen in Figure 2b.
The whole flow field of the seal is meshed with structured hexahedral grids and the grid independence
investigation under different operating pressures is carried out. Figure 3 shows the grid independence
investigation result under the pressure of 1.38 MPa. It is found that the leakage remains almost constant
when the mesh number reaches approximately 0.425 million. Therefore, the mesh used in this paper is
composed of 424,960 nodes and 364,980 cells.

Rotor wall Stator wall

Inlet
\

(a) (b)

Figure 2. (a) Calculation domain and (b) grid.
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Table 1. Geometric parameters and operation conditions.

Main Parameters Signs Values Units
Seal diameter D 76.2 mm
Seal clearance G 0.076 mm

Seal length L 13.13 mm
Whirl radius e 0.0076 mm
Rotor velocity w 10200 rpm
Whirl velocity O 10200 rpm
Pressure difference PD 1.38/2.41/3.45 MPa
L/D ratio - 0.172 -
oarf S :
040} o

0.39 -
0.38 -

0.37 -

Leakage (kg/s}

0.36 -

0.35 |

034 =

Mesh Number (105)

Figure 3. Grid independency analysis.

3.2. Mesh Movement

Due to the circle orbit whirl model of the rotor as mentioned in Section 2, the shape of the fluid
domain changes with time, which needs a transient CFD method to deal with it. To perform the
transient CFD computations, the dynamic mesh problem should be solved. In this work, the dynamic
mesh is achieved by applying a user-defined subroutine linked with FLUENT solver to strictly control
the motion of every grid node in the seal model. The specific implementation procedures are as follows.

Figure 4 shows a cross-section view of a simplified plain seal at an arbitrary axial position.
As illustrated in the figure, the seal clearance C; has been exaggerated, C; represents the current
eccentric position where the rotor moves from concentric position marked Cy, d (x4, y4, 0) denotes the
moving distance of the rotor in Cartesian coordinates. When the rotor is at the concentric position, Pjy
represents an arbitrary node in the clearance of the seal and is assumed to project along a mesh line that
connects one node P, on the rotor surface and another Py, on the stator surface. After the rotor moves
by d, the movement displacements of the nodes on the rotor surface are also d. Therefore, the new
coordinates (X1, yr1) of Py are defined as Equation (4).

Xr1= Xe0+Xd, Y11= YrO+Yd (4)

where Xy, yro are x and y coordinates of P,y when the rotor is at the concentric position. The nodes of
the stator surface stay still, and the movement distances of the nodes between the rotor and the stator
are determined by the interpolation algorithm [24] as shown in Equation (5a). Therefore, the new
position coordinates (x;1, yi1) of Pjy are transformed using Equation (5b)

Xdy = TaXXd, Yq,= raxyy (5a)

{ Xi1= Xjo+Xdi1 = Xjo+ra X xq (5b)

Yir= YiotYail = YipTTaXyy
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where X, yio are x and y coordinates of P;y when the rotor is at the concentric position. In Equation (5a),
ra represents the ratio of the distance between the nodes in the clearance and the outer wall to the
clearance. When the rotor is in the concentric and eccentric positions, ra can be expressed as Equation (6)

Ro4+C-y (x4 (y0)

- (Concentric position) ‘
ra= [xil—(RrJrCr)cos9]2+[yil—(Rr+Cr) sine]2 . . ©®)
5 — (Eccentric position)
(xq=Crcos 0)"+(y 4—Crsin 6)

where 6 denotes the initial angular coordinate of the node Py as shown in Figure 4. By Equation (7),
0 is expressed as Equation (8). Substituting Equation (8) into Equation (6) and then substituting
Equation (6) into Equation (5b) gives new positions of the nodes in clearances after the rotor moves.

psl_i)ﬂ: [Xil_(Rr+Cr) Ccos eryﬂ—(Rr +CI') sin 9)
b (R, <080 +xg- (R, -G, cow®), (R,sin0 £y, (R, +Crlsn®)l
(xj1=(R,+Cr) c0s 0) (y 4—Crsin 0) = (y;;—(R, +Cr)sin 0) (x y—Cr cos 0)

: i1Xd ~Xi 4Cr—(R+C
T T
0= ‘/[(R ++Cr)xq—xi1Ce] +[YilCr_(RrJfCr)}’d] r - ®)
70— arcsin| YiXd XiYd ] - arctan Y& =Rt Cr)yq
2

R +Cp)xy—x;1C
VIR +Coxg—xn G +y nCe—(R 4 Cr )y Rt Copxg = Cr

Pso (Psy)
///
//‘ \\\
L Stator , ~— ‘
‘ VAN
Rotor % - ’/
1\\ I‘.Q . //
~ _I"L.»-”"//

Figure 4. Diagram of the grid nodes moving.

By adopting the dynamic mesh algorithm, the displacement of each grid node is strictly calculated by
the mathematical procedures to ensure the movement coordination of adjacent grid nodes. The algorithm
has been tested and found that when the rotor whirled from the concentric position as shown in Figure 5a
to the eccentric position with an amplitude of 90% seal clearance as shown in Figure 5b, the maximum
skewness of the grids increases from 0.065 to 0.46. The grid skewness becomes larger, which means that
when the rotor whirls with a big eccentricity, the grid distortion rate will increase (grid skewness ranges
from 0 to 1, where the value is close to 1, which corresponds to low quality). However, the grids in the
clearance still do not appear as highly distorted elements and negative volumes, which indicates that the
dynamic mesh algorithm is applicable for transient flow simulations of the seal. During the rotor whirling,
the locus of the rotor center changes with time so that the rotational speed of the rotor cannot be set by
traditional methods. The DEFINE macro DEFINE_PROFILE is applied to read the coordinates of the rotor
grids, which change according to the instantaneous position of the rotor. Tangential velocity in the surface
of the rotor is divided into two component velocities as given in Equation (9), which are given to the surface
nodes of the rotor by the DEFINE macro [27].

{ Vx= _(YPZ_Ycl) Xw
_ ©)
Vy= (sz—xcl) X W
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where vy, vy are velocities in the x and y directions of an arbitrary grid node of P;, and w is the

rotational speed of the rotor.

(a) (b)
Figure 5. Front view of the meshed rotor: (a) initial grids, (b) moved grids.

3.3. 3D Transient Analysis and Verification

3.3.1. Numerical Method

The commercial code FLUENT16.0 is employed to solve the three-dimensional incompressible
Navier-Stokes equations. Figure 6 shows the flow chart for the calculation of unsteady CFD.
A steady-state CFD solution is initially solved to obtain the initial conditions of the unsteady CFD
calculation. In the unsteady CFD calculation, the rotational speed of the rotor is defined by Define
macro Define_ profile, and the whirling speed of the rotor is loaded by user-defined function. The inlet
boundary is set as total pressure and the outlet boundary is set as static pressure. Nonslip boundary
conditions are used for the near-wall function. The realizable k-¢ model and the enhanced wall function
are chosen according to the wall Y+, which is located in the range of 20-40 [17]. The size of the time
step is 1.634E-5s, i.e., the time spent by the rotor in one degree rotation. The whirl radius e is 0.0076 mm,
which is selected as 10% of the radial clearance. Second-order, upwind discretization has been used for
the convection and central difference schemes for diffusion terms. The SIMPLE algorithm is used to
deal with the pressure-velocity coupling.

‘ Start FLUENT process ‘
T

Stead Lt Ideal condition
teady sta:e solution Define_grid_motion

Results of steady flow field (the initial Disol :
file of unsteady computation) isplacement o
rotor center
X,y
Input initial time t
And time step At Call user-defined
T . subroutine
Unsteady solution
Mesh update
Unsteady flow field calculation|
Yes Define_profile
UDF Define rotation speed of]

rotor surface

Calculation next step or not ?

No

Figure 6. Calculation flow chart of the proposed transient CFD method.
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3.3.2. Fluid Reaction Forces

Figure 7 shows the calculated reaction forces acting on the rotor respectively with forward and
backward whirl motion models under three pressure differences. It can be seen from the figure that
the fluid forces of forward and backward whirls show similar periodic behaviors. The fluid reaction
forces increase as the pressure difference increases, and the force Fx in the X direction is slightly larger
than the force Fy in the Y direction. The maximum forces of Fx are 42.5, 65.9 and 85.8 N and the
maximum forces of Fy are 36.8, 59.7 and 82.7 N, when the operating pressure differences are 1.38,
2.41 and 3.45 MPa for operating under the forward whirl. The maximum forces of Fx are 38.6, 61.7 and
81.7 N and the maximum forces of Fy are 36.6, 57.6 and 79.6 N, when the pressure differences are 1.38,
2.41 and 3.45 MPa for operating under the backward whirl. For the forward whirl motion model,
the phase of Fx is ahead of that of Fy with a phase difference of 80°. While for the backward whirl
motion model, the phase of Fx is behind of that of Fy with a phase difference of 102°.

Fx 1.38MPa —Fx_1.38MPa
100 - — Fy 1.38MPa 100 - = = By 1.38MPa
sol \ N\ — Fx_241MPa sl ~ = o Fx_241MPa
. \ | Fy 241MPa wl N/ AVA —— Fy_241MPa
Z ol N\ —PRaesmra 2V b TRaMEd
u | A F SMP e 0 \ +— Fy_3.45MPa
gt ‘ \\— y_345MPa & ™ \
;E \ c 20 4 \
@ 0 W =
u
3 / g /
c o0l I
g 20y / 2 al f
2 .40 | / ] ] !
= { h f = -40 | )
60 [V \ / / \ / N4/ | ‘ (4
sol\/ VA VN \7 60y A \ / \" A
=80 -/ \/ WV \/ W/ \/ 80l \/ \/ SN \ J .\\‘/‘
-1 L L L L ! ; | R L i 1 L L ]
0.000 0.004 0.008 0.012 0.016 0.020 0.000 0.004 0.008 0.012 0.016 0.020
Time(s) Time(s)
(a) (b)
Figure 7. Reaction forces acting on the rotor as a function of time: (a) forward whirling,
(b) backward whirling.

3.3.3. Theoretical and Experimental Verification

The calculation results based on the proposed method are compared to the results based on
the bulk-flow method and the experimental results. Figure 8a shows direct stiffness changes with
respect to the pressure differences. As illustrated in the figure, the maximum error of predicted
direct stiffness K under three pressure differences based on the transient CFD method is less than
20%, while the maximum error of K from the bulk-flow method is almost up to 40%. The result of K
from the transient CFD method shows better correlation with the experimental result in comparison
to the result from the bulk-flow method. Figure 8b shows cross coupled stiffness k. The results
of the transient CFD method and the bulk-flow method are all larger than the experimental one.
The errors of the transient CFD method from 1.38 MPa to 3.45 MPa are approximately 29%, 26% and
32% respectively. However, the errors of bulk-flow analysis under corresponding pressure differences
are about 38%, 42% and 29% respectively, which yield a worse prediction. Figure 8c shows direct
damping C. The experimental result shows that the errors of the transient CFD method and the
bulk-flow method for C are about 4~10% and 4~19%, respectively. The leakage of the seal is obtained by
integrating the Z-directional flow velocity with respect to the cross section of the seal inlet and is shown
in Figure 9. The results from the CFD simulation and bulk-flow method are respectively 16% and 22%
of the experimental results. Therefore, the transient CFD analysis provides better improvements than
the analysis taken from the bulk-flow method. The listed comparisons show that the transient CFD
method proposed in this paper can significantly improve the prediction accuracy of leakage rates and
dynamic characteristics of annular seals.
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Figure 8. Rotordynamics coefficients as a function of pressure difference: (a) direct stiffness, (b) cross

coupled stiffness, (c) direct damping.

Exp. (Lindsey) Error (Childs)

09 . Bulk flow model (Childs) ™ Ertor(Present) 24
os |—+— CFD (Present) i / 422
ol {20
07t J1s o
o 4 =
& r 116 T
= 06l g
& Jua &
= I 4
TE 0.5} —412
o ]
' 110
04l
Is
0.3 : : - 6
12 18 24 3.0 36

Pressure Difference (MPa)
Figure 9. Leakage as a function of pressure difference.
4. Results and Discussion

The length of the seal has a great effect on dynamic characteristics, especially direct stiffness.
The length of the seal was changed from 13.13 mm (L/D = 0.17) to 91.44 mm (L/D = 1.2) with other
boundary conditions maintained in order to investigate the relationship between the length and
dynamic characteristics. The results of dynamic characteristics were obtained by using the transient
CFD method, as shown in Table 2. Figure 10 shows the relationship between direct stiffness and the seal
length. It can be seen that direct stiffness changes from positive to negative as the seal length increases
and a critical length exists where direct stiffness is zero. In the present study, the critical points are at the
length of 50.05 mm, 63.24 mm and 74.32 mm, when the pressure differences are 1.38, 2.41 and 3.45 MPa.
This phenomenon is mainly caused by inlet loss and the change of the static pressure distribution in
the flow channel of the clearances. Figure 11 shows that axial velocity in the eccentric side (minimum
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clearance) is smaller than that in the reverse side (maximum clearance). Luis [28] pointed out that
a small clearance has a smaller axial velocity and lower inlet loss, which would bring higher static
pressure to the eccentric side of the seal than that in the reverse side, thus creating a fluid reaction
force to push the rotor to the seal center. This phenomenon is known as Lomakin effects, which can
produce positive direct stiffness. Chen [29] explained that inlet loss is the main cause for Lomakin
effects. So if the seal is not long enough to ignore the influence of inlet flow, a positive direct stiffness
can be obtained. However, static pressure in the eccentric side of the seal is lower than that in the
reverse side due to higher velocity in the eccentric side as shown in Figure 12 when the seal is long
enough to ignore the influence of inlet flow. Therefore, direct stiffness of the long seal can be negative.

Table 2. The dynamic characteristics under different seal lengths.

PD L K1 x 10° K1 x 10° C1x 103 C1x 10° M
MPa mm N/m N/m Ns/m Ns/m kg
13.13 4.53 0.98 3.50 1.63 3.63
38.1 2.57 14.43 32.81 7.11 7.86
1.38 60.96 —-4.17 47.59 94.74 27.27 27.40
76.2 -10.27 81.85 158.84 47.80 46.30
91.44 -15.76 110.78 222.44 72.87 71.81
13.13 7.43 1.00 4.78 2.40 3.75
38.1 6.34 16.35 42.40 6.85 7.81
241 60.96 1.01 54.45 114.38 25.75 26.67
76.2 -5.14 90.65 182.47 46.92 46.99
91.44 -13.67 134.89 265.61 73.81 72.18
13.13 9.81 1.12 5.92 3.12 3.89
38.1 9.85 17.72 50.53 6.85 7.86
3.45 60.96 4.64 60.07 131.95 25.86 27.68
76.2 -0.56 95.56 203.51 46.71 49.23
91.44 -12.80 138.17 280.38 69.27 65.82
10} —=— 1.38MPa
E ——241MPa
E 5r —+—3.45MPa
E-m L
5]
10 20 30 40 50 60 70 80 90 100

Seal Length (mm)

Figure 10. Direct stiffness for different seal lengths.
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Figure 11. Z-direction velocity profile of the short seal (PD = 1.38 MPa): (a) the maximum clearance
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Stator wall

Rotor wall

O =M WEs D o

Rotor wall Stator wall
(0) (d)

Figure 12. Z-direction velocity profile of the long seal (PD = 1.38 MPa): (a) the maximum clearance
cross section, (b) the minimum clearance cross section, [L = 76.2 mm], (c¢) the maximum clearance cross
section, (d) the minimum clearance cross section, [L = 91.44 mm)].

Figure 13 shows the distribution of static pressure on the rotor face with different seal lengths
for O/w = 0. Lx is the axial position and L is the seal length. Lx/L = 0 and Lx/L = 1 denote the
position of seal inlet and outlet, respectively. The red circles in Figure 13 represent cross points, which
indicate the axial position where the static pressure of the eccentric side equals that of the reverse side.
Static pressure of the axial position before the cross point is consistent with Lomakin effects, while
after the cross point is consistent with Bernoulli effects. For the short seals as shown in Figure 13a,b,
static pressures of the eccentric side and the reverse side show an almost linear reduction across the
seal length, and a cross point on the axial position does not exist in the short seal. Static pressure in the
eccentric side is indeed larger than that in the reverse side, especially at a larger pressure difference,
which is in line with Lomakin effects, and its direct stiffness is positive. For the long seals as shown in
Figure 13¢,d, static pressure on both sides also decreases in the direction of the leak and a cross point
appears in the axial position at three pressure differences, where Bernoulli effects play a dominant role
in the seal. This is due to inlet flow gradually stabilizing as the seal length increases so that the influence
of inlet flow becomes weak and makes Bernoulli effects become noticeable, which corresponds to
negative direct stiffness.

The whirl-frequency ratio f is introduced as Equation (10) [30] to weigh the effect of the seal length

on the stability of the pump rotor system
k

/= ¢ca

From Figure 14, the whirl-frequency ratio generally increases with the increasing seal length, due to

the influence of cross-coupled stiffness. As the seal length increases to 91.44 mm, the whirl-frequency

ratios are nearly up to 0.47 when the seal operates under three pressure differences. This phenomenon
means that the long seal would reduce stability of the rotor system.

(10)
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Figure 13. Static pressure distribution on the maximum clearance and minimum clearance: (a) 13.13 mm
(L/D = 0.17), (b) 38.1 mm (L/D = 0.5), (c) 76.2 mm (L/D = 1.0), (d) 91.44 mm (L/D = 1.2).
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Figure 14. Whirl frequency ratio as function of the seal length.

5. Conclusions

In this paper, the transient CFD method with dynamic mesh was used to predict dynamic
characteristics of the pump annular seal. The following conclusions can be made.

(1) The proposed transient CFD method can control the grid movement at each time step and achieve
optimal grid quality of the displacement grid at any time step. The CFD results were compared
with the results from the experiment and the bulk-flow method. It was shown that the transient
CFD analysis can provide better improvements than the bulk-flow analysis. The dynamic
characteristics of annular seals can be predicted accurately by the transient CFD method.

(2) The relationship between the seal length and rotordynamic characteristics was also investigated
by the transient CFD method. The results show that direct stiffness changes from positive to
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®)

negative as the seal length increases. This phenomenon can change the direction of the fluid force
on the rotor surface and reduce the supporting effect of the annular seal on the pump rotor.

For the short seal, the static pressure of the eccentric side is almost larger than that of the reverse
side and direct stiffness is positive. For the long seal, a cross point exists in the axial position that
makes Bernoulli effects predominant and direct stiffness negative. With the increasing seal length,
the whirl-frequency ratio becomes larger, which decreases the stability of the pump rotor system.
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Nomenclature

D Seal diameter [mm]

L Seal length [mm)]

Cr Seal clearance [mm)]

e Whirl radius [mm]

w Rotor velocity [rpm]

Q Whirl velocity [mm]

PD Pressure difference [MPa]

0 Initial angular of Py [rad]

Rr Rotor radius [mm]

K Direct stiffness [N/m]

k Cross coupled stiffness [N/m]

C Direct damping [Ns/m]

c Cross coupled damping [Ns/m]

M Inertia mass [kg]

f Whirl frequency ratio
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