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Abstract: A nonlinear dynamic model for a planetary gearbox with tooth breakage fault is built based
on an improved rigid multibody model, and the effects of tooth breakage size and rotational speed
on the vibration response of the planetary gearbox are investigated numerically and experimentally.
A time-varying mesh stiffness model of planetary gears with tooth breakage fault is established.
Dynamic simulations of a healthy planetary gear and seven fault gears with different breakage
sizes under several rotational speeds are carried out. Experiments for healthy, half tooth breakage
fault and whole tooth breakage fault planetary gears under several rotational speeds are performed.
Amplitude analysis, spectrum analysis and envelope spectrum analysis are applied on the numerical
and experimental vibration signals. The dynamic model is validated by experiment. The analysis
results reveal the resonance and modulation characteristics in the vibration response, and the law of
the vibration changes with breakage size and rotational speed.

Keywords: planetary gear; tooth breakage fault; nonlinear dynamic model; mesh stiffness;
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1. Introduction

The planetary gearbox is used in wind turbines because of its advantages, including high power
density, compactness, etc. However, it suffers a high failure rate due to its complex structure and the
time-varying working load [1]. The common gear failure modes include crack, pitting, wear, spalling
and breakage. Figuring out the dynamic characteristics of these faults is of great importance for
reducing equipment downtime and maintenance expenditure and improving the safety by providing
an early warning of potential catastrophic failure [2].

Many research works have been done on the dynamics behaviors of the planetary gearbox.
Iglesias et al. developed a hybrid method of the analytical solution and the finite element model
for the contact force calculation [3], and they studied the effect of manufacturing errors such as
eccentricity and planet pin positioning errors on the load sharing behavior of a three-planet planetary
transmission [4]. Sun et al. built a lumped-parameter model of a two-stage helical planetary gear
transmission system and studied the dynamic sensitivity of the load-sharing coefficient to errors [5].
Gravity has an important effect on the dynamics of the wind turbine gearbox because of its great size.
Qiu et al. numerically studied the effects of gravity, ring support stiffness and bed plate tilt angle on
the load-sharing characteristics of the planetary gear in horizontal axis wind turbines [6]. Parra and
Vicuiia used two different models, the phenomenological model and the lumped-parameter model,
to study the frequency content of planetary gearbox vibrations under non-fault and different fault
conditions [7]. Liang et al. developed a two-dimensional lumped mass model to simulate the vibration
signals of a planetary gear set in the perfect and crack situations; amplitude modulation can be found
in the resultant vibration signals; sidebands appeared in the vibration spectrum and can used for fault
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detection. Chen and Shao studied the influences of cracks on the mesh stiffness and the dynamic
performance of the planetary gear set [8]. Some other research works on the dynamics of planetary
gearbox are [9-11].

Gearbox dynamic models vary from considering only torsional vibration [12] to the multibody
model with lateral-torsional vibration coupled [13-15]. This paper focus on the vibration characteristics
of the planetary gear with a planet gear tooth broken. Tooth breakage leads to the reduction of the
time-varying gear mesh stiffness and the incensement of mass unbalance, and these excitations will
affect the gears dynamic behavior and then the generated vibration [16,17]. Compared with the flexible
multibody model, the rigid multibody model can obtain an acceptable result with a much lower time
cost [18], so it was most widely used in the tooth breakage fault research.

Chaari et al. [19] proposed an analytical method to quantify the reduction of gear mesh stiffness
due to tooth breakage fault. Their model considered bending, fillet-foundation and contact deflection,
but it was only used for a single stage spur gear transmission. Tian et al. [20] derived an expression
of the effective mesh stiffness of the mating gears with tooth breakage fault, based on the fact that
tooth breakage causes a great drop and rise at the transition points of single/double-tooth-pair mesh.
Combining the fault model with a coupled lateral and torsional vibration model of a one-stage spur
gear pair, they found that the properties of the vibration response of a gear pair with tooth faults were
consistent with the variations of mesh stiffness. Jiang and Liu. [21] developed a three-dimensional
analytical helical gear pair model considering the mass eccentricity and mesh stiffness induced by tooth
breakage with sliding friction. The effects of the tooth breakage shape and size on the mesh stiffness
and dynamic responses of a helical gear pair were calculated. Their results revealed that the rotational
frequency increases significantly when considering the mass eccentricity induced by the tooth breakage
defect. Li et al. [22] studied the vibrational mechanisms and frequency features of a single-stage parallel
gearbox under several fault states using a rigid multibody dynamic model, and they explained the
cause of high-order mesh frequency harmonics and the asymmetrical modulation sidebands.

These tooth breakage fault research works focused on parallel gear stages, while the vibration
of the planetary gear is much more complex, because the driving flanks consist of multiple external
contact (sun-planet) pairs and internal contact (ring-planet) gear pairs [23]. Gui et al. [24] established
a rigid multibody model of a planetary gear system with tooth breakage defect and pointed out the
effects of the length of tooth breakage on the dynamic response. Gui et al. [25] investigated the tooth
breakage fault on the wind turbine planetary gear system considering the gear manufacturing errors
by numerical and experimental research. They found that the sidebands of the planetary gear system
become much more complex when manufacturing errors are taken into consideration and that different
tooth breakage faults could be located by monitoring the values of their characteristic frequencies.

Among these research works, few of them studied the dynamics of the planetary gearbox with
tooth breakage fault under different rotational speed conditions. Due to the unstable wind conditions,
frequent low speed start and emergency brakes, the rotating speed is nonstationary [26]. The planetary
gear rigid multibody model adopted in these works uses a rotating frame as its reference frame [27],
so in order to use this model, the premise of constant rotating speed was applied first based on the
assumption that if the concerned time period is small, the work condition of the gearbox could be
considered as quasi-stable [25]. The solutions of the traditional model are referred to the rotatory
reference frame and need to be decomposed into a fixed reference frame. Methods are varied; for
example, Parra and Vicufia proposed a frame decomposition methodology [7], while Liang et al. [28]
use the summation of the weighted vibration of each planet gear as the sensor measurements. We
proposed an improved rigid multibody model for the planetary gearbox, which can handle the varying
rotational speed directly [29]. In this paper, a dynamic model for a planetary gearbox with tooth
breakage fault is built based on this model and validated by experiment. The effects of the tooth
breakage size and the rotational speed on the vibration of the planetary gearbox are investiaged by
numerical simulation and experiment.
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2. Nonlinear Dynamic Model of the Planetary Gearbox Considering Nonlinear Mesh Stiffness

A planetary gear stage mainly consists of a carrier, a ring gear, a sun gear, several planet gears
and bearings. The structure of a planetary gear stage with three planets is shown in Figure 1.

Figure 1. Structure diagram of a planetary gear stage, where 1 represents the carrier, 2 represents the
ring, 3 represents the sun, 4 represents one planet, 5 represents the carrier bearing, 6 represents the
sun bearing, 7 represents the planet bearing, 8 represents the inner mesh between the ring and the
planet, 9 represents the outer mesh between the sun and the planet, 10 represents the ring bearing and
11 represents the housing.

In the improved rigid multibody model in [29], the reference frame for the carrier, the ring and
the sun gear is the inertial frame, and the reference frame of each planet gear is a moving frame.
The origin of the moving frame is at the center of the planet. The frame revolves around the sun gear
and rotates with the same speed, and the revolution speed is equal to the instantaneous rotational
speed of the carrier. Equation (1) shows the dynamic model in matrix form,

M+ C(q)q+K(q)q = F(t), 1

in which matrices M, C, K can be obtained using the element assembly method given in [29].
Depending on the mesh stiffness of all of the gear pairs and the stiffness of all of the bearings,
the total stiffness matrix K is time varying. The stiffness of bearings is modeled as six independent
linear springs in this paper.

The instantaneous mesh stiffness of a gear tooth pair k is determined by many factors, including
manufacturing errors, assembly errors, the instantaneous motions, etc. The simplified dynamic
time-varying mesh stiffness model in [29] is used in this paper, in which the transmission error is
omitted and mesh phase relationships among the sun-planet and ring-planet meshes are considered.
A brief description of the mesh stiffness model is presented below for completeness of the paper.

To describe the mesh state of a meshing gear tooth pair, a relative contact position X for a meshing
tooth pair is defined as,

X=(¢p—a)/(¢p—¢a), )

where ¢ is one of the gears’ instantaneous rotation angular displacements, A and B represent the
position where the tooth steps into and steps out of the current mesh process and ¢4 and ¢p represent
their corresponding rotation angular displacements. For the active gear in a spur gear pair, the mesh
starting point A is near the root of the tooth, while for the passive gear, it is located at the top of the
tooth. For a helical gear pair, the relative contact position is proportional to the length of the contact line.
Transmission error is omitted in this paper, i.e., points A and B of each tooth keep the same among all
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of its mesh process, and thus, the nonlinear mesh stiffness of a tooth pair k only depends on its contact
position. For a healthy gear tooth pair, a parabola is used to fit its stiffness k(X), shown as,

k(X) = aX* +bX +c,
a = —4(kmax — kin) /€,
b = 4(kmax — kpin) /e,

¢ = Kinin, 3)

where e is the contact ratio, kyeqn represents the mean mesh stiffness and ky,.x and ky,;, represent the
maximum and minimum mesh stiffness, respectively. In this paper, the ky;;x and k,,;,, are estimated
by Equation (4),

kC = kmean/(e(2/3 + T}’l/3)),
kmin = mkc, (4)

where m = 0.67 for an external spur gear pair, m = 0.6 for an internal spur gear pair and m = 0 for a
helical gear pair.

Since differences may exist among the teeth of the same gear, the teeth should be numbered, and
the number of teeth in meshing should be considered in the mesh stiffness k. Denote the tooth pair
mesh stiffness as k(X)|(x1, x2), where «; (i = 1,2) are the number of the two teeth in meshing. For all
of the healthy gear pairs,

k(X)| (1, k2) = k(X). ®)

In a gear pair, several tooth pairs may mesh at the same time. Denote all of these mesh tooth pairs
and their corresponding contact status as (ky;, k;, X;). For a mesh gear pair, a mesh tooth pair that
satisfies X < 1 always exists. The contact position of this tooth pair can be calculated by Equation (6),

X(t) = 7i(t) — floor(v(t)),
Yi(t) = ¢i(t) — pio/ (271/2), (6)

where the subscript i = 1, or 2 represents the i-th gear of the gear pair, ¢; is the gear’s instantaneous
rotation angular displacement and ¢y is its initial value. For a planetary gear, i in Equation (6) could
take the number of the planet gear as its value. The corresponding numbers of the two teeth can be
calculated by Equation (7),

x; = mod(floor(7y;) — X; + xi0), k0 =1, .., 2, (7)

where «jj is the number of the teeth in meshing at start and z; is the number of the total teeth.

For a parallel gear pair, we can set kjg = 1;i = 1,2, while phase relationships among the sun-planet
gear pairs and ring-planet gear pairs should be considered in a planetary gear. 2N gear pairs and
4N initial tooth numbers needed to be determined, where N is the total number of the planet gears.
Donate these tooth numbers as ng ,i=1,2,c=r,5p=1,.,N, where the subscript is the gear pair, p
is the number of the planet, r represents the ring and s represents the sun gear; the subscript i is the
gear, in which i = 1 represents the center gear, i.e., the sun gear or the ring gear, and i = 2 represents

the planet gear. Here, we set K% =1, K% =1, K{% = 1, then the other numbers can be calculated by:

K% = K% +Akp, p=1,.,N
Kig = K% +Axsp, p=2,., N
Kgg = Kﬂ) + Ay, p=2,., N (8)
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where Ak, Aksp and Axyp depend on the tooth number of the gears and the layout of the planet gears.
In this paper, we take,

Axy = floor(zp/2) +1
Akep = zrt(p —1)(z¢/N),c =1,5. )

Based on the mesh tooth pair (x1, k2, X) calculated by Equations (6) and (7), all of the mesh tooth
pairs and their corresponding contact position (k1;, k;, X;) can be obtained by:

Kli =K1 —n,
Koi =Ky — 1, (10)
Xi=X+nn=0.—X,

where 0..e — X represents all the integers between 0 and e — X.
Denote the total number of the teeth pairs in meshing as 7,4, then the instantaneous mesh
stiffness of this gear pair can be calculated by:

Mipesh

km =) k(X;)| (1, K27). (11)
i-1

Take this nonlinear mesh stiffness model of Equation (10) into the dynamic model of Equation (1);
thus, the nonlinear dynamic model for a planetary gear is established.

3. Time-Varying Mesh Stiffness Model of Planetary Gears with Tooth Breakage Fault

In this section, a time-varying mesh stiffness model of planetary gears with tooth breakage fault
is proposed. The tooth breakage fault studied in this paper is shown as Figure 2. The shape of the
breakage section is assumed to be a rectangle and parallel to the axis of the gear, which is similar to the
model in [21].

Breakage area 7oz =A

— ’_
-~ _ \
_ - / \

~———

@) (b)

Figure 2. Sketch map for the tooth breakage fault, (a) variation of the tooth profile; (b) variation of the
contact line.

Define a contact rotation angular displacement L as the angular displacement of the gear from
the tooth step into the meshing process to the tooth step out when it is healthy. The size of the tooth
breakage p is defined as,

p=1-L,/L, (12)

where L represents the contact rotation angular displacement of a healthy tooth and L, represents the
loss of the contact rotation angular displacement when the tooth is broken. It can be found that the
breakage size p satisfies 0 < p < 1. p = 0 means the tooth is healthy; 0 < p < 1 means half of the
tooth is broken; and p = 1 means the tooth is totally broken.
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The mesh stiffness between the broken tooth and a healthy tooth will drop to zero at the contact
position from the broken position to the top of the tooth. When the tooth breakage fault is located at
the active gear, the tooth pair mesh stiffness can be modeled as:

kp(X) = { 0, X > (I1—p)e (13

where k(X) is the healthy gear pair mesh stiffness defined in Equation (3). Taking this model into
Equation (10), the nonlinear mesh stiffness model for a gear pair with one tooth broken is obtained
as Equation (14),

Mipesh

km =Y k(Xi)|(x17,72),
i=1

X0 (k11 20) = { S, T 19

where x, is the number of the broken teeth on the planet gear. Thus, the nonlinear dynamic model for
a planetary gear with one tooth broken is established.

In the numerical research of the tooth breakage fault, the planetary gearbox in [29] was used.
The transmission ratio of the planetary gear ratio is about 4.56, and its detailed parameters are listed
in Table 1. The fault is located at the first tooth of its first planet.

Table 1. Parameters of the planetary gear for simulation.

Parameter Carrier Ring Sun Planet
Teeth number - 96 27 35
Mass (kg) 543 2.35 0.4 0.66
Inertia (1073 kg«mz) 59.1 56.7  0.58 1.53
Base diameter (mm) 96.9 1375 387 50.2
Mean mesh stiffness (N/m) ken = kpn =5 x 108
Bearing stiffness (N/m) ky=kr=ks=1x 108
Torsional stiffness (Nm/rad) k,w =1 x 10%0; kpw = ksw = kew =0
Pressure angle (°) 24.6

Helical angle (°) 0

Contact ratio 1.24

Planet number 3

The natural frequencies of the gearbox calculated by the improved model are listed in Table 2.
There are six rotational frequencies and six translational frequencies in total [30]. Natural frequencies
will be used in the vibration signal analysis.

Table 2. Natural frequencies of the planetary gear.

Number Rotational (Hz) Translational (Hz)

1 0 743.2

2 1334.0 1102.7
3 1891.3 1896.5
4 2662.8 2276.5
5 8045.4 6989.0
6 11,822.3 9651.7

Figure 3 shows four time-varying mesh stiffnesses in the planetary gear simulated by the stiffness
model of Equation (14). The corresponding carrier rotational speed is constant in time 0.7 =77 rpm,
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and the breakage size p = 1. It can be found that periodic impulses exist in the time-varying mesh
stiffness between the fault planet gear and the center gears, and a phase shift exists between the mesh
stiffness impulse of the sun-planet gear pair and the impulse of the ring-planet gear pair.

Mesh stiffness (N/m)

Mesh stiffness (IN/m)

1e8
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Figure 3. The time-varying mesh stiffness in a planetary gear: (a) sun-first planet, (b) sun-second

planet, (c) ring-first planet and (d) ring-second planet.

Figure 4 shows the mesh stiffness of the sun-fault planet gear pair with different breakage sizes.

All of the carrier rotational speeds are the same, 0,7 = 77 rpm. It can be found that the width of the
impulse becomes bigger with the breakage size increasing.
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Figure 4. The mesh stiffness of the sun-fault planet gear pair with different breakage sizes: (a) p = 0,

b)p=02,(c)p=05and(d)p =1.

Figure 5 gives the partial enlarged views of the mesh stiffness in Figure 4, where A, B, C, D
represent different impact modes caused by the sudden change of the total number of teeth pairs in
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mesh. At point A, the number of the mesh teeth 1,,., is changing from two to one; at point B, 1., is
changing from one to two; at point C, 1.4, is changing from one to zero; at point D, 1,5, is changing
from zero to one; at point E, the resultant borne by each gear has a sudden change. These impact
patterns reveal the effects of the breakage size on meshing stiffness.
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Figure 5. Partial enlarged views of the mesh stiffness with different breakage sizes: (a) p = 0,
(b) p=02,(c)p=05and(d)p=1.

4. Dynamic Simulation of the Tooth Breakage Fault

In this section, the dynamic simulation of a healthy planetary gear and seven fault gears is
conducted. The breakage sizes p are 0, 0.1, 0.2, 0.5, 0.7, 0.8, 0.9 and 1.0, respectively. In this paper, the
gear with p = 0 is called the healthy gear; a fault gear with 0 < p < 1 is called the half tooth breakage
fault gear; and the fault gear with p = 1 is called the whole tooth breakage fault gear. The driving
torque applied on the carrier is constant in time,

INm
10 rpm’

Tl(t) =Cx (15)

and the load torque on the sun gear is set to,

. 0, t <ty
T2(t)_{ (Ty/ratio) x (g /C), >ty (16)

where ratio represents the transmission ratio of the planetary gear; C is the setting speed of the carrier
and its unit is ¥pm; the initial state of all of the DOFs is zero; and ¢ty is the time when the carrier
rotational speed reaches the speed C for the first time. Based on the given loads of Equations (15) and
(16), it can be found by qualitative analysis that the rotational speeds of the carrier, the sun gear and
the planet gears will increase almost linearly until time t(, at which the load on the sun gear starts to
join and the rotational speed of the carrier will ultimately fluctuate around speed C, approximately.
The time f( can be estimated by,

fg = 7T X ]lss/?’/ (17)
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where ], is the total inertia of the planetary gear cast on the carrier side. The time f( can be used for
the simulation result checking. For the gearbox in Table 1, J;;; = 0.1242 kg - m.

Seven setting speeds are simulated for each gearbox; hence, 56 simulations in total are conducted
in this paper. These setting speeds are listed in Table 3, where f;, fs and f, represent the rotational
frequency of the carrier, the sun gear and the planet gear respectively, and f,, represents the mesh
frequency. f) is also the fault characteristics frequency in this paper.

Table 3. Simulated rotational speed conditions.

No. C 6CZ fc fs fm fp

(rpm) (rpm) (Hz) (Hz) (Hz) (Hz)
77 76.4 127 580 1222 3.5
117 1161 193 881 1857 53
157 155.7 260 11.8 24917 7.12
197 1954 326 148 3127 893
237 1351 392 179 3761 108
277 2748 458 209 4396 126
317 3144 524 239 5031 144

N Ul WO =

The damping matrix C in Equation (1) is built by the Rayleigh damping model, and the coefficients
of Rayleigh damping are chosen as & = 0.01256, 8 = 2.12 x 1077 in this paper. The implicit Newmark
algorithm is adopted to solve the nonlinear dynamic model [29]; the time step is 1 x 107®s. A virtual
acceleration sensor is installed on the ring to collect its vertical vibration, and the data sampling rate is
40 kHz. In this paper, the signal is synthesized by,

s = ilyy + 1107, (18)

where ii,y is the vertical acceleration of the ring gear, 6, is the rotational acceleration of the ring gear
and r, is the radius of the ring gear. Noises are ignored in this paper.

The time length of each simulation is five seconds. The data at the last four seconds are used for
analysis. Figure 6 shows the changes of the root mean square (RMS) of the ring vertical acceleration versus
breakage size and rotational speed. From Figure 6a, it can be found that, under some rotational speeds,
the RMS does not increase monotonously with the increasing of the breakage size, and at some speeds,
the RMS corresponding to the whole tooth breakage fault may be less than the RMS corresponding to a
half tooth breakage fault. For example, when rotational speed is set to 197 rpm, the half tooth breakage
fault gear with p = 0.5 has the largest vibration RMS. It can be found from Figure 6b that, for the healthy
gear, the RMS is almost linearly increasing with the rotational speed due to the increasing of the external
load, while for the fault gears, the RMSs are nonlinearly increasing with the rotational speed. The RMS of
the fault gears are larger than the RMS of the healthy gear under any rotational speed.

The healthy gear, the half tooth breakage fault gear with p = 0.2 and the whole tooth breakage
fault are chosen for vibration comparative analysis. The carrier rotational speed chosen here is 237 rpm.
Figure 7 shows the waveform of these three acceleration signals. Compared with the signal under the
healthy state in Figure 7a, the effect of the half tooth breakage fault on the vibration is slight. However,
when the whole tooth is broken, strong impacts can be observed, and the peak value of the signal has
increased nearly forty-fold.

The spectrum of the vibration signals is shown in Figure 8. It can be found that there is an
outstanding component at about 2632 Hz; this frequency equals to 7f,; and is near the fourth rotational
natural frequency of 2662.8 Hz, so this is a typical harmonic resonance phenomenon. There is a
sideband at the high frequency region with the frequency interval of f,;, which is caused by modulation.
The spectrum of the half tooth breakage fault is close to the spectrum of the healthy gear; thus, it is
hard to recognize the tooth breakage fault only only with spectrum analysis when the breakage size is
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small. However, as shown in Figure 8c, new sidebands caused by the fault become very obvious when
the whole tooth is broken.

Due to the existence of resonance and modulation in the vibration signals, demodulation is
necessary in gear tooth breakage fault feature extraction. Figure 9 shows the envelope spectrum of
the three signals at the low frequency region. From Figure 9a, one can see that the mesh impact is the
main excitation source when the gearbox is healthy. From Figure 9b,c, it is clear to find that, when a
planet gear tooth breakage fault occurs, the sum- and difference-frequency of the rotational frequency
between carrier f. and the fault characteristic frequency f, will occur in the envelope spectrum. This is
a useful indicator for the fault detection.

90
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Figure 6. The changes of root mean square (RMS) of the simulated ring vertical acceleration versus the
(a) breakage size and (b) rotational speed.
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Figure 7. Waveform of the simulated ring acceleration of the (a) healthy gear p = 0, (b) half tooth
breakage fault gear p = 0.2 and (c) the whole tooth breakage fault p = 1.
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Figure 9. Envelope spectrum of the simulated ring acceleration of the (a) healthy gear p = 0, (b) half
tooth breakage fault gear p = 0.2 and (c) the whole tooth breakage fault p = 1.

5. Experimental Research of the Planet Tooth Breakage

In order to check the validity of the simulation results in the previous section and investigate
the fault characteristics, experiments for planetary gears with planet gear tooth breakage fault are
performed. Figure 10 shows the structure of the test rig. The test rig mainly consists of a wind rotor, a
planetary gearbox, an electrical motor, a variable-frequency drive, shafts and bearings. The electrical
motor provides the driving power, and the rotor provides load. The planetary gearbox is single stage
and has three planetary gears. The overall structure of the gearbox used in experiments and the
gearbox used in simulations are the same as shown in Figure 1, but their detailed parameters are
different. For the experimental gearbox, the tooth number of the sun gear z; = 26, the tooth number
of the planet gear z, = 20, the tooth number of the ring gear z, = 67 and the transmission ratio is
about 3.577. There are seven sensors installed shown in Figure 10a, while only the gearbox vertical
acceleration signal is analyzed in this paper.
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Three sets of experiments with a health planetary gear and two fault gears are carried out.
As shown in Figure 11, the two fault gears are a half tooth breakage fault gear and a whole tooth
breakage fault gear, in which the broken tooth is located at the planet gear at right side.

Same as the simulation, each experiment is carried out at seven different rotational speed
conditions listed in Table 4, in which the symbols have the same meaning as the symbols in Table 3.
Five groups of data are collected under each condition. The sampling rate is 25 kHz, and the time
length of each sample is four seconds.

Figure 12 shows the average RMS of the ring vertical acceleration varying with rotational speed
in three experiments. An obviously rising trend can be found for all of the RMSs. Moreover, under the
same rotational speed condition, the RMSs of both fault gears are greater than the RMS of the healthy
gear. The simulation results in Figure 6b agree well with these experimental results.

Take the gearbox vertical acceleration signals at the rotational speed of 237 rpm for further analysis.
According to Table 4, the rotational frequency of the carrier is about 4 Hz; the fault characteristic
frequency of the gearbox is about 13.2 Hz; the rotational frequency of sun gear is about 14.1 Hz; and the
mesh frequency is about 265 Hz.

Figure 13 shows the waveform of the three signals corresponding to the simulation results in
Figure 7. From Figure 13a, one can find that periodic impulse components exist in the vibration of
the healthy gear; they were caused by the gear meshing and slight shaft misalignment in the test rig.
From Figure 13b, it can be found that the vibration waveform of the half tooth breakage fault gear is
similar to that of the healthy gear, and the peak-to-peak value has a very small increase. For the whole
tooth breakage fault gear in Figure 13c, strong impacts can be observed, and the peak-to-peak value
increases significantly. These phenomena validate the simulation results in Figure 7c.

Figure 9 shows the spectrum of these three signals. From the spectrum of the healthy
gear in Figure 14a, an outstanding component at about 528 Hz can be found, which equals 2f,.
This phenomenon is very similar to the harmonic resonance at 2632 Hz in Figure 8a; thus, one can infer
that the test rig has an natural frequency of around 528 Hz. For the half tooth breakage fault gear in
Figure 14b, the sidebands around 3657.8 Hz become obvious. For the whole tooth breakage fault, the
sidebands around 2100 Hz become more obvious and dominant. The frequency distribution of the
simulated vibration signal in Figure 8 is similar to the experimental results in Figure 14c.

One of the main difference between the experiment results in Figure 9 and the simulation results in
Figure 8 is the effect of the gear mesh on the gearbox vibration. In the healthy gear simulation, the mesh
impact is the only excitation source, and the damping is simplified, which make the low frequency
region of the spectrum clean and the octaves of mesh frequency outstanding. In the experiment, other
excitations, caused by shaft misalignment, bending, etc., exist at the same time, which reduce the effect
of the gear mesh.

Figure 15 shows the partial enlarged view of the spectra. It can be found that the carrier rotational
frequency and the sun gear rotational frequency can be observed from the spectrum directly; however, the
fault characteristic frequency cannot be observed from the low frequency region of the spectrum directly.

According to the simulation results, demodulation is needed to detect the tooth breakage fault.
Resonance demodulation analysis (DRA) is used here. At first, a band-pass filter is used to process the
vibration signal with the frequency range chosen as 1700 to 2500 Hz, then the envelope spectrum of
the filtered signal is calculated. Figure 9 shows the envelope spectrum of the three signals at 0 to 50 Hz.
The rotational frequency of the carrier f. = 4 Hz, the rotational frequency of the sun gear f; = 14 Hz
and their octaves can be found in all of these spectra. No other frequencies exist when the gear is
healthy, shown as Figure 16a. For the half tooth breakage fault in Figure 16b, the fault characteristic
frequency f, = 13 Hz and its octaves can be clearly observed. For the whole tooth breakage fault in
Figure 16c, a difference-frequency between f. and f;; can also be found. Consequently, the simulation
result that sum- and difference-frequency between f. and f; exist in the envelope spectrum of the fault
gear vibration signal is validated by the experiment.
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Figure 10. Structure of the test rig: (a) structure diagram, where G is the gearbox, M is the motor, V is
the variable frequency drive, P is the signal pre-processors, C is the collector, 1 to 7 are sensors, 1 is the
rotational speed sensor and 6 is the gearbox vertical acceleration sensor; (b) picture of the test rig.
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Figure 11. Planet gears with: (a) half tooth breakage fault; (b) the whole tooth breakage fault.
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Figure 12. RMS of the experimental ring vertical acceleration varying with rotational speed
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Figure 13. Envelope spectrum of the experimental ring vertical acceleration of the (a) healthy gear, (b)
half tooth breakage fault gear and (c) the whole tooth breakage fault.
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breakage fault gear and (c) the whole tooth breakage fault.
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Figure 16. Envelope spectrum of the experimental ring vertical acceleration of the (a) healthy gear,
(b) half tooth breakage fault gear and (c) the whole tooth breakage fault.

Table 4. Parameters of the planetary gear.

C fe fs fm fr
rpm) (Hz) (Hz) Hz) (Hz)

1 77 128 459 8598 4.3
2 117 195 698 130.7 6.53
3 157 262 936 1753 877
4 197 328 11.7 2200 11.0
5 237 395 141 2647 132
6 277 462 165 3093 155
7 317 528 189 3540 177
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6. Conclusions

A nonlinear dynamic model for a planetary gearbox with tooth breakage fault is built based on
an improved rigid multibody model and is validated by experiment. The effects of tooth breakage size
and rotational speed on the vibration response of a planetary gearbox with tooth breakage fault are
investigated. Tooth breakage fault causes a great drop and rise at the transition points of the gear mesh,
leading to an impulse in the time-varying mesh stiffness; the width of the impulse becomes wider with
the breakage size increasing. For the healthy gear, the effects of the mesh can be found both from the
spectrum and envelope spectrum directly; the rotational frequency of the carrier and sun gear also appears
in the low frequency region of the spectrum because of factors such as misalignment, unbalance, etc.
Harmonic resonance phenomenon can be found both in simulation and experiment. When the tooth
breakage fault occurs, the RMS of the vibration signal will increase, while under some rotational speeds,
the RMS does not increase monotonously with the increasing of breakage size, and at some speeds, the
RMS caused by the whole tooth breakage fault may be less than the RMS caused by a half tooth breakage
fault. In the spectrum, the fault characteristic frequency cannot be found directly; demodulation is needed,
and the sum-and difference-frequency between the carrier rotational frequency and the fault characteristic
frequency can be detected from the low frequency region of the envelope spectrum.

In the future, other excitations caused by manufacturing error, misalignment, unbalance, etc., will
be considered in the dynamic model, to make the simulation better coincide with the actual situation.
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