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Abstract: Cooling in a centrifugal compressor can improve the performance and reduce the impeller
temperature. In a centrifugal compressor, external walls can be cool down, which is known as the shell
cooling. This method avoids undesirable effects induced by other cooling methods. Cooling can be
applied on different external walls, such as the shroud, diffuser or the back plate. This paper focuses
on seeking the most effective cooling place to increase the performance and reduce the impeller
temperature. It is found that shroud cooling improves the compressor performance the most. Shroud
cooling with 2400 W of cooling power increases the pressure ratio by 4.6% and efficiency by 1.49%.
Each 500 W increase in the shroud cooling power, increases the efficiency by 0.3%. Diffuser cooling
and back plate cooling have an identical effect on the polytropic efficiency. However, back plate
cooling increases the pressure ratio more than diffuser cooling. Furthermore, only back plate cooling
reduces the impeller temperature, and with 2400 W of cooling power, the impeller temperature
reduces by 45 K.

Keywords: integrated cooling; high pressure ratio; centrifugal compressor; performance;
impeller temperature

1. Introduction

Centrifugal compressors generate a high pressure ratio in a small size. They can be used in
areas where a high pressure ratio in a small space is desirable; for example, in compact gas turbines,
helicopters and turbochargers. The trend in centrifugal compressors is towards a high pressure ratio
on a smaller scale. This increases the power density, saves energy and also reduces emissions. Future
turbochargers, for example, are required to have a compressor with a pressure ratio up to 5.8 for
continuous operation [1].

Unfortunately, the development of high pressure ratio centrifugal compressors faces some
limitations. In order to have an increment in the pressure ratio, the impeller rotational speed has to
increase. Higher rotational speed intensifies the mechanical stress on the impeller disk. Meanwhile,
the solid impeller temperature increases because of the higher temperature of the flow. This degrades
the impeller integrity. Zheng et al. [2] reported that the maximum pressure ratio that an impeller can
bear drops from 4.6 down to 4.2 if the effects of the temperature variations on the ultimate tensile stress
of the impeller are being considered. Furthermore, higher rotational speed increases the flow speed
and Mach number. This produces shock waves and degrades the efficiency of the compressor.

Compressor efficiency is substantial, especially in high pressure ratio conditions. In a turbocharger
with a pressure ratio of six, compression work in the compressor requires half of the engine power [3].
This shows that a slight improvement in compressor efficiency saves a significant amount of work.
Many studies have sought to increase the efficiency in a centrifugal compressor by aerodynamic
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redesign and modification of the blade shape [4-6]. However, the aerodynamic improvement of blades
reached its limits, and new improvements need a complex 3D manufacturing process.

Effective cooling in a compressor improves the efficiency by changing the thermodynamical path
of the compression. Furthermore, a suitable cooling method at the right place can cool down the
impeller. Different methods of cooling have been used in compressors. Inlet wet cooling is a common
method in gas turbines to increase the efficiency [7,8]. In this method, water is added to the inlet
air flow to reduce the inlet air temperature by evaporation. This method has gained popularity
because of its effectiveness, simple installation and low cost [9,10]. However, this method degrades the
blades’ integrity by ice formation before the leading edge. This method has a negative effect on the
compressor’s surge margin [11,12]. Furthermore, a large amount of water is needed for the continuous
operation, which is not always available.

Another method to avoid these negative effects is to utilize a heat exchanger at the inlet.
The cooling source can be an absorption chiller, active magnetic cooler or Vapor Compression
Refrigeration (VCR). Ameri et al. [13] illustrates that using an absorption chiller for inlet air cooling
in a gas turbine increases the output power by 11.3%. This improvement can be further increased if
somehow the pressure drop caused by the heat exchanger in the main flow can be prevented.

Shell cooling or cooling on the external walls in a centrifugal compressor can be used to cool down
the fluid flow, as well as the impeller. The cooling power source can be the same as the sources used for
charge air cooling as mentioned in the last paragraph. A secondary flow can flow inside some jackets
attached to the walls to cool them down. Moosania et al. [14] used shell cooling for all of the external
walls in a centrifugal compressor. A huge improvement in the compressor performance, as well as
a noticeable reduction in impeller temperature have been obtained by shell cooling. Lei et al. [15]
studied the effect of cooling inside the casing near the back plate on the impeller temperature and
found that with an appropriate cooling rate, the impeller temperature can be reduced effectively.

In this study, cooling has been applied on different external walls separately, to compare the effect
of cooling on each part. Cooling power has been varied on each wall, and the compressor pressure
ratio and efficiency, as well as the impeller temperature have been compared. The cooling walls are
shown in Figure 1.
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Figure 1. Cooling walls in the centrifugal compressor.

2. Numerical Approach

2.1. Compressor Geometry

The compressor blade profile was designed by the author with the parameters shown in Table 1.
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Table 1. Compressor parameters.

Parameters Values and Units
n (rotational speed) 110,000 rpm
m (mass flow rate) 0.7 kg-s~1
Z (blade number) 9+9
D, (impeller diameter) 120 mm
W (work input) 211.76 kW
Tip clearance 0.5 mm
Air gap width 1 mm
Blade inlet angle 60°
Back sweep 40°
Reynolds number 4.96 x 102

The computational domain consists of the solid impeller and the flow passage in the rotating
impeller and the stationary diffuser, as illustrated in Figure 2. Due to the rotational periodicity in these
parts, only one compartment, including one splitter and one main blade, has been included in the
simulation. The air gap was modeled to take into account the heat transfer and heat generation inside

the gap.

Stationary
diffuser

Rotating fluid Air gap
passage - ‘

Figure 2. Computational domain for the compressor.

2.2. Grid Generation

A refined tetrahedral grid was created for the flow passage, as shown in Figure 3. Near the walls,
a prism mesh with 10 layers and the ratio of 1.8 were created for boundary layer calculations. The first
layer height has been chosen to have a y+ < 1. Because of the high velocity gradient in the gap, a mesh
with a smaller size was generated in this area. The grid generation was done at the same time for both
solid and flow regions, in order to have the same nodes on the fluid-solid interface. This increases the
accuracy of the conjugate heat transfer (CHT) calculation [16].

After a grid independence check that gave the results shown in Figure 4, a mesh with about two
million nodes was chosen.
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Figure 3. Compressor grid used in the simulation.
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Figure 4. Polytropic compressor efficiency for the different grid sizes.

2.3. Boundary Conditions

The inlet boundary condition was a total pressure of 100 kPa, a total temperature of 298.15 K,
a turbulence intensity of 5% and axial direction for the flow. The outlet boundary conditions first
used the same total pressure as the inlet for the choked condition. Then, the mass flow rate at the
outlet was reduced to find other operating points. No-slip wall boundary conditions were applied to
all of the walls, and the walls are assumed to be smooth. The steady calculations used in this study
and the unsteady phenomenon of the flow has been neglected. The steady calculation is very robust
for high speed centrifugal compressor, and based on Figure 5, it still has a good prediction of the
real compressor.

In this study, a mixing plane interface was used between the rotating impeller and the stationary
diffuser to enable steady calculations. The mixing plane interface transfers the circumferential average
of the flow quantity in each span to the other region.

Compressor solid parts have a high thermal conductivity. Furthermore, the high rotational speed
of the impeller produces a high convection coefficient. The radiational heat transfer then can be
neglected compared with the high conduction and convection in the compressor [17,18].

The centrifugal compressor performance was evaluated for different cooling powers.
The boundary condition applied to cooling walls was constant heat flux, which has been calculated
from the equation below:
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q" = qi/ A; )

In this equation, q” is the heat flux, and g; is the cooling power on different walls (i.e., the diffuser, back
plate and shroud). A is the surface corresponding to each cooling wall.

2.4. Numerical Methodology

The CFX commercial solver was used to solve the steady-state Reynolds Average Navier-Stokes
(RANS) equations. The air flow inside the compressor is assumed to be compressible. The ideal
gas equation has been used. Although the compressor has a high outlet pressure, it is far below
its critical pressure. Furthermore, the air temperature increases several times more than the critical
temperature. Based on compressibility diagram, the ideal gas assumption still has a good prediction of
the air properties.

p = pRT 2)

The flow inside a high speed compressor is fully turbulent. Thus, the SST (Shear Stress Transport)
model was used for the turbulence closure in the RANS equations. This model combines the accuracy
of the k-w model for boundary layer predictions in high adverse pressure gradient flows and the
stability of the k-¢ model for the main flow. Therefore, the SST model offers a good balance of accuracy
and stability [19]. This turbulence model also has been found to give the best results for conjugate
calculations [20].

2.4.1. Advection Discretization Method

In the beginning of the simulation, the first order upwind method was used for the advection
terms because of its better convergence and stability. The High Resolution advection scheme in the CEX
package was then used for the final results due to the false diffusion in the first order upwind method.

Pip = (Pup+ﬁV(P'A7 3)

The High Resolution scheme uses a special nonlinear recipe for § at each node, computed to be
as close to one as possible without introducing new extrema. The advective flux is then evaluated
using the values of f and V¢ from the upwind node. The choice of § = 1 leads to formally second
order-accurate discretization in space.

2.4.2. Conjugate Heat Transfer

The conjugate heat transfer (CHT) method was used to calculate the temperatures in the solid
impeller and the solid casing. The CHT method gives accurate predictions of the temperatures with
low computational cost, and the accuracy of this method has been examined by different authors [21].
The CHT method uses the same code to solve for both the solid and fluid temperatures with only the
energy equation solved inside the solid body.

V- (pUsh) = V - (AVT) + Sg )

where i is the enthalpy, p is the density and A is the thermal conductivity of the solid. Us is the velocity
of the solid.

2.5. Numerical Model Validation

The experimental data reported by Krain et al. [22] used to validate the numerical model.
Computational results of the compressor pressure ratio have been compared with the experimental
data in Figure 5.
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Figure 5. Numerical model validation.

In low speed and low pressure ratio conditions (N = 60%), numerical results agree well with the
experimental data. However, with increasing the pressure ratios and speeds (N = 80% and 100%),
numerical simulation gives a lower value compared with the experimental data, but the trend is the
same. The reason is the boundary condition on the outside walls. It has been set to be adiabatic in the
numerical model, while in the experiment, it is very hard to control the heat transfer to surroundings,
especially in a high pressure ratio. Moosania et al. [14] reported that in a compressor, heat transfer to the
surroundings considerably increases the compressor performances, especially in a high pressure ratio.

3. Results and Discussion

3.1. Effects on the Pressure Ratio

Figure 6 illustrates the compressor total pressure ratio by cooling on different parts with varied
cooling powers. The dashed line represents the pressure ratio for the adiabatic compressor, which is
a constant value of 6.77. The operating point for all of the result is the design point.
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Figure 6. Effect of cooling on different walls with varied cooling power on the total pressure ratio.
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Based on Figure 6, shroud cooling increases the compressor pressure ratio the most in all cooling
powers. By increasing the cooling power on the shroud, the pressure ratio increases with the largest
slope. Cooling power of 500 W on the shroud increases the compressor pressure ratio from 6.77 to 6.84,
which is about 1%. By intensifying the cooling power to 2400 W, the pressure ratio increases to 7.08,
which is about 4.6%. Cooling power of 2400 W can be achieved by passing cool water flow over fins
attached to the outside walls on the casing.

This result shows that in order to increase the performance of the compressor by cooling, the first
part that should be considered is the shroud. On the other side, any heat flow from external or internal
source to the shroud reduces the compressor performance effectively. Therefore, the heat transfer to
this part should be prevented. Especially for a turbocharger installed in a car, the compressor shroud
has to be insulated to prevent the heat flow from the engine and other heat sources.

Back plate cooling increases the pressure ratio much less than the shroud cooling, but still more
than the diffuser cooling. With the cooling power of 500 W, the compressor pressure ratio increases to
6.78, which is about 0.15%. Increasing the cooling power to 2400 W gives a pressure ratio up to 6.84,
which is about 1.03%.

Cooling the shroud and back plate reduces the air flow temperature inside the impeller. This is
where the compression process happens. The shroud cooling reduces the main flow temperature
directly with the high speed flow crossing over the shroud. The back plate cooling reduces the air
temperature inside the gap. This reduces the impeller temperature, and this slightly reduces the
main flow temperature. The temperature contour in a mid-plane, along the stream-wise direction,
is illustrated in Figure 7.
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Figure 7. Enthalpy-entropy diagram for the compression process with different thermal conditions.
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Cooling the shroud and back plate improves the compression process by changing the
thermo-dynamical path. As is shown in Figure 8, in a cooled compression, the final process has
a higher pressure compared with the adiabatic compression.
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Figure 8. Effect of cooling different walls on the impeller temperature.

Diffuser cooling has a small improvement on the pressure ratio. Velocity change, inside a stream
line in the diffuser, where there is no work input, can be computed using;:

du = —dp/pu ®)

It has been proven by Broadbent [23] that heating increases the velocity. Cooling, on the other
hand, should decelerate the flow. This means, for cooling, du < 0, and dp has to be positive in
Equation (5). This is why cooling in the diffuser increases the pressure ratio.

The work input to the compressor varies with cooling on different parts. This is because of the
change in the velocity triangle at the impeller’s trailing edge. It can be seen that shroud cooling has
the highest increase in working input. However, even with the same work input as the adiabatic
compressor, shroud cooling will result in a higher pressure ratio because of improved flow and higher
efficiency (Table 2).

Table 2. Compressor performance by cooling on different parts.

Cooling Wall Cooling Power (W) Work Input (W) Pressure Ratio Efficiency
Back plate cooling 2415.978 212,922.4764 6.83992 0.785197
Shroud cooling 2415.978 215,355.0418 7.08167 0.792815
Diffuser cooling 2415.978 211,545.8032 6.78116 0.785338
Adjiabatic 0 211,763.3036 6.76869 0.7779

3.2. Effects on the Impeller Temperature

Impeller temperature is a critical parameter for the compressor reliability. The impellers in
centrifugal compressors are generally made of aluminum. Aluminum loses its strength at temperatures
higher than 500 K. Therefore, this is very important to control the impeller temperature, especially in
the area with high stress. The impeller maximum temperatures, with cooling on different walls, are
shown in Figure 9.
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Figure 9. Temperature contours inside the compressor with cooling on different walls.

Back plate cooling reduces the impeller temperature the most, while shroud and diffuser cooling
do not have any effect on the impeller temperature. Shroud cooling slightly increases the impeller
temperature. This is because the shroud cooling considerably increases the pressure ratio and the flow
temperature. Meanwhile, the flow temperature near the blade tip is reduced by shroud cooling, as
shown in Figure 7. The convective heat transfer coefficient is very high at the tip clearance due to the
high velocity of the flow. The impeller losses heat at the tip and gets heat from the flow with higher
temperature. As a result of these two heat transfers, one to the impeller and one from the impeller,
there is a small increment in solid impeller temperature.

Diffuser cooling does not have any effect on the impeller temperature because there is no
convection between cooled down flow inside the diffuser and the impeller. With 500 W of cooling
power on the back plate, the impeller reduced from 549.4 K to 539.88 K. By intensifying the cooling
power to 2400 W, impeller temperature drops to 504.5 K. Roughly by each 500 W of extra cooling
power on the back plate, the impeller temperature reduces by 10 K.

Temperature contours in the compressor with cooling on different parts are demonstrated in
Figure 7. Back plate cooling reduces the temperature of the air inside the gap area. The high rotational
speed of the impeller induces a high convective heat transfer on the impeller back face. By reducing
the air gap temperature, the impeller temperature will be reduced.

Shroud cooling considerably increases the pressure ratio and the flow temperature. Meanwhile,
the flow temperature reduces by losing heat to the cooling wall. As a result, based on Figure 10, there
is a negligible increment in solid impeller temperature by shroud cooling.
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Figure 10. Effect of the cooling temperature on the polytropic efficiency.

3.3. Effects on the Polytropic Efficiency

For comparing the efficiencies of turbo machines of differing pressure ratios, the isentropic
efficiency can be misleading. For example, two compressors with the same flow quality, but different
pressure ratios will have different efficiencies. Casey et al. [24] discussed in details why isentropic
efficiency is totally flawed for the compressors with heat transfer.

The polytropic efficiency calculation in a compressor with heat transfer was discussed by

Oldrich [25].
Hp

Up_Hoz—HerQ

where Q is the cooling power per mass flow rate.

Figure 10 shows the polytropic efficiency of compressors with varied cooling power on different
parts. The dashed line is the polytropic efficiency of the adiabatic compressor.

Shroud cooling increases the compressor polytropic efficiency the most in all cooling powers.
With the cooling power of 500 W, the compressor efficiency increases from 77.79% for the adiabatic
condition to 78.11%. With increasing the cooling power, polytropic efficiency inclined faster for the
shroud cooling compared with diffuser cooling and back plate cooling. Raising the cooling power
from 500 W to 2400 W increases the efficiency up to 79.28%. With each 500 W of cooling power, the
efficiency increases roughly about 0.3%.

Back plate cooling and diffuser cooling have the same effect on the efficiency. By 500 W of cooling
power applied on the diffuser or back plate, the efficiency increases to 77.94% compared to the adiabatic
polytropic efficiency, which is 77.79%. Intensifying the cooling power from 500 W to 2400 W improves
the efficiency from 77.94% to 78.53%. By each 500-W increase in cooling power at the back plate or
diffuser, the efficiency improves about 0.118%.

Figure 11 represents the streamlines in the compressor passage. As can be seen, the shroud cooling
does not have a considerable effect on the streamlines.

(6)
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Figure 11. Streamlines for the compressor in the adiabatic condition and with shroud cooling.

4. Conclusions and Remarks

In this study, a three-dimensional CFD model has been used in order to study the performance
of a high pressure ratio centrifugal with cooling on different parts. Important conclusions about the
cooling approach in a centrifugal compressor are listed as follows.

1. Shroud cooling increases the pressure ratio the most. The cooling power of about 2400 W on
the shroud increases the pressure ratio by about 4.6%.

2. Only back plate cooling reduces the solid impeller temperature. Impeller temperature will drop
by 45 K with the cooling power of 2400 W on the back plate. Cooling the other walls does not affect
the impeller temperature.

3. Shroud cooling has the largest effect on the efficiency, while back plate and diffuser cooling
have almost identical effects on the efficiency. Shroud cooling with the cooling power of 2400 W
increases the polytropic efficiency by 1.49%. With increasing each 500 W of cooling power on the
shroud, the efficiency increases roughly about 0.3%.

4. Heating should have a contrariwise effect on each wall. For example, heating the shroud should
reduce the performance the most, and heating the back plate will increase the impeller temperature.
It is very important to prevent heat transfer to the shroud and back plate to preserve efficiency and
reliability, respectively.
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Nomenclature

The following nomenclature is used in this manuscript:

Z8 I ITTU0

S =3 T
DO

N
N

SIS SHPYC FROS

AT 3 >FE AQON

Impeller diameter (mm)

Specific enthalpy (J-kg™1)

Total Enthalpy (J)

Mas flow rate (kg-s—1)
Rotational speed (rpm)
Rotational speed

Pressure (kPa)

Pressure ratio

Shear production of turbulence (kg-m~!-s~3)
Corrected pressure (= p + 2pk/3)
Heat flux (W-m~—2)

Cooling power (W)

Heat transfer per mass flow rate (k]-kgfl)
Gas constant

Reynolds number

Entropy (]-kg_1 K1
Momentum source term

Energy source term
Temperature (K)

Mean velocity (m-s~1)

Velocity fluctuation (m-s~1)
Work input (kW)

Dimensionless wall distance
Number of blades or vanes

reek symbols

Nabla sign

Air viscosity (kg-s~1-m~1)

Thermal conductivity (WK 1m™1
efficiency

Density (kg~m*3)

Shear stress (N-m~2)

Subscriptions

adia

Adiabatic
Cooled process

eff Effective viscosity

p Polytropic

s Isentropic

t Turbulent

0 Stagnation condition

1 Inlet

2 Outlet

0 Tangential direction
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