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Abstract: In recent years, with the development of robot transmission technology, the market demand
for high-performance actuators, which can be applied to lower limb exoskeleton assist robots, is
increasing. These robots help achieve human–robot interaction through rigid and flexible coupling,
and they can ensure the flexibility of the elderly or patients in daily walking and rehabilitation
training. A novel actuator with a double-roller gear drive structure is proposed with high bearing
capability and high transmission efficiency due to multi-tooth rolling contact with small tooth
difference such that friction is greatly reduced in the transmission process compared to what occurs
in involute planetary transmission. The bearing capacity of the tooth surface was analyzed by using
the loaded contact analysis method. Finally, a prototype was manufactured with the 3D printer, and
the maximum output torque of the developed actuator was tested with an experimental setup. The
results show that this novel actuator, with its double-roller gear drive, has huge potential for use in
the hip joint of an exoskeleton robot.

Keywords: actuator; load distribution; loaded transmission error; double-roller gear drive

1. Introduction

Robots play a significant role in human life, enhancing productivity and efficiency,
and improving the quality of life. They assist us in various tasks and industries including
manufacturing, healthcare, agriculture, and even personal assistance. One particular type
of robot, the exoskeleton robot, has a profound impact on human life. Exoskeleton robots,
also known as wearable robots, are designed to enhance the physical capabilities of humans.
An exoskeleton robot consists of a wearable framework and actuators that provide support
and augment the user’s strength and endurance. The actuators in exoskeleton robots
are crucial components that enable motion and force transmission, and they must meet
specific requirements for exoskeleton robots including reliability, durability, and power
efficiency. They should be capable of providing precise and controlled motion to assist
and enhance a user’s movements. Moreover, they need to be lightweight and ergonomic
to ensure user comfort and avoid excessive fatigue during prolonged use. Orion [1]
et al. developed an auxiliary hand exoskeleton that has good flexibility because of using
silicone resin, which can reduce impact and improve dimensional accuracy. The Research
Institute of the University of Pisa in Italy designed a full-body exoskeleton robot system
(Body Extender), which drove a robot to walk through impedance control. There are a
total of six force sensors in this robot. The laboratory at the University of California, has
proposed an exoskeleton (BLEEX) [2,3] that can withstand body weight and external loads
and includes hydraulic actuators, 30 sensors, and a drive power supply. Onen [4] et al.
developed a wearable exoskeleton robot (WSE) driven by a DC servo motor that uses electric
actuators to provide power because of its compact and lightweight design requirements.
The mechanism, drive, and power transmission of most upper-limb exoskeleton robots
are classified, compared, and summarized [5]. Electric actuators, which utilize electrical
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energy to generate motion, offer precise control and high torque and are suitable for
applications requiring fine movements and accuracy. The hydraulic actuator, which [6] has
a large output torque and power density, has a certain flexibility, meeting the demand for
explosive torque during the startup of an exoskeleton robot for the lower limbs. However,
controlling the gait to fit the natural posture is challenging because of the large inertia
and obvious hysteresis effect. The power of the actuator can be dominated by external
retroaction. When the series elastic actuator (SEA) measures the elastomer to regulate the
drift, a strain instrument is applied to the lower-limb exoskeleton robot actuator to record
force and torque [7].

Gear transmission systems play crucial roles in robot actuators by enabling power
transmission and motion transmission and providing positioning and precision control.
The effective design and optimization of gear transmission systems are essential for opti-
mizing the performance and functionality of robots. To avoid motor power transfer loss, the
actuation system must have a high torque efficiency and mechanical bandwidth for high
torque transmission. Additionally, when an exoskeleton robot is used for human walking,
it should reduce the human burden as much as possible, and so, a light and compact drive
system is designed to meet the requirements. However, low control capacity and rest
friction are still not resolved [8]. The cycloid reducer reduces speed by utilizing the tooth
difference. Compared with the harmonic drive, with an identical speed-reducing ratio, the
cycloid reducer, with a high reducing ratio, has better carrying capacity [9]. The cycloid
reducer can achieve a low speed-reducing ratio and high reducing ratio because the cycloid
reducer has a wider speed-reducing ratio range. The cycloid reducer has become the widely
applied type of reducer for industrial robots. However, it is difficult to directly apply
traditional ready-made cycloid reducers to exoskeleton robots because of their large sizes
and high weights [10]. The design of a portable cycloid reducer, which can be effectively
applied to exoskeleton robots, is put forward. Li et al. introduced unloaded tooth contact
analysis to determine instantaneous meshing information. Combining the Boussinesq
force–displacement relationship in elastic half space with the influence coefficient method,
a tooth flexibility model considering tooth contact deformation was established. Then, the
loads, contact patterns, and loaded transmission error were calculated by enforcing the
compatibility and equilibrium conditions [11–13]. Sensinger [14] put forward the idea of a
cycloid reducer that uses roller bearing with modest attrition factors to take the place of a
free roller. In order to devise an efficient cycloid reducer, a compact needle bearing was
used instead of a ball bearing [15,16]. The type of contact between a cycloid and pinion
is point contact, rather than theoretical line contact, which greatly improves mechanical
efficiency [17]. High energy efficiency at a low speed-reducing ratio is a cycloid reducer’s
main advantage; then, an actuator model was set up by assembling an electrical motor
with high torque density. There is an increasing demand for high-performance gear drives,
and these can achieve larger reduction ratios. In contrast, the reduction ratios provided
by mainstream harmonic drives in the market cannot meet the demand of the market.
Therefore, planetary, wolfrom, cycloidal, and various other types of transmission structures
have been promoted [18–20]. Cycloidal reducers [21] allow robots to exhibit excellent per-
formance (i.e., high robustness, torsional stiffness, mechanical efficiency). The main reason
for their generating these performances is their large stress area and rolling contact [22].
Many researchers have analyzed various parameters of cycloidal gears [23,24]. In order
to further optimize the design, researchers have considered tooth profile modification to
reduce machining errors. The use of needle roller bearings instead of free rollers greatly
improves mechanical efficiency and reduces friction losses [25]. A compact low deceleration
cycloidal transmission has been developed that is low-cost, capable of 3D printing, and
uses ready-made bearings and steel structures [26]. Jea-Luc set up a theoretical approach
for estimating cycloidal gear reducers’ effectivenesses; after experimental verification, the
error was relatively small compared to the actual situation [27]. Pablo López García et al.
proposed an evaluation criterion strongly constrained by HRI applications and used it to
evaluate the performance of traditional and emerging robot transmission technologies,
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particularly in terms of weight and efficiency [28]. The cycloidal reducers proposed above
can also be connected to an electric motor that can be applied to an exoskeleton robot.

The rest of this paper is set as follows: The Section 2 provides a brief explanation of the
fundamental geometric design and operating mechanism of a novel actuator with a double-
roller gear drive. The Section 3 addresses a semi-analytical load distribution model based
on an investigation of tooth contact under loaded and unloaded conditions. A gear tooth
flexibility model is created by integrating the Boussinesq force–displacement relationship
in elastic half space with the effect coefficient approach. The impacts of various torque sizes
on contact stress, load transmission error, and transmission ratio are studied by using the
suggested model in the Section 4, which also presents an experimental verification. The
entire text is distilled in the Section 5.

2. Mechanical Structure and Gear Geometry Design
2.1. Explosion Diagram and Working Principle

Figure 1 shows the three-dimensional model and physical prototype of the novel
actuator. Its diameter is 80 mm and its height is 78.5 mm. It mainly consists of a hexagon
socket cylindrical bolt (1), drive housing (2), retaining ring (3), cross roller bearing (4),
output end (5), inner needle (6), sleeve (7), outer needle roller (8), retaining ring (9), solid
needle roller bearing (10), retainer (11), eccentric sleeve (12), right side of holder (13), motor
front end cap (14), C-type flat key (15), motor shaft (16), rotor (17), deep groove ball bearing
(18), determinant (19), magnetic encoder (20), and motor housing (21). Unlike common
involute gear drives, it is a complex eccentric rotating planetary transmission structure.
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Figure 1. (a) The three-dimensional diagram of the novel actuator. (b) The physical prototype of the 

novel actuator. (c) The explosion diagram of the double-roller structure model. 

The input shaft drives the platform’s rolling and the eccentric sleeve maintains the 

disc’s touching with the rollers. The disc’s rotational movement is sent to the output axis 

Figure 1. (a) The three-dimensional diagram of the novel actuator. (b) The physical prototype of the
novel actuator. (c) The explosion diagram of the double-roller structure model.

The input shaft drives the platform’s rolling and the eccentric sleeve maintains the
disc’s touching with the rollers. The disc’s rotational movement is sent to the output axis
through output spaces situated on the retainer and the needles surrounding the output
disc. The advantage of this mechanism is that the meshing pair possesses the characteristic
of rolling contact to reduce the loss of meshing power, improve traditional efficiency, and
simultaneously have the characteristics of multiple-tooth contact of planetary transmission
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with small tooth difference. Compared with involute planetary transmission, the double-
roller structure has the benefits of compact size, low weight, high transmission ratio, high
positioning accuracy, and better bearing capacity due to the small difference in the number
of teeth and multi-tooth contact features [29].

2.2. Geometric Parameters of the Double-Roller Gear Pair

The basic geometric shape is expressed in Figure 2. The 17 sleeves (expressed in beige)
roll over the rollers (here 18, displayed in green) on the outer circumference with a radius
of R, with each roller having a radius of Rr. The sleeve (beige) and retainer (blue) come into
contact with the eccentric sleeve (red) through the bearing (gold). Then, they are driven by
an eccentric sleeve on the input axis (brown) that rotates around the input shaft with an
eccentricity of E related to the rotation shaft. Finally, the required moment is transmitted to
the output axis through the output pins (yellow).
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Figure 2. Dual needle roller structure inside the driver.

The ordinary representation for the ratio of transmission (N) of the double needle
roller structure with Ns sleeves and Nr rollers is as follows:

N =
NS

Nr − NS
(1)

where the contrast Nr − NS = 1 guarantees the maximum meeting region for power trans-
mission. Therefore, substituting NS = Nr − 1, the above expression can be simplified thus:

N = Nr − 1. (2)

The sleeve motion profile can be ingeniously represented thus:

sx(θ) = R cos(θ)− Rr cos(θ + α)− E cos(Nrθ)
sy(θ) = −R sin(θ) + Rr sin(θ + α) + E sin(Nrθ)

(3)
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where α denotes the inclination of the sleeve in relation to the roller:

α = tan−1

[
sin((Nr − 1)θ)

cos((Nr − 1)θ)− R
ENr

]
(4)

and θ ∈ [0, 2π] represents the angle around the input axis.

3. Model for the Load Distribution

In this part, a load distribution model of a double-roller gear drive is developed, and
this is seen as a three-dimensional resilient contact question to exactly describe the influence
of flank profile and lengthways modification. The semi-analytic model is proposed and
assayed under the ensuing assumptions:

1. The force spread on a pair of teeth does not influence stretch variations on nearby
tooth couples.

2. In a quasi-static process, the rotating speed and inertia forces of the locomotor compo-
nents are ignored.

3. It is assumed that the curved shape of gear tooth exteriors in the meeting area
remains invariable.

4. The friction that exists between contact tooth couples is ignored.

Figure 3 depicts the general layout of the mentioned semi-analytic model based on
the aforementioned assumptions. The design size, modification, material attributes, and
inflicted force are the initial arguments for the model previously mentioned. The tooth
profile and roller profile expressed by the foregoing arguments are converted into an
overall coordinate frame to execute unloaded tooth contact analysis for obtaining the
meshing information. Then, the Boussinesq force–displacement relationship in the elastic
half-space is expressed by using the influence coefficient method, and a tooth compliant
model that takes into account tooth contact deformity is set up. The final step is to offer
a series of balancing and coordination criteria, which are utilized to estimate the loads,
load transmission error (LTE), contact relationship, contact pressure, and transmission ratio
during the transmission process.
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Figure 3. A flow process diagram of the load distribution analysis method for double needle cycloidal
transmissions.

3.1. Analysis of the Unloaded Tooth Contact

Unloaded tooth contact analysis is carried out in both dimensions to precisely establish
the immediate center point for possible meshing areas. The ordinate frames for unloaded
TCA (Tooth Contact Analysis) are displayed in Figure 4. S1(x1, y1) and S2(x2, y2) are fixedly
attached to the needle roller and cycloidal gear, respectively, and the fixed axis system
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S f (x f , y f ) that coincides with S1 is fastened on the rack in an exact manner. The location

vector r(1)f (θr) and its unit normal vector n(1)
f (θr) are expressed in S f thus:

r(1)f (θr) =


R cos(nσr) + Rr cos(θr)
R sin(nσr)− Rr sin(θr)

0
1

, (5)

n(1)
f (θr) =

r(1)f (θr)

∂θr
× k∣∣∣∣∣ r(1)f (θr)

∂θr
× k

∣∣∣∣∣
, (6)

where n is the total number of rollers, σr is an indexing angle of the needles and its value
is σr = 2π

Nr
, k = [0, 0, 1] is an unit normal vector, and θr is the angle argument of the

roller profile.
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The position vector r(2)f (θga, φpi, φit, θc) and its unit normal vector n(2)
f (θga, φpi) are

expressed in S f in an equal manner:
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r(2)f (θga, φpi, φit, θc) =



[R1 cos(nθga − θga/2) + Rs cos θc] cos(φpi) + [R1 sin(nθga − θga/2)
+Rs sin θc] sin(φpi) + E cos(φit)
[R1 sin(nθga − θga/2) + Rs sin θc] cos(φpi)− [R1 cos(nθga − θga/2)
+Rs cos θc] sin(φpi) + E sin(φit)

0
1

 (7)

n(2)
f (θga) =

r(2)f (θga)

∂θga
× k∣∣∣∣∣ r(2)f (θga)

∂θga
× k

∣∣∣∣∣
, (8)

where φpi is the rotation angle, φit is the crank axle’s input angle, θc is an included angle be-
tween the articulated line from the sleeve center to engagement point M and the horizontal
line, and θga is an angle argument.

Two requirements must be met for it to be possible to perform the unloaded TCA: the
radius vectors must be coincident and the convergence of the normal vectors of the gear
and roller contours must occur at the same meeting locations [15,30]. Hence,

n(1)
f (θr) = n(2)

f (θga, φpi)

r(1)f (θr) = r(2)f (θga, φpi, φit)
(9)

To calculate the unit normal vectors,
∣∣∣n(1)

f

∣∣∣ = ∣∣∣n(2)
f

∣∣∣ = 1, three formulas that are not
linear with a few unknowns (θr, θga, φpi and φit) can be set up. The input crank axle angle
φit is given, and the other three unknown arguments can be computed.

Then, the backlash φali and the angle of rotation φd are expressed as below [15,31]:

φali = φd − φpi
φd = max(φpi)

(10)

where the backlash φali is the maximum revolve angle for all possible melding gear trans-
mission pairs and the revolve angle φd is the peak value in the rotation angles.

3.2. Tooth Compliance Model

After defining the source sites of the probable meeting area in the no-load TCA, the
subsequent phase is to ascertain the tooth adaptability of the contact components. The
tooth depth is shorter because the tooth thickness of the dedendum is larger, and the contri-
bution of contact deformation to tooth deformation is much greater than that of bending
deformation and shear deformation. Therefore, only considering contact deformation is
enough for applications in engineering [32]. This paper introduces the Boussinesq solution
to tooth contact deformation in the elastic half space [33,34].

Figure 5 reveals the meeting situation of the double needle structure. From the lateral
view, the two coordinate frames are defined at the same base point at the beginning meeting
point (area) as expressed in Figure 5a. In Figure 5b, the actual contact pattern and contact
line between the roller pin and sleeve are depicted. As illustrated in Figure 5c, the tooth
flank is illustrated in the coordinate frame, where x and y stand for the gear outline and
width directions, respectively. The possible meeting region is split into an interface lattice,
and each grid element is represented by a single meeting point. The meeting area of each
gear pair is split into b mesh elements with the same diameter in the outline orientation.
In the width direction, the same possible meeting area is segmented into c mesh elements.
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Every meeting mesh element’s region is Ω′ = 2ξ × 2η. The meeting deformation δc at a
point (xi, yi) can be expressed as follows:

δc = (
1− µ2

1
πE1

+
1− µ2

2
πE2

)
x

Ω

b(x′, y′)

[(x− x′)2 + (y− y′)2]
1/2 dx′dy′, (11)

where µ and E stand for the Poisson’s ratio and Young’s modulus, respectively, and indexes
1 and 2 indicate roller pin and sleeve, respectively. b(x′, y′) is the dispersed stress in the
meeting region Ω.
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Figure 5. (a) Lateral viewpoint of original meeting area. (b) Schematic diagram of contact between
roller pin and sleeve. (c) Discretization of meeting area into a mesh.

The preliminary spacings between both sides are set as ω1ij and ω2ij, and they are able
to be expressed thus:

ω1ij =
{

ρ2
1 − [2ξi− 2ξ(b/2 + 1)]2

}1/2
− |ρ1|, i = 1, 2, · · · , b; j = 1, 2, · · · , c, (12)

ω2ij =
{

ρ2
2 − [2ξi− 2ξ(b/2 + 1)]2

}1/2
− |ρ2|, i = 1, 2, · · · , b; j = 1, 2, · · · , c, (13)

where ρ1 is the curvature semidiameter of the roller and ρ2 is the curvature semidiameter
of the sleeve at the location of contact.

In the case of PCM (Partially Crowned Modification),

∆p(d) =

{
Rp −

√
Rp2 − (|d| − L1/2)2,−L/2 ≤ d < −L1, L1/2 ≤ d ≤ L/2

0,−L1/2 ≤ d ≤ L1/2
. (14)

On the basis of Equation (14), the initial spacing of the sleeve surface can be redrafted thus:

ωPCM
2ij = ω2ij +

{{
R2

P − [2η j− 2η(c/2 + 1)]2
}1/2

− Rp

}
G(x), i = 1, 2, · · · , b; j = 1, 2, · · · , c, (15)

where G(x) =
{

1, x > 0
0, x ≤ 0

and x = (2j− 1)/(c + 1)− 1− L1/L.

In such a case, the improved portability approach’s total formula for the multidimen-
sional flexible contact may be represented as follows:

n

∑
k=1

Pk fij = δt −ω1ij−ω2ij, k = 1, 2, · · · , n; i = 1, 2, · · · , b; j = 1, 2, · · · , c, (16)
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where fij is the effect factor that is able to be expressed as follows:

fij = (
1−µ2

1
πE1

+
1−µ2

2
πE2

){
(x + ξ) ln[

(y+η)+
√
(y+η)2+(x+ξ)2

(y−η)+
√
(y−η)2+(x+ξ)2

]

+(y+η) ln[
(x+ξ)+

√
(y+η)2+(x+ξ)2

(x−ξ)+
√
(y+η)2+(x−ξ)2

] , i = 1, 2, · · · , b; j = 1, 2, · · · , c.

+(x− ξ) ln[
(y−η)+

√
(y−η)2+(x−ξ)2

(y+η)+
√
(y+η)2+(x−ξ)2

]

+ (y− η) ln[
(x−ξ)+

√
(y−η)2+(x−ξ)2

(x+ξ)+
√
(y−η)2+(x+ξ)2

]

}
(17)

In addition to displacement requests, two limitations on force are also exerted. The
normal force f is computed by using the following formula:

n

∑
k=1

Pk =
f

4ξη
, Pk ≥ 0 ,k = 1, 2, · · · , n, (18)

where the stress dispersion in the meeting area ought to be nonnegative.
The preceding linear formulas [27,34] with fringe conditions are able to be computed

to derive the meeting area, meeting pressure, and meeting deformation. Therefore, the
tooth flexibility is expressed as follows:

Cc =
δc

f
. (19)

Gear tooth flexibility is a nonlinear formula involving the geometries, powers, and
material characters of gear teeth. The numerical values of tooth flexibility and normal
force are able to be computed by using a process of iteration, which will be outlined in the
next section.

3.3. Loaded Tooth Contact Analysis

As expressed in Figure 6, the suitability requirements must be met to compute the
number of contact tooth pairs that is able to be expressed, as shown below [35]:

contact : ∆φd > φali, αi = ∆φd − φali
no contact : ∆φd < φali, αi = 0

(20)

where ∆φd is the augmenter of the revolve angle and αi is the small angular displacement
of the gear tooth.

The force–torque stable balance formula is able to be shown thus:

T =
n1

∑
i=1

αil2
i /Cni, (21)

where the lever arm li is able to be exactly expressed as follows:

li =
−E tan θr cos φit − E sin φit + R sin nσr + R tan θr cos nσr√

tan2 θr + 1
. (22)
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The iterative computation is duplicated to get a solution, as expressed in Figure 3.
First of all, two initializations of load and angular displacement can be selected to seek the
solution of the connectivity and balance formulas, on the basis of using Equations (12)–(19)
simultaneously, and then, the backlash is computed through unloaded TCA. Once the
force and angular rotation enter the formula systems, all values are renewed. When the
changes in force and angular rotation astriction fall within 2%, the iterative program must
be stopped to generate the forces, meeting pressure, meeting model, transmission ratio,
and load transmission error (LTE).
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4. Theoretical and Experimental Results

The contact stress distribution, load-bearing capacity, and transmission error of the
double-roller gear pair of the actuator are simulated by the above calculation model.
Assuming that the material properties of the gear pair are the same, Poisson’s ratio is 0.3,
and Young’s modulus is 206 GPa, the basic design parameters are shown in Table 1.

Table 1. Basic design parameters of the double-roller gear pair.

Parameter Description Value

N0 Output pin number 17
Nr Roller number 18
R The radius of roller position 26.65 mm
Rr The radius of roller 2.5 mm
E Eccentricity 1 mm
B Gear width 10 mm

R1 The radius of sleeve position 22.15 mm
Rs The radius of sleeve 3 mm
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The-load bearing capacity and transmission error are theoretically analyzed by the
proposed model. Figure 7 expresses the stress distribution of the gear pairs under different
crankshaft angles and torques for the FCM (Fully Crowned Modification) type, illustrated
in 3D plots. As expressed in Figure 7a, when it comes to FCM, at a crankshaft angle of 0
degrees, the contact stress in the middle part of a single tooth is relatively small and the
stress concentrating on both sides can reach a maximum of 532 MPa. As different teeth
mesh, the maximum stresses of different teeth continue to decrease. From the figure, it can
be seen that Tooth No. 3 does not mesh due to the systematic errors.

Similarly, as shown in Figure 7b, at a crankshaft angle of 150 degrees, there is also a
situation of stress concentration and maximum stress reduction. The maximum stress can
reach 510 MPa. Compared to the previous situation with a crank angle of 0 degrees, the
maximum stress has decreased. The difference is the meshing gear number starts with Gear
No. 8 and ends with Gear No. 16 at 150 degrees. It is obvious that as the angle increases,
the first meshing teeth change regularly.

When the applied torque increases, the maximum stress also increases, as expected.
In Figure 7c, at an input torque of 10 Nm with a crankshaft angle of 0 degrees, compared
to Figure 7a, the maximum stress can reach 763 MPa with a slight increase. Similarly, at a
crankshaft angle of 150 degrees, the maximum stress can reach 724 MPa. As expressed in
Figure 7e, if the applied torque is 20 Nm with a crankshaft angle of 0 degrees, the maximum
stress reaches 1077 MPa. As expressed in Figure 7f, if the applied torque is 20 Nm with a
crank angle of 150 degrees, the maximum stress reaches 1045 MPa. As shown in Figure 7g,
if the applied torque is 40 Nm with a crank angle of 0 degrees, the maximum stress reaches
1579 MPa. As expressed in Figure 7h, if the applied torque is 40 Nm with a crank angle of
150 degrees, the maximum stress reaches 1498 MPa. The stress distribution shown in the
above figures is basically in line with the actual applied torques.

Figure 8 shows the situation of the crankshaft angle and load transmission error
under four different torques. From the figure, it can be seen that as the crankshaft an-
gle increases step by step, the load transmission error presents a periodic change simi-
lar to a sine wave. Among the load transmission error values, the maximum absolute
value of the load transmission error can reach 81 arcsec, and the minimum values is only
6 arcsec. As the applied torque increases, the absolute value increases gradually. When
the torque is 40 Nm, the transmission error is the largest. When the applied torque is
5 Nm, the transmission error is the smallest. The image representation still conforms to the
real-life situation.

Actuators 2023, 12, x FOR PEER REVIEW 12 of 18 
 

 

Assuming that the material properties of the gear pair are the same, Poisson’s ratio is 0.3, 

and Young’s modulus is 206 GPa, the basic design parameters are shown in Table 1. 

Table 1. Basic design parameters of the double-roller gear pair. 

Parameter Description Value 

N0 Output pin number 17 

Nr Roller number 18 

R The radius of roller position  26.65 mm 

Rr The radius of roller  2.5 mm 

E Eccentricity 1 mm 

B Gear width 10 mm 

R1 The radius of sleeve position 22.15 mm 

Rs The radius of sleeve 3 mm 

The-load bearing capacity and transmission error are theoretically analyzed by the 

proposed model. Figure 7 expresses the stress distribution of the gear pairs under differ-

ent crankshaft angles and torques for the FCM (Fully Crowned Modification) type, illus-

trated in 3D plots. As expressed in Figure 7a, when it comes to FCM, at a crankshaft angle 

of 0 degrees, the contact stress in the middle part of a single tooth is relatively small and 

the stress concentrating on both sides can reach a maximum of 532 MPa. As different teeth 

mesh, the maximum stresses of different teeth continue to decrease. From the figure, it can 

be seen that Tooth No. 3 does not mesh due to the systematic errors. 

  
(a) (b) 

Figure 7. Cont.



Actuators 2023, 12, 292 12 of 17Actuators 2023, 12, x FOR PEER REVIEW 13 of 18 
 

 

  
(c) (d) 

  
(e) (f) 

  
(g) (h) 

Figure 7. (a) The contact pressure distribution of a gear pair with a crankshaft angle of 0 degrees 

and a torque of 5 Nm. (b) The contact pressure distribution of a gear pair with a crankshaft angle of 

150 degrees and a torque of 5 Nm. (c) The contact pressure distribution of a gear pair with a crank-

shaft angle of 0 degrees and a torque of 10 Nm. (d) The contact pressure distribution of a gear pair 

with a crankshaft angle of 150 degrees and a torque of 10 Nm. (e) The contact pressure distribution 

of a gear pair with a crankshaft angle of 0 degrees and a torque of 20 Nm. (f) The contact pressure 

Figure 7. (a) The contact pressure distribution of a gear pair with a crankshaft angle of 0 degrees
and a torque of 5 Nm. (b) The contact pressure distribution of a gear pair with a crankshaft angle of
150 degrees and a torque of 5 Nm. (c) The contact pressure distribution of a gear pair with a crankshaft
angle of 0 degrees and a torque of 10 Nm. (d) The contact pressure distribution of a gear pair with a
crankshaft angle of 150 degrees and a torque of 10 Nm. (e) The contact pressure distribution of a gear
pair with a crankshaft angle of 0 degrees and a torque of 20 Nm. (f) The contact pressure distribution
of a gear pair with a crankshaft angle of 150 degrees and a torque of 20 Nm. (g) The contact pressure
distribution of a gear pair with a crankshaft angle of 0 degrees and a torque of 40 Nm. (h) The contact
pressure distribution of a gear pair with a crankshaft angle of 150 degrees and a torque of 40 Nm.



Actuators 2023, 12, 292 13 of 17

Actuators 2023, 12, x FOR PEER REVIEW 14 of 18 
 

 

distribution of a gear pair with a crankshaft angle of 150 degrees and a torque of 20 Nm. (g) The 

contact pressure distribution of a gear pair with a crankshaft angle of 0 degrees and a torque of 40 

Nm. (h) The contact pressure distribution of a gear pair with a crankshaft angle of 150 degrees and 

a torque of 40 Nm. 

Similarly, as shown in Figure 7b, at a crankshaft angle of 150 degrees, there is also a 

situation of stress concentration and maximum stress reduction. The maximum stress can 

reach 510 MPa. Compared to the previous situation with a crank angle of 0 degrees, the 

maximum stress has decreased. The difference is the meshing gear number starts with 

Gear No. 8 and ends with Gear No. 16 at 150 degrees. It is obvious that as the angle in-

creases, the first meshing teeth change regularly. 

When the applied torque increases, the maximum stress also increases, as expected. 

In Figure 7c, at an input torque of 10 Nm with a crankshaft angle of 0 degrees, compared 

to Figure 7a, the maximum stress can reach 763 MPa with a slight increase. Similarly, at a 

crankshaft angle of 150 degrees, the maximum stress can reach 724 MPa. As expressed in 

Figure 7e, if the applied torque is 20 Nm with a crankshaft angle of 0 degrees, the maxi-

mum stress reaches 1077 MPa. As expressed in Figure 7f, if the applied torque is 20 Nm 

with a crank angle of 150 degrees, the maximum stress reaches 1045 MPa. As shown in 

Figure 7g, if the applied torque is 40 Nm with a crank angle of 0 degrees, the maximum 

stress reaches 1579 MPa. As expressed in Figure 7h, if the applied torque is 40 Nm with a 

crank angle of 150 degrees, the maximum stress reaches 1498 MPa. The stress distribution 

shown in the above figures is basically in line with the actual applied torques. 

Figure 8 shows the situation of the crankshaft angle and load transmission error un-

der four different torques. From the figure, it can be seen that as the crankshaft angle in-

creases step by step, the load transmission error presents a periodic change similar to a 

sine wave. Among the load transmission error values, the maximum absolute value of the 

load transmission error can reach 81 arcsec, and the minimum values is only 6 arcsec. As 

the applied torque increases, the absolute value increases gradually. When the torque is 

40 Nm, the transmission error is the largest. When the applied torque is 5 Nm, the trans-

mission error is the smallest. The image representation still conforms to the real-life situ-

ation. 

 

Figure 8. The load transmission error under four different torques. 

Figure 9 shows the situation of the crank angle in  and gear ratio under four dif-

ferent torques. From the figure, it can be seen that as the crank angle increases step by step, 

the gear ratio presents periodic changes. The crank angle ranges from 0 to 180 degrees, 

and the maximum gear ratio can reach 18.1, while the minimum transmission ratio is only 

16.5. As the input torque increases, the gear ratio gradually increases. When the output 

torque is 5 Nm, the fluctuation of the gear ratio is the smallest. When the output torque is 

40 Nm, the fluctuation is the maximum, as expected. 

Figure 8. The load transmission error under four different torques.

Figure 9 shows the situation of the crank angle φin and gear ratio under four different
torques. From the figure, it can be seen that as the crank angle increases step by step, the
gear ratio presents periodic changes. The crank angle ranges from 0 to 180 degrees, and the
maximum gear ratio can reach 18.1, while the minimum transmission ratio is only 16.5. As
the input torque increases, the gear ratio gradually increases. When the output torque is
5 Nm, the fluctuation of the gear ratio is the smallest. When the output torque is 40 Nm,
the fluctuation is the maximum, as expected.
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Figure 9. The fluctuation of the gear ratio under four different torques.

Figure 10 shows the situation of the crank angle φin and number of teeth in contact
under four different torques. The figure demonstrates that as the crankshaft angle is steady
augmented, the number of touching teeth presents a periodic change similar to a square
wave. When the crank angle changes from 0 to 180 degrees, the numbers of contact teeth,
mainly, are 7 and 8. Take one cycle as an example: when the crank angle is 0 degrees, the
number of touching teeth is 7, and when the crankshaft angle changes from 2 to 18 degrees,
the number of touching teeth is 8. Under the performance of four different torques, the
four curves basically coincide.



Actuators 2023, 12, 292 14 of 17

Actuators 2023, 12, x FOR PEER REVIEW 15 of 18 
 

 

 

Figure 9. The fluctuation of the gear ratio under four different torques. 

Figure 10 shows the situation of the crank angle in  and number of teeth in contact 

under four different torques. The figure demonstrates that as the crankshaft angle is 

steady augmented, the number of touching teeth presents a periodic change similar to a 

square wave. When the crank angle changes from 0 to 180 degrees, the numbers of contact 

teeth, mainly, are 7 and 8. Take one cycle as an example: when the crank angle is 0 degrees, 

the number of touching teeth is 7, and when the crankshaft angle changes from 2 to 18 

degrees, the number of touching teeth is 8. Under the performance of four different tor-

ques, the four curves basically coincide. 

 

Figure 10. Relationship between crank angle ( in ) and number of teeth in contact. 

Taken from an experimental test, the assembled prototype is expressed in the follow-

ing Figure 11. Figure 11 depicts the structure of the external retaining ring, a physical 

image of the structure of the double-roller gear drive, the overall appearance of the pro-

totype, and the internal components inside the prototype. 
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Taken from an experimental test, the assembled prototype is expressed in the following
Figure 11. Figure 11 depicts the structure of the external retaining ring, a physical image of
the structure of the double-roller gear drive, the overall appearance of the prototype, and
the internal components inside the prototype.
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Figure 11. Assembling the driver experimental prototype.

The prototype was confirmed through various kinds of tests, and we proved the
function of the transmission device and the whole actuator. An experimental device was
built as expressed in Figure 12. The entire experimental setup included a workbench
bracket, the novel actuator, a supporting rod, a driver power supply, and a heavy lifting
hammer. As represented in Figure 12, the novel actuator was driven by a 36 V power
supply and the output end was fixed to the rod through two bolts. The right end of the rod
was connected to two 2 kg weight hanging hammers through a steel wire, and the output
line was connected to an upper computer through a CAN interface. The output torque of
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the actuator could be verified by controlling the software speed and current of the upper
computer to drive the reducer to rotate. The maximum output torque of the actuator could
reach about 20 Nm. All experiments were conducted on a 36 V electric source, and the
driver joint was connected to the upper computer through a serial interface to detect and
record position, speed, and current data.
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5. Conclusions

A novel actuator with a double-roller gear drive, which can be applied in exoskeleton
robots, was proposed in this paper. The theoretical meshing verification of the gear pair was
performed by using the loaded tooth contact analysis model. The three-dimensional model
of the gear box was built and its prototype was assembled with components printed by a
3D printer. The experimental test results show a good performance on bearing capacity.

In the process of structure designing, the needle roller bearing was used; this greatly
reduces the generation of friction during power transmission, and it can be applied to
compact reducers with high mechanical efficiency requirements. In addition, a sleeve was
also used as the contact structure of the external needle roller; this greatly reduces energy
loss and friction during movement, and greatly improved the mechanical efficiency of the
entire actuator. Therefore, it can meet the power requirements of exoskeleton robots.

The internal stiffness and load transmission error have been studied and validated by
an experimental test. In the future, in-depth research can be conducted to optimize the var-
ious performance indicators of the reducer such as by reducing transmission errors. There-
fore, the aforementioned novel actuator has huge potential for use in exoskeleton robots.
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