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Abstract: This paper presents an optimization design method for centrifugal compressors
based on one-dimensional calculations and analyses. It consists of two parts: (1) centrifugal
compressor geometry optimization based on one-dimensional calculations and (2) matching
optimization of the vaned diffuser with an impeller based on the required throat area.
A low pressure stage centrifugal compressor in a MW level gas turbine is optimized by this
method. One-dimensional calculation results show that D3/D2 is too large in the original
design, resulting in the low efficiency of the entire stage. Based on the one-dimensional
optimization results, the geometry of the diffuser has been redesigned. The outlet diameter
of the vaneless diffuser has been reduced, and the original single stage diffuser has been
replaced by a tandem vaned diffuser. After optimization, the entire stage pressure ratio is
increased by approximately 4%, and the efficiency is increased by approximately 2%.
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1. Introduction

Small gas turbines have been widely used in small aircraft, vehicles, distributed energy systems and
other energy applications. A centrifugal compressor has been generally used in small gas turbines
because of the high single stage pressure ratio, simple structure, long life and other favorable
characteristics. Therefore, research on design optimization methods for centrifugal compressors has
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important significance for small gas turbine development. The centrifugal compressor has an axial
inlet and a radial outlet, so the interactions between the impeller and diffuser exhibit strong
three-dimensional characteristics. At present, the design of centrifugal compressors is based on 1D
calculations and analyses. 1D calculations are a very important tool for designers; they can be used to
calculate the geometric parameters according to the requirements at very early development stages and
during the optimization process. These calculations can quickly determine whether the geometrical
parameters are reasonable.

1D analysis has been persistently developed in the past several decades, and the main methods used
in the prediction are Single-Zone modeling and Two-Zone modeling. The Single-Zone model assumes
that the flow through the impeller passage is uniform, so there is one flow path in the impeller.
Galvas [1] developed a Single-Zone model for calculating the off-design performance of centrifugal
compressors with channel diffusers. Aungier [2] provided a comprehensive mean streamline
aerodynamic performance prediction procedure for centrifugal compressor stages, and the results
match the experimental results for a turbocharger compressor with pressure ratio up to 3.5. Oh [3]
extensively tested the loss models previously published in the literature and found an optimum set of
empirical loss models for a reliable performance prediction of centrifugal compressors. Two-Zone
modeling was developed by Japikse [4]; it assumes that a ‘jet-wake’ structure exists in the
impeller passage.

Shape optimization is also an important method in centrifugal compressor design. Mengistu [5]
represented the turbine blade shape with a MRATD model, which is a low-order representation that
describes the blade profile using a maximum of 17 aerodynamic design parameters. This
representation is then used in an optimization scheme to accomplish a certain optimization objective.
Rossetti [6] presented an optimum design procedure for an aerodynamic radial diffuser aiming at
achieving the best compromise between flow deflection, static pressure recovery, and total pressure
loss. Although many designers try to improve the efficiency of centrifugal compressor by shape
optimization, the matching of the vaned diffuser with the impeller has an important influence on the
efficiency of centrifugal compressor. Klassen [7] tested a centrifugal compressor with a backswept
bladed impeller and a vaned and vaneless diffuser, and it is found that better matching of impeller and
diffuser can improve peak stage efficiency. Tamaki [8] tested centrifugal compressors with 11
differenet vaned diffusers in order to investigate change of surge flow rate with different diffuser throat
areas. Caser [9] proposed a method to judge whether the impeller and the vaned diffuser match,
which has been validated by comparison with a wide range of compressor designs from many sources.
Cumpsty [10] even believes that mismatching is a far more common cause of poor performance with
high pressure ratio machines than the diffuser details and the impeller vane shapes. However,
the above researches did not try to optimize the performance of the centrifugal compressor by
improving the matching of the vaned diffuser with the impeller.

This study, proposes an optimization method for centrifugal compressors based on 1D calculations
and analyses. The centrifugal compressor will first be analyzed by Single-Zone modeling based on the
iSIGHT platform to find the best geometric parameters. Then, the matching of the vaned diffuser with
the impeller will be examined, according to which the vaned diffuser is optimized. The low pressure
stage centrifugal compressor in a MW level gas turbine is optimized by this method.
After optimization, the entire stage performance is greatly improved.
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2. Review of Loss Model

In the past several decades, the empirical loss model for centrifugal compressor has been
persistently developed. Each loss model has one or more correlations. This section will review the loss
models in the literature.

2.1. Impeller Loss Model
2.1.1. Incidence Loss

Incidence loss is caused by the direction of the gas flow diffusing from the blade angle, which
greatly affects the compressor performance characteristics at off-design conditions. Galvas [1]
developed an equation assuming that the relative velocity component normal to the optimum incidence
angle is lost:

Ah ud Lz
inc = 1
Y ()
where:
Conard [11] suggested that:
WHl
Ahinc = >finc (3)

where [, is the incidence coefficient in the range of 0.5 to 0.7.

Aungier [2] also developed an equation for centrifugal compressors with an axial inlet.
The incidence loss is computed by:

le 2
A =04 ———) (4)

" sin B,
Equation (4) is applied at the hub, shroud, and mean surfaces.

2.1.2. Blade Loading Loss

Boundary layer growth in the impeller is highly dependent on the diffusion of the working fluid
internal to the impeller itself. Jansen [12] and Coppage [13] proposed an equation for calculating the
diffusion factor of the impeller:

0.75Ah, W,

WZ
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With the diffusion factor calculated by this method, the blade loading loss was expressed as:

2.2
Ahy, = O.OSDfu2 (6)

Aungier [2] suggested that the blade loading loss should be computed as the mixing loss derived
from the integrated difference between the average and the mass-averaged relative velocity squared for

the distorted profiles:

AW?
Ahbl = — (7)
48
where:
W= 2rdu,l,
71 3

2.1.3. Skin Friction Loss

Skin friction losses are due to shear forces in the boundary layer. The loss model given by

Jasen [12] is:

L (W
An, :2cf_—3 — | 9)
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The equation suggested by Aungier [2] is same as Equation (8), where:
— I/VIZ + VVZZ
wo= (13)

2



Energies 2015, 8 4321

2.1.4. Disk Friction Loss

This specific loss is due to the shear forces between the impeller back face and the stationary surface.
Daily and Nece [14] gave the correlation:

Ah, = f,—— 2 (14)

where £ is a friction factor depending on the Reynolds number.

Galvas [1] used another equation to calculate the loss:

M, =001356—2— 'y (15)

. 0. 22
mRe

2.1.5. Recirculation Loss

Recirculation loss results from the working fluid backflow into the impeller. The correlation
suggested by Rodgers [15] is:

l/l2 ’ 5
Ah =0.032] —= | u] (16)

C

ml

Jasen [12] suggested another equation to estimate the value of recirculation loss:

AN, =0.02D;\cot a1 (17)

Aungier [2] introduced the blade stall limit into the recirculation loss model to improve the previous
model at the low flow region:

D w
A :( A —1](—"2—2c0t,82j, if D >2 (18)
2 C “

m2

Oh [3] employed a hyperbolic function in the recirculation loss model:
A, =8x10" sinh(3.50,)D.U, (19)

Japikse [4] thought that prediction of the efficiency at flows of more than +15% or 20% away from
the design point was largely dominated by the empirical specification of the recirculation loss.
Therefore, the use of a “bucket” model was suggested to account for the additional loss in off-design
conditions. A “bucket” curve is a common approach that uses a piecewise parabola to fit the
recirculation loss value. The “bucket” model suggested by Japikse is presented as follows:

m

Ahre = ¢( —1)2 +b, ”22 (20)

design
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where ¢, and b, are empirical coefficients. The model consisted of two pieces of second order curves,

so the coefficient ¢, has two different values in different situations:

(

m
k., <1
design
c, = . 21
m
ks > 1
L m design

where &, and k, are empirical coefficients.

2.1.6. Clearance Loss

Significant flow leakage occurs through the gap between the impeller and the casing resulting from
the pressure difference between the pressure side and the suction side of the compressor.
The correlation for this loss was given by Jasen [12]:

Ay \(Ca | 4| AT [c j{C J
A = cl 02 hl 02 m2
ct fd( by J{ ) ] %ZUFZ_Fst)(H'pZ/pI) uy \ up (22

The equation given by Aungier [2] is:

mcl A]DCL

Ah, =—— (23)
mp

2.1.7. Mixing Loss

The correlation suggested by Johnston and Dean [16] is:

1 (1-¢-b) C
A = - e — (24)
l+tan” a, l-¢ 2

Aungier [2] gave another equation to compute the mixing loss:

s =L, wy

mix
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sep
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WZDeq . (25)
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2.2. Slip Factor

Due to the finite number of blades, the exit flow angle cannot be the same as the exit blade metal
angle. Slip factor is one of the methods used to model the flow deviation. The equation given by
Stodola [17] is:

_ TSIm o

pu=1- (26)
Z(l—c, cot B, /u,)

Weisner [18] reviewed the slip factor calculations and gave his own correlation based on the

\/cos
o=1-—">" 27)

ZO.7

analysis of a number of experiments:

Qiu [19] considered that the flow coefficient at the impeller exit was an important variable for the
slip factor and suggested a new slip model:

Frcos B, siny, Fs.9, (a’ﬂj
Z 4cos B, \dm ),

o=1

(28)

2.3. Vaneless Diffuser Loss Model

Stanitz [20] suggested an equation to calculate loss in the vaneless diffuser:

(7—1)/r (y—l)/r
P P
Ahvld =C T, (_3J _(_3} (29)
N Ry

2.4. Vaneless Diffuser Loss Model

Aungier [21] gave a set of equation to calculate the loss in the vaned diffuser. The loss was divided
in the vaned diffuser into the following types:

Incidence loss:

Ahvin = £\ 2 (30)
04 c-C+(c,-cf|  resq
Skin friction loss:
-2
CL,
Ah  =0.5 (€29)

vsf'
d
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Choking loss:
0 ; X <0
Ah,, =41 C;] 32
ol ==[0.05x + X7 ] ;X >0 (32)
4 U,
Discharge blockage friction loss:
2
1 C,
Ah, =— -C, (33)
2(1-B
Wake mixing loss:
1, , 5 \2
Ahvw :_(Cwake _QJMt) (34)

3. Validation of the Loss Model

From the above review, it can be seen that there are many loss models for centrifugal compressor,
some of which have two or more correlations. When a performance prediction is made, there are
hundreds of combinations to be selected. Before the 1D analysis is completed, an optimum loss model
should be chosen. A large number of researchers, including Galvas [1], Aungier [2], Oh [3], and
Doustmohammadi [22], among others, have determined an optimum set of loss models. However,
some critical factors have not been well considered. In this section, a new optimum set of loss models
will be suggested according to the experimental data.

HPCC is a typical and well-known centrifugal compressor with a vaned diffuser. Its main
specifications are shown in Table 1. Other information can be found in reference [23]. Its experimental
data will be used to find the optimum set of loss models. The validation will be divided into two parts
as follows: first, the loss model of the impeller and the vaneless diffuser will be discussed; then, the
loss model of the vaned diffuser will be examined.

Table 1. Main specifications of HPCC.

HPCC impeller
Inlet total temperature (K) 288.15
Inlet total pressure (Pa) 101,325
Rotation speed (rpm) 21,789
Mass flow (kg/s) 4.54
Pressure ratio 4

3.1. Validation of the Impeller and Vaneless Diffuser Loss Model

Two classical loss model combinations and the new loss model combination are shown in Table 2.
Figure 1 shows the performance predictions computed by these three combinations for a HPCC
impeller. It can see that the pressure ratio results of the new model are greatly improved at
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all rotational speeds, and the efficiency results of the new model also agree well with the
experimental data

Table 2. Loss model combination.

Losses Galvas Oh New
Incidence Galvas [1] Conrad [11] Aungier|2]
Skin friction Galvas [1] Jasen [12] Jasen [11]
Blade loading Coppage [12] Coppage [13] Coppage [13]
Clearance None Jasen [12] Jasen [12]
Mixing None Johnston and Dean [16] Johnston and Dean [16]
Disk Friction Galvas [12] Daily and Nece [14] Daily and Nece [14]
Recirculation Jasen [13] Oh [3] Japikse [4]
Slip factor Wiesner [18] Wiesner [18] Qiu [19]
Vaneless diffuser loss Stanitz [24] Stanitz [24] Stanitz [24]
4.8 T T T T T T T T T T 0.94 T T T T T T T
< Experiment_100%
uf £ EmmEU osge, | e
36T SEW 0.88 " \%E‘IE]
a2 "Q;E'E Q‘Qo

28 Experiment_100%
Experiment_90%
Experiment_80% |
Experiment_70%
Galvas

0.80 |- Oh

—- New

Total Pressure Ratio
Isentropic efficiency
&
>

24 082

20

L L ! L ! L L L ! ! L ! !
1.5 2.0 25 3.0 35 4.0 4.5 5.0 5.5 1.5 2.0 25 3.0 3.5 4.0 45 5.0 5.5
Mass Flow(kg/s) Mass Flow(kg/s)

Figure 1. Performance prediction of HPCC impeller with a vaneless diffuser.
3.2. Validation of the Vaned Diffuser Loss Model

The loss model combination given by Aungier [21] is used to calculate the loss in the vaned
diffuser. Comparisons of the 1D calculation results and the experiment data for the HPCC impeller
with vaned diffuser are shown in Figure 2. It can be seen that the 1D calculation results agree well with
the experimental data at 100% rotation speed. At off-design speeds and lower rotational speeds,
larger errors occur between the 1D result and the experimental data. At 60% rotation speed, the error is
greater than 20%. This may occur because the model proposed by Aungier is mainly aimed at the
design condition loss calculation. In this study, only the centrifugal compressor performance is
examined at the design condition using the 1D calculation, so the Aungier loss model meets
the requirement.
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Figure 2. Performance prediction of HPCC impeller with a vaned diffuser.
4. Optimization Results
4.1. Results of the 1D Optimization Calculations

The structure of a MW level gas turbine is shown in Figure 3. The low stage centrifugal compressor
is composed of an inlet guide vane, an impeller and a diffuser. Its geometric structure is shown in
Figure 4.

%:3\\\\ ) S High pressuri I —

Figure 3. Structure of a MW level gas turbine.

Figure 4. Geometric structure of a low stage centrifugal compressor.

The geometric parameters of the centrifugal compressor are considered to be design variables, and
the efficiency of the entire stage is considered to be the objective function. The optimization is completed
using iISIGHT commercial software by an adaptive simulated annealing algorithm. The optimization
procedure is shown in Figure 5. Figure 6 shows the optimization history, which shows a ladder-like
shape similar as the previous work which also used the ASA algorithm [24,25].
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Figure 6. Optimization history.

Table 3 shows the parameters comparison between the optimization design and the original design.
In both designs, the efficiency at the impeller outlet is very high, at nearly 95%. However, at the outlet
of the vaneless and vaned diffusers, the efficiency of the optimization design is much higher than in
the original design. This is because the diameter ratio D3/D:2 is too large in the original design,
resulting in a loss increase in the vaneless diffuser that decreases the efficiency of the entire stage.
In the optimization design, the diameter ratio D3/D: is reduced to a proper value, the loss in the
vaneless diffuser is significantly reduced, and the efficiency of the entire stage is obviously improved.

4.2. Redesign of the Vaned Diffuser

The 1D optimization results show that to improve the efficiency of a low pressure stage centrifugal
compressor, the diameter ratio D3/D> must be reduced. If D3/D: is reduced by moving the original
vaned diffuser toward the impeller, the throat area of the vaned diffuser will also decrease (as shown in
optimization design 1 in Figure 7). The reduction of the vaned diffuser throat area will lead to the
decrease of the vaned diffuser choke mass flow, which affect the matching of the diffuser and the
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impeller. To ensure that the performance of the entire stage will be improved after optimization, it is
necessary to analyze the matching of the impeller and the vaned diffuser.

Table 3. Parameters comparison between the optimization design and the original design.

Parameter Original Design Optimization Design
D, (m) 0.082 0.075
D, (m) 0.202 0.190
D, (m) 0.326 0.326
Lz (m) 0.08 0.075
b, (m) 0.0151 0.0158
D, (m) 0.44 0.3586
D, (m) 0.601 0.601
D3/D2 1.34 1.10

n, 94.87% 95.15%
n, 86.29% 92.63%
n, 81.09% 83.38

P

/—\
(a)

/ /7%
— T~ /\

(b) (©)

Figure 7. Geometric structure of the vaned diffuser: (a) Original design; (b) Optimization
design 1; (¢) Optimization design 2.

Caser [9] proposed a method to judge whether the impeller and the vaned diffuser match. If the
impeller and the vaned diffuser choke at the same time, the theoretical ratio of the impeller and the
diffuser throat areas is:

K—I(Dl]z R
| | M.
2 \n, (35)

n+l

(1+(K ~1) A, 2o

NN
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Michae thought that a high performance of the centrifugal compressor is to be achieved, the design
ratio of the impeller and the diffuser throat areas should be close to the theoretical value. In the original
design, as seen in Table 4, the ratio of design 4,/ 4™ to theoretical 4,/ 4 is 1.161.

Table 4. Ratio of the impeller and the diffuser throat areas.

Original design  Optimization design 1  Optimization design 2

(4 /4*)Mgn

(474

v/ theory

1..161 0.922 1.043

This indicates that the choke mass flow of the vaned diffuser is larger than the impeller and that the
impeller and the vaned diffuser do not match well. If the vaned diffuser is moved towards to the
impeller (as shown in optimization design 1), the ratio of design 4,/ 4™ to theoretical 4, / 4" is reduced
to 0.922. This leads to a sudden decrease of the throat area of the vaned diffuser, resulting in the
reduction of the choke mass flow of the entire stage, which does not meet the design requirements.
If the diameter ratio D3/D> needs to be reduced without a decrease of the choke mass flow, the vaned
diffuser should be redesigned. The original vaned diffuser is replaced by a tandem vaned diffuser.
Its geometric structure is shown in Figure 7 (as shown in optimization design 2). Using the tandem
diffuser, then the ratio of design 4 /4 and theoretical 4 /4 is reduced to 1.043, much close to 1.
This indicates that the impeller and diffuser match very well. The throat area of the vaned diffuser is
slightly larger than the impeller, which makes the choke mass flow of the optimization design remain
consistent with the original design.

The original design and optimization design 2 are simulated by a 3-D CFD code Numeca. The grids
are generated by AutoGrid. The grid number of the original design is 1,100,000 and the grid number of
optimization design 2 is 1,400,000. An S-A turbulence model is employed. The inlet total temperature,
total pressure and flow direction are given at the compressor inlet. A radial equilibrium equation is
used at the outlet and the no slip wall is defined for the hub, casing and blade surfaces. 1D calculations
are completed for comparison. The calculation results are shown in Figure 8.
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Figure 8. Performance map of original design and optimization design 2.
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Figure 9 shows the meridional streamline chart, which illustrates a large separation vortex in the
vaneless diffuser due to large diameter ratio D3/D: in the original design. The separation vortex in
the vaneless diffuser also deteriorates the flow condition at the vaned diffuser inlet, which resultes in
the large separation area in the vaned diffuser (Figure 10). In optimization design 2, as the diameter
ratio D3/D> decreases, the separation vortex disappears in the vaneless diffuser. The flow condition at
the vaned diffuser inlet is also improved too. Therefore, there is no longer a separation area in the
vaned diffuser.

90% span

(a) (b)

Figure 10. Streamline in the vaned diffuser at different span: (a) Original design;
(b) Optimization design 2.
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5. Conclusions

This paper presents an optimization design method for centrifugal compressors based on

one-dimensional calculations and analyses. It consists of two parts: (1) centrifugal compressor

geometry optimization based on one-dimensional calculations and (2) matching optimization of the

vaned diffuser with the radial compressor impeller based on the required throat area. A low pressure

stage

centrifugal compressor in a MW level gas turbine is optimized by the method. The conclusions

of the study are the follows:

(1

2

©)

A new set of loss model combinations is presented by reviewing the existing 1D loss models,
which contains loss models of the impeller, vaneless diffuser and vaned diffuser. At design
speeds, the 1D calculation results agree well with the experiment data; at off-design speeds,
especially at low speeds, there is large difference betweent the 1D calculation results and the
experiment data.

A low pressure stage centrifugal compressor in a MW level gas turbine is optimized by the 1D
optimization method based on the iSIGHT software. The optimization results show that too
large diameter ratio D3/D: is the main cause of low efficiency. The Numeca results also show
that there is a large vortex in the vaneless diffuser, which also validates the reliability of the 1D
calculation results.

The vaned diffuser is redesigned according to the 1D optimization results and the matching of
vaneless and vaned diffusers. The Numeca results show that the vortex in the vaneless diffuser
disappears in optimization design. After optimization, the entire stage pressure ratio is
increased by approximately 4%, and the efficiency is increased by approximately 2%.

Nomenclature

hub to shroud passage width

b ratio of vaneless diffuser inlet width to impeller exit width
B aerodynamic blockage

o skin friction coefficient

C absolute velocity

C, specific heat at constant pressure
C, absolute meridional velocity

C, absolute tangential velocity

d diameter

dp hydraulic diameter

D, diffusion factor

Ah, euler work

L, impeller flow length

L, axial length of impeller

m mass flow rate

U Impeller periphery velocity

w relative velocity



Energies 2015, 8§ 4332

number of blade

absolute flow angle

relative angle

flow coefficient

meridional inclination angle
Efficiency

m I R S w Q N

wake fraction of blade-to-blade space

62

U slip factor, =

620

P density

slip

o slip factor, o =1-

Subscripts

impeller inlet condition

impeller outlet condition
vaneless diffuser outlet condition
vaned diffuser outlet condition
meriditional direction

tangential direction

hub

shroud

= o 8 A W~

72]
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