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Abstract: The paper is concerned with water vapor condensation on vertical pipes. The vertical posi-
tion of pipes in a condenser is not discussed very often. Its application has a number of particularities
in terms of the numerical determination of heat transfer. In the first stage of this paper, the authors
focus on the experimental identification of heat transfer during vapor condensation on vertical pipes
with a diameter of 14.0 × 1.0 mm. The pipes are placed in a narrow channel and the steam flows
around them in a perpendicular direction. Two channel widths were tested, i.e., 20.0 and 24.0 mm.
In the second stage, numerical modelling (CFD) is used for a detailed identification of the vapor
velocity fields near the pipes. In the third stage, the results of the experimental measurements and
numerical modelling are compared with data published by various authors. There are studies in the
literature dealing with axial flow around vertical pipes; however, the associated results are based
on conditions which are distinct from those applied in our study. The outcome of this paper is the
specification of the heat transfer coefficient and the calculation formulas precisely describing the
studied condenser configuration.

Keywords: condensation; water vapor; heat exchanger; heat transfer; cross flow; vertical tubes

1. Introduction

Vapor condensation is a physical process used in many practical applications such as
the cooling systems of thermal or nuclear power plants, air conditioning units and other
heat exchange equipment [1]. Condensation can be defined as a phase change of a substance
from a gaseous to a liquid state. During this change, a large amount of energy is released in
the form of latent heat. The condensation process is very intense at the vapor–liquid phase
interface. The width of this interface ranges from 1 to 2 molecule diameters [2].

The first detailed description of condensation was provided by Wilhelm Nusselt
in his publication [3] in 1916, where he explained the gravitational principle of laminar
film condensation. Nusselt’s description was later modified by Sparrow [4], who took
into consideration the influence of a change in the momentum of the condensate on a
vertical surface due to gravity. Later, the character of the condensate film flow (laminar,
turbulent) started to be distinguished and the influence of shear stress in the gaseous
phase on the liquid interface was included, which causes deformation of the film and
undulation of its surface. This was mathematically described by, for example, Aktershev,
who examined [5] the influence of flowing gas on liquid films for both concurrent and
counter-current arrangements. In [6], Aktershev used the finite element method to describe
the formation of natural waves and identified the areas where the condensate film starts to
be unstable.

A literature survey revealed a considerable discrepancy between the number of studies
on water vapor condensation inside a vertical pipe and research on condensation on the
external side of vertical pipes. It is almost impossible to find relevant studies on this topic
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before 1980. What can be mentioned is, for example, a publication by Jacobs [7] which
showed that the inertia components of a liquid film have an insignificant influence, and
that the distribution of temperature across the film is linear.

In their publication [8], Fujii and Uehara dealt with the theory of a two-phase interface
for laminar membrane condensation according to Jacobs on the external surface. They also
proposed formulas for calculating the local Nusselt number. Winkler and Chen studied
the condensation of saturated and superheated vapor along an isothermal vertical board
in modes with the predominance of forced and free convection. The authors came to
the conclusion that the buoyancy force generated during condensation at the interface
considerably increases the shear stress and, to a lesser extent, also increases the heat flux
of the walls. Superheating pure vapor only causes a negligible increase in the heat flux
of the walls [9]. Their work formed the basis for Zhao et al. and their publication [10]
investigating the condensation of R134a coolant and the effects of superheating the coolant
on the condensation process. It emerged that a combination of convection and condensation
during vapor superheating decreases the condensation heat transfer. Chang [11] analysed
steady mixed convection of a condensate film running along an isothermal vertical pipe in
dry saturated vapor with forced flow. The results showed that the common assumption of
zero interface shear stress was not applicable to the case of forced vapor flow. Tong et al.
tested condensation on a vertical smooth pin-fin pipe with free convection. The experiment
showed better efficiency of the pin-fin pipe. The efficiency grew with greater undercooling
of the wall and with an increasing content of air in the water vapor [12]. This work was
followed up by Guangming et al. [13], who examined the difference between condensation
on a smooth and corrugated pipe. The result of the output measurement showed that the
difference in the heat transfer characteristics on the crest and trough was not significant
but, for pure vapor, the heat transfer coefficient for the corrugated pipe was 10% greater
than that for the smooth pipe. Studies of condensation on the external side of a vertical
pipe tested the states of stationary or slightly moving vapor.

This paper focuses on condensation on the external side of vertical pipes placed
in a narrow channel of a heat exchanger, where saturated vapor runs at an increased
speed against the pipes from the side, i.e., in a cross-like arrangement. The results will
be compared with the analytical relationships presented in the studies mentioned above
describing the condensation of stationary vapor on the external surface of vertical pipes.

2. Experiment

As part of this study, experiments were conducted to identify the heat flux and
condensation heat transfer coefficients on the external side of three vertical pipes inside a
narrow rectangular channel for different mass flow rates and, thus, different velocities of
vapor flow around a row of pipes.

2.1. Experimental Device

The testing section of the heat exchanger had a size of 300 × 300 mm and the basic
width of the flow channel in free space was 24 mm. In the reduced version of the flow
channel, the width was 20 mm. The exchanger was insulated with fiberglass to prevent
heat loss to the surroundings. The channel contained three stainless steel pipes with outer
diameters of 14.0 mm and wall thicknesses of 1.0 mm. The basic geometric dimensions are
shown in Figure 1 in a simplified diagram of the experimental device. Cooling water ran
inside the pipes and entered the upper part of the first pipe at the required temperature,
pressure, and flow rate (T3, p3 and

.
V3). The cooling water exited the lower part of the first

pipe with a measured temperature of T31 and was led into the lower part of the second pipe.
The cooling water exited the upper part of the second pipe with a measured temperature of
T32 and entered the upper part of the third pipe. The cooling water exited the third pipe
with a measured temperature and pressure of (T4, p4). The cooling water ran in a closed
loop, where there were, among other things, a circulation pump controlled by a frequency
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convertor and two plate exchangers transferring heat and controlling the cooling water
temperature at the inlet into the testing section (T3).
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Saturated water vapor was brought into the testing section from a steam generator. It
was possible to adjust the amount and temperature (pressure) of the steam being generated
since the steam generator also included a steam superheater (up to 700 ◦C), although this
was not used in the experiments. The vapor parameters measured at the inlet into the
testing section included temperature, pressure, and flow rate (T1, p1 and

.
M1). Condensate

with a measured temperature and pressure of T2, p2 was removed from the testing section,
together with non-condensed vapor, and taken into a condensate collection tank, which
also included an aftercooling loop.

The temperature at the key nodes of the experimental device (points 1, 2, 3 and 4) was
measured in two ways. The first (1) used type-T thermocouples, coated and ungrounded,
while the other one (2) used resistance temperature sensors (PT100). At points 31 and 32,
only the thermocouples of the type already mentioned were used. The pressure of the
water/water vapor was measured by the PXM 319 and Baumer TED6 pressure sensors.
The cooling water flow rate was measured by the Flomag 3000 induction flowmeter with a
convertor.

2.2. Analytical Model

To determine the condensation heat transfer coefficient on a pipe, we must know the
total heat transfer coefficient. This depends on the material and thickness of the pipe wall
and, primarily, on the intensity of the power transmitted. Due to the insulation of the heat
exchanger, the loss to the surroundings may be omitted. Not considering the heat loss to
the surroundings, the heat transferred on the vapor side must be equal to the heat absorbed
by the cooling water, based on the following relation

.
Q12 =

.
Q34 ⇐⇒

.
Q1 −

.
Q2 =

.
Q4 −

.
Q3 [W], (1)

where
.

Q34 is the cooling power, which is a function of the flow rate, pressure and the input
and output temperature of the cooling water

.
Q34 =

.
V3·ρ

(
p3 + p4

2
;

t3 + t4

2

)
·cp

(
p3 + p4

2
;

t3 + t4

2

)
·(t4 − t3) [W]. (2)

Heat transferred on the side of the vapor can be latent heat, released during the water
vapor condensation, or sensible heat, generated by the condensate film cooling down on
the pipes. In comparison with latent heat, sensible heat is negligible. The total amount of
condensed vapor can then be calculated from the power produced and the latent heat of
the phase transformation for the given temperatures according to Equation (3). The amount
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of condensate generated on each pipe can then be determined by substituting the proper
variables into this equation.

.
M2k =

.
Q34

i(p12; t1)− i(p12; t2)

[
kg·s−1

]
, (3)

The heat transfer from the condensing vapor into the pipe wall consists of convective heat
transfer and conduction. Considering the temperatures of the vapor and the condensate,
the radiation heat can be omitted. The total heat transfer coefficient is then given by
Equation [14].

kS =

.
Q34

n·L·∆Tln

[
W·m−1·K−1

]
, (4)

where n is the number of pipes, L [m] is the length of one pipe and ∆Tln [◦C] is the
logarithmic temperature gradient, which can be determined for the concurrent arrangement
of the exchanger as follows

∆Tln =
(t1 − t3)− (t2 − t4)

ln
(

t1−t3
t2−t4

) [◦C]. (5)

The calculation of the logarithmic temperature gradient in a concurrent arrangement can
be applied to the exchanger as a whole (all three rows) or separately to the first and third
row. When doing the calculation separately only for the second row, it is a counter current
arrangement, and the logarithmic temperature gradient is

∆Tln =
(t1 − t4)− (t2 − t3)

ln
(

t1−t4
t2−t3

) [◦C]. (6)

After identifying the total heat transfer coefficient, it is possible to find the value of the con-
densation heat transfer coefficient on the external side of a vertical pipe by Equation (7) [13]

α1 =
1

2·π·r1·
[

1
kS
− 1

2·π·α2·r2
− 1

2·π·λS
· ln
(

r2
r1

)] [
W·m−2·K−1

]
, (7)

where α2 is the inner coefficient of heat transfer between the cooling water and the pipe
wall and λS is the coefficient of the thermal conductivity of the pipe wall; for stainless
steel, this value is 15.00

[
W·m−1·K−1

]
. To calculate this heat transfer coefficient, equations

for forced convection in a pipe for a liquid medium were used. For each pipe, the mean
heat transfer coefficient on the cooling water side is calculated. The main criterion for
determining the flow rate mode is the Reynolds number, given by the equation

Re =
w2·d2

ν
[−], (8)

where w2
[
m·s−1] is the cooling water flow velocity, determined from the measured volu-

metric flow rate by Equation (9), and ν
[
m2·s−1] is the kinematic viscosity of the cooling

water, which is a function of mean temperatures and pressures for the particular pipe.

.
V3 =

.
V4 = S2·w2 ⇒ w2 =

4·
.

V3

π·d2

[
m·s−1

]
, (9)

ν = f
(

p3 + p4

2
;

t3 + t4

2

) [
m2·s−1

]
. (10)
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In the experiments, the Reynolds number values were in turbulent flow mode. Therefore, a
criterion equation for the Nusselt number was used for forced convection inside a circular
pipe in the turbulent flow mode by the Dittus-Boelter equation, as follows [14]

NuD = 0.023·Re0.8
D ·Pr0.4 [−]. (11)

The Nusselt number yields the sensible heat transfer coefficient via Equation (12). In the
calculation, the heat transfer coefficient is assumed to be constant.

α2 =
NuD·λ2

d2

[
W·m−2·K−1

]
. (12)

2.3. Experimental Setup

This manuscript will present the key quantities from the experiments conducted, the
total number of which was 39 in stable conditions. This means that, in each experiment,
first the required quantities, described below, were set, all the measured quantities were
stabilised and then at least a ten-minute measurement was performed, based on which the
average values were calculated. The average values represent at least 620 values of each
measured and subsequently evaluated quantity.

On the side of the vapor, a required amount of vapor was set for the atmospheric
pressure, which was 103.9 ± 7.7 kPa (a) on average throughout all the experiments, and
the corresponding saturation temperature, which was 100.3 ± 2.0 ◦C throughout all the
experiments. The required amount of vapor (

.
M1) based on the width of the channel was

(a) 24 mm channel: 10; 12; 15; 20; 25; 30 and 35 kg·h−1, which corresponds to the vapor
velocity range, in front of the first testing pipe, from 0.67 to 1.96 m·s−1.

(b) 20 mm channel: 10; 12; 15; 20; 25 and 30 kg·h−1, which corresponds to the vapor
velocity range, in front of the first testing pipe, from 0.81 to 2.32 m·s−1.

On the cooling water side, its volumetric flow rate (
.

V3) was set, which had to be within
the range of 7.5 ± 0.1 L·min−1. Throughout all the experiments, its average value was
7.51 ± 0.05 L·min−1. Thanks to this, the experiments were carried out under approximately
equal conditions; the average value of the Reynolds number on the cooling water side,
with all the experiments included, was 22,623 ± 3029 and the average value of the Nusselt
number was 104.4 ± 6.6, without distinguishing the required temperature of the cooling
water at the inlet into the exchanger. For all the required vapor mass flow rates, three
temperature levels were tested of the cooling water at the inlet into the exchanger (T3), in
particular 30, 40 and 50 ◦C, with a permissible deviation of up to ±1.0 ◦C. The resulting
average temperatures of the cooling water at the inlet into the exchanger were 30.5 ± 0.2 ◦C,
40.1 ± 0.2 ◦C and 50.0 ± 0.1 ◦C.

3. Results and Comparison
3.1. Results of the Experiments

The presented results were determined based on the mean value of the data set
measured for each condition described in Section 2.3. The condensation heat transfer
coefficient depends on the condensing power transferred in the heat exchanger. The graph
in Figure 2 shows the development of the power transferred during condensation for
the input cooling water temperatures of 30, 40 and 50 ◦C (blue, orange and red colour)
and for the conditions with a regular channel (24 mm: full points and continuous curve)
and with a reduced channel (20 mm: empty points and dashed curve). The graph clearly
indicates that the channel width was relatively negligible, and that the deviations fell within
statistical errors. The input cooling water temperature had a non-negligible effect. The
lower the cooling water temperature, the higher the heat flow in the exchanger. By reducing
the cooling water temperature by 20 ◦C, the output of the heat exchanger increased by
approx. 25% on average. It is apparent from the graph that the output of the exchanger
increased with the velocity of the vapor very slowly, which indicates that increasing the
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vapor flow rate and thus increasing the velocity of the vapor flow along the pipes had a
negligible effect on the power transferred. Only when the vapor mass flow rate was reduced
below 12 kg·h−1 did the output of the exchanger start to decrease for lower cooling water
temperatures, because almost all the vapor in the exchanger condensed and, therefore, the
power transferred was a function of the vapor mass flow rate. It can be assumed, based on
this trend, that the influence of the input cooling water temperature started to be negligible
below a vapor flow rate of 10 kg·h−1.
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The power transfers in the exchanger are supplemented by the logarithmic tempera-
ture gradient values for each mode shown in Figure 3. The figure clearly shows that the
logarithmic temperature gradient copies the development of the power transferred, and
that the developments are almost constant in the vapor flow rate interval from 12 kg·h−1

to 30 kg·h−1. Below a water vapor flow rate of 12 kg·h−1, and for the input cooling water
temperature of 30 ◦C, a slight increase occurs due to a decrease in the output of the ex-
changer, and thus, less heating of the cooling water occurs. Above 30 kg·h−1 of the water
vapor, the logarithmic temperature gradient increases again. This is caused by an increase
in the pressure inside the exchanger due to the mass flow rate being too high and thus the
saturation vapor temperature increasing.
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Based on the identification of the power transferred and the heat transfer coefficients,
the condensation coefficient of heat transfer on the external side of the pipes can be derived
from Equation (7). Its values are shown in Figure 4. For the particular geometry of the
exchanger, it holds that with a higher vapor mass flow rate, and thus, its higher velocity, the
condensation heat transfer coefficient increases. This is true up to a flow rate of 25 kg·h−1,
where the maximum is reached, and with a further increase in the vapor mass flow rate, it
starts decreasing.
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Figure 4. Developments of the condensation heat transfer coefficient (HTC) in the exchanger for
different input cooling water temperatures.

Considering this fact and taking into account the power transferred, it can be stated
that the optimum water vapor flow rate for this exchanger geometry is 25 kg·h−1. The
graph shows that the highest values for each condition measured are reached in the mode
with an input cooling water temperature of 30 ◦C. With the temperature increasing, the
condensation heat transfer coefficient decreases. This trend applies to the presented interval
of the vapor mass flow rate ranging from 12.5 kg·h−1 to 35 kg·h−1. Below 12.5 kg·h−1 of
vapor, with the input cooling water temperatures being 30 ◦C and 40 ◦C, the condensation
heat transfer coefficient starts to decline rapidly; below this flow rate, it holds that with the
cooling water temperature increasing, the condensation heat transfer coefficient increases.
This is caused by the output of the exchanger decreasing, as shown in Figure 2. When com-
paring the wider and the narrower channels, one comes to the conclusion that the width of
the channel plays a negligible role. Only with the vapor mass flow rate exceeding 25 kg·h−1

does the condensation heat transfer coefficient reach higher values in the narrower channel
than in the wider channel. The difference between heat transfer in the narrower channel
and in the wider one is around 5%. Below a vapor flow rate of 25 kg·h−1, the behaviour of
the condensation heat transfer coefficients is very similar for both channel widths.

3.2. Steam Flow Identification by Computational Modeling

For a detailed identification of 3D velocity fields and pressure fields in the studied
exchanger, numerical modelling was used based on the finite volume method (FEM). The
geometry of the channel with a width of 24.0 mm with three vertical pipes, shown in
Figure 1, was accurately transformed into a structured computational network formed
by hexagonal control volumes. Smaller control volumes are used near the surface of the
vertical pipes. Larger control volumes are used in the space between the pipes. This enables
an accurate and rapid simulation to be generated of the flow situations around the pipes.

The Simcenter STAR-CCM+ commercial SW package was used for this purpose. Equa-
tions respecting the laws of conservation of matter, energy and momentum form the basis of
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the computational algorithms used. The calculation was performed for a compressible tur-
bulent water vapor flow. The K-omega SST turbulence model was used as a suitable model
to obtain a correct description of processes near solid surfaces. The static enthalpy thermal
model was used in the computational solution of the energy transformation balance.

The INLET boundary condition is assigned to the surface through which the vapor
enters the computational area. On this surface, an input vapor flow velocity was set
ensuring the required vapor mass flow at a given temperature and pressure. The PRESSURE
boundary condition was assigned to the wall of the model through which the vapor leaves
the area. On this wall, a value of static pressure was determined from the experimental
measurements conducted. The vapor velocity field in the studied channel was significantly
affected by vapor condensation on the surface of the vertical pipes being cooled down. A
detailed inclusion of the condensation process in the computational model is a task that is
very difficult in terms of the solver setup and places enormous demands on the computing
time. The main problem of such a solution is the vapor phase change and the subsequent
flow of liquid with a free surface. In this study, a simplified approach without the phase
change was applied in order to include the influence of condensation on the vapor velocity
field. In the first step, the amount of condensing vapor was analytically calculated. In the
second step, the computational model was set so that the same amount of vapor would be
virtually “sucked out” through the walls of the heat exchanger pipes in the model. With
such simplification, it is not necessary to deal with the water phase change and, at the same
time, the effect of the condensation process on the vapor velocity field is taken into account.

The computational model was used for a parametric study including seven vapor
mass flow rate conditions corresponding to the conducted experiments. The results of the
numerical calculations are shown as velocity fields in Figure 5. All the cases shown include
a non-narrowed channel with a width of 24 mm and a cooling water temperature at the
inlet into the first pipe of 30 ◦C, on average. The experimental data in the analytical model
were used to determine the amount of vapor condensing on each pipe.
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Figure 6 shows the vapor flow velocities that were evaluated in detail in the distance
of one tenth of the pipe diameter (i.e., 1.4 mm from the pipe wall). The development
of the velocities clearly shows that the highest vapor flow velocity occurs on the first
pipe, while on the other pipes, the velocity decreases. This is caused by continuous vapor
condensation. The figure shows that the flow velocity is not the same along the perimeter.
There are areas with a high flow velocity (sides of the pipe—points 16, 1, 10 and 9) and areas
with almost zero flow (the thrust side and the rear side of the pipe—points 3 to 7). This
means that the condensation flow along the pipe perimeter is not constant, and there are
significant differences. Additionally, the real size of the heat exchange surface, where heat
transfer occurs, will be smaller than the total area of the pipes. This phenomenon is then
probably the reason why there was an optimal mass flow rate for this exchanger geometry,
as mentioned in the comment on Figure 4. With a mass flow rate of 25 kg·h−1, the ratio
between the flow velocity and the real size of the heat exchanging surface was optimal.
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Figure 6. Vapor flow velocities at a distance of one tenth of the pipe diameter (i.e., 1.4 mm from
the pipe wall), depending on the input vapor mass flow rate. (a) Velocity field around pipe 1,
(b) positions of points (1–16) around the pipe perimeter, (c) velocity field around pipe 2, (d) velocity
field around pipe 3.
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Generally, the velocity of saturated vapor flowing in a channel with the mass flow rate
.

Mi
[
kg·s−1] on the surface Si

[
m2] can be determined as

wi =

.
Mi

Si·ρv

[
m·s−1

]
. (13)

When comparing the vapor velocity in front of the pipe from the analytical model and the
average velocity determined by the velocities at the points (1–16) around the pipe based on
Figure 6, the relative deviation (error) between these velocities ranges from −17% to 22%.
The situation is similar when comparing the median value of the velocities at the points
(1–16) and the analytically calculated value, where the deviations range from −49% to 24%.
This means that there is no direct correlation between the average velocity around the pipe
and the velocity in front of the pipe.

Figure 6 clearly shows the maximum velocities at points 16, 1, 10 and 9 for all three
pipes. At the same time, the analytical model can be used to calculate the maximum velocity
at the narrowest point around the pipe. What is unknown, however, is the amount of vapor
that condenses on the front part of the pipe in front of the narrowest point. This is why a
parametric study was conducted aiming to determine the real amount of vapor flowing
through the narrowest point, as follows:

.
Mi =

.
Mp − x·

.
Mk

[
kg·s−1

]
, (14)

where
.

Mp is the vapor mass flow rate in front of the pipe,
.

Mk is the condensed vapor mass
flow rate on the given pipe and x takes into account the amount of condensed vapor in
front of the narrowest point. Figure 7 shows the relative error of the maximum velocity
determined from the CFD model (the average value of the points 16, 1, 10 and 9) and
the maximum velocity based on Equations (13) and (14), where the error was determined
as follows:

relative error =
wCFD(16,1,10,9) − w

max(x·
.

Mk)

wCFD(16,1,10,9)
·100 [%]. (15)
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Figure 7. Relative error of the maximum velocity at the narrowest point around the pipe determined
using the CFD model and the analytical model.

Figure 7 clearly shows that the largest deviations occur at the lowest velocities for
x = 0.00, i.e., no vapor condenses in front of the narrowest point, and for x = 1.00, i.e.,
all the vapor condenses in front of the narrowest point. The optimal value appears to be
x = 0.33, i.e., one third of the vapor condenses in front of the narrowest point and the
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average error calculated from the absolute values of the relative error is 7.4%. For x = 0.25,
the average error calculated from the absolute values reaches 9.6%, and for x = 0.50, it
is 9.1%.

3.3. Comparison with Other Studies

The following subchapter offers a comparison of the results with other studies. As was
mentioned in the introduction, there are not many relevant studies on pure water vapor
condensation on the external side of a vertical pipe. For comparison, relevant analytical
relationships by four authors were selected as models S1, S2, S3 and S4.

3.3.1. Model S1

In his paper from 1916 [3], Nusselt published a formula for calculating the Nusselt
number. He derived the gravitational theory for laminar film. His formula is as follows:

Nu1,S1 = 0.729·

 g·r·d3
1·
(

ρ f − ρv

)
ν f ·λ f (T1 − TS1)

1/4

[−], (16)

where d [m] is the pipe diameter and g = 9.81
[
m·s−2] is gravitational acceleration. The

mean thermal conductivity of the condensate is determined in relation to the mean tem-
perature of the condensate given by the condensation temperature, t1 [◦C], and by the
temperature of the pipe wall, tS1 [

◦C], which is determined by Equation (18),

λ f = f
[

psat(t1);
t1 + tS1

2

] [
W·m−1·K−1

]
, (17)

with the temperature of the pipe wall, tS1 [
◦C], being based on the heat flow and resistance

to heat conduction as:

TS1 = T1 −
.

QS
π·d1·L·n·α1

[K], (18)

the density of the saturated condensate being determined as

ρ f = f (t1; x = 0)
[
kg·m−3

]
, (19)

the density of the saturated vapor being determined as

ρv = f (t1; x = 1)
[
kg·m−3

]
, (20)

the condensation (vaporisation) heat of the condensate being determined as

r = i(t1; x = 1)− i(t1; x = 0)
[
J·kg−1

]
, (21)

and the kinematic viscosity of the condensate being determined as a ratio of dynamic
viscosity to the density determined in relation to the mean condensate temperature

ν f =
µ f

ρ f
= f

[
psat(t1);

t1 + tS1

2

] [
m2·s−1

]
. (22)

The coefficient of heat transfer on the external side of the pipe can then be calculated from
the Nusselt number as

α1,S1 =
Nu·λ f

d1

[
W·m−2·K−1

]
(23)



Energies 2022, 15, 5636 12 of 16

3.3.2. Model S2

Nusselt was followed up by Rohsenow‘s publication [15], where the original Nusselt’s
formula was slightly modified, as follows:

Nu1,S2 = 0.707·
[

g·r·d3
1·ρ f

ν f ·λ f ·(T1 − TS1)

] 1
4

[−] (24)

and the coefficient of heat transfer on the external wall can be expressed from the Nusselt
number using Equation (23).

3.3.3. Model S3

In his paper [14], Incropera published a formula for the direct calculation of the heat
transfer coefficient, as follows:

α1,S3 = 0.943·

λ3
f ·
(

ρ1 f − ρ1v

)
·r·g

ν f ·∆t·h

0,25 [
W·m−2·K−1

]
, (25)

where the characteristic dimension h [m] corresponds to the height of the pipe (channel).

3.3.4. Model S4

The last study being compared is that by Chang [11], which analysed the steady mixed
convection of a condensate film running along an isometric vertical pipe in dry saturated
vapor with forced flow. In this publication, Chang proposed a formula for the Nusselt
number, which uses the Reynolds, Prandtl, Grashof and Jacob numbers as follows:

Nu1,S4 =
4

1
4 ·ξ 1

2 ·K·
(

1 +
Pr f

4·K4·ξ2·Ja

) 1
4

(
Gr
4

)− 1
4

[−], (26)

where

K = 0.45·
(

1.2 +
Pr f

Ja

) 1
3

[−], (27)

ξ =
Rev,max

Gr1/2 [−], (28)

Gr =
gd3

1
νv2 [−], (29)

Ja =
cp, f ·(T1 − TS1)

r
[−], (30)

Rev,max =
w1max·d1

νv
[−].. (31)

The Reynolds number is calculated with the maximum velocity, which is reached in the
heat exchanger in question between the heat exchanger and pipe walls. The velocity is
calculated as:

w1max =
ST ·w1

ST − d1

[
m·s−1

]
(32)

ST =
d1

2
+

b
2

[m] (33)

where b [m] is the width of the free channel.
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3.3.5. Comparing the Models with the Experimental Results

Figure 8 shows a comparison of the models with the condensation heat transfer
coefficient determined in the experiments. The points of models S1 to S4 were derived
based on the relevant states measured. The developments do not take into account the
temperature of the cooling water entering the first pipe of the exchanger or the width of
the channel, since their effects are negligible. The graph also shows the bands of error,
specifically, ±30%.
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Figure 8 clearly shows fairly good agreement with model S3, which is the only one that
does not take into account the diameter of the pipe on which the water vapor condenses
but does factor in the height of the heat exchanging surface. Table 1 presents the basic
statistical data from the comparison of the models. In particular, the average error, i.e., in
the case of the best agreement with model S3, the experimental values are 14.7% lower and
the average value band (standard deviation of error) is ±14.4%p (of a percentage point).

Table 1. Statistical evaluation of each variant.

Model Average Error [%] Standard Deviation [%p]

S1 −131.3 ±28.5
S2 −121.9 ±27.3
S3 −14.7 ±14.4

S4—a 23.4 ±19.3
S4—b 34.1 ±19.5
S4—c 45.3 ±13.2
S4—d 53.6 ±13.1

Figure 8 shows variant ”a” for model S4 and Table 1, and offers a comparison of the
other three variants. Although model S4 takes into account the vapor flow velocity, several
variants were tested. In particular,

(a) The basic variant when the authors calculate the Reynolds number from the maximum
velocity; see Equation (31). The maximum velocity is determined on the basis of the
pipe bundle geometry (spacing of the pipes/row), where, in our case, another adjacent
pipe is the channel wall. The velocity considered in this variant is that in front of the
first pipe.

(b) Another variant is the mean value of the vapor velocity in front of all the three pipes,
i.e., the average value of the vapor velocity in front of the first, second and third
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pipes. This value is then adjusted as in the previous variant, i.e., it is substituted into
Equation (32) and then into Equation (31).

(c) Based on Equations (13) and (14), the maximum velocity at the narrowest point around
the first pipe is determined. The amount of condensed vapor in front of the narrow
section is x = 0.33. This velocity is directly substituted into the calculation of the
maximum Reynolds number in Equation (31).

(d) As in the previous variant, the maximum vapor velocity is calculated at the first,
second and third pipes, and these values are used to calculate the average maximum
velocity. This velocity is directly substituted into the calculation of the maximum
Reynolds number in Equation (31).

The different variants of model S4 are compared in Figure 9, which clearly shows the
systematic shifting of the variants in relation to each other. Based on Table 1, the most
suitable way of calculating model S4 is with variant “a”, which is, nevertheless, worse than
model S3.

Energies 2022, 15, x FOR PEER REVIEW 14 of 16 
 

 

velocity. This velocity is directly substituted into the calculation of the maximum 
Reynolds number in Equation (31). 

The different variants of model S4 are compared in Figure 9, which clearly shows the sys-
tematic shifting of the variants in relation to each other. Based on Table 1, the most suitable 
way of calculating model S4 is with variant “a”, which is, nevertheless, worse than model 
S3. 

 
Figure 9. Comparison of the variants of calculating model S4. 

4. Conclusions 
The paper was focused on the condensation of water vapor on vertical pipes. To iden-

tify the condensation heat transfer coefficient, a series of experiments was performed in a 
heat exchanger with condensation on the external side of the vertical pipes. The tubes 
were placed in a narrow channel simulating a normal tube bundle with a free gap at the 
narrowest width of 3.0 or 5.0 mm between the tube and the channel wall. The steam 
flowed in a crosswise direction around the vertical pipe. The influence of the input pa-
rameters on the resulting heat transfer can be summarised as follows, based on the exper-
imental results: 
(a) The width of the channel is negligible, and deviations fall within the statistical error 

margins. 
(b) The heat flow in the exchanger increases with a decreasing input temperature of the 

cooling water. By decreasing the temperature of the cooling water by 20 °C, the out-
put of the exchanger increases by approx. 25%, on average. 

(c) At the moment when not all the vapor condenses in the exchanger, the influence of 
the vapor velocity at the inlet into the exchanger decreases. 

(d) It holds for the particular exchanger geometry that with a higher vapor mass flow 
rate, and thus, a higher velocity, the condensation heat transfer coefficient also in-
creases up to a flow rate of 25 kg∙h−1, where the maximum is reached; with a further 
increase in the flow rate, it starts decreasing. 
The CFD simulation showed that the vapor flow velocity is not the same along the 

pipe perimeter, but there are areas with a high flow velocity and areas with almost zero 
flow (the thrust side and the rear side of the pipe). This is why the condensation flow is 
not constant along the pipe perimeter, and the effect of optimal operational vapor flow 
rate occurs here, which, for the particular geometry, corresponds to 25 kg∙h−1, at which the 
best ratio is achieved between the flow velocity and the real size of the heat exchanging 
surface, which is smaller than the theoretical area size given by the pipe shell. 

In the final stage of the research, a comparison was made of the obtained results and 
those presented in studies by other authors. The studies do not directly deal with the cross 

Figure 9. Comparison of the variants of calculating model S4.

4. Conclusions

The paper was focused on the condensation of water vapor on vertical pipes. To
identify the condensation heat transfer coefficient, a series of experiments was performed
in a heat exchanger with condensation on the external side of the vertical pipes. The tubes
were placed in a narrow channel simulating a normal tube bundle with a free gap at the
narrowest width of 3.0 or 5.0 mm between the tube and the channel wall. The steam flowed
in a crosswise direction around the vertical pipe. The influence of the input parameters on
the resulting heat transfer can be summarised as follows, based on the experimental results:

(a) The width of the channel is negligible, and deviations fall within the statistical er-
ror margins.

(b) The heat flow in the exchanger increases with a decreasing input temperature of the
cooling water. By decreasing the temperature of the cooling water by 20 ◦C, the output
of the exchanger increases by approx. 25%, on average.

(c) At the moment when not all the vapor condenses in the exchanger, the influence of
the vapor velocity at the inlet into the exchanger decreases.

(d) It holds for the particular exchanger geometry that with a higher vapor mass flow rate,
and thus, a higher velocity, the condensation heat transfer coefficient also increases
up to a flow rate of 25 kg·h−1, where the maximum is reached; with a further increase
in the flow rate, it starts decreasing.

The CFD simulation showed that the vapor flow velocity is not the same along the
pipe perimeter, but there are areas with a high flow velocity and areas with almost zero
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flow (the thrust side and the rear side of the pipe). This is why the condensation flow is not
constant along the pipe perimeter, and the effect of optimal operational vapor flow rate
occurs here, which, for the particular geometry, corresponds to 25 kg·h−1, at which the best
ratio is achieved between the flow velocity and the real size of the heat exchanging surface,
which is smaller than the theoretical area size given by the pipe shell.

In the final stage of the research, a comparison was made of the obtained results and
those presented in studies by other authors. The studies do not directly deal with the cross
flow of steam in the vicinity of a vertical pipe, but rather, with the condensation of steam
on a vertical pipe with an ambiguous flow direction, i.e., in a larger space. The aim was to
quantify the difference between the analytical relationships for vapor condensation on a
vertical pipe and the results of an experiment with condensation of vapor on vertical pipes
in a narrow channel. The best agreement between the analytical part and the experiment
occurred for the formula by Incropera, who presents a direct calculation of the coefficient of
stationary vapor heat transfer on the external side of a vertical pipe where the characteristic
dimension is the pipe height. The average difference between the condensation heat transfer
coefficient value obtained experimentally and the one determined analytically is −14.4%
in favour of the analytical model. In the case of the Nusselt and Rohsenow model, which
corrected Nusselt’s model, the results of the analytical models were at a similar level, but
roughly twice higher than the results from the experiments. The last comparative study
was by Chang. In this study, the velocity of the steam around the pipes was taken into
account, but the results of the analytical model were one-third to one-half lower compared
to the experimental results according to the applied steam flowing velocity. Although
there was a good agreement for some conditions, it was not possible to draw a universal
conclusion from them, nor to correct the semi-empirical relationships. After analysing the
individual models, Incroper’s model can be recommended for this type of heat exchanger.
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Nomenclature
cp specific heat capacity, J·kg−1·K−1

d tube diameter, m
g gravity acceleration, m·s−2

Gr Grashof number, -
∆hc latent heat of condensation, J·kg−1

i Enthalpy, J·kg−1

Ja Jacob number, -
kc overall HTC, W·m−1·K−1

L characteristic length, m
.

M Mass flow rate, kg·s−1

Nu Nusselt number, -
p absolute pressure, Pa
Pr Prandtl number
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.
Q heat transferred, W
Re Reynolds number, -
t temperature, ◦C
T temperature, K
.

V Volume flow rate, m3·s−1

w speed, m·s−1

Greek letters
α HTC, W·m−2·K−1

η dynamic viscosity, Pa·s
λ thermal conductivity, W·m−1·K−1

ν kinematic viscosity, m2·s−1

ρ density, kg·m−3
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